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UNIVERSITY OF SOUTHAMPTON
ABSTRACT

FACULTY OF ENGINEERING AND THE ENVIRONEMENT
Institute of Sound and Vibration Research

Doctor of Philosophy

ACTIVE CONTROL OF THE ACOUSTIC ENVIRONMENT
IN AN AUTOMOBILE CABIN

by Jordan Cheer

The acoustic environment in an automobile cabin has a signifieffect on the perceived
quality of the vehicle. There are two components of the atoasvironment in the automobile
cabin: the noise due to automotive processes and the soaddgad by the car audio system.
In both cases active methods can be employed to improve thestc environment and this
thesis presents an investigation of both active controlutbraotive noise and active sound
reproduction systems in cars.

In the context of active noise control, cost-effective eys$ are investigated for the control
of both engine noise and road noise. A model of structuraisiic coupling is first derived
and the effects of coupling on the performance of feedfodveard feedback controllers is in-
vestigated. Feedforward control has been highlighted astaaffective method of controlling
engine noise. In order to achieve low-cost active controloaid noise, however, a number
of multi-source, multi-sensor feedback active noise abrgystems are investigated. A modal
feedback control system is investigated and shown to offgiifcant levels of control of a
single dominant resonance. In general, however, a fullytirmput multi-output (MIMO)
feedback controller is necessary to achieve control of thkijphe resonances present in a road
noise disturbance. Measurements have been conducted iallec#igncar to validate the pro-
posed MIMO feedback controller and a real-time feedforwergine order control system has
been implemented.

Active control of sound reproduction has also been invagtid) with the aim of producing
independent listening zones in the front and rear seatseo&titomobile cabin. Simulations
have first been used to investigate the effect of implemgrdirpersonal audio system in a
car cabin and to compare the performance of acoustic cominasleast squares optimisation
strategies. In order to achieve control of the sound field thesfull audio bandwidth two arrays
are implemented, one employing the four standard car aodidspeakers and one employing
phase-shift loudspeakers mounted to the headrests. Tloemance of the system is validated
using a real-time implementation in a people carrier.
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Chapter 1

Introduction

1.1 The Acoustic Environment in an Automobile Cabin and its
Control

The acoustic environment within a car cabin can be sepaiatedwo main aspects: excitation
by noise due to automotive processes, such as powertraith,ared wind noise, and the repro-
duction of audio signals from the car audio system. Althoumgeneral the former excitation
is unwanted and is described as “noise” and the latter eiarités deliberate and described
as “entertainment”, this distinction is not always a cleae.oln both of these areas there has
been an increasing acknowledgement that the perceived spuatity plays a significant role in
consumer preference and, therefore, the success of thi @aBJ. For example, the quality of
the engine noise in some sports cars is certainly seen ang smint. This acknowledgment
has led to significant interest and, therefore, advancestimdreas of research.

Although passive acoustic treatments remain dominaneimgtiuction of automotive noise
[4], there has been considerable interest in active noiseataneasuresy]. This interest has
recently been driven by the need to improve the fuel effigiasforehicles through the use of
economical engine designs and by reducing the vehicle’'ghweiFor example, economical
engine designs such as variable displacement, which yspadirates by deactivating a num-
ber of cylinders §], result in increased low frequency noise due to the use oWail number
of cylinders and their application is often limited by theceptable limits of noise, vibration
and harshnesd]. Similarly, reducing the weight of a vehicle also resuitsricreased low fre-
guency noise. These increases in low frequency noise dieuttito control using lightweight
passive measures, and since active noise control systemsost effective at low frequencies
and may be implemented within a car with relatively littleri@ase in weight, they offer a con-
venient complementary solution. Additionally, activesetontrol systems offer the ability for
the noise control to be adaptive, which is important withiia automobile application where
the acoustic disturbance is potentially widely variabld additionally the manufacturers may
want a different acoustic environment in different moddlghe same car. The application of
active noise control to road vehicles has been investigiaiedver 20 years§] and a wide
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variety of systems have been proposed to control both @laahd engine noise].

Recent developments in car audio systems relate to botloiraprents in the sound quality
and additional functionality. One area of research thatskas interest for an extended period
is frequency response equalisation. An early example isithiple-point equalisation strategy
presented and investigated in the context of a car cabid sizelosure by Elliott and Nelson in
1989 [L0] and this work was extended through practical demonstrdtyoElliott et alin [11]. A
more recent example, which develops the ideas presenteliidity &d Nelson, is presented by
Cariniet alin [12]. In addition to the correction of the car audio system'gjfrency response
through equalisation, there has recently been efforts teecbthe spatial response in order
to compensate for the less than ideal off-centre listeniogjtipns and thus improve stereo
imaging [L3]; this is achieved through the use of all-pass filters im@eting a frequency
dependent phase shift.

In terms of functionality there are a number of areas whezértitar entertainment system
has been enhanced over recent yed#. [These can mainly be related to the introduction of
flat panel displays to the car, which allow occupants to wagbdvision and DVDs or play
video games; however, coupled with improvements in telenanication technologies, in-
creased functionality extends to video conferencing aedtitential of mobile internet audio
in the car [L5]. In terms of the car audio system, these developments leavioIthe desire to
implement virtual surround sound systems within the caimcpb] and personalised rear seat
entertainmentl6, 17).

Active noise control and audio reproduction within the cavienment are potentially
complimentary technologies, because of the influence thgihe and road noise in a vehicle
has on the perceived quality of the car audio syst&8 19]. At low frequencies, in partic-
ular, where the automotive noises are generally predomii2®h significant masking of the
reproduced audio may result in inaudible or perceptiblyvenebass reproductiori]. Since
the nature of the automotive noise is not constant, thislpnolzannot be resolved using fixed
equalisation strategies and, therefore, it has been il that improved audio quality may
be achieved through the use of active noise reduction of@ative noise. This has been taken
a step further in the work presented by Waatgal [21], who have presented a system that
combines an active engine noise control strategy with aifodaass enhancement system.

The connection between active noise control and audio dejtion does not end at their
potential complementary nature within the car cabin, butialmer of audio systems, such as
virtual surround sound reproduction, rely on similar pbgsiprocesses to the active control
of noise. In the same way that active noise control attengpfsdduce a specific sound field
such that the unwanted sound is reduced in level throughuitise interference, multichannel
audio reproduction systems, such as those discussed fautbimotive application by Bailf],
attempt to produce a sound field with specific spatial and teatgharacteristics such that the
impression of a spatial sound field is achieved; this ideaésgnted thoroughly by Nelson
[22].

Another area of audio reproduction that has similarly gyrlimks with active noise control
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concepts is personal audi®3. This aims to use loudspeaker arrays to create distirtenlisg
areas, or bright zones, whilst minimising the sound levetipced outside the listening area, or
within the dark zones4]. The aim of a personal audio system could be to provide anrelt
tive solution to the use of headphones, in situations whigheredisturbance to those in close
proximity to the audio reproduction system is an issue, oen@hmultiple audio programmes
are to be reproduced simultaneously in the same acoustioement. Although personal au-
dio systems based on the type of control methods that ateddla active noise control do not
appear to have been investigated for the car audio replioduggpplication, it is clear from the
literature that such a system would provide desirable aflgeztionality to car audio systems.
For example, it is noted by Crockedt al [16] that as rear-seat entertainment systems become
more popular the need for personalised headphone repiondwso increases in popularity.
However, wearing headphones for prolonged periods maynbedatiguing and in certain sit-
uations, such as for the driver in the car application, maydmegerous or even illegal$].

A system that aims to facilitate personal audio reproductising loudspeakers within the car
environment such that different programme material maydagdin different seats is the sub-
ject of a patent held by Thigpe26]; however, the proposed system appears to rely solely on
the directivity of the employed “planar magnetic loudsperak and their designed interaction
with the car cabin acoustic environment through reflecttorachieve sound zones. From the
limited results presented in the patent, this scheme orlieaes significant levels of control
at frequencies greater than around 6 kHz, which is not seffidior most audio reproduction
requirements.

The technical link between active noise reduction and adivdio reproduction systems
can be summarised by the simple control block diagrams ptegén Figurel.1 The variables
used in the block diagrams are defined in Tahle Figurel.lashows the block diagram for
a command following, audio reproduction, control systemwhich an audio signalg, is
filtered by the filterHa, which is adapted to minimise the error sigrel, which is generated
by electronically subtracting the command signal from thepot of the plant. This control
system, therefore, allows a desired signal to be reprodulcethe context of personal audio
or spatial audio reproduction this structure of controlfeused to produce a desired spatial
pressure distribution, which is identical to the aim of tigutbance rejection controller.

Figure 1.1bshows a disturbance rejection control system employingdffeward struc-
ture. In this configuration a reference signalis filtered by the filterHy, which is once again
adapted to minimise the error signal,The error signal in this case is the combination of a dis-
turbance signald, and the output signay, produced by the filtering of the control signay,
by the plant respons@. This feedforward control architecture is used in the a&cteduction
of noise and in terms of a distributed acoustic pressurentiahce the control system attempts
to produce an acoustic pressure outpwith equal magnitude and spatial distribution to the
disturbance but with opposite phase.
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Figure 1.1: Control block diagrams. The employed variablesdefined in Tablé.1

Table 1.1: Variables employed in Figutel

Variable Definition
a Audio signal
c Command signal
d Disturbance signal
e Error signal
€a Audio reproduction, command following error signal
¢ Modified error signal
G Plant response
Ha Command following filter response
Hy Disturbance rejection filter response
t Time
u Control signal
Ua Audio reproduction, command following control signal
Ux Disturbance rejection control signal
X Reference signal
y Output signal




The final control system shown in Figuelcis a combined disturbance rejection and
command following architecture. Similarly to the distunba rejection controller, this system
filters a reference signal such that the output control $igiterferes with a disturbance signal,
however, rather than simply attempting to reject, or catioeldisturbance signal, a specific
level of error signal is ensured through the use of the condnsagnal,c. It can be seen
from the block diagram in Figur#&.1lcthat rather than minimising the error signal directly, a
pseudo-error signa#, is minimised which ensures that through the action of theroder the
error signal is driven towards the command, or desired &ighas type of controller, which
effectively links the disturbance rejection type of cohueed in active noise control and the
command following type of control used in audio reproduttics effectively used in active
noise equalisation2[/] or sound-profiling 28]. The aim of sound profiling is to maintain the
various engine orders at specified, target levels ratherjtis attenuating them and, therefore,
improve the sound quality of the engine noise. Sound-pngfiflystems have been a focus of
research on active control in vehicles due to the need fobluteedback to the driver from
the engine. The use of the combined disturbance rejectidrcammand following controller
in this application facilitates the selective rejectiorda@nhancement of engine orders. This
allows for the quality of the engine to be controlled in vasavays which, as discussed above,
is a significant factor in the success of a modern car.

The following two sections provide a review of the work thasteen conducted in the
control of the automotive acoustic environment. The firstise presents a review of active
noise control systems that have been developed to contnawar noise within the car cabin
interior. A review of active audio reproduction systemshert presented, with a focus on
personal audio systems.

1.2 Active Noise Control in Road Vehicles

The different approaches employed in active noise conyisitesns for application to vehicles
are dependent upon both the source of noise that is to beotledirand whether local or
global control of the sound field is to be achieved. The folimvsections are broken down
into the main automotive noise sources within an internahlmastion engine driven vehicle.
They briefly describe the attributes of the noise sourcespamide a review of active noise
control systems that have been proposed to control them.

1.2.1 Engine Noise

Despite the need for greener modes of transport, 99% of relaidles with four or more wheels
employ a reciprocating, four stroke, internal combustiagiee R0]. Although vehicles with
alternative power sources, such as electric battery ordeltl are becoming more common
and are likely to be significantly quieter than combustiogiees, it appears that the internal
combustion engine will remain predominant for a significaatiod of time RO, 29]. This is
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particularly true with the availability of technologicat¢delopments that increase the efficiency
of the traditional internal combustion engine such as: laybars, which at least partially use
a traditional internal combustion engin29[; variable cylinder management, which automat-
ically deactivates some of the engine’s cylinders accgrdinthe driving conditions30]; or
simply smaller more fuel efficient engine desigBg][

The noise produced by the internal combustion engine is wiat@i by that due to the
combustion process and the piston crank mechanZ0h [The noise production related to
the piston crank mechanism results from the impact of compis such as the pistons and
their liners, and is therefore an impulsive noise with a fetcsrum and greater high frequency
content than the noise produced by the combustion pro@&s The noise produced by the
combustion process is directly related to the rotationakdpof the engine and is, therefore,
tonal in nature 32]. In addition to being dependent on the engine speed, thafgpspectrum
of the noise produced is dependent on a number of variabtdsasithe engine capacity, the
number of cylinders, and the engine lo&0,[32]. However, in the context of this thesis,
and specifically the work presented in Chapseregarding in-car measurements, there are
two simple relationships between engine type and the reguibmbustion noise that will be
produced.

The empirical relationship between average engine nois# énd engine size can be ex-
pressed in terms of the number of cylinders and the individapacity of the cylinders mea-
sured in litres. For example, for a petrol engi2€][

Sound power levek 10log;, (no. of cylinders + 23log,, (cylinder capacitydB.  (1.1)

This relationship indicates that for an equivalent totajiea capacity a vehicle with a larger
number of inherently smaller cylinders will produce a lovievel of combustion noise; for
example, the sound power radiated by a 4 cylinder enginediaeibpproximately 4 dB lower
than for a 2 cylinder engine with the same overall capacity.

The spectrum produced by a specific engine can also be rétatee number of cylinders.
For a four stroke engine the fundamental frequency is giyen b

rotational speed .
fo= 2260 x no. of cylinders (1.2)

where the rotational speed is measured in revolutions peutai(rpm) and, therefore, the
division by 60 converts to revolutions per second, and thisidn by two relates to the fact that
for a four stroke engine the rapid pressure rise relatedrtbostion occurs every other engine
rotation, thus producing a full spectrum of harmonics witlumdamental at half the engine
rotation frequency, which is often referred to as the firgliea order 20]. This means that for

a two-cylinder engine the fundamental frequency would bihatengine rotation frequency,
which is the first engine order; for a four cylinder engine filnedamental frequency would be
at twice the engine rotation frequency, which is the secowfine order; and for a six-cylinder
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engine the fundamental frequency would be at three timesrthme rotation frequency, which
corresponds to the third engine order.

Engine Noise Control Systems

From the description of the two main noise sources in thenenigis evident that the combus-
tion noise process is most suitable for treatment usingecitise control strategies. This is
because it is both tonal in nature and causes greater prsl@detower frequencies compared
to the impulsive nature of the noise produced by the pistanicmechanism, which is more
easily controlled using passive measures. Additionailhgesthe noise production mechanism
is directly related to the engine speed it is possible toint#aeference signal from either the
ignition circuit, a tachometer, or the Controller Area Netiw(CAN) bus and, therefore, apply
feedforward control strategies. In comparison to refesesignals obtained from transducers,
such as microphones or accelerometers, this type of refergignal is not influenced by the
control signal and, therefore, an entirely feedforwardtamrsystem can be used.

An early implementation of active engine noise control wesspnted by Elliotet al in
1988 [B]. This system consisted of driving two loudspeakers witleion of the engine speed
reference signal that was filtered adaptively such thatuhe &f the squared pressures at four
error microphones was minimised; a block diagram of a simgitegle channel implementa-
tion of such a control system is presented in Figli2 The adaptation of the filter coefficients
in [8] used a simple steepest decent algorithm that achieveceggemvce times of around 0.1
seconds and, therefore, allowed for the variations in engaise due to engine speed and load
variations. The performance of the system was reportedhfeetdifferent cars and reduc-
tions in the pressure level at the engine firing frequencyeweported between 10 and 15 dB
throughout the cabin.

Adaptive  Secondary
Reference  filter loudspeaker

signal Error
VV ? microphone

Figure 1.2: Simple single channel feedforward active nog#rol system.

The system presented i][was developed further by introducing additional errorssea
and loudspeakers and implementing control of multiple fwenics of the engine firing fre-
quency B3], however, the principles of the control system remainegdly the same as that
reported in 8]. The first production implementation of an active enginégsaaontrol system
was reported in 1992 by researchers from Nissf, [however, the system employed loud-
speakers, amplifiers and processors separate from thediarssistem and due to this lack of
integration was expensive to implement and could not aetéay significant weight saving.

Active engine noise control systems have more recently beemmercially implemented
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in production vehicles by Hond&%], Toyota [36], GMC [37], Acura [38] and Audi [39]. The
Honda active engine noise control system employs two eriorophones and the car audio
loudspeakers to reduce the increase in noise that occuns thheengine switches from using
6 cylinders to using 3. Using the car audio loudspeakerscesithe cost of implementing
the active noise control and, therefore, makes it a more dialy viable option. The Toyota
system employs three error microphones and it appearshteg df the car audio woofer
loudspeakers are employed — two in the front doors and orfeeirear parcel shelf — however,
this is not completely clear from the literature. The Toysyatem has been implemented in
order to control the increase in noise that results from ingthe engine at a particularly low
rotational frequencyd6]. The systems employed by GMC and Accura appear to be deaatlop
by Bose #0] and employ a similar combination of microphones and thexadio loudspeakers
to reduce unwanted low frequency engine noise. Finallyssisem implemented by Audi is
designed to compensate for the change in sound quality dswitohing between 8-cylinder
and 4-cylinder operation and is implemented in conjunctigiih active engine mounts3f).
This system employs four error microphones installed inhtbadliner of the cabin and uses
four door mounted woofers and 1 rear subwoofer which aregfahte audio system. As well
as employing the standard car audio loudspeakers, thismsysmploys the car audio digital
signal processing and, therefore, is fully integrated.

Although significant levels of engine order reduction maybkieved using an active con-
trol system, it may not be desirable to achieve maximal atigan of engine noise. This is due
to the driver’s need for audible feedback in order to opeitaesehicle safely and the desire of
the car manufacturer to achieve a certain “sound quality'this situation, as detailed in Sec-
tion 1.1, anactive noise equalisesr sound-profiling control method may be used, which both
retain a residual error with a specified spectrum and may femibtate active sound quality
control [27, 28].

The early active noise equalisation system proposed by KwloJa [27] employed the
filtered-reference least mean squares (LMS) algorithm imucwtion with a pseudoerror sig-
nal, which enables the noise level to be driven to a targedl lether than minimised. The
proposed system is able to control a harmonic spectrum lasadsingle error signal, and it
is shown that the level of the individual harmonics can bepwhdently cancelled, attenuated,
unaltered, or enhanced. Such a system enables the engars twe individually controlled
in level and thus tuned to improve the sound quality of tharengThe active noise equaliser
has been further developed by Ku#l] in order to facilitate spectral shaping of broadband
disturbances and multichannel active noise equalisafiwnmplementation where equalising
at a single error sensor position is not suitable — for exampla car cabin. The multichan-
nel active noise equaliser is more thoroughly presentedibgd®t al [42]. The active noise
equaliser control method has, however, been shown to besessitive to estimation error in
the plant model used in the filtered-reference LMS algoritfilmese errors may result in over-
shoot, which is the amplification of out-of-band frequescier system instability43, 28, 44].
Consequently, a variety of alternative control stratediage been proposed to achieve active
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sound quality control with reduced overshoot and increasahility [45, 28, 46].

An interesting implementation of active sound quality cohto a mass production vehicle
has been presented by Kobayashal [47]. This system combines the operation of an active
noise control system designed to reduce engine boom, witstara to control the engine
sound quality during acceleration. The system operatetsiadtive noise control mode at
lower engine speeds, where the vehicle is either idling oistrg, however, at higher engine
speeds, which occur during acceleration, the active souatity control system operates. The
active sound quality control system aims to synthesise artgsound” during acceleration
and achieves this by adaptively modifying the level of théiidual engine orders with a
dependency on the engine speéd||

1.2.2 Intake and Exhaust Noise

Intake noise is produced by the radiation of the pressurgeguioduced by the sudden restric-
tion to air flow caused by the closing of the engine inlet val{20]. Exhaust noise is also
produced by the radiation of a pressure pulse, howeverjsrcttse it is produced by the rapid
release of pressure from the combustion proc2@s Bince both noise processes are related to
the engine firing frequency it can be appreciated that theypath dominated by low-frequency
harmonic contentd0].

Intake and Exhaust Noise Control Systems

Intake and exhaust noise control is predominantly impleettasing passive acoustic elements
such as the air expansion chamber and the currently mordgvapulti-chamber attenuators
consisting of two or three quarter wave helmholtz resosafp@]. Active control of both
intake and exhaust noise has been demonstrda&and an active helmholtz resonator system
has also been investigated9[; however, according to Thompson and Dixon durability and
cost remain an issu@(]. An active exhaust system has recently been presentdfiapd it
has been shown that significant reductions in both weightvahdne can be achieved whilst
maintaining the performance achieved by the alternatiesipa system. However, as ia],
this recent work also highlights that reductions in cost mdldistrialisation of the actuator are
required in order to make mass production viable.

1.2.3 Road-Tyre Noise

Road-tyre noise is a result of the interaction between thd surface and the tyre design, and
can vary by up to 10 dB depending on the specific tyre dest@h [The noise production
mechanisms can be separated into two main areas: air purapahgibration induced noise
[20].

Air pumping can be described from two perspectives: the @ining caused by the tyre
tread and the air pumping due to the roughness of the roaalcgurFor a smooth road surface
the noise is mainly generated by tread pumping, which iswatregair being forced out of the
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tyre tread as a patch of the tyre comes into contact with the sarface and being sucked back
into the tread as the patch leaves the road surfa@e [Conversely, on a rough road surface
with a smooth tyre surface pumping occurs, which is the sv@rocess with the tyre forcing
air in and out of the cavities in the road(]. In practice it is evident that the noise produced
will be due to a combination of these two processes, and w@dthdt is dominated by high
frequencies, its level is dependent on the size of the roddyaa cavities, the load on the tyre
and the pressure in the tyrg(q).

Vibrations are induced in the tyres due to the non-unifoyroftroad surfaces and irregu-
larities in the tyre tread patter2(]. These vibrations may directly radiate exterior noise, or
propagate through the tyre and suspension to produce tapddinise with both random and
tonal components in the vehicle cabi20] 51, 52]. Tangential excitation of the tyre cavity
through both impacts and slip-stick mechanisms, which oasupart of the tyre is deflected
and released as it comes into contact with the road surfase, een attributed to mid-high
frequency noise. Radial excitation, which is largely duéh®road surface, however, has been
linked to low-frequency excitation and is, therefore, agntial target for active noise control
strategies. Although this type of noise is generally randimmdirectly radiated noise its spec-
tral shape is altered by the structural and acoustic regpofihe tyre, and for structure borne
noise its spectral shape is modified by both the response d¢fith and the complete structural
propagation path.

Road-Tyre Noise Control Systems

Due to the random nature of road-tyre noise and the complExagiation path between struc-
tural excitation and the acoustic noise produced in the akindhe active control of road-tyre
noise using feedforward control poses a greater challdmyethe feedforward control of en-
gine noise $2, 32]. Reference signals for feedforward road-tyre noise abrgystems have
been obtained from accelerometers mounted to the vehsalsjgension and bodyworg,[51].
The coherence between the obtained reference signalseedti signals within the car cabin
imposes a direct limitation on the level of noise reductioat tan be achieve®[51]. Sutton
et al[9] state that, on a range of vehicles, road tests have showthdhnaoherence between a
single accelerometer and the sound pressure in the car isatiften below 30% and this can
be related to the multiple sources of road-tyre noise, thitipfeidirections of vibrations that
cannot be detected with a single accelerometer, and the tlige sources that may not be
detected by accelerometers — for example, wind noise (Se®6&.2.4).

In order to improve the coherence between the referencalsagmd the interior sound
pressure it is necessary to increase the number of accedtgsremployed and also carefully
select their locations9]. Suttonet alindicate that in general at least six accelerometer signals
are necessary to provide adequate coherence and thisereguit is also replicated by G al
[52). Heatwole and Bernhard§] present a method of selecting the reference sensors based n
only on the coherence but on both the maximum potential obatrd the relative convergence

10



rate.

The system implemented by Suttehal employed six accelerometers positioned around
the suspension system of a small, lightweight family carstoaletect vibrations in the ver-
tical, lateral and longitudinal directions and thus achiewgood coherenc®][ Additionally,
the sensor positions were chosen to provide maximum timaredy such that sufficient time
for the signal processing to take place before the noisénesaihe location of the car’s occu-
pants was availablé®]. The proposed active noise control system employed twaddpeakers,
positioned in the standard car audio positions in the frautrsl of the vehicle, and two mi-
crophones positioned in each of the front headrests. Themythus only attempted control
for the front seat occupants and reductions of around 7 dBamt+weighted sound pressure
level were achieved over a bandwidth of 100-200 8]z Suttonet al[9] also propose a second
control system that is able to improve upon both the bandwad level of control, however,
it requires the loudspeakers to be repositioned from thedatal audio system locations to the
headrests. This system, therefore, attempts local coatiblachieves a zone of quiet which is
a shell-like sphere surrounding the secondary, contgpliource as described 64, 55]. The
dimensions of a 10 dB zone of quiet within a diffuse field hagerbshown to be limited to
around a tenth of the acoustic wavelength and, therefoiiet ganes with useful dimensions
are limited to a maximum frequency of around 500 B4,[55]. For the local control strategy
presented by Suttoet al an increase in the level of control to around 10 dB was achieve
the bandwidth of control was extended up to 400 Hz.

Although active feedforward control systems are feasibkkmay provide significant lev-
els of noise reduction, the need for multiple acceleronseterprovide a suitable reference
signal results in an expensive system even if the car audibsjzeakers were employed. One
commercial implementation which is directly based on thekwwesented in9g] is available
jointly through Harman and Lotus Engineerinsg], however, it is unclear how widely used
this system is in practice. As a result of the high cost of dfiesvard road noise control sys-
tem, interest has arisen in implementing road-tyre noisealtation using a feedback system,
as this avoids the need for separate reference sensorddeiambntrol of road noise has been
the focus of a body of work presented by Adachi and Sano, famgse b7, 58], and this
research has culminated in a mass-production system inepleh in the Honda Accord estate
car which is presented by Sasbalin [59].

The feedback control system proposed by Satred [59] attempts to control a 40 Hz boom
in the front seats of an estate car, which corresponds tortfiade of the first longitudinal
enclosure mode. The feedback system employs a single eicoophone, positioned under
the front seat around the anti-node of the first longitudmabe, and the two front door audio
system loudspeakers, driven in-phase, to reduce the Iéwbkedioom in the front seats by
10 dB. However, when operating alone this feedback strategyges the level of the 40 Hz
boom noise to be increased by 3 dB in the rear seats. Therebamoet al [59] propose
a second control loop consisting of a fixed feedforward adletr which uses the feedback
system'’s error microphone as a reference signal in ordémibrioise amplification in the rear
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Figure 1.3: Feedback controller and music compensatorogeapby Sanet al [59] (OIEEE
2001).

seats using the two audio system loudspeakers positiortad near doors. The control system
thus achieves a 10 dB reduction of the problematic boom irirtive seats without increasing
the sound level in the rear seats where the boom noise is mob&em.

A potential issue with implementing an acoustic feedbaahktrod strategy within the car
cabin is that it is not selective and, therefore, will notyooancel unwanted noise signals but
will also cancel the programme reproduced by the car auditesyaround the targeted noise
cancellation frequency. To avoid this problem Sanal [59] propose a “music compensator”
which, as shown in Figur&.3, estimates the audio signal produced at the error micraphon
using a model of the acoustic plant response between thapgealers and the error micro-
phone,P, and subtracts this from the measured error signal; thisreaghat the signal due to
the audio programme is not cancelled. It is interesting te tlwat San@t al acknowledge the
improvement in audio quality that results from reducing rtb@d booming noise and this may
be related back to the discussion presented in Settibregarding the effects of car noise on
audio quality.

1.2.4 Wind Noise

A further source of noise in vehicles is wind noise, whichr@ases in proportion to road speed
to the power of six 20]. Consequently, it becomes the predominant componenttefian
noise at speeds above 100 kmt60]. Wind noise can be separated into a number of separate
noise production mechanismi&(:

1. Aerodynamic noise due to the vehicle moving through amiat to high speeds. This
creates a turbulent boundary layer over much of the vekislefface and the associated
pressure fluctuations, which vibrate the vehicle struc¢toreduce noise within the vehi-
cle [20]. This noise type is mainly related to the shape of the vehérid is broadband
with a bias towards low frequencies in the range 31.5 to 63 Hz.

2. Aerodynamic noise due to turbulent air flow through hol&his noise source is con-
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trolled by the quality of the seals around openings such aslews and doors. The
spectrum of the noise is similar to that due to 1.

3. Exterior varying wind conditions also produce aerodyitamoise, however, the noise is
fluctuating so is distinct from that due to the vehicle motibuoie to the largely impulsive
nature of exterior wind noise the spectrum is dominated byguencies greater than
around 300 Hz.

4. Air flow over open windows or sunroofs when coupled to thecain may result in
narrowband beating noise due to the system behaving siyriéea helmholtz resonator;
this type of noise is referred to as flow oscillations. It ddooe noted that the noise
source is potentially significant at lower road speeds tharother three sources.

Wind Noise Control Systems

Although wind noise is a predominant source of interior aas high vehicle speeds, it does
not appear to have been as widely considered as the other smisces for the application
of active noise control. This may be due to the lower level aidwoise in vehicles under
the majority of operating conditions — i.e. lower speeds witti the windows and sunroof
closed. That said, Stotheet al have presented an adaptive feedback system that controls
sunroof flow oscillations, which may produce high level pafband noisegl]. The system
proposed by Stotherst al employed an adaptive feedback controller with a filterddresce
LMS algorithm and achieved around 30 dB reduction in a 25 He fwroduced by sunroof flow
oscillations. The feedback control system did result in sancreases in the broadband noise
of around 10 dB at around 20 Hz, which was presumably a regafiitbover. Additionally, by
attempting to reduce the controller delay by not using aliising and reconstruction filters,
some less significant increases in the broadband noise etswedl at higher frequencies due
to distortions.

1.3 Active Control of Reproduced Sound

As discussed in Sectioh.1 there are both strong practical and technical links betwhen
active control of noise and the active reproduction of soumcluding both spatial audio and
personal audio. The following sections present a reviewath spatial audio and personal
audio reproduction. The spatial audio review considersniementation of such systems in
car cabins, as this has been an area of active research. Tdmg@eaudio review, however,
provides a more general discussion, as the implementatioersonal audio systems for sound
reproduction in vehicle cabins does not appear to have baywcovered in the literature.
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1.3.1 Spatial Audio Reproduction

Spatial audio reproduction may refer to any audio systenchviprovides the listener with
a spatial impression of the reproduced sound. This may teféine perception of distance
that can be achieved from the captured reverberation in sopfmmic audio reproduction,
or to the horizontal localisation that can be achieved frotw@channel stereo reproduction
system 62]. In the context of this thesis the focus is on controlling tttoustic environment
within a car cabin using active techniques and, therefbeespatial audio reproduction systems
that are of particular interest are those that attempt teigee a specific sound field using
methods based on those presented in FigukeSpatial audio reproduction systems employing
such control techniques are distinct from conventionaltichénnel surround sound systems
which use conventional time and amplitude panning tectesdd2]. Two specific methods
which essentially employ the type of control techniqueswshin Figurel.laare binaural
reproduction over loudspeake®3[ 64] and Wave Field Synthesis (WF34).

Binaural Reproduction Over Loudspeakers

Binaural reproduction over loudspeakers has been widelystipated and operates by pro-
ducing a sound field at the listener’s ears which is ideallya¢tp the sound field that would
occur in the real environmen64]. It can, therefore, be appreciated that in simple terms the
implementation of a binaural reproduction system may béeseld using a two-channel im-
plementation of the command following control architeetpresented in Figuré.1a where
the command signals are the sound pressures produced ieathsound field at the listener’s
ears and the control filters both compensate for the effét¢tseglant response and implement
cross-talk cancellation. One method of implementing susiistem is presented by Takeuchi
and Nelson §4] and employs a standard inverse filtering technique whererthtrix of filters

is generated by calculating the inverse of the plant matrixch consists of transfer responses
between each loudspeaker and each ear position. In prauodieever, the inversion of the plant
responses leads to a number of issues such as a loss in dymegécand poor robustness to
small errors and room reflection®4]. Practical solutions to these problems are investigaied i
the same publication and this work has resulted in a comalesgstem §6).

Wave Field Synthesis

In comparison to binaural reproduction over loudspeak#isS aims to reproduce wave fronts
from a large array of loudspeakers that are identical to ¢aéwave fronts of the sound field
to be reproducedsp]. Therefore, WFS produces a sound field through which therer can
move whilst still perceiving the intended spatial sounddfigbuch a system has a potentially
significant advantage compared to binaural reproductiaciwiends to produce a small listen-
ing area, or sweet-spot.

WEFS is based on the Huygens’ principle which states that aimt pf a wave front can be
considered as a secondary sour@8l.[ Therefore, it can be appreciated that any wave front,

14



and therefore sound field, can theoretically be synthesisigd) a continuous and infinite array
of loudspeakers. However, in practice a discrete and fiaitgth array of loudspeakers must
be used to reproduce the wave fronts and, therefore, WFSuiittr from spatial aliasing due
to the discrete array, and truncation effects due to itsefileihgth B5]. Spatial aliasing will
occur at frequencies where the separation between thedeaklsrs is greater than half the
reproduced wavelength and this means that very small @ésnent loudspeaker spacing is
required to cover the full audio bandwidth. Array truncati@sults in secondary wave fronts
to be radiated from the ends of the loudspeaker array whieldelayed and attenuated with
respect to the desired wave fro®5]. These so called “edge events” can be reduced through
the use of a weighting functior6p]. It should also be noted that spatial aliasing effects will
also occur in the recording of the wave fronts using a finitayaof microphonesgs.

Car Audio Spatial Sound Reproduction

In the context of car audio there is a significant number ofityx/ehicles with multichannel
surround sound systems employing standard panning tagmifi4]. However, the imple-
mentation of spatial sound reproduction techniques, sscthe two discussed above, have
seen little implementation within cars. In terms of the lirgd reproduction method, although
the largely fixed seating positions in a car cabin may be Igisaited to the small sweet-spot
produced, to generate a sweet-spot at each seating positigid require a large number of
loudspeakers and, consequently, a complex system. AlkhthegWFS technique does not re-
sult in a small sweet-spot, it still requires a large numbiiéowdspeakers for implementation in
order to avoid spatial aliasing effects. For example, thediASound Concept” system, which
implements WFS in an Audi Q7, uses 62 loudspeakers as shoWwigime 1.4 [67]; this is
clearly impractical for mass production car audio systeddurther problem with both the
binaural reproduction and WFS methods is that the avaithalof suitable audio recordings
is limited and, therefore, in order to use these systems th@éhvast majority of commercial
sound recordings either an up or down mixing algorithm isinegl depending on the source
programme material.

A number of more practical methods of implementing spatigia within the automotive
environment have recently been presented by Bai and 14e The four presented systems
use the four standard car audio loudspeakers to reprodammgast 5.1-channel surround sound
[68]. Two of the proposed systems employ an inverse filteringhodt as used in binaural
reproduction over loudspeakers, and the other two systenpdog a simpler method using
weighting and delay of the audio input signalsd]. The two methods employing inverse
filtering are designed to receive either 2-channel stere® Ibchannel surround sound audio
recordings. The 2-channel stereo inverse filtering systeml@/s a method of upmixing to
produce the effect of a 5.1-channel surround sound reaprdBai and Lee show through
subjective listening tests that the performance of thersw/diltering methods reduces when
listening zones are required for a number of occupants ircdineabin 14]. This is a result
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Figure 1.4: Audi sound concept system (reproduced frér) [

of both the limited number of loudspeakers available ancctiveplexity of designing inverse
filters for multiple listening zoneslH].

The second method proposed by Bai and Lee, which is agaireimsgited for both 2-
channel and 5.1-channel programme material, attemptstd #we small sweet-spot and com-
plexity issues associated with the inverse filtering methbiie second method feeds the four
car audio loudspeakers with a weighted combination of eitine left and right signals from a
2-channel recording or the 5.1 channels from a surrounddsagording and delays the signal
to the rear loudspeakers. The weightings and delays are gite an impression to the oc-
cupants of the car of a 5.1-channel surround sound reprioduatgardless of the input audio
programme. Although this method significantly reduces thmmlexity of the reproduction
system compared to the inverse method, the subjective pgestented inJ4] show that the
inverse methods are preferred. These results highlightalti@ough the inverse methods are
complex, this is traded off for a superior performance.

1.3.2 Personal Audio

Personal audio systems aim to generate listening zoneariabnfined to a specific region,
this may be to improve the privacy of the user, reduce anrewy#mnearby listeners, or allow
multiple audio programmes to be listened to within the saoweistic space. Personal audio is
based on the use of constructive and destructive intederencreate listening zones and quiet
zones and, therefore, has many technical similaritiesg@dttive control of noise, as discussed
in Sectionl.1 Although the development of personal audio systems toym@gersonalised
listening zones within cars has yet to be widely discussetiarliterature or implemented in
commercial systems, it has been highlightedlif] that such a system is of current interest.
An early investigation into personal audio reproductiorainar cabin has been presented in
[69] in which a method of optimally selecting the loudspeakesifions is presented and a
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recent preliminary study has considered the subjectivaimements of such a systeri(].
The following sections will review previous work in the fiedfl personal audio to form a basis
for investigating the application of personal audio to aauatio system.

Combining Active Sound Control and Loudspeaker Arrays

The first significant paper that considers the personal qudiglem is presented by Druyvesteyn
and GarasTl]. The proposed system employs both active control and baamrig strategies
to create a listening zone adjacent to a quiet zone. Themyait®s to allow two audio pro-
grammes to be reproduced with minimal disturbance to edwdr etithin the same room. The
beamformer, which is a delay and sum type array, is designeldthat whilst maintaining the
sound pressure level in the listening zone the pressurkihetiee quiet zone is minimised. This
is achieved by steering the array’s directivity, as desdtiin [72], such that a null of the pattern
is directed toward the quiet zone. The practical study pteskin [71] employs an array of
21 loudspeakers at a distance of 0.5 m from the listening pos#ioned to form the arc of a
circle and the centre of the quiet zone is 1.5 m from the cagittiee listening zone. The array
achieves a significant reduction in the sound pressure (8®ll) in the quiet zone compared
to a single loudspeaker between 1 and 4 kHz. The performdribe array is limited at higher
frequencies due to the finite separation between the loadlepe and at low frequencies due
to the length of the array/p]. At higher frequencies, Druyvesteyn and Garas proposetiea
directivity of the loudspeakers, which results from thaiité dimensions3], should be em-
ployed to achieve the required directivity. However, atéofvequencies these authors propose
the use of an active feedforward control strategy to minintiie sound level in the quiet zone.

The proposed active sound control strategy employedlhyses an additional array of
three loudspeakers that are positioned in between thailgteand quiet zones, 0.5 m from
the centre of the quiet zone. The feedforward control sisateses the filtered-reference LMS
algorithm to optimise three adaptive filters such that tmeg¢Houdspeakers minimise the SPL
in the quiet zone that results from the programme being cered in the listening zone; the
audio programme is thus used as the reference signal. Tihiotestrategy is identical to that
employed for the control of engine noise in the car enclobyr@] and thus the physical limits
are identical. The practical study presented by Druyvesseyd Garas indicates that below
1 kHz the active control strategy achieves between 6 and 1fedBction in the quiet zone
SPL, which is comparable to that achieved by the array athiffequencies.

It is indicated by Druyvesteyn and Garas that the proposedbated active control and
beamforming strategy achieved a ratio between the SPLitidtening and quiet zones of
around 20 dB over the frequency range 250-4000 Hz. Accorttirte subjective studies on
personal sound presented 28], an effective personal audio strategy should achieveia ot
levels greater than 11 dB but preferably around 20 dB. Thegeft can be appreciated that the
proposed combined strategy is effective, however, it is alsar that it requires a significant
number of loudspeakers in order to achieve this controlr@fbes, more recent developments
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in personal audio reproduction have moved towards sugetdie, or optimal, beamforming

techniques. Superdirective beamforming can achieve amase in the directivity of an array
for a given number and spacing of array elemenit§ and, therefore, not rely on the combina-
tion of control approaches considered Ti]|

Superdirective Beamforming

Superdirective, or optimal beamforming control stratediave been the focus of research in
array signal processing since the first half of th& 2@ntury [75]. In terms of personal audio
sound reproduction a number of different optimal contnatsigies have been proposed such as
brightness maximisatior2f], sound power minimisatiorvg], energy difference maximisation
[77] and least squares optimisationg[ 79, although the most widely employed and investi-
gated method has been acoustic contrast cor2d)! [The acoustic contrast control strategy
proposed by Choi and Kim is based on the optimisation of thecsostrengths of an array of
sources such that the ratio of the acoustic potential eriargyoright, or listening zone to that
in a dark, or quiet zone is maximised; an example of this a@algproblem is presented in
Figurel.5. This optimisation ensures that for the defined source gagrttee array minimises
the sound radiated to the dark zone whilst maintaining thel e the bright zone.

XXXX Bright Zone

Source array | Ps
q

Figure 1.5: An example of a two-dimensional acoustic cattcantrol problem&qQ].

Personal Audio Headrest

The method of acoustic contrast control, described ab@sbben applied to a practical prob-
lem by Elliott and Jones8[l]. The considered application is where two listeners ar¢egea
adjacent to one another in an aircraft or vehicle type soetiatening to different audio pro-
grammes, as depicted in Figutes. The reproduction of an audio signal in one seat whilst
minimising its level in an adjacent seat — that is, maxingsihe acoustic contrast between
the two seats — is initially investigated using the contyatem depicted in Figur&.7. This
control strategy is identical in formulation to the feedfard noise control strategy depicted in
Figurel.1band employed in engine noise contr8],[with the engine noise disturbance being
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replaced with the known audio signal. The headrest congsiesn employs the loudspeakers
already in the left hand headrest as secondary sources ¢eldar pressure produced at mi-
crophonesps to pg by the primary source. This control system is shown to aehssgnificant

levels of reduction over the left hand seating region at legdiencies; however, at frequencies
where the separation between the primary and secondargesobhecomes comparable to the
acoustic wavelength the quiet, or dark zone becomes lecafisound the error microphones

TOYVIOY

Listening to channel 2 Listening to channel 1

Figure 1.6: Personal audio headrest problem in which adfdisteners are listening to differ-
ent audio programmes (afted1]).
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Figure 1.7: Control strategy in which the loudspeakers al#ft headrest are employed as
secondary sources to cancel the sound produced in thatysélae Isignal,a, which is being
reproduced in the right hand seat (aftgt]).

The problem of localised zones of quiet is similar to thatezignced in active noise control
[55], however, in the personal audio problem where the primatyce’s position is known it
is possible to locate the secondary source close to the priamal thus achieve a much broader
bandwidth of control. This solution is investigated by &tfliand Jones using the secondary
source position presented in Figute8. The performance of this system is investigated using
monopole simulations, synthesis using measured trarefponses in an anechoic environment
and a real-time implementation in a small room.

The monopole simulations confirm that a dark zone with usgfatial extent is achievable
up to a significantly higher frequency of 4 kHz, and an incegiasthe acoustic contrast com-
pared to a single source of 25 — 30 dB is predicted up to 2 kHe. Siinthesised performance
of the system depicted in Figuie8using transfer responses measured in an anechoic chamber
shows a comparable level of contrast control to the monogiotellations, predicting 20 dB
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Figure 1.8: Control strategy in which a secondary loudspeakmounted next to the primary
loudspeaker in order to cancel the sound produced in theadef seat by the signad, which
is being reproduced by the primary loudspeaker in the rightlrseat (afterdl]).

improvement between 70 and 300 Hz which then falls to aroddBlat 1 kHz. Elliott and
Jones draw the conclusion that, although simple, monopuoilalations provide useful guid-
ance at lower frequencies when designing such systemsughhaccurate predictions are not
possible due to the un-modelled influence of the headrestgishand finite-sized loudspeakers
[81].

A real-time implementation of the personal audio systemiaieg in Figurel.8is also
presented by Elliott and Jones and its performance is eeglwehen it is positioned in a small
room. The performance of this system is very close to thatipied by the synthesis using the
transfer responses measured in an anechoic chamber, hiltle ito the acoustic responses
between the microphones and loudspeakers being domingtételdirect sound field and,
therefore, not differing significantly between the two astomienvironments.

Although Elliott and Jones present a practicable persamdibassystem with high levels of
acoustic contrast performance Bi], in a wide variety of situations in which this system may
be applicable there are more than two listeners; for exampketypical car there may be five
occupants, or significantly more in an aircraft cabin. Tfae the personal audio headrest
system has been developed further in a later publicatiombgsland Elliott in which two dark
zones are defined at two seat locations as shown in Figa{&§].

The work presented by Jones and Elligi] investigates the use of three control strategies
to achieve multiple dark zones: acoustic contrast conbrightness maximisation, and sound
power minimisation. The brightness maximisation contttegy suffers from the constraint
itimposes on the use of self-cancelling arrays, which aneggly required to achieve superdi-
rective performance8p], and, therefore, does not perform well in the scenariogresd in
Figure1.9. Jones and Elliott76] show that when there are a few predefined dark zones the
acoustic contrast control method performs significantlydsehan the sound power minimisa-
tion strategy. This is due to its ability to steer localiseheas of quiet towards the predefined
dark zones and for the geometry presented in Figu®ean increase in the acoustic contrast
between the bright and dark zones of 20 dB is achieved up todr kHz.

For the case where the number of dark zones becomes largeis dad Elliott indicate
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Figure 1.9: Personal audio problem with multiple dark zanegroduced from76]).

that the solution given by the acoustic contrast contra@tsyyy approaches that given by the
sound power minimisation strategyq]. Therefore, in such an application the sound power
minimisation strategy may be more convenient to implemerit anly requires the response
between the individual sources to be known and does notreethé acoustic response to all of
the dark zone locations. This may be useful in a large atraggdlication, or in an application
where the dark zone locations are not predefined.

Personal Audio in a Small Video Monitor

A further technology that may benefit from personal audiaesys is personal computers
(PCs). This includes both laptops that are frequently usegublic spaces or desktop PCs
that, in many schools, universities and workplaces, aréipoed in large rooms with multiple
workstations. The use of acoustic contrast control to gaaea personal sound zone for the
user of a 17-inch monitor is presented by Chat@l [83]. The proposed system employs a
broadside array of 9 loudspeakers mounted on either thertbpttom of the monitor as de-
picted in Figurel.10aand attempts to generate a bright and dark zone geometrnyoas $h
Figure1.10b Using the acoustic contrast optimisation strategy anst@ouaontrast of greater
than 19 dB is demonstrated in an anechoic environment bat@@@Hz and 5 kHz. This level
of contrast achieves the levels required to generate diMgicacceptable listening zones ac-
cording to the study presented 23], however, there are a number of potential practical issues
with the system presented by Chaetcal.

Firstly, the defined bright and dark zone geometry showngfeil.10bdoes not consider
rear radiation from the system. In a realistic scenario a P@itor may often be positioned
in front of a wall or if a laptop were used in a public space ¢hisrjust as likely to be people
behind the device as to its sides, therefore the rear radiatiikely to have a significant impact
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Figure 1.10: The personal audio system presente83n(feproduced fromg3]).

on the performance of the system. The symmetry of the brdadsiray geometry employed
in [83] means that for monopole-like sources the sound radiatéuetéront and the rear of the
array will inherently be equal. At low frequencies simplesgd-back loudspeakers employed
in a practical system will be monopole-like and, therefsiace the bright zone is at the front
of the array an unwanted high level zone will also be createédearear of the array. In order
to avoid this effect a more complex array with loudspeakesgiduted in the front-to-back
dimension or directional loudspeaker units would be remljithis has been investigated in
[84].

A further area neglected in the personal audio system pegpos [83] is the effect of
the actual monitor on the performance of the system. Althaihg free field assumption is
reasonable on the basis that the user is within a short distahthe system and, therefore,
the direct sound is dominant over reflections from the wdllhe room, since the monitor is
in the nearfield of the loudspeakers and also close to theituisdikely to have a significant
effect on the system’s performance. It has been shown byr@&he[85, 86], that in the case
of a mobile device, the body of the device, which forms a figiteed baffle, has a significant
effect on the high frequency performance of an array opénhissing acoustic contrast control.
Changet al do consider the scattering effects of the user's head on dhfermance of the
system in a later publicatior8f] and develop a system that improves on the original system
for the practical case when the system is actually in use. ddevy the effects of the monitor
itself are also likely to have a significant effect on the waparformance.

The personal audio system presented8g |s extended to a two-channel system 88
where the array is used to generate a separate bright zoraetatear of the user and thus
facilitate cross-talk cancellation in a personal audiaeys The system is able to achieve
up to 20 dB of channel separation between the left and righbeght zones, however, the
potential issues discussed above are not addressed.
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Personal Audio for Mobile Devices

Mobile devices such as mobile phones, PDAs, portable gapresotes and DVD players are

widely used in public spaces and, therefore, audio reptaziuasing a standard loudspeaker
system may lead to issues of both user privacy and annoyancedrby listeners. The gener-
ation of a personal sound zone is, therefore, of signifiaaerést in this area and a number of
different technologies have been explored to solve thiblprm. For example, the parametric
array B9 has been applied to a mobile device by Nakashahal [90] and achieves such a

high level of directivity control that crosstalk betweeft lend right ears is less than 30 dB be-
low 2 kHz. However, the high power requirements, the nee@farge number of transducers
and the potential health risk81] limit its practicability in a mobile device.

The use of phase-shift loudspeakers, as reviewed by Holé@gshave also been investi-
gated for the application of personal audio in a mobile detig Cheer93]. This work shows
that an efficient hypercardioid source is achievable ussiggle driver and a rear opening with
a resistive material covering, however, this is shown toiffecdlt to achieve over a wide fre-
quency range due to the frequency dependent propertiee ofdin-port material. That said, the
directivity of the developed phase-shift loudspeakershmen employed in arrays to achieve
an increased personal audio performar@t 94].

The use of the acoustic contrast maximisation controlegjsato determine the optimum
driving signals for an array of 2, 3 and 4 sources in a lineyactafiguration has been investi-
gated by Elliottet al for implementation in a mobile devic8(]. This work considers a point
bright zone as shown in Figudelland a dark zone that consists of a sphere of pressure evalu-
ation positions separated by°1&urrounding the array — a cross section of which is also shown
in Figure1.11 Monopole simulations are used to demonstrate a tradexdfie number of
sources in the array between increasing the acoustic ebmtnd limiting the electrical power.
For example it is shown that a three-source array can retheaatliated sound power by 11 dB
but requires 50 times the electrical power of a single squand although a four-source array
can reduce the radiated sound power by 14 dB it requires d@B8d times the electrical power
of a single source§0]. Furthermore, it is shown through simulations employingasured
transfer responses that as the number of sources in theisuireyeased the optimal solutions
become increasingly sensitive to practical inaccuradias accur in the driver responses and
positions. Therefore, optimal line arrays with greatenttvao sources are shown to be imprac-
tical for a mobile device application not only because ofltitge power requirements but also
due to their low robustness. Improving the robustness ofrgbtarrays by limiting their sen-
sitivity to practical inaccuracies in transducer positi@and response8%] has been achieved
using matrix regularisation for antenna arra96][ sensor arraysj7] and loudspeaker arrays
[98]; the use of regularisation to improve the robustness afipéd personal audio systems
has been investigated and is presente @ [

23



. .
® ’ o
. .
sone @ % k|x % Soem POy
E Zabmm‘ ',':
¢ o
‘ I m "
N e
® o io®

Figure 1.11: Cross-section through the three-dimensigaametric arrangement considered
in [80].

Personal Audio in Enclosures

In order to implement a personal audio system within a cainagatvironment it is important to
consider the implementation of such a system in an enclgszks Although the vast majority
of work has been conducted based on the assumption of aédeafioustic environment, the
implementation of a personal audio system in an enclosedesigapresented by West al
[100. The investigated personal audio system employs the tmégls maximisation2@], or
maximum control gain control strateg¢(Q to optimise an array of 13 sources arranged as
three intersecting line arrays forming a star-shaped apoaitioned in a rectangular enclosure
with a volume of 81 . The presented results show that the optimal array significaut-
performs a standard delay-and-sum type beamformer, aslbin [L01], when the bright
zone is positioned beyond the reverberation radius, whHerelirect and reverberant sound
energies are equal(Z], in the enclosure. This result can be expected since theeydeid-
sum beamformer does not take in to account the influence abtha on the radiated sound
field, whereas the optimal array is designed using the aicowahsfer responses between the
sources and bright zone positions within the room and, tberecan attempt to compensate
for the influence of the room.

The work presented by Weet al only presents single frequency results and, therefore,
it is not possible to determine how the acoustic environnedfeicts the effective operating
frequency range of the personal audio system. Moreoveh, iggpect to the implementation
of a personal audio system in a car cabin it is important teiciem both the use of a distributed
array of sources — i.e. the standard car audio loudspeakansl the generation of multiple
bright and dark zones. Additionally, while in the contextfigfe-field personal audio systems
the power requirements have been thoroughly consid&@®2, 99|, no consideration of the
room'’s effect on power requirements has been mentionedeircdinrent literature regarding
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personal audio in enclosures.

1.4 Thesis Structure and Objectives

This thesis focuses on the development of acoustic actiwasystems for both noise reduc-
tion and audio reproduction in a car cabin environment. Fieenpreceding literature review
it is evident that although active noise control systemshsen implemented for both engine
and road noise control there is a significant need to improeeobst effectiveness and integra-
bility of these systems. This is particularly true for roasse control systems, which have had
little commercial implementation since the most techmycaffective systems require a large
number of accelerometers to achieve significant levels ofrob Therefore, in the context of
noise control, this thesis investigates integrable antteffsctive controllers for both engine
and road noise reduction.

There are strong technical links between active noise abatrd active sound reproduction
systems, such as spatial audio and personal audio. Theaiph of spatial audio systems
employing active control techniques to car audio repradachas begun to be investigated
both commercially §7] and academicallyl4]. The implementation of personal audio in car
audio systems has, however, not been widely presented liteteture. Therefore, the second
main aim of this thesis is to investigate the implementatiba personal audio system within a
car cabin. The specific aim of the personal audio system itow different audio programmes
to be auditioned in different seats in the car.

The structure of the thesis is as follows:

Chapter 2

The acoustic environment in the car cabin is known to be dég@non the coupling between
the structure and the enclosuddf. Prior to the investigation of active noise control stgigs

and personal audio reproduction systems, this chapterides@ model of structural-acoustic
coupling based on modal interactions which is used to dexivelemental model of structural
acoustic coupling in AppendiA. The elemental model is used to investigate the effects of a
non-rigid structure on the acoustic environment within aaain sized enclosure. The results
of these simulations are supported by a set of experimengucted on a car cabin mock-up.

Chapter 3

Feedforward control strategies offer a convenient metti@dwmirolling engine noise due to the
availability of a reference signal from the reciprocatimgi@e. This chapter investigates two
feedforward control strategies — global and regional abrtrusing the model of structural-
acoustic coupling derived in Chapt@r The effects of structural-acoustic coupling on the
control strategies are investigated and three primarycgogxcitations are considered: acoustic
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point source, structural point force and structural exicitaby an acoustic plane wave. Once
again, the simulations are supported by experimentalteegoin a car cabin mock-up.

Chapter 4

Feedback active noise control strategies offer a potemiidihod of controlling road noise with-
out the need for the additional accelerometers that arereshin a feedforward road noise
control system. This chapter presents a review of both eiimgut single-output (SISO) and
multi-input multi-output (MIMO) feedback control theonA review of modal feedback con-

trol is also presented and two internal model control (IM@)fulations of a modal controller

employing the standard car audio loudspeakers and the saoresensors that are used in
the feedforward engine noise control system investigateéchiapter3 are presented. Methods
of optimising the two control systems are described and #ropnance of the two control

strategies is calculated for a number of primary disturbasanditions.

Chapter 5

To improve the potential control achievable of road nois¢him car cabin environment this
chapter investigates a fully MIMO IMC feedback controll&he investigated MIMO feedback
controller also employs the car audio loudspeakers andatime ®rror sensors that are used in
the feedforward control system, however, the signal pingsequirements are significantly
higher than for the modal control strategies. A method oinoiging the proposed feedback
controller is presented and the performance of the coetrddl calculated for a number of
primary disturbance conditions.

Chapter 6

Following the investigations of feedforward and feedbactkva noise control strategies for
engine and road noise respectively, a series of measureraentconducted on a small city
car. These measurements include a set of transfer respagasuraments between the car
audio loudspeakers and microphones, as well as a set ofecagthroad noise measurements.
Using this measured data feedforward and MIMO feedbackrotheits are designed and the
performance of the active noise control strategies is gitedl Subsequently, the feedforward
engine noise control system is implemented in the small@tyand the results of real-time
operation are presented. A discussion regarding the irealitmplementation of the MIMO
feedback control system is also presented.

Chapter 7

This chapter presents an investigation of the implememtatf a personal audio system in a car
cabin sized enclosure. The performance of both distribatetinearfield loudspeaker arrays
is simulated and the effects of the enclosure on their pmidioce are investigated through the
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comparison of monopole simulations in free-field and modairenments. Based on these
findings a personal audio system suitable for the car augibcagion is proposed. Two alter-

native control strategies are also detailed and formulatere derived for constraining either
the overall electrical power or the electrical power regdiby individual sources. The perfor-
mance of the two control strategies is compared in the coofetke car cabin personal audio
system in terms of both personal audio performance and tgitcaning of the solutions.

Chapter 8

Based on the findings of Chapt@érthe practical implementation of a personal audio system
in real car cabin in investigated. This process first inveltlee specification of a loudspeaker
array that is capable of producing different audio prograsim the front and rear seats of a
car cabin. The response of the array is then measured in tloaloim and these measurements
are used to perform offline predictions of the performandh®kystem and to design practical
filters for a real-time implementation. Finally, measuretseof the personal audio system
operating in real-time are presented.

Chapter 9

The final chapter presents a summary of the conclusions drawnthe work presented in the
preceding chapters and provides suggestions for futurk indhis area.

1.5 Contributions

The main original contributions of this thesis are:

1. The investigation of the effects of structural-acoustitipling on feedforward active
noise control. A key contribution in this area is the diremtnparison between the control
achievable in a rigid and non-rigid enclosuf@®4, 105].

2. A modal feedback controller employing non-colocatedrsesi and sensors has been
proposed and a novel method of optimising the controllerteausducer weightings in
parallel has been described.

3. Multi-input multi-output feedback control has been istwgated for the application of
road noise control through both numerical simulations dfithe simulations using data
measured in a small city car. A method of optimising the aalgr has been described
and validated.

4. A rapidly converging feedforward engine noise contrateyn has been implemented in
a two-cylinder car and a novel method of reducing contrdlsger, employing a variable
frequency bandpass filter, has been proposed and empjirieated.

27



5. The effects of implementing a personal audio system wihtar cabin sized enclosure
have been investigated.

6. The acoustic contrast control strategy and least squgténisation method have been
derived with constraints on the individual source streagthd these control strategies
have been applied to the optimisation of the car cabin patsurdio system.

7. Apersonal audio system has been designed and implentergekiieve bright (listening)
and dark (quiet) zones in a car cabin.

A number of publications and conference proceedings hagerafrom both the work
presented in this thesis and related work carried out dufiegsame time period and these
references are given in the declaration of authorship.
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Chapter 2

The Effect of Structural-Acoustic
Coupling on the Acoustic Environment
of an Automobile Cabin

The acoustic sound field at low frequencies in automobilénsails dependent on the acoustic
and structural properties of the cabin enclosure and th&raction through coupling. This
has been widely studied.(6, 103 and an understanding of the structural-acoustic coupling
has been employed to improve the design of the coupled syistéenms of noise reduction
[107, 108. This chapter presents an investigation of the effect micstiral-acoustic coupling
on a car cabin sized enclosure with the aims of a) informirgdivelopment of active noise
control strategies and personal audio reproduction systarthe subsequent chapters and b)
developing a reliable model that can be used in the followimapters.

This chapter first presents the derivation of an analyticad@hof an enclosure with structural-
acoustic coupling and subsequently employs this modeMestigate the effects of coupling
upon a car cabin sized enclosure’s acoustic and structespbnse. A mock-up of the mod-
elled car cabin enclosure has been constructed using ptaod the results of a series of
experiments conducted on this enclosure are presentede Tesults are used to confirm the
reliability of the structural-acoustic model.

2.1 Model of Structural-Acoustic Coupling

The modal model of structural-acoustic coupling, first preéed by Dowell and Vos4.09, will

be derived in this section following the compact matrix fatation of this model presented by
Kim and Brennan10Q]. The derivation of the coupled response based upon matiaiction
assumes that the coupled response may be described by thenation of the uncoupled
acoustic and structural responses. Based on this assumtimtiinfluence of the acoustic system
on the structural is determined by the acoustic pressurd@rmsurface of the structure and,
similarly, the influence of the structural system on the atious determined by the normal
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surface acceleration of the structue .

The model of structural-acoustic coupling based upon theraction of the uncoupled
acoustic and structural modes has been widely employedté&y Hdawever, recent work by
Ginsberg 112 has questioned the simplification employed in Dowell’'s mlpg@vhich uses the
rigid walled enclosure modes as a basis for the pressureiffigle coupled enclosure. This
simplification leads to the velocity continuity conditiomtnbeing satisfied at the non-rigid
boundaries, which is acknowledged by Dowatllal [113 as well as GinsberglflZ]. Due to
this potential issue with Dowell's model, Ginsberg presesm alternative model based upon
an extension of the Ritz series method which satisfies allimaity conditions 12. Gins-
berg goes on to present a comparison of the two methods amtlides that the simplified
method provides accurate solutions for light fluid loadiexgept at frequencies below the fun-
damental rigid enclosure mode, whereas the Ritz seriesathéslshown to be accurate in all
cases [12). This therefore suggests that a more rigourous study dhemiploy the Ritz se-
ries method, however, Dowell’s response to Ginsberg’s viigklights two practical points:
(1) Dowell's method has been widely verified experimentalhd works well in most cases,
and (2) Dowell's method offers lower computational burd&t4. In response to this Gins-
berg states that the computational advantage only existseathe rigid-walled modes of the
enclosure can be determined analytically 4. For the work presented in this chapter, and
the following chapters employing the presented model, tangailar acoustic enclosure will
be considered and, therefore, since the rigid-walled madesstraightforward to calculate,
Dowell’s simplified model will be employed in order to kee ttomputational load to a mini-
mum. Additionally, since the fluid in the acoustic domaintlee considered problem is air, the
fluid loading is likely to be light compared to, for instanea underwater acoustics problem.
Therefore, as detailed by GinsbefdlP] the accuracy of Dowell’s model will be sufficient.

The issue of employing hard walled boundary conditions Mssiavestigated by Bullmore
[116 who compared the results of simulations using hard-wadledustic modes, with fluid
damping, and soft-walled acoustic modes, with damping ersthiface. He found only small
differences in his simulated results. Further supportirguse of Dowell's model.

According to the modal model of the sound field within a rigidlled rectangular enclosure
the pressure at a position defined by the vektaray be written in terms of the summation of
the complex amplitudes of the acoustic modgsand the mode shapés,, as

p(X) = ioanwn<x>- (2.1)

The rigid walled acoustic mode shapes are given by

Ny TIX NpTIX NgTIX:
1 ™2 o s 3’
Ly Lx, Lxs

Wn(X) = /€n1€n2€n3 COS (2.2)

wherexq, X2, andxz are the co-ordinate directionky,, Ly, andL,sz are the dimensions of the
enclosure in the respective co-ordinate directiansn,, nz denote the trio of model integers,
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anden, € andepz are normalisation factors used to ensure that the mode stiapa an
orthonormal set. For an acoustic source distributega,(X), within the enclosure the complex
amplitude of then-th acoustic mode is given by

o= P50, [ (K0 (V. 3

wherepg is the ambient air density is the speed of sound, is the volume of the enclosure,

and
w

[20nonw+j(0? — wf)]’

wherew is the angular frequency;, is the damping of than-th acoustic mode, is the

A=

(2.4)

angular frequency of the-th acoustic mode, and j ig—1. Assuming that the frequency range
of interest is limited, it is possible to approximate the @st@ pressure within the enclosure
using a finite number of modeN, and equatior2.1 can then be written in vector notation as

p(x) = W(x)"a, (2.5)

wherea is a column vector containing the complex amplitudes ofNhecoustic modes angi
is a column vector oN acoustic mode shapes at positin

According to the modal model of a thin isotropic plate thevatuo structural vibration
velocity at a positiory on the structure may be described by the summation of the leamp
amplitude of the structural modds, and the uncoupled structural mode shape functiggs,
as

wly) = 5 DY) 2.6
=1

The mode shape function is dependent on the specific bourdaditions and this will be
considered in SectioR.2 The complex amplitude of theth structural mode for a distributed
force excitation is given by

1
pshS

b= —— By /SF a(y) f(y)ds 2.7)

whereps is the density of the plate materidljs the plate thicknesss: is the surface area of
the plate,f(y) is the distributed force applied to the plate, and

W
Bk = [ZZkookarj(w?—wﬁ)]’ (2.8)

where(y is the damping of th&-th structural mode andy is the angular frequency of theth
structural mode. As for the uncoupled acoustic system,taqua.6 may be approximated by
a finite number of structural modds, and can then be written in vector notation as

w(y) = @(y)"b, (2.9)
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whereb is a column vector containing the complex amplitudes ofkh&tructural modes and
@is a column vector oK structural mode shapes.

Within an enclosure where the acoustic boundaries are giot tut vibrate as plates, the
acoustic modes may be excited by both a distribution of amaeurce strengths within the
enclosure (as in equatidd3) and the vibration of non-rigid boundaries. Consideringhbo
acoustic and structural source terms the complex amplidfidiee n-th acoustic mode is then
given by

pOCOAn ( JRTCERTALY +/ Un(y )ds> (249

wherew(y) is the normal surface velocity of the non-rigid structureor equatior2.10the
contributions to the-th acoustic modal amplitude from the acoustical sourggs,and struc-
tural sourcesw, can be clearly identified as the first and second integraigaespectively.
For a generalised modal acoustic source temms Ji, Wn(X)0vol(X)dV, equation2.10can be
written as

an = pOC%An <Qn ‘|‘/ Wn(y )dS) (2.11)

Substituting for the structural velocity using equatibthen gives

anp% ( +zm/wm@m§) (2.12)

From this equation it can be seen that the excitation of tleeistic mode by the non-rigid
structure is dependent on the interaction between thetstal@nd acoustic mode shape func-
tions. This is termed geometric coupling and is represemyetie integral of the structural and
acoustic mode shape functions over the surface of the gahsgiructure:

cMaL%m@mw (2.13)

For a finite number of structural and acoustic modes, thenmolvector of complex modal
amplitudes@a, may be written using the above derivation as

a= Za(Qam+ qsm) (2-14)

whereq,,, is the vector of modal source strengths due to the acousiicssq,,, is the vector
of modal source strengths due to the structural vibrati@higequal taCh, whereC is the(N x

K) matrix of structural-acoustic mode shape coupling termd;the uncoupled acoustic modal
impedance matrix, which describes the relationship batvilee acoustic source excitation and
the acoustic pressure in modal coordinateais= Apoc3/V, whereA is the(N x N) diagonal
matrix of acoustic resonant response terms given by equaib

Considering both structural and acoustic force terms tinepbex amplitudes of the struc-
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tural modes may be written as

psr%& B ( /SF G(y) f(y)dS— /SF (y) p(v)d8> : (2.15)

wherep(y) is the acoustic pressure evaluated on the plate surface &yain, as for the acous-

b =

tic modal complex amplitude, from equati@ril5the contributions to thi-th structural modal
amplitude from the structural force distributiofi(y), and the acoustic pressure distribution
on the plate,p(y), can be identified as the first and second integral terms cégply. The
second term is negative since it describes the reactioe forthe force acting on the structure
due to the acoustic pressure, and thus acts in the oppostidn to the pressure. Defining a
generalised modal forck = [ @(y) f(y)dSand substituting for pressure using equatoh

by = psh& (fk — Z)Ck nan> (2.16)

whereCyn = C!,. For a finite number of acoustic and structural modes thenzoluector

gives

containing the complex amplitudes of thestructural modes can be written as
b=Ys(fsn— fam), (2.17)

wheref g, is the vector of generalised modal forces due to the extéoneg distributionf (y);

f.m is the vector of modal forces due to the reaction force cabisethe acoustic pressure
acting on the structure and is equatba; and the uncoupled structural modal mobility matrix
isYs=B/(pshS) whereB is a(K x K) diagonal matrix of structural resonant response terms
given by equatior2.8.

Substituting equatio®.17into equation2.14for b, which formsqy,, allows the complex
amplitude of the acoustic modes to be written in terms of tihect acoustic and structural
excitationsq,,, and f ¢, respectively:

= [1+ ZoCYLCT] " Za(Qam+ CYsF ). (2.18)
Similarly, substituting into equatio®.17for a using equatior2.14gives
b=[1+Y«C Z:C] "Ys(fom—C"Zalam). (2.19)

Equation2.18 may be used to describe the acoustic response of a systenstwitiural-
acoustic coupling for various acoustic and structuraltexions via substitution into equation
2.5. Similarly equation2.19may be used to describe the structural response of a systém wi
structural-acoustic coupling via substitution into edpaR.9.

At this point it is pertinent to observe from equatidhd8and2.19that if the term in square
brackets in both instances is approximately equal to thetitgematrix, I, the system is said
to be weakly coupled. This physically implies that the atiousnd structural responses have
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limited influence upon each other. More specifically, a systeay be described as weakly
coupled if either 117]

|1Z.CYLCT|| ~0, (2.20)
or

IIYCTZ.C|| ~0, (2.21)
where||---|| denotes a norm of the matrix.

The corresponding analysis using an elemental rather thawdal approach is outlined in
AppendixA and provides a method of simulation for more complicatechgetdes. For exam-
ple, where multiple walls of the enclosure are non-rigide Bfemental model is employed in
the following simulations.

2.2 Numerical Investigation of the Effects of Structural-Acoustic
Coupling in an Enclosure

The elemental model derived in Appendbwill be used to investigate how non-rigid structural
panels affect the response of the car cabin sized rectargnudtosure presented in Figu2el
According to the elemental model, the vector of acoustisqueesp, at theL elements in the
non-rigid enclosure is given by equatién38 which is repeated here for convenience

p=[l+2ZaYcs *Za(q+SYsf), (2.22)

whereZ, is the (L x L) matrix of uncoupled acoustic impedances in the enclosYigg,is
the (L x L) matrix of acoustic admittances of the structuges the vector of acoustic source
strengths Sis the diagonal matrix of element areds; is the matrix of uncoupled structural
mobilities andf is the vector of structural forces. The vector of normal acefvelocities on
the non-rigid structure is given by equati&m0 and this is again repeated for convenience

w= [l +YsZcal 'Ys(f —SZaq), (2.23)

whereZca is the matrix of mechanical impedances. For this invesbgatthe enclosure is
excited by an acoustic monopole source positioned in a carfihe enclosure, as shown in
Figure2.1, and the acoustic and structural responses will be obseradte acoustic potential
energy and the structural kinetic energy respectively. {oked acoustic potential energy can
be estimated as,

p™p, (2.24)

p%

4pociL
wherelL is the number of elements afidis the complex conjugate, Hermitian, transpose and

the total structural kinetic energy over all non-rigid pisnean be approximated as,

psh
E,.~ = 2.2
K 4st W, (2.25)
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whereLg is the number of elements which are positioned on the streictu

1.1m

49y

24 m

A
v

1.2 m

Figure 2.1: Enclosure dimensions and acoustic monopolesqosition.

The acoustic damping ratio of the enclosure is assumed teehedncy independent and
a value of 10% has been used as this is typical of an automiotigor [9]. This estimate is
confirmed in the in-car measurements presented in ChépiEne properties of the non-rigid
panels, which are assumed to be simply supported, areatkiailTable2.1 and are chosen
to be typical of plywood, which will be employed in the lateqperimental studies presented
in Section2.3. The true boundary conditions are more complicated thaplgisupported but
this assumption provides a reasonable approximation ttrileebehaviour, and the results are
not changed qualitatively if different boundary conditoare used, as discussed in Appendix
C. The simulated responses have been generated using 108liacoades and 90 structural
modes per non-rigid panel. The elemental spacing has beéerud® that there are 6 points
per wavelength at the maximum frequency of interest — 500 Mzaieh results in a total of
2904 points evenly distributed throughout the enclosute umber of points used to evaluate
the structural response is dependent upon the size of thegidrstructure and, therefore, the
number and size of non-rigid panels.

Table 2.1: Non-rigid panel properties

Property Value
Young’s ModulusE | 5x 10° Nm~?
Panel Thicknesd$) 12 mm
Poisson’s ratioy 0.3
Panel densityps 465 kgn 3
Damping ratiok 0.05

Prior to employing equatior.22and2.23it is necessary to define the natural frequencies
and mode shape functions of the simply supported panel. @tal frequencies of a simply
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supported panel are given by/1[g

- ER? le[ 2 kﬂT[ 2
= | 12ps(1—-V?) [( Ii/yl > i ( Ly, > ] ’ (2:29)

wherely, andLy, are the dimensions of the panel in tyeandy, co-ordinate directions re-

spectively andk,; andky, are wavenumbers in thg andy, directions. The orthonormal mode
shape functions of the simply supported panel are give B [

W(Y1,Y2) = 25in<w> sin(kﬂnw) . (2.27)
Lyl Lyz

Before employing the model to simulate the system descthieeg, a number of simulations
were carried out using structural-acoustic systems de=ttin the literature in order to confirm
that the results of the implemented code agreed with thaqurewvork. For both the modal
model and elemental model the results agree with the workepted by Kimet al in [117,
110 119, which considers an enclosure with a non-rigid roof. Hoareweither the modal or
elemental models produce the same results as presented tgnivicad 120, where a small
section of the floor is non-rigid. The results of the modal efemental models implemented
for a system with a small non-rigid section of floor do prodti@same results as one another,
and further consideration of the results presented by Mahathcompared to previous work
suggests the possibility of an error in Mohammad'’s caltuhst That is, despite the non-
rigid structure employed by Mohammad being considerablglemthan that employed by
Kim and the enclosure being considerably larger, the gedenatupling coefficients quoted
by Mohammad are consistently of greater magnitude thanembrk of Kim. This is not as
expected since from equati@?22 for example, it can be seen that the effect of coupling upon
the pressure is dependent upon the size ofAk¥cs term compared to unity and sind&s
is proportional to the non-rigid surface area @is inversely proportional to the volume of
the enclosure it can be appreciated that for a smaller rgid-panel and/or a larger acoustic
enclosure the effect of coupling should reduce. Additipnalnce the results of Kiret al[117,
110 119 are supported by physical measurements, and Mohammad'®arit is assumed that
the implemented models are correct. This will be supponteithé following section through
experimental validation.

2.2.1 The Effect of a Single Non-Rigid Roof Panel

The majority of previous work on structural-acoustic canglhas considered the case where
there is a single non-rigid panel or wall(9, 121, 122 123 124, 125 126, 127]. Therefore,
simulations of a single non-rigid roof panel will be presshfirst. The benefit of first investi-
gating the effects of a single non-rigid panel is that theseawof the changes in the acoustic and
structural responses are more easily attributable tham wiexe are multiple non-rigid panels
with different modal responses; this will be investigatedhe following section.
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For the internal acoustic excitation source, with a voluretoeity of 10°° m3s1 and
positioned in the corner of the rectangular enclosure awisio Figure2.1, Figure2.2 shows
the total acoustic potential energy and the total strutkiretic energy within the enclosure
with a non-rigid roof panel. The acoustic and structurgboeses have been calculated for both
the fully coupled and weakly coupled cases. In the weaklypltamicase the terms in square
brackets in equation®.22 and 2.23 have been set to the identity matrix, as discussed at the
end of AppendiXA. From Figure2.2ait can be seen that the acoustic potential energy is only
significantly affected at frequencies below around 100 Hz.
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Figure 2.2: Simulated acoustic and structural respongeecdi¢oustic enclosure with a flexible
roof panel when excited at different frequencies by a simgkrnal acoustic monopole source
with a volume velocity of 10° m3s~1.

At frequencies around th@, 1) structural mode it can be seen from Fig@&@bthat the
effect of a fully coupled system is to increase #épparentfrequency of the mode. The magni-
tude of this effect may be explained by considering the aafoequencies of the first acoustic
and structural modes, and the geometric coupling coeftitietween these two modes; these
values are presented in Tal@& For the(0,0,0) acoustic mode and th@, 1) structural mode
the magnitude of the geometric coupling is significant comgavith the other geometric cou-
pling coefficients presented in TabR2 and, therefore, the interactions between these two
modesmay be significant. However, this is not the only parameter tleeiines the mag-
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nitude of the coupling effect, and the relative natural freucies and bandwidths of the two
modes are also important as described by the condition fallbceupled mode according to
Fahy [L21]:

2|0 — ux| < (Bwn +Aax) (2.28)

whereAw, andAwy are the bandwidth of the-th acoustic andk-th structural modes respec-
tively. In the case of the compliant acoustic mode, cal@uathe bandwidth is not feasible
since the natural frequency is at 0 Hz so no lower frequentiyploaver point may be deter-

mined. It can, however, be appreciated that based on thénptgof the two mode’s natural

frequencies and the geometric coupling coefficient theyintiéract.

The effect of the interaction between an acoustic mode atietsral mode upon the re-
sultant structural-acoustic coupled modes is describe@raggs 106]. He states that if the
structure is mass-controlled the frequency of the fullyed enclosure mode will increase
in frequency compared to the rigid walled case, while thi/fobupled structural mode will
decrease in frequency. For a stiffness-controlled boyntter frequency of the fully-coupled
enclosure mode will decrease compared to the rigid walled,aahile the fully-coupled struc-
tural mode will increase in frequency. A structural mode &ssicontrolled if its natural fre-
quency is lower than that of the acoustic mode since the sicom®de will predominantly
excite the structural mode in its mass controlled regiomnil@rly, if the structural mode’s
natural frequency is above that of the acoustic mode it vélisbffness-controlled since the
acoustic mode will predominantly excite the structural madits stiffness-controlled region.
Therefore, in relation to thé0,0,0) acoustic and1,1) structural modes it can be appreciated
that the effect of this particular coupling will decrease #pparent natural frequency of the
enclosure mode through an increase in effective mass. Shieeieffect that can be seen in
Figure 2.2aat frequencies below the dip in the acoustic potential gnatglé Hz. A more
detailed analysis of the modal interaction in this caseaes@nted in AppendiB.
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Table 2.2: Coupling coefficients, modal integers, and @éfuequencies of the first eight acoustic and first nine stinat modes.

Mode number Structural 1 2 3 4 5 6 7 8 9
Integers (1,1 (2,1) 3,1) 1, 2) (2,2) 4,1) (3,2 (5,1) 4, 2)
Acoustic Frequency (Hz) 16 26 42 55 65 65 81 94 104
1 (0,0,0) 0 2.3344 0 0.7781 0 0 0 0 0.4669 0
2 (1,0,0) 71 0 2.2009 0 0 0 0.8804 0 0 0
3 0, 1,0 143 0 0 0 2.2009 0 0 0.7336 0 0
4 (2,0,0) 143 -1.1005 0 1.9808 0 0 0 0 0.7336 0
5 0,0,1) 156 -3.3014 0 -1.1005 0 0 0 0 -0.6603 0
6 (1,1,0) 160 0 0 0 0 2.0751 0 0 0 0.8300
7 (1,0,1) 172 0 -3.1126 0 0 0 -1.2450 0 0 0
8 (2,1,0) 202 0 0 0 -1.0375 0 0 1.8676 0 0




2.2.2 The Effect of Multiple Non-Rigid Panels

In a practical enclosure, such as a car cabin, it is likely thare will be multiple non-rigid
panels, therefore, the elemental model will be employedestigate the effect of multiple
non-rigid panels. The first system to be considered is theesatoustic enclosure as previ-
ously with both non-rigid roof and floor panels. Both panedséidentical properties and,
therefore, their respective structural modes are iddntkigure 2.3ashows the total acoustic
potential energy within the enclosure when the fully codpggstem is excited by the monopole
10-°> m3s~! volume velocity source as previously. From this plot anchwitference back to
Figure 2.2ait can be seen that the effects of structural-acoustic @ogipemain limited to
frequencies below around 100 Hz.

Comparing the two sets of data presented in FiguBaindicates that the effect of intro-
ducing the non-rigid floor panel is to increase the effectghefstructural-acoustic coupling
for the single roof panel described previously. For example significant peak relating to the
(1,1) structural mode at 26 Hz for the non-rigid roof system istgligincreased in magnitude
and the frequency is shifted up to 30 Hz. The increase in thealdrequency of this structural
mode can also be seen in the total structural kinetic enwirgigh is presented in Figur2 3k
however, due to the relative phase of the roof and floor pagletities and their interaction via
the acoustic enclosure there is a slight reduction in thenihade of the total structural kinetic
energy.

Referring back to the total acoustic potential energy glatan be seen that due to the
inclusion of the second non-rigid panel the natural fregyeof the first longitudinal acoustic
mode has been increased in frequency by a further 2.5 Hz5d+Z/.1t is also pertinent to note
that, as expected, the inclusion of the second panel predutager variation in the acoustic
potential energy at around 42 Hz and 60 Hz, where weaker pasehances occur, but since
both panels have the same properties the effects of thesesthedome more significant.

From Figure2.3bit can be seen that the total structural kinetic energy —ighdlhe sum of
the total kinetic energy in both the roof and floor panels -n&séased for frequencies greater
than approximately 100 Hz. However, at lower frequenciesit be seen that the change in
kinetic energy is lower and at some frequencies the totadtkirenergy in the two panels is
reduced compared to the single non-rigid roof panel. Thislwarelated to the interaction
between the two flexible panels and the acoustic enclosure.

Although it has been shown how an acoustic enclosure’s nsgpis affected by the inclu-
sion of two non-rigid panels with identical properties sifgerhaps more practically orientated
in the context of a car cabin to consider an enclosure whépmaaéls are non-rigid. Although
the structure of a car cabin is unlikely to be homogeneous iétance, the structural-acoustic
coupling between the windows and the cavity will be signiftba different to that between
large metal panels, such as the roof, and the cavity — it illlseterms of understanding
the physical problem to consider the simple rectangulatosaoce with all panels being con-
structed of the same non-rigid material. Since there armeethlifferent sized panels in the
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Figure 2.3: Simulated acoustic and structural respons@eofatoustic enclosure with flexi-
ble roof and floor panels when excited at different frequesidy a single internal acoustic
monopole source with a volume velocity of Tom3s 1.
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rectangular enclosure, investigating the coupled respuaiils enable the effects of structural-
acoustic coupling to be observed where there are multipletsiral components (or panels)
having different mode shapes and frequencies, as well fessatit positioning relative to the
acoustic mode shapes of the enclosure.

Figure2.4 shows the total acoustic potential energy and total strackinetic energy for
the structural-acoustic system where all panels are mpd-aind have the properties presented
in Table2.1; that is, the enclosure is a plywood rectangular box withdineensions presented
in Figure2.1 Both plots in Figure2.4 show the respective energies for the weakly coupled
and fully coupled cases. From these plots it can be seentthadftects of structural-acoustic
coupling occur over a wider bandwidth than for the singldf panel case considered above, as
expected.

From Figure2.4ait can be seen that significant variations between weaklyfalhdcou-
pled analyses now occur up to around 200 Hz. Additionallyrerpeaks in the fully coupled
energy spectrum occur for this completely non-rigid enales which may be explained by
the larger number of structural modes in the low frequencydbadth where coupling effects
are more significant; that is, due to the multiple panel disi@ms now included, 38 structural
modes occur below 100 Hz compared to the eight shown in TABleFrom the acoustic po-
tential energy plot it can also be seen that, as before, tieldingitudinal acoustic mode has
been shifted up in frequency, however, in this case the essmnappears at 85 Hz. This may
be explained by the significantly increased number of atrattmodes that are lower in fre-
quency than the first longitudinal acoustic mode, and whiely,therefore, depending on their
geometric coupling and frequency proximity to the acoustade, more significantly increase
its effective stiffness and thus natural frequency. It soallear that, although the fully coupled
analysis of the entirely non-rigid enclosure shows a graaimber of variations in the acous-
tic potential energy, the magnitude of the resonances atirddessonances is either equal to, or
lower than for the single non-rigid panel system considgrediously.

Figure2.4bshows the total kinetic energy in all of the panels. From pitas it can be seen
that at high frequencies there is little difference betwtbenveakly and fully coupled analyses.
This result may be related to the fact that, as noted prelyicaishigher frequencies the effects
of structural acoustic coupling tend to be limited due to mupling between structural and
acoustic modes. At frequencies below around 170 Hz thers@re frequencies where the
fully coupled analysis indicates that the total structliaktic energy has increased and some
where it has decreased.

The effect of different panel boundary conditions on th@oese of the structural-acoustic
coupled system is investigated in Appen@iand, although the details of the interaction differ,
the general form of the results is similar to those for thepdynsupported panels as discussed
herein.
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Figure 2.4: Simulated acoustic and structural responskeoatoustic enclosure with all non-
rigid panels being flexible when excited at different fregeies by a single internal acoustic
monopole source with a volume velocity of Tom3s 1.
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2.3 Experimental Investigation of the Effects of Structurd-Acoustic
Coupling in an Enclosure

The effect of structural-acoustic coupling upon the respoof a car cabin sized rectangular
plywood enclosure has been investigated using an elemeradél of the enclosure in the
previous section. In order to confirm these results the niedieihclosure has been constructed
and is pictured in Figur@.5. The internal dimensions of the enclosure a®#x21.2 x 1.1 m
and it has been constructed from 12 mm thick plywood. The oreaent results presented
below are therefore comparable to those presented forrindatied system.

a4

Figure 2.5: Plywood rectangular mock-up of the car cabihe roof removed and cotton-
felt damping in place. The volume velocity source is showpadsitionXs;

The acoustic response of the plywood enclosure was meaandatiese results will be dis-
cussed initially. Secondly the structural response of @r@efs which form the enclosure was
measured in order to confirm that their damping is comparabtbat assumed in the simula-
tions. A comparison between the simulation and experinheasalts will then be presented.

2.3.1 Acoustic Response of the Car Cabin Mock-up
Methodology

The characterisation of the car cabin mock-up has beenvachtbrough the measurement of
the frequency response between each of the sixteen miarephe8 positioned in the corners
of the enclosure (see Figuge6) and 8 at the hypothetical headrest positions (see Figuhje
— and the primary and secondary sources, whose positioresarelepicted in Figur2.6. A
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block diagram of the measurement setup is presented ind=&ydiand the equipment used is
detailed in AppendibD. For the measurement of the acoustic transfer impedandekes anclo-

sure a volume velocity sourc&28 has been used for both the primary and secondary sources.
This allows the acoustic transfer impedance between eashsemsor and the source positions
to be determined. The data has been acquired using the MzdlbAcquisition Toolbox and

the subsequent analysis of the data has also been conduititéa Matlab. For each source
position measurement the volume velocity source was diyarand-limited white noise with

a cut-off frequency of 12 kHz and 250 seconds of data was sedjini order to permit signif-
icant averaging. The data was sampled at a frequency of 2E@&hd the anti-aliasing filters
were set accordingly by the acquisition system.

p(xs

qS3(XS3)
p(x7

1.1m

Figure 2.6: Rectangular enclosure showing dimensions laagasitions of the sources and
sensors.

Using the measured volume velocity and calibrated presdate the acoustic transfer
impedance between each error sensor position and eaclegoosition has been calculated

as
Sy

&7
whereS,y is cross spectral density (CSD) between the input volumecitgl and the output

Z(XsensotXsource) = (2.29)

pressure an&y is the input power spectral density (PSD).

Results

The acoustic response of the enclosure was first measureit wie plywood box with no ad-
ditional acoustic damping — i.e. bare plywood walls — howeltevas found that the acoustic
damping was significantly lower than the 10% that has beemnass typical of a car cabin
based on9]. Therefore, the cotton-felt damping, which can be seeniguie 2.5, was at-
tached to the walls of the enclosure and the response wassemel. The input (volume
velocity source) and output (sensor pressure) PSDs anderadeeare presented in FigL2e3
for the response measured between the secondary spgreavhich corresponds to the rear
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Figure 2.7: Block diagram of the acoustic transfer impedaneasurement setup.

left loudspeaker in a car — and error senp@;) whose positions are depicted in Figi&®.
From this plot it can be seen that a coherence close to 1 haslob@&ved across the frequency
range of interest for active noise control except at fregiesnbelow around 40 Hz where, from
the plot of S, it can be seen that the output of the volume velocity sowtte off. This plot
highlights the accuracy of the conducted measurements.

Using equatior2.29the acoustic transfer impedances between each volumdtyedoarce
input and each error sensor pressure have been calculagede Z9shows the magnitude and
phase of the acoustic transfer impedance between sagfand error sensop(X;). This
plot clearly shows the modal nature of the enclosure’s deoresponse and in comparison to
the simulated acoustic transfer impedance for the fullypéedi enclosure, which is presented
for reference in Figur2.1Q it can be seen that the resonances in the response remaily cle
defined up to a much higher frequency and at low frequenciesebonances are less well
damped. Calculating the damping of the first longitudinaldsdor the acoustic impedance
presented in Figur@.9, which occurs at 76 Hz, using the half-power method indidktet
the damping is around.2%. This is significantly lower than the frequency independé%
damping assumed in the simulations, however, it is a sigmfictncrease compared to the en-
closure without additional damping, which exhibited 0.98&mping of the first acoustic mode.
That said, it can be seen from comparing the measuremeniranthion results presented in
Figures2.9and2.10respectively that the general characteristics of the mesgqarticularly at
frequencies below around 150 Hz, are similar. For exampgrgetis a peak in both responses
around 75 Hz, which corresponds to the first longitudinalatio mode, and at lower frequen-
cies there are a number of lightly damped resonances thatspand to structural vibrations.
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Figure 2.8: Coherence and power spectral densities forsicdvansfer impedance measure-
ment between secondary sourmgg and error sensop(X;) with cotton-felt damping in the
enclosure.
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Figure 2.9: Measured acoustic transfer impedance fromett@slary sourcgs to error sensor
P(X1).
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Figure 2.10: Simulated acoustic transfer impedance froenstitondary sourogg to error
sensom(X;) according to the elemental model of structural-acoustigpting.

Due to the acoustic damping being lower than that assumdtkitheoretical simulations
an additional set of measurements were conducted with af ¥ em deep foam wedges
covering the floor of the enclosure, which provides a sigaificincrease in the volume of
acoustic damping material. At low frequencies, where thleusiic damping of the enclosure
is significantly lower than that assumed in the theoretivadstigations, a 1.1% increase in the
acoustic damping of the first longitudinal mode was achievEdis small improvement can
be related to the general rule of thumb regarding acoussorgkion treatments which states
that, in order to provide significant absorption at a spedificquency the material must be
comparable to the acoustic wavelength at that frequenctheiirst longitudinal mode, 76 Hz
in this case, the acoustic wavelength is 4.4 m and thus, as#uk rule of thumb, significant
absorption would be very challenging to add. From this beifisideration of the acoustic
damping within the enclosure it is clear that the assumeglibrcy independent damping of
10% employed in the model is difficult to achieve at freques@round the first few acoustic
modes in the car cabin mock-up. In an actual car environméaveh of damping closer to the
assumed 10% may be achieved due to the presence of largebialgsstructures such as the
seats and passengers, this will require confirmation in @nép

Due to the difficulty of positioning sources and sensors iwithe enclosure when the foam
wedges are positioned on the floor, and since they only peavisinall increase in the acoustic
damping around the modes of interest, the response of th&-omenclosure with cotton-
felt applied to the walls but without the additional foam \ged will be considered from here
onwards.

In addition to the absolute properties of the car cabin mgelenclosure it is interesting
to observe how sensitive the acoustic response of the emel@sto changes in the structural
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system. To investigate the sensitivity of the structuestic coupled system the acoustic
response has been measured with an additional mass&kddlaced on the enclosure roof.
Figure2.11shows the acoustic transfer impedance between sogg@nd error sensop(X;)
both with and without the additional mass. From this plotahde seen that the additional
mass has caused the significant peak at 76 Hz to be increa$edjirency by around 1.5 Hz
and decreased in amplitude by around 5 dB. This effect carlbaéed to the change in the
mode shapes of the roof panel due to the additional mass andotiisequential change in
their coupling with the acoustic enclosure modes causiadrgguency of the acoustic modal
resonance to be altered. The change in the structural resdithe roof panel as a result of the
added mass can also be seen from the additional resonariz.& &tZthat has been introduced.

100 200 300 400 500
Frequency, Hz

No mass
— Added mas$]

100 200 300 400 500
Frequency, Hz

Figure 2.11: Measured acoustic transfer impedance fronsélcsendary sourcgs to error
sensorp(X1) with unloaded roof panel (—) and with additional 12.8 kg m@s$.

2.3.2 Structural Response of the Car Cabin Mock-up
Methodology

In addition to investigating the consistency between thasueed and simulated acoustic sys-
tems it is pertinent to confirm the assumptions made in therétieal model regarding the
characteristics of the structural system. Therefore, thetsral mobility has been measured
using the equipment detailed in AppendX The same setup as depicted in Fig@ré has
been used for the structural measurements, however, tliatext source has been replaced
with a shaker and the error sensors have been replaced bgla attelerometer. The point
mobility of both the large side wall and the end wall of thelesare have been measured. The
position of the shaker for the end wall mobility measurenisrgictured in Figure2.12 the
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accelerometer was fixed to the inside wall of the enclosutleeaposition of excitation. These
measurements have been conducted both prior and subségtlentotton-felt damping being
attached to the inside walls of the enclosure.

Figure 2.12: Structural response measurement setup.

Results

Figure2.13shows the magnitude and phase of the structural mobilitythat is, the velocity
per unit force — for the large side-wall panel before the i@pgibn of the cotton-felt damping.
From this plot it can be seen that the structural dampingws bnd using the half-power
estimation method gives a damping ratio{f~ 1.25% for the large panel when the average
damping of the first nine modes is calculated. For the smaliveall panel the damping ratio
is estimated based on the first 10 modeg§,as 1.18%. This damping ratio is approximately
25% of the value assumed in the simulations.

Repeating the structural measurement of the large sidepanél once the cotton-felt had
been attached resulted in an increase in the average dawfgimg first nine modes t0.85%.
Additionally the damping in a number of individual modes wageased to around 5%. Since
only low frequency, clearly distinct modes were considéngithe damping estimate it is likely
that the damping factor at higher frequencies will be gretitan this estimate. Therefore,
this suggests that the 5% structural damping assumed fairtihdations employing the fully
coupled model is not an unreasonable approximation.

2.3.3 Comparison between Simulated and Measured EnclosuResponse

Comparison between the acoustic transfer impedancesnpeedsia Figure.9 and2.10 pro-
vides an indication that, although the acoustic dampinggisifecantly lower in the car-cabin
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Figure 2.13: Measured point mobility of the large side-vgahel.

mock-up, the simulated and measured responses are simitharacter. However, it is also
interesting to observe how the acoustic potential energignate, J,, within the simulations
and experiments differs. Figu&14shows the estimated acoustic potential energy according
to simulations employing the elemental model of structa@ustic coupling and the mea-
sured plywood enclosure; simulated results are shown ftbr the original acoustic damping
of ¢, = 0.1, which is assumed to be comparable to a car interior acupridi [9], and a re-
duced acoustic damping 6f = 0.02, which is closer to that measured in the enclosure. From
this plot it can be seen that, at frequencies below the firgjitadinal acoustic mode which
occurs at around 75 Hz for all three systems, both simulatsigs have peaks and nulls that
are comparable in magnitude to those observed in the mebsystem, although the specific
frequencies of resonances differ due to inaccuracies inidgfthe boundary conditions in the
model. It can also be seen from Figtd4that the first longitudinal acoustic mode occurs at
a similar frequency in the measured and both simulated rgsteowever, it is clear that the
measured system has a much lower damping than the systefatsichim the previous sections
of this chapter. This lack of damping in the mock-up enclestan also be seen at higher fre-
quencies. In order to confirm that this difference in the oesg is a result of the lower level
of acoustic damping the response of the enclosure with aiérecy independent damping of
(= 0.02 has been calculated and the result is shown by the dashedlivle in Figure2.14
The simulated response with a lower level of acoustic dagphows similar peaks and dips
in the acoustic potential energy estimate to those measurtbe car cabin mock-up and this
simulation thus supports the reliability of the elementaldal of structural-acoustic coupling.
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The specific frequencies of the resonances in the simulgitdma, however, do not align with
those in the car cabin mock-up and this is due to a number tdriathat are not taken into
account in the relatively simple model. For example, thecekaundary conditions are un-
known and the acoustic and structural damping are bottylikkebe frequency dependent. The
detailed effects of structural-acoustic coupling are rniotsly difficult to predict in practical
implementations, and it is the qualitative effects whioh, &m any case, most important here.
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-85}
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100 200 300 400 500
Frequency, Hz

Figure 2.14: Acoustic potential energy estimalg, produced by a single internal acoustic
source for the system simulated with the original acouséimping of(,, = 0.1 (—) and a
reduced acoustic damping &f = 0.02 (- -) and the measured response of the car cabin mock-

up ().

2.4 Summary

This chapter has first derived a model of structural-acousiupling based on the theory of
modal interactions first presented by Dowell and Voss in 1988 and widely employed in
the modelling of structural-acoustic systems since. Thesiral-acoustic model of modal in-
teractions has then been employed to develop an elementdlnvehich more conveniently
represents an entire system and this is presented in AppéndiThe elemental model of
structural-acoustic coupling more easily allows multiplen-rigid surfaces to be modelled,
which has largely been overlooked in the theoretical ingasbns presented in the literature,
which tend to consider a single non-rigid wall or panel. Tharental model of a structural-
acoustic system has been employed to simulate the respbr@saam-rigid car cabin sized
enclosure constructed from plywood and the effects of giratacoustic coupling on the sys-
tem response are investigated.

Using the simulations it has been shown that the effectseétiral-acoustic coupling are
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most significant at low frequencies where the spatial vianain the structural mode shapes
is lower, as this results in a high magnitude of geometrigpting between the acoustic and

structural mode shape functions. However, it has also beewrsthat the magnitude of the

variations between a weakly and fully coupled analysis &e dependent upon the relative
spacing of the resonant frequencies of the acoustic anctstall modes and this means that a
large geometric coupling coefficient does not necessardicate a high level of coupling.

The effect of coupling between acoustic and structural mddes been observed through
the presented simulations and it has been shown that if icgud only significant between
a single acoustic and structural mode then the resultirecietin the response is to shift the
resonant frequencies of the two modes apart. This effectbeaexplained by considering
whether one mode excites the other in its mass controllednegi.e. above resonance — or
in its stiffness controlled region — i.e. below resonancer éxample, it has been shown that
if mode a excites modéb in its mass controlled region the effective mass of mbdeill be
increased and, therefore, its resonance frequency witledse. However, at the same time
modeb will be exciting modea in it stiffness controlled region which will increase itdesdtive
stiffness and thus increase the natural frequency of raoée the number of interacting modes
increases, which occurs as the number of non-rigid wallsiased, it becomes more difficult
to relate resonance frequency shifts to particular modafaations.

In addition to shifting the resonant frequencies of strradtand acoustic modes it has also
been shown in AppendiB that there is a corresponding shift in the pressure minintlinvihe
enclosure. Specifically, the nodal line of a mode occurseasdme position but at a different
frequency due to the change in the resonant frequency throagpling. When a coupled
enclosure mode is increased in frequency the pressure mimiave away from the non-rigid
structure as if the enclosure were effectively decreasesiziy whereas for a decrease in the
resonant frequency the pressure minima move toward theigimhstructure as if the enclosure
were increased in size.

The effect of multiple non-rigid panels has been inveséidand, as expected, introducing
an increased number of non-rigid panels results in more mavariations between the weakly
and fully coupled analyses and, of specific interest, aneamingly significant shift in the
apparent frequency of the first longitudinal acoustic mo&®r completeness the effect of
structural-acoustic coupling upon an enclosure with clednpon-rigid panels has also been
simulated and although the specific effects differ to thepbiraupported case it has been shown
that the general, qualitative effects in terms of the badtiwihat is affected and the influence
of multiple non-rigid panels are essentially the same aghersimply supported case; these
results are presented in Appendix

The car cabin sized rectangular plywood enclosure that @as bimulated in this chapter
has also been constructed and a series of measurementsleavednducted to compare its re-
sponse to that predicted according to the elemental mod#iaftural-acoustic coupling and to
provide transfer responses with which to predict the perforce of active noise control strate-
gies in the following two chapters. The presented resutt@te that the acoustic damping is
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significantly lower than the 10% assumed in the simulatibisyever, on the basis of previous
publications that present in-car measurements, the dgmgssumed in the simulations will
be maintained. The suitability of the assumed acoustic dagnpill be confirmed in Chapter
6. However, to confirm the validity of the elemental model af gtructural-acoustic coupled
system the response of the enclosure with reduced acowstipidg has also been simulated.
Through comparison with the measured response of the car oaizk-up it has been shown
that although specific features are not accurately modtikedeneral characteristic behaviour
is well modelled. The structural response of the car cabickiup has also been measured
and it has been shown that the level of damping in the final rupckonfiguration with cot-
ton felt damping applied to the walls is comparable to the E8Gudency independent damping
assumed in the simulations.

Overall, the effects of structural-acoustic coupling aersto be strongest at low frequen-
cies, where there are significant interactions betweentthetsral and acoustic modes. Al-
though it is very difficult to predict the details of thesedr#ctions in an experimental ar-
rangement, the qualitative effects, of increasing thermhfoequency of the first longitudinal
acoustic mode and generally making the acoustic responsecomplicated, are clearly seen
in both the simulations and mock-up experiments.
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Chapter 3

Feedforward Active Noise Control

Acoustic feedforward control, as indicated in Sectlb@ uses a reference signal to drive a
filter that creates a secondary signal which is used to drsecandary source or sources such
that the sound level at error sensor positions is minimistlde need for a reference signal
means that feedforward active noise control is more sudeagtttain applications than others.
For example, in the road vehicle noise control applicatiavais highlighted in Sectioh.2that
feedforward control of engine noise has been more sucddbsiuthe feedforward control of
road noise, due to the ease of obtaining a coherent refesgcal directly from the engine.
Although a reference signal for feedforward control of roadse can be obtained from a set of
accelerometers, this is expensive and therefore unseifabimass production. Since the aim
of this part of the thesis is to investigate the developméractive control solutions that are
highly integrable with the standard electronic systems a$smproduced vehicles the focus of
feedforward control shall be on engine noise control.

For simplicity of implementation and interpretation, tluéiée control strategies considered
within this chapter are only for single frequency tonal &tidn. The results will therefore only
strictly apply to the control of primary sources whose wavef is deterministic and where,
therefore, causality constraints need not be considemdexample, engine order noise. If
random sources, such as road noise, were to be considersalityais very important33]. This
chapter also concentrates mainly on the acoustic perfaenahfeedforward control systems,
rather than the behaviour of the control algorithms. In toidito the causality assumptions,
the simulation results presented in this chapter will agsthmt:

1. a perfect reference signal is available at each frequehayis, the coherence between
the reference and error signals is unity.

2. the secondary sources have a perfectly flat frequencpmssp

Based on these assumptions the following results will sh@best case scenario for each of
the control systems investigated.

This chapter presents the investigation of two controlregemnents — global and regional
control. For each of the investigated control systems thtopaance will first be presented
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through simulations employing the elemental model of stmat-acoustic coupling derived in
Section2.1 Subsequently, the performance of the control systemsheiflynthesisedising
the acoustic transfer impedances measured in the plywaechbin mock-up as described in
Section2.3. Prior to conducting the investigation of feedforward ecohstrategies, however,
a review of feedforward active noise control in structiaedustic coupled systems will be
presented.

3.1 Active Noise Control in Structural-Acoustic Coupled Sgtems

The effect of structural-acoustic coupling on active nasatrol in a car cabin has previously
been considered by Mohammat2[). This work considered the case where a small area
(0.1 n?) of a rectangular car cabin sized enclosure’s structureneagigid and, therefore, the
effects of structural-acoustic coupling were significatdwer than in an actual car. Addition-
ally, as discussed in Sectiéh2 there appears to be a possible error in the structural-ticous
model employed by Mohammad.

A more significant amount of work in the field of active noisatol in structural-acoustic
coupled systems has been presented considering the usBveframise control to minimise
the low-frequency propeller noise transmitted throughiesraft fuselage into the cabiip9].
The active control of noise transmission into a rectangetaiosure with a single non-rigid
wall or panel using a force actuator as the control sourcéban thoroughly investigated by
Panet al: an analytical study where the energy in the enclosure isnmsed is presented in
[129, an experimental study of the same problem using erroraploones positioned within
the enclosure is presented ih30], and an investigation into the effect of the control force
actuator position on the non-rigid panel is presentedlB1]] The main finding of this body
of work is that the control system operates via two distinechanisms. Firstly, for a panel
controlled resonance, where the interior sound pressutensnated by the radiation from a
panel mode, the acoustic energy in the enclosure is minthiiganinimising the amplitude of
the panel vibration at the radiating mod2p, 130]. Conversely, for a cavity controlled mode
the structural control force is used to alter the panel ilalistribution and specifically adjusts
the panel radiation such that the real part of the radiateepes minimised 129. Although
this second control mechanism minimises the sound enerdprvthe enclosurel29], or the
pressure level at discrete error sensdi3(], it may result in an increase in the amplitude of
panel vibration and a corresponding increase in the sowgbspre level in the nearfield of the
vibrating panel 129, 130].

In the context of active noise control in the car cabin it hasrbdiscussed in Sectidn2
that, in terms of integration into the standard vehicle emvunent, it is ideal if the standard
car audio loudspeakers were employed as the control soukigsand Brennan investigate
the use of both internal acoustic and structural controtcasiin the active control of sound
transmission into a rectangular enclosure with a singlerigid wall [119]. This work shows
through both simulations and experimentation that contsolg a single structural force actua-
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tor allows control of the sound pressure level in the enesatiresonances where the response
is dominated by the panel vibration modes. Conversely, deeofi an internal acoustic control
source, such as a loudspeaker, facilitates control of thedspressure level in the enclosure at
resonances where the response is dominated by the acoudtiswe modes. As a result of
these observations, Kim and Brennan investigate the cadhise of structural and acoustic
sources and show that such a configuration is able to moretigéfly control the transmis-
sion of sound into the enclosure since both structurally aralistically dominated modes are
controllable L19].

In comparison to the transmission problem considered bly Banet al [129, 130, 131]
and Kim and Brennanl[l9], where the excitation is an external plane acoustic waneenbise
produced in the car cabin may be a result of both structurdlaaoustical noise sources (see
Sectionl.2). Therefore, this will be considered in the context of thedfierward control strate-
gies investigated in the following sections. Additionaythough there are a significant num-
ber of publications relating to the development of activessa@ontrol strategies for structural-
acoustic coupled systems, an area that does not appear boroeighly covered is a direct
comparison between active noise control in a rigid walledasure, as in33], and active con-
trol of sound in an enclosure with structural-acoustic diogp as in [L19], therefore, this will
also be considered in the following sections.

3.2 Global Feedforward Control

Global feedforward control aims to minimise the sound press¢evel at all points throughout
an enclosure and is, therefore, usually expressed as mingnihe total acoustic potential
energy within the enclosure. The global control of sounai§eh rigid walled enclosures has
been thoroughly investigated and Nelson and Elliott preseomprehensive review in Chapter
10 of [33]. This review first considers the direct control of the taabustic potential energy
using a single control source and highlights that in ordezautrol a specific acoustic mode
the source must not be positioned on a nodal line of that mibde;is, the source will only
achieve control if it couples into the mode to be controll@g.the sound field becomes more
complex, for example as the frequency is increased or thiesure geometry becomes more
complex, it becomes more difficult for a single source to deupto all modes and achieve
control. Therefore, Nelson and Elliott show that by emphgymultiple control sources, and
thus allowing the sources to couple into a higher number otistic modes, control up to a
higher frequency may be achieved.

As well as investigating the influence of the control souroefiguration on the global
control of enclosed sound fields when the acoustic potesiatgy is minimised directly, Nel-
son and Elliott present an investigation of the more prattase of employing discrete error
sensors to estimate the acoustic potential energy thrdweggbum of squared error sensor pres-
sures. Using discrete error sensors it is shown that, sigiia the need for control sources
to couple into the acoustic modes, the error sensors mudiledcobservean acoustic mode
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to be able to achieve control and to also ensure that theat@ystem does not enhance the
acoustic mode. This requires that the sensors are notgusition nodal lines and, as for the
control sources, in order to achieve this for higher fregigshor more complex enclosures, it
is necessary to employ multiple error sensors. It is spedifibighlighted that in a rectangular
enclosure a set of corner error microphones will avoid treahbines and, therefore, provide a
good estimate of the acoustic potential energy. In a morgptnenclosure geometry, such as
the car cabin, it is not possible to chose such convenieat sensor positions.

The final key area that is addressed in the review presentddetson and Elliott is a
discussion of the enclosure characteristics that deteritiia high frequency limit of global
control. Itis stated that the limit of global control is gealdy related to the separation between
the acoustic modes and their damping. These two properiede described by the modal
overlap, which quantifies the number of modes that are sagmifiy excited in an enclosure at
any single excitation frequency and is defined as the averagder of modes whose natural
frequencies fall within the bandwidth of any one mode at &giexcitation frequency. For
an acoustic enclosure the modal overlap increases in gropdo the cube of the excitation
frequency for oblique modes and, therefore, rapidly becoqete large. Although it may be
possible for a single secondary source to suppress any datninode provided that it can
couple with that mode, controlling a single mode may resulbther modes being excited,
particularly where the modal overlap is high. Thereforetrssmodes move closer together
it becomes necessary for both the sources and sensors te éotgomore modes, which is
achieved by increasing the number of transducers. Howsivee the modal overlap increases
rapidly with frequency the number of necessary sourceskbyjuleecomes impractical and,
therefore, global active control is limited to lower freqoees.

The following simulations of global feedforward controlllWibcus on the areas covered
by the review presented by Nelson and Elli@&8]and thus facilitate the comparison between
control in a rigid and non-rigid walled enclosure.

3.2.1 Controller Formulation

Global feedforward control aims to minimise either the ltaizoustic potential energy, which
is given according to the elemental model by equafid@4, or an estimate of the total acoustic
potential energy which is given by

Pt Pe, (3.1)

Jy=——5—
P 4peCiLe

whereL, is the number of error sensors apgis the column vector of acoustic pressures at
the error sensors. The global feedforward control stratggploying discrete error sensors is
shown in Figure3.1 for the case where a single secondary source is driven byetbesnce
signal filtered by a filteW, which is adapted to minimise the defined cost function.

From Figure3.1it can be seen that the error sensor pressures result frosutmation of
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Figure 3.1: Global feedforward control system employingngls secondary source and eight
error sensors.

the primary and control, or secondary sources suchghaan be expressed as

Pe = pp + Ps;, (3.2)

wherep,, and ps are the vectors of pressures at the error sensors due toithanprand sec-
ondary excitations respectively. For an acoustic primaryree the error sensor pressures are
given by

Pe = ZpUp + ZsQs, (3.3)

whereZ,, is the(Le x 1) vector of acoustic transfer impedances between the emsose and

the primary sourceZs is the(Le x M) matrix of acoustic transfer impedances between the error
sensors and thkl secondary sources, is the primary source strength, aqglis the column
vector of secondary source strengths. According to the exdahmodel of structural-acoustic
coupling presented in Append, the acoustic transfer impedances are given by

ZsorZy=[l +ZaYcq *Za, (3.4)

which is the pressure per unit volume velocity derived frajoationA.19. Alternatively, for a
structural primary exciation the vector of error sensosguees is given by

Pe = Zpfp +ZQs, (3.5)

wheref, is the force of the primary structural excitation aiglis the transfer response between
the primary force excitation and the acoustic error senséiording to equatiori.38 the
transfer response between the primary force excitationtfamerror sensor pressures is given
by

Z, =1 +ZaYcy T ZaSY¥s, (3.6)
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which is the pressure produced per unit force.

The cost function given by the total acoustic potential gnerstimate,Jy, or in fact that
given by the total acoustic potential ener§y, can be expressed in Hermitian quadratic form.
For the acoustic potential energy estimate this is achi®yesubstituting either equatio®3
for an acoustic primary excitation &5 for a structural primary excitation into equati@nl
and rearranging. For an acoustic excitation that is

Jp = [ 28 Zsqs+ a5 25 Zpap + 0y 23 Zsas + Ay Zp Zpalp ) (3.7)

where the constant term in equati8ril has been neglected as it does not affect the optimal
solution. The vector of optimal secondary source strengtitisen given by differentiating,
with respect to the real and imaginary partgjgfas defined in33], and equating to zero; this
gives

O = — [25'Z4] 71st2pr- (3.8)

For a structural primary source the optimal vector of seaondource strengths is given by
equation3.8, however,Z/p is substituted foiZ,, and for a single primary force excitatiof
is substituted forgp, or for a distributed force excitatioffi, is substituted forg,. For the
case where the total acoustic potential energy is minim&e&s andZ’p become the transfer
impedances and responses between the respective soudcab@ositions in the enclosure.

In a practical scenario it may be necessary to not only mgentihe cost function],, but
to also impose a constraint on the electrical power requigethe control system. This can
be achieved by minimising the generalised cost functioemjiby the sum of, and a term
proportional to the sum of squared source strengths, oralaftort [132]:

Jcost = Jp + qu‘ qsa (3-9)

wheref3 is the real and positive control effort weighting parametarthis case the vector of
optimal secondary source strengths is given by

o = — [25Z5+B1] 25 Z,q,. (3.10)

The effect of a non-zero control effort weighting paraméteo regularise the optimal solution
given by equatior8.10and thus improve the numerical conditioning of the optitiisaprob-
lem. Physically, varying the control effort weighting parater achieves a trade-off between
the minimisation ofl, and the required control effort.

3.2.2 Control of an Internal Acoustic Primary source

Simulated Performance

The acoustic enclosure modelled in Chajevill be employed here to investigate the limits
on the optimal feedforward controller. The dimensions a$ #nclosure and the positions
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of the secondary sources and corner error microphones weserged in Figur@.6, but the
dimensions are provided in Tab81 for convenience. Excitation of the acoustic enclosure
by an internal acoustic primary source positioned at caratdsx = [0,L,/2,0], as shown in
Figure3.1, will be considered first. Using equati@8the vector of optimal secondary source
strengths can been calculated such that either the totalsacgotential energy within the
enclosure, given by equatidh24 or the sum of squared error sensor pressures is minimised
using either a single secondary source positioneg, atr all four secondary sources positioned
in the standard car audio loudspeaker positions, which laeshown in Figure.6. As in
Chapter2, in order to ensure the reliability of the results whilst g the computation times
to a reasonable length, 6 elements have been used per wgtheterd a total of 100 acoustic
modes and 90 structural modes per non-rigid panel have ksszh u

Table 3.1: Enclosure dimensions

Length L; 2.4m
Width L, 1.2m
Height L3 1.1m

Figure 3.2 shows the result of minimising the total acoustic potergiargy produced by
the internal acoustic primary source shown in FigBikusing a single secondary source posi-
tioned atxs in both the rigid (red) and non-rigid (black) enclosuresorfrthis plot it can be
seen that despite the significant differences in the rigairaam-rigid enclosures’ uncontrolled
responses (solid lines), which are identical to those ptesen Figure2.4g the responses after
control (dashed lines) are almost identical. As discusdedey Nelson and Elliott33] have
related the upper frequency limit of global control in adigvalled enclosure to the acoustic
modal overlap and, therefore, from FiglB& it can be seen that the non-rigid enclosure does
not appear to significantly affect this relationship. Thiaynbe explained by the limited in-
fluence the non-rigid enclosure walls have on the acoussigorese at higher frequencies for
an acoustic source excitation, which is discussed in Ch&ptd the primary excitation were
structural and structural modes were excited up to a higkguéncy, then the limit on global
active control may be affected; this will be investigatedarction3.2.3

It may be possible to increase the bandwidth of global aatimetrol by increasing the
number of secondary sources and FigBi&shows the result of minimising the total acoustic
potential energy within the enclosure using the four seapndources positioned at the stan-
dard car audio positions shown in Figlé. From this plot it can be seen that the controlled
responses of the two enclosures are once again very simitha aignificant level of global
control has been achieved in both cases up to around 200 HtipMsecondary sources
are able to provide increased control by coupling into adargumber of modes compared
to a single source. At higher frequencies where a singlenskscyg source may not control
the global sound field due to the problem of controlling onedenwhilst enhancing another,
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Figure 3.2: Total acoustic potential energy in the rigied(lines) and non-rigid (black lines)
enclosures when driven by a primary acoustic source agnésolid lines) and when the total
acoustic potential energy has been minimised usisiggle secondary sourqmsitioned akg
(dashed lines) as shown in Figu2es, Epo.

it may be possible for a number of secondary sources to reacdm@aromise. For example,
while one source may enhance a mode whilst providing confrahother, the introduction of
an additional secondary source may be able to limit this mcgraent and thus facilitate greater
control overall within the restrictions of minimising thetal acoustic potential energy. This
can be seen at excitation frequencies of around 180 Hz, vhaoeustic modes have similar
natural frequencies and are controllable by four seconslauyces, as shown in FiguBe3, but

not by one secondary, as shown in Fig8r2 The frequency dependence of the modal overlap
means that increasing the number of secondary sources loyoa & four only increases the
bandwidth of control by less than a factor of two.

Itis interesting to note that global control at all frequiesanay be achieved by collocating
the primary and secondary sources. For example, it is shovj@3] that 20 dB of attenua-
tion is attainable up to a specified frequency for a similaragion to that presented above if
the secondary source is withky4 of the primary source. This significant level of control is
achievable due to the primary and secondary sources cguptimthe modes similarly, which
is ensured by the quarter wavelength source spacing erparieno nodal lines between the
two sources. However, in a real noise control applicatias diirangement is unlikely to be
practicable. This is firstly because practical sourcesh siscloudspeakers, are of finite size
and, therefore, cannot be collocated, and more importémtlyrimary sound field in a vehicle
is unlikely to be produced by a single locatable source. Phigical limit, however, is impor-
tant in the generation of personal listening zones usingeacbntrol techniques and this will
be investigated in Chaptersand8.

64



—_—

Total acoustic potential energy, dB

-100¢

105 - Ep, non—rigid_
— — — E_, non-rigig

110 - Epf)rigid '

-115; ~ — —E, rigid

100 200 300 400 500
Frequency, Hz

Figure 3.3: Total acoustic potential energy in the rigied(lines) and non-rigid (black lines)
enclosures when driven by a primary acoustic source agnésolid lines) and when the total
acoustic potential energy has been minimised usindahesecondary sourcgslashed lines)
positioned as shown in Figu@6, Epo.

On a similar line of discussion it is important to highligtiat since a point source has
been used for the primary excitation for the results preskherein, due to the relatively close
proximity of the primary and secondary sources, partitylor the single secondary source
arrangement, control up to a higher frequency may be expmrdbthan if the primary distur-
bance were a realistic distributed source. Therefore,asdspreviously with relation to the
assumptions made within this section, the presented sestudtuld be considered the best-case
scenario.

In practice it is necessary to use a number of error sensarslér to provide, for example,
an estimate of the global acoustic potential energy sudhthigafeedforward control system
optimises the secondary sources’ volume velocities tomige the pressures at the error sen-
sors. Using equatioB.8the secondary source strength, or strengths, have beenatattthat
minimise the sum of the squared pressures at eight errooisgpasitioned in the corners of the
enclosure. The total acoustic potential energy before #iad@ontrol in the rigid and non-rigid
enclosures using a single secondary source positioneg &t presented in Figurd.4. From
this plot it can be seen that the controlled responses inigite and non-rigid enclosures are,
once again, almost identical. Through comparison with FE@.2 it can be seen that the level
of significant control is almost identical. At frequencidsoge around 200 Hz the controlled
responses based on minimising the estimate of the totakicqotential energy begin to differ
from those based on minimising the total acoustic potertigrgy and small enhancements in
the total acoustic potential energy occur. These enhanasmesult due to the control system
minimising the pressure at a discrete number of locationstlais spatial sampling allows the
control system to produce enhancements at locations awaytfie error sensors. From Fig-

65



ure3.4it can be seen that the enhancements are less than 1 dB, wihiebduse the use of the
corner error sensors has provided a reasonable estimdte tital acoustic potential energy.
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Total acoustic potential energy, dB
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Frequency, Hz

Figure 3.4: Total acoustic potential energy in the rigied(lines) and non-rigid (black lines)
enclosures when driven by a primary acoustic source aByésolid lines) and when the sum
of the eight squared corner error sensor pressures, shotigune 2.6, has been minimised
using asingle secondary sourgmsitioned aks; (dashed line)Eyo.

Figure3.5shows the change in the total acoustic potential energyeini¢id and non-rigid
enclosures when the sum of eight squared corner error spnsssures is minimised using
four secondary sources. From this plot it can be seen tmailasly to when the total acoustic
potential energy was minimised directly, the level of cohltrelow 200 Hz has been increased
compared to the single secondary source case. Howevenlgdsvident that significant en-
hancements in the total acoustic potential energy haveib&educed by the control system at
frequencies above 200 Hz. These enhancements are agairntafdéke spatial sampling im-
posed through the use of discrete error sensors, but theyae significant here than for the
single source control system. This is because the four samaatrol system has greater spatial
flexibility. That is, because the four secondary sourcepleointo more acoustic modes than
the single secondary source, they are able to achieve ngmiicant control of the acoustic
potential energy estimatdy, which is the cost function being minimised, as shown in Fegu
3.6. Consequently, at higher frequencies, where the acoustenpal energy estimate is less
accurate, while the single secondary source controlleorbes largely inactive, the control
system employing four secondary sources continues to ptteomtrol and thus produces en-
hancements in the total acoustic potential energy. In atipehdeedforward control system
these enhancements could be avoided by limiting the uppguéncy of control.
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Figure 3.5: Total acoustic potential energy in the rigied(lines) and non-rigid (black lines)
enclosures when driven by a primary acoustic source aByédsolid lines) and when the sum
of the eight squared corner error sensor pressures, sholigune 2.6, has been minimised
using thefour secondary sourceslashed line)Epo.
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Figure 3.6: The cost functiod, calculated from the eight corner error sensors in the sitadla
non-rigid enclosure when driven by a primary source al&e(—) and when the sum of the
eight squared corner error sensor pressures has been sedioging a single secondary source
(- -) and four secondary sources (—), Epo.
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Synthesised Performance in the Car Cabin Mock-up

To support the findings of the simulations of global feedfamvactive noise control in a non-
rigid enclosure the performance of the global feedforwanmttiol strategy has been synthesised
using the acoustic transfer impedances measured betwegmitmary and secondary sources
and the sensors in the plywood car cabin mock-up, as detail8édction2.3.1 The primary
source is, as in the simulated results presented aboveteginahacoustic disturbance provided
by a volume velocity source positioned as shown in Figfe

The change in the acoustic potential energy estindgieue to the action of the secondary
volume velocity sources optimised according to the globatiforward control strategy using
the eight corner error sensors is presented in Figurethe plot shows the reduction iy
achieved by both a single secondary source positioneg, @nd by the four car audio loud-
speaker positioned sources, as shown in Fig@uee From this plot it can be seen that, for the
single secondary source case, a significant reductialy is achieved at frequencies below
around 100 Hz, which is consistent with the simulations eyipg the fully coupled enclo-
sure model. At the first longitudinal mode, 76 Hz in this calgds reduced by approximately
26 dB, however, for the simulations employing the fully claagpenclosure model the reduction
in the first longitudinal mode is approximately 18 dB (seeur@B.6). This difference in re-
duction can be attributed to the significantly lower acaudéimping in the car-cabin mock-up
enclosure compared to that assumed in the model. Repeladsinulations employing damp-
ing consistent with the measured system — that B6lacoustic and.29% structural damping
— shows a reduction idy of 28 dB, which is much closer to the experimental resulteséh
simulation results are presented in Fig@t8. It is interesting to note that, in both the model
simulations and the simulations employing the measured, dia¢ acoustic potential energy
estimate at the first longitudinal mode is reduced to arcuhdiO dB. This further supports the
observation that the additional reduction in the simutaiemploying the measured data is due
to the lower acoustic damping in the mock-up enclosure.

Figure 3.7 also shows the reduction il when all four sources are used to minimise the
sum of the squared corner error sensor pressures. Fromataistdan be seen that, as for the
simulated results, significant reductions are achieved @rdund 200 Hz. It can also be seen
that reasonable reductions are achieved at some freqeanei® 500 Hz. Although the sim-
ulations of global feedforward control using the elementaldel indicate some control df,
at higher frequencies, as shown in Fig3t6, the level of control shown according to the sim-
ulations using measured responses is significantly grebteough the simulations presented
previously it has been shown that although the cost funcfigrmay be reduced at higher fre-
quencies, this does not translate in to a global reducti@cdustic energy and results from the
optimised secondary sources producing small zones of guoeihd the error sensor positions.
For the measurement based simulations this process cavdsigiated by plotting the acoustic
potential energy estimated using all 16 pressure measuiguositions — that is, the eight cor-
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Figure 3.7: The cost functiod,, calculated from the eight corner measurement positiotisein
car cabin mock-up before (—) and after global feedforwandtid using a single secondary
volume velocity source positioned & (- -) and four secondary volume velocity sources
positioned as shown in Figu&6 (- - -) to minimise the sum of the eight squared corner error
Sensor pressures.
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Figure 3.8: The cost functiodp, calculated from the eight corner error sensors in the sited|
non-rigid enclosure before (—) and after global feedfodwewontrol using a single secondary
volume velocity source positioned #; (- -) and four secondary volume velocity sources
positioned as shown in Figu&6 (- - -) to minimise the sum of the eight squared corner error
sensor pressures according to the simulated enclosureasithstic damping of .2% and
structural damping of .29%, which is consistent with car cabin mock-up.
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ner error sensors and the eight headrest sensors — thisenped in Figur&.9. From this plot

it can be seen that the reductions in the estimated acougtgatil energy have been reduced,
therefore indicating that the significant reductions obseéiin Figure3.7 at frequencies greater
than around 200 Hz can be related to the controller produnimgs of quiet around the eight
corner error sensors. It is interesting to note from FighiBthat despite including the eight
headrest sensor positions, only very limited enhancenfegheacoustic potential energy esti-
mate has resulted. The significant enhancements in theatmiaktic potential energy that were
observed in the simulated results shown in Figdiewhen four secondary sources were used
to minimise the cost function],, have not been reproduced in the synthesised results shown
in Figure3.9 because these synthesised results show an acoustic pbesstitnated using 16
discrete sensor positions and, therefore, although ndfis@nt enhancements are observed in
this value, there may be significant enhancements in presdgysositions remote from these
sensor locations. However, since it is the pressure levbegteadrests that is important, these
synthesised results indicate that the effect of spatialpiamintroduced by only employing
error signals provided by the eight corner sensors has rotramtally affected the system’s
performance.

_ Primary source alone |j
v — — — Single secondary sourgie
N Nt Four secondary sources

100 200 300 400 500
Frequency, Hz

Figure 3.9: Estimated total acoustic potential energyutated using all 16 measurement po-
sitions in the car cabin mock-up before (—) and after globatiforward control using a single
secondary volume velocity source positioneat(- -) and four secondary volume velocity
sources positioned as shown in Fig@ré(- - -) to minimise the sum of the eight squared corner
error Sensor pressures.

3.2.3 Control of a Structural Primary Source

In a car environment the primary noise excitation may beeeigtirborne or structure borne, as
discussed in Sectioh2 Therefore, in addition to controlling a direct acousticitation of the

70



structural-acoustic coupled enclosure and car-cabin rapckhe investigation of controlling a
structural primary excitation using the car audio loud&pesiis also of interest. This section
will investigate control of a single, primary, point forcé,, acting on the end wall of the
rectangular enclosure, as shown in Fig8r&Q and also the excitation of the end wall by an
incident acoustic plane wave, as shown in FigBrél These excitations correspond to an
excitation of the bulkhead in a practical, car cabin situati

p(x3
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(s3 (Xs3)
p(x7

I
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P(Xe)

36 cm

«—>
40 cm

Figure 3.10: Rectangular enclosure showing the standaahdary source positions, corner
error sensors and the structural force excitation, indat@ty a star, on the grey panel.

Formulation
For the case of a primary structural point force excitatit@dptimal secondary source strengths
are given according to equati@8as

ao = — (202 25z, (3.11)

For the case of an incident acoustic plane wave, as showngimrd-8.11, a distributed
structural force occurs and this can be modelled accorditiget elemental model by the force
at the centre of each element. Assuming a time-harmonispredluctuation the sound pres-
sure incident on the outside of the panel at co-ordinatetiposy = (y1,Yy2) and at a single
frequency is given by

ply) = pe i (bayrthoaya), (3.12)

wherep'is the amplitude of the incident wave and the wavenumbefsaigstandy, directions
are given by

ky, = gsinecoscp (3.13)
ky, = gsinesincp, (3.14)

where® is the angle of incidence in the horizontal plane grid the angle of incidence in the
vertical plane. The force produced by the incident presatithei-th element on the panel
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Figure 3.11: Acoustic plane wave angle of incidence in thizbatal and vertical planes.

surface is then given by
fo(Yi) = 2Sp(¥i), (3.15)

wheres§ is the surface area of thie¢h element and the multiplication by 2 is due to the doubling
in pressure on the surface of the panel due to the assumgtidloaked forces on the panel
surface 111]. The optimal secondary source strengths can then be atdcubs,

Qo= —[282] T ZHZ) 1, (3.16)

Simulated Performance: Point Force

Using equatiorB.11the optimal secondary source strengths have been caltutateinimise
the sum of the squared pressures at the eight corner eriswrsemhen the non-rigid enclosure
is excited by a primary point force excitation of5L0~2 N acting on the end panel of the
rectangular enclosure as shown in Fig8r&Q Figure3.12shows the total acoustic potential
energy within the enclosure prior to contrBl;, and after controlEo, using a single secondary
source and four secondary sources. From this plot it can &e &t significant reduction
in the acoustic potential energy has been achieved at fnetpe below around 200 Hz for
both the single and multiple secondary source systems. ¥owi@ both cases there are two
resonances at 65 and 112 Hz that have not been controlleeniparison to Figure8.4 and
3.5it is interesting to observe that, although the upper fragueof control remains similar,
the difference in performance between the single and nhellsipurce control systems is more
significant at frequencies below 60 Hz. This is a result ofittegeased spatial complexity
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Figure 3.12: Total acoustic potential energy in the simadaion-rigid enclosure when driven
by a primary structural point force alone (—) and when the sirhe eight squared corner
error sensor pressures, shown in Fig8r&Q has been minimised using a single secondary
source (- -) and the four secondary sources. (

introduced by the radiating structural modes, which canliseved at low frequencies.

At frequencies higher than around 200 Hz it can be seen frgur&8.12that feedforward
active control using either a single or four secondary sssiresults in enhancements in the
acoustic potential energy. This is due to the spatial samglat results from estimating the
acoustic potential energy from eight error sensors, asiqusly observed in Figur8.5 for
an acoustic primary excitation. FiguB13shows the corresponding reduction in the acous-
tic potential energy estimatdp, as a result of controlling the primary field produced by the
point force structural excitation using a single secondamyrce and four secondary sources.
From this plot it can be seen that enhancement,ido not occur, which indicates that the
enhancements iBp are due to the creation of quiet zones around the error seasatiscussed
previously.

Synthesised Performance in the Car Cabin Mock-up: Point Foce

In order to support the results presented in Fig@ré2and3.13 the performance of the global
feedforward control strategy in the car cabin mock-up shimWigure2.5has been synthesised
using an electrodynamic shaker to excite the end wall of tbekaup and a primary force
excitation of 1x 103 N. Figure3.14shows the acoustic potential energy estimated using the
16 microphones positioned in the car cabin mock-up. Comgatiis plot to the simulation
results presented in FiguBe12shows that the level and bandwidth of control are compayable
although the specific details of the responses are changed.
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Figure 3.13: The cost functiodp, calculated from the eight corner error sensors in the simu-
lated non-rigid enclosure when driven by a primary struadtpoint force alone (—) and when
the sum of the eight squared corner error sensor pressusdsela minimised using a single
secondary source (- -) and four secondary sourcés (
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Figure 3.14: The cost functiodp, calculated from the eight corner measurement positions in
the car cabin mock-up when driven by a primary structuratdalone (—) and when the sum
of the eight squared corner error sensor pressures has leienised using a single secondary
volume velocity source positioned & (- -) and four secondary volume velocity sources
positioned as shown in Figug&6(- -) .
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Simulated Performance: Plane Wave

Using equatiorB8.16the optimal secondary source strengths have been caltttatainimise
the sum of the squared pressures at the eight corner erswrsemhen the non-rigid enclosure
is excited by an acoustic plane wave with an amplitude of InBidént at an angle & = 45°
and@= 45 on the end panel of the rectangular enclosure as shown imeF3gil The total
acoustic potential energy that results from minimising ¢best function,Jp, is presented in
Figure3.15for control using a single secondary source and four secgratairces. From this
plot it can be seen that the upper frequency at which redudatighe total acoustic potential
energy is achieved is around 100 Hz. In this case it can be thetrithe first longitudinal
acoustic mode has been excited and using the four sourcensybere are no resonances
below 100 Hz that are uncontrollable. There is also lessradrmaent which, as will be shown
below, is because the internal sound field is less compticatel fewer higher order modes are

excited.
m —40 - ;
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Figure 3.15: Total acoustic potential energy in the sinedaton-rigid enclosure when driven
by a primary acoustic plane wave excitation of the end paloelea(—) and when the sum
of the eight squared corner error sensor pressures, shoigune3.10 has been minimised
using a single secondary source (- -) and the four secondarges { -).

3.2.4 Comparison of Primary Excitation Sources

Further explanation of the differences between the cordobievable for the two different
structural primary excitations presented in FiguBes2 and 3.15 and that achievable for an
internal acoustic primary excitation presented in Figdsind3.5, can be gained by plotting
the level of acoustic potential energy in each acoustic nfiodte three different primary ex-
citations. Figure3.16 shows the normalised acoustic potential energy in the @rsatoustic
modes at frequencies up to 300 Hz for the internal acoustieymal acoustic plane wave and
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point force structural excitations. From Figuel6ait can be seen that the internal acoustic
source predominantly excites either the compliéhit), 0) acoustic mode or the first longitudi-
nal, (1,0,0) acoustic mode at frequencies below around 100 Hz. Thiseetatthe significant
levels of control that are achievable with either a singléoar secondary sources (see Figures
3.4 and3.5respectively). At higher frequencies it can be seen fronuifei§.16athat an in-
creasing number of acoustic modes are significantly exeitet] consequently, control with a
finite number of sources becomes unfeasible.

Figure3.16bshows the acoustic potential energy in each acoustic mededomary point
force excitation. From this plot it can be seen that, siryilay the internal acoustic excitation,
at frequencies below around 100 Hz {@e0,0) and(1,0,0) acoustic modes are excited most
significantly; however, for the point force excitation itche seen that a number of the higher-
order acoustic modes are also significantly excited oveonar bandwidths. For example, at
around 65 Hz eight of the ten presented acoustic modes shimmificant level of excitation.
This is due to structural modes radiating into the enclosum@ explains the limited level of
control that is achievable using a single secondary soascehown in Figur&.12 At higher
frequencies the level of excitation of the acoustic modemtsas significant as for the internal
acoustic source. This can be related to the reduction in itheti& energy of the panel at
higher frequencies, as observed in Secfid) and the consequent low level of acoustic mode
excitation. However, the number of significantly exciteddes is comparable to that for the
internal acoustic excitation and, therefore, control remanachievable.

The final subplot in Figur.16 shows the normalised acoustic potential energy for the
first 10 acoustic modes for an external acoustic plane wasiéagion. From this plot it can be
seen that although the compliant and first longitudinal rsa@enain significantly excited at
frequencies below 100 Hz, as for the other two excitatiorreas) the majority of the acoustic
modes are not significantly excited. This corresponds taekalts presented in FiguB15
where it can be seen that the acoustic potential energy dhe fimary external acoustic plane
wave is dominated by the response below 100 Hz and exceptdgpdak at around 150 Hz,
which can also be observed in FiguBel6¢ there are no significant peaks in the response at
higher frequencies. FiguB16cwould suggest that control should be achievable since teere
not appear to be multiple significantly excited modes, hagesxtending the colormap range
allows a significant number of low level modes to be obsentddgher frequencies. Despite
only being weakly excited these overlapping modes remagontnollable and, therefore, the
acoustic control is still limited to low frequencies for theternal primary plane wave.

3.3 Regional Feedforward Control

It has been shown in the previous section that significarglsesf global control are largely
limited to frequencies around the first longitudinal ac@ustode for the predefined secondary
source positions. In a car environment global control ofsikend field may be an unnecessary
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Figure 3.16: The normalised acoustic potential energyeretiiclosure for each acoustic mode
for three different excitation sources.
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target since the positions of the driver and passengersnilile car are largely fixed. There-
fore, a more practically optimised system may be to minintige acoustic potential energy
within a specified region around the head positions of this cacupants. Figur8.17 shows
the geometry of a regional control system indicating both pibsitions of the error sensors
and two rectangular regions within which the acoustic pidérenergy will be evaluated to
determine the performance of the systems. The error sensitigms have been defined to cor-
respond approximately with the positions of the car seatifessts and the standard car audio
loudspeaker positions, presented in Figm@ will be used for compatible comparison to the
global control simulations. As the effects of differentrpary source excitations have already
been considered in the context of global feedforward cérttie regional feedforward control
strategy will only be investigated for an acoustic primasyree excitation for conciseness.
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Figure 3.17: Regional control geometry viewed from abovashg the positions of the four
front and four rear error sensors as well as the rectangedaoms within which the potential
energy,Er, is evaluated — the height of all error sensors is 0.9 m andetimngular control
zone is defined in the vertical direction between 0.8 and 1.0rhe positions of the control
sources are also shown.

3.3.1 Controller Formulation

The aim of a regional control system is to reduce the pressitinén a specified region, there-
fore, the cost functionJg, will be defined as the sum of the squared error sensor pesssur
within the control regions:

Jr= PL Pe- (3.17)

Following the formulation presented in Secti8r2.1for the global feedforward control strat-
egy, the vector of optimum source strengths is given as iatému3.8 by

9o = — [2725) 25 Z,q,. (3.18)
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A potential issue with the regional feedforward controastgy is that, due to the position
of the error sensors away from the corners of the encloseserttay not couple in to certain
acoustic modes and this will result in enhancements in thealted acoustic potential energy.
This problem can be avoided by increasing the number of egnsors to provide coupling
with more acoustic modes, however, this may reduce themabpyoperty of the control system
and would also increase the cost and weight of a practicaisysAn alternative method of
limiting enhancements that may occur within the operatiagdwidth of the control system is
to employ a control effort weighting parametr,in the cost function, as discussed in Section
3.2.1, which modifies the optimum solution from equati8ri8to:

Qo = — [ZHZs+B1] *ZHZ,0p. (3.19)

The effect of employing the control effort weighting paraerés to limit the secondary source
strengths and thus avoid significant enhancements, howeiewill also restrict the achiev-
able control.

3.3.2 Control of an Internal Acoustic Primary Source
Simulated Performance

The investigated regional control system aims to minimieedum of the squared pressures
at the eight error sensors depicted in Fig8r&7. Figure3.18shows the sum of the squared
pressures]g, at the eight error sensors within the two control regiorth lpoior to control and
once the source strengths of the four loudspeakers havedpgienised according to equation
3.19 with a regularisation parameter ff= 10°, which has been chosen to ensure that the
regional acoustic potential enerdyg, is not enhanced at any frequency. From this plot it can
be seen that significant levels of control are achieved aeth& sensors up to 400 Hz. In
a practical scenario it is also important to consider theafbf control over a larger region
than at the eight discrete error sensors, due to movemeteofdr occupants and variable
seating positions. Therefore, Figu3el9 shows the total acoustic potential energy within the
two control regions before and after control. From this jiiatan be seen that a significant
level of control is achieved up to around 340 Hz and it is alearcthat at around 220 Hz there
is an uncontrollable bandwidth. Without the regularisatimrameterf, the regional acoustic
potential energy is enhanced over this bandwidth indigatmat this uncontrollability is due to

a single, or multiple acoustic modes being unobservablédgight error sensors.

The results in Figur&.19 show that regional feedforward control offers the potérifa
increasing the controllable bandwidth compared to globatforward control by almost one
octave — that is, from around 180 to 320 Hz. Additionally,sitimportant to note in terms
of a realisable system that the increased performance ogthenal system employing eight
error sensors has been achieved with no increase in the mwheeor sensors or secondary
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Figure 3.18: The cost functionlg, calculated from the eight headrest error sensors in the
simulated non-rigid enclosure before (—) and after redideedforward control using four
secondary volume velocity sources positioned as shownguaréR.6to minimise the sum of
the eight squared headrest error sensor pressurewitho® (- -).
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Figure 3.19: The acoustic potential enengithin the control regionsEg, evaluated in the
simulated non-rigid enclosure when driven by a primary sewlone (—) and wheds has
been minimised using the four secondary sources shown irdé6 with a control effort
weighting parameter @ = 1 (- -).
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sources, and no alteration to the standard car audio loaklsppositions.

In addition to the reduction in regional acoustic potenéinérgy it is also interesting to
observe how the global potential energy within the enclessiraffected by the action of the
regional control system employing the eight error sensoesgmnted in Figur&.17 this is
shown in Figure3.20 From this plot it can be seen, somewhat surprisingly, timaitar levels
of global control have been achieved by the regional systerhase been achieved for the
global control system with eight error sensors shown in EE@b. This may, in retrospect, be
expected since identical secondary source positions gokoged and the error sensor positions
used in the regional control system provide similar couplio the first longitudinal acoustic
mode to that which is achieved by the eight corner error seresaployed in the global system.
It is, however, notable that the enhancements at higheudmajes are not greater for the
regional control system than for the global system. Howethgs is due to the use of the
regularisation parametep, to limit the control effort and, therefore, the enhancetaetue to
unobservable modes.

-70

Primary source alone
—8ot — — — Four secondary sources
_90.

-110f

Total acoustic potential energy, dB

~120 - - - -
0 100 200 300 400 500

Frequency, Hz

Figure 3.20: Theotal acoustic potential energy within the simulated non-rigidlesure when
driven by a primary source alone (—) and wh#&nhas been minimised using the four sec-
ondary sources shown in Figuge6 with a control effort weighting parameter @§f= 10° (-

).

Synthesised Performance in the Car Cabin Mock-up

To support the findings of the simulations presented abdepéerformance of the regional
feedforward control strategy has been synthesised usingdbustic transfer impedances mea-
sured between the primary and secondary acoustic sourdegbe@sensors in the plywood car
cabin mock-up, as detailed in Secti2r8.1

Figure 3.21 showsJg, the sum of squared pressures in the control regions as fiyen
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equation3.17in the car cabin mock-up before control and whigrhas been minimised using
the four secondary sources and a control effort weightimgrpater of = 10°. From this

plot it can be seen that using the four car audio loudspeadsitigned sources to minimise
Jr achieves significant reductions up to around 450 Hz, whiclomsparable to that presented
in the simulations above. Comparing the simulation requisented in Figur8.18to those
presented in Figur8.21it can be seen that the bandwidth and level of control is coaipa
between the simulated and synthesised result, howevemibe seen that in the synthesised
results presented in FiguB21there are modes at around 140 and 210 Hz that are difficult to
control.
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Figure 3.21: The cost functiodg, calculated from the eight headrest measurement positions
the car cabin mock-up before (—) and after regional feeddodwcontrol using four secondary
volume velocity sources positioned as shown in Fig2i@to minimise the sum of the eight
squared headrest error sensor pressures (- -) with a cafiiool weighting parameter @ =
10°.

To determine the effect of the synthesised regional feedfat control on the global sound
field within the car cabin mock-up, FiguB22shows the acoustic potential energy estimated
using the eight corner error sensors, as in the global feedfd control system. From this plot
it can be seen that global control is still maintained up twuad 100 Hz where the acoustic
response is dominated by the first longitudinal mode, howextdigher frequencies there are
a number of enhancements in the acoustic potential eneagyath comparable in magnitude
to those predicted in the simulation results presentedgare.20
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Figure 3.22: Total acoustic potential energy estimatedgughe eight corner measurement
positions in the car cabin mock-up before (—) and after megfideedforward control using
four secondary volume velocity sources positioned as showigure 2.6 (- -) to minimise
the sum of the eight squared headrest error sensor presgitinea control effort weighting
parameter of = 10°.

3.4 Summary

The active control of engine noise in a car cabin interiongsi feedforward active noise con-
trol strategy has been highlighted as a potentially lowt-and integrable noise control solution
and this chapter has investigated the behaviour of optieedfbrward control strategies. To
allow the physical limits of the feedforward control stigitss to be investigated clearly by
avoiding the complexity of a real car cabin the model of aaegtilar enclosure detailed in
Chapter2 has been employed to simulate the performance of the costhatlegies. Despite
being comparatively simple to understand compared to gorese of a real car enclosure, the
model derived in Chapte still allows the effects of structural-acoustic couplinghich are
predominant in a vehicle, to be investigated. The car calmokaup, presented in Figu5,
has been used to synthesise the control systems’ perfoenantthus support the presented
simulation results.

Global feedforward control of the total acoustic potenéiaergy produced by an internal
acoustic primary excitation has first been investigatedthesallows the effects introduced
by employing a finite number of error sensors to be separated the effects of the number
of secondary sources. The presented simulations indibatedr both a single and four sec-
ondary sources the global feedforward control strateggirigely unaffected by the change in
the enclosure response due to structural-acoustic caupliat is, the shift in modal reso-
nance frequencies and the additional radiating structaes do not significantly alter the
controlled responses. Therefore, the relationship betvwiee number of secondary sources
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and the control bandwidth, as previously shown by NelsonEdhakt [ 33] for the rigid walled
enclosure, is unaffected by structural-acoustic coupling

A practical control system cannot directly minimise the usta potential energy, there-
fore, simulations have also been presented in which the $uhe®quared pressures at eight
error sensors positioned in the corners of the enclosur@isnised using feedforward control.
The presented simulations once again show little diffezdyetween the rigid and non-rigid en-
closure controlled responses and the level of control atfiequencies is comparable to that
achieved when the total acoustic potential energy is megohdirectly. However, at higher fre-
quencies enhancements in the total acoustic potentiafjenesult due to the spatial sampling
inherent when using a finite number of error sensors. The fnggfluency enhancements due
to spatial sampling are more significant when an increaseabeu of secondary sources are
employed, which is a result of the increased coupling aeudw a larger number of sources.
However, these enhancements could simply be avoided bggathigh frequency limit to the
controller in a practical system.

To confirm the simulated results a series of results have bgethesised using transfer
responses measured in the car cabin mock-up shown in FRjareDespite the difference
in acoustic and structural damping the presented simuktiave shown comparable control
bandwidths to the simulated performances. The level ofspiresreduction has also been val-
idated through simulations of the enclosure with acoustit structural damping close to that
of the mock-up.

In the real car environment the primary noise source may bestic or may also be due to
structural excitation. Therefore, simulations have be&sgnted for both a point force struc-
tural excitation and an external acoustic plane wave ei@ita For the point force structural
excitation it has been shown that significant reductionshe dcoustic potential energy are
limited to frequencies below around 200 Hz, which is compker#o the internal acoustic ex-
citation, although there are a number of resonances bel@H20hat are not controllable.
Additionally, although a more significant increase in theelef reduction occurs between one
and four secondary sources compared to the internal acaxsiitation, there is no increase in
the control bandwidth. This also occurs for the externauatio plane wave excitation of the
enclosure, where the bandwidth of control is limited to bel®0 Hz for both the one and four
source control systems. Investigating the contributisomfthe individual acoustic modes for
each of the three primary source excitations consideretiigaghted the cause of the limited
bandwidth increase between using a single and multiplensizey sources for the two struc-
tural excitations. Specifically, for the point force sturetl excitation the radiation from the
structure excites higher order acoustic modes at a lowquéncy than the internal acoustic
excitation and, therefore, increases the effective modallap and limits the level of control.
For the external acoustic plane wave excitation, althobginet are significantly less strongly
excited modes than both other excitation sources, thera éeger number of overlapping
weakly excited modes that again limit the control bandwidth

From the investigation of global feedforward control th&eefs of a non-rigid enclosure
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have been investigated and validated and the change inot@atformance for various pri-
mary field excitations has been investigated. From thesssiigations it has been shown that
regardless of the structural-acoustic coupling or prinexgitation, significant reductions in
the acoustic potential energy are largely limited to fregpies around and below the first lon-
gitudinal acoustic mode. In order to improve the bandwidtieantrol a second feedforward
control strategy has been investigated that attempts tratche sound in the regions sur-
rounding the car’s occupants’ heads. This control strateduces the volume over which the
acoustic energy is to be reduced and, therefore, allowsneehzents to occur outside of the
specified control regions. This reduces the constrainthercontrol system and allows the
bandwidth of control to be increased.

The performance of the regional feedforward control stpateas been investigated through
both simulations using the model of structural-acoustigptiog and synthesis using the trans-
fer responses measured in the car cabin mock-up. Using émangary sources positioned
at the standard car audio loudspeaker positions and eigit sansors positioned at the four
headrest positions, the acoustic potential energy witiéncontrol regions has been shown to
be significantly reduced at frequencies up to 370 Hz. Thisdsrad a doubling in the upper
frequency limit of control compared to the global feedfordvaontrol strategy. A potential
issue with the regional feedforward control strategy ig,tdae to the positions of the error
sensors, it is susceptible to unobservable modes that iesehhancements in the regional
acoustic potential energy. However, it has also been shbatrthese effects may be limited
through the use of a control effort weighting parameter. dtwtrol effort weighting parame-
ter limits the control effort that is used and, thereforéeaively provides a trade-off between
control performance and control effort. In practice it ma&ygdwssible to schedule the control
effort weighting based on the pressures at additional mpftwoes positioned remotely from
the regional control zones.

85



86



Chapter 4

Modal Feedback Control

Whereas feedforward methods can be used to control engise imocars, the attenuation of
road noise is more suited to a feedback control solution,iggissed in Chaptet. Sanoet

al [59] have implemented a feedback system in a Honda station wiagoontrol drumming
noise (low-frequency road noise) in the front seats at atetthHz, which is the first longi-
tudinal acoustic mode of the vehicle in question. The predas/stem also requires a simple
fixed feedforward system to ensure that the sound level indhe of the vehicle is not in-
creased and achieves a 10 dB reduction in the drumming noigeifront seats whilst not
enhancing the sound level in the rear; this system has be@mwed in Sectiorl.2.3 Feed-
back control directly employs the signals from error sesgordrive the secondary sources
via a controller, as shown in Figurelfor a single input single output (SISO) system. Since
the error sensor signal is fed back to the secondary solresystem cannot be optimised on
a frequency-by-frequency basis, as in feedforward comtnol the whole frequency response
must be considered.
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Figure 4.1: Simple single channel feedback control system.
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The use of a single-source, single-sensor feedback caystém has been widely inves-
tigated and the performance limitations are well docunefi&2 133 134. Such control
systems are widely employed in active noise cancelling ppleaices and, due to the small spac-
ing between the error sensor and the loudspeaker, they oaid@rsignificant noise reduction
up to frequencies of around 1 kHx35. However, since the performance of feedback control
systems is limited by their stability, which is in turn siioantly limited as the delay in the
system is increased 36|, feedback active control using a widely spaced error sesist loud-
speaker, as shown in Figudel calculated from the fully-coupled simulation, will not bela
to achieve control over a wide bandwidth. To demonstratelimitation Figure4.2 shows the
Nyquist plot of the feedback control system presented imif€ig.1, in which the loudspeaker
and microphone are separated by a distance of 1.02 m, givdietagt of 3 ms, where the feed-
back gain has been set based on the simplified Nyquist $yadgilierion in which it is assumed
that the plant and controller are stable — as discussed wo8&c3.1below. Figure4.3shows
the resulting change in the total acoustic potential eneByyreducing the distance between
the control source and the error sensor the delay due to tic@uspagation can be reduced.
This allows a wider bandwidth of control to be achieved, hoifydocal control around the
microphone is generally achieved and thus it is difficult¢hiave a significant level of control
throughout the seating region in a car sized enclosure. €Th@dtations are evident in the
feedback control system described by Sahal [59] in which the region of acoustic energy
reduction is limited to the front seats of the car cabin ardandwidth of control is limited to
the first longitudinal acoustic mode.
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Imag{G}

_15 L L L L L
-15 -1 -0.5 0 0.5 1 15
Real{G}

Figure 4.2: Nyquist plot of the open-loop transfer responatulated for the full coupled en-
closure, with a gain off = 2.5 x 102 for a secondary source positionedat= [L1/4,0,L3/4]
and an error sensor positionedxat= [0,0,L3]. The(—1, jO) Nyquist point and region of 6 dB
enhancement are also shown.
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Figure 4.3: The total acoustic potential energy in the flexitalled enclosure for the feedback
control system employing a secondary source positioned at[L,/4,0,L3/4] and an error
sensor positioned &, = [0,0, L3].

A feedback control system with loudspeakers positionedeclo the head of the cars’
occupants may be able to provide a significant level and battlwf broadband random noise
control. Such a system has been detailed.B4], but, as highlighted in Sectioh2, it may be
difficult to integrate such a system into the standard catreeic systems.

This chapter investigates the use of feedback active nais&at strategies that employ
secondary sources positioned at the standard car audispgeakier positions and the same mi-
crophones that are used in the feedforward control systeestigated in the previous chapter
as error sensors. The aim of the investigated systems ispgmu® on the performance re-
ported by Sanet al [59] by achieving global control of the sound field. Two modaldieack
control systems are investigated which only require a sifidfler, which offers a significant
computational saving in terms of both the optimisation @ tontroller and its implementa-
tion compared to the 32 filters required by a fully multi-impenulti-ouput (MIMO) controller
employing eight error microphones and four loudspeakeisceSthe modal controllers only
require a single filter they may be implemented using a fuliglague system and, therefore,
avoid the delays inherent in a digital implementation. Dtestine reductions in the controller
complexity, however, the two modal feedback control systeme only predicted to achieve
significant levels of control in the structural-acousticpied enclosure if there is a dominant
acoustic mode.

4.1 A Review of Modal Control

Modal structural control strategies can be divided into @igtinct areas: positive position
feedback (PPF) controllB7] and modal filtering 138, 139. PPF control employs a collo-
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cated actuator and sensor pair, which ensures the systemiimum phase, similarly to direct
velocity feedback. In comparison to direct velocity feedaPPF only requires a structural
displacement measurement and, therefore, can be implechetith strain-based sensors such
as piezoelectric patches, which are free from the low fragualynamics that cause insta-
bility problems in direct velocity feedback37]. PPF control attempts to control individual
modes by feeding the structural displacement measurefmmentgh a modally tuned resonant
filter, with damping significantly greater than the struatumode’s damping. The combined
response of the modally tuned filter and the structure giv8a fthase shift at the resonance
frequency and thus positive feedback results in canoefiadf the structural response at the tar-
geted mode. Multiple modes can be controlled using PPF gfrtloe use of multiple modally
tuned filters.

The use of an acoustic modal control signal has direct aiedg modal structural control
as reviewed by Fulleet al [140. Vibration control using the modal filtering method emoy
discrete sensor measurements to estimate the modal respigparticular target modes whilst
rejecting interference from other modds3f]. Modal filtering is achieved through the linear
combination of the sensor signals, with the phase and amdplibf each sensor signal set
depending on its position relative to the mode shape of tlgeted mode. Modal filtering
is thus a form of spatial filteringlB9 and the modal error signals have been employed in
both feedforward 139 and feedback141] control systems. The estimated modal response
is used by a controller to determine the modal force with Whacdrive an array of actuators
in order to add damping to the targeted mode. In theory théadedf modal filtering can
completely decouple all of the system’s modes and, thezefmontrol of any targeted mode
may be achieved without affecting any other mode in the gsystée. control can be achieved
without any spillover 142]. However, in practice only a finite number of sensors andatots
can be used and, therefore, both observation and contimvairesult fL42, 143. A number
of methods of avoiding, or at least limiting the effects oilleger have been proposed44,
143 139.

Modal control systems have also been applied to acoustieragsand there are a number of
papers that implement such a system both in an aircraftdgedl45, 146 and a rocket fairing
[147]. These systems all employ an array of collocated transdugaies that are weighted such
that the energy dissipation is emphasised in targeted matésis achieved by weighting the
arrays such that the poles of the targeted modes are wetbde@drom the zeros and, therefore,
an increase in the closed-loop performance is achiel4§.[ The first of these papers, which
applies the control system with 8 transducer pairs to reduttie noise in an aircraft fuselage,
achieves 6 dB of control at the second acoustic mode and 3 dBnwfol at the third acoustic
mode; however, it is worth noting that these modes occur amtb71 Hz respectively and,
therefore, have a much greater spacing than the modes in @b sized enclosure. The
control scheme employed phase compensation to increaseothi®l bandwidth, which is
limited by transducer dynamic448], and an optimal feedback control strategy was employed
to set the feedback gains based on a cost function that lealahe control effort with the
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reduction in pressure at each of the microphorid$||

The later two publicationsli46, 147 employ identical control systems to each other, how-
ever, the system is applied to different acoustical probldi®g attempts control in an aircraft
fuselage and147] is a feasibility study of implementing the control stragemutlined in [L46]
to control noise in a rocket fairing, where the noise leveds/ine up to 140 dB. The two control
systems employ 16 pairs of collocated transducers that eighted, as in145, to emphasise
energy dissipation in a targeted mode. It is indicated thatspatial weighting has been de-
termined for each transducer pair from the real part of thgufency response at the targeted
modal frequency measured between the error sensors anlitiardy positioned loudspeaker.
Additionally, a method by which multi-mode control can bdiaved is presented. The main
difference between the work presented 149 and that presented irl§6, 147] is that anH,
control law is employed. The control law was designed to easj#e control over the specified
modal bandwidth and produce roll-off above the control badth [147]. This increases the
stability of the controller by reducing the sensitivity toise and modelling errors at higher
frequencies and, therefore, the potential performanaecieased. However, to ensure that the
controller does not simply achieve local control, an adddil array of “performance” sensors
are required in the design of the controller. Within the raifcfuselage the proposed system
achieves a maximum reduction of 6 dB using the single modealar and an average reduc-
tion of 4 dB over 5 targeted modes using the multi-mode cdptrat the performance sensors
[146. The system implemented in the rocket fairing achievedlamtevels of control with
values ranging from 6 to 12 dB with little spillovel47]; the increased performance can be
related to the increased number of transducer pairs pevoinitne.

The result of generating a composite ‘modal’ error signa iectangular enclosure such
as that considered in the previous chapter of this thesideamderstood by considering the
positions of the nodal planes relative to the positions efdtror sensors. For a control sys-
tem employing eight corner error sensors in a rectangutd walled enclosure, in order to
improve the sensing of the first longitudinal acoustic madegse nodal line is shown by the
grey plane in Figurd.4, it is necessary to invert the polarity of the microphonesitumed at
X3, X4, X7 andxg relative to microphones, xo, X5 andxg, as shown in Figurd.4, such that the
eight error signals will be in-phase and achieve enhancesitadty to this mode. For the next
nine acoustic modes — seven of which are shown in Figuséb-g) — these polarity inversions
will result in their contributions to the composite errogrsal being cancelled. The next low-
est acoustic mode whose sensitivity would be enhanced byetheration of the ‘modal’ error
signal targeting thé1,0,0) mode is thg3,0,0) mode shown in Figurd.5 (h).

In addition to modal control using modal filtering method® toncept of PPF control has
been applied to acoustic control in a number of acousti@sys{l49, 150, 151]. In comparison
to structural PPF the acoustic actuators typically haveifsigint dynamics in the frequency
range of control, the source and sensor cannot be trulyaaifid, and the signal fedback is not
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Figure 4.4: Modal feedback control system with transduceights set to control the first
longitudinal acoustic mode.
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Figure 4.5: The positions of the nodal lines for the first sevmdes (a - g) and the position of
the nodal lines for the 11th mode (h), for the rectangulatomuce and the effect of the modal
error sensor on the measured amplitudes of these modesfiadipancelled).
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the position (or displacement) but the acoustic pressuespiie these differences the structure
of the acoustic PPF-type controller and the operating jpies are the same as for structural
PPF. That is, the signal from the error sensor is fedbackedotidspeaker via a modally tuned
resonant filter which, when placed in series with the acoustdal resonance, gives a $80
phase shift and, therefore, achieves cancellation of tigetied acoustic mode using a positive
feedback gain.

The work presented by Bisnetit¢ al[15]] investigates the use of both modally tuned low-
pass and bandpass PPF-type filters employed in conjunciitnaw all-pass filter, which is
tuned to compensate for the loudspeaker’s phase respodsmsire that the 18@hase-shift
is achieved at the targeted modal frequency. Bisredttd apply the proposed control system
to an acoustic duct and their results indicate that a singldarcontroller can achieve up to
8 dB reduction in the pressure throughout the duct, with dlsam@ount of spillover in a higher
order mode. The multi-mode controller is reported to adhiem average reduction of 4 dB
across the first four modes, with 1 dB spillover at the fifth ol is also highlighted that, al-
though the low-pass filter achieves good performance fositigde mode controller, where the
40 dB/decade high frequency roll-off limits instabilitydspillover, for multi-mode control the
bandpass filter, despite providing only 20 dB/decade iblabhigh and low frequencies, per-
forms better. For multi-mode control the bandpass filteuced interaction between adjacent
modes and specifically reduces the interaction with lowegdency modes, which limits the
performance of multi-mode control systems, whilst stithyading the high frequency roll-off
that improves system stability.

The PPF-type control system presented by Creasyt [150 is similar to that presented
by Bisnetteet al [151], however, in addition to the second-order low-pass PPér fiixth-
order high-pass and second-order low-pass Butterwortirditire also employed. The cut-
on frequency of the high-pass filter is set to the zero precethie targeted mode, and the
cut-off frequency of the low-pass filter is set to the zerddfelng the targeted mode. The
resonance frequency of the PPF filter is also set close toettwefallowing the targeted mode
and its damping is set to be approximately an order of madeireater than that of the
targeted modelfs(. This combination of filters gives an 80 dB/decade higlufrency roll-
off and a 120 dB/decade roll-on at low frequencies. The efiéthese filters is to reduce the
low-frequency spillover that may occur in multi-mode cohwsing a PPF filter and improve
system stability. The use of higher-order filters has presip also been presented by Smith
[152. Additionally, the system proposed if$0d implements an adaptation scheme, such that
the controller can adapt to changes in the modal frequenEm@she application to an acoustic
duct it is shown that the proposed adaptation strategy roesi to absorb energy over five
modes whilst the frequencies of the acoustic modes aredvayieip to 20%. The performance
of the proposed control system is implemented in a launcliclepayload fairing in 149
and it is shown that pressure level reductions of 3.3 dB overalwidth of 100 to 250 Hz are
maintained with 5% variation in the modal frequencies usirfigmode controller.

From the preceding literature review it is evident that itynha possible to achieve a sig-
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nificant level and bandwidth of control using a modal-bassstiback control strategy, whilst
reducing the computational demand of the controller coegbdan a fully multi-input, multi-
output (MIMO) controller. Therefore, this chapter will iestigate the use of multiple error
sensors to generate a composite, ‘modal’ error signal whiltbe used to drive multiple sec-
ondary sources via a feedback controller. The spatial vtieiglof the sensor array is compa-
rable to that employed in the modal filtering method, howgwslike the systems presented in
[145 146, 147 the source and sensors will not be collocated. This nolocation is partially
due to the fixed positioning of the car audio loudspeakerstheaill sub-optimal positioning
with regard to error sensor locations, however, in the ocdardéthe modal feedback control
system, if non-collocation of sensors and actuators istiped¢hen the need for a second “per-
formance” array of sensors, as required in the optimal faekilcontrol systems presented in
[146, 147], would be unnecessary.

It is important to note that all of the acoustical systemsimitvhich modal control strate-
gies have been employed in the above references are ligathpeld and have well spaced
modes at low frequencies where active noise control is jgedale. In the context of the car
cabin enclosure, however, the assumed damping is sigrilfiaguieater and the modal overlap
becomes more significant at low frequencies. The effecttieste differences in the acoustical
system have on the performance of modal control systemdwilllustrated in the following
sections.

4.2 Controller Formulation

A block diagram of the multi-sensor, multi-source modabiteseck control system is presented
in Figure 4.6aand an implementation of the system in the rectangular satoemployed
in Chapters2 and 3 is presented in Figurd.7. The feedback control system consistshf
loudspeakers ante discrete error sensors, which may also be employed in adeegdfd
engine noise control system, and in this instance is usednivat a single acoustic mode. The
composite error signaly., is generated through the weighted summation of the sigrais
the L discrete error microphones. This weighted summation idémpnted via théLe x 1)
vector of real, frequency independent, error sensor wigightw,, and can be expressed in
terms of the(Le x 1) vector of pressures at the error sensggs as

Pe(jw) =W pe(jw), (4.1)

whereT denotes the matrix transpose and the vector of pressurke atror sensors is given
by the summation of théle x 1) vectors of pressures due to the primary disturbapgeand
the control, or secondary sourcgs, so that

Pe(jw) = Pp(jw) + Ps(j0). (4.2)
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The composite error signa,, is filtered by the negative feedback controllet, to give the
composite secondary source strength

Ae(jw) = —H(jw)pe(jw). (4.3)

The composite source strength is then sent tavteecondary sources, via tll x 1) vector
of real, frequency independent source weightingg, which gives the vector of secondary
source strengths as

gs(jw) = wmdc(jw). (4.4)

The secondary source strengths are related to the vectares$yes due to the secondary
sources,ps, via the (Le x M) matrix of acoustic transfer impedances between the secpnda
sources and the error sensdfs, and thus equatiof.2 can be expanded to give,

Pe(jw) = Pp(jw) +Zs(jw)as(jo). (4.5)

Substituting equationd.1, 4.3 and4.4 into equationd4.5 and rearranging gives the vector of
error Sensor pressures as

Pe(j®) = [1 + Zs(j)wiH (jo)w! ]~ py(jw), (4.6)

wherel is an(Le x Le) identity matrix. The(Le x Le) matrix sensitivity function of thee
input, M output feedback controller is given by

S(jw) = 1+ Zs(jo)wuH (joyw! | (4.7)
and the open-loop response is given by
Zy(joo)wH (jo)w], (4.8)

where thel¢ input, M output controller response is given bl jw) = wyH (jw)w . However,
substituting equatiod.5into equatiord.1 gives the composite error signal as

Pe(jw) =W pp+ W Zs(jw)qs,
= Pc, + W] Zs(j0)Qs, (4.9)

wherepg, is the composite primary pressure. Substituting for theseéary source strengths
using equationd.3and4.4then gives the composite error signal as

Pe(j00) = [14+W] Zs(joo)wuH (jw)] W] py(j0), (4.10)
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(b) Block diagram of the single-input, single-
output modal feedback control system.

Figure 4.6: Block diagrams of the modal feedback controller

where the scalar sensitivity function of the compositeeysis given as
S(j0) = [1+W] Zs(jo)wmH (jw)] . (4.11)
The open-loop response of the composite system is given by
W Zs(jo)wyH (jw). (4.12)

where the composite plant is given i Z(jw)wy = G(jw) and the controller response is
simply given byH. Therefore, despite employing error sensors anldl secondary sources, it
can be seen that the performance and stability of the simglée controller may be determined
using the relatively more straightforward SISO controtiessign methods and the simplified
block diagram for this formulation is shown in Figutesh

4.3 Robust Stability Constraints

4.3.1 Single-Input Single-Output Robust Stability

The design of SISO feedback control systems, such as the &8toller shown in Figure
4.6b can be achieved using the definitions of the closed and amgnresponses. The closed-
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Figure 4.7: Multi-source, multi-sensor modal feedbacktamrsystem.

loop response for a general SISO system is given by

Sije) = U :

pa(jo) ~ 1+ G(jwH(jw)’ (4.13)

wherepe is the error pressurgy is the disturbance pressuf@(jw) is the frequency response
of the plant andH (jw) is the frequency response of the controller and the opemlesponse
is given by

G(jw)H(jw). (4.14)

To design a feedback controller it is necessary ensure tieatlosed-loop system is stable.
Assuming at this stage that both the plant and controlletremselves stable, the closed-loop
stability criterion for a SISO feedback controller can bsetved from the sensitivity function
given by equatiort.13 If G(jw)H (jw) was equal to-1 then the response of the feedback
controller, which is governed by the sensitivity functiomould become unbounded and the
controller would be unstabld B2). This leads to the definition of the Nyquist stability crite,
which states that the polar plot of the open-loop respons& mat enclose the Nyquist point,
(—1,0), aswincreases from-oo to +oo [153].

In a practical system where the open-loop response may lecstdvariations it is typical
to set the feedback gain to allow the system to remain stadpit these variations. The use
of gain and phase margins provide a common method of degigrnsitable feedback controller,
however, there are situations under which a system may latiddyge gain and phase margins
but still become unstable if there is a change in both the giadhphase of the system. A system
that remains stable despite changes in both the gain and [@sed to be robustly stabl&32].

To ensure robust stability a feedback system may be desiggiad an unstructured model of
the plant uncertaintieslB2. Plant uncertainties are the changes that occur in the mami
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response of the open-loop systeBy( jw) — that is, the response with no uncertainty. These
changes in the nominal response produce regions of unugreiound the nominal open-loop
frequency response at each frequency and these may bebéelsby a disc of uncertainty
[132. Robust stability may then be ensured by designing thebfaekl system such that the
discs of uncertainty at each frequency do not encircle thguiéy point.

Using the model of unstructured plant uncertainty the dismoertainty at each frequency
may be described by a circle with a centre p@gt jw)H (jw) and a radiu(w)|Go(jw)H (jw)],
whereB is the maximum magnitude of the plant uncertainty. The robtability criterion then
requires that

11+ Go(jw)H (jw)| > B(w)[Go(jw)H (jw)| v, (4.15)

which states that the distance from the centre of the ciectee Nyquist point must be greater
than the radius of the circle for al, frequencies. Rearranging equatibi5gives

|Go(j0)H (jw)| 1
|14+ Go(jwH (jw)| B(w) v, (4.16)
To(jo)] < Ve, (4.17)

B(w)
whereTy is the complementary sensitivity function and is relatethesensitivity function by

[132
S(jw) +To(jw) = 1. (4.18)

4.3.2 Multi-Input Multi-Output Robust Stability

Although only a SISO modal controller is considered in Set#.2 it is useful at this stage
to also discuss the robustness constraint in the contexMidVBO controller since, as will be
shown below, it is perhaps beneficial to formulate the modatroller as a MIMO system. The
closed-loop response of the MIMO feedback controller showigure4.8is given following
equatiord4.6as

Pe(j0) = [I + G(jw)H (jw)] ' ppy(jw), (4.19)

whereG( jw) is the matrix of plant responses aHd jw) is the matrix of controller responses
and the term in square brackets is the sensitivity funct®ifw). The stability of a MIMO
feedback control system can be determined based on a geatoal of the Nyquist crite-
rion discussed above in the context of SISO systems, whégeagain assumed that both the
plant and controller are themselves stable. The detailbisfgeneralisation are detailed in
Appendix F, however, it is pertinent to highlight that the stability the closed-loop MIMO
system is guaranteed by ensuring that the loci of the eideesaof the open-loop response
matrix, G(jw)H (jw) do not encircle th¢—1,0) point [132.

In a practical system, where the open-loop responses maybErsto some variations, itis
again necessary to derive a robust stability conditionhéMIMO feedback system this con-
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Figure 4.8: Block diagram of the multichannel feedback cargystem.

dition is significantly more complex than for the SISO casgplant uncertainties due to input
and output perturbations cannot always be combined to fasimple uncertainty description
[154]. The problem of lumping input and output uncertainties iscdssed in Appendi¥,
however, in the following simulations it is convenient tesase that the plant uncertainty can
be modelled as output uncertainty. In the simulation séerary plant uncertainty is artifi-
cially defined and, therefore, defining the multichannehplancertainty as output uncertainty
loses no generality, but does allow a convenient conditarrdbust stability. The condition
for robust stability in the case of unstructured output utadety is given by 132]

— . 1
whereg |- - -] indicates the maximum singular value of the associatedixreatd To( jw) is the

multichannel complementary sensitivity function of themioal plant and is given by

To(jw) = [I +Go(jw)H (jw)] * Go(j)H (jw). (4.21)

4.4 Enhancement Constraints

4.4.1 Single-Input, Single-Output Enhancement Constrait

When designing a feedback controller it is often desirablal$o enforce a limit on the max-
imum enhancement of the primary disturbance signal. In tdmgext of the SISO controller
a constraint on the enhancement in the error signal can hgezhby limiting the sensitivity
function given by equatiod.13to be less than a maximum valueAfThe sensitivity function
governs the response between the error and the disturbgnedssand this constraint thus en-
sures that the disturbance signal is not enhanced by maretfactor ofA. This enhancement
constraint can be expressed 2387

11+ G(jw)H (jw)| > % Y, (4.22)
and can be interpreted geometrically as a circle of radji/s dentred on the Nyquist point
through which the locus of the open-loop response shoulghass in order to ensure a max-
imum enhancement of A. That is, fér= 2, provided the open-loop response does not pass
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through this circle a maximum enhancement of 6 dB will be ezcu

4.4.2 Multi-Input, Multi-Output Enhancement Constraints

It is again convenient to extend the discussion of enhancetneMIMO systems here, even
though only SISO modal controllers are initially being doiesed, since it will be used later.

According to equatiort.19the sensitivity function of the MIMO feedback controller is
given by
S(jw) = 1+ G(jwH (jw)] *, (4.23)

and this again describes the response between the prinsanylidince and the error signgl;
andp, in the controller shown in Figur4.8. Therefore, as in the SISO case, it is possible to use
the sensitivity function to define a constraint on the maximenhancement in the disturbance
signal. A possible constraint on out of band enhancementsoigded by constraining the
maximum singular value of the sensitivity function to besléisan the desired enhancement
factor, A, whereA is greater than unity; that is

o[S(jw)] <A Vo (4.24)

However, the maximum singular value of the sensitivity fiort is related to the ratio of the
2-norms of the primary disturbance vectpp(jw), and the error vectop,(jw), by [132

—o [|Pe(j0)][2
o[S(jw)] = s (4.25)
IPp(jw)ll2
and therefore this enhancement constraint is potentiattyesvhat conservative with respect to
the enhancements in the sum of the squared pressures.

In the context of the MIMO system a less conservative coimtien the maximum en-
hancement can be approached from two directions by eitheettyi limiting the enhancement
in the sum of squared error sensor pressures or the enhamnicentiee individual error sensor
pressures. The constraint on the maximum enhancement suthef the squared error sensor
pressures can be expressed for a random noise disturbance as

E (pE (jw) pe(j))
E (pf (jw)pp(jw))

<A Y, (4.26)

whereE is the expectation operator aAds the maximum enhancement limit, such that for a
value of A = 4 the maximum enhancement in the sum of the squared erraulsignlimited

to 6 dB. This constraint can be rewritten using the tracectwlis the sum of the diagonal
elements of a square matrix, as

trace[E (Pe(jw) pE (jw))]
trace[E (pp(jw)p (jw))]

<A va. (4.27)
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Since the error sensor pressurps,can be related to the primary pressures using the setysitivi
function as

Pe(jw) = S(jw) pp(jw), (4.28)

the constraint on the maximum enhancement can be exprasgaanis of the disturbance and
the sensitivity function as

trace[E (S(jw) pp(jw) Py (jw)S™ (jw))]

trace[E (p,(jw)p (jw))] Vo (4.29)

The expectation of the outer product is defined as the matpower and cross spectral den-
sities

Sop(jw) = E (pp(j0)ph (jw)), (4.30)
and, therefore, the constraint on the maximum enhancemedheisum of squared pressures
can finally be expressed as

trace[S(jw)Spp(jw)S™ (jw)]

12088y (1) <A Yoo. (4.31)

Using equatiomM.31it is possible that a high level of enhancement in the pressuay
occur at one error sensor location whilst this is balancedgla comparable level of atten-
uation at another error sensor. This may be detrimentaletibjective performance of the
control system and, therefore, it is pertinent to also a®ersconstraining the maximum en-
hancement in the individual error sensor pressures. Thist@nt may be expressed for a
random disturbance at tteh error sensor as

E (Ipa (j0)|?)

E(pa (o) = 7@ (4.32)

where if A = 4 the maximum enhancement in the squared pressure atttherror sensor
due to control is 6 dB. This constraint can be expressed f@aradr sensors using a matrix
formulation as

max[diag (D (jw)E(pe(j) pE (jw)))] <A, (4.33)

where the diag of atN x N) square matriA is defined as
. T
diag(A) = [ Ain Az - AN } ) (4.34)

and the matribD is defined at a single frequency as the diagonal matrix

1
ey 0 0 0
0 —1 0 0
0 0 0
0 0 0 1
L E(|pp|_\2) i




Substituting forp, using equationd.28and4.30the constraint on the maximum enhancement
of the pressure at any one error sensor can be expressed as

max [diag(D(jw)S(jw)Spp(jw)S™ (jw))] <A (4.36)

4.5 Internal Model Control

Internal Model Control (IMC) allows the feedback controbplem to be reformulated as an
equivalent feedforward problem and, therefore, the desfghe feedback controller may be
achieved using feedforward control design methd®2[ 155. This provides a convenient
method of designing optimal feedback controllers and as/sho [156] it can be used to for-
mulate the optimisation of a feedback controller with bbthandH., constraints. The IMC
method will be applied to the design of the modal feedbackrobaystem which can be formu-
lated as either a SISO or MIMO controller and, therefore, 38O and MIMO formulations
of an IMC architecture will be detailed.

4.5.1 Single-Input, Single-Output Internal Model Control

Figure4.9ashows the standard feedback control block diagram and &#@bshows the sys-
tem employing an IMC architecture, where the complete faekilcontroller—H, is contained
within the dashed lines and consists of the control filleand the modelled plant resporGe
The response of the feedback controller is given by

Hjw) = — o U®) (4.37)
1+ G(jw)W(jw)
whereW is the control filter and the resulting sensitivity functisrgiven by
. jw 1+ G(jo)W(jw

Cpa(j®)  1-[G(jw) - G(jw)|W(jw)

Assuming that the plant model is perfect, then the feedbapkakis equal to the primary
disturbance and, therefore, effectively acts as a per&fetrance signal to drive the control
filter, W. Under this assumption the sensitivity function becomes

S(jw) =1+ G(jw)W(jw), (4.39)

and the control filteAV, operates as a feedforward controller and, therefore, eaebigned
using standard feedforward techniqu&s4, 132.

As in Chapter3, the feedforward controllekV, can be designed to minimise the squared
error signal which, for a random disturbance signal, ismive

Seel j00) = E (Pe( j00)" pe(j0)) = |1+ G(jw)W(j0)|* Sua( ), (4.40)
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(a) Standard SISO Feedback Controller

(b) IMC SISO Feedback Controller

Figure 4.9: Block diagrams of a standard and IMC SISO feddbantrol system

whereSyq is the spectral density of the disturbance. However, de$igiC allowing a feedback
controller to be reformulated as a feedforward system, iraetjzal active noise control system
the plant model will not be perfect and a degree of feedbatlowpresent in the systeri$5|.
This leads to potential stability problems and the need forea robust stability constraints in
the controller design1b5, 137. For the SISO IMC controller the robust stability consttai
derived in Sectiod.3.1can be expressed by substituth@7into equatiord.16and assuming
that the modelled plant response is equal to the nominabnsspto give

|Go(jw)W(jw)| < % V. (4.41)

Similarly, the disturbance enhancement constraint giswemduation4.22 can be written in
terms of the IMC controller as

1 1
" . > —
|14+ Go(jo)W(jw)| = A

V. (4.42)

Thus, by combining the minimisation of the mean squared &g jw), with the requirements
of maintaining the robustness and enhancement consirdietéMC formulation can be used
to design a robust feedback controller.

Up to this point it has been assumed that both the plant artdotien are open-loop stable,
however, this is not a general requirement of IMC and it issgme that the design process
may produce a controller that is open-loop unstable bueddsop stable. Therefore, a more
general definition of the Nyquist stability criterion thates not assume open-loop stability
is required. The more general definition of the Nyquist ditgbériterion is that the closed-
loop system should have no unstable, right-half plane Zdrais 133. This criterion can be
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expressed adp5
New = —P, (4.43)

whereNcw is the number of clockwise encirclements of thel,0) point by Go(jw)H (jw)
andP is the number of unstable poles of the open-loop responserefdre, in the case when
the plant and controller are stable there should be no éecients of the(—1,0) point, as
detailed in Sectiod.3.1 However, for each unstable pole in the open-loop respdrestotus
of the open-loop respongg(jw)H (jw) must encircle thé—1,0) point in the anti-clockwise
direction to ensure closed-loop stability.

In an acoustic control scenario it is reasonable to assuatéhb open-loop plant is stable,
however, according to equatien37 an unstable pole in the feedback controlldi(jw), can
be related to an unstable zero in the respdBgdw)W(jw). In a practical real-time system,
the use of an unstable controller would be difficult to real#ce it would not be possible to
measure the response of the open-loop controller and feneyét would be difficult to ensure
that the expected closed-loop performance would be adthi€lris issue has been discussed
in the context of an active headrest system employing aalimicrophone by Tsengt al
[157] and in order to ensure a stable open-loop controller antiaddi design constraint was
proposed that limits the response of the open-loop coetrtdl be on the right hand side of the
Nyquist point. This design constraint can be expressed as

0{Go(jo)W(jw)} > -1 Vow. (4.44)

This design constraint can also be included in the optineisaif the controller using the IMC
architecture along with the robustness and enhancemestraints.

4.5.2 Multi-Input, Multi-Output Internal Model Control

The design of MIMO feedback controllers is significantly matemanding than SISO con-
trollers since in the multichannel feedback case the opénchosed loop responses are gov-
erned by matrices and, therefore, require the use of matiim® rather than scalar norms
[132. A wide variety of methods have been proposed for designiudtichannel feedback
controllers L54] and a particularly practical method of designing a rolyustable controller,
which is relatively simple from the designers perspectias been proposed by McFarlane and
Glover [158. This design method, referred to as McFarlane-Glover {slogping, combines
the characteristics of classical loop-shaping Eadlesign. The designer first specifies weight-
ing functions that shape the open-loop magnitude respansedier to achieve the required
performance criterion, such as disturbance rejectionvatflequencies and robust stability at
high frequencies, and then a controller is designed udingnethods to robustly stabilise the
shaped plant. The difficulty in implementing this controlthma is that it requires a state-space
model of the plant and, therefore in a complex system, sut¢heaacoustic control problem
considered here, it is difficult to implement an accurate ehad the practical plant that can

104



also be solved using the McFarlane-Glover method. IMC alawnultichannel feedback con-
troller to be designed without the need for predefining wignghfunctions and may avoid the
need for a complex model of the plart34. The block diagram of the multichannel IMC
feedback controller is shown in FigudelQ

4

Figure 4.10: Block diagram of the mutlichannel feedbackiabsystem in which the feedback
control is implemented using an internal modal control gechure.

For the MIMO IMC controller, the response of the completedfeseck controllerH, which
is contained within the dashed lines in Figdr&Q is given by

H(jo) = [+ W(j0)&(jo)] Wi(jw). (4.45)

whereW is the (M x Le) control filter matrix andG is the (Le x M) matrix of modelled plant
responses. Assuming that the plant model is equal to thenabmliant response the vector of
error signals is given by substituting equatd5into equatiord.19and rearranging to give

Pe(jw) = [I + Go(jW)W (jw)] Pp(jw), (4.46)

and the nominal matrix sensitivity function of the conteolin Figure4.10is given by [L55
132
So(jw) =1+ Go(jw)W(jo). (4.47)

The IMC architecture has allowed the feedback controlldretoeformulated as a feedforward
system, where the disturbance signal is equal to the refersignal provided that the plant
model is perfect. The nominal performance of the contraler, therefore, be designed using
feedforward control techniques. However, in comparisoifietmforward control, since the
reference signals are equal to and, therefore, completélgrent with the disturbance signals,
there are no limitations on the controller performance isgabby coherencd 82.

In a practical active noise control system the plant mod&Inei be perfect and there will,
therefore, be a degree of feedback in the system. This fekdiads to potential stability issues
and the need to enforce stability constraints by ‘detunthg’nominal feedforward controller
[155. The robust stability constraint for the MIMO IMC contretlis given by assuming that
the modelled plant is equal to the nominal plant responsesahdtituting equatiod.45into
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equatiord.21and substituting the result into equatiér2Q which gives

o jW (] — 4.48
0 [Go(jw)W(jw)] < B(w) Vo, (4.48)
whereGy(jw)W(jw) = To(jw) is the complementary sensitivity functiobd5].
The three different approaches to enforcing a constrainhemaximum disturbance en-
hancement detailed in Secti@gh4.2 can be obtained for the IMC controller architecture by
substituting equatiod.47into equationst.24 4.31and4.36

4.6 Minimising the Modal Error Signal

The general design method for the modal feedback contnabpuires the transducer weight-
ings, w, andwy,, and the feedback controllgd, to be set such that the open-loop response
is maximised over the frequencies where the targeted maztes, avhilst minimising the re-
sponse at other frequencies and maintaining a robustiessgbtem, as described in the pre-
vious section. Previous work on acoustic modal control fdeaed this design process in
two stages — first selecting the transducer weightings agial designing the response of the
controller (see for exampld 6, 147]). This design approach has also been investigated within
the work leading to this thesis and a novel method of selgdtie transducer weightings has
been proposed by the author itBF]. This method defines the sensor weightings by maximis-
ing the response between the composite source strepgtmd the composite pressure due to
the secondary sourceg,,, over the frequency range where control is required whilsimis-
ing this response at all other frequencies. The source tegghare defined by maximising
the response between the composite source streqgthnd the pressures produced at the er-
ror sensors by the secondary sourges,over the frequency range where control is required
whilst minimising this response at all other frequenciesisTmethod of defining the transducer
weightings, or spatial filtering, is combined with a simpeporal filtering method employing
a modally tuned all-pass and bandpass filter adf1][and initial results using this method
have been presented at ICSV19 15§]. The method of defining the transducer weightings is
presented and discussed in Appenidix

The main limitation of the controller design strategy dssed in AppendiX is that due to
the separate design of the transducer weightings and feledbatroller they do not guarantee
a system which is optimal overall. Therefore, a method ahoiging the transducer weightings
and controller response in parallel has been developeds mbthod of designing the modal
feedback controller uses IMC and an optimisation routiniong the method proposed by
Rafaely and Elliott in 156.

4.6.1 Controller Design and Optimisation

There are two methods by which the modal feedback contrptiesented in Figurd.6amay
be formulated using an IMC architecture. In the first methuel transducer weightings are
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included in the IMC controller modelling path, as shown igie4.11, and this leads to the
modal error signal being minimised. Using this formulatenmd assuming that the modelled
plant is equal to the nominal plant, thaﬁ$jw) = Gp(jw), the response of the complete SISO
feedback controller is given by

—W(jw)

= 4.49
L5 W] Goljo) W (1) 449

H(jw)

where the nominal plant is given by the combination of the imafracoustic respons&g and
the loudspeaker respondg,, as

Go(jw) =Zo(jw)YL(jw). (4.50)

In contrast to feedforward control, in order to rigoroushyastigate feedback control it is
necessary to include a model of the secondary sources’niespo Including a model of the
secondary sources’ responses ensures that, as in a dragsitan, the magnitude of the open-
loop frequency response tends to zero at high frequent®3A. [ This allows the stability of
the system to be confirmed whilst only modelling a limitedjfrency range. That is, provided
the magnitude of the open-loop response rolls off at highueacies, it is possible to assume
that the system’s stability will not be affected by the higbguency response. Inclusion of the
secondary sources’ responses is also necessary as theradgihase-lag that they introduce
to the system will have an effect on the stability and, thremesfthe predicted performance of
the feedback active noise control system. In this instanegdsponse of the secondary source
loudspeakers will be modelled using a second-order, SD@ke®, which is included in the
model viaY¥ (jw), and the details of the loudspeaker model are presentedperiixE.

The controller formulation presented in Figérd 1conveniently leads to the minimisation
of the composite error signaf., which is given by substituting equati@h49 into equation
4.10as

Pe(jw) = [1+ W] Go(jw)wW (jo)] W{ Py (jew). (4.51)

The aim of the modal feedback controller in this case is toimmge the mean-square of the
composite error signal. For a random noise disturbancéy asicoad noise, this cost function
can conveniently be defined ak3p]

Je(jw) =E(pe(jo)pe(j0)), (4.52)

whereE is the expectation operator afdndicates the complex conjugate operation. Substi-
tuting equationgl.51and4.30into equatiord.52gives

Je(jw) = [1+W] Go(je)WmW (jw)| W] Spp(joo)we [1+W*(ju)wy Gy (jw)w].  (4.53)

Since the IMC controller is a SISO system, the cost functidnetminimised, given by equation
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4.53 can be rewritten as
Je(jo) = |1+ W Go(jo)WnW (joo)| W] Spp(jo)W . (4.54)

In comparison to the work presented by Rafaely and EllitB€] and standard feedback con-
trol, the cost function for the modal control system not or@guires the optimisation of the

control filter, but also the transducer weights. From equadi54it can be seen that the cost
function is not quadratic with respect to the transducemgimsi. However, the cost function

appears to be convex, as suggested by the simulations edpeetow, and, therefore, has a
global minimum provided that the sensor weighting vectarasstrained to be non-zero and
within specific bounds such that any overall gain requiretth@nfeedback loop is implemented
by the control filter and not the transducer weightings. Tais be achieved by constraining
the transducer weights such that

ww =1,

wywy = 1. (4.55)

Figure 4.11: Block diagram of the multi-source, multi-semsiodal feedback control system
implemented using an internal model control (IMC) arcHitee with the transducer weights
in the modelling path.

The robust stability, disturbance enhancement and cdertrsfability constraints for the
IMC controller in Figured.11can be derived by substituting equatibd9into equationgt.16
4.22 and 4.44 respectively. The robust stability constraint for the &nmode controller is
given by

W Gol jeo) W (je)| < @ Vo, (4.56)

and the disturbance enhancement constraint is given by
11+ W Go(jo)wuW(jw)| <A VYo, (4.57)

where, for the controller in Figur4.1], it is the enhancement of the composite error signal that
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is limited. The open-loop controller stability constraiggiven by

O{wW] Go(jwo)WwyW} > -1  Va. (4.58)

In a real-time system it is important for the controller todaaisally constrainedlBZ and
this can be achieved in the IMC feedback controller by degjitive control filterW, as a finite
impulse response (FIR) filter as in feedforward contd@d7). In the modal control system/
can be implemented as a single FIR filter with a vectdradefficientsw. The optimisation of
the FIR control filter in a standard feedback controller ddog achieved using the analytical
methods developed for feedforward controllers as destiing132]. However, to minimise
the cost function whilst also maintaining the robust stgbénd disturbance enhancement con-
straints is more complex and in the case of the modal feedbaoikoller it is also neces-
sary to optimise the transducer weightings. This congthiminimisation can be achieved
by discretising the design problem in the frequency domathsolving using an optimisation
strategy. This method has been employed by Rafaely andtgllis6] to design a SISO IMC
feedback controller for an active headrest applicatiorhait H, performance criterion and
both H, andH., constraints. In the SISO headrest system the control fdtenplemented as
an FIR filter and, therefore, the cost function and condsdd@come convex functions of the
filter coefficients. The optimal solution of this convex apisation problem is calculated by
discretising the frequency responses of the nominal ptaottrol filter, and constraint func-
tions and using sequential quadratic programming to catieuhe optimal solution. The same
convex optimisation problem has also been solved usingeaatite gradient-descent method
in place of the sequential quadratic programmingli6( and achieved essentially the same
results [L32). Frequency discretisation had previously been propas¢tbil] and employed in
an acoustic application irlp2. This method of IMC controller design and optimisation Iwil
be extended to the modal feedback controller.

By discretising the frequency responses of the plant antt@ter atNg linearly spaced fre-
guency intervals between 0 Hz and the maximum frequencyea$ystem, the design objective
can be expressed using equatidis4through to4.58 However, if the primary disturbance is
known to be dominant over a specific frequency range, or abistrequired over a predefined
frequency range, then the optimisation problem can be neafich that maximal disturbance
attenuation is achieved over a specified bandwidth whikstctimstraints are maintained over
the full bandwidth. If the lower and upper bounds of the baiatlwvover which disturbance at-
tenuation is required are definedfasand f, respectively and the number of discrete frequency
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points in this interval idNg,, then the optimisation problem can be expressed as

min
w NFC £

f2
Z |1+ w{ Go f)wiW () |PW] Spp(f)wi,
=M

subjectto ww, =1,
W Wy = 1,
W] Go( F)wuW(H)B(f)] <1  ¥f,
|1+w[Go(f)wMW(f)|%<1 v

O{wW] Go(jw)wyW} > -1 Vf. (4.59)

In order to solve this optimisation problem using sequémfiedratic programming the cost
function must be convex and the constraints must be afli6g[ As detailed above, the cost
function appears be convex when the transducer weightirgsugtably constrained, however,
the optimisation described by equatiérb9is with respect to the filter coefficients and, there-
fore, as in 164 it is important to show that the use of sequential quadrategramming is
appropriate. Since the discretised frequency respongeafdntrol filter is linearly related to
the filter coefficients as

-1 o
W(f) = N—lF_Z)Wie“ZT"”NF, (4.60)
i=

then the optimisation problem is also convex with respethédfilter coefficients. Therefore,
the optimal controller will be calculated using sequentiahdratic programminglp3] which
has been implemented in Matlab using the built-in funcfiminconin Matlab v2010b.

A significant advantage of the frequency domain design off¢leelback controller de-
scribed by equatiod.59 compared to other popular feedback controller design nastheuch
as McFarlane-Glover loop-shaping5g], is that the required variables can be determined di-
rectly from experimental data. That is, there is no need feigiting functions to be defined by
the designer and there is no need to calculate an accurtgespace model of the plant. How-
ever, to ensure that the optimisation described in equdtib8actually achieves the optimal
result with respect to the real-world problem, it is impatte select the number of frequencies
at which the optimisation is definelr, to be large enough such that the frequency responses
are represented accurately in the discretised domainstwiul being so large that the optimi-
sation problem is made unnecessarily compi€]. This can be achieved by ensuring that the
impulse responses of the discretised functions decay amdyhais have negligible amplitude
at the end of their responselsH]. It is also important that the length of the FIR control fifte
I, is set sufficiently long such that the solution is optimahislTcan be achieved by gradually
increasind until the performance of the optimised controller does ngiriove [L62, 156).
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4.6.2 Control of an Internal Acoustic Primary Source

The modal feedback controller with four secondary sourceseaght error microphones po-
sitioned in the corners of the non-rigid walled rectangualar cabin sized enclosure has been
optimised according to equatigh59for the case when there is a single acoustic primary dis-
turbance positioned at= [0,L,/2,0] as shown in Figur@.6. The frequency range considered
is 0 to 500 Hz and the frequency range of the cost function bas bmited to frequencies be-
low 115 Hz by settingf; = 0 andf, = 115 in the optimisation. This control bandwidth limits
control to frequencies where the response is dominatedebijrit longitudinal acoustic mode.

If the control bandwidth is increased, although the cotdrotan continue to minimise the
modal, composite error signal, it is not capable of achigveductions in the sum of squared
error sensor pressures since the response at higher fegsiés not dominated by a single
acoustic mode. The frequency responses have been diedretisE = 198 frequencies and
the control filter’s length has been sette 64. These parameters have been chosen as outlined
above to ensure that a close to optimal solution is obtairidtbut unnecessary computational
expense. The robust stability constraint, given by eqoatiég has been set tB = 0.5 and

the disturbance enhancement constraint given by equdt®nhas been set td = 2. The
resulting response and performance of this controller eesgmted in Figurd.12

Figures4.12aand4.12bshow the robustness and enhancement constraints giveruby eq
tions4.56and4.57respectively. In each case the black dashed line showswiblealeove which
the constraints are violated. From these two plots it carebe shat the optimised controller
maintains both the robustness and enhancement constriigige4.12cshows the Nyquist
plot of the open-loop response Go(jw)wywH, and it can be seen that the 1,0) point is not
encircled indicating a stable closed loop controller. Fégtil2dshows the Nyquist plot of the
open-loop IMC controllerw] Go(jw)WyW, and it can be seen that this is also stable and has
been constrained such that the stability constraint giyeeguatiord.58is maintained. Figure
4.12eshows the change in the composite error sigpalas a result of the feedback controller.
From this plot it can be seen that narrowband reductions dbWD dB have been achieved
and over the bandwidth of the first longitudinal acoustic madl 85 Hz reductions of up to
12 dB are achieved. The controller is thus doing a good jolitehaating the composite error
signal it was designed to control within the imposed comstisa The effect of this controller
on the overall sound field in the enclosure can be estimatad fhe sum of the squared error
sensor pressured,. Figure4.12fshows this before and after control and from this plot it can
be seen that the reduction of the composite error signattyirganslates into a reduction iy
of 12 dB around the first longitudinal acoustic mode. Howgakhough the enhancement con-
straint on thecompositeerror signal is satisfied, it can be seen from this plot thebeoements
of up to around 15 dB are produced in the sum of the squaredymes Therefore, despite
the significant levels of attenuation at about 85 Hz, thegrifstant enhancements at higher
frequencies will limit the use of this control strategy.
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Figure 4.12: The performance of the IMC feedback contrallith an| = 64 coefficient FIR
control filter, transducer weighting in the modelling patrpbust stability constraint given by
equatiord.56 an enhancement constraint given by equadi&?, and a cost function frequency
range of 0 to 115 Hz optimised to control an internal acoystimary source positioned as
shown in Figure2.6.
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4.7 Minimising the Sum of Squared Error Signals

An alternative method of formulating the modal feedbacktmler presented in Figuré.6a
using the IMC architecture is to include the transducer wiaigs in the control path, as shown
in Figure4.13 This results in a more complex optimisation problem as d¢eellback controller
now hasLe inputs andM outputs, however, it allows the controller to be optimised aon-
strained based on the sum of the squared error signalsidirect

4.7.1 Controller Design and Optimisation

Assuming again that the modelled plant is equal to the ndmpiaat response, the response of
the MIMO IMC feedback controller is given following equatid.45as

H(jw) = — [1 + waW(jw)w] Go(jw)] " wW (jeo)w], (4.61)
where the MIMO control filter in equatiof.45is given by
W(jw) = wyW(jo)w/ . (4.62)

The input error signal to the MIMO controller in Figudel3is the vector of error signalp,
and, therefore, with this controller formulation the ersemsor pressures can be minimised
directly. The vector of error signals is given by

Pe(j®) = [1 + Go( joo)wnW (jo)w{ | py(jw), (4.63)

where the bracketed term is equivalent to the sensitivitiction given by equatiod.47 for

the MIMO IMC controller. Despite the additional complexitf optimising the controller pre-
sented in Figurd.13 it can be shown that implementing a fixed feedback controésigned
using this method is no more demanding than using the IMC ditation of the modal con-
troller shown in Figure4.11 From Figured.6ait can be seen that in the standard feedback
configuration the MIMO feedback controller is given by

H(jw) = wyH(jo)w/, (4.64)

and, therefore, by equating equatiegh64and4.61, rearranging and cancelling it can be shown
that the SISO feedback control filter's frequency respoilgw), is still given by equation
4.49despite the additional complexity of the IMC controller.

The aim of the controller in Figuré.13can be defined as minimising the sum of the mean-
square error signals, as in the feedforward controller iapg@dr3. Using the trace of a square
matrix, which is the sum of its diagonal elements, the costtion to be minimised can be
written as L37

Jp(jw) = trace[E (pe(jw)pg (j))] - (4.65)
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Figure 4.13: Block diagram of the multi-source, multi-sensiodal feedback control system
implemented using an internal model control (IMC) architee with the transducer weights
in the control path.

Substituting equatiod.63into equatiord.65gives
Jpli) = trace] [1 + Go( jco)whaW (je)W{] Spp( i) [1 + Gol je)wW (jow] |" |, (4.66)

whereS,,(jw) is the matrix of power and cross spectral densities of thmamy disturbance
given by equatio.3Q This can be expanded to give

Jp(jw) = trace[Go( j)WnW (o)W Spp(je)WLW* (je)w Gy (jw) + -
Go( jw)WW (j)W[ Spp(j03) + Spp(j)WLW* (jw)WyyGg (jw) + Spp(jw)] . (4.67)

From equationg.66and4.67it can be seen that the cost function in this case is quadsétic
respect to both the control filter and the transducer weightitherefore, the design problem
can once again be solved using convex optimisation techaiddowever, to ensure that their is
a unique solution the transducer weightings should be @insd according to equatigh5a

The robust stability constraint for the IMC controller ingkire 4.13 can be derived by
substituting equatiod.62into equatiord.48to give

0 [Go(jw)wuW (juyw] | < ﬁw) Y, (4.68)
where the bracketed term is the complementary sensitivitgtfon. In the following simula-
tions the constraint on the maximum enhancement in theighdi error signals will be used,
since it is this constraint that gives the ideal performafide alternative MIMO enhancement
constraints will be investigated more thoroughly in theteahof the fully MIMO feedback
controller in the following chapter. For the modal conteolthe constraint on the maximum
enhancement in the individual error sensor pressuresés @iy substituting equatich62into
equatiord.36to give

max [diag(D(jw)So(jw)Spp(j00)SH (jw))] <A Vo, (4.69)

where & is the complex sensitivity function for the controller shown Figure4.13and is
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given by
So = (I +Go(jw)wuW (jw)w]). (4.70)

The design of the modal IMC feedback controller with the $durcer weights in the con-
trol path can be achieved using the same method as discussétefmodal IMC feedback
controller with the transducer weights in the model pathicifollowed the work presented in
[156]. Using this approach the SISO control filtéV, is implemented as ancoefficient filter,
w, and the optimisation is implemented in the discrete fraqualomain. Using this method
the design objective can be expressed using equadi&i@s4.55 4.67, 4.68and4.69as

f2

min Z trace|Go( ) WnW ()W Spp( )W W* (F)wy GG () + -

w NFC f

Go( f)wWiW (f)W{ Spp( ) + Spp( F)WLW* () Wiy GF' () + Spp( )] ,

subjectto ww, =1,

wi Wy =1,

& [Go(f)wnW(F)W/B(f)] <1  Vf,

max [diag(D(f)So(f)Spp(f)SH ()] % <1 Vi,
O{w] Go(jo)wyW} > -1 Vf. (4.71)

where the cost function has once again been defined over aséwlith betweerf; and f;
to allow the controller to target a specific frequency ranbieis process also has the effect of
reducing the optimisation space and therefore increabkimgpeed of the optimisation.

4.7.2 Control of an Internal Acoustic Primary Source

The modal feedback controller with four secondary sourceseaght error microphones po-
sitioned in the corners of the non-rigid walled rectang@iar cabin sized enclosure has been
optimised according to equatiegh71for the case when there is a single acoustic primary dis-
turbance positioned at= [0,L,/2,0] as shown in Figur@.6. The frequency range considered
is 0 to 500 Hz and the frequency range of the cost function keas timited to frequencies
below 200 Hz by setting; = 0 andf, = 200 in the optimisation. This control bandwidth has
been selected based on the bandwidth controllable usinfeéuforward control strategy in
the previous chapter, and avoids the controller attemptregchieve localised regions of con-
trol around the error microphones at higher frequenciescandequently limiting the control
achievable over the practical low frequency bandwidth. frbguency responses have again
been discretised & = 198 frequencies and the control filter's length has agaim Ise¢ to

| = 64. These parameters are consistent with the alternatineufation of the modal controller
considered in Sectiof.6. The robust stability constraint, given by equat@68 has been set
to B = 0.5 and the disturbance enhancement constraint given byiequaé9has been set to
A = 4, which gives a maximum enhancement in the individual segharror sensor pressures
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of 6 dB. The resulting response and performance of this cbhatrare presented in Figudel4

From Figures4.14aand4.14bit can be seen that the robustness and enhancement con-
straints are maintained. The Nyquist plot of the open-lagponse is shown in Figudel4c
and it can be seen that the control system is stable. Figjdvd shows the Nyquist plot of
the IMC controller and it can be seen that the additional teimd to ensure a stable open-
loop controller given by equatiof.58is not active. Figurel.14eshows the sum of squared
error sensor pressures before and after control. From libtist jgan be seen that, although the
level of control at the first longitudinal acoustic mode att85has been reduced compared to
the controller investigated in Figu#e12 the bandwidth of control has been increased up to
200 Hz; this is due to the increase in the cost function badthybut it is important to high-
light that the controller optimised to minimise the sum of $guared error sensor pressures
can achieve identical levels of control at the first longitadl mode to the results presented
in Figure4.12if the control bandwidth is limited. In comparison to the IM@bdal feedback
controller optimised to minimise the modal error signakan be seen that the enhancement
constraint has ensured that the high frequency enhancsnmetite sum of the squared error
sensor pressures are limited. As an independent checkldist gontrol has been achieved,
Figure4.14f shows the total acoustic potential energy in the non-rigidled rectangular en-
closure before and after control. From this plot it can bengbat significant reductions in
the total acoustic potential energy are also achieved dirgtdongitudinal mode, while the
reductions at frequencies above 120 Hz are reduced in caopao those shown idy, but
the enhancements at high frequencies remain limited.

The performance of the modal feedback controller has alsem Isgnthesised using the
transfer responses measured in the car cabin mock-up,akedeh Sectior?.3. These results
show similar levels of control and a similar control bandihitb the simulation results. The
similarity between the control achieved in the simulated mreasured mock-up enclosures has
previously been highlighted in Secti@m.2in the context of feedforward control and therefore
these results are not included here.

4.7.3 Control of Multiple Uncorrelated Structural Primary Forces

The aim of the feedback control system is to control the ndige to road-tyre interactions.
As discussed in Chaptel, the generated vibrations propagate through the structutbe
car and are then radiated into the car cabin. This meansheagirimary disturbance due to
road noise will be generated by a number of uncorrelated grsinforces. Therefore, it is
important to investigate the performance of the IMC modadfgack controller when the non-
rigid enclosure is excited by multiple uncorrelated priynfarces. For the case when there are
M, uncorrelated structural primary forces the matrix of poaed cross spectral densities of
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Figure 4.14: The performance of the IMC feedback contraolligh an| = 64 coefficient FIR
control filter, transducer weighting in the control path,oéust stability constraint given by
equatiord.68 an enhancement constraint given by equadi@® and a cost function frequency
range from 0 to 200 Hz optimised to control an internal adoysimary source positioned as
shown in Figure2.6.
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the primary pressure field given by equatibB0can be expressed as

Spp(iw) = E (Pp(jw)ph (jw))
=E(Z,(jw) fy(jw) fi(jw)Zh(jw),
— Z,(j0)St1 (j0)Z(j0), (4.72)

whereSs ¢ (jw) is the(M, x Mp) matrix of power and cross spectral densities ofihgorimary
structural excitations and for a set of uncorrelated stmatisources is a diagonal matrix.

Figure 4.15 shows the performance of the IMC modal controller optimiszaninimise
the sum of squared error sensor pressures produced whendheffthe non-rigid enclosure
is driven by 18 uncorrelated primary point forces positibres shown in Figurd.16 The
enhancement is again limited at each individual microph@sediscussed in Sectiagh4.2
From Figures4.15aand 4.15bit can be seen that the modal controller has maintained the
robustness and stability constraints. Figudek5cand4.15d show the Nyquist plots of the
open-loop response and the IMC controller and from theseptots it can be seen that the
system is both closed and open loop stable. Figut&eshows the cost functiod,, before and
after modal feedback control. From this plot it can be seahdignificant levels of attenuation
are achieved at frequencies below around 100 Hz and thdisagiresonance at around 40 Hz
is reduced by around 16 dB. However, the resonance thatitedat 70 Hz is not controllable
by the modal feedback controller. There are enhancemedgsairhigher frequencies, however,
these are once again limited to around 6 dB.

Figure4.17shows the transducer weightings and FIR filter coefficiemtéHe modal con-
troller optimised to minimise the sum of the squared errasee pressures produced by the 18
uncorrelated structural excitations. These results azsgmted to highlight the simplicity of
implementing the modal feedback controller and will pr@vadcomparison to the MIMO feed-
back controller investigated in the following chapter. farthe microphone weightings shown
in Figure4.17ait can be seen that microphones 3-8 are all summed in-phaseitdnsimilar
magnitudes whilst the phase of microphones 1 and 2 is inventel the magnitude of their
weighting is significantly lower than for the rest of the nojphones. This can be related to the
dominance of the resonances in the uncontrolled respoesemnted in Figurd.15ethat occur
below the first longitudinal mode and, therefore, excitedbmpliant mode of the enclosure.
The loudspeaker weightings shown in Figdr&7bresult in the four loudspeakers being driven
in-phase with each other which can also be related to therdome of the compliant acoustic
mode, however, the front two loudspeakers (1 and 2) arerdviith around half the amplitude
of the rear loudspeakers. The coefficients of the single @fficeent FIR filter are presented
in Figure4.17cand it can be seen that the filter response has largely detayedo over this
length indicating that the filter length is adequate.
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Figure 4.15: The performance of the IMC feedback contralligh an| = 64 coefficient FIR
control filter, transducer weighting in the control path,chust stability constraint given by
eqguatiord.68 an enhancement constraint given by equadi@9, and a cost function frequency
range from 0 to 200 Hz optimised to control the pressuresymed in the simulated non-rigid
walled enclosure when driven by 18 uncorrelated struceexeitations positioned as shown in
Figure4.16
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Figure 4.16: Positions of the 18 primary structural exwta on the floor of the non-rigid
walled enclosure.

4.8 Summary

The use of feedback control to control road noise in the chinchas been highlighted as
a potentially low-cost noise control solution that can beegnated with feedforward control
systems for engine noise control. Previous work has shoaitféiedback control can achieve
significant levels of road noise control in the front seats aar cabin$9]. This chapter has
investigated alternative feedback control strategietstizy be able to achieve significant levels
of global control. To achieve global control it is necessaryemploy both multiple sensors
and sources, as in feedforward control, however, a fully @Iféedback controller requires
both significant computational time to optimise and a largeber of filters to implement.
Therefore, modal feedback control has been investigated mential method of achieving
global noise control whilst limiting the signal processiegjuirements.

The standard modal feedback controller has initially beemétilated and standard feed-
back control theory has been presented for both SISO and Mid@back control systems. In
addition to the standard robustness and enhancementaiotsta constraint on the enhance-
ment in the individual error signals has been derived, whithaps provides a more practically
optimal constraint. Design of the modal feedback contralgng IMC has been highlighted as
a convenient method of designing the modal feedback cdettreihce the optimisation of the
controller does not require the designer to specify weightiinctions or calculate an accurate
state-space model.

Using the IMC architecture leads to two alternative forntioles of the modal feedback
controller, both of which lead to convex cost functions whadlow the controllers to be con-
veniently optimised. The first formulation, in which therisalucer weightings are included in
the modelling path, operates on the modal error signal asretthre optimisation and enhance-
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ment constraints are based on the modal error signal. A methdesigning the controller has
been proposed which formulates the problem as a convex isgtion problem using an FIR
control filter and frequency discretisation, and calcddte filter coefficients and transducer
weightings using sequential quadratic programming. Thiopaance of this control strategy
and design method has been assessed for the system emplwyfogr car audio loudspeaker
positioned sources and the eight corner error sensors irethi@ngular car cabin sized enclo-
sure with non-rigid walls; this allows the levels of conttolbe compared to those presented
for the feedforward engine noise controller in the previohapter. From these simulations it
has been shown that significant levels of global reductieraahievable at the targeted acoustic
mode, however, since the enhancement constraint is onbyaad on the modal error signal,
significant levels of enhancement are produced in the suhreafquared error sensor pressures
at frequencies above the targeted mode.

A second formulation of the modal feedback controller ushrgyIMC architecture is then
described, in which the transducer weightings are includetie control path. This formu-
lation operates on the actual error signals and, theref@misation is based on the sum of
the squared error signals and the enhancement in the indivéror sensor pressures can be
enforced. The design of the controller has again been f@t®dilas a convex optimisation
problem with an FIR control filter and frequency discreimat and has been solved using
sequential quadratic programming. This controller dogsimrease the requirements of a
practical fixed feedback controller, compared to the modatroller based on minimising the
model error signal. However, the controller optimised toimise the sum of the squared error
signals is able to achieve significant levels of control ofienpry acoustic disturbance over a
bandwidth comparable to feedforward control.

The two formulations of the modal feedback controller argsitally identical systems and,
therefore, require the same number of filters to be impleeteriiowever, the two formulations
lead to different optimisation strategies and this meaasttie second formulation, in which
the transducer weightings are included in the control pkthds a more practically useful
solution. It should be highlighted, however, that this op$iation is more time consuming than
that required for the first formulation in which the modalcgrsignal is minimised.

The performance of the modal feedback controller in coligolmultiple uncorrelated
structural primary sources is also simulated, as this idiatice is closer to that produced by
road noise. These simulations have shown that significaatd@f control of multiple uncor-
related structural excitations is achievable, howeveg, tduthe complexity of the sound field
the bandwidth of control is limited to frequencies wherengkg acoustic resonance dominates
the enclosure’s response.

In the majority of practical car cabin environments the cese is unlikely to be dominated
by a single acoustic resonance, except in estate cars wiedenfgth of the cabin is significantly
greater than the height and width. Therefore, althoughifsignt control performance may
be achieved in applications where individual dominate masces occur, the applicability of
the modal feedback control strategies investigated incdhapter may be limited in the car
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cabin road noise application. Therefore, the followingpateawill extend the investigation of
feedback control using multiple sensors and sources tdyaNUMO controller.
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Chapter 5

Multi-Input, Multi-Output Feedback
Control

Although the modal feedback control strategy presentechénprevious chapter is able to
achieve significant levels of control when a single resoaat@minates the system response,
this is not generally the case in a practical car cabin enment. Therefore, the implemen-
tation of a fully multi-input, multi-output (MIMO) feedb#ccontroller will be investigated in
this chapter, again using the model of the non-rigid walkatangular enclosure. The MIMO
feedback controller will still utilise the standard car auldudspeakers and the same error sen-
sors that are used in the feedforward control system iryegstil in ChapteB and, therefore, be
effectively integrated into the standard car systems; kewehe computational requirements
will be significantly increased compared to SISO modal cuier.

Multichannel feedback control has been widely investigaaad although the design of
such controllers is more complex than SISO feedback systemisle variety of optimal design
processes have been describ&84. The application of a MIMO feedback system to the
control of road noise has been suggested by Elliott and S{1t86], however, although the
theory in this paper covers the MIMO implementation, thecpical example of controlling
road noise is only demonstrated for a SISO controller. TieeaisMIMO feedback control in
the context of active noise control in structural-acoustistems has also been considered by
Kim [117], however, although the theory regarding a MIMO feedbachktiatler is detailed,
the performance is not investigated due to the computdtimrden of calculating the optimal
controller. Computational power has significantly incezhsince the late 1990s wheh3[)]
and [L17] were published and, therefore, it is important to investiéggthe use of a MIMO
feedback controller for the active control of road noise raacabin. Although the real-time
implementation of such a system may still be slightly outedah, due to the digital signal
processing (DSP) requirements, the offline calculatiorhefdontroller performance remains
of interest as its implementation may be feasible usingéutlevelopments in DSP and it also
provides a benchmark for the modal feedback controllerssitigated in the previous chapter.
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5.1 Controller Formulation

A block diagram of the MIMO feedback control system for théwacnoise control application
is presented in Figur.1 and an implementation of the system in the rectangular sato
employed previously is presented in Figl&i® The feedback control system consistsivbf
loudspeakers ante error sensors, which, in a practical application, may beroomto the
feedforward noise control system investigated in Chapt&rom Figures.1it can be seen that
the (Le x 1) vector of pressures at the error sensors is given by the stiomdd the pressures
due to the primary disturbancp,(jw), and the control, or secondary sourcpg,jw), so that

Pe(jw) = Pp(jw) + Ps(jw).- (5.1)

The pressures due to the secondary sources can be expressed a

ps(j(*)) = Zs(j(*))qs(j(*))a (5.2)

whereZs(jw) is the (Le x M) matrix of acoustic transfer responses between the segondar
sources and the error sensors agdw) is the(M x 1) vector of secondary source strengths.
The secondary source strengths are generated by drivirlg. theut M output feedback con-
troller, —H (jw), with the vector of error sensor pressures and then driviadyltloudspeakers
with the output from the feedback controller. The resporfdh@M loudspeakers can be de-
scribed by théM x M) diagonal matrixY|_(jw), which contains the volume velocity produced
per unit input current to each loudspeaker. The secondangsstrengths can thus be written
as

s(jo) = =YL (jw)H (jw) pe(jw). (5.3)
Substituting equations.2 and5.3into equationb.1and rearranging gives
Pe(j00) = (1 + Zs(je)YL(je)H (jo)] ™ py(jw), (5.4)

where the complete plant response including the acoustidamspeaker responses is given
by
G(jw) =Zs(jw)YL(jw), (5.5)

the open-loop response is given by
G(jwH(jw) = Zs(jw)YL(jw)H (jw), (5.6)
and the sensitivity function is given by

S(jw) =1 + Zs(jw)YL(jw)H (jw)]
=1 +G(jwH (jw)] . (5.7)
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Figure 5.2: Mutli-input, multi-output feedback controlstgm in the rectangular enclosure.

The sensitivity function is the response between the pgirdésturbance and the error signal,
P, and p, in this case. Therefore, in the active noise control appdicait is desirable for
the sensitivity function to be small such that the error alga reduced 132. However, the
sensitivity function is related to the complementary sarisi function, T (jw), by [155]

S(jw)+T(jw) =1, (5.8)

and, as shown in Secti@h3.2 in order for the controller to be robust it is necessaryTojw)
to be small. Therefore, equati@n8 describes the trade-off between performance and robust-
ness which is inherent in feedback control systems.

5.2 Controller Design and Optimisation

The aim of the MIMO feedback controller in the consideredli@pgion is identical to that of
the feedforward controller considered in Chaf8eilhat is, to minimise the sum of the mean-
squared pressures at the error sensors. For a random rsiigdvdice, such as road noise, this

127



cost function can be expressed 437

Jp(jw) = trace[E (pe(jw)pE (jw))] - (5.9)

If the MIMO feedback controller is formulated using the IM@&hitecture as discussed in
Section4.5.2then the MIMO feedback controller can be conveniently desigfollowing the
methods employed in the previous chapter. The cost funfaicthe MIMO feedback controller
in this case is given by substituting equatibd6into equatiors.9 gives the cost function as

Jp(je0) = trace|E ([ + G@W(j)] py(j0)P (0 [1 + G(ioW(j)])" )| (5.10)
Evaluating the expectation operator then gives the costifumas
3p(j0) = trace| [l + G(jW(j)] Spp(je) | + GliW(je) | (5.11)
Equation5.11can then be expanded to give the cost function as

Jp(joo) =trace[G(jw)W (jw)Spp(je)W" (jw)G" (jw)
+G(jWW (jw)Spp(je) + Spp( i)W (jew) G™ (jwo) + Spp(jw)] - (5.12)

Differentiating equatiorb.12with respect to the real and imaginary partd¥fjw) as defined

in [132 gives
0 i} . . . : , .
T+ I = 2[6" (GO (j)Ssp(j6) + B (jSpplj] . (6:13)

whereWgr andW, are the real and imaginary parts\W respectively. By equating equation
5.13to zero and solving foW(jw) at each frequency it is possible to calculate the optimal
unconstrained controller response for the nominal plagtdiBerentiating equatio®.13with
respect to the real and imaginary part3fthe Hessian of the cost function is obtained as

2[G"(jw)G(jw)Spp(j)] (5.14)

and since bottG" (jw)G(jw) andS,,(jw) are positive definite then the cost functial, is
convex and has a unique global minimub6§].

In a real-time system it is important for the controller todagisally constrained.B2] and,
therefore, it cannot be directly calculated by setting tagwvative of the cost function to zero
at each frequency. Control filter causality can be achiemetieé IMC feedback controller by
defining the control filter as an FIR filter as in the previougpter. In the MIMO feedback
control systenW can be implemented as &fiLe bank of FIR filters each with coefficients.
For the road noise control system employing the 8 error seresw 4 secondary sources con-
sistent with the feedforward control system this resulta bank of 32 FIR filters. Thedd Ll
time domain filter coefficients can be expressed by(Meel x 1) vector of filter coefficients,
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w, given by .
w:[wg wl o WH , (5.15)

wherewp, is the(Lel x 1) vector of coefficients related to time-th source
sz[wlﬂ wl, - W%Le} (5.16)
andwp, is the(l x 1) vector of coefficients related to tmeth source andi-th sensor

W = { Wmiz Wmiz =+ Wmi ] (5.17)

andwp,i is thei-th coefficient of the filter between the-th source andl-the sensor.

The calculation of the FIR control filters to minimise the soifirthe squared pressures,
given by equatiorb.12 can be achieved using the methods developed for feedfdrear-
trollers as described irlB2. However, to minimise this cost function whilst also maining
the robust stability and disturbance enhancement contgrigsimore complex. This constrained
minimisation can be achieved by discretising the desigblpro in the frequency domain and
solving using an optimisation strategy as discussed ini@edt6. This method of IMC con-
troller design and optimisation will be extended to the MIN&&dback controller.

By implementing the control filters as a bank of FIR filters aligtretising the frequency
responses & linearly spaced frequency intervals between 0 Hz and themmar frequency
of interest, which would be the Nyquist frequenéys/2, in a digital system, the design ob-
jective can be expressed using the cost function given bgtemus.12 the robust stability
constraint given by equatiof.48 and one of the disturbance enhancement constraints given
by equationst.24 4.31or 4.36 If the primary disturbance is known to be dominant over a
specific frequency range, or control is required over a ffneel@ frequency range, then the op-
timisation problem can be modified such that the maximaudisince attenuation is achieved
over a specified bandwidth, whilst the constraints are raaiat over the full bandwidth; this
has been applied to the modal controllers investigateddmthvious chapter. If the lower and
upper bounds of the bandwidth over which disturbance adtigonu is required are defined as
f1 and f, respectively and the number of discrete frequency pointsiginterval isNg,, then
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the optimisation of the MIMO controller can be defined for tlaminal plant responses as

fa

Z trace[Go(f)W(f)Spp(f) )G (f)

min

Fcf

+Go( )W ()Spp(f) + Spp(F)WH (£)GG (f) + Spp(f)]
subjectto o [Go(f)W(f)B(f)] <1 Vf,

and [S)(J(A))]%\<1 v,

trace(So(jw)Spp(j0)S) (jw)]
trace[Spp(jw)] A

or max[diag(D(f)So(f)Spp(f)S;'(f))}%\<1 Vi, (5.18)

or <1l Vf,

It has been shown following equatioBsl2 through to5.14 that the cost function is convex
(and specifically quadratic) with respect to the controkfgt frequency responses and since
the discretised frequency responses of the control filterdimearly related to the FIR filters
according to equatiod.6Q then the optimisation problem is also convex with respedhé
filter coefficients. The optimisation problem can therefioeesolved using sequential quadratic
programming as in the modal controller optimisations dietlin Sectiont.6.1and4.7.1

5.3 Control of a Single Internal Acoustic Primary Source

The non-rigid walled enclosure, modelled in Chag@ewill be employed here to investigate
the MIMO feedback control strategy. The dimensions of tmsl@sure and the positions of
the secondary sources and corner error microphones arenshadwigure2.6. Excitation of
the acoustic enclosure by an acoustic primary source positi ax = [0,L/2,0], as shown in
Figure 2.6, will be considered in this section and will be used to coraghe alternative mul-
tichannel enhancement constraints described in Sedtib2. These simulations will provide
a direct comparison to those presented in Sed@i@2for the feedforward controller and in
Section4.7.2for the modal feedback controller optimised to minimise $hen of the squared
error Sensor pressures.

5.3.1 Comparison of the Alternative Multichannel Enhancenent Constraints

The multichannel feedback control system with four secondaurces and eight error micro-
phones positioned in the corners of the non-rigid walledaregular car cabin sized enclosure
has been optimised using the method described by equati@&for the case when there is a
single acoustic primary disturbance. The frequency ramgsidered is 0 to 500 Hz and the
cost function has been limited to frequencies below 200 Hadiying f; = 0 and f, = 200

in equation5.18 which is consistent with the bandwidth employed in the nhddadback
controller optimised to minimise the sum of squared erraseepressures in Sectidn?. The
frequency responses have been discretisdig at 198 frequencies and the control filter lengths
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have been set tb= 64; these parameters have been chosen as outlined in Sé&iato en-
sure an optimal solution is obtained without unnecessamypeational expense. The robust

stability constraint, given as
1

B(f)’

has been set to a frequency independent valug-6f0.5, which ensures that the eigenvalues

G[Go(F)W(f)] < (5.19)

of the open-loop plant response have a gain margin of 3.5 dEaghase margin of 3¢132].

In a practical systenB could be determined from measurements of the plant undierelitt
conditions as in156]. The controller has been optimised for the three diffedisturbance
enhancement constraints detailed in Secigh2 in each case the maximum enhancement in
the relevant value has been limited to 6 dB. The three eninagmieconstraints are summarised
here for convenience:

1. Constraint on the maximum singular value of the sensjtivinction:

0[So(jw)] <A (5.20)

2. Constraint on the maximum enhancement in the sum of sdj@arer sensor pressures:

traceSo(jw) Spp(jw)SH (jw)]
trace[Spp(jw)]

<A (5.21)

3. Constraint on the maximum enhancement in the individuak sensor pressures:
max|[diag(D(f)So(f)Spp(f)SH ()] <A (5.22)

Figure5.3shows the four optimisation constraints given by equatma8through t05.22
for the three controllers optimised according to the thrifierént enhancement constraints.
In each of the four plots the results of the controller opsdi with the enhancement con-
straint given by equatioB.20are shown in red, the results of the controller optimisedh it
enhancement constraint given by equatiol are shown in blue, and the results of the con-
troller optimised with the enhancement constraint giveregyations.22are shown in green.
The black dashed lines in each plot show the level above wthiehvarious constraints are
violated.

From Figure5.3ait can be seen that all three optimised controllers resrectdbustness
constraint. It can be seen that the magnitude of the largegtlar value of the complemen-
tary sensitivity function for all three controllers is lag at frequencies between around 50
and 250 Hz. This is approximately the frequency range oveclwboth the amplitude of the
disturbance is significant and the controller is optimisedithieve control. It can also be
seen from the blue line in Figu®3athat the controller optimised with the constraint on the
enhancement in the sum of the squared pressures is the anlgfahe three controllers that
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(a) Robust stability measure given by equat®i9 (b) Maximum singular value disturbance enhancement
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(c) Sum of squared disturbance pressures enhancen{dptMaximum individual squared disturbance pressure
measure given by equati&21which must be less thanenhancement measure given by equao?? which

1 at all frequencies to ensure the sum of squared distorust be less than 1 at all frequencies to ensure the indi-
bance pressures is not enhanced by more than a fasidual squared disturbance pressures are not enhanced
of A. by more than a factor d4.

Figure 5.3: The results of the MIMO IMC controller designeithsa robust stability constraint
and three different enhancement constraints given by ieasdt. 20 maximum singular value,
(—), 5.21, maximum sum of squared pressues;)(@and5.22 maximum individual pressure,
(—) to control an internal acoustic primary source positioasghown in Figur@.6.
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reaches the robustness constraint limit and, therefoie ctmtroller is the least robust of the
three designed systems.

Figure5.3bshows the maximum singular value of the sensitivity funtigiven by equa-
tion 5.2Q for the three controllers. From this plot it can be seen #ikathree controllers
respect this constraint. The controller optimised speilfiovith the maximum singular value
enhancement constraint, shown by the red line, exactly taiagthis constraint at a number
of frequencies below 200 Hz, whilst the other two contralleave a significant margin to the
constraint limit over the full bandwidth. The maximum enbament in the sum of squared
pressures for the three controllers is shown in FiguBe From this plot it can be seen that the
maximum enhancement in the sum of squared pressures isusforilall three controllers and
the maximum enhancements occur between around 200 and 236 Each system the con-
straint is not reached meaning that the maximum enhancem#rg sum of squared pressures
is below 6 dB in all three systems; however, the enhancersagreatest for the controller op-
timised with this constraint, which is shown by the blue lifide final enhancement criterion,
defined by the maximum enhancement in the individual squaressures and given by equa-
tion 5.22 is shown in Figuré.3dwhich, due to the large range of values for the two contrsller
not optimised with this constraint, is plotted using a ldtdpnic y-axis. From this plot it can be
seen that this enhancement constraint is significantlyeslax by the two controllers with en-
hancement constraints given by equatiérZ0and5.21, while the controller optimised with a
constraint on the maximum enhancement in the individuaguees maintains this constraint.

From the results presented in Figlg8 it has been shown that the controllers optimised
according to each of the three enhancement constraintgaimaboth robust stability and their
respective enhancement constraints. Furthermore, a# ttwntrollers maintain the constraints
imposed by equations.20and5.21while the constraint on the maximum enhancement in the
individual error sensor pressures is significantly vialdby the two controllers not optimised
according to this constraint, particularly at about 370 Hp. determine the implications of
these different constraints on the control performanoguréi5.4 shows the cost functiord,
given by equatiorb.9for the uncontrolled system and for the three controllersnithis plot
it can be seen that all three controllers achieve significaohictions inJ, at frequencies below
around 200 Hz, whilst enhancements in the cost functionraatciiequencies above 200 Hz as
expected from the results presented in Figau@c The controller optimised with a constraint
on the maximum enhancement in the sum of squared pressunries, i once again shown by
the blue line in Figures.4, achieves reductions up to 12 dB in both the structural r@som
that occurs at 55 Hz and the first longitudinal acoustic mad&5aHz, and up to 10 dB at
frequencies between around 150 and 200 Hz. The other twaotlens, shown by the red
and green lines in Figurg.4, achieve maximum reductions of between around 8 and 10 dB.
However, as previously shown in FiguseScthe levels of enhancementdg that occur mainly
at frequencies above 200 Hz are lower for these two contsolle
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Figure 5.4: The cost function],, calculated from the eight corner error sensors in the sim-
ulated non-rigid walled enclosure when driven by a primayree alone (—) and whed,

has been minimised using the MIMO IMC controller designethwi constraint on the maxi-
mum singular value enhancement), the maximum enhancement in the sum of the squared
pressures+) and the maximum enhancement in the individual squarecpres {—).

To determine how the three controllers affect the globahdadiield within the non-rigid
walled enclosure FigurB.5 shows the total acoustic potential energy in the enclostlinese
results are directly comparable to those presented in &Rjbifor the equivalent feedforward
control system and in Figurk 14ffor the modal feedback controller optimised to minimise the
sum of squared error sensor pressures. From Figrie can be seen that all three controllers
maintain significant levels of control at the structuralomsnce at 55 Hz and the first longitu-
dinal mode at 85 Hz and the levels of control are comparabthdse achieved by the modal
feedback controller optimised to minimise the sum of squi@reor sensor pressures. As previ-
ously observed for both the feedforward and modal feedbanka@llers, the global control at
frequencies above the first longitudinal mode is limitedrtmuad 4 dB. It is interesting to note
that the controller optimised with a constraint on the maximenhancement in the individual
error sensor pressures (shown by the green line) achieVightlysgreater reduction in the to-
tal acoustic potential energy than the other two contrelehilst maintaining the lowest level
of enhancement at higher frequencies. This is a result sfethihancement constraint avoiding
high levels of pressure at some error sensors being compédnta by low levels at others,
and thus giving a more uniform reduction in the pressures Thsimilar to the performance
achieved by the feedforward controller which minimisesrti@ximum error signall65).

From the results presented in Figuf8 through to5.5it has been shown that the three
enhancement constraints given by equatibr%) 5.21 and5.22 achieve very similar levels
of control. It has been shown that the controller optimisecbeading to equatio®.21, which
limits the maximum enhancement in the sum of squared errwosgressures, achieves the
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Figure 5.5: Total acoustic potential energy in the nondrigimclosure when driven by a primary
source alone (—) and whely has been minimised using the MIMO IMC controller designed
with a constraint on the maximum singular value enhancerient the maximum enhance-
ment in the sum of the squared pressured &nd the maximum enhancement in the individual
squared pressures-).

highest levels of reductions in the cost functidg, but is also the least robust of the three con-
trollers and produces significant levels of enhancementatidual error sensors. Thisis also a
problem with the controller optimised with the enhancengamistraint given by equatidn2Q
The controller optimised with the constraint on the maximemhancement in the individual
sensor pressures, given by equato??2 inherently avoids this problem whilst not significantly
reducing the performance assessed according to the casiviud,. The controller optimised
with this enhancement constraint also benefits from imprmrds in the levels of global con-
trol, which can be attributed to the more uniform reductiothie error sensor pressures that this
constraint tends to produce. Due to these benefits the eaimamt constraint at the individual
error sensors will be employed in the following investigas.

5.4 Control of Multiple Uncorrelated Structural Primary Fo rces

In the car cabin environment the primary disturbance duedd noise will be generated by a
number of uncorrelated primary forces — as discussed int€hapTherefore, it is important
to investigate the performance of the MIMO IMC feedback oolrgystem when the non-rigid
enclosure is excited by multiple uncorrelated primary éstcThis can be achieved as detailed
in Section4.7.3

The performance of the MIMO controller optimised for a primdisturbance produced
by 18 uncorrelated primary forces positioned on the floohefdnclosure as shown in Figure
4.16 has been simulated and the results are presented in Fggrdhese results are directly
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comparable to those presented in Figdrgs From the plots in Figur®&.6it can be seen that
both constraints are maintained and the enhancement aioig$rmaintained with a significant
margin. This result indicates that the level of enhancemigrihe individual squared pressures
are below around 3 dB. From Figurg$cand5.6dit can be seen that significant reductions in
the cost function are achieved by the optimised controtifreguencies below around 100 Hz.

In comparison to the performance of the modal feedback cbsystem, presented in Fig-
ure4.15 it can be seen that, between around 20 and 100 Hz, wherécggmilevels of control
are achieved, the MIMO controller is able to control all of lesonances, whereas the modal
feedback controller is not able to control the resonanc®aiz Additionally, it can be seen
that the MIMO controller does not produce significant enleaments in the sum of the squared
pressures, whereas the modal feedback controller prodigr@ficant enhancements at higher
frequencies. The improvements in the control achieved eyMiMO controller compared to
the modal controller can be attributed to the increased tmxitp That is, while the modal
controller attempts to achieve the best global controlgisingle composite error and control
signals, the MIMO controller directly employs the errorrgads from the eight error sensors
and drives the four sources with independent signals. Hlolwever, results in a significantly
more complex controller which requires a model of the irtgoa between the four loudspeak-
ers and eight error microphones in the pIaét,and 32 FIR filters to be implemented W,
the response of these control filters for the MIMO controfiptimised to minimise the sum of
the squared pressures produced by the 18 uncorrelatedustiuexcitations are presented in
Figureb.7.

5.5 Summary

This chapter has built upon the work presented in the previbiapter by presenting an inves-
tigation of the design and performance of a fully MIMO feedbaontroller employing four
sources positioned at the standard car audio loudspeatatidns and the eight corner error
sensors consistent with the global feedforward contratieestigated in Chapte8. The for-
mulation of the MIMO feedback controller is first presentett ahen through the use of an
IMC architecture the controller design problem is formethais a convex optimisation in the
frequency domain using FIR filters and frequency discrétisa The MIMO feedback con-
troller requires a bank dfiLe FIR filters with | coefficients, which corresponds to 32 FIR
filters with 64 coefficients in the 4 source, 8 error sensotesgsnvestigated in this chapter
and also requires an accurate model of the plant responses.

The performance of the MIMO feedback controller has beeastigated in the modelled
non-rigid car cabin sized rectangular enclosure. Althaihghaim of the controller is to control
road noise, the control of an internal acoustic primaryulisince has initially been simulated
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(a) Robust stability measure given by equat®i9 (b) Maximum individual squared disturbance pressure

which must be less than 1 at all frequencies to ensweerhancement measure given by equatto?2 which

the robust stability constraint is satisfied with a plamust be less than 1 at all frequencies to ensure the indi-

uncertainty of8 = 0.5. vidual squared disturbance pressures are not enhanced
by more than a factor oh = 4.
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(c) The cost function after contralp, plotted in deci- (d) The cost functionJp, calculated from the eight cor-
bels relative to the cost function due to the primanyer error sensors when driven by a primary excitation
alone, Jp, calculated from the eight corner error seralone (—) and whed, has been minimised-).

sors.

Figure 5.6: The results of the MIMO IMC controller designeithwa robust stability constraint
and a constraint on the maximum enhancement in the indivauar microphone pressures in
the simulated non-rigid walled enclosure when driven by d&ourelated structural excitations
positioned as shown in Figuel16
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Figure 5.7: The filter coefficients for the 32 FIR filters foetMIMO IMC feedback controller with four loudspeakers anghtierror microphones optimised
to minimise the sum of the squared error sensor pressures tlvbaon-rigid walled enclosure is excited by 18 uncoreelatructural excitations positioned as
shown in Figuret.16



to allow a comparison of the three multichannel enhanceroemstraints derived in Chapter
4. This comparison has shown that the controllers optimisél thie three enhancements
constraints all maintain the constraints on both the mawinsingular value of the sensitivity
function and the maximum enhancement in the sum of the sduarer sensor pressures;
however, the constraint on the maximum enhancement in thiédiial error sensor pressures
is significantly violated by the two controllers optimiseztarding to the other two constraints.
This indicates that these controllers will produce sigaificenhancements in the pressures at
certain error sensors in order to achieve an increase irethigction of the cost function. It
is also shown that the controller optimised with a constramthe maximum enhancement in
the individual error sensor pressures achieves largerctieths in the total acoustic potential
energy and this can be related to the more uniform reduatigmassure achieved by enforcing
this constraint.

The performance of the MIMO feedback controller in contnglla structural primary ex-
citation has been simulated and it has been shown that tofitia increased number of reso-
nances compared to the modal feedback controller is pesgidlditionally, when the non-rigid
enclosure is excited by multiple uncorrelated point fortles optimised MIMO feedback con-
troller is able to control all resonances within the conbahdwidth up to around 100 Hz whilst
producing significantly lower levels of spillover at highfeequencies compared to the modal
controller.

From the results presented in this chapter it has been sh@atithie MIMO IMC feedback
controller using acoustic secondary sources is capablehiééng significant levels of control
of multiple uncorrelated structural excitations, whictggests that control of road noise in
a practical car cabin environment may be physically aclievaHowever, in each scenario
considered in the presented simulations, the controllgtblean optimised to control a specific
disturbance spectrum and a perfect plant model has beemedsuThe effect of practical
variations in these parameters has not be explicitly inyatgd, although the robust stability
constraint will ensure the controller is robust to someat#ns in the plant. The robustness of
the controller to variations in the disturbance spectrutmictvmay be produced by changes in
road surface, and the plant response will be investigatéldeifiollowing chapter in a real car
environment.
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Chapter 6

Experimental Investigation of Active
Noise Control

The previous three chapters have investigated feedforamgidfeedback active noise control
through both simulations and experiments in a car cabin rupckIt has been shown that
where a suitable reference signal is available, such agjimemoise control systems, feedfor-
ward active noise control may provide a significant levelaf frequency attenuation, and is
largely unaffected by the effects of structural-acoustiopting and primary source excitation.
When a reference signal is not conveniently available, sicin the control of the random
disturbance produced by road noise, feedback active noiseat is a more practical control
method. Chapted has investigated a SISO feedback control system employatiy ¢patial
and temporal filtering, which is based on modal feedbackrobstrategies, and it has been
shown that levels of global control comparable to the feedhod control strategy are achiev-
able when a single acoustic mode dominates the responseddnto improve the bandwidth
and level of control achievable using a feedback contrdiesysa MIMO feedback controller
has been investigated in Chap&iThis MIMO feedback controller has been shown to be able
to achieve a bandwidth of control comparable to the feeddodwcontroller and it has been
specifically shown that the feedback controller is able fuie® control of multiple uncorre-
lated structural excitations, which is consistent with ghignary disturbance in a road noise
control system. Following on from this work, this chapterdstigates the performance of the
feedforward control of engine noise and the feedback cbofrmad noise using the MIMO
feedback controller in a small city car.

This chapter first investigates the acoustic environmettiérsmall city car through mea-
surements of both the plant responses and primary distoelanvhich include both engine
and road noise. These measurements are then used to pefftime simulations of the per-
formance of the feedforward and MIMO feedback controlldiise results of feedforward con-
troller simulations are used to inform the design and imgetation of a real-time feedforward
engine noise control system, whose performance is measutfeelsmall city car. Although the
real-time implementation of the MIMO feedback controllemiot presented, some discussion
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is provided as to its practicality.

The presented results relate to a small city car with a twinndgr 875 cc petrol engine
and all measurements have been conducted at an automdaiviaditity by the author using
equipment from the Institute of Sound and Vibration Reded$VR) as detailed in Appendix
D. A second set of preliminary measurements were also coedumt a similar car but with
a four-cylinder 1200 cc petrol engine at the ISVR. The fogircler measurements were in-
tended as a practice run before travelling to the test fat¢diconduct the measurements on the
‘green city car’ and, therefore, they are not presented. here

6.1 Characterisation of the Car Cabin Acoustic Environment

The setup employed for the measurements presented in theiftg sections is shown in the
block diagram presented in Figuéel As for the measurements of the car cabin mock-up
presented in Chapt&;, the system consists of 16 microphones — 8 positioned atdhenal
corners of the car cabin, examples of which are shown in Ei§l and 8 positioned at the
headrests of the car seats as shown in FiguBe The positions of the 16 microphones are
summarised in Tabl6.1 Two secondary sources have been employed in the measusemen
the volume velocity source previously employed in the mesments presented in Chapger
[128 and the car audio loudspeakers. Fig@reshows a dashed connection which provides the
volume velocity signal and is, therefore, only employedifier measurements using the volume
velocity source and not the car audio loudspeakers. Theigusiof the standard car audio
loudspeakers in the green city car are shown in Figutand these secondary source positions
are also used for the volume velocity source measuremenfeurtider important element of
the setup presented in Figusel is the Once-Per-Rev (OPR) reference signal which provides
a reference for the feedforward control system simulatidfe the measurements conducted
on the two cylinder car, a measurement of the speed was dsa t#uring the road noise
measurements using a global positioning system. It shdati lz noted that the necessary
anti-aliasing and reconstruction filters are implementgdhle data acquisition (DAQ) device
and a sample rate of 2.56 kHz has been used for all measuemehis gives a Nyquist
frequency of 1.28 kHz and provides sufficient bandwidth far &ctive noise control systems
to be validated. The frequency response measurements wate by driving a secondary
source with pink noise and using &h estimate, equal to the cross spectral density between
the microphone and drive signal divided by the power spedaasity of the drive signal.
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Table 6.1: Microphone positions

Position

Microphone 1
Microphone 2
Microphone 3
Microphone 4
Microphone 5
Microphone 6
Microphone 7
Microphone 8
Microphone 9
Microphone 10
Microphone 11
Microphone 12
Microphone 13
Microphone 14
Microphone 15
Microphone 16

Front offside roof
Front nearside roof
Rear offside roof
Rear nearside roof
Front offside floor
Front nearside floor
Rear offside seat
Rear nearside seat
Driver outer right headr

est

Driver inner left headrest

Front passenger inner right headrest
Front passenger outer left headrest
Rear nearside passenger outer right headrest
Rear nearside passenger inner left headrest
Rear offside passenger inner right headrest
Rear offside passenger outer left headrest
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Figure 6.1: Block diagram of the in-car acoustic environtmaeasurement setup. The sec-
ondary sources are either a volume velocity source, or thawdio loudspeakers, in which
case the dashed connection indicating the volume velocigsurement, is not present. The
Once-Per-Rev (OPR) reference signal is provided from tiggnertachometer.




(a) Front roof ‘corner’ microphone position (b) Rear ‘corner’ microphone positions

Figure 6.2: ‘Corner’ microphone positions

(a) Front headrest microphone positions (b) Rear headrest microphone positions

Figure 6.3: Headrest microphone positions
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Figure 6.4: The positions of the standard car audio loudsgsan the green city car cabin
(note: the measurements were conducted in a right-hamd-dehicle) (modified from166]).

6.1.1 Plant Response

Using the setup shown in Figufelthe acoustic transfer response between the volume veloc-
ity source positioned close to the car audio loudspeakarsitipns, as shown in Figur@.4,
and the 16 microphone positions has been measured. Foghishows the acoustic transfer
response between source position 1 and microphone 9 pesitiat the driver’s right ear when
the car cabin has two occupants, one in each front seat. Fisiplot it can be seen that there is
no significantly dominant resonance in the cabin for thise®and sensor combination and it
can be seen that the damping is comparable to the 10% assuoneddarlier simulations (see
Figure2.10for example). The high magnitude of the acoustic transfereidance at low fre-
guencies is a result of noise in the measurements due tovheutput of the volume velocity
source at low frequencies; this is confirmed by the low vahfethe coherence at these fre-
quencies. The results for the other microphone positiodsttasthree other secondary source
positions show similar characteristics and, therefore nat presented.

The results presented in Figudes, and those corresponding to the other source positions,
do not show the significant low frequency resonances whiaie wbserved in the rectangular
enclosure simulations and measurements shown in Figui®sand2.9 respectively. This is
more than likely because the car’s sound package has begmeld$o avoid such resonances
and, therefore, an ideal scenario would be to measure tfgereaponse with a significantly
reduced sound package to determine the acoustical probfernmay be solved using active
control techniques rather than the passive measures tyrieiplace; this, however, was not
possible for practical reasons.
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In a low-cost active noise control system it is necessarystothe car audio loudspeakers
as secondary sources. Therefore, to determine the sititatfitthe standard car audio loud-
speakers the response between the voltage input to theplealtsrs and the pressures produced
at the 16 microphone positions has been measured. The sespetween loudspeaker 1 and
microphone 9 is presented in FiguBes. From this plot it can be seen that the pressure pro-
duced by the loudspeaker rolls off at frequencies belowraddi0 Hz. This suggests that the
loudspeaker’s resonance occurs at around 70 Hz, which rfest gfe stability of the feedback
control system and may result in difficulties in reproducihg required sound pressure levels
for both feedforward and feedback control at frequencigsicantly below around 70 Hz.
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Figure 6.6: Transfer response between the voltage inpuart@udio loudspeaker 1 and the
pressure at microphone 9 positioned at the driver's outibit hieadrest.

To determine the maximum sound pressure levels that coulddreduced by the standard
car audio loudspeakers, and therefore to indicate whetissr will be able to generate the
required cancelling pressures at the error sensors, & sdrimeasurements were conducted
where the four car audio loudspeakers were each driven withvgaves at 50, 100, 200 and
300 Hz. Two loudspeaker drive conditions have been invatsd

1. Constant drive at 5 volts for 10 seconds.

2. Ramp up in voltage with a peak of 14 volts.
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The constant drive at 5 volts has been selected to providedération of the maximum steady-
state sound pressure level reproducible and the ramp-ugitage to 14 volts has been used to
provide an indication of the short term, or peak voltage thay be applied to the loudspeakers
without damaging the drivers. Figufe7 shows the mean sound pressure level produced at
the 16 microphones under the two voltage drive conditionghe four car audio loudspeakers.
From this plot it can be seen that the mean sound pressulel®driced under both constant
and peak voltage drive conditions is consistently lowelGaltiz for all four loudspeakers. This
is a result of the loudspeakers’ resonances being at arcuiktz And, therefore, the pressure
per unit input volt is lower. The pressure produced by eadddpeaker for a constant input
voltage level of 5 volts at 100, 200 and 300 Hz is between 90180t dB, while the mean
pressure level produced by a peak input voltage of 14 volbeigeen 102 and 112 dB, and
these pressures are reasonably consistent with a lingaom®s. It should be noted, however,
that although the response at the driving frequency ineckeEasonably linearly with excitation
voltage, at input voltages above about 1 volt a number of baics were produced by buzzing
of the loudspeakers in their enclosures. This would seydirsit the use of these loudspeakers
for active control, since in reducing low frequency noise lttudspeakers would generate high
frequencies, which may be more annoying.
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Figure 6.7: The mean sound pressure level produced at theict6phones by each of the
loudspeakers for a constant drive level of 5 volts (blackdinand for a short-term peak input
voltage of 14 voltsiedlines).

In a practical scenario the car cabin will have at least aedrand possibly up to four
additional passengers. Therefore, the transfer respataebn the voltage input to the loud-
speaker and the pressure at the 16 microphones has also kesaored when there is both
either a driver or a driver and a front seat passenger in thielee Figure6.8 shows the acous-
tic transfer response between loudspeaker 1 and microghowhich is at the driver’s right
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ear, for the three different occupancy conditions measuFedm this plot it can be seen that
at frequencies below around 190 Hz the effect of varying timalver of occupants is minimal,
while at higher frequencies there are some significant tiania in the magnitude and phase
of the response. These results will be employed in offlineukitions of the active control
systems to test the robustness of the controllers to vamgiin the plant responses.
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Figure 6.8: Transfer response between the voltage inpwrtawdio loudspeaker 1 and micro-
phone 9 (driver left ear) for three occupancy conditions:psgni—); driver (—); driver and

passenger).

6.1.2 Engine Noise

To investigate the potential performance of the feedfodnastive noise control strategy, the
pressure at the 16 microphone positions has been measuwtedaunumber of different engine
conditions with the vehicle on the rolling road in a hemi-@mgc chamber. The different
engine test conditions are detailed in Tabl2 Measurements of the engine noise produced
for a constant engine speed have been measured both outrcdrgeander load, this is to
provide a consistent set of constant engine speed measuertiat is, due to the gearing of
the vehicle it was not possible to run the engine at all ddspeeds in the same gear.
Figure 6.9 shows the spectrum of the acoustic potential energy estarfadm the 16 mi-
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Table 6.2: Rolling road engine noise measurement condition

Engine Speed (rpm) Condition (i)  Condition (ii)
1000 Out of gear 2nd gear
2000 Out of gear 3rd gear
3000 Out of gear 2nd gear
4000 Out of gear 3rd gear
5000 Out of gear 3rd gear

Engine run-up 1000 — 6000 WOT 2nd gear WOT 3rd gear

crophonesEp, at engine speeds of 1000, 2000, 3000, 4000 and 5000 rpmtwhtl®f gear.
The frequency of the-th engine order is given by

rpm
fa=nx —. 6.1
n X 60 (6.1)
From Figure6.9ait can be seen that only the first engine order has been sigmiljcexcited in
this case, however, the resonance occurs at 20 Hz which dbesmespond to the first engine
order at an engine speed of 1000 rpm, which should be 16.6 Kg.dlfference is because the

engine speed was not accurately maintained at 1000 rpmgdilnénmeasurements.

From Figures6.9b through t06.9eit can be seen that a full series of engine orders are
excited. At 2000, 3000 and 4000 rpm the first engine order thasighest level and occurs at
33, 50 and 66 Hz respectively. At 5000 rpm, however, the seoagine order, which occurs at
170 Hz, is the highest level order. A general trend can be Beenthe results shown in Figure
6.9 in which the level of the engine orders becomes more constihtincreasing engine
speed.

Although the previous results show an indication of the ragioise spectrum produced at
discrete engine speeds with no load on the engine, it is aisceisting to observe the spectrum
produced at various speeds when the engine is under loadrefdL0 shows the spectrum
of the acoustic potential energy estimated from the 16 mloooe pressure measurements for
1000, 2000, 3000, 4000 and 5000 rpm in various gears wherathg an a loaded rolling road.
From these plots it can be seen that, in general, the spegroduced is more complex than
that produced by the out of gear engine. Narrowband peaks @tdrequencies not corre-
sponding to integer engine orders and broader spectrab@eakalso produced. For example,
in Figure6.10bat around 130 Hz a broad spectral peak can be observed. Femgihee noise
measurements under load the front wheels of the vehicleeratad interact with the rolling
road and this may produce additional noise not directiyteelao the engine. The interactions
between the rolling road and the tyre will not be reproduckshiically when the car is driven
on a real road and, therefore, some of these non-integenegilers may not occur in a real
driving scenario. Although half engine orders may be preduoy single cylinder variations
or uneven exhaust pipe lengtHs6[/], it is not clear if these effects are present here.
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An overall picture of the engine noise and the componentsréwaire control can be ob-
tained from the sound pressures produced during an engmepu This has been measured
and Figures$s.11and6.12show the plots of the change in the acoustic potential enspgg-
trum estimated using the 16 microphone measurements aadireds accelerated from 1500
through to 6000 rpm in 2nd and 3rd gears respectively. Themghg were calculated using
short term spectral estimates of different data blocksgudie Matlab functiorspectrogram
From Figure6.11it can be seen that at engine speeds below 2500 rpm the firistecogier
dominates the spectrum, which is the order with a frequeh&p® Hz at 6000 rpm. At around
2500 rpm a sub-harmonic resonance at half the frequencyedfrdt engine order produces a
significant acoustic potential energy, but this half ordecdmes low in level again at around
3000 rpm. At around 3000 rpm some additional sub-harmomigpoments become significant,
however, it is thought that they are related to the inteoadtietween the vehicle and the rolling
road, and would not be reproduced under standard road gliéeinditions. As the engine speed
is increased further, the level of the first engine order $endeduce and at around 4000 rpm
the second engine order becomes dominant. The third, fandHifth engine orders are also
clear in Figure6.11, but their level is significantly below the first and secondess.

Figure6.12shows the acoustic potential energy for an engine run-updig8&ar. From this
plot it can be seen that the first engine order produces disigmii level throughout the range
of engine speeds and at around 4000 rpm the level of the seragide order again becomes
more dominant. At around 2500 rpm the half engine order isiogntly excited and remains
at a significant level until 3500 rpm. In comparison to the-mmin 2nd gear it can be seen that
a full spectrum of half engine orders are also excited aidesemparable to the 3rd, 4th and
5th engine orders.

From the results presented in this section it is evident tetmost significant contribu-
tion to the engine noise is the first engine order. At highejiren speeds the second engine
order becomes more significant and, consequently, the ergggins to sound more like a
four-cylinder. A further feature of the engine noise thas baen highlighted from the results
presented in this section is the presence of a half orderhaikisignificant in level, however,
it occurs at a relatively low frequency and, therefore, aahihg this order may not offer a
significant subjective improvement.

6.1.3 Road Noise

To investigate the possible reductions in road noise that lbeaachieved using the MIMO
feedback control system, measurements of the pressureqaadt the 16 microphone po-
sitions while driving on two road surfaces — pave and a rougid — have been conducted.
Measurements have been conducted on the two road surfadesstwo driving conditions:

1. Constant speed
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2. Coast down

The first driving condition provides a static noise spectraowever, although these measure-
ments are dominated by road noise since the load on the eisgietatively low at constant
speed, the pressure levels also contain a contribution frmrengine. The second driving
condition allows a reduction in the engine noise contriimgisince the engine can be unloaded
during the measurement. The details of the complete seadfmoise measurements conducted
is presented in Tablé.3

Table 6.3: Road noise measurement conditions

Surface Test Condition Speed
Pave Constant 50 km/h
Cost down 55 — 45 km/h
50 km/h
Constant 75 km/h
100 km/h
Rough road 55 — 45 km/h
Coastdown 80-70km/h
100 — 95 km/h

Figure6.13shows the A-weighted acoustic potential energy estimategajihe 16 pressure
measurements in the car cabin when the car is driven at aactrsieed of 50 km/h on the
pave surface and on the rough road at constant speeds & &Ad7.00 km/h. The A-weighted
spectrum has been presented since this allows a simpleynietbjudgement of the components
of the road noise that contribute most significantly to thegged noise. From this plot it can
be seen that for all four constant speed measurements thargdnificant broadband peak in
the spectrum from 80 to 180 Hz. This peak is most significantife measurements conducted
on the pavé surface and, therefore, to be sure that the dogenof this peak on the pave
surface is not due to the constant road speed during the me@asnt and the size of the pave
blocks, Figure6.14 shows the spectrum of the estimated acoustic potentiaggmiring the
coast down from 55 to 45 km/h. From this plot it can be seentti@broadband peak from 80
to 180 Hz is relatively constant with road speed and, theegfis unlikely to be a result of the
specific pave block dimensions.

The constant road speed measurements shown in FgliBshow a second frequency
range with two significant narrowband peaks between 230 &0dH2, although the specific
frequencies differ between the different driving condito These peaks can be related to the
first tyre cavity resonance and the two resonance peaks aedeiqged due to the tyre loading
and resulting deformation producing a non-symmetricalcstire [L68. The variation in the
two spectral peaks is due to the Doppler effect and in getieisatauses the lower frequency
resonance to decrease in frequency with increasing roaetspéhilst the higher frequency
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Figure 6.14: The A-weighted acoustic potential energyneatied from the 16 microphone mea-
surements for a coast down from 55 to 45 km/h on the paveeplatt decibels with reference
to arbitrary reference level.

resonance increases in frequentgg.

From the results presented in this section it has been sHoatriiere are two frequency
regions where the reduction of road noise is required. Taesbetween 80 and 180 Hz, where
a structural resonance produces a broadband peak, andcebedverind 230 and 260 Hz, where
the tyre cavity resonance produces two narrowband peaksedBan the results of the MIMO
feedback control simulations presented in Chaptehe control of the tyre cavity resonances
will not be achievable using the proposed feedback activsencontrol system due to their
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relatively high frequency. The control of the broadband<destween 80 and 180 Hz, however,
may be achievable using the proposed MIMO feedback coatratid this will be investigated
in Section6.3.

6.2 Feedforward Control of Engine Noise

6.2.1 Offline Control Simulations

It has been shown in the results presented in Se6tib2that the predominant source of engine
noise is the first engine order. Therefore, optimal feed&wdircontrol of this engine order
has been simulated using the engine run-up in third geartanddoustic transfer responses
measured using the volume velocity source. The feedforwantrol performance has been
calculated using the short term Fourier transform of tharengun-up data such that within
each time block it can be assumed that the engine speed imnbaad, therefore, the control
of the sound due to the first engine order can be calculatediagke frequency. In a practical
system, where the engine speed would not necessarily b&aobdns is necessary to track the
engine speed using the rpm reference signal, however, ésetiitial control performance
indications this is unnecessary.

Global Control

As detailed in Sectio.2.], the optimal solution for an overdetermined control systemmere
the number of error sensors is greater than the number ofidagosources, gives the optimal
secondary source strengths as

o= [Z8Zs+B1] "2 p.. (6.2)

Using this optimal solution, Figuré.15shows the change in the sum of the squared pressures
at the eight ‘corner’ error microphone,, and the change in the sum of the squared pressures
at all 16 microphone<z,, when the four secondary sources are optimised to minirhessum

of the squared pressures at the eight corner error sensarstte global feedforward control
simulations in Chapte3. So that

1 8 )
= 3 | Pm| <, (6.3)
m=1
l 16 2
B =16 2 [Pl (6.4)

where the first 8 microphones are those used in the contréérays From this plot it can

be seen that botl, andE, are reduced by up to 20 dB at low frequencies, with an average
reduction of perhaps 10 dB. The level of control tends to cedwith increased engine speed,
however, there are a number of frequency bands where a sddafein engine order reduction

is observed. These can be attributed to both the change lavbleof the primary disturbance
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Figure 6.15: The change in the sum of the squared pressueds the first engine order at the
eight ‘corner’ error sensorsy, (—) and at all 16 microphone positiorts,, (—) when the four
loudspeakers are driven to minimigg

with engine speed, and the coupling between the loudspeakerthe acoustical modes of the
cabin. Despite the variations in control with engine speaeduction in the sum of the squared
pressures at all 16 microphones of greater than 5 dB is aathigvall presented engine speeds.

Figure6.16shows the acoustic potential energy estiméfg pefore and after optimal feed-
forward control ofJ, at the first engine order. From this plot it can be seen thatdhiation in
the level of the first engine order during the engine run-uplieen reduced. The reductions in
bothJ, andE, shown in Figure$.15and6.16are consistent with the results of the simulations
in the rectangular enclosure presented in Chagtethere the reductions were most significant
at low frequencies and reduced with increasing frequenapa@siumber of excited acoustic
modes increases.

It has been shown in Figurés15and6.16that a significant level of control of the first en-
gine order is possible. However, in a practical system itse aecessary to determine whether
the required loudspeaker input voltages are within the easfgthe employed loudspeakers.
For the standard car audio loudspeakers the pressurescpbdly a constant voltage sine
wave input have been measured and are presented in FBgurésing the measurements of
the pressure produced at 100 Hz by a 5 volt input to the lowdswe and the sound pressures
required to achieve the control of the first engine ordergresd above, the voltage input to
the four car audio loudspeakers has been calculated andserned in Figuré.17. The esti-
mation of this voltage has been calculated using the lowdsperansfer responses presented
in Figure6.6and a calibration factor calculated from the single freqye®sponses at 100 Hz.
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Figure 6.16: The acoustic potential energy estimated flwanlb6 pressure measurements due
to the first engine order with no control (—) and when the fesandary sources have been
optimised to minimise, (—) .

The validity of this single frequency calibration factorshaeen verified by using calibration
factors calculated from the other single frequency respanshich showed a maximum vari-
ation in the calculated required voltage of 3 dB. From that filcan be seen that for all four
loudspeakers the voltage input required is greatest athmwe speeds, however, the predicted
levels do not reach the 1 volt input level that produced $icgnit buzzes in the vehicle.

Regional Control

It has been shown in Chapt8that by employing a regional control system, where the acous
tic potential energy or pressures within a defined smallgioreare minimised, it is possible
to increase the bandwidth and levels of control compareddiolaal control system. There-
fore, using the measurements in the small city car the pedoce of a feedforward control
system that is optimised to minimise the sum of the squaredspres at the eight headrest
microphones using the four car audio loudspeakers has beditigd. Figuré.18shows the
resulting change in the sum of the squared pressures atghetaiadrest error microphones,
Jr, and the change in the sum of the squared pressures at alti@amonesEy. From this plot

it can be seen that between around 1200 and 6000 rpm in eXc2@sIB reduction is achieved

in the sum of the squared pressures at the 8 headrest micreghidowever, from the red line
in Figure6.18 which shows the sum of the squared pressures at all 16 nhiengppositions, it
can be seen that global reductions are only achieved at lemggne speeds. This is consistent
with the results presented in Chap8where, although global reductions are achieved by the
regional feedforward controller at low frequencies, digant enhancements are introduced
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Figure 6.17: The estimated voltage input to the four loudkpes required to achieve control
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Figure 6.19: The estimated voltage input to the four loudkpes required to achieve control
of the first engine order at the eight headrest error micropb@s the engine speed is increased
from 1200 to 6000 rpm. The voltage is plotted in decibelstivedal volt.

particularly at frequencies where unobservable modesroccu

Despite the enhancements in the sum of the squared presdgwakd6 microphones, the
regional control strategy does offer a potentially sigaificimprovement in the levels of control
achievable at the locations of the car cabin’s occupantfierdfore, it is again important to
determine whether the required loudspeaker input voltagewithin the limits of the car audio
loudspeakers. Figur@ 19shows the voltage input to the four car audio loudspeakensined
by the regional control system plotted in decibels relativé volt. From this plot it can be
seen that the voltage input required to achieve the levalsmtfol presented in Figu&18are
greater than 1 volt at some engine speeds and, thereforepmodyce additional harmonics as
discussed in Sectiod.1.1

Due to the significant performance increase between theab#oid regional feedforward
control strategies that has been predicted using the offimelations, it is desirable to im-
plement the regional feedforward control strategy in a-tiga¢ system. However, it has been
shown that the car audio loudspeakers will probably procaduitional harmonics at the re-
quired voltage drive levels. In a future implementation &@ynioe possible to avoid these prob-
lems through improving the car audio loudspeakers’ mognsiystem or by increasing the
damping of the interior car door panels. To avoid this probla the implemented real-time
system a separate set of closed-back loudspeakers will ployead at positions close to the
standard car audio loudspeakers. However, since it willogopossible to position a loud-
speaker in the foot-well of the driver due to safety, it isewsary to determine whether re-
moving this loudspeaker from the control system will havegaificant effect on the control
performance or required voltage levels. Additionally, der to reduce the computational de-
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Figure 6.20: The change in the sum of the squared pressuestdhe first engine order at
the four headrest error microphones 9, 12, 14, and 15 (—) aaltleight headrest microphone
positions {—) when the three loudspeakers positioned at locations 2¢3lam Figure6.4 are
driven to minimise the pressures at microphones 9, 12, d18n

mand of the real-time controller, the effect of reducing thenber of error sensors to four,
with one at each headrest position will also be calculatéglire 6.20shows the change in the
sum of the squared pressures at the eight headrest micreplamd at microphones 9, 12, 14
and 15 when the sum of the squared pressures at these mioegphas been minimised using
the three car audio loudspeakers positioned at locatioBsa@d 4 shown in Figuré.4. From
this plot it can be seen that a significant level of control lheesn achieved at the four error mi-
crophones, however, the important result is that signifitarels of control are also achieved
at all eight headrest microphone positions. Additional use of three control loudspeakers
does not appear to significantly reduce the levels of contitblin the bandwidth of the first
engine order. Figuré.21shows the required voltage input to the three control loadkers
and it can be seen from this plot that, although there aratanis in the voltage required by
each of the loudspeakers compared to those shown in FégL@éor the 4 loudspeaker system,
the maximum level required by each loudspeaker is not sigmifly affected. The real-time
implementation of this control system will therefore bedstigated.

6.2.2 Design and Implementation of a Real-Time Controller

Up to this point the performance of the feedforward controlas been predicted in the fre-
quency domain using the least-squares solution. To impieneal-time feedforward control

of engine noise it is necessary to be able to track the chandbke frequency and spatial dis-
tribution of the primary field that occur as the engine spemdi laad is varied. This can be
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Figure 6.21: The estimated voltage input to the four loudkpes required to achieve control
of the first engine order at the eight headrest error micropb@s the engine speed is increased
from 1200 to 6000 rpm. The voltage is plotted in decibelstivedal volt.

achieved by making the control filters adapt over time to misé the mean-sqaure error. If
the control filters are implemented as FIR filters then, siieeerror surface for such filters
has a quadratic shape, it is possible to converge towardldf@lgoptimum by adjusting the
control filter coefficients by a small amount in the directioihthe negative gradient of the
cost function with respect to the filter coefficiedi3p)]; this adaptive process is referred to as
the steepest descent algorithm. A widely used, simple amagstamplementation of steepest
descent algorithm is the LMS algorithm in which the filter ffiméents are updated based on
the instantaneous estimate of the gradient rather thanemaged estimatel2. The LMS
algorithm is given by 132

w(n+ 1) = w(n) 4 ax(n)e(n), (6.5)

wheren is the iteration numbenw is the vector ofi FIR control filter coefficientsp is the
convergence coefficienx is vector of reference signals over the pasamples ane is the
error signal.

The Filtered-Reference LMS Algorithm

Although a wide variety of algorithms have been proposed emgloyed to adapt the filter
coefficients in a feedforward active noise control systdma filtered-reference LMS algorithm
has probably been most widely employed. Since the filtee¢elence LMS algorithm is sim-
ple to implement and particularly efficient for tonal noisentrol problems 132 it will be
employed here in the implementation of the engine noiserctbert

In the context of feedforward active noise control it is resaey to modify the LMS al-
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gorithm since the error signal input to the controller hasrbéltered by the plant response
and, therefore, is no longer aligned in time with the refeeesignal. The error and reference
signals can be aligned in time by pre-filtering the referesigaal using an estimate of the plant
response and this results in the filtered-reference LMSristhgo [132].

The filtered-reference LMS algorithm has been derived in rmbrer of widely available
publications 132 169 and it will be presented here for the specific case of colivigph single
frequency usingd_e error sensorsM control sources and coefficient FIR filters modelling
the plant responses. The single frequency control problembe efficiently solved using
a filtered-reference LMS controller with two adaptive wegyleontrolling the in-phase and
quadrature components of the control signals, as desciibdd(]. The in-phase component
of the reference signal at the control frequerigys given by

Xr(N) = cog 2mf.nTs) (6.6)

whereTs is the sample period, and the quadrature component of teecrefe signal is given

by
Xg(Nn) = sin(2mfnTs). (6.7)

The following derivation will be presented using the cohtrotation, as apposed to the acous-
tic notation used in the earlier chapters, since this noma@me is more widely used in this
context.

By assuming that the control filter coefficients vary slowlghitime compared to the plant
dynamics, in the discrete time domain the vector of erranaig at then-th sample is approxi-
mated by 132]

e(n) =d(n)+ R(n)w(n), (6.8)

wheree(n) is the vector of(Le x 1) error signalsd(n) is the vector of(Le x 1) disturbance
signals,w(n) is the vector of(2M x 1) control filter coefficients an®(n) is the (Le x 2M)
matrix of filtered reference signals. The vector & 2ontrol filter coefficients is given by

w= [W-]I.-aw-Zra"'aw;\r/I]T> (69)
where the two filter coefficients related to thmeth source are
T

wherewy, is the in-phase filter coefficient angly, is the quadrature filter coefficient. The
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matrix of filtered reference signals is given by

ri(n
rI(n
rm=| =" |, (6.11)
L)
wherer is the(2M x 1) vector
r|(n) = [r|1Rar|1Q7"' >r|MR7r|MQ] ) (612)

andrm, is the in-phase reference signal filtered by the plant respdmm error sensdrto
secondary sourcen andrm,, is the quadrature reference signal filtered by the plantoresp
from error sensok to secondary souram. The in-phase reference signal is given by

-1
MNme(N) = ) GmXr(N— ), (6.13)
| J;) ImjXR

wheregim;j is j-th coefficient of thel coefficient FIR filter which represents the plant response
between the-th error sensor anai-th secondary source to arbitrary accuracy. The quadrature
reference signal is given by

-1
Mmo (N) = Z)glijQ(n— i), (6.14)
=

The aim of the multichannel adaptive controller is to mirgenthe sum of the squared error
signals. The instantaneous sum of the squared error sigrgilen by

Jp(n) = €' (n)e(n) =w' (N)RT (N)R(N)w(n) + 2w (N)R" (n)d(n) +d" (n)d(n),  (6.15)

and as detailed above the LMS algorithm attempts to minirtisecost function by adjust-
ing each control filter coefficient in the direction of the atige gradient of the cost function
with respect to the filter coefficients. The derivative of &iijpn 6.15with respect to the filter
coefficients is

0Jp(n)
ow(n)

= 2[RT(n)R(n)w(n) + R" (n)d(n)] (6.16)
= 2R" (n)e(n), (6.17)
and therefore the filtered-reference LMS algorithm, whiebatibes the adaptation of the filter

coefficients, is given by
w(n+1) = w(n) —aR" (n)e(n). (6.18)

In practice the matrix of filtered reference signals is aof#di using a model of the plant re-
sponses and the matrix of filtered reference signals is knamyp approximately asl?{(n),
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where the degree of accuracy in this case is dependent drctedficient FIR plant modelling
filters. The filtered-reference LMS algorithm using the maaféhe plant responses is

w(n+1) =w(n) — aR' (n)e(n). (6.19)

To implement the filtered-reference LMS algorithm it is resagy to determine suitable
values of the convergence coefficientsince this parameter determines both the stability of the
controller and its performance. That s, a relatively lowesof o will give a slow convergence
speed, but a small error, whilst a relatively large value ofill give a faster convergence but
may compromise the minimisation of the error signal. A mdtled combining these two
properties using a convex combination of two adaptive LM®r8lhas recently been proposed
in [17]], however, this increases the computational demand amtheikefore not be considered
in this work.

The convergence condition of the multichannel filtere@gmrefice LMS algorithm has been
derived for example in32] and for the general case of a stochastic disturbance siggalen

by
20 (Am)

O<a<——T"
Am|?

Y Am, (6.20)

whereA, are the eigenvalues of the matE([ﬁT(n)R(n)}. However, for a tonal controller

where the reference signal,is a pure tone, it is the eigenvalues of the ma@&(jwc)G(jwc)

at the frequency of the disturbance sigral, that are relevant and, therefore, it can be seen
that the maximum convergence coefficient is a function afdemncy. Although a constant
value ofa may be selected which ensures a stable controller at aliérazies, it is possible to
improve the performance of the controller by employing &@fiency dependent convergence
coefficient. In the engine noise control system the convergeoefficient can be scheduled on
the engine speed via the reference signal. The filterederate LMS algorithm can then be
rewritten with a time varying convergence coefficient as

w(n+1) = w(n) — a(n)R’ (n)e(n), (6.21)

where the value afi(n) is given by
a(n) = ago(f) (6.22)

whereayg is a frequency independent value that is used to allow a getrade-off between
convergence and accuracy, while is the frequency dependent convergence coefficient that
is scheduled on the frequency of the disturbance signaljsaset according to the maximum
bound given by equatiof.20using the largest eigenvalueép(jwc)G(jwc).
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Total Control Effort Constraint

In a practical control scenario it may be necessary to not emhimise the cost function],,
but to also impose a constraint on the electrical power redudy the control system. This
can be achieved by minimising the generalised cost funcfiegn by the sum od, and a term
proportional to the control effort, as detailed in Sect®@.1in the context of a frequency
domain, least-squares optimisation. For a tonal controfighe time domain the cost function
with a constraint on the control effort can be expressed as

Jeost() = €T (n)e(n) + Pw' (n)w(n), (6.23)
so that,
Jeost(n) = W' (NRT (N)R(Mw(n) +2w" (N)RT (n)d(n) +d" (n)d(n) +Bw' (n)w(n), (6.24)

wheref is the control effort weighting parameter and the sum of theased filter coefficients,
w' (n)w(n), is proportional to the sum of the squared control signalsith \Shis new cost
function the instantaneous gradient is given by

a\Jcos(n) _
Ty = 2[R (e + Bw(n)] (6.25)

and the filtered-reference LMS algorithm with the modell&hpfiltered reference is given by

w(n+1) = (1—a(n)B)w(n) —aR’ (n)e(n). (6.26)

Individual Control Effort Constraints

Although the total control effort constraint has been wydeded, in practice it is the individual
amplifiers or loudspeakers that often limit the performaatthe control system. Therefore,
it is perhaps more practically useful to impose a constraimthe individual control effort for
each secondary source and this has been propos&@d2h [n this case the cost function to be
minimised can be expressed as

Jeost(n) = €' (n)e(n) + % BrmW(N)Wm(n)
m=1
=w' (MRT(MR(Mw(n) +2w" (MR (md(n) +d" (n)d(n) + % BrmWin(n)Wm(n),
m=1
(6.27)

wherefn, is the control effort weighting parameter related to ittvéh source anav (n)Wm(n)
is the sum of the squared filter coefficients for theh source. The instantaneous gradient
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vector is then given by

0Jcost(N)
ow(n)

= 2[R"(n)e(n) + Aw(n)], (6.28)

where A is a diagonal matrix containing theV2 vector of control effort weighting =
[B1,B1,B2,B2,--- ,Bm, Bwm] on the diagonal. The filtered-reference LMS algorithm isitheod-
ified to give
w(n+1) = (1—amA)w(n) —aR' (n)e(n), (6.29)

Elliott and Baek 172] propose to schedule the values of the ve@amn the instantaneous
values of the corresponding individual source control regfo This is achieved by defining a
maximum control effort for each sourcB,, and scheduling each of the weighting parame-
ters, Bm(n), such that they are zero whe,(n)wm(n) < 0.9P, and increase in proportion to
w] (n)wm(n) —0.9P at levels above 9P, ; this piecewise linear scheduling function is shown
in Figure6.22by the red line. Although this method appears to work in timeugations pre-
sented in 172, when implemented in the real-time controller the switchbetween the two
scheduling states produced audible oscillations in ther signal. Therefore, the control effort
parameters were instead scheduled using an inverse bgpéefunction as

_ 1 L
IR wWi(nwWm(n) - R

Bm(n) (6.30)

such that asw] (n)wm(n) tends towards the limitP_, the effort weighting tends towards a
very large value and v (n)wm(n) is much less than the limit then the effort weighting tends
towards a very small value. This inverse barrier type sclimgldunction is shown in Figure
6.22by the solid black line and due its continuously varying natawvoids the oscillating effects
produced by the piecewise scheduling function. For the tianging effort weighting the
update algorithm becomes

w(n+1) = (L—a(mA(n)w(n) —aR' (n)e(n). (6.31)

In addition to the scheduling based on an absolute powet ilingi also important to limit
the voltage sent to the loudspeakers at frequencies belewdperable range. Therefore, a
second scheduling method has also been introduced whiokases the value of the control
effort weighting parameters as the disturbance frequeaeg gelow the limit of the loudspeak-
ers. In this case the control effort parameters have beesdatdd such that if the frequency
of disturbance is greater than some linfit, then the effort weighting parameters due to this
constraint are zero, whilst if the disturbance frequendgwger than the limit then

fL— f(n)

Bm(n) = L

(6.32)
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Figure 6.22: Effort weighting paramet§,,, scheduling functions.

The two effort weighting parameters scheduled on equa&iBAand6.32are summed in the
controller.

6.2.3 Performance of the Real-Time Controller in a Laboratey Setup

To test the performance of the proposed control strategy inoatrollable environment, the
regional feedforward control system with 4 error micropé®and 3 control loudspeakers was
implemented in the laboratory, as shown in Fig6t23 The controller is based around a
DSpace DS-1103 board and the control algorithm has beeremgited using Simulink. De-
tails of the Simulink implementation are presented in Agjieh. To avoid aliasing in the error
signals and reconstruction artefacts in the control sgyaati-aliasing filters and reconstruc-
tion filters were employed with a cut-off frequency of 200 Hhese were implemented using
first-order analogue low-pass filters and are able to proaikquate roll-off at the Nyquist
frequency due to the high sampling rate of the system — 8 kHalative to the disturbance
and their specification is detailed in Sectib.2 The control system was used to control a
single tone generated within the DSpace system and repedducan 18-inch volume velocity
source, which was positioned approximately equal distémmee the error microphones as the
control loudspeakers, as depicted in Figéra3

From Figure6.23it can be seen that loudspeakers 1 and 2 were KEF B200G dvivech
have a 183 mm diameter cone and were mounted in closed-baaketa with an internal
volume of approximately 0.01 ¥nand their full specification is provided in Secti@4.3
Loudspeaker 3 was a larger KEF B300B driver with a 288 mm diameone mounted in a
closed-back cabinet with an internal volume of 0.026and its full specification is provided
in SectionD.4.4. The low frequency limit,f_, used to schedule the power constraint given by
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Figure 6.23: The feedforward control system implementeithénlab with three control loud-
speakers, four error microphones and a primary disturbpremduced by a single 18-inch vol-
ume velocity source.
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equation6.32was set at 25 Hz for loudspeakers 1 and 2 and 20 Hz for loudsp8ak

Plant Response

To implement the feedforward controller using the filtereterence LMS algorithm it is nec-
essary to implement a model of the plant response. Therdf@aesponse between the input
voltage to each loudspeaker and the resulting output @lamn each error microphone has
been measured. The responses measured between each afd$pekikers and the micro-
phones are presented in Fig@24 From Figures$.24aand6.24h which show the responses
for the two smaller loudspeaker units, it can be seen thatrthgnitude responses begin to
roll-off at around 95 Hz, which corresponds to the resonarfdae KEF B200G loudspeaker
driver in the closed-back enclosure. The magnitude regpohshe larger loudspeaker unit,
which is shown in Figuré.24¢ begins to roll-off at frequencies below around 75 Hz which
corresponds to the resonance of the KEF B300B driver in tlgeteclosed-back enclosure.
For all three loudspeakers it can be seen that at frequeal@s around 200 Hz the measured
responses begin to roll-off due to the anti-aliasing andmstruction filters.

The phase responses shown in Figbu24 show an increasing lag with frequency with an
overall delay of around 1.5 ms. This delay is due to a comiminaif the acoustic propagation
time between the loudspeaker and the microphone, whiclvisxdrl ms in this case, the delay
introduced by the DSpace system'’s digtal-to-analogue extens and the delay due to the anti-
aliasing filters. This delay can also be clearly seen in thauise response measured between
loudspeaker 3 and microphone 2, which is shown by the blaekifi Figure6.25

To implement the filtered-reference LMS controller a modiethe measured plant re-
sponses is required. In a single frequency control systeigipbssible to model the plant
responses using a two-coefficient filter since the respaeely required at a single frequency
[132]. If the controller is required to track a varying disturisanfrequency a two-coefficient
filter plant model may still be employed by using a look-upleéaimdexed according to the
disturbance frequency. However, it is straightforward twdel the plant responses using fixed
FIR filters. The measured plant responses presented ineHig24 were modelled using 60
coefficient FIR filters that accurately represented the ritadge and phase response between
around 20 and 100 Hz. This frequency range corresponds tbathéwidth over which the
first engine order varies between engine speeds of 1200 &WrpMh. Figures.26shows the
measured and modelled plant responses between each ofittspéakers and microphone 2.
From these plots it can be seen that over the frequency rdngeeest the modelled plant re-
sponses match the measured responses with reasonablecgc@irfrequencies below around
20 Hz the accuracy of the FIR filters begins to significantyuee, however, this is below the
operating frequency of the control system and, therefoi net degrade performance. The
remaining FIR plant model filters show similar propertiegshose shown in Figuré.26and,
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Figure 6.25: Impulse response of the plant measured betlwedspeaker 3 and microphone

2 (—) and the impulse response of the 60 coefficient FIR filgsduto model the plant{) at
the 8 kHz sample rate.

therefore, are not presented.

It is also interesting to compare the measured and modetipdise responses and Figure
6.25shows the measured and modelled impulse responses betuespéaker 3 and micro-
phone 2. From this plot it can be seen that the FIR filter acelyranodels the early response
of the system where the magnitude is large.

Frequency dependent convergence coefficient

To implement the filtered-reference LMS controller with aduency dependent convergence
coefficient it is necessary to calculate the maximum stadlleavofa as a function of frequency.
According to equatios.2Q for a tonal controller the maximum convergence coefficigmte-
pendent on the eigenvalues of the plant response matrixtenchddelled plant response ma-
trix. If the model of the plant is perfect then the maximumueabdf the convergence coefficient,
Omax IS given at each frequency by

. 2|:| (}\max)

Omax = |2 )

o (6.33)
whereAmaxis the maximum eigenvalue of the mat@t' G; the maximum convergence coeffi-
cient over frequency for this case is shown by the black dhbhe in Figure6.27. If the model

of the plant is not perfect, as in a practical system, themthgimum convergence coefficient
is again given by equatio.33 howeverAnax corresponds to the maximum eigenvalue of the
matrix 3" G. The maximum convergence coefficient in this case is showthdyed dashed
line in Figure6.27and it can be seen that due to the inaccuracies in the plangIrtiteemax-
imum convergence coefficient has been reduced at low frefpeoompared to perfect plant
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Figure 6.27: The maximum value of the convergence coeffi@eoording to the eigenvalues
of the measured plant matri@"G, (- -), the eigenvalues of the measured and modelled plant

matrix, GHG, (- -) and the eigenvalues of the measured and modelled plantfrgifaency
dependent regularisation factdd;, introduced to avoid overdriving the loudspeakers at very
low frequencies.

model case.

The maximum convergence coefficient is also affected by diméral effort weighting pa-
rameter L32. The effect of the control effort parameter scheduled @ninistantaneous control
effort, as detailed in equatidh30 cannot be calculated in advance since it is dependent on the
disturbance and although an online calculation proceskldmiperformed, it would be com-
putationally demanding due to the eigenvalue calculatidowever, the effect of the control
effort parameter scheduled on the disturbance frequesayetailed in equatiof.32 can be
calculated in advance. In this case the maximum value ofdheergence coefficient is again
given by equatior6.33 howeverAnax corresponds to the maximum eigenvalue of the matrix
GHG + A, whereA is, in this case, the diagonal matrix containing the 3 cdrmffort weight-
ings 1, B2 and Bz which are calculated according to equati®i32 at each frequency. The
maximum convergence coefficient in this case is shown bydhe Black line in Figures.27
and it can be seen that at frequencies below around 25 Hzewtherpower constraint be-
comes active for loudspeakers 1 and 2, the maximum conveegewefficient is significantly
reduced. In practice the difference in performance betwkercontroller implemented with
the maximum convergence coefficients shown by the solickldad dashed red lines in Figure
6.27was not significant, which is thought to be related to thetkahicontrol effort at such low
frequencies.
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Controller Performance

The performance of the implemented controller has injtiaken measured with the primary
source driven at 33, 50, 66, 83 and 100 Hz, which correspoptbanately to the frequency
of the first engine order at engine speeds of 2000, 3000, 4000, and 6000 rpm. The primary
source has been driven such that the power constraint isctioe &\ = 0) and the frequency
independent convergence coefficient has been set by tdaraor toag = 0.01, which ensures
that the controller remains stable despite variations énpillant response introduced by cover-
ing individual microphones. The envelope of the sum of theased error signals has been
calculated using the Hilbert transform and the resultingveogence at the 5 discrete frequen-
cies is shown in Figuré.28for the controller switched on &t= 0. From these plots it can be
seen that the speed of convergence increases with frequesicgxample, for a disturbance at
100 Hz the sum of the squared error signals has been reducddl diy within 20 msec, while
at 66 Hz a 20 dB reduction is achieved after 80 msec. The mawifauvel of attenuation also
tends to increase with frequency. For example, at 33 Hz amaxireduction of around 20 dB
is achieved, whilst at 100 Hz the maximum attenuation is@ad2b dB. The limit on the per-
formance at low frequencies can be related to the lower kigraoise ratio in both the plant
response measurements, as can be seen from the coherdnde pigure6.25 and during the
real-time controller operation.

To determine the performance of the individual source abrtifort constraints governed
by equatiort.30the response of the control system at 66 Hz with an efforttcains of L = 1
has been measured and the results are presented in B@%along with the response of
the unconstrained controller. Frofi29ait can be seen that the introduction of the control
effort constraint does not affect the initial convergenpeesl of the controller, however, it is
clear that the overall attenuation has been limited to atduindB compared to around 25 dB.
Figure 6.29bshows the envelope of the control signals for the three loe@sers both with
and without the power constraints. From this plot it can mndeat the control signal driving
loudspeaker 3 (shown by the dot-dashed lines) has beefficigtiy reduced as a result of the
power constraint, while the control signal driving loudaker 2 (shown by the dashed lines)
has been slightly reduced. The control signal driving Igpedder 1 has, however, increased as
a result of the power constraint. The large reduction in th&rol signal driving loudspeaker
3 can be related to the large magnitude of the unconstraioettat signal compared to the
other two control signals. The increase in the control digin&ing loudspeaker 1 indicates
that due to the significant limit on loudspeaker 3 the colgrattempts to improve the levels
of control by increasing this control signal. Figue29cshows the values d for the three
control channels and it can be seen that there is an iniiabtent in each of the parameters
before they reach a steady state value.

In the car cabin environment it is necessary for the cortrab track the engine speed in
order to achieve control of the first engine order during radrdniving conditions. Although it
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has been shown by the convergence plots in FigL28that the controller is able to converge
rapidly at discrete frequencies, it is also important to soea its ability to track a time varying
primary disturbance. A primary disturbance containing r@etat the frequency of the first
engine order during an engine run-up from 1200 to 6000 rprmbkas synthesised based on
the measurements presented in Figarg2 and the performance of the controller has been
measured. Figuré.30shows the sum of the squared error signals. From these tiiptan

be seen that reductions in the sum of the squared error signalachieved at engine speeds
greater than 1500 rpm. The levels of control are signifigagitéater at higher engine speeds,
as expected from the single frequency measurements. Tfa@mpance of the controller can
be more clearly seen from Figu31a which shows the level at the frequency of the first
engine order with and without control. The change in the drmffort weighting parameter
for the three control channels is shown in Fig6t81band it can be seen that the limited low
frequency performance is due to the frequency dependetot@ffort constraint.

179



1st order, controlle

1st order, no contntl

_40 n L " N N
2000 3000 4000 5000 6000
Engine speed, rpm

(@) The cost functiod, due to the first engine order.

10

10

10"

=2

10

2000 3000 4000 5000 6000
Engine speed, rpm

(b) The frequency dependent regularisation parameter

Bt.

Figure 6.31: The performance of the feedforward contralleing a synthesised engine run-
up.
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6.2.4 Performance of the Real-Time Controller in the Car Calin

The feedforward active control system has also been impigaden the two-cylinder 875 cc
green city car described in Sectiéri. The controller setup is depicted in FiguBe82and is
identical to the controller employed in the laboratory meements presented in the previous
section, however, in this instance an additional input @vijgted for the tacho reference signal,
which is a once-per-rev signal obtained from the engine.

The four error microphones were positioned at each of the lieadrests in the car and
thus the controller attempts to achieve control for all @asus of the car. The two front
control microphones were positioned at the co-driver’s éefr and the driver’s right ear (in
the right-hand drive vehicle), as shown by the outer two apbones in Figuré.3a The two
rear control microphones were positioned at the left ean@fassenger behind the driver and
the right ear of the passenger behind the co-driver, as shgvtine inner two microphones in
Figure6.3h The control microphone locations are summarised in Talde

Table 6.4: Microphone positions

Position
Microphone 1 Driver outer right headrest
Microphone 2 Front passenger outer left headrest

Microphone 3 Rear nearside passenger inner left headrest
Microphone 4 Rear offside passenger inner right headrest

It was indicated through the measurements presented ilb8&cl.1that at driving volt-
ages above about 1 volt the standard car audio loudspeak#re green city car produced a
number of harmonics due to the buzzing of the loudspeakettsein enclosures. This would
limit the use of these loudspeakers for active control, esimcreducing low frequency noise
the loudspeakers would generate high frequencies that maydoe annoying than the orig-
inal uncontrolled noise. To avoid this problem in the denti@i®n and measurement of the
feedforward controller, the 3 KEF drivers mounted in clobagk enclosures employed in the
laboratory setup were positioned in the car cabin. Seveualdpeaker positions were investi-
gated. The most successful one had one KEF B200G loudspeasitioned in the front pas-
senger foot-well (position 2 in Figur@.4) and a second KEF B200G loudspeaker positioned
on the rear offside seat (position 4 in Fig@€), both loudspeakers were positioned close to
the corresponding car audio loudspeakers. The larger linirdspeaker, a KEF B300B, was
positioned at the rear nearside seat (position 3 in Figufe The loudspeaker positions are
summarised in Tablé.5.
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Table 6.5: Loudspeaker descriptions and positions

Position Description
Source 1 Front offside foot-well 183 mm diameter cone
Source 2 Rear offside seat 183 mm diameter cone

Source 3 Rear nearside seat 288 mm diameter cone

Plant Responses

The transfer responses measured between the three lokdspaad the four microphones are
shown in Figures.33 From these plots it can be seen that, as in the laboratomgriexents,
the three loudspeakers roll-off at frequencies below tlesipective resonance frequencies and
at frequencies above 200 Hz where the anti-aliasing filteri the responses. In order to be
able to achieve significant levels of active control it isegsary for the loudspeakers to be able
to reproduce a sound pressure level comparable to that geddat the microphones by the
engine. The first engine order produces a tone between 16dH¥QhHz as the engine speed
increases between 1000 rpm and 6000 rpm, therefore, &t huespeakers will largely be op-
erating in the region where their responses are rolling @il resonance. The low frequency
limit quoted by KEF for both the B200G and the B300B is 25 Hzwhweer, the maximum
linear excursion for the B300B is twice that for the B200G12tm. These frequency limits
mean that the ability to control the first engine order at dpdeelow around 1500 rpm will
be limited, however, the high linear excursions achievatléow frequencies should allow
adequate pressure levels to be produced to facilitateaontr

To implement the controller described in Sect@.2the measured plant responses have
each been modelled using a 90 coefficient FIR filter. It wasssary to employ a higher or-
der filter in the car cabin environment than in the laboraiorplementation due to the more
complicated plant responses. This requirement meanttibagampling frequency of the con-
trol system had to be reduced to 5 kHz in order to be able to ruthe available DSpace
system. The frequency responses of the measured and nbgklie responses between the
three loudspeakers and microphone 2 are presented in FaddteFrom these plots it can be
seen that between around 10 Hz and 100 Hz the measured pohses have been accurately
modelled in both magnitude and phase. The other modelled fdaponses are similar to those
presented in Figuré.34and therefore, are not presented.
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Controller Performance

The performance of the controller was measured under a nuohlgerating conditions. Fig-
ure 6.35shows the sum of the squared error sensor pressures for asiemp, over about 3
minutes, in third gear for three conditions: (a) no contfb),control with a convergence coef-
ficient of a = 0.01, and (c) control with a convergence coefficientiof 0.001. The greatest
degree of control at the first engine order is obtained with 0.01, but it can also be seen
that around 7 dB enhancement of the second engine order wdagaed between 2000 and
3000 rpm and some of the fractional orders are also enhamtesgén 2000 and 4000 rpm. By
reducing the frequency independent convergence coefficignto 0.001 these enhancements
can be reduced, as shown in Fig@&8&5¢ however, due to the slower convergence the level
of control of the first engine order is also reduced. The éftdaeducing the convergence
coefficient can be more clearly seen from the two plots in F§.36 Figure6.36ashows the
sum of the squared error sensor pressures at the first engiee and Figur®.36bshows the
sum of the squared error sensor pressures at the secona emdar. From Figur®.36ait
can be seen that witlhg = 0.01 the controller achieves a reduction in the first order ofiad

10 dB at engine speeds below around 3300 rpm, however, tkigngicantly reduced when
the convergence coefficient is setdg = 0.001 and almost no control is achieved at engine
speeds above around 4200 rpm. From FiguB6h which shows the change in the second en-
gine order, it can be seen that significant enhancements between 2000 rpm and 3000 rpm
whena = 0.01, however, these are reduced whes 0.001. In comparison to the correspond-
ing offline simulation results presented in Sect@@.1, and specifically Figuré.2Q it can

be seen from the results presented in Fighu@6athat the level of control achievable in the
real-time system is significantly lower than in the offlinmsiations. This can be related to the
lack of power constraints, external noise and finite prenigimitations in the offline simula-
tions. However, the levels of control achieved in the r@aktsystem are comparable to those
achieved in similar engine noise control systems in presiwark, see for example3] 21].

From the results presented in Figu@85and6.36it is evident that the faster the con-
vergence of the feedforward controller, the greater thel¢ewf enhancement produced. The
generation of these enhancements can be understood bdeangithe production of the con-
trol signals. The control signals are generated by filtetivegreference signals, which contain
only the first engine order, with the adaptive filters which adapted in proportion to the error
signals which contain all of the engine orders. This adaptatf the filter coefficients essen-
tially produces a feedback loop in the system and this has aealysed in173 by treating
the adaptive feedforward controller as an equivalent faeklisystem. However, this effect can
also be simply demonstrated by considering a SISO contraiiih only an in-phase control
filter, as shown in Figuré.37. Without loss of generality it can be assumed that the filtere
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Figure 6.35: The sum of the squared error sensor presswtedlin decibels relative to an
arbitrary reference level for a slow engine run-up in 3rdrgea
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Figure 6.36: The sum of the squared error sensor pressugesirgyle engine order plotted in
decibels relative to an arbitrary reference level for a skogine run-up in 3rd gear with the
active noise control system off (—) and on with = 0.01 (—) and withog = 0.001 ( -).
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reference signal is given by

r(n) =gcos wcnTs+ @)
=g (cogwenT ) cosgy + sin(wenTs) singy) (6.34)

whereg and ¢ are the amplitude and phase of the modelled plant responte aontrol
frequency,f.. The SISO version of the filtered-reference LMS update eguiativen for the
MIMO case by equatiol.2], is

w(n+1) = w(n) —ae(n)r(n), (6.35)
and the control filter output is
u(n+1) =w(n+1)cogwnTs). (6.36)

By substituting equatioB.34into equation6.35and substituting the result into equati6r86
the control signal can be expressed as

u(n+ 1) = w(n) cog wenTs) — ae(n)g(cogwenT S coSPy + Sin(wenTs) Singy) cogwenTs).
(6.37)
and using trigonometric identities this can then be retemitis
u(n+ 1) = w(n) cogwenTs) — ae(n) = (cosPy + cog 2wnTs) COSPy + SiN(2w:nTs) SiNy) -
(6.38)
From this equation it can be seen that the first term produsamal at the control frequency,

N @

but the three terms in brackets produce components thatrapentional to the error signal.
The first term is directly proportional to the error signalhile the second and third terms
are modulated versions of the error signal. The magnitudihefterms dependent on the
error are also proportional to the convergence coefficiengnd so will be more important
as this becomes larger in systems that adapt more quickig artalysis helps to explain the
enhancements observed in the results presented in FigBéa The effects on the control
signal can be seen from the spectrum of the sum of the squargdbktsignals during the
slow engine run-up in third gear withy = 0.01 presented in Figur&.38 From this plot it
can be seen that, although at a significantly lower level tharfirst engine order, harmonics
are present in the control signals and can be related to th@neements observed in Figure
6.35h The issue of enhancements has been briefly discussed inrtextof an engine noise
control system in39], however, no clear analysis or solution is provided. Iniglent from the
presented results and analysis that to improve the perfarenaf the controller it is necessary
to reduce the harmonics related to the error signal whilsbtaiaing a fast convergence. This
problem has previously been solved using cascading aéafitiers in [L73 and a recursive
least squares based controller &v{] leads to a similar controller, however, an alternative
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Figure 6.38: The sum of the squared control signals plotietkcibels relative to 1 volt for a
slow engine run-up in 3rd gear witly, = 0.01.

method is proposed here.

Modified Controller

To reduce the levels of enhancement produced by the stafekdtbrward controller whilst
also maintaining a fast convergence speed and high levelsrifol at the first engine order,
a modification to the standard filtered-reference LMS atborihas been implemented. This
modified controller employs a second-order Infinite ImpuRssponse (IIR) bandpass filter
at the control outputs to reduce the level of the control aigiat frequencies away from the
control frequency. The bandpass filter response has beeifisgén thez-domain as175
i—ﬁ) sz1—(1-r?)z2
1-szl+4r2z2
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where

O<r<«1 (6.40)
—2r <s< 2r, (6.41)

r is the pole radius which determines the bandwidth of the filtels determines the resonance
frequency according to

wp = cos ! ( ) . (6.42)

1+r2
This filter implementation allows the resonance frequerfdh@filter to be adapted according
to a single term and, therefore, the bandpass filter respsiadxe to track the frequency of the
first engine order and provide attenuation of the additibaaimonics produced by the standard
controller. The parameterhas been set ta®9, which gives a narrow filter bandwidth and thus
significant attenuation of the harmonics. The bandpass §fiecified according to equation
6.39also has unity gain and zero phase at its resonance freq{&nglyand, therefore, will
not modify the plant response provided that the frequeramking is accurate, although it does
introduce a group delay.

Modified Controller Performance

Figure6.39shows the performance of the modified controller during & sim-up in third gear
with a convergence coefficient af= 0.01. From this plot it can be seen that, in comparison to
the results for the standard controller, while significaomteol of the first engine order is still
achieved, the enhancement at the second order has beditaighi reduced. The fractional
orders are still somewhat enhanced, due to the limitedofblkchieved by the bandpass filter
at these frequencies. FiguetOshows the sum of the squared pressures at the first and second
engine orders before and after control and it can be seendhgiarable levels of control of the
first order are achieved compared to those presented indgB@afor the standard controller
while the second engine order is not significantly affecteidure6.41shows the performance
of the modified and standard controllers for a fast engineupirover about 45 seconds, in third
gear and it can be seen that in this case the modified comtstilleproduces enhancements at
the second engine order at a comparable magnitude to thdastbcontroller. This is a result of
the group delay introduced by the bandpass filter, howevemderstand this behaviour would
require further investigation of the modified controlleriaihwas not possible due to limited
time during the measurements.

To gain more insight in to the effect of the bandpass filtertmn dontroller performance
Figure6.42 shows the sum of the squared error sensor pressures at thenfinse order at 5
constant engine speeds when the two controllers are switmhatt = 1 sec. From these plots
it can be seen that the convergence of the algorithm doegpetato be significantly affected
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Figure 6.39: The sum of the squared error sensor presswtedin decibels relative to an
arbitrary reference level for a slow engine run-up in 3rdrgea
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Figure 6.40: The sum of the squared error sensor pressusesirgjle engine order plotted in
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by the bandpass filter and is around 20 msec at most engindsspdewever, it is difficult to
observe the effect of the bandpass filter in this experinh@atafiguration and simulations of
this modified controller would provide further insight ints operation. Also, it can be seen
that in general the maximum levels of control have been #jighduced by the modified con-
troller. The operating limitations of the modified contesllare not completely clear from the
presented results, however, the reduced performance maglated to the group delay intro-
duced by the bandpass filter and this is consistent with thgeaoable control system presented
in [173. In the formulation presented here, the bandpass filteryydeduld be compensated for
in the controller by including a duplicate of the bandpageffiin the plant modelling path,
although time did not allow this modification to be tested #rid would still reduce the speed

of convergence.
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6.3 Feedback Control of Road Noise

It has been shown in Sectiél.3that the road noise component that may benefit from active
noise control has a broadband peak between around 80 andzZL8éin the acoustic trans-
fer responses presented in Fig6ts, however, it is evident that the responses at around these
frequencies do not correspond to a single lightly dampedst@omode. Acoustic modal feed-
back control with spatial weighting has previously been tigosmployed in systems where
well defined modes produce noise problems, however, in thileeenvironment the noise
problem is due to the spectrum of noise produced by the ictierabetween the road and the
vehicle and this excites a number of acoustic modes. Thexetbe control systems inves-
tigated in Chapted, employing spatially weighted microphone and loudspeakeays, will

not be suitable for this application. The fully MIMO feedlkamontrol system investigated in
Chapter5, however, is capable of controlling the noise produced irmaiosure by multiple
uncorrelated structural excitations. Therefore, deghiéecomplexity of this control system its
performance in the small city car will be investigated usifitine simulations.

6.3.1 Offline Control Simulations

The MIMO feedback control system, employing the four carialoudspeakers and the eight
‘corner’ error microphones, has been optimised as in Ch&mecording to the optimisation:

f2

min Z trace[Go(f)W(f)Spp(f) f)GH (1)
w Fc f
+Go(f)W(F)Spp(f) + Spp(f) Gy () + Spp(f)]
subjectto o [Go(f)W(f)B(f)] <1 Vf,
and ma>{d|ag(D(f)So(f)Spp(f)S§'(f))]%<l Vi, (6.43)

where the main minimisation is of the mean square pressurdganicrophones, the first
constraint is to provide robust stability and the secondstaimt is to limit the enhancement
in the individual error sensor pressures. The frequencylwatth has been set tf = 80
and f, = 180 to target the broadband peak in the road noise measutbd small city car,
the frequency responses have been discretisdt at 513 frequencies and the control filter
lengths have been setite= 128. The filter length and resolution of the frequency dissadon
have been set to ensure an optimal solution is obtained uithonecessary computational
expense, as discussed in ChagerThe robust stability constraint has been seBtg 0.5
and the individual enhancement constraint has been s&t=to4, which gives a maximum
enhancement of 6 dB in the squared pressure at each errasph@re. The controller has
been optimised for the nominal plant measured with two fematt occupants and the primary
disturbance produced when the car is driven on the paveswdiace at 50 km/h.

Figure 6.43 shows the nominal performance of the optimised feedbackalter. From
Figure 6.43ait can be seen that the robust stability constraint has besintained, whilst

196



Figure 6.43bindicates that the enhancement constraint has not beehegkad his indicates
that the enhancements in the squared pressures at the @rophones will be less than 6 dB.
Figure6.43cshows the nominal performance of the optimised MIMO IMC fegzk controller.
That is, the sum of the squared pressures at the eight ‘¢arer microphones before and
after control, and from this plot it can be seen that the aasttion has been reduced by up to
6 dB within the targeted bandwidth, while enhancements roatitequencies above and below
the targeted bandwidth where the level of the primary digtoce is low. The change in the
cost function can be seen more clearly from Figbi43d which shows the cost function after
control plotted with reference to the cost function priorctintrol. Figure6.43dalso shows
the change in the sum of the squared pressures at all 16 rhamep in the car cabin and it
can be seen that the level of control in the targeted bantinadtout 3 dB, is not significantly
different to that achieved idy. This indicates that the control is achieved throughoutctire

cabin enclosure.

In Chapter5 the performance of the MIMO feedback controller was sinadah the non-
rigid walled rectangular enclosure and the results are showrigure5.6. This simulation
predicted a peak reduction iy of around 17 dB and an average reduction over the control
bandwidth of around 5 dB. The slight decrease in the averdjgction over the control band-
width, from 5 dB in the simulated enclosure to 3 dB in the real@bin, can be related to the
higher number of resonances in the practical car cabin. dage control of a higher number
of resonances it is necessary to increase the order of tdbdek controller. The lower peak
reduction achieved in the practical car cabin can be relat¢ie higher levels of damping of
low frequency resonances. That is, in the rectangular saothe peak reduction is achieved
at around 50 Hz where there is a strongly radiating struttesonance, such resonances do
not occur in the carefully designed practical car cabin dnekefore, the maximum levels of
reduction achievable using the active control system avero

In a practical implementation the control effort requireditive the loudspeakers is impor-
tant and this has been estimated, as in Seidr, using the measurements of the standard car
audio loudspeakers presented in Secahl Figure6.44shows the control effort required
to achieve the levels of control presented in Figb43for the feedback controller operating
while the car is driven at 50 km/h over the pave road surfdea®m this plot it can be seen
that the control effort is significantly below the limits dfe standard car audio loudspeakers,
which are capable of driving up to 1 volt without producingléidnal harmonics. This control
effort is lower than required in the engine noise controkexys which can be related to both
the lower maximum level of primary disturbance and the loleeels of control.

The results presented in Figuset3correspond to the performance of the controller when
the modelled plant response and the plant response usetirtosgpthe controller are identical
to the actual plant response. This is unrealistic and tbexeb estimate the robustness of the
performance of the controller optimised according to trempresponse measured with two
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Figure 6.43: The results of the MIMO IMC controller desigmeith a robust stability constraint
and a constraint on the enhancement in the individual eriorophone pressures in the car
cabin enclosure with two front seat occupants when drivesr tve pave road surface at 50
km/h.
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Figure 6.45: The cost functiody, calculated from the eight ‘corner’ error microphones befo
(—) and after control for the nominal plant response with fremt seat occupants—) and for
the plant responses measured with a drivej A&nd no occupants).

front seat occupants, the performance of this controller heen calculated using the plant
responses measured when only the driver is present and \wberat is unoccupied; these
results are presented in Fige&5 From this plot it can be seen that the controlled response is
not significantly affected by the changes in the plant resppwhich indicates that the designed
controller is robust to variations in the plant responseweler, it should be highlighted that
the three measured plant response conditions may not egpra® most extreme variations in
the car cabin environment that may occur in practice. Fomgit@, the plant response may be
more significantly altered by the opening of windows and ideorto implement this control
system in practice a more thorough investigation of plamtatians would be necessary, as
in [39]. If a more complete set of plant responses were measuredtiigerobust stability
constraintB could be defined based on the measured plant responses, dnpifekiis were
conducted using only the three measured plant responsesthenrealistic controller would

be produced.
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Figure 6.46: The cost function calculated from the eightrien’ error microphones after con-
trol, Jyo, plotted in decibels relative to the cost function beforetoal J, (—) for four different
driving conditions.

Since the feedback controller has also been optimised @ssiggle road noise measure-
ment it is also important to investigate how the performaotcéhe controller is affected by
changes in the primary disturbance. Therefore, the pedoom of the feedback controller op-
timised based on the pave road surface has been simulatétefother three road conditions
presented in Sectio.1.3and the results are presented in Figaré6 From this plot it can
be seen that the performance of the controller is relativelgffected by the changes in the
primary disturbance and this can be related to the relgtiwehsistent spectrum of the road
noise in the targeted bandwidth despite the changes in wofate and speed, as observed in
Section6.1.3

6.3.2 Discussion of Real-Time Implementation Requiremest

It has been shown through the offline simulations in the previsection that the MIMO IMC
feedback controller is able to achieve control of low fraggyeroad noise even through varia-
tions in both the plant responses and the disturbance sigmhlist avoiding significant levels
of enhancement. To implement the fully coupled feedbackrotier, from eight microphones
to 4 loudspeakers, requires a bank of 32 FIR filters to impiarttee control filter matrixW,
and a further bank of 32 filters to model the plant resporée'en the IMC controller formula-
tion. However, in a fixed controller implementation thestefg may be combined to form the
standard feedback control filter matik as

-1

H(jo) = — |1+ G(jaW(jo)| W(jo), (6.44)

as described in Chapté; and a single bank of 32 filters is then required. This does not
appear to be of significant computational expense, sinceidasinumber of filters would be
required in a real-time feedforward controller and at theesaampling frequency of 2.56 kHz
employed in the offline feedback control simulations, it ésgible to implement the MIMO
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feedback controller on the DSpace 1103 processing boanget4w, in the offline simulations
the delays inherent in a practical digital implementatibthe feedback controller, which will
be introduced by the anti-aliasing and reconstructionréilend the digital to analogue and
analogue to digital converters, have not been included sdleditional delays will limit the
bandwidth over which the feedback controller can be apdlie#]. This problem has been
addressed in the context of road noise control by Elliott atton in fL36] who showed that
in the SISO feedback control system considered, the oveleaik delay had to be kept below
around 1.5 ms to achieve significant levels of control.

In order to achieve levels of control comparable to thoselipted by the offline simula-
tions it will at least be necessary to operate the contrdaksyst a high sample rate in order to
keep the delay due to the digital implementation to a minimidmmplementing the controller
at a higher sample rate will increase the number of coeffisieequired in each of the FIR
filters and, therefore, significantly increase the compurtat demand. For example, although
implementing the bank of 32 FIR filters with an impulse regmof length 50 msec, as em-
ployed in the offline simulations, is possible at a sampliegifiency of 2.56 kHz on the DSpace
DS-1103 board, increasing the sampling rate to reduce tlag dele to the anti-aliasing and
reconstruction filters and converters to below 1 msec is assiple.

In order to implement the MIMO feedback controller using B®pace processing board
used in this work it seems necessary to either employ a morpuatationally efficient con-
troller implementation, for example using IIR filters insteof FIR filters, although this will
change the design procedure, or use a combined analogu@éatichplementation to achieve
the speed of an analogue controller with the flexibility ofigitdl controller. It may also be
possible to achieve similar performance without havingllg ftoupled MIMO controller. Fur-
ther investigations would be necessary to determine bathdfhow the proposed fully MIMO
feedback controller may be implemented using the currevidylable digital signal processing
capabilities and this is a recommendation for further work.

6.4 Summary

Based on the simulations in the three preceding chaptéss;thpter has investigated the prac-
tical performance and implementation of the feedforwargires noise control system and the
MIMO feedback road noise control system in a small city cahwai two-cylinder engine. A
series of measurements were conducted in the small citp carderstand the acoustic environ-
ment in the cabin. Transfer responses were measured bebeéea volume velocity source
positioned adjacent to the car audio loudspeakers andahdeastd car audio loudspeakers, and
16 microphones. The results of these measurements havencedfthat the 10% acoustic
damping assumed in the simulations presented in the precicapters was appropriate, how-
ever, it has also been highlighted that the significant I@gdiency resonances observed in the
rectangular enclosure simulations do not occur, whictk&ylito be due to the careful design
of the car’s sound package. Using the array of 16 microphaneasurements of typical engine
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and road noise have been conducted on a rolling road and aemwhdifferent road surfaces
respectively. From these results it was shown that the damiisource of engine noise is due
to the first engine order. From the results of the road noisasarements it has been shown
that two frequency regions exist where noise control isirequ a broadband peak between 80
and 180 Hz, which is due to a structural resonance; and nbamsvpeaks between 230 and
260 Hz, which are due to the tyre cavity resonance.

Using the measured transfer responses and engine noigbeatrformance of an optimal
feedforward first engine order controller has been prediaing offline simulations. Global
control of the first engine order, where the sum of the squaredsures at the ‘corner’ error
microphones is minimised, has first been simulated and tieshscof up to 20 dB have been
predicted at low frequencies. The level of control gengrdéicreases with increaseing engine
speed and these results are consistent with those preser@ddpter3. To achieve improve-
ments in the level and bandwidth of control, regional cdntnhere the sum of the squared
pressures at the headrest error microphones is minimisadaleo been simulated. These of-
fline predictions showed that the level of control at the fiass of the car cabin’s occupants
is significantly increased, as previously shown in Chaptdrowever, there is a correspond-
ing increase in the loudspeaker voltage drive levels andeabeired voltage drive levels may
cause the standard car audio loudspeakers to buzz in tteaseres and produce additional
undesirable harmonics.

Based on the offline simulations of feedforward engine nog#rol a practical real-time
control system has been designed and implemented usindi¢nedireference LMS control al-
gorithm due to its robustness and computational efficiealtiypugh it is noted that alternative
algorithms could improve the speed of convergence. To awggotential issues of employ-
ing the standard car audio loudspeakers a separate arrageefloudspeakers, including one
subwoofer unit, has been employed and the individual dgivioltages have been limited by
employing an individual control effort constraint. The fsemance of the real-time controller
has first been studied in a laboratory setup and has subgigoeen implemented in the small
city car. The implemented feedforward controller achieleetls of first engine order reduc-
tion consistent with those predicted in the offline simwlasi, however, enhancements at other
orders were also produced. These enhancements have baied itel the effective feedback
loop in the controller and are linked to the speed of adaptatiTo attempt to reduce these
enhancements a modified controller was proposed which eplosariable bandpass filter
at the control outputs in order to reduce the componentseottimtrol signal at frequencies
other than the first engine order. The performance of thisifieddcontroller has been mea-
sured and the presented results have shown that for slowesngi-ups the enhancements have
been reduced, whilst the level of first order control is l§rgeaintained. However, for faster
engine-runps the enhancements are not reduced, which éasdiated to the group delay in-
troduced by the bandpass filter. Further investigation efffoposed modified controller has
been suggested in order to fully understand its operatidrpatential performance.

The MIMO feedback controller, initially investigated in @bter5, has also been investi-
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gated through offline predictions using the measured teansEponses and road noise data.
The MIMO feedback controller has been optimised to achi@rgrol of the broadband peak
between 80 and 180 Hz and a reduction in the sum of the squenad@crophone pressures
of up to 6 dB was predicted, whilst the enhancements in thigithchl squared pressures was
kept below 6 dB. The robustness of the controller to devigtioom the nominal plant response
and disturbance spectrum were also predicted, and it hassheavn that in both cases the de-
signed controller is robust to these variations. Howevdras also been highlighted that the
considered plant variations are not expected to reprekennbst significant plant variations
that may occur in practice and a more comprehensive studjovb@urequired in practice.

Although offline simulations of the MIMO feedback controlleave predicted significant
levels of control, these simulations have not considerednabxer of practical limitations. For
example, due to its complexity it is necessary to implembatMIMO feedback controller
digitally, however, the offline predictions have not takatoiaccount the delays inherent in a
digital implementation which will limit the bandwidth of atrol. It is necessary to minimise
these delays in a practical implementation, however, tlesgmted controller cannot be im-
plemented on the currently available digital signal preoes hardware with a short enough
delay. Therefore, a number of areas of future work have beggested to allow the real-time
implementation of the proposed controller.
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Chapter 7

Active Control of Sound Reproduction
In an Automobile Cabin

In the previous chapters the active control of unwantedendige to automotive processes has
been investigated. However, as discussed in Chdptire acoustic environment in an auto-
mobile cabin is determined by both the automotive noisegs®es, such as engine and road
noise, and the audio reproduced by the car audio systemefbiney in designing the acoustic
environment it is necessary to consider both of these aspddiere are a number of areas
of sound reproduction which may benefit from active contr@timods, such as multi-point
equalisation and spatial audio reproduction, and padituktrong links between active noise
control methods and personal audio reproduction have higbhidihted in Chaptell. Personal
audio reproduction attempts to produce personalisechiigjezones and this is achieved by
driving an array of loudspeakers with an audio signal viargkha filters which are optimised
to produce the desired sound field, as shown by the blockatiagr Figure7.1

The development of personal audio systems that aim to rapeodound over a specified
region of space whilst minimising the sound reproduced lreptegions have seen a signifi-
cant amount of interest over recent years. This is due toapiel increase in both the number
of methods via which, and the number of environments withimicty media, including video,
audio and telecommunications, may be received. For exampbdile ‘phones are now in-

2w = ¢ p}

/

Figure 7.1: Block diagram of the personal audio reproductimblem in which a single chan-
nel audio signalg, is used to drive a bank of control filteM/, the output of which is used
to drive an array of loudspeakers. The control filters arénuped based on a cost function
related to the pressurep, produced at a number of locations.
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creasingly used to stream video, listen to audio, or makeovichlls L76]. Due to the desire
to create personalised listening zones, there has beenlzenafpersonal audio systems pro-
posed for different applications such as in mobile devi&&s 86] and video monitors§3],
and a review of these systems has been presented in S&&ién

In the automobile cabin environment there is also a desimapbement personalised rear
seat entertainment, in part due to the introduction of flaepadisplays 16]. Two systems to
generate personal listening zones in a car cabin have besarged in patent2¢, 17]. The
first system patented in 2002€] relies on the directivity of “planar magnetic loudspeaKer
and their interaction with the car cabin acoustic environtrtarough reflections to generate
personalised listening zones. However, the results predemthis patent show that the gener-
ation of personal sound zones is only achievable at fregegigceater than around 6 kHz. The
second system proposes using “ultrasonic speak&rd’'gr parametric array<$8p], to generate
personal listening zones in a car cabin. Although the patees not indicate the performance
of the proposed system, based on the high directivity thettgevable using parametric arrays
the proposed system is likely to provide a significant le¥gderformance. However, the high
power requirements, the need for a large number of transslacel the potential health risks
[91] may limit the practicability of this system.

The generation of personal sound zones in applications thhe the car cabin environ-
ment have successfully employed active sound control tguba that generate a desired sound
field through both constructive and destructive interfeeesbetween the sound fields produced
by an array of sources, or loudspeakers, as discussed ine€Ciaprhe most widely investi-
gated approach to generating a personal sound zone usimgagrofloudspeakers is superdi-
rective or optimal beamforming. This chapter will investig the development of a personal
audio system that allows different audio programmes to peoticed in the front and rear
seats of a car cabin environment using these optimal bearirfgrcontrol strategies.

Although a number of methods of optimising arrays for peas@udio reproduction have
been proposed, the most widely employed and investigatédotidéas been acoustic contrast
control [24]. Therefore, this method will first be reviewed and then aggalisation of acoustic
contrast control will be presented that introduces a cairgton the electrical power required
by the optimised array. Additionally, a new formulation leétacoustic contrast control strategy
with a constraint on the electrical power required by thaviddal sources will be derived.
Although acoustic contrast control provides the optimumigrenance in terms of the absolute
pressure levels reproduced in the control zones, it doesamstrain the phase of the produced
pressures and, therefore, the audio quality may be g@&hrThis has been considered irg] in
the context of a broadside array of phase-shift loudspsai@d it has been shown that the least
squares method, which is widely employed in active noisérobras in ChapteB, is capable of
defining both the magnitude and phase of the reproduced adrdlist maintaining an acoustic
contrast that is only slightly reduced compared to contrestimisation. Therefore, the least
squares method will also be detailed and formulations &f téthod with power constraints
will also be derived.
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The acoustic contrast control strategy is used here totigets the physical limitations on
generating personal listening zones using both distribated nearfield arrays in a car cabin
sized enclosure. The geometry of the considered enclosusgger than that employed in
Chapter=2, 3, 4 and5, since the personal audio measurements that are presentteel fiol-
lowing chapter were conducted in a larger vehicle due itdlahitity. Figure 7.2 shows an
overhead view of the personal audio control geometry withtrod zones at the front and rear
seating positions. The acoustic contrast control stratétiyoe compared to the least squares
optimisation method in the context of the proposed loudsprearrays.
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Figure 7.2: Plan view of the car cabin personal audio cogiegolmetry at a height of 0.9 m. for
a cabin that is 1.2 m high, with cuboid control zones in thaffimnd rear seating regions. the
cuboid control zone is defined in the vertical direction kedw 0.8 and 1.0 m.

7.1 Acoustic Contrast Control

The acoustic contrast control strategy, proposed by ChbKam [24], is based on the optimi-
sation of the source strengths of an array of sources sutththeatio of the acoustic potential
energy in a bright, or listening zone to that in a dark, or gm@e is maximised. The acoustic
contrast,C, between the bright and dark zones, depicted for a genesldgm in Figure7.3
can be expressed at a given frequency as the ratio of the m#@modulus squared pressures
in the bright and dark zones respectively, that is

c_ LoPepe _ Log"ZEZeq
LePpPo  Lsq"Z5Znq’

(7.1)

wherepg andpp are the column vectors of pressures in the bright and darkszmspectively,
g is the column vector d# source strengths in the array, afiglandZp are the(Lg x M) and
(Lp x M) matrices of acoustic transfer impedances from each elemanto each of the_g
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locations inpg andLp locations inpp respectively.

The optimisation of the source strengtfjssuch that the acoustic contrast is maximised can
be cast as a constrained quadratic optimisation in whithg is maximised with the constraint
that pH pp, is held constant with a valug. Using the method of Lagrange multipliers this gives
the function to be maximised a$717|

J =4"25Zsq-Ac(q"25Zpq- D), (7.2)

whereAc is the Lagrange multiplier and is a positive constant. Défgiating equatiory.2
with respect to the real and imaginary partqjand equating to zero leads to

Acq = [Z8Zp] " ZHZsq, (7.3)

where the optimal solution is thaf is proportional to the eigenvector corresponding to the
largest eigenvalue of the matr{ZBZD]_lzgzg, as shown by Choi and KinRg], with the
absolute value being dependent upon the constEainthis optimisation ensures that for the
defined source geometry the array maximises the soundeddiathe bright zone whilst main-
taining the level in the dark zone.

XXXX Bright Zone

Source array | Ps
q

Figure 7.3: An example of a two-dimensional acoustic cattcantrol problem&qQ].

7.1.1 Personal Audio Optimisation with an Electrical PowerConstraint

Although the acoustic contrast maximisation strategy didlesrently ensure that for a defined
source array and bright-dark zone geometry the acoustitastris maximised, for a practical
system, it does not put any constraint on the electrical poeguired to achieve that contrast.
In a practical system this may result in destruction of thedgpeakers, or an excessive elec-
trical power requirement. One method of ensuring that teetetal power required does not
become excessively large is proposed by Choi and Rdhdnd is referred to as thHaightness
problem The brightness problem is based on maximising the acopstential energy in the
bright zone subject to the constraint that the input eleakgpower, or array effort, is limited.
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Where the array effottis defined as
AE=d"q, (7.4)

and is proportional to the electrical power required to elttire array, assuming there are no
significant electroacoustic interactions between thesttacers §0]. Using the brightness
problem control strategy the optimised array will produoe maximum bright zone pressures
within the specified power constraints, however, as thame restriction on the sound field out-
side of the bright zone this method is not guaranteed to p®duvell defined personal sound
zone. It is shown by Jones and Ellio#tq that the performance of an array optimised using
the brightness problem is dependent upon the orientatidimecdirray relative to the bright and
dark zone geometry, but in general the performance is sigunifiy below that achieved using
the same array optimised using acoustic contrast control.

An alternative method of limiting the required electricaler whilst maintaining the pro-
duction of a personal listening zone has been presentedibyeshl [77] (see also178). The
proposed method aims to overcome some of the potentialgnrabassociated with the acoustic
contrast control strategy by maximising the differencedowstic energy between a dark and
bright zone rather than the ratio, whilst the electrical po¥g kept constant. This formulation
has the advantage of not requiring the calculation of thers® of any matrix, and thus avoids
the associated conditioning problem&/]. This benefit is confirmed by Elliott and Cheer
[82] by comparing the conditioning of the energy differencenfatation to the conditioning
of acoustic contrast maximisation formulated with an addél power constraint. Despite the
improved conditioning achieved by the energy differenaenfdation, it is shown by Elliotet
al [99] that the performance of the energy difference maximisationtrol strategy is identi-
cal to that achieved by acoustic contrast control with ariteiél constraint on the electrical
power. Therefore, the claims regarding increased radiaiticiency compared to acoustic
contrast control in77] appear to be unfounded. Moreover, despite the improvementmer-
ical conditioning that is achieved by the energy differefarenulation, it is shown in99] that
an indirect formulation of the acoustic contrast controatgtgy with an additional constraint
on the electrical power provides a good compromise betweariding a well conditioned so-
lution, and a formulation that allows a trade-off betweeoustic contrast and electrical power
via a parameter with a well-defined physical meaning. Tioeegfthe indirect formulation of
acoustic contrast control with an additional constraintlos electrical power defined i199]
will be used in the following investigations.

7.1.2 The Indirect Formulation of Power Constrained Contrast Maximisation

The direct formulation of acoustic contrast control hagtdescribed by equation’s2and7.3
however, as detailed if99] there is a second, indirect, formulation in which the mazetion

1in the context of active noise control considered in theieachapters of this thesis the sum of the squared
source strengths is defined as the control effort; howenehd context of active control of sound reproduction the
sources do not only perform a controlling function but alse@roduction function and, therefore, it is pertinent to
distinguish between the control effort and the array effort
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of the acoustic contrast can be formulated as a minimisgtiohlem. The indirect method of
contrast maximisation is formulated by minimisipg pp with the constraint thaps pg is held
constant with a value df, so that the Lagrangian cost function to be minimised is

J=q"28z5q+Ac(q"Z5Zzq - b), (7.5)

where the sign of the second term is the opposite of that iatéu7.2 so thathc remains a
positive constant. Differentiating equati@ib with respect to the real and imaginary parts of
q, equating to zero and assuming tEgZg is invertible yields

Neq=—[28Zs] "Z8Zoq (7.6)

Since the Lagrangian is being minimised with respeq, the solution is equal to the eigenvec-
tor corresponding to the smallest eigenvaluéZEZB] _lngD. As ZRZy is also assumed to
be invertible, however, the smallest eigenvalue of thisrina equal to the largest eigenvalue
of its inverse,[ZBZD] _125 Zg, and this formulation gives exactly the same result as trexti
formulation given above. However, when a constraint on teetecal power is introduced
the direct and indirect formulations lead to two separabaetiems and the indirect formulation
leads to solutions that are relatively well conditioned phgsically meaningful99].

In the indirect formulation of acoustic contrast controtiwa constraint on the total power,
or array effort, the aim is to minimise the mean square pressuthe dark zone with the
constraints that the mean square pressure in the brightigatgial tob and the array effort,
given by equatiory.4, is equal tacag. The Lagrangian in this case is

J=0a"28Zpq+Ac (9725 Zsq—b) +Aae (Q7q—cae) (7.7)

whereAag is the real and positive Lagrange multiplier governing theyaeffort constraint.
The differential of the Lagrangian with respect to the rew anaginary parts of], divided by
two, is then

== =ZRZpq+AcZHZsq + Mg (7.8)

Assuming once again th@k Zg is invertible this differential is zero if
A= [Z§Zs] " [ZHZp+Mael] Q. (7.9)

The optimal minimum solution is proportional to the eigertee corresponding to the smallest
eigenvalue of Z§ Zg] - [Z53Zp + Aagl ], which is the largest eigenvalue of

[ZHZ5 + Aael] ' Z52Zs. (7.10)

The acoustic contrast is independent of the numerical \@flde as discussed above, however,
in order to ensure thasy pg has the specific valuethe magnitude o§ must still be adjusted.
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Similarly, the value ol ag has to be adjusted such that the array efigty, is less than or equal
to the specified constaghe. If the value ofg™q in the unconstrained contrast maximisation
problem is less than the value ¢fg then the constraint is said to be inactive ang will be

Zero.

7.1.3 The Indirect Formulation of Contrast Maximisation with Individual Source
Power Constraints

Although not currently required here, in some applicatithresfactor limiting the performance
of the array may not be the array effort, which is related otttal electrical power required
by the array, but instead, by the individual amplifier or Ispeaker limitations. In this instance
a constraint is required that limits the electrical powegr@ied to each individual source in the
array. This process has previously been described in thiextoof feedforward active noise
control [L72] and has been employed in the practical active engine noisieat system whose
implementation is detailed in Sectid?2.2 This individual source power constraint would
be particularly useful in the context of a personal audiaain which different loudspeaker
drivers are used to cover different frequency ranges, dsally lin the car audio application in
particular.

Following the indirect formulation of acoustic contrasinto! detailed above, the con-
straint on the individual source strengths can be imposeenisyring thatgm|?, whereqy, is
the source strength of the-th secondary source, is equal to the constantor all m. This
optimisation can again be solved using the method of Lagramgjtipliers and in this case the
Lagrangian is

M
J=4"Z5Zpq+c (9" Z5Zsq—b) + > Am (om[* —ce).- (7.11)
m=1
whereA, are the real and positive Lagrange multipliers governirggMhconstraints on the

individual magnitude squared of the source strengths. Tfferehtial of this Lagrangian with
respect to the real and imaginary partqptiivided by two, is then

10
Ea—Jg = ZRZpq+AcZE Zsq+Avg, (7.12)
where

M 0O 0 0

0 A, 0 O
Av = . (7.13)

0 0 . 0

0 0 0 Ay

By setting the differential of the cost function to zero ardmranging gives

AcQ = — [Z5 Zg] - (Z5Zp +Aw]q, (7.14)
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and the optimal solution in this case is proportional to tlgemvector corresponding to the
largest eigenvalue dfZ5 Zp +)\M]71 [Z5Zg]. Once again, the acoustic contrast is indepen-
dent ofAc and this value must simply be adjusted to ensure that thereamson the sum of
the squared bright zone pressures is achieved. Howeveniparison to the optimal solution
for the cost function in which the total power is constraintte value of each\, has to be
adjusted such thatm|? is less than the constraiot for all sources. As discussed by Elliott
and Baek in the context of active noise control, this problemmuch more complicated than
finding the single value oag in the total power constraint problem detailed above arglihi

in part due to a singl&, affecting the effort supplied to each individual sourt&d).

Despite the potential complexity of this optimisation desh, due the quadratic nature of
the cost function it is convex and may be solved using thenapétion approach employed
in [156] and Chaptergl and5 of this thesis. For example, by discretsing the problem @ th
frequency domain it may be solved using sequential quadpatigramming, as described in
Section4.6 in the context of the modal feedback controller. Additidypafollowing this op-
timisation approach it is possible to design the filters, sehfrequency responses are given
by q, as FIR filters and thus constrain the solution to producsaldiiters. The use of causal
filters, as opposed to non-causal filters, avoids the use afdelimg delay which may limit the
usefulness of the designed personal audio system in a nwhapplications, such as telecom-
munications, and may also improve the audio quality by amgidhe pre-ringing that occurs
in non-causal filters implemented with a modelling deld§]]

7.2 Least Squares Optimisation

The method of least squares has been widely employed in titextcof active noise control
[33] and is detailed in the context of feedforward control int8et3.2.1 The least-squares
method has also been widely used in the context of reprodsmead [L79, 64] and has been
formulated for the personal audio problem by Simoén-Gakteal [78].

In the least squares optimisation of a personal audio sytstercoustic transfer impedances
to the bright and dark zones are combined into a new matrtk, évnensiongLt x M), of the

Zp
Z= .
[ z. ] , (7.15)

form

whereLt = Lg+ Lp is the total number of pressure evaluation positions in tighband dark
zones. The vector of pressures at trecontrol points in the bright and dark zones due to the
source strengthg of the M sources in the array is then given as

p=2aq. (7.16)

The least squares problem is then formulated by defining wvet pressurespy, which the
system aims to produce at the control points. In the conteftepersonal audio system in
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[78] the target pressures are set to zero at the dark zone mssitidhilst the target pressures
in the bright zone are set, for example, to those produceddycentre source of the array
operating in isolation. The assignment of the specific \@hfehe target pressure vector will
be dependent on both the control and source geometries Hrigkwivestigated below.

Using the vector of target pressures an error vector may fieedeas the difference be-
tween the target pressures and the actual pressures

e=pr—p. (7.17)

and by minimising this value in a least squares sense it isilplesto optimise the source
strengths g, such that the array produces an approximation of the &dgsdund field. This
can be achieved by minimising the cost function given by thm ®f the modulus squared
errors

Js=e"e (7.18)

Substituting equations.16and7.17into equation7.18and expanding gives
Js=pypr —q"Z"pr — p{Za+q"Z"2q (7.19)

Differentiating J_s with respect to the real and imaginary partsgpfequating to zero and
rearranging for the case whér > M (i.e. the overdetermined system) gives the vector of
optimal source strengths as

q=[2"z] ‘z"p;. (7.20)

From equatiory.20it can be seen that the least squares solution to the persodial problem
no longer requires the calculation of an eigenvalue proplasnwas required in the case of
acoustic contrast control. However, the personal audifopaance of an array optimised
using the least squares method will be completely deperatetite ability to define the vector
of target pressures. Although this is relatively conveniethe freefield personal audio system
in [78], this process requires further investigation in more clexproblems such as the car
audio problem investigated in the following sections.

7.2.1 Power Constrained Least Squares Optimisation

Similarly to the acoustic contrast control strategy, itlisogoossible to introduce a constraint
to the least squares optimisation problem which allows theyaeffort, or electrical power to
be limited. Constraining the array effort given by equafiofito be less than a valugg gives
the cost function for the least squares optimisation as

Js=¢e"e+ e (q'q—cae), (7.21)

whereAag is the real and positive Lagrange multiplier as defined abBe#owing the deriva-
tion of the optimal source strengths for the unconstrairmdutisen, the vector of optimal source
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strengths according to the least squares formulation engdy
q=[Z"Z+Mel] 27y, (7.22)

where the value oae has to be adjusted such that the array efgty, is less than or equal to
the specified constaoie. As in the acoustic contrast method, the effect of the powsstaint

is to regularise the matrix to be inverted and this solutias previously been employed in both
active noise controll32) (see ChapteB) and personal audi®f].

7.2.2 Least Squares Optimisation with Individual Source Pwer Constraints

In addition to limiting the overall electrical power it isteh also important in practice to limit
the individual power required by each source in the arrays dptimisation problem has been
derived in Sectior7.1.3in the context of acoustic contrast control and it will beailet! here
in the context of the least squares formulation.

The constraint on the individual source strengths can beseg by ensuring thadyy|? is
equal to the constartg for all M sources. This gives the cost function for the least squares
optimisation as

M
Js=e"e+ 3 Am(ltml*—ce), (7.23)
m=1

whereA, are the real and positive Lagrange multipliers governirggMhconstraints on the
individual magnitude squared of the source strengths.emifftiating with respect to the real
and imaginary parts of the source strength gives

q=[2"Z+x] ‘Z"py, (7.24)

The problem of choosing the values for the individual eletaerfiAy, is similar to that dis-
cussed in Sectior.1.3 which although convex may require iterative solution roeth

7.3 Physical Limits on the Generation of Personal Listeningzones
in an Automobile Cabin

The generation of personal listening zones in the car catilosure would ideally be achieved
using the standard car audio loudspeakers and, thereiimietHe additional requirements of
the system. However, from the investigations of active easntrol, particularly in Chapter
3, it is evident that the control of the sound field in an enctesa limited to low frequencies,
where the modal overlap is low. Therefore, the use of a disted array of sources, such as the
standard car audio loudspeakers, to generate persoeaitigtzones in the car cabin enclosure
is likely to also be limited to low frequencies. To understdhis limit, this section will first
investigate the potential performance of distributed yermaf sources attempting to achieve a
bright zone in the front of the car cabin sized enclosure stkithieving a dark zone in the rear
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and vice versa. Subsequently, the performance of smalfsanfloudspeakers positioned in
close proximity to the car cabin’s occupants’ heads wilbdie investigated, to increase the
high frequency performance.

The geometry of the personal audio problem was presenteigjime~.2 The dimensions
of the enclosure have been specified to be representativee ¢fdrd S-max vehicle that will
be employed for the measurement and implementation studjletein the following chapter.
The front and rear control zones used in the simulationsepted in the following sections are
each defined by a three-dimensional grid of 135 microphoneslhedistributed throughout the
cuboid control zones as shown in Figtd. The inter-microphone separation is 10 cm in each
co-ordinate direction. In a practical implementation,ugdg the number of microphones in
the control zones may result in zones of control localisediad the microphones, as in active
noise control $4]; however, in contrast to an active noise control systera,p@rsonal audio
system does not require the microphones in the real-timkimgntation and, therefore, the use
of a large number of microphones to optimise the system rhgps, not unreasonable. In the
first instance it was considered more important to investigaparating the audio reproduction
for the front and back seats rather than between the leftightltand sides of the car.

Figure 7.4: Rectangular enclosure showing the enclosunerdiions and the positions of the
pressure evaluations in the frome¢) and rear (black) control zones.

7.3.1 The Performance of Distributed Loudspeaker Arrays

Previous work has investigated the effect of rooms, or excks on the performance of per-
sonal audio systems by considering the enclosure’s cattitib to the sound field as a dif-
fuse field B2]. Although this is a reasonable approximation at frequemgjreater than the
Schroeder frequency, this approximation will not be vatidha low frequencies where a dis-
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tributed array may achieve control. The performance of agral audio system employing
optimal beamforming in a modal sound field has been inveastigan [L0QJ using the bright-
ness maximisation control strategy discussed above amtiloed by Choi and KimZ24]. This
investigation is limited to the consideration of a singkeguency excitation and, therefore, does
not provide any insight into how the acoustic environmefea$ the operating frequency range
of the personal audio system. Additionally, no investigatf the effect of the enclosure on the
power requirements has been presented. Therefore, theriiof) section will investigate how
the performance and power requirements of distributed/suaee affected by the modal sound
field. This investigation will be achieved using the weakbupled, or rigid walled modal
model detailed in Chapt@since the computational demand is significantly reducedoeoed

to the fully coupled model. Although structural-acoustaupling may be significant in a car
cabin environment, as discussed in Chagter has been shown in Chaptethat feedforward
active noise control is largely unaffected by structui@sstic coupling and, therefore, due
to the similarity in operation, personal audio performaixealso not expected to be signifi-
cantly affected; this has been confirmed in AppentiXhe acoustic sources in the array will
be modelled as monopoles, as in the active noise controstigetions, since this provides a
reasonable model of practical loudspeakers at low fredqesifi€3] and the enclosure has been
modelled using 4420 acoustic modes, which includes suificieodes to accurately model the
enclosure up to about 1.2 kHz.

An array of corner sources

The ability of an acoustic source to achieve global contfahe sound field in an enclosure
can be related to how the source couples into the acoustiesnad discussed in the context of
active noise control in Chapt8 For example, if the acoustic source is positioned on thahod
line of a particular acoustic mode then the sound field rdl&dethat acoustic mode will not
be controllable. By positioning monopole sources in theem of a rectangular enclosure, as
shown in Figurer .5, the distributed array of sources is able to couple in tofahe enclosure’s
acoustic modes. The ability of this distributed array to mage the acoustic contrast between
the two control zones, also shown in Figutd, has been simulated by optimising the eight
source strengths using the unconstrained acoustic cootagol strategy given by equation
7.6 with the array both in the rigid walled rectangular enclesand in the freefield. Figure
7.6 shows the resulting acoustic contrast and array effortértwlo acoustic environments, for
two control scenarios where the bright zone is either pladde front control zone or the rear
control zone.

From Figure7.6ait can be seen that in the freefield the acoustic contrast fin tantrol
scenarios is between around 30 and 35 dB at very low freqeerand then begins to roll-
off with increasing frequency. The performance of the adags not roll-off constantly with
frequency. However, due to the complex source and sensonajepof the optimised system
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Figure 7.5: Rectangular enclosure showing the positionthe@torner monopole sources (in-
dicated by rectangles) and the frontd) and rear ¢rey) control zones.

it is difficult to relate this roll-off characteristic to orgarticular parameter as is possible, for
example, for simple end-fir8(] or broadside arraysr/B]. It can be seen from comparing the
red and black lines in Figuré.6athat, in general, the acoustic contrast is slightly loweewh
producing a front bright zone than when producing a reahbégne. This can be related to the
slightly closer proximity of the control sources to the reantrol zone than to the front control
zone and, therefore, the lower source strengths requirptbthuce the desired average bright
zone pressure. From the general trend which is observedaftbrdontrol scenarios, the results
show that as the wavelength of the radiated sound gets ghitneegeneration of two distinct
listening zones becomes more difficult and this can be rblatdoth the physical separation
between the sources as well as the relative separation arwigmtation of the control zones.

Figure7.6bshows the corresponding array effort required to achiegetioustic contrast
levels presented in Figuig6a The array effort is plotted in decibels relative to the petort
required to produce the same average bright zone press@me dviving all of the sources in
phase. From the freefield results shown in this plot a gertieratl can again be observed for
both control scenarios. Atfrequencies below around 50 Eathay effort is relatively constant
at around 33 dB when producing a front bright zone and 38 dBnwiteducing a rear bright
zone. At frequencies greater than 50 Hz the array effort th bases begins to roll-off as the
array becomes less self-cancelling.

Despite the difficulty in understanding the details of thggital limits on the control sys-
tem performance in the freefield, these results can stilslee to provide a reference for under-
standing the physical effects introduced by employing th&rol system in the enclosure. The
acoustic contrast performance of the system optimiseceieticlosure is shown by the dashed
lines in Figure7.6afor the two control scenarios. From this comparison it caisden that at
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Figure 7.6: Acoustic contrast and array effort plotted asnation of frequency for the array of
eight sources positioned in the corners of the car cabim seetangular enclosure or freefield
region. The array effort is plotted in decibels relativehe array effort required to produce the
same average bright zone pressure when driving all soungasaise. The performance of the
array is shown in both the freefield (solid lines) and in adigialled enclosure (dashed lines)
for two control scenarios, where the bright zone is definegithgr the front control zonedd
lines) or the rear control zone (black lines).
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frequencies below 100 Hz, where the response is dominata@dliwdual acoustic modes, the
performance of the array is reduced by the effect of the sncéo This reduction in perfor-
mance is due to the mode shapes of the compliari),6r0), acoustic mode, thel, 0,0) mode

at 57 Hz and th€0, 1,0) mode at 95 Hz which dominate the acoustic response at thededo
quencies. In order to produce a bright front and dark reaezonvice versa, the array must
work against the natural response of the enclosure anddsists in a reduced performance
and arise in the array effort at low frequencies, as showngarE 7.6h At higher frequencies
the acoustic contrast performance in the enclosure is nasreds/than in the freefield, although
the performance of the array is largely increased. This gain@e related to the control geom-
etry and the relative spatial properties of the enclosuressles where, in this case, the modal
response tends to allow an increase in the performance arthg. It can be seen from the
array effort plot in FiguréZ.6bthat at frequencies where the acoustic response of thesemelo
is not dominated by the compliant acoustic mode, the arfayte$ generally lower than in the
freefield, and towards the upper limit of the frequency rapgesented the array effort in the
enclosure and freefield are very similar.

Car Audio Source Array

In a practical implementation in a car cabin, it will not bespible to position the loudspeaker
array to couple so effectively with a large number of the esigte’s acoustic modes. Therefore,
itis important investigate the effects of positioning thag of sources at the nominal car audio
loudspeaker positions, as employed throughout the eaHegsters of this thesis. The positions
of the four car audio loudspeakers in the rectangular ensdoare shown in Figuré.7 along
with the control zone geometry. Figuve8 shows the optimised performance of the car audio
loudspeakers in both the freefield and the rigid walled enaie for the two control scenarios.
Figure 7.8ashows the acoustic contrast achieved by the car audio saarag when op-
timised to produce either a front bright zone or a rear brighite. From these plots it can be
seen that in the freefield the acoustic contrast in both obatenarios is lower than achieved
using the corner source array, which can be related to thdeuof sources in the array, their
relative positioning and their positioning relative to tbentrol zones. However, it can also
be seen that the performance of the array does not beginltoffaintil above around 200 Hz
in both control scenarios, which is an increase comparetidaorner source array and can
be related to the closer proximity of the sources to the cbawnes. It is also interesting to
highlight that the car audio array achieves a significaritiér level of acoustic contrast when
producing a front bright zone than when producing a reahbigne, which is opposite to the
result observed for the corner source array. This effectearelated to the relative positions
of the sources to the two control zones in each of the arraysthé car audio source array the
average distance between the sources and the front contrelig significantly less than the
average distance between the sources and the rear commlvebereas for the corner source
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Figure 7.7: Rectangular enclosure showing the positiorthefcar audio monopole sources
(indicated by rectangles) and the frore@ and rear grey) control zones.

array there is a slightly smaller average distance to threc@rol zone than to the front control
zone.

Figure7.8bshows the corresponding array effort required to achiegetioustic contrast
performance presented in Figure8a The array effort is again plotted in decibels relative to
the array effort required to produce the same average brigme pressure when driving all
sources in-phase. From the freefield results shown in tlisiptan be seen that the array
effort is significantly lower than that required by the carseurce array, which can be related
to the closer proximity of the sources to the control zonesweélser, the required array effort
follows a similar trend to that required by the corner arthgt is, at frequencies below around
50 Hz the array effort is relatively constant for both cohtwenarios and at frequencies above
around 50 Hz the array effort begins to roll-off as the arragdimes less capable of producing
the specified bright and dark zones.

Figure7.8ashows the effect of the rigid walled enclosure on the acoustntrast perfor-
mance achieved using the car audio source array. It can belssehe effect of the enclosure
on the contrast performance at frequencies below the fingfitiedinal acoustic mode is not as
significant as was observed for the corner source array diadtithe performance is increased
when producing a rear bright zone. This can be related to @heagdio sources not being
symmetrically distributed and, therefore, not all couglinto the acoustic modes identically.
At higher frequencies the performance of the car audio arrdlge enclosure is more varied
than in the freefield and the array is unable to achieve afsignt level of acoustic contrast
at frequencies greater than around 200 Hz for a front brighezand 120 Hz for a rear bright
zone. This limit is consistent with the limit of active noisentrol in an enclosure as detailed
in Chapter3 and can be related to the array not coupling with a sufficiemtlmer of acoustic
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Figure 7.8: Acoustic contrast and array effort plotted asrection of frequency for the array
of four sources positioned at the standard car audio loadspeositions in the car cabin sized
rectangular enclosure or freefield region. The array effopiotted in decibels relative to the
array effort required to produce the same average brighe pogssure when driving all sources
in phase. The performance of the array is shown in both tleiéld (solid lines) and in a rigid
walled enclosure (dashed lines) for two control scenarig®re the bright zone is defined as
either the front control zoneddlines) or the rear control zone (black lines).

221



modes to achieve effective sound field control.

The effect of the enclosure on the required array effort shimFigure7.8bis consistent
with that shown for the corner source array. At frequenclesva around 200 Hz, where the
performance of the array is limited, the array effort in theefield and the enclosure are very
similar, while at very low frequencies the required arrafpifrises significantly due to the
compliant acoustic mode. Atintermediate frequenciesathay effort required in the enclosure
is below that required in the freefield.

7.3.2 The Performance of Nearfield Loudspeaker Arrays

From the results presented in the previous section it has sfe@vn that at higher frequencies,
where the number of dominant acoustic modes is large, thergeéon of personal listening
zones using a distributed array of loudspeakers is notlfleasThis performance limit is con-
sistent with the high frequency limit on active noise cohttging a distributed array of sources,
such as the car audio loudspeakers and, therefore, to gectiea bandwidth of control it is nec-
essary to introduce additional loudspeakers close to theatan's occupants’ heads, as in the
case of local active noise contrdl§(Q. Although there may be a frequency range over which
these loudpseakers operate in the modal region of the car eablosure’s response, due to
their proximity to the control zones, at higher frequendhesresponses will be dominated by
the direct sound from the arrays and, therefore, it is ressento neglect the indirect sound
due to the enclosure acoustics and use the freefield modeldstigate the performance of the
array. This approach has previously been employed in theexbaof local active noise con-
trol [180 and for personal audio systen®l] and it has been shown that the use of freefield
acoustic monopole models provides a convenient and effigiethod of investigating personal
audio systems with simulation predictions that providefulsguidance with respect to practi-
cal implementationsg3l, 80]. Therefore, the freefield monopole model will be used alsidg
the modal model to investigate the performance of arraysufcgs positioned in the nearfield
of the car cabin’s occupants’ heads. However, it should la¢gsbighlighted that although the
contributions from the room may be negligible, the effedtslgects in close proximity to the
arrays may have a significant effect on the performance oattay. This has been shown in
the context of a personal audio headrest by Jones and Elli®l}, a personal audio system
for implementation on a video monitor by Chaapal [87] and a personal audio system in a
mobile device by Cheegt al [86]. These effects may be modelled using boundary element or
finite element numerical modelling methods, but the contpral complexity of employing
such methods is high and it is therefore difficult to convetijeinvestigate a number of control
geometries. Therefore, these effects will be neglecteldigititial numerical investigation.

Compact Arrays

In order to generate independent listening zones in the &od rear seating areas of the car
cabin, it is necessary to use a number of sources in closénitgxo the control zones. From
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previous work it has been shown that the use of a compact eralfiay allows a significant
acoustic contrast to be achieved whilst employing a smidlyasf loudspeakers. This is impor-
tant in the car cabin application since mounting large arc@gse to the occupants heads may
be impracticable due to crash safety and restricting thedsivision. Therefore, based on the
results of the previous work described above, the controhggry presented in Figuig9will

be investigated. The control system consists of four twaem endfire arrays each mounted
at the centre of the occupants’ head positions with an sderce separation of 4 cm, which is
consistent with the previous work i8(Q]. The contrast is maximised by allowing independent
control of each of the eight individual sources within theagr

L5t T T
0.57 um um

0 0.5 1 1.5 2 2.5 3

[um—

Figure 7.9: Plan view of the rectangular enclosure showiegbsitions of the four two-source
compact source arrays (indicated by rectangles) and tmt fred) and rear ¢rey) control
zones.

Figure7.10shows the acoustic contrast and array effort accordingetobdal and freefield
simulations for the two control scenarios. The modal sitis are presented up to 1.2 kHz
using 4420 acoustic modes, while the freefield simulaticessaown up to 10 kHz. From
the acoustic contrast results in the freefield it can be de&nit both control scenarios high
levels of acoustic contrast performance are achieved afremuencies. The acoustic contrast
gradually reduces with increasing frequency and rollsepite rapidly from around 200 Hz.
This is significantly lower than the high frequency limit pi@usly observed for the two-source
compact array with an inter-source separation of 48€f however, the employed array in this
case is not a simple two-source array operating in isolaiwh therefore the roll-off charac-
teristic is significantly more complicated. Despite thifi-aff it can be seen that an acoustic
contrast greater than 10 dB is still achieved at 10 kHz fohleointrol scenarios. This acoustic
contrast would provide subjectively acceptable perforreaaccording to the work presented
in [23] and acceptable levels of performance under certain dpgratenarios according to
[70]. However, it is important to reiterate that the presenietutation results are likely to be
quite inaccurate at higher frequencies since the praatitatts such as the directivity of the
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individual loudspeakers and baffling due to headrests dreamsidered.
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Figure 7.10: Acoustic contrast and array effort plotted &sation of frequency for the array
of four two-source compact arrays positioned at the cerieach of the four headrest positions
in the car cabin sized rectangular enclosure or freefieltbnegThe array effort is plotted in
decibels relative to the array effort required to produaegshame average bright zone pressure
when driving all sources in phase. The performance of theyasrshown in both the freefield
(solid lines) and in a rigid walled enclosure (dashed lifesjwo control scenarios, where the
bright zone is defined as either the front control zarel (ines) or the rear control zone (black
lines).

Figure7.10aalso shows the performance of the four two-source compeayssimulated
in the rigid walled enclosure using the modal model. Frons¢hesults it can be seen that in
both control scenarios the acoustic contrast at frequsa®w around 500 Hz is significantly
below that predicted according to the freefield simulatidhewever, it appears that as the fre-
quency increases the results of the models converge to Esipnédicted performance. This
behaviour can also be seen in the array effort results preém Figure7.10h where signif-
icant differences are observed between the freefield ancdinsodulations at low frequencies
but reasonably consistent results are shown as the modsitydarcreases.
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Broadside Arrays

The use of the compact array geometry presented in Fig@eay provide significant lev-
els of acoustic contrast control, but, if only a single tveaise compact array is employed at
each headrest position, then the reproduction of two-atlesiareo audio programmes will not
be possible. Although the reproduction of two-channelestewill not be considered in detail
in this work, due to the added complexities, it is importamconsider this future develop-
ment. The reproduction of a two-channel stereo programmeadt listening position may be
achieved by employing a two-source compact array at eaeto$igach headrest, however, this
results in an array of 16 loudspeakers, which significamity@ases the cost of implementing
the system. Therefore, it is interesting to investigateatt@ustic contrast performance achiev-
able using an array consisting of a single source positi@exhch side of each headrest and
this geometry is shown in Figuigé1l

L5t 'i 20 cm
| ]
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0.5r L]
| ]
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Figure 7.11: Plan view of the rectangular enclosure showlimgpositions of the four two-
source broadside source arrays (indicated by rectanghes}hee front (ed and rear ¢rey)
control zones.

The acoustic contrast and array effort for the array gegnmesented in Figuré.11lare
presented in Figurg.12for the freefield and modal simulations. From the acoustittrest
plot presented in Figur@.12ait can be seen that in the freefield the proposed array geome-
try achieves lower levels of acoustic contrast than the faarsource compact arrays in both
control configurations. At around 100 Hz the high levels af lvequency contrast begin to
roll-off and at frequencies above around 1 kHz the acoustitrast is between 10 and 15 dB
in both control scenarios. From the freefield array effosults presented in Figuré12bit is
interesting to note that a significantly lower array eff@rtréquired, particularly at lower fre-
guencies, than in the compact array system. This can beddiathe strongly self-cancelling
nature of the compact array8(, 99].

As in the compact array simulation results presented inr€igLLQ, the effect of the enclo-
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Figure 7.12: Acoustic contrast and array effort plotted &sation of frequency for the array
of four broadside arrays each employing tmonopolesources positioned at the sides of each
of the four headrest positions in the car cabin sized reclangnclosure or freefield region.
The array effort is plotted in decibels relative to the areffprt required to produce the same
average bright zone pressure when driving all sources isghBhe performance of the array
is shown in both the freefield (solid lines) and in a rigid wdlenclosure (dashed lines) for two
control scenarios, where the bright zone is defined as ditleefront control zoneréd lines)

or the rear control zone (black lines).
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sure on the performance of the array geometry presentedyurd=i.11is to reduce the pre-
dicted acoustic contrast at low frequencies compared tiréledield simulations. Compared to
the acoustic contrast performance of the four two-sourogpaet arrays in the enclosure, it can
be seen that a lower acoustic contrast is largely achievelebgrray presented in Figurell
The array effort for the four two-source broadside arraysshin Figure7.12bis significantly
greater in the enclosure compared to the freefield at freziegelow around 70 Hz. However,
in a practical implementation this array is unlikely to bedst such low frequencies.

Broadside Arrays of Hypercardioid Sources

Although the performance of the broadside array of loudsgrsa as shown in Figurg.1l, is
able to achieve significant levels of acoustic contraststhailso providing the future compati-
bility for a stereo audio system, the performance of theesyss lower than that achieved by
the array of four two-source compact arrays. The performarfiche compact arrays may be
combined with the potential stereo functionality of the ditside arrays by using eight two-
source compact arrays, one positioned at either side of lesatirest. However, this would
require 16 headrest loudspeakers. Previous work by th@a[88] has investigated employ-
ing phase-shift loudspeaker8?] to achieve a directional source using a single loudspeaker
This is achieved by employing an enclosure with a rear oggininvhich a resistive material is
placed. By specifying the dimensions of the enclosure aaddhr opening, and the resistive
and compliant properties of the material covering the rgeming, the directivity response
of the phase-shift loudspeaker can be altered. If the pslaifieloudspeakers’ directivity is
tuned suitably, then it may be possible to combine the benefithe compact and broadside
arrays described in the previous sections. That is, theehigbntrast performance achieved
by the compact arrays may be achievable whilst allowing @ibure stereo functionality and
whilst only using eight loudspeakers. The use of phase-khitispeakers in arrays has been
investigated in§4, 78].

The directivities of the compact two-source arrays ingedéd above are a complex func-
tion of both frequency and position and, therefore, it is featsible to attempt to design a
phase-shift loudspeaker with these directivities. Howawneprevious work it has been shown
that, when attempting to produce a bright zone at a singlet pahilst minimising the radi-
ated sound power, the optimum directivity of a two-sourcdfiea array is a hypercardioid
[80]. The use of hypercardioid-like phase-shift loudspeakeen array has been successfully
demonstrated in78] and, therefore, the use of hypercardioid sources will bestigated here
for the car audio application.

Simulations of the broadside headrest array geometry piexsén Figure7.11have been
calculated when the individual sources have hypercardiogttivities given by

Directivity (6, @) = 0.25+ 0.75 cosH cos, (7.25)

where8 is the horizontal angle anglis the vertical angle with respect to the look-direction of
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the sources. Figuré.13shows the acoustic contrast and array effort for the arrdyypércar-
dioid sources optimised for the two control scenarios infteefield and modal environments.
From the acoustic contrast plot in Figurel3ait can be seen that in the freefield simulations
at frequencies below around 200 Hz the performance of tlag aptimised to produce a front
bright zone has not been significantly altered comparedddthadside array simulation re-
sults presented in Figuré12a however, the performance of the array when producing a rear
bright zone has been reduced by around 8 dB. The performédnite dypercardioid array

in the enclosure is not significantly different from the penfiance of the monopole array, al-
though there are some significant variations in the arrayrteffhich appear to be related to
conditioning problems (see Secti@ below).

At higher frequencies it can be seen from comparing Figdré2aand 7.13athat the
performance of the array has been increased when produdimigta front zone using the
hypercardioid sources as opposed to the monopole sourcegevdr, the use of the hypercar-
dioid sources has slightly reduced the performance of thay attempting to produce a rear
bright zone. The corresponding array effort requiremehteehypercardioid source array are
presented in Figurg@.13band it can be seen that they have not been significantly atfdny
the use of hypercardioid sources.

From the results presented in Figutd3it can be seen that, in this case, the use of hy-
percardioid sources does not appear to have a significaahtaye over employing monopole
sources. In practice neither closed-back or phase-shiftsipeakers will maintain the respec-
tively assumed monopole or hypercardioid directivitiegrothe full audio bandwidth. The
simulations presented here therefore provide limitedyhmsinto the practical performance of
these arrays, particularly at higher frequencies whereetfeets of finite-sized sources and
baffling will significantly affect the source direcitivtig86]. Based on the experience gained
from previous practical work93, 84, 78, 86] the phase-shift loudspeakers will be employed
in the practical investigation presented in the followidgpter and will be considered in the
following numerical investigation of the personal audimtrol strategies.

7.4 Numerical Investigation of Personal Audio Control Straegies

The previous section has investigated the physical linmitgenerating personal listening zones
within a car cabin enclosure. In a practical system thereals® limits imposed by the em-
ployed control strategy. For instance, although the atmushtrast control method, detailed in
Section7.1, will achieve the maximum levels of acoustic contrast befwthe bright and dark
zones, it may also limit the audio quality§]. This problem may be avoided by employing the
least squares optimisation method detailed in Sedti@ras shown inT8] in the context of a
broadside array of phase-shift loudspeakers.78} fhe acoustic contrast performance of the
array is not significantly reduced by employing the leastsesl method compared to acoustic
contrast control and itis reported that the audio qualitgnisroved. Therefore, this section will
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Figure 7.13: Acoustic contrast and array effort plotted asation of frequency for the array
of four broadside arrays each employing tigpercardioidsources positioned at the sides of
each of the four headrest positions in the car cabin size@mgualar enclosure or freefield
region. The array effort is plotted in decibels relativehe array effort required to produce the
same average bright zone pressure when driving all soungasaise. The performance of the
array is shown in both the freefield (solid lines) and in adigialled enclosure (dashed lines)
for two control scenarios, where the bright zone is definegithgr the front control zonedd
lines) or the rear control zone (black lines).
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compare the performance predicted according to the leaatas|optimisation to that predicted
according to acoustic contrast control for the car audia$peaker array shown in Figurer7
and the broadside headrest array employing hypercardioictes shown in Figuré.11

7.4.1 Least Squares Optimisation Target Criterion

As detailed in Sectior7.2, to optimise the signals driving the arrays using the legaares
optimisation it is necessary to define a vector of targetsuies. In the context of the broadside
loudspeaker array irn7g], the target pressures were set to zero at the dark zonegpssénd
for the bright zone positions were defined as the pressucehiped by the loudspeaker at the
centre of the array being driven alone. This choice of brigirte target pressures represents
the sound field that would be produced by the standard loa#tepesystem. In the car audio
system, assuming the audio programme to be reproduced ig, ith@ntargeted sound field can
be defined following the same principle. For the distributadispeaker arrays the bright zone
target pressures will be defined as the pressures produdled bright zone when the sources
in the array are driven in-phase. The bright zone targetspres for the optimisation of the
nearfield arrays will, however, be defined as the pressuuped in the bright zone when
the sources in the four sources in the nearfield of the bright are driven in-phase. These
definitions of the bright zone target pressures ensure ligapptimised arrays do not attempt
to compensate for the positions of the loudspeakers andfirersignificantly limit the level
of acoustic contrast. This would occur, for example, if thightt zone target pressures were
set as the pressures produced by the car audio loudspeaiens id-phase, regardless of the
array used for personal audio reproduction.

7.4.2 Numerical Conditioning

In computing problems, such as optimisation, ill-condiii@y may describe any computation
whose output values are very sensitive to small change®imgut data and, therefore, in the
presence of small errors or perturbations an ill-condé@tproblem may produce highly inac-
curate results. The effects of ill-conditioning have beensidered in the context of personal
audio systems in a number of publicatioi®2,[84, 99] and more generally in the context of
sound field reconstructiod82 183. It has been shown that when the optimisation problem is
not well conditioned it is susceptible to uncertaintieshia transfer response®Z, 99 and in a
practical implementation this significantly limits the f@mance of the array, where transfer
response uncertainties are easily produced by variatiotigeiacoustic environment, for exam-
ple. A comparison between the conditioning of the acoustitrast and least squares solutions
has been presented i84] in the context of a broadside array of phase-shift loudspesa and

it was shown that the two control strategies were similargllwonditioned. However, the
conditioning is dependent on the defined system and theréferconditioning of the acoustic
contrast control and least squares optimisation will bepamed in the context of the car cabin
personal audio system.
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The conditioning of a matrix may be considered with respedatither the calculation of
the inverse of the matrix or the calculation of its eigenealuln the acoustic contrast control
strategy it is necessary to perform both matrix inversiod eigenvalue calculation, while in
the least squares optimisation only matrix inversion isiregl. The methods of calculating
the conditioning with respect to both matrix inversion ahé tigenvalue problem will be
defined here for use in the following comparison of acoustittiast control and least squares
optimisation.

The condition number of a symmetric matrix with respectgariverse is given by the ratio
of its largest g, to its smallest singular valueg, which is [184)],

(7.26)

Py
I
Q1 Q]

A large condition number compared to unity indicates thatrttatrix is close to singular and,
therefore, the matrix is said to be ill-conditioned and drabrs in the elements of the matrix
to be inverted will produce large changes in the solution.

The effect of perturbations in the elements of a matrix oriiggnvalues may be described
by the Wilkinson number of the matrid84]. The Wilkinson number corresponding to theh
eigenvalue of the matriA is given by [L85, 186]

S(}\n) = \y,ﬁ'xn!, (7-27)

wherex, andy,, are the left and right eigenvectors corresponding totlieeigenvalue, where
[[Xn||2 = ||Yn]|2 = 1 and satisfy the equations

AX = AX,
yrA= Ay, (7.28)

whereA is a square Hermitian matrix. For a non-defective ma&jwhich has a compete
set of linearly independent eigenvectos§)) is equal to unity, but, for a defective matrix it
is necessary to use the Jordan decomposition|ytx] is not necessarily equal to unity. The
Wilkinson number is the cosine of the angle between the feftraght eigenvectors associated
with the eigenvalue),, and is the reciprocal of theigenvalue condition numbéi85. For

a perturbation of ordeg, the perturbation in the eigenvaluk,, can be roughly related to the
Wilkinson number by the value/s(A,) [185. Therefore, if the Wilkinson number is small
compared to unity the problem is ill-conditioned and smaltprbations in the elements of the
matrix will produce disproportionately large perturbatdn the calculated eigenvalues.
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7.4.3 Comparison of Acoustic Contrast and Least Squares Camol Strategies
Car Audio Source Array

It has been shown through simulations in the previous settiat the car audio loudspeaker
array in the car cabin sized rectangular enclosure is onqigitda of achieving significant levels
of acoustic contrast at low frequencies. The performanctkeoérray optimised using both the
acoustic contrast control and least squares optimisatethods has been calculated using the
modal model of the rigid walled rectangular enclosure. Tigasure has again been modelled
using 4420 acoustic modes, which includes sufficient maales¢urately model the enclosure
response up to about 1.2 kHz. The acoustic contrast and efifiay are shown in Figur&.14
for the two optimisation methods when the four source arsayptimised to produce a bright
front zone and a dark rear zone; the reverse listening caafign shows similar results and,
therefore, these are not presented.

From Figure7.14ait can be seen that the least squares solution achieves adowestic
contrast than the acoustic contrast control strategy quaatily at around 100 Hz. Although
the acoustic contrast control strategy, by definition, es the maximum acoustic contrast
possible for the defined control geometry and array conftgurait is possible for the array
optimised using the least squares method to achieve a vailaslevel of contrast depending
on the definition of the target pressure vector. It can be §®en Figure7.14athat at low
frequencies, below around 120 Hz, the least squares systahid to achieve levels of acous-
tic contrast greater than around 11 dB, which is reportedréoige adequate separation for
personal listening zones according 8], From Figure7.14bit can be seen that the array
effort required by the least squares system is also redumegbared to the acoustic contrast
controlled system at frequencies below around 150 Hz.

The significant reductions in the array effort required by last squares optimised array
at low frequencies for relatively small reductions in thewstic contrast performance can be
related to the trade-off between the acoustic contrast emag affort. Figure7.15shows this
trade-off for the case when the power constrained acoustitast solution, given by equation
7.9 has been calculated at discrete frequencies with an siageaonstraint on the array effort.
From this plot can be seen that at 50 Hz, for example, to aehaesontrast of around 24 dB
requires an effort of around-4 dB, while increasing the acoustic contrast by 6 dB requires
a 13 dB increase in the array effort. Conversely, at 100 Haiit loe seen that a significant
increase in acoustic contrast performance is achieved $onal increase in the array effort.
This trade-off behaviour has previously been reportedénctintext of compact arrays ia9.

A great deal of insight into the practical robustness of {hitngised personal audio systems
can be gained from investigating the conditioning of thewlaltions, as discussed above. In
the acoustic contrast control strategy it is necessaryverirthe matrixZ5Zp, while in the
least squares solution the inverseZbfZ must be calculated. Figug16shows the condition
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Figure 7.14: Acoustic contrast and array effort plotted asation of frequency for the array
of four sources positioned at the standard car audio loadtgpepositions in the car cabin
sized rectangular enclosure. The array effort is plottedeicibels relative to the array effort
required to produce the same average bright zone pressuae dviving all sources in phase.
The performance of the array optimised using both acoustitrast maximisation (—) and
least squares optimisation-) are shown.
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Figure 7.15: The trade-off between the array effort and ttwustic contrast achieved when
using the power constrained acoustic contrast contrdiegfyefor the car audio source array.
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Figure 7.16: The condition numbaex, with respect to the inversion of tt# Z, matrix for the
acoustic contrast maximisation method (—) and ZW&Z matrix for the least squares optimi-
sation method-(-) for the car audio source array.

number with respect to matrix inversion for these matridesan be seen that the condition
number for the least squares solution is significantly lothen that for the acoustic contrast
solution throughout the presented frequency range. Therelifce in the condition numbers is
most significant at low frequencies, where it has been shbanthere is a significant differ-
ence between the array efforts required by each solutior.r@sults presented in Figurel6
indicate that the least squares solution is better com#iidhan the acoustic contrast control
strategy and, therefore, will be less susceptible to trereand uncertainties that will occur in
a practical system. If the array effort in the acoustic castticontrol strategy is limited to the
levels required by the least squares solution then it isiplest improve the conditioning of
this problem, as the array effort constraint acts to regadathe matrix to be inverted. How-
ever, this will not necessarily improve the audio qualityttod system. For example, i@§]
despite the similar levels of array effort required by the tsolutions, it is reported that the
least squares solution still achieves a higher level of@aqdality.

In the acoustic contrast control strategy it is also necgdsacalculate the eigenvalues of
the matrix [ZBZD] _lZE‘ZB and this calculation is also susceptible to conditioningbfems.
Therefore, although the results presented in Figui® show a significant advantage in em-
ploying the least squares method, it is also interestin@licutate the Wilkinson number given
by equation7.27, which describes the conditioning of the eigenvalues of &iraal he Wilkin-
son numbers of the matri%ZBZDrlZEZB are presented in Figurg.17 for the car audio
source array. A well conditioned eigenvalue is indicatedhyilkinson number close to unity
and, therefore, from this plot it can be seen that there majgmificant numerical problems at
low frequencies.
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Figure 7.17: The Wilkinson numbers for the matf&iZp] *ZH Zs for the car audio source
array.

Broadside Arrays of Hypercardioid Sources

Although the simulations of the car audio array in the englesndicate significant levels of
acoustic contrast at low frequencies, to achieve perfocmat higher frequencies it is nec-
essary to employ an array of sources in the nearfield of thelistening zones, such as in
Figure7.11 It is interesting to compare the performance of this armapleying hypercar-
dioid sources when it is optimised using either the acoustitrast or least squares strategies.
Although the physical limits of this array have been consdeusing both the modal and
freefield models in Section.3 the freefield model will be employed here since the diffeeen
in performance and conditioning between the two contraltsgies is not significantly affected
by the acoustic environment at higher frequencies.

Figure7.18shows the acoustic contrast and array effort achieved bartlag of four two-
source broadside arrays employing hypercardioid sourdeswptimised using the acoustic
contrast and least squares control strategies. From thest@ca@ontrast plot in Figur@.18a
it can be seen that at frequencies below around 2 kHz the tcaamtrast optimised array
achieves significantly higher levels of acoustic contraahtthe array optimised using the least
squares method and it can be seen from Figuidb that this significant acoustic contrast
performance does not come at the expense of a significagtheharray effort. At frequencies
above around 2 kHz both optimisation methods achieve caabfmtevels of acoustic contrast
and array effort; although, as expected, the acoustic asinfor the array optimised using
the acoustic contrast optimisation strategy is consistatightly greater than achieved by the
least squares solution. Despite the lower acoustic cdrerformance achieved by the least
squares optimised array, its acoustic contrast performargtill greater than 13 dB throughout
the presented frequency range.

Figure7.19shows the condition numbag, with respect to the inverse of tfZ Zp matrix
for acoustic contrast optimisation and ®&Z matrix for least squares optimisation. From this
plot it can be seen that the condition number is consisténier for the least squares method
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Figure 7.18: Acoustic contrast and array effort plotted &sation of frequency for the array
of four broadside arrays each employing tingpercardioidsources positioned at the sides of
each of the four headrest positions in the car cabin sizedngualar region. The array effort is
plotted in decibels relative to the array effort requireghtoduce the same average bright zone
pressure when driving all sources in phase. The performaiitte array optimised using both
acoustic contrast maximisation (—) and least squares ggation (—) are shown.
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Figure 7.19: The condition numbex, with respect to the inversion of tt#1 Zp matrix for the
acoustic contrast maximisation method (—) and ZW&Z matrix for the least squares optimi-
sation method-) for the array of four broadside arrays each employing hypercardioid
sources positioned at the sides of each of the four heados#tigms in the car cabin sized
rectangular region.

and as for the car audio source array this difference is mgsifisant at lower frequencies.
At frequencies above around 1 kHz the condition number i®sirtwo orders of magnitude
greater for the acoustic contrast method, and this difftereéncreases at low frequencies such
that at around 200 Hz the condition number is more than 3 srofemagnitude greater for the
acoustic contrast method. From these results it is evidiatthe least squares solution will be
far less susceptible to the errors and uncertainties tHabedur in a practical system.

Despite the results presented in Figidit@9it is once again interesting to also present the
conditioning with respect the eigenvalue calculation malgcoustic contrast optimisation strat-
egy. Figurer.20therefore shows the Wilkinson numbers for the ma@gZD] 712525. From
this plot it can be seen that for all eight eigenvalues the&kMélon number is reasonably close
to unity over the presented frequency range and, therefiogegalculation of the eigenvalues
in this case is a relatively well conditioned problem. Hoesedue to the ill-conditioning with
respect to the matrix inversion in the acoustic contragtopation problem, this is of limited
benefit.

7.5 Summary

This chapter used simulations to investigate two key aspedhe design of a personal audio
reproduction system for the generation of two independsteriing zones in an automobile
cabin. Firstly, the physical limits on the generation ofgmeral listening zones in a car cabin
sized enclosure have been investigated and then two dlterrntrol strategies have been
compared in terms of both acoustic contrast performancenanrical conditioning.

The physical limits on the performance of a distributed kpehker array have been inves-
tigated by comparing the results of modal and freefield sats. It has been shown that
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Figure 7.20: The Wilkinson numbers for the matf@iZp] *ZH Zg for the array of four
broadside arrays each employing tiwpercardioidsources positioned at the sides of each of
the four headrest positions in the car cabin sized rectangegion.

the performance of a distributed source array, such as éimelatd car audio loudspeakers, is
limited to low frequencies where the sources are able tagbatsignificant number of acous-
tic modes and this limit is consistent with that observed hafer3 in the context of active
noise control. It has also been shown that the performantieeadistributed source arrays is
significantly dependent on whether the natural spatialaesp of the enclosure supports or
conflicts the spatial pressure distribution required bydb&ned control geometry; although
this is perhaps not easily controllable in a practical impatation.

For audio reproduction it is necessary to achieve contrel avwider bandwidth than is
possible using the car audio loudspeakers. One solutianusé an array of full-range loud-
speakers positioned at the headrest of each occupant, 84]jrafthough, this may lead to
safety issues in the car scenario. An alternative solut@s therefore been investigated, in
which arrays of small loudspeakers positioned close to #neabin occupants are to be used
at high frequencies in combination with the car audio loedders for low frequency control.
Two alternative nearfield array geometries have been iigagstl: one employing compact
arrays and one employing broadside arrays. Both configm&tshow comparable levels of
acoustic contrast performance and the effect of the endamu both of arrays is most signif-
icant at low frequencies, which is related to their proxinti the control zones. Despite the
similarity in performance between the two nearfield arrélys,proposed compact array would
not be able to achieve stereophonic reproduction withoigiraficant increase in the number of
loudspeakers and, therefore, the broadside headrestiamayre suitable. To provide a com-
promise between the performance offered by the compagtsaarad the functionality available
from the broadside arrays, the use of individual directiGaarces in the broadside array ge-
ometry has also been investigated. The individual sour@ e wodelled as hypercardioids
based on previous work, but it was shown that this did notifsogmtly affect the simulated
performance.

To implement a personal audio system it is also necessargtimige the signals driving
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the array and this may be achieved using a number of methods@asssed in Chaptet.
Although the acoustic contrast control strategy is inhtyarapable of achieving the maximum
level of acoustic contrast in an ideal system for a givenrobstenario, it may provide limited
audio quality in practice. Previous work has shown thatgisieast squares control strategy
with suitable target pressures may facilitate improvedauadality. Therefore, the acoustic
contrast and least squares control strategies have besanped and for both control strategies
formulations including constraints on either the array#fbr the individual source efforts
have been derived; these constrained formulations willnbgl@yed in the optimisation of the
practical system in the following chapter.

The performance of the acoustic contrast and least squangé®Lcstrategies has been com-
pared in the context of both the car audio array and the bidadeeadrest array employing
hypercardioid sources. For the car audio loudspeaker d@rtegs been shown that the least
squares solution achieves similar levels of acoustic eshtito the acoustic contrast control
strategy at low frequencies, where the array is physicalpable of achieving significant lev-
els of contrast. However, the least squares solution betfiegin a significant reduction in array
effort and a significant improvement in the conditioning @amred to the acoustic contrast so-
lution. This will provide a more robust implementation iraptice. For the broadside headrest
array it has been shown that the predicted acoustic comf#s¢ array optimised according to
the least squares strategy is relatively constant withuteaqy, but at frequencies below around
2 kHz the performance is significantly lower than for the atimucontrast control strategy. It
has also been shown that the conditioning of the least sgjsaation is significantly better
than the acoustic contrast control strategy at all fregsnand the high levels of acoustic
contrast predicted for the acoustic contrast control esaimay be unachievable in a practi-
cal system subject to uncertainties. Therefore, the lepsires solution is a more practical
solution which is also expected to provide improved audiality
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Chapter 8

Experimental Investigation of Active
Control of Sound Reproduction in an
Automobile Cabin

The previous chapter has investigated both the physicdtslion the generation of personal
listening zones in a car cabin sized enclosure, and a cosgpaoif the acoustic contrast max-
imisation and least squares optimisation methods throinghlations. It has been shown that
a distributed array, such as the standard car audio loukisseds able to achieve significant
levels of acoustic contrast at low frequencies, where tmeb®i of dominant acoustic modes is
low, while acoustic contrast throughout the audio freqyeange can be achieved using loud-
speakers positioned in the nearfield of the car cabin’s aottigpheads. These investigations
have been conducted using point source simulations, ieredtlireefield or modal acoustic en-
vironment and, therefore, do not consider all of the prattdfects of employing finite sized
loudspeakers in a practical car cabin. For example, in aipehémplementation the direc-
tivity of the loudspeakers will be affected by their finitardinsions §6] and the phase-shift
loudspeaker will not behave as a hypercardioid over theafudio frequency rang&4]. Addi-
tionally, in the car cabin implementation the nearfield meadarrays will be mounted in close
proximity to the car headrests, which will act as a baffle amther influence the directivity
and therefore the performance of the array. Although theaetipal effects could be studied
using finite element or boundary element methods, a86hfpr example, in the complicated
car cabin acoustic environment it is more convenient todtigate the performance of the
proposed array using measurements.

This chapter details the investigation of implementing speal audio system in a Ford S-
Max car cabin with the aim of producing two independent figig zones in the front and rear
seating positions. Based on the work presented in the prevdbapter two loudspeaker arrays
will be investigated to attempt to provide adequate acouwstntrast over the full audio band-
width — the distributed car audio loudspeaker array and tbadside headrest array employing
directional phase-shift loudspeakers. The loudspeak#ms@orophone array geometries em-
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Figure 8.1: Plan view of the Ford S-max showing the positioithe KEF loudspeakers posi-
tioned close to the standard car audio loudspeakers’ positis blue rectangles, the phase-shift
headrest loudspeakers as green rectangles, and the nuoesphre shown in red. Note, the
vehicle used in the tests was a right-hand drive versiorgiQai image from 187].

ployed are first detailed and then the transfer responsegbaetall of the microphones and
loudspeakers are presented. These measurements are ymtbto offline predictions of
the performance achievable using the arrays. A method admiag practical filters for the
real-time implementation is detailed and suitable time dionfilter responses are calculated.
Finally, the performance of the two arrays was measured laggktresults are presented and
discussed.

8.1 Specification of the Car Cabin Personal Audio System

8.1.1 The Test Vehicle

The vehicle employed in the measurements was a right-hane Bord S-max which has a
capacity for seven passengers as can be seen from the plaprésented in Figur8.1 The
interior dimensions of the car are approximately Xm.8 mx 1.2m, with an internal volume
of approximately 6.48 fh These dimensions and the layout of the vehicle are appeigign
consistent with those employed in the simulations in theiptes chapter.

8.1.2 Loudspeaker Array

Based on the simulations presented in the previous chaptetoudspeaker arrays will be
investigated. The firstarray is the car audio loudspeakayavhich aims to achieve sound field
control at low frequencies and the second is the broadsiaerest array employing directional
loudspeakers which aims to achieve control at higher frecjes.
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(c) Front headrest array setup. (d) Front and rear headrest array setup.

Figure 8.2: Personal audio loudspeaker and microphong setap.

Car Audio Loudspeaker Array

The car audio loudspeaker array consists of four KEF B200@ i which have a 183 mm
diameter cone and were mounted in closed-back cabinetsawithternal volume of approxi-
mately 0.01 M. These loudspeakers were positioned adjacent to the sthodaaudio loud-
speakers in the front and rear of the car as shown by the bit@ngles in Figuré8.1and in

the photos presented in Figur@8aand8.2h These loudspeakers were used instead of the
standard car audio loudspeakers to avoid unnecessaryuliiffio accessing the standard car
audio loudspeakers’ connectors.

Headrest Array

The broadside headrest array consists of eight phasel@hifspeakers, as described 84,
with one loudspeaker mounted to each side of each headrsesbas in the plan presented
in Figure8.1and in the photos in Figuréa2cand8.2d The dimensions and a photo of the
phase-shift loudspeakers are presented in Fi§WBand details of the Visaton SC 4.7 loud-
speaker driver are provided in Appendix As can be seen from Figu&3h the phase-shift
loudspeaker enclosure consists of a rear opening in whigsiative material is placed. By
specifying the dimensions of the enclosure and the reariogeand the resistive and com-
pliant properties of the material covering the rear por, directivity response of the phase-
shift loudspeaker can be altered. The design of phaselshdspeakers has been investigated
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(a) Phase-shift loudspeaker dimensions in mm. (b) Phase-shift loudspeaker.

Figure 8.3: Dimensions and photo of the phase-shift loualepeB4].

and discussed in9B, 84, 92]. The phase-shift loudspeakers employed here were dekigne
in a previous projectd4] to produce a hypercardioid directivity pattern. The riagismate-
rial positioned covering the rear opening was a fine metatgaund the size of the opening
was empirically determined using a prototype phase-shiftispeaker with a variable size rear
opening. The directivity index of the implemented phas#-sbudspeaker measured in an
anechoic chamber is shown in Figu8&l along with the directivity index of a theoretical hy-
percardioid source. The directivity index was measurechagdtio of the squared pressure
produced on-axis to the average squared pressures produ2dcdadditional positions evenly
distributed on a circle surrounding the source in the hatizloplane. From this plot it can be
seen that the directivity index of the phase-shift loud&peés close to that of a hypercardioid
source at frequencies between around 200 Hz, where thepgeakisr begins to operate effec-
tively, and 1 kHz. At frequencies between around 1 kHz andBi5the directivity index is
negative indicating that the phase-shift loudspeakematagimore efficiently to the rear of the
device. This problem has been solved in subsequent work igrSiGalvez by introducing
high frequency absorption at the rear opening of the phlagelsudspeaker and these loud-
speakers have been employed 78][ Despite the limited directivity index of the phase-shift
loudspeakers shown in FiguBe3, it is expected that at these frequencies the diffraction ef
fects introduced by the positioning of the loudspeakerdarecproximity to the car seats and
headrests will significantly alter their directivities. i$lwill require further work to fully un-
derstand and, therefore, due to their availability, thdsesp-shift loudspeakers will be used in
this study. The positions of both the headrest and car awndidspeakers are summarised in
Table8.1
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Figure 8.4: The directivity index of the phase-shift louelaker and a theoretical hypercardioid
source 78]

Table 8.1: Loudspeaker positions

Loudspeaker Position Details
1 Driver foot-well KEF B200G
2 Passenger foot-well KEF B200G
3 Rear Nearside foot-well KEF B200G
4 Rear offside foot-well KEF B200G
5 Driver right headrest Phase-shift loudspeaker
6 Driver left headrest Phase-shift loudspeaker
7 Front passenger right headrest Phase-shift loudspeaker
8 Front passenger left headrest Phase-shift loudspeaker
9 Rear nearside passenger right headrest Phase-shifp&alds
10 Rear nearside passenger left headrest  Phase-shifptalds
11 Rear offside passenger right headrest  Phase-shiftdeakler
12 Rear offside passenger left headrest  Phase-shift leallsp

8.1.3 Microphone Array

To define the bright and dark zones an array of microphonesed.uln the simulations pre-
sented in the previous chapter, the two zones were each ddfiind35 microphones. To
achieve this in practice would require a large number of ogbones and acquisition chan-
nels, but in practice a lower number of microphones must led ts define the two listening
zones, whilst attempting to provide sufficient spatial cage to avoid the generation of small
listening zones. Four microphones were positioned at eaalrbst, as shown in Figu8e5,
and, therefore, the two listening zones were each defined rhic®phones. The inner two
microphones were separated by around 12 cm and the outer iovophones were spaced a
further 8 cm from these microphones. Additionally, to pd®vsome spread in the other two
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Figure 8.5: The broadside headrest loudspeaker array arfduhmicrophone positions.

dimensions, the outer microphones were positioned arowrd dbove and 4 cm behind the
inner two microphones. The positions of the 16 microphomesammarised in Tabig 2

Table 8.2: Microphone positions

Microphone Position
1 Driver outer right
2 Driver inner right
3 Driver inner left
4 Driver outer left
5 Front passenger outer right
6 Front passenger inner right
7 Front passenger inner left
8 Front passenger outer left
9 Rear nearside passenger outer right
10 Rear nearside passenger inner right
11 Rear nearside passenger inner left
12 Rear nearside passenger outer left
13 Rear offside passenger outer right
14 Rear offside passenger inner right
15 Rear offside passenger inner left
16 Rear offside passenger outer left

8.2 System Response Measurements

To predict the performance of the proposed personal audiess and to then design the filters
required for the real-time implementation, it is necesdaryneasure the transfer responses
between the voltage input to each of the loudspeakers ancksléting pressure produced at
the 16 microphones. This has been done using the setup shdviguire8.6. In this setup the
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Figure 8.6: Block diagram of the measurement setup used &sune the transfer responses of
the personal audio system.

RME audio interface has been used, instead of the DSpaceati@hhll Instruments hardware
employed in the previous chapters, in order to provide batadequate number of channels
and the necessary anti-aliasing and reconstruction filkeyén Chapteb the transfer responses
have been measured by driving each of the loudspeakersdodlly with pink noise and using
an H; estimate, which is equal to the cross spectral density lestvemch microphone and
the drive signal divided by the power spectral density ofdhee signal. In this case all of
the measurements have been conducted at a sample rate 0248 kdHow the full audio
bandwidth to be considered.

Car Audio Loudspeaker Array

Figure 8.7 shows the transfer response between the voltage input tspeaker 1, in the
driver’s foot-well, and the pressure produced at all 16 pptione positions. From this plot
it can be seen that at frequencies below around 150 Hz thenssp are relatively consistent
between all of the microphone positions and that the reg®obegin to roll-off at frequencies
below around 100 Hz, which corresponds to the resonancadnay of the KEF B200G loud-
speaker in the closed-back enclosure. At higher frequemigre significant variations occur
between the responses, due to the increasing number oé@xoitdes, and it can be seen that
at around 3 kHz the responses begin to roll-off, which caretaed to the high frequency limit
of the KEF B200G driver as quoted in the manufacturer’s $gpation, provided in Appendix
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D. The responses measured for the other three loudspealsitiomed at the car audio loud-
speaker positions are similar to those presented in Figifiearticularly at low frequencies
where this array will operate, and therefore they are naereed. It should also be noted that
one of the microphone responses, shown by the blue line ur&8)7g appears to differ from
the other responses for all loudspeaker excitations. Thisnot noticed during the measure-
ments and is thought to be due to a fault with the microphoreamp. However, since the
set-up was not changed throughout the measurements andutherily seems to produce a
change in the frequency response it is not expected to dffegesults.

Headrest Array

The transfer responses between the voltage input to loallspé, positioned at the driver
right headrest, and the pressures produced at microphaiops 2 (driver inner right) and
10 (rear nearside passenger inner right) are presentedjume®d.8a From this plot it can be
seen that the two responses roll-off at frequencies belowrat 400 Hz, which corresponds to
the resonance frequency of the Visaton SC 4.7 loudspeakersir The responses also begin
to roll-off at frequencies above around 4 kHz. It can also &ensfrom FigureB.8athat the
response to microphone 10, which is in the rear of the cang@&baround 10 dB below that to
microphone 2 on average. This can be related to both thendstaetween the loudspeaker and
the two microphones and the directivity of the loudspeakerits orientation. To demonstrate
this second point, Figur@.8bshows the transfer responses between the voltage inputde lo
speaker 9, positioned at the rear nearside passenger egtitdst, and the pressures produced
at microphone positions 2 and 10. From this plot it can be Heggrthe response to microphone
10 is now greater than that to microphone 2 by around 5 dB oragee This level difference
is lower than that observed for loudspeaker 5 and this isusecthe two microphone positions
are now both in the forward-direction of the loudspeakeresmghs microphone 10 is in the
backward-direction for loudspeaker 5. The responses megé$or the other microphones and
six headrest loudspeakers are similar in character to fhesented in Figur®.8and therefore
are not presented.

8.3 Frequency Domain Offline Performance Predictions

Using the measured transfer responses as the appropeaterdk of th&Zg andZp matrices,
the optimal filter frequency responses can be calculatederirequency domain using either
the least squares optimisation or the acoustic contrastaiastrategy. It has been shown in
the previous chapter that for the car audio loudspeakey,ahaleast squares method achieves
similar levels of acoustic contrast to the acoustic contcasitrol strategy but with a lower
array effort and improved conditioning. For the broadsigadrest loudspeaker array it has
also been shown that although a reduction in contrast padoce occurs at low frequencies,
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the least squares method provides a well conditioned solwith useful levels of control over
the audio bandwidth. Therefore, the least squares soluiibibe employed in the following
predictions. The least squares solution is given by equdti20 which for a vector of driving
voltagesy, is
H-1-1-H
v=1[Z"Z] "Z"p,, (8.1)

(3

and py is the vector of target pressures. This optimisation gsatgves the optimal solution

where

with no constraint on the required electrical power and wilsbe employed in the following
predictions to provide an indication of the maximum levdla@ustic contrast achievable. As
detailed in Sectior7.4.10f the previous chapter, the target pressures in the dask amnset to
zero and the target pressures in the bright zone are set ppebsures produced when the four
sources are driven in-phase for the car audio loudspeakay, @and to the pressures produced
when the four phase-shift loudspeakers in the nearfieldeofebpective bright zones are driven
in-phase for the headrest array.

8.3.1 Car Audio Loudspeaker Array

Figures8.9aand 8.9b show the frequency responses of the filters optimised us$iadeast
squares method to achieve a front bright zone and rear lxayig respectively using the four
KEF loudspeakers positioned at the car audio loudspeag&atitms. The drive levels have been
adjusted so that a unit input voltage to the loudspeakerduses a average bright zone SPL of
60 dB re. 2x 10~° Pa. From these plots it can be seen that in both control sosrthe four
sources are driven at similar levels and the phase respoard® seen to become complicated
at frequencies above around 150 Hz. It is also interestingpte that the voltage drive levels
at frequencies below around 100 Hz required to produce tive firight zone are lower than
those required to produce the rear bright zone. This canléedso the lower average distance
between the four car audio loudspeakers and the front zoci®ptiones than to the rear zone
microphones.

The performance of the car audio array has been synthesssegl tne optimal filter re-
sponses presented in FiguBé and the principle of linear superposition using the meaksure
frequency responses. Figuel0shows the predicted acoustic contrast and required array ef
fort for the two control scenarios. From the acoustic catitpdot in Figure8.10ait can be seen
that in both control scenarios the four source car audiodpadker array achieves significant
levels of acoustic contrast at frequencies up to around 208nd then the performance be-
gins to roll-off. The level of acoustic contrast achievedthy array producing a front bright
zone is around 10 to 15 dB higher than that achieved by thg ap@imised to produce a rear
bright zone. This trend was also observed in the simulajiwasented in the previous chapter
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and can again be related to the lower average distance hethedoudspeakers and the front
control zone than to the rear control zone. The simulatitvosva in Figure7.8, for example,
predict contrast levels at low frequencies of about 29 dBHerfront bright zone and 19 dB for
the rear bright zone. It can be seen that the performancesgifrtictical system is very close
to this prediction, although the upper frequency at whichuatic contrast is achieved when
producing a rear bright zone is better in the practical syste

Despite the lower contrast performance when producing rabméght zone it can be seen
from the results in Figur@.10athat the car audio array may achieve levels of control that
would provide subjectively sufficient levels of acoustimtrast according to the subjective
studies presented i23, 70]. However, it is also important to consider the requirecpeffort
and this is shown in FigurB.10bfor the two control scenarios. From this plot it can be seen
that, except for two narrowband peaks at around 150 Hz andH20Qthe required array effort at
frequencies within the audio bandwidth, that is above 20ilzelow 10 dB relative to a 1 volt
input. These levels are comparable to those presented préhi@us chapter and suggest that
the predicted levels of control may be achievable in practic

8.3.2 Headrest Loudspeaker Array

Figures8.11aand8.11bshow the frequency responses of the filters optimised usiadeast
squares method to achieve a front bright zone and rear taagte respectively using the eight
phase-shift headrest loudspeakers while producing aagedaright zone SPL of 60 dB rex2
107°. In each of these plots the frequency responses relatee footht headrest loudspeakers
are shown in red and those related to the rear loudspealestiawn in black. From the plot in
Figure8.11lait can be seen that when generating a bright zone at the frienbpihones the four
front headrest loudspeakers are driven largely in-phadeagsimilar levels to each other. This
is not surprising since this is the way that the target pressbhave been defined for the least
squares optimisation. The four rear headrest loudspeakerall driven at around 5 dB below
the front loudspeakers and they have a complicated phape+ise. These results suggest that
the rear loudspeakers are being used to cancel the pressocksed by the front headrest
loudspeakers at rear microphone positions.

Figure8.11bshows the filter responses for the eight headrest loudspeaken optimised
to produce a rear bright zone. From this plot it can be seen timee again, the four loud-
speakers in the nearfield of the bright zone (the rear regiahis case) are driven largely
in-phase and at a higher level than the front loudspeakiaice this is how the target pressures
are defined. However, in this configuration the differencéeiel between the rear and front
loudspeakers’ drive levels is lower than when producingatfbright zone. This can be related
to the observations made regarding the transfer responsssnped in Figur8.8. That is, the
response between the rear loudspeakers and the pressaotesqat at the front microphones is
greater than that between the front loudspeakers and tesyses produced at the rear micro-
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Figure 8.10: The acoustic contrast and array effort ploétgé function of frequency for the
array of four car audio positioned loudspeakers optimisegrdduce a front bright zone~()
and a rear bright zone-{). The array effort is plotted in decibels relative to theagreffort
required to produce the same average bright zone pressume dviving all loudspeakers in-
phase.
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phones, and, therefore, the front loudspeakers must berdhniarder to achieve cancellation of
the pressures produced in the front zone by the rear loukispgea

Using the optimal filter responses presented in Fiidel the performance of the opti-
mised headrest loudspeaker array has been synthesisedgamed 812 shows the predicted
acoustic contrast and required array effort. From the dmpasntrast plot it can be seen
that when producing either a front bright or rear bright zéme predicted acoustic contrast
is greater than 20 dB at frequencies between 70 Hz and 800 Haroind 800 Hz the pre-
dicted acoustic contrast for the rear bright zone configumabegins to fall off and, although
a significant level of acoustic contrast is maintained upQdiaz, the performance falls be-
low the minimum 11 dB level required for a subjectively adedye performance according
to [23] and would only provide adequate acoustic contrast undeaioeoperating scenarios
according to 0. The difference in performance between the two controhades can be
related to the forward-direction of the phase-shift hestdi@idspeakers, the directivity of the
individual phase-shift loudspeakers (see Figgw®, and the relative positions of the dark and
bright zones as discussed in relation to the headrest lea#tep transfer responses presented
in Figure8.8. From the array effort plot in Figur.12bit can be seen that the levels of effort
are low, which should be expected as the loudspeakers inghdigld of the bright zone in
each control scenario are driven largely in-phase, whithdsarray effort reference condition,
and the loudspeakers in the nearfield of the dark zone in essghare driven at a lower level.
These results are generally similar to the correspondiegrdical predictions shown in Figure
7.130f the previous chapter, where the contrast level is preditt be between around 30 and
40 dB at low frequencies and 10 and 20 dB at frequencies abkidz 1

To provide further insight into the operation of the heatllesdspeaker array Figu&13
shows the acoustic contrast for the two control scenaricswvthe full array of eight headrest
loudspeakers are driven and when only the four loudspe@kéne nearfield of the bright zone
are driven using the same filters as for the eight source gataharray. From these plots it can
be seen that in both control scenarios significant improvesni@ the acoustic contrast occur
at frequencies below 1 kHz when using all eight loudspeakadtisough at higher frequencies
only small reductions in the performance occur. This in@isghat at higher frequencies the
acoustic contrast performance is largely due to the diigetof the phase-shift loudspeak-
ers and the broadside array operation. To improve this pegoce it would be necessary to
increase the number of sources, decrease the inter-elemeatation or optimise the perfor-
mance of the phase-shift loudspeake4, [78].

Although the high frequency performance of the eight hesidpbase-shift loudspeaker
array when attempting to produce a bright zone in the rednetar cabin is perhaps too low
to achieve subjectively adequate levels of acoustic csntthe real-time implementation of
this array will be considered along with the car audio soarcay. Although it was found to be
possible to improve the acoustic contrast achieved by tji@ eburce headrest array by using
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the acoustic contrast optimisation method instead of thstlsquares optimisation, this leads
to a significant reduction in audio quality and, therefosepfilittle advantage.

8.4 Time Domain Design and Offline Performance Predictions

The offline predictions presented in the previous sective ldemonstrated the maximum lev-
els of acoustic contrast control that may be achievablegu$ia two array configurations and
the unconstrained least squares optimisation. Howewsgethredictions have been calculated
in the frequency domain using filters with no causality caist. To implement the personal
audio system in real-time it is necessary to drive the loadkers with real-time signals, which
requires the implementation of practical filters. The chttan of the required time-domain
filter responses can be achieved using a number of methadexdmple it is possible to di-
rectly optimise causal filter coefficients, or use the Maffiatction invfreqzto calculate the
filter coefficients via a least squares complex curve fittilgg@hm. From previous work by
the author 86] it has been shown that the required time domain filter respemay be con-
veniently calculated via inverse Fourier transformatiéithe optimal frequency domain filter
responses.

8.4.1 Filter Design Method

In the previous section the filters have been designed withioy constraint on the required

array effort or voltage drive levels. In practice this magdeo excessive voltage levels driving
the loudspeakers, particularly when multiple arrays arpleyed to cover different regions

of the audio bandwidth. Therefore, the optimal filters’ fieqcy responses will be calculated
using the least squares optimisation with individual seymawer constraints detailed in Section
7.2.2 In this case the optimal filter responses are calculated as

v=[Z"Z+al] 2"y, (8.2)

whereAy, is a diagonal matrix oM Lagrange multipliers that can be independently set to
fulfil specified constraints on each loudspeaker. A numbeoastraints have been defined for
the car audio and headrest loudspeaker arrays to ensurthé¢hmudspeakers are not driven
at high levels for frequencies outside of their operatidmahdwidths, and that a maximum
acoustic contrast of 15 dB is achieved. Although in someuaistances it could be necessary
to enforce a constraint on the loudspeaker drive levelsimitieir operational bandwidth, due
to the naturally low levels of array effort for the two coreidd arrays within their operational
bandwidths this was unnecessary. The frequency limitseo€#éin audio loudspeaker array have
been set based on the low frequency limit of audio reprodoaind the high frequency limit
of the contrast control problem observed in the previousieecThe frequency limits of the
headrest array have been based on the low frequency limitedbudspeakers quoted by the
manufacturer and the high frequency limit of audio reprdiduc The employed constraints
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are summarised in Tab®3 and the necessary values Xy, have been calculated using the
Matlab functionfminconand the interior point algorithm.

Table 8.3: Personal audio filter optimisation constraints

Array Operational Frequency Range Maximum Contrast
Car audio loudspeaker 20 f <300 Hz 15dB
Broadside headrest 220 Hzf < 20kHz 15dB

Using the frequency responses of the optimal filters desdigiséng the effort constrained
least squares optimisation, practical time-domain fiksponses have been calculated accord-
ing to the following method, this has previously been présgin [86]:

1. The optimal frequency responses of each filter have beedowied to ensure zero level
at 0 Hz and the Nyquist frequency

2. The frequency domain windowed responses have been énvast Fourier Transformed
(IFFT) to give impulse responses of length

| = (Z—fﬂ), (8.3)

whereFsis the sample rate antlf is the separation between adjacent frequency points
in the optimal filter frequency responsedf is dependent on the length of the Fast
Fourier Transform (FFT) used in the calculation of the tfansesponse&g and Zp
from the measured response ddtdi.has been set to 1.4648 Hz which ensures the IFFT
has largely decayed to zero over its duration.

3. The filter impulse responses have been shifted to accomtadat the periodicity of the
FFT.

4. At this stage a practicable set of filters is available, énmv, since this method of filter
design imposes no constraint on causality, the filters haesponse of lengthl — 1) /2
before zero time. This response can be implemented usingdellimg delay and, for
the employed sample rate and frequency point separatiomdeliimg delay of 341 ms
is required. However, this leads to practical issues inieafibns such as two-way
telecommunications and such a significant pre-echo leadsitifectively poor audio
quality [188]. Therefore, it is desirable to truncate the length of therd in the time
domain to reduce the required modelling delay. For bothyarthe filters have been
truncated to the shortest length possible without sigmificeductions in the offline pre-
dicted acoustic contrast or significant enhancements iartlag effort. For the car audio
array the filter impulse responses have been truncatéd=@5000 which requires a
modelling delay of 260 ms and for the headrest array thedilawe been truncated to
| = 2000 which requires a modelling delay of 21 ms.
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1 in the car audio loudspeaker array when producing a regintazbne.

5. The truncated filter impulse responses have been windasiad a Hanning window to
avoid artefacts due to non-zero responses at the start anaf éme filters.

8.4.2 Offline Performance Predictions
Car Audio Loudspeaker Array

The frequency response of an example causal filter desigreaiding to the method defined
above, withl = 25000, is shown in Figur8.14 along with the optimal frequency domain
response for loudspeaker 1, when producing a rear brigtg asimg the car audio loudspeaker
array. From this plot it can be seen that the designed filteurately matches the optimal
filter response except for a number of sharp nulls in both thgnitude and phase response.
The effect of these inaccuracies can be determined throfiigieqoredictions of the acoustic
contrast performance using the time-domain truncateddiltd he differences between the
other designed filters and the corresponding optimal freqguidomain responses are similar to
those shown by Figur@.14and, therefore, they are not presented.

Using the truncated filters the performance of the car aunlioldpeaker array has been
predicted for the two control scenarios using offline sirtiafes and the acoustic contrast and
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array effort are presented in Figuel 5along with the optimal frequency domain results. From
these plots it can be seen that the acoustic contrast peddimt the truncated filters is close to
that of the optimal filters designed for the performance igations in Table8.3, and in fact
offers some improvements in acoustic contrast.

Broadside Headrest Loudspeaker Array

The frequency response of an example practical, time-dotnancated filter designed accord-
ing to the method defined above, witk= 2000, is shown in Figur8.16along with the optimal
frequency domain response for loudspeaker 5 when produciegr bright zone and a dark
front zone using the headrest phase-shift loudspeakey. &ram this plot it can be seen that
the designed filter accurately matches the optimal filtgporse at frequencies above around
700 Hz. At lower frequencies the optimal frequency domaierfitesponse has a large num-
ber of rapid variations in both the magnitude and phase ressoand these are not accurately
represented by the time-domain truncated filter. Thesatiamnis can be more accurately in-
cluded in the time-domain truncated filters by increasirg lémgth of the filters. However,
the performance of the truncated filters is not significaaffgcted by these inaccuracies. This
can be seen from the offline predictions presented in Figuréfor the two control scenarios.
In both control scenarios it can be seen from FiguE/ that the predicted acoustic contrast
using the truncated filters is largely equal to or greaten tha frequency domain responses at
frequencies greater than 200 Hz where the headrest arragigpned to operate and, therefore,
it is unnecessary to increase the length of the truncatedsfilt
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relative to the array effort required to produce the sameaaesbright zone pressure when
driving all loudspeakers in-phase.
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Figure 8.17: The acoustic contrast and array effort plo#tgé function of frequency for the
array of eight phase-shift headrest loudspeakers optiid the constraints defined in Table
8.3 The performance of the frequency domain optimal filter (-adl ¢he offline predictions
using the time-domain filter desigr~) are shown. The array effort is plotted in decibels
relative to the array effort required to produce the sameaaesbright zone pressure when
driving all loudspeakers in-phase.
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Figure 8.18: The acoustic contrast plotted as a functiomeafifency for the optimised array of
car audio loudspeakers predicted using offline simulatfersand measured in real-time-).

8.5 Real-Time System Performance

To confirm the practical performance of the truncated filteesperformance of the two loud-
speaker arrays has been measured in real-time. The perfoenad the two arrays when op-
timised to achieve both front bright and rear bright zones lheen measured by driving the
loudspeakers in each array simultaneously with a pink reigal filtered using the associated
truncated filters and the pressure levels produced at théck6phones defining the bright and
dark zones have been measured. The measured acousticstactigeved by the car audio
loudspeaker array for the two control scenarios is predanteigure8.18 along with the per-
formance predicted for the truncated filters in the offlimawdations. From these results it can
be seen that the acoustic contrast levels achieved by thémeasystem are very close to the
offline predictions. The level of acoustic contrast con&rohieved for both control scenarios
is practically useful and produces subjectively impresdavel differences between the two
control zones in informal listening tests.

The measured acoustic contrast achieved by the headress-phit loudspeaker array is
presented in Figur8.19along with the offline predicted results for the two controdisarios.
From Figure8.19ait can be seen that when a bright zone is produced in the frfotiteocar
cabin the measured acoustic contrast closely matches risdicied by offline simulations at
frequencies above around 200 Hz. At lower frequencies thessared acoustic contrast rolls-
off in comparison to the offline simulations. This is a resaflinaccuracies in the measured
transfer responses leading to differences between thenssp assumed in the design of the
filters and the response of the real-time system. Howewesgetlow frequency inaccuracies are
due to the employed loudspeakers operating range beingdno frequencies above around
200 Hz and, therefore, they are not expected to be able taipecsignificant pressure levels at
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Figure 8.19: The acoustic contrast plotted as a functiomagfufency for the optimised array
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these frequencies.

The measured acoustic contrast for the headrest loudspaaiag, optimised to produce a
bright zone in the rear of the cabin, is presented in Fi§ut8band it can be seen that there are
more significant differences between the offline prediciand the real-time measurements.
This can be related to variations in the positions of the $pedkers between the measurements
of the transfer responses and the measurement of the meaktistem. These variations were
not introduced systematically and, therefore, their miagiei is unknown; however, it does
highlight that further investigation into the robustne$she proposed array geometry should
be conducted. This may be approached following the prewvieaik on the robustness of
compact arrays presented Bf].

8.6 Summary

This chapter has built upon the simulation work presentedarprevious chapter by presenting
an investigation into the practical implementation andgenance of a personal audio system
in a car cabin. The aim of the personal audio system was taipeotivo independent listening
Zones, one at the positions of the front seat headrests andtahe rear seat headrests. Based
on the simulations presented in the previous chapter twasloeaker arrays have been investi-
gated in order to achieve control over the full audio bandwidht frequencies below around
200 Hz an array of four loudspeakers positioned adjaceastandard car audio loudspeak-
ers has been investigated, and at higher frequencies gnadreight phase-shift loudspeakers
mounted at each side of the four headrest positions has beestigated.

The response of the two proposed loudspeaker arrays hakdastmeasured to an array
of 16 microphones. Four microphones were positioned at eatite four headrests to define
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the bright and dark zones for the optimisation of the loudkpe arrays. Using the measured
transfer responses the optimal filters required to prodotedfront bright zone and rear bright
zone were calculated in the frequency domain using the wh@ned least squares method
defined in Sectior7.2, and the performance of the two loudspeaker arrays wasgbeedising
offline synthesis. For the car audio loudspeaker array itdesn predicted that significant
levels of acoustic contrast control could be achieved ajueacies below around 200 Hz for
both control scenarios, which is consistent with the sittiateresults presented in the previous
chapter. The performance of the headrest phase-shiftpeadtsr array has also been predicted
and, although the results are not as consistent with thelaiions presented in the previous
chapter, significant levels of acoustic contrast have beedigied. At frequencies between
around 200 Hz and 800 Hz a contrast level greater than 20 dBpveatcted when producing
either a front bright zone or a rear bright zone. However,ighdr frequencies the ability
of the array to produce a rear bright zone was shown to rediiteés has been related to
the orientation and directivity performance of the phds#i-sources and could potentially be
improved by optimising the phase-shift loudspeaker de&igthis application.

To implement the proposed personal audio system in rea&-iins necessary to design
practical filters and a method of calculating the requiretetidomain responses from the op-
timal filters’ frequency responses has been presented. Mpoged method is based on cal-
culating the inverse Fourier transform of the optimal freigey domain filter responses. It
is shown that practical filters can be designed using thihawefor both the car audio and
headrest loudspeaker arrays, however, since no consgamposed on the filters’ causality,
a modelling delay is required. For the headrest loudspeakay the filter required to achieve
significant levels of performance is relatively short aheyéfore, the required modelling delay
does not significantly affect the applications of the systelmwever, to achieve significant lev-
els of performance using the car audio loudspeaker arrayresoa long filter and, therefore, a
long modelling delay. This may lead to issues in employirgyghoposed system in two-way
telecommunications applications and, more importantlgty hiead to poor audio quality due
to audible pre-echos. Despite this potential limitatioa performance of the two loudspeaker
arrays has been measured in real-time and it has been shatthetiwo arrays perform as pre-
dicted by offline frequency domain simulations. Howevengs also been highlighted, in-part
through an experimental inconsistency, that the perfoomanfi the headrest loudspeaker array
is susceptible to variations in the loudspeaker positidierefore, to determine the practica-
bility of implementing the proposed personal audio systara mass production system it is
necessary to conduct a study considering the robustneke tfb loudspeaker arrays.
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Chapter 9

Conclusions and Further Work

9.1 Conclusions

The acoustic environment in automobile cabins is deterdhinetwo components: that due to
automotive processes, such as engine and road noise, amhli¢htn the audio system, which

may be used for entertainment, telecommunications, gatefivigation audio instruction and

warning sounds. This thesis has investigated the appitati active control solutions to both

automotive noise reduction and personal audio reproduatithe automobile cabin. Although

these two areas are linked both practically, in terms ofri@roved quality that each can bring
to the car cabin environment, and technically, since thek bee an array of loudspeakers to
produce a desired sound field, the main conclusions from aaszhare separated into the two
following sections.

9.1.1 Active Noise Control

Active noise control has been highlighted as a potentiaitsni to the increased low frequency
noise due to both economical engine designs employing ldind®sr counts and low engine
speeds, and the push for weight reduction to increase fligksicy. However, the cost of active
noise control systems, and particularly road noise cosyrstems, has limited their commercial
implementation. This thesis has, therefore, focused aesiiyating cost-effective active noise
control systems for both engine and road noise control grabe largely integrated within the
automobile’s standard electronics.

In the car cabin environment previous work has highlighteslimportance of structural-
acoustic coupling on the response of the car cabin encl@umv frequencies where active
noise control may be applied and, therefore, an investigatf the effects of structural-acoustic
coupling on the response of a car cabin sized enclosure legreibvestigated. Using both nu-
merical simulations and measurements it has been showinthatar cabin sized enclosure
structural-acoustic coupling introduces additional nesees due to radiating structural modes
and changes in both the structural and acoustic modal reserieequencies and mode shapes.
The influence of these changes in the response of a car cabith shclosure on the perfor-
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mance of feedforward active noise control has been inwagsiity Through a direct comparison
between optimal feedforward control in both rigid and najier enclosures it has been shown
that active feedforward control is largely unaffected by thange in the enclosure’s response
due to structural-acoustic coupling.

In the context of the structural-acoustic coupled enclesarcomparison between the con-
trol of an internal acoustic, external acoustic plane wawe point force structural primary
disturbance has been presented. This comparison has shatfartthe two structural primary
excitations there is only a limited increase in control haidth between employing a single
secondary source and four secondary sources. This hasibked to the radiation from the
structure exciting higher order acoustic modes at loweagueacies than an internal acoustic
excitation and this results in an effective increase in tloel@hoverlap and consequent limited
bandwidth.

Although feedforward control has been highlighted as a-etisttive method for active en-
gine noise control, feedback control may offer a more céistve active road noise control
solution. In order to achieve global control it is necessanyse multiple secondary sources and
error sensors, however, the implementation of a fully riajut, multi-output (MIMO) feed-
back controller is computationally demanding and, theefa modal feedback control system
has been investigated. Internal model control (IMC) hasihesed as a convenient method of
designing the modal feedback controller and it has been sitioat the IMC architecture leads
to two alternative formulations of the modal feedback coligr. The most useful formulation
includes the transducer weightings in the control path aadd to the minimisation of the
actual error signals rather than the modal error signal.

A method of designing the modal feedback controller has Ipeeposed which formulates
the problem as a convex optimisation using an FIR contr@rfdind frequency discretisation.
This design procedure improves upon previous methods dafieg modal controllers by
calculating both the transducer weightings and contrerfitt parallel and, therefore, achieving
an optimal controller. The optimised modal controller haerb shown to achieve significant
levels of control when there is a single dominant acoussomance, however, the performance
of the single-input, single-output controller is limitedh@n multiple resonances occur.

To overcome the limitations of the modal feedback contrpdully coupled MIMO feed-
back controller has been investigated. It has been showthénéully coupled MIMO feedback
controller is capable of achieving significant levels of ttohof multiple uncorrelated struc-
tural excitations and, therefore, improves on the modatrobstrategy. In the context of the
proposed MIMO controller three alternative enhancemenstraints have been derived, in-
cluding a constraint on the enhancement in the individualresignals and the more common
constraint on the sum of the squared error signals. The ipeafoce of these constraints has
been compared in the context of the MIMO feedback contraltet it has been shown that the
novel constraint on the enhancement in the individual esigmmals provides a controller with a
more uniform reduction in pressures and a more practicaityr@l controller.

To practically validate the performance of feedforwardiragioise control and MIMO
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feedback road noise control, an experimental study on al sityalcar with a two-cylinder
engine has been presented. Feedforward control of therfiggie order has been implemented
using a standard filtered-reference LMS algorithm. It hantshown that for fast convergence
speeds enhancements of non-controlled engine orders @itagad and this has been related
to the effective feedback loop in the feedforward controllehese enhancements have been
reduced using a modified controller employing a variabledpass filter on the control outputs.
However, the performance of the modified controller is leditwvhen there is fast change in
engine speed.

The performance of the MIMO feedback controller to contha toad noise in the small
city car has been predicted using offline simulations andst teen shown that reductions of
low frequency noise of around 3 dB are expected. Howevemptbposed controller was not
implemented in real-time as this was not possible using ¥héadle digital signal processing
hardware.

9.1.2 Active Sound Reproduction

Active control methods have been highlighted as a potemt&ihod of improving audio quality
and providing additional functionality in the reproductiof sound in the automobile cabin
environment. This thesis has investigated the implemientat a personal audio system in the
car cabin, which aims to produce a personal listening zoradtiver the front or rear seating
positions.

The effects of implementing a personal audio system in a @aincsized enclosure have
been investigated through simulations and it has been sliostn similarly to active noise
control, the performance of the control system is dependeritow the loudspeakers couple
with both the acoustic modes of the enclosure and the brigtitdark control zones. This
means that the performance of a distributed loudspeakay,auch as the standard car audio
loudspeakers, is limited to low frequencies. To achieverobiover the full audio bandwidth
a number of loudspeaker arrays positioned in the nearfielthefcontrol zones have been
investigated and, although the accuracy of the employedt goiurce simulations is limited
at high frequencies, an array of four two-source broadsidays of hypercardioid sources
positioned at each headrest has been shown to potentifdlysoifficient control.

Previous work has highlighted that significant improveraémaudio quality may be achieved
by employing least squares optimisation as opposed to acaamtrast control. A numerical
investigation of the acoustic contrast and least squarémisation strategies has been pre-
sented. For the car audio loudspeaker array it has been gshaiveimilar levels of acoustic
contrast are achievable using the two optimisation stiegegf low frequencies where the ar-
ray is effective. However, the least squares solution regua significantly lower array effort
and achieves a significant improvement in numerical caolitig, which will result in a more
robust system. For the headrest loudspeaker array it hasshegn that the acoustic contrast
control strategy significantly outperforms the least sgaaolution at low frequencies in an
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ideal scenario. However, due to the poor conditioning ofabeustic contrast solution these
high levels of contrast may not be achievable in a practigstiesn subject to uncertainties and
the least squares solution is predicted to provide subggtsignificant levels of control.

A personal audio system has been implemented in a car calgiloyng two loudspeaker
arrays optimised using the least squares control strate@cliieve an acoustic contrast of
15 dB and a method of designing practical filters has beenogemh The four standard car
audio loudspeakers are employed at low frequencies andhakensto achieve the targeted
acoustic contrast level of 15 dB at frequencies up to 200 Ha. akay of eight phase-shift
loudspeakers, one mounted at either side of each headsemtygloyed to achieve acoustic
contrast at higher frequencies and when producing a fraghbreone this array is able to
achieve the targeted acoustic contrast at frequenciesea®@¥ Hz. However, when produc-
ing a rear bright zone the performance of the array is limédedigh frequencies due to the
directivities of the individual phase-shift loudspeakers

9.2 Suggestions for Further Work

The work presented in this thesis has highlighted a numbarezs for potential future work.
The suggestions for future work are separated into the two araas of focus in the following
two sections and a third section considers the integratfidineodifferent control systems.

9.2.1 Active Noise Control

Although the modal feedback control strategies investigi@ Chapted have limited applica-
tion in the car environment they may provide significant Ieé performance in an application
where single acoustic, or structural resonances domihatsytstem’s response. Investigation
of the application of the modal controller to an appropriggstem would, therefore, be use-
ful to determine the practical performance of these corstiraitegies. This work may initially
consider the control of a single acoustic mode in a duct, fan®le, using a fixed controller
but then it would also be interesting to extend this invedian to consider both multi-modal
control and adaptive control.

The MIMO feedback controller has been shown to potentiaffgrcsignificant levels of
control of road noise in the automobile application, howgitehas been highlighted that the
implementation of such a controller has a number of impldateam requirements that must
be overcome. Therefore, future work could investigate iefiicmethods of implementing the
MIMO feedback controller within the currently availablegdal signal processing capabilities
and minimising the delays through such a controller, whiclulg limit its performance.

The enhancements produced by the standard LMS controlier ieen reduced during
slow engine run-ups using a modified controller with a vddadiandpass filter on the control
outputs. This controller was designed intuitively and #sfprmance during fast engine run-
ups was limited. Future work could more formally analyseptaposed controller’s behaviour
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and this insight may lead to the design of a controller witligldr level of performance during
both steady-state and dynamic engine conditions. This waak be informed by the similar
control systems proposed ihq3 174.

Control effort constraints have been successfully scleedin the real-time feedforward
controller, however, the dynamics of this outer controlpd@we not completely consistent with
previous theoretical studie42. It is not entirely clear how the dynamics of this outer loop
are governed and, therefore, this could be investigate i metail.

9.2.2 Active Sound Reproduction

The feasibility of generating personal sound zones withgaracabin environment has been
successfully demonstrated, although, the performancheoheadrest loudspeaker array has
been shown to be limited at higher frequencies when produeirear bright zone. Alternative
array geometries could be investigated to improve thisoperdnce, or the design of the phase-
shift loudspeakers could be refined for the car cabin petsamio system.

In a commercial system it would, at a minimum, be necessargfooduce stereophonic
programme material. Therefore, future work could be cotetlito consider the reproduction
of stereophonic audio programme within the personal listeaones. Although the headrest
loudspeaker array employed here may be suited to binaymaddection, due to the proximity
of the loudspeakers to the ears of the occupants, it may rideb&for reproduction of standard
stereo audio programme material and audio quality req@regsmmay demand the development
of audio re-mixing algorithms.

In this thesis the generation of two listening zones withmcar cabin has been considered,
but significantly increased flexibility could be added by gexting four independent listening
zones as shown in Figu®1l The feasibility of achieving this using the loudspeakeagar
proposed in Chaptersand8 could be studied and, depending on the results of this whek, t
proposed personal audio loudspeaker array could be deklop

Previous work on the generation of personal audio zor@$p] and the work presented in
ChapterB of this thesis has implemented the required optimal filtetining a non-causal filter
and a modelling delay. This introduces a delay in the audicosiuction and also pre-echos
which may reduce basic audio qualigg. Although the delay introduced by the signal pro-
cessing may not be a problem in the majority of applicatiatiser than telecommunications,
the reduction in audio quality due to the filter pre-echosfisignificant importance and can
only be reduced using the signal processing strategy emglay this thesis through strong
regularisation and truncation of the filter responsé&d.[ This problem could be overcome if
the control filters were designed directly in the time domaiird this could be achieved by
constraining the filters to be FIR filters and optimising tliesponses using the convex optimi-
sation with frequency discretisation method that has begpi@yed in this thesis in the design
of the feedback controllers.

No formal subjective tests were conducted in this thesiseterdhine whether the level
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Figure 9.1: Overhead view of the car cabin personal auditrabgeometry with four control
zones in the four seating positions.

of control achieved by the personal audio system produstehing zones that would allow
different audio programmes to be listened to in the two abwnes comfortably. This would
likely to be programme dependent and also dependent on thetoaind noise produced by
the vehicle, such as engine and road noise, and, althoudgimim@y results studying this
area have been presented by Francoetbal [70], further work is needed to understand the
subjective requirements of the personal audio system iadt@mobile environment.

Although the implemented personal audio system has enmgltheleast squares optimi-
sation method, it has been shown that higher levels of csinperformance may be achieved
using the acoustic contrast control strategy. A compror&een the least squares and the
acoustic contrast control strategies could be achievatyubie optimisation method recently
proposed in T9], which is a kind of weighted least squares optimisation.e Tise of this
method may allow levels of acoustic contrast to be increagdeld the audio quality offered by
the least squares solution is maintained. However, in dadachieve this, further work would
be needed to understand this trade-off in terms of audiatgudl may be that the best way
that this trade-off can be understood is by conducting &sefi listening tests.

9.2.3 Integration of the Active Noise Control and Active Sond Reproduction
Systems

To implement a cost-effective active noise control systenmbbth engine and road noise it is
important that the two systems share common system resoanckalso operate effectively in
conjunction with each other. It is also possible that thévaatoise control and active sound
reproduction control systems could be implemented withénsdame vehicle and, therefore, the
combined operation is important to understand. Future workd investigate the potential
effect of the feedback control system on the acoustic resparf the environment and the
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consequent effects on the feedforward control system, éh&opal audio system and external
sound sources such as speech.

A final area of potential development of the work presentettiimthesis is to combine the
functionality of the active noise control and active soueproduction systems. For example,
with reference to Figur®.1it may be desirable to cancel road noise at all seating locsti
while providing an equalised engine noise to the drivercedimg the engine noise at all pas-
senger locations and producing independent audio progesmaineach seating location. For
example, the driver may require personalised warning soand satellite navigation instruc-
tions, while the rear seat passengers may want to watch a wide the front seat passenger
may want to listen to the radio. The development of such asystould require a thorough
understanding of the interactions between the variousr@osystems, but would potentially
give enough added functionality to motivate automotive ufacturers to provide the addi-
tional system requirements which are still difficult to jiispurely within the context of active
noise control.
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Appendix A

Elemental Model

The modal model derived in Secti@il may be used to determine the coupled response of the
system in modal co-ordinates, however, it is perhaps eesismmpute the physical effects of
coupling by deriving a model which describes the system \debain physical co-ordinates
directly. This may be achieved using an elemental modelessribed for a vibrating structure
by Elliott and Johnson1[89 or for a structural-acoustic coupled system by Kitd7]. Such a
model enables a system to be considered as a whole, rathattaaingle point as in the modal
model (see equatior’is5and2.9). The elemental model thus lends itself to the modellindnef t
structural-acoustic coupled system, particularly wheunttiple panels of the enclosure are non-
rigid. The modelling of multiple panels has largely beenleeigd in the literature, with most
theoretical investigations considering a single norndrigall or panel 109, 121, 122, 123 124,
125 126, 127). The elemental model can also be used on geometries whaeeahe no simple
analytic modal expansions, since the structural and aicogstponses can be calculated using
the finite element method, or boundary element method, famgie. Therefore, the elemental
model will be derived.

The elemental model is based on dividing the system into abeurof elements within
which the structural and acoustic mode shape functionsgpmzgimately constant. The size
of the elements must, therefore, be determined based oretipgsincy range of interest and the
precision of the results required — for the same precisidrabincreased frequency of interest
the element size must be reduced. A common rule of thumb igthieee should be at least
6 elements within the shortest wavelength considefdd]] At each element the response
is represented by the velocity and pressure at the centteeaglement. The overall system
response can then be determined from the combination ofeeldresponses.

For an acoustic excitation at a single frequency within thelasure the vector of acoustic
pressuresp, at theL elements may be related to the column vector of effectiveisttmsource
strengths at each elemeqj, via the(L x L) uncoupled acoustic impedance maf; that is

P=ZaGp. (A.1)
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The uncoupled acoustic impedance of each elemedj iis defined as

Za(i,J) =~ (A.2)

that is the ratio of the pressure produced at elemehte to the effective volume velocity
at elementj. Using equatior2.1 from the modal model presented in Chap2ethe acoustic
pressure at thieth element can be written as

N
(%) = Zoanlpn(xi)> (A.3)

wherea, is given by equatior2.10 Assuming that the effective volume velocity on th¢h
element can be approximated as a point volume velocity soacting at the centre of the
element, the complex amplitude of theh acoustic mode can be written as

pOC(Z)An | 0008 )5

pOC%Anwnw (%;) (A.4)

whereAV; is the volume associated with theth element. Substituting equatioh4 into
equationA.3 gives the pressure at tlivth element due to the effective source strength as

N

Xi) z n(Xi) AnWn XJ)qA(XJ) (A.5)

Thus the uncoupled acoustic impedance betweentthand j-th elements can be written as

N

Za(i, | z (%) Aan(X;). (A.6)

This may be written in vector notation fof acoustic modes as

Za(i, 1) = W(x) " ZaW(x;), (A7)

wherey(x) is the(N x 1) vector of the uncoupled acoustic mode shape functions etdioate
positionx. The complete matrix of uncoupled acoustic impedances ey lbe written as

Zn =[] Za[y], (A.8)

where[y)] is the(N x L) matrix of uncoupled acoustic mode shape functions.

An acoustic excitation within the enclosure not only pragkian acoustic pressure but may
also induce a source strengil} on the elements positioned on the non-rigid structure. &hes
source strengths can be related to the vector of acoustisymes via the acoustic admittance
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matrix, Ycs, that is
qst — —YCSp' (Ag)

Each element of the acoustic admittance matrix is defined as

ch(i, J) _ _qst(yi)’ (A.lO)

that is the ratio of induced structural source strengthexhehti due to the acoustic pressure
at elementj. Using the relationship between the volume velocity andaigl of an element

Ast(Yi) = ASW(Y;) (A.11)
whereAS§ is the surface area of thah element, equatioA.10 can be rewritten as

ASW(Y;) .

oy,) (A.12)

Yes(i, j) = —

Using equatior2.6from the modal model in Chapt@rthe vibration velocity at theth element
is given as

K
W(y;) = kz be@e(¥i), (A.13)
=1

whereby is given by equatior2.15 Based on the assumption of the elemental model that the
acoustic pressure and mode shape function are constanthevgith element, the complex
amplitude of thek-th structural mode can be written as

1
by =— pSTSFBk/ASj dS(PK(Yj)p(Yj)
1

=T oS Brax(Y;) p(Y;)AS;. (A.14)

Substituting equatior.14 into equationA.13 gives the vibration velocity of thieth element
due to the acoustic reaction force as

K

T phS kZ Oc(Y1) Bk (¥;)AS; p(y;).- (A.15)
s =1

w(y;) =

Therefore, the acoustic admittance can be written as

K

hS kzlAS(W(yi)Bk%(yj)ASj- (A.16)

YCS(i7 J) =
Once again, for a finite number of structural modes, this neayiitten in vector notation as
Yes(i, ) = ASQTYs@,AS;, (A.17)

whereq, and@; are (K x 1) vectors of the uncoupled structural mode shape functioeteat
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mentsi and j respectively. The complete matrix of acoustic admittaneg then be written
as

Ycs=S¢"Ys[@]S, (A.18)

where[q] is the (K x L) matrix of uncoupled structural mode shape functions 8risl the
(L x L) diagonal matrix of element aredsS .

Since the effective source strenglfa, is equal to the sum of the excitation source strength,
g, and the induced source strengtly, the acoustic pressure and induced source strengths can
be expressed using equatiohd andA.9 as

p=l+ZaYcd 'Zaq (A.19)

and
Gs = —Ycs[l + ZaYed Zaq (A.20)

respectively. Equationa.19 andA.20 may be used to describe the physical response of the
structural-acoustic coupled system under direct acoastitation. The derivation of the asso-
ciated equations for the case when there is a direct stalaycitation follows.

For an effective structural excitation forcks, the normal surface velocity of the structure,
W, is given as,
w=Ysfg, (A.21)

whereYis the(L x L) matrix of uncoupled structural mobilities from force to @eity, which
differs by a factor of-a? from Ycsin equationA.10 wherea is the area of the element, affig
andw are column vectors of their respective values at each of thlements. The uncoupled
structural mobility of each element ¥ is defined as

Ye(i, ) = W) (A.22)

which is the ratio of the structural velocity produced at thb element due to the effective
force at elemenj. Using equation®.6 and2.7 from the modal model and assuming that the
effective force on thg-th element can be approximated as a point force the stalatalocity

at thei-th element can be expressed as

W) =5 2, (B0 [y sy, By -y))is

TS k;(“‘(yi)Bk‘“‘(yJ) fs(¥y): (A.23)

The uncoupled structural mobility between ikl and j-th elements can then be written as

K
Yo(i,f) = e S @Y Ba(Y;): (A24)
1

PshS (&
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For a finite number of structural modes this can be writtereictor notation as

Ys(i,§) = @) Ys@(y)), (A.25)

and the complete matrix of structural mobilities is theregihas

Ys=[g"Ys[q], (A.26)

where|@)] is the(K x L) matrix of structural mode shape functions.

Similarly to the acoustic excitation case, the structuxaltation not only produces a struc-
tural velocity but also induces an acoustic reaction fofgeat the elements on the non-rigid
structure. This reaction force can be related to the stralcelocity vector via the mechanical
impedance matrixZca, which differs by a factor of 1a? from the acoustic impedance matrix
Z in equationA.1; that is

fA=ZcaWw. (A.27)

The coupled acoustic impedance of each elemeBtjncan be expressed as the ratio between
acoustic reaction force at theh element due to the structural velocity at hth element as

Using the relationship between the acoustic pressure analcbustic reaction force

fa(Y;) = ASp(Y;) (A.29)
to substitute forf this becomes
Spy;)
=—"c, A.30
A7y, (A3

Once again employing equatiosl and2.10from the modal model and employing the ele-
mental model's assumption that the velocity and mode shapetibn are constant over each
element, the pressure at thth element can be expressed as

_ oG < |
py;) = Ve ZOlIJn(Yi)AnllJn(Yj JASW(Y;). (A.31)

n

The mechanical impedance betweenitile and j-th element is then given as

. g N
Zeali 1) = B 3 BSURY) Ay 05, (A32)
n=
which can be expressed in vector form for a finite number oficstiral modes as

Zea(i, §) = ASW(Y:) " Zad(y))AS;. (A.33)
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The complete matrix of mechanical impedances is given by
Zon= S Za[W]S (A.34)
Since the vector of effective forces acting on the non-rigrdcture is given by
fo=1F—1,, (A.35)

using equationé\.21 and A.27 the structural velocity and acoustic reaction force canxbe e

pressed as
w=[l +YsZca 1Yt (A.36)
and
fo=Zcall +YsZcal MYt (A.37)
respectively.

For the case where both acousiif;,and structural f, excitations are present, equations
A.19 and A.37 may be combined based on the principle of linear superpostt give the
vector of pressures as

p= [l +ZaYcy ' Za(q+SYsf), (A.38)

and the acoustic reaction forces as
fa=[1+ZcaYd *(SZag+ZcaYsf). (A.39)

Similarly, equation®\.20 andA.36 may be combined to give the vector of structural velocities
as
W= [l +YsZca 'Ys(f —SZaq) (A.40)

and the induced acoustic source strengths on the non-tigictgre as
Qs = [ +YcsZal 7 (SYsf — YcsZaq). (A.41)

As in the modal model, the structural-acoustic system thteeibe weakly coupled if either
of the terms in square brackets are approximately equaletadémtity matrix; that is, either,
[|ZaYcs|| ~ 0 or|[YsZcal| ~ 0.
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Appendix B

Further Comments on the Response of
a Structural-Acoustic Coupled
Enclosure with a Single Non-Rigid
Panel

From Figure2.2ait can also be seen that the fully-coupled system exhibiigrafieant peak

in the acoustic potential energy at 26 Hz. From Tdhit can be seen that this corresponds
to the natural frequency of th@, 1) structural mode, however, inspecting the magnitude of the
velocity distribution on the roof panel, as shown in FigBr&, it can be seen that the dominant
mode at 26 Hz in the fully coupled system is {iel) mode. This indicates that the structural-
acoustic coupling has increased the natural frequencyeoflhl) structural mode and this
effect can also be observed in the structural kinetic enprggented in Figur2.2bwhere the
dominant resonance shifts from 16 Hz to 26 Hz.

The physical basis for the increase in the natural frequefdiie (1,1) structural mode
can be understood in terms of its interaction with B, 0) acoustic mode. That is, since the
compliant acoustic mode is lower in frequency than(thd) structural mode it increases the
effective stiffness of the panel through fluid-loading adstincreases its natural frequency.

Based on the interaction between the first acoustic andtstalanodes, it is apparent that
the interaction of two modes causes the two natural freqasrio move apart. This effect is
reported by both Cragg4d.06 and Nefskeet al [103 in the context of a vehicle cabin. For
example, Nefsket aldemonstrate how varying the uncoupled natural frequendyeotailgate
in relation to the uncoupled natural frequency of the enalsvill cause varying shifts in the
natural frequencies of both the coupled tailgate and aoeistlosure.

In addition to the observations already made it can be seen figure2.2athat the fre-
quency of the first longitudinal acoustic mode, which ocairgl Hz in the rigid walled case,
has been slightly increased in frequency to 75 Hz. Based@pritceding discussion it can be
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Figure B.1: The magnitude of the structural velocity of thefrpanel in the fully coupled
system at 26 Hz.

appreciated that this shift must be the result of a structamale, or modes, that are lower in
frequency than the rigid walled acoustic mode but also pnaxe in frequency and with a sig-
nificant geometric coupling coefficient. From Tal& it can be seen that both tk2, 1) and
(4,1) structural modes are lower in frequency than ¢hé, 0) acoustic mode and couple geo-
metrically; however, because tfi2 1) structural mode is significantly lower in frequency than
the first longitudinal acoustic mode compared to (#el) structural mode, the observed cou-
pling effects will be dominated by the influence of tf#e1) structural mode. In this instance
the increase in frequency can be related to an increasedsenelstiffness.

Referring once again to FiguBe2ait can be seen that a significant reduction in the acoustic
potential energy occurs between the fully and weakly caliglestems at around 16 Hz. The
cause of this effect can be explained through equaiid® which gives the acoustic pressure
produced in the enclosure for an acoustic volume velocitjtaton; this equation is repeated
here for convenience:

p=[1+2ZaYcd Zaq, (B.1)

whereZ, is the matrix of uncoupled acoustic impedan¥ggis the matrix of acoustic admit-
tancesq is the volume velocity and the coupled acoustic impedange&/én by

Z=[1+2ZpYcd 1Za. (B.2)

From equation8.1andB.2it can be seen that the pressure produced in the coupledsenelo
for a given acoustic source strength is directly relatedhéoctoupled acoustic impedance, such
that a high value oE will produce a high pressure and vice versa. However, fronatgnB.2

it can be seen that the coupled impedance is dependent othieatimcoupled, or rigid walled
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acoustic impedance, and the acoustic admittance, whidwordiog to equatiorA.9, relates

the acoustic pressure produced by the acoustic source &othiee strengths that it induces
on the flexible panel. FigurB.2 shows the uncoupled acoustic impedance and admittance,
at the point with maximum response, and the resulting caupkoustic impedance of the
rectangular enclosure with a flexible roof panel when only filnst acoustic and structural
modes are considered. From this plot it can be seen that ar lse-hdmittance is high due to
the structural resonance in the flexible roof panel and aiegrto equatiorB.2 this produces

a low coupled acoustic impedance, as seen in the black liRgimeB.2, and, therefore, a dip

in the acoustic potential energy in Figlze2a
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Figure B.2: The coupled and uncoupled acoustic impedamekshe acoustic admittance due
to the structure in the rectangular enclosure with a flexibtd panel when excited at different
frequencies by a single internal acoustic monopole sourkce.magnitude responses are plot-
ted in decibels relative to the maximum response in ordetléavaonvenient comparison of
the results.

In addition to the significant variations between the wealktyg fully coupled responses
already described, the two plots in Fig@2 also show some smaller variations. For example,
Figure2.2ashows a slight peak at 42 Hz, which can be simply related toatimtion of the
(3,1) structural mode (see Tab®2). Figure2.2h which shows the total structural kinetic
energy, also shows some small variations up to around 250THese variations are mainly
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reductions in the fully coupled kinetic energy comparedhi® Wweakly coupled case and can
thus be related to the pressure loading on the panel redtreérgmplitude of vibration.

In addition to the variation in the natural frequencies duthe effects of coupling, a vari-
ation in the mode shape can also be expected. Fo(ltfe0) acoustic mode the pressure
distribution over a cross-section in tlkg-x3 plane through the centre of the enclosure is pre-
sented in Figur®.3. From this plot it can be seen that there is little displacanirethe position
of the nodal line between the weakly and fully coupled systelincan, however, be seen that

the fully-coupled system does result in some variation eghessure distribution away from
the nodal line.

Weakly coupled
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Fully coupled

0
0.8

w 0.6
0.4
0.2

O.

0.5
0 5
-0.5

0
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Figure B.3: The pressure distribution over a cross-sedtiohe x;—x3 plane through the centre
of the enclosure for the first longitudinal acoustic modeunity at~ 71 Hz in the weakly
coupled case and 75 Hz in the fully coupled case.

Previous investigations into structural-acoustic caygpbuggest that a shift in natural fre-
quency should produce a corresponding shift in the nodel dinthe mode 106, 103. For
example, a mass-controlled panel, which increases theah@itequency, is expected to move
the nodal line away from the panel due to the decreased wagtblgl06. Conversely, for a
stiffness-controlled panel mode the nodal line of the attousode is expected to move towards
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the boundary 106]. This has not been observed for tffe0,0) mode, however, it is thought
that this is due to the nodal line being perpendicular to thgls non-rigid panel. In order to
confirm this FigureB.4 shows the pressure distribution in tke-x, plane at a cross-section
through the centre of the enclosure when the rear wall isrigpdd-for both 70 Hz and 75 Hz
for the weakly and fully coupled cases. In the weakly couplase

From these plots it can be seen that at 70 Hz (approximateljrélquency of th€1,0,0)
mode in the weakly coupled case) the pressure minimum itedrsfightly away from the non-
rigid rear wall, as expected since the panel is mass-cdedralound this frequency. Similarly,
at 75 Hz (the approximate natural frequency of the first lardjinal acoustic mode in the fully
coupled system) the pressure minimum is further away fraanntim-rigid rear wall than for
the weakly coupled system. However, comparing the posadfdhe pressure minimum for the
weakly coupled resonance at 70 Hz and the fully coupled sasmnat 75 Hz there is negligible
difference in their positions. This thus clarifies the effet coupling upon the nodal line’s
position reported previousiyip6 103.

70 Hz weak 75 Hz weak

1
><N
0.5
0
15 2

0 0.5 1 0 0.5 1 1.5 2
X X
70 Hz full 75 Hz full
1 1
><(-\I ><(-\I
0.5 0.5
0 0
0 0.5 1 1.5 2 0 0.5 1 1.5 2
X X
-0.5 0 0.5

Figure B.4: The pressure distribution over a cross-sedtiohe x;—X, plane through the centre
of the enclosure for the first longitudinal mode occuring-atl Hz in the weakly coupled case
and~ 75 Hz in the fully coupled case.
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In order to give an overview of the conditions under whiclustiural-acoustic coupling
effects the response of an enclosure with a non-rigid sirsplyported roof, the magnitude
of the geometric coupling coefficients given by equatbh3in the modal model have been
plotted it FigureB.5 for the first 50 acoustic and first 30 structural modes; thikéssame data
as presented in Tab22 but for a larger number of modes. From this plot it can be seen i
general that the geometric coupling coefficients are sesnipr low structural mode numbers,
where the structural mode shapes are less spatially compleis observation is consistent
with the observations regarding Figu2e2 where the largest effects of coupling are seen at
low frequencies. However, Figui.5 remains to show large magnitude geometric coupling
coefficients at higher acoustic modes than appear to beedf@ccording to the energy plots.
This may be explained by the fact that the geometric coumloeificients only depend upon the
geometrical similarity between the acoustic and struttm@de shape functions, and are not
directly related to the frequency of excitation or the freqcies of the acoustic and structural
natural frequencieslP(. That is, for example, although the geometric couplingueen the
(1,1) structural mode and th@,0,2) acoustic mode is strong, the natural frequencies of the
two modes are widely spaced — 15 Hz and 312 Hz respectivelyd;-tharefore, the acoustic
mode does not significantly excite the structural mode acd vérsa.

Acoustic Mode

Figure B.5: Magnitude of the geometric coupling coefficgeif€|, for the acoustic enclosure
with a non-rigid, simply supported roof panel plotted foe tfirst 50 acoustic and first 30
structural modes.
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From the presented simulations it is clear that, for the icemed enclosure, the effects of
structural-acoustic coupling are significant and, theefthe fully coupled analysis should be
employed for further simulations.
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Appendix C

The Effect of Boundary Conditions on
Structural-Acoustic Response

Although the simulation results presented in Secfdtprovide an insight into the effects of
structural-acoustic coupling, it is also pertinent to édeshow the panel boundary conditions
change the coupled response. In SecA@simply supported panel boundary conditions have
been assumed, in practice the boundary conditions arg ligddle somewhere between simply
supported and clamped91]. Therefore, in this section the elemental model will be Eyed

to calculate the structural-acoustic response for systemese the panels are clamped.

C.1 Clamped Boundary Condition Theory

For a clamped panel the resonance frequencies d&-thestructural mode are given b$18,

ER? m\?
o=\ ot (q) G (C.1)

4 2
qk:\/G;z<k1>+G;z<kz> (t—i) +2(t—f> [Hy, (k) (k2)] (€.2)

where,

and the values foGy,, Gy,, Hy, andHy, are detailed in Tabl€.1 The mode shape functions
of the clamped panel are given by the product of the beam mualgesfunctions evaluated in
they; andy, directions L1§. That is,

O(Y1,Y2) = Ok, (Y1) Dy (Y2), (C.3)

where ¢k (y1) is the mode shape function of a beam with the same boundagitmms as
the panel under consideration in tie direction and, similarlyy2(y2) is the mode shape
function of a beam with the same boundary conditions as thelpander consideration in the
y» direction. The mode shape functions for a beam inythdirection clamped at both ends are
given in TableC.2 and the zeros of the ‘gamma-functions’ are detailed in T&& For the
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beam functions in thg direction the indices for the modal intedeand the co-ordinatg are

setto 2.

Table C.1: Values for the constarsg, , Gy,, Hy, andHy, in equationC.2for a rectangular panel
with all four edges clamped (fronlllL8) wherenis 1 or 2 corresponding to the associated

modal integer

kiorks | Gy, or Gy,

Hy, or Hy,

1 1.506
>1 | (kh+0.5)

1.248

(Ko +0.5)2 (1_ m)
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€6¢

Table C.2: Beam mode shape functions inyhelirection for a clamped-clamped beam

Fork; =1,3,5... withi = (k1—|— 1)/2

Fork; =2,4,6... with j =k;/2

dr (Y1) = V2 (COSM (Ly—yll — %) + Ky, coshy; <Ly—yll — %))

o = S with tan(y /2) +tanh(y,/2) = 0

O, (Y1) = V2 <Sian <Ly_y11 — %) + Ky, Sinhy; <|_y_yll _ %))

.
Kig = — ssilr:}(l(\ej//Z)) with tan(y; /2) —tanh(y; /2) = 0

Table C.3: Zeros of the gamma-functions employed in T&b

ki | tan(yi/2) +tanh(yi/2) =0 | tan(y;/2) —tanhly;/2) =0
1 4.7300 7.8532
2 10.9956 14.1372
3 17.2788 20.4204
4 23.5620 26.7036
5 29.8452 32.9868
> 6 (4i;1)r[ (4j+1)m




C.2 Clamped Boundary Condition Simulations

Employing the elemental model from secti@rl in conjunction with the expressions for the
resonant frequencies and mode shapes of the clamped panedsionse of the structural-
acoustic coupled enclosure with clamped panels to an dcaasirce excitation has been com-
puted. FigureC.1 shows the total acoustic potential energy and the totattstral kinetic
energy for the considered enclosure with a non-rigid cladmoef panel for both the weakly
and fully coupled analyses; this plot is directly compaeatol the case presented in Fig@.@
for the simply supported panel. From the plot of total adeugbtential energy, as for the
simply supported case, it can be seen that at frequencies knan around 100 Hz there are
significant differences between the weakly and fully cod@ealyses, suggesting that a fully
coupled analysis is still required for the clamped panetcligs interesting that by comparing
Figure C.lato Figure2.2ait can be seen that there are once again two significant iarsat
in the fully coupled response from the weakly coupled respena peak and a dip. However,
for the clamped panel system the dip in the acoustic potestiergy has been shifted up to
25 Hz and the peak has been shift up to 45 Hz. The differendeseba the clamped and sim-
ply supported system responses may be related to the assbcl@ange in structural resonant
frequencies and mode shapes. It can also be seen from theplppe FigureC.1that the
first longitudinal mode has been marginally shifted up imfrency, however, the effect is not
a significant as was observed for the case with the simplyastgg panel. In terms of the
structural kinetic energy, which is plotted in Figu€elbfor the non-rigid clamped roof panel,
it can be seen that once again the effects of structuralsicocoupling are largely limited to
frequencies below around 160 Hz and the most significardtian corresponds to the increase
in the natural frequency of the, 1) structural mode.

Figure C.2 shows the energy plots for the structural-acoustic systéerevall panels are
non-rigid and clamped; this plot is therefore directly cargble to the simply supported case
presented in Figur@.4. From these plots it can be seen that there are obvious tbastic
effects of the structural-acoustic coupling regardlesthefspecific boundary condition em-
ployed. For example, it can be seen that the most signifidéette are limited to similar
low frequency ranges for both boundary conditions. Howgtés also clear that the specific
narrowband impact of structural-acoustic coupling is gigantly dependent upon the panel
boundary conditions, which is due to the change in panel nsbdpes and resonant frequen-
cies; these are the two properties which, as discussed tim882c2, determine the influence of
the structural response on the acoustical response anderisa.
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Figure C.1: Simulated acoustic and structural respondeecdc¢oustic enclosure with a flexible
roof panel with clamped boundary conditions when excitedifégrent frequencies by a single
acoustic monopole source with a volume velocity of 1én®s 1.
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volume velocity of 10° m3s1,
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Appendix D

Equipment Lists

D.1 Car Cabin Mock-up and Car Cabin Characterisation Mea-
surements

D.1.1 General Setup

« Laptop running Matlab 2011a with data acquisition toolbox

National Instruments cDAQ-9178, Compact DAQ 8-slot USBEa€xis

National Instruments 9263, 4-channel output module

e 4 x National Instruments 9234, 4-channel input module

Power amplifier: HH Electronic VX-200 (serial no. SV2596)

D.1.2 Acoustic Response Measurement Setup

< Volume velocity source, constructed using KEF B110B SH108vers (custom built
enclosure)

« Direct radiator loudspeaker, constructed using KEF B1$@R 057 drivers (custom built
enclosure)

e 16 Panasonic WM-063T electret condenser microphones
16 electret microphone pre-amplifiers (custom built)

e 1/4” Microphone calibrator

D.1.3 Structural Response Measurement Setup

e Shaker: Ling Dynamic System V201 (serial no. 54587.43)
e Shear Accelerometer: PCB Piezotronics A352C67 (seriabBa58)
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 Force sensor: PCB Piezotronics 208C01 (serial n0.21963)

e Sensor signal conditioner: PCB Piezotronics Seriess d&lal no. SV3853)

D.2 Real-Time Feedforward Controller Implementation

D.2.1 Equipment List

 Laptop PC running Matlab/Simulink 2010a and DSpace codisk 3.6

DSpace DS1103 system and break-out board
e 4 Panasonic WM-063T electret condenser microphones

* 4 electret microphone pre-amplifiers

1/4” Microphone calibrator

2 KEF B220-G loudspeakers mounted in 0.01 ¢losed-back enclosures

1 KEF B300-B loudspeaker mounted in 0.028 apsed-back enclosures

2 Behringer iNuke1000 Audio power amplifiers

8-channel low-pass filter box

D.3 Active Control of Sound Reproduction Implementation

RME audio interface (16 input channels and 12 output chajhne

¢ PC running adobe audition

16 Panasonic WM-063T electret condenser microphones

16 electret microphone pre-amplifiers

1/4” Microphone calibrator

4 KEF B220-G loudspeakers mounted in 0.03 afosed-back enclosures

2 Behringer iNuke1000 Audio power amplifiers (4 channels)
8 phase-shift loudspeakers with Visaton SC 4.7 drivers
8 custom made class-D amplifiers
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D.4 Equipment Specifications
D.4.1 Panasonic WM-063T Electret Condenser Microphones
e Dimensions: 6.0< 5.0 mm

» Frequency range: 20 Hz — 20 kHz

Sensitivity: -64 dB+ 3 dB re. 1V/Pa

Omindirectional

D.4.2 Custom made low-pass filter box

The anti-aliasing filters have been custom made by the IS€&renics workshop. The filters
are first order low-pass filters with a cut-off frequency 0b1% — the circuit diagram is shown

in FigureD.1.
R=12kQ
O—— 1} O
v, C=68nF___ V.
O O

Figure D.1: First order low-pass filter employed as antsatig filter
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D.4.3 KEF B200-G Loudspeaker Data Sheet

DATA
SHEET

B200°G

Specification Number SP1075

Low/mid range unit with visco-elastic damped Bextrene
diaphragm and high temperature coil assembly,
suitable for use where low distortion and high power
handling are required.

KEF

Net weight: 1.35 kg
Nominal impedance: 5 ohms
Nominal frequency range: 25-3,500 Hz

Typical enclosure volumes: Totally enclosed box
20-25 litres

Power handling:
Continuous sine wave 28 V RMS (see note 1)
Programme 150 W (see note 2)

Magnet:
Flux density 1.1 T (11,000 gauss)
Total flux 7.15 x 104Wb (71,500 Maxwells)

Voice coil:

Diameter 32.6 mm

Inductance

Max continuous service temperature (30 min) 250°C

Max intermittent temperature (5 sec) 340°C

Nominal DC Resistance, Roc 4.7 ohms (tolerance =+ 5%)

Minimum impedance (in nominal frequence range)
5.3 ohms at 160 Hz

Diaphragm:

Effective area, Sp 246 cm?

Effective moving mass, Mp 24.3 g

Max linear excursion, Xp 6 mm peak-peak

Max damage limited excursion 20 mm peak-peak

Free air resonance frequency, f,:
Nominal 27 Hz

Total mechanical resistance of suspension, Rus:
1.38 mech ohms
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Suspension compliance, Cys: 1.4 x 108 m/N
Force factor, Bl: 6.82 N/A

Damping:

Mechanical Qu: 3.03

Electrical Qg: 0.42
Total Qr: 0.37 (see note 3)

Notes

1

Continuous Power Rating (Pc).
\VZ3
Pc= "

V is the RMS voltage which can be applied to the unit
continuously without thermal overload of the voice
coil. At low frequencies the continuous power rating
of the speaker may be reduced because of
limitations imposed on diaphragm excursion by the
acoustic loading.

The programme rating of a unit is equal to the
maximum programme rating of any system with
which the unit may be safely used in conjunction
with the recommended dividing network and
enclosure.

The programme rating of any system is the
undistorted power output of an amplifier with which
the system may be satisfactorily operated on normal
programme over an extended period of time.

2mfg My 2 fg Mg 1 1 1

M = E= e S
Rus (BN*Roc  Qr Qu Qg




D.4.4 KEF B300-B Loudspeaker Data Sheet

DATA
SHEET

B300'B

Specification Number SP1071

Low frequency unit with visco-elastic damped Bextrene
diaphragm and high temperature coil assembly,
suitable for use where low distortion and high power
handling are required.

Net weight: 3.75 kg (8 Ib 4 02)
Nominal impedance: 8 ohms

Nominal frequency range: 25-2,000 Hz
Typical enclosure volumes:

Totally enclosed box 85-75 litres

Reflex 90-180 litres

Power handiing:
Continuous sine wave 35 V RMS (see note 1)
Programme 200 W (see note 2)

Magnet:
Flux density 1.02 T (10,200 gauss)
Total flux 1.3 mWb (130 k Maxwells)

Voice coil:

Nominal diameter 52 mm

Nominal DC resistance, Roc 6.9 ohms (tolerance £ 5%)

Minimum impedance 7.8 ohms at 120 Hz (in nominal
frequency range)

Max continuous service temperature (30 min) 250°C

Max intermittent temperature (5 sec) 340°C

Diaphragm:

Effective area, Sp 520 cm?

Effective moving mass, Mp 73 gm

Max linear excursion, Xp 12 mm peak-peak

Max damage-limited excursion 25 mm peak-peak

Free air resonane frequency, f,:
Nominal 23 Hz (tolerance % 5 Hz)

Total mechanical resistance of suspension, Rus:
2.0 mech chms
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Suspension compliance, Cus: 6.6 x 10~ m/N
Equivalent volume of compliance, V,g: 250 litres
Force factor, Bl: 12 N/A

Damping:

Mechanical Qu 5.3
Electrical Q: 0.50

Total Q; 0.46 (see note 3)

Notes
1 Continuous Power Rating (Pc).
V2
Pe=g

Vis the RMS voltage which can be applied to the unit
continuously without thermal overload of the voice
coil. At low frequencies the continuous power rating
of the speaker may be reduced because of
limitations imposed on diaphragm excursion by the
acoustic loading.

2 The programme rating of a unit is equal to the
maximum programme rating of any system with
which the unit may be safely used in conjunction
with the recommended dividing network and
enclosure.

The programme rating of any system is the
undistoried power output of an amplifier with which
the system may be satisfactorily operated on normal
programme over an extended period of time.

3 Q 2nfs My 2nfs My 1 1 1
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D.4.5 Visaton SC 4.7 Loudspeaker Data Sheet

Table D.1: Visaton SC 4.7 Technical Dati9p].

Rated Power 2W
Maximum Power 4 W
Nominal Impedance 8 Ohm
Frequency response 220 - 20000 Hz
Mean SPL 81 dB (1 W/1 m)
Excursion limit +0.5m
Resonance frequency 420 Hz
Magnetic induction 07T
Magnetic flux 6QWb
\oice coil diameter 14 mm
Height of winding 2 mm
D.C. resistance 7.5 Ohm
Mechanical Q factor 4.92
Electrical Q factor 8.18
Equivalent volume 0.91
Effective piston area 45 ¢t
Dynamically moving mass 0.7¢
Force factor 1.2Tm
\oice coil inductance 0.3 mH

21

@22

@3.6

SC 4.7 ND
11.08.2008

Figure D.2: The dimensions of the Visaton SC 4.7 loudspedikeer (reproduced fromil92).
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Appendix E

Loudspeaker Model

The force,F, produced by a moving coil loudspeaker is related to thetimpurent via the
transduction coefficientp, that is,
F=aq, (E.1)

wherei is the current input to the loudspeaker, which is determmethe feedback controller.
Assuming that the loudspeaker is current controlled theoii u, can be related to the current

via the mechanical impedandg;:
F_a

It then follows that the volume velocity per unit curre¥it, is given by,
v = % (E.3)
Zn
whereAy is the area of the diaphragm and the mechanical impedanoeers lgy,
Zn= S +r 4 jom (E.4)
mn= e J :

whereSis the loudspeaker’s stiffnessjs the mechanical damping of the loudspeaker, @nd
is the loudspeaker’s moving mass. Therefore, equ&iGman be written as,
JopAg

= Stipn e —(2p

(E.5)

where(, is the damping ratio of the loudspeaker. This loudspealsgromse is shown in Figure
E.1for the loudspeaker properties detailed in Tabl& Due to the phase response associated
with the loudspeaker system it is necessary to design thispmaker's response in order to
optimise the control that is achievable within the speciéadlosure. The resonance frequency
of 50 Hz has been chosen in order to optimise the system’saaglmrformance for a rigid
walled enclosure with the dimensions and source and semsitigns shown in Figurd.1;

that is, as shown in Figuie.2, the total acoustic potential energy at the first longitatimode
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Figure E.1: Frequency response of the second-order SD@Bpeaker model.

Table E.1: SDOF loudspeaker model properties

fn 50 Hz
4 0.9

S 700 Nntt
@ 0.17 N/A
Ay 25x10°72

(72 Hz) is minimised when the loudspeaker’s natural freqgués chosen to be 50 Hz.
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Figure E.2: The total acoustic potential energy within tiggdrwalled enclosure when min-
imised using an error sensor positionedat= [0,0,L3] and a secondary source positioned at
Xs = [L1/4,0,L3/4] with differing loudspeaker natural resonances.
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Appendix F

Multi-Input, Multi-Output Robust
Stability

The stability of a multichannel feedback system can be deterd based on a generalisation
of the Nyquist criterion, which is discussed in the contekSt50 systems in Sectiofh.3.1
The multichannel generalisation of the Nyquist criteritates that the closed-loop system will
be stable provided that the locus of the function

det]l + G(jw)H (jw)], (F.1)

does not encircle the origiri82. However, due to the potential complexity of a multichanne
system it is often difficult to predict the effect of gain clyas in all of the elements of the
controller matrix on the shape of the locus and, thereforeljable guide to the relative stability
of the system is not provided 32].

A simpler guide to the relative stability of the multichahfeedback system can be ob-
tained by expanding equatidnlas [L32)

det]l + G(jwH (jw)] = [1+ A1 (jw)] [1+A2(jw)] --- (F.2)

where;(jw) are the eigenvalues of tl&( jw)H (jw) matrix. The stability of the closed-loop
system can be guaranteed by ensuring that the loci of thenailyees, termedharacteristic
loci, do not encircle thé—1,0) point. Despite this simple stability condition, the contsep
of gain and phase margin, and therefore robust stabilitil véspect to SISO systems, do not
translate directly to the multichannel case unless thaeisultaneous change in the gain and
phase of every element of the plant response mat&¥[ In general this limits the practical
usefulness of equatioR 2, even though it has been shown by Serrand and Ell®&g|[that in
a particular example of a simple two channel vibration isotasystem the eigenvalues of the
open-loop response may be related to the heave and pitcludgsrof the beam structure.

An alternative condition for multichannel stability is temall-gain theorem, which states
that if the largest singular value of the plant matrix muiég by largest singular value of
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controller matrix is less than unity at all frequencies thlea multichannel feedback system
will be stable L32]. This can be expressed as

o[G(jw)]oH(jw)] <1 Y, (F.3)

wherea |- -] indicates the maximum singular value of the associatedixnatr general this
gives an overly restrictive condition for stability, butig useful in defining robust stability
constraints for the mutichannel system beld33.

The condition for robust stability in a multichannel feedbaontrol system is significantly
more complex than for the SISO cadbf, 132). In a SISO system, plant uncertainty from
multiple sources can be lumped together into a single geation [L54]. However, in a MIMO
system, the effects of input and output perturbations dferdnt and, therefore, cannot always
be combined to provide a simple description of the plant ttaagy [154]. This will be shown
following the derivation in 132, however, an equivalent formulation can also be found in
[154] and both of these are based on work presented94]|

A multiplicative input uncertainty can be described as
G(jw) = Go(jw) [I + A (jw)], (F.4)

whereGy( jw) is the matrix of nominal plant responses ahdjw) is the multiplicative input
uncertainty. This form of uncertainty may be produced, fearaple, by variations in the
positions of the control source$32. A multiplicative output uncertainty can be described as

G(jw) = [ +80(jw)] Go(jw), (F.5)

whereAp(jw) is the multiplicative output uncertainty. This form of umznty may be pro-
duced, for example, by variations in the positions of theresensors132]. It is helpful, as in
the SISO case, to define an upper bound on the magnitude ofaheymcertainties and this
may be calculated for the multiplicative input and outputentainties respectively as

0[A (jw)] < B (jw), (F.6)

0[Ao(jw)] < Bo(jw), (F.7)

whereB,; andBgp are the bounds on the magnitude of the input and output w@ictes respec-
tively. If it is assumed that the plant has an equal numbenmifis and outputs, then the input
and output uncertainties can be written by rearrangingteansf.4andF.5as

B
€
I

Go(jw) ™ [G(jw) — Go(jw)], (F.8)
Ao(jw) = [G(jw) — Go(jw)] Go(jw) ™. (F.9)
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The output uncertainty can then be rewritten in terms of ipeii uncertainty to give
Ao(jw) = G(jw)A G(jw) L. (F.10)

Taking the maximum singular value, or 2-norm of equafcthOand using the property of the
2-norm thato [AB] < o[A] o [B] gives an indication of the relative sizes of the input angout
uncertainties

0 [Bo(jw)] < 0[G(jw)]o[A]0 [G(jw) ] (F.11)

The condition number of a matrix is given by the ratio of itgykst to its smallest singular
values and, therefore, equatibtiilcan be rewritten in terms of the condition number of the
nominal plant matrix as

0[Ao(jw)] < K[Go(jw)]a[A], (F.12)

wherek [Go(jw)] is the condition number of the nominal plant. Since the Istrggngular
values of the input and output uncertainties are governeedosations.8 and F.9, equation
F.12can be written for the maximum uncertainty in both input antpat as

Bo(jw) < K[Go(jw)]Bi(jw). (F.13)

From this it can be seen that if an input uncertainty were rhedi@s an output uncertainty,
then for a plant with a large condition number the bound ondhgut uncertainty would
have to be much higher than the original input uncertaintyr tRis reason it is not reliable
to lump input and output uncertainties, particularly whiea plant condition number is large
[154). To achieve a reliable bound on the multiplicative undattaof a multichannel plant it
is, therefore, necessary to model the plant uncertaintyravib@hysically occurs132 154].

Despite the highlighted problems of lumping input and otitcertainty in a multichan-
nel system, it is convenient to assume that the plant unogrtaan be modelled as output
uncertainty. In the simulation scenario any plant uncetyais artificially defined and, there-
fore, defining the multichannel plant uncertainty as outmdertainty looses no generality, but
does allow a convenient condition for robust stability. Toadition for robust stability in the
case of unstructured output uncertainty is givenlaZ]

_ . 1
o[To(jw)] < Bjo) Y, (F.14)
whereT o (jw) is the multichannel complementary sensitivity functiorifef nominal plant and
is given by
To(jw) =1 +Go(jo)H ()] Go(je)H (jow). (F.15)
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Appendix G

Multi-Modal Controller Formulation

In Chapter4 a multi-source, multi-sensor, single mode feedback cbsyrstem has been de-
fined and its performance has been investigated. In manyigabapplications there may be
a need for a higher-order controller that can control midtipodes. For example, it has been
shown in Chapte6.3 through offline simulations of a fully MIMO feedback conte that

it is possible to achieve significant levels of global cohtrbroad noise in a car cabin using
the error sensors and loudspeakers already provided fedéoievard engine noise controller.
However, the practical implementation of this multichdrieedback controller is potentially
difficult to achieve due to the computational requirementstae need for a high sampling rate,
as discussed in Chaptér The computational requirements of the multichannel systeay
be reduced by employing a multi-modal feedback controlesysand, therefore, providing a
compromise between the fully multichannel feedback cdlietrand the single mode controller.
The equations governing a multi-modal feedback contraiesgswill, therefore, be presented
in order to support future work in this area.

A block diagram of the multi-sensor, multi-source, multdal feedback control system
is presented in Figur&.1 The feedback control system consistsMfloudspeakers ante
discrete error sensors and may be used to cohralargeted acoustic modes. ANy x 1)
vector of composite error signalg,, is generated through the weighted summation of the
signals from thd_¢ discrete error microphones. This weighted summation iddmpnted via
the (Le x Ny) matrix of real, frequency independent, error sensor waighifW,, and can be
expressed in terms of thee x 1) vector of pressures at the error sensgsas

P =W/ pe, (G.1)

whereT denotes the matrix transpose and the vector of pressurle atror sensors is given
by the summation of théle x 1) vectors of pressures due to the primary disturbapgeand
the control, or secondary sourcgs, so that

Pe = Pp+ Ps: (G.2)
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The composite error signgb,,, is filtered by theg Nt x Nt ) negative feedback controller matrix,
—H, to give the vector of composite secondary source strengths

q.=—Hp.. (G.3)

The composite source strengths are then sent thitlmidspeakers, or secondary sources, via
the (M x Ny ) matrix of real, frequency independent source weightiMdg, which gives the
vector of secondary source strengths as

s = YLWqu (G-4)

whereY\ is the matrix of volume velocity produced per unit input entrto the control loud-
speakers. The secondary source strengths are related tedtur of pressures due to the
secondary sourceq, via the (Le x M) matrix of acoustic transfer impedances between the
secondary sources and the error sensbysand thus equatiod.2 can be expanded to give,

Pe = Pp+ Z4q. (G.5)

Substituting equationd.1, 4.3 and4.4 into equationd4.5 and rearranging gives the vector of
error Sensor pressures as
-1
Pe = [I +YLZWy, HWI] Pp (G.6)

wherel is an(Le x L) identity matrix. The(L x L) matrix sensitivity function of thé. input,
M output feedback controller is given by

S=[1+Y ZWyHW] (G.7)
and the open-loop response is given by
YL ZWyHW] , (G.8)

where theM input, Le output plant response is given /=Y Zs and thelL. input, M output
controller response is given Wy HW/ . However, substituting equatiods3, 4.4and4.5into
equatiord.1 gives the composite error signal as

pe = [1+YLW] ZWyH] W] py, (G.9)

wherel is an (Ny x Nr) identity matrix in this case, and th@Nr x Nr) matrix sensitivity
function of the composite system is given as

S =[1+Y W] ZWyH] . (G.10)

312



qS

W, > ¢

P.

. gk

Figure G.1: Block diagram of the multi-source, multi-semsoulti-modal feedback control
system.

The open-loop response of the composite system is given by
Y. W] ZWyH, (G.11)

where theNr input, Ny output composite plant is given b W] ZW,, and the controller

response is simply given k.

313



314



Appendix H

Alternative Modal Controller Design
Strategy

H.1 Spatial Filtering

In a rigid walled, rectangular enclosure the selection efttansducer weightings is relatively
straightforward, as described in Sectibi with reference to Figurd.5. However, in a more
complex system such as the car cabin or even the non-rigigdvahclosure investigated in
Chapter2, the process of selecting the transducer weightings isametraightforward due to
the potentially complex characteristics of the acousticlenshapes. As detailed in Sectin,
previous work on acoustic modal control has overcome thoblpm by defining the sensor
weightings for a given acoustic mode as the real part of tbest transfer response between
the error sensors and an arbitrarily positioned loudspeatkbe frequency of the targeted mode
[146]. In the system presented ih46], due to the use of approximately collocated sources and
sensors, the source weightings are then set equal to theiassiosensor weightings.

For the modal feedback control system described in Chdptiwe error sensors and sec-
ondary sources are not collocated in order to allow intégmatith a feedforward engine noise
control system. Therefore, it is not possible to simply ketdource weightings equal to the
sensor weightings as ii46]. The systematic weighting method proposed by Lanhal [146]
can be extended to the non-collocated source-sensor sisteefining the source weightings
for a given acoustic mode as the real part of the transfeprespbetween each of the secondary
sources and a sensor collocated with the arbitrarily myetl source at the frequency of the
targeted mode. Although this method of defining the transdueightings may be effective,
it is in fact sensitive to the position of the collocated smuand sensor used in the weighting
calculation. For example, if the transducer pair was parsitdl on the nodal line of the targeted
mode then the resulting transducer weightings would beestitp random variability due to
the low coupling between the transducers and the targetatk raod the consequent poten-
tial dominance of noise in a measured value. This preseats/tiist case scenario and could
be avoided by sensible source-sensor positioning. For gbearim the rectangular enclosure,
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which has been investigated in Chapeif the source-sensor pair were positioned in the cor-
ner of the enclosure then this effect would be avoided fogaicant number of modes and,
in particular, the low frequency modes that could be tad@tith an active control system.

Although it is possible to use an extension of the transduegghting method proposed
by Laneet al [146], this method requires the measurement of at least an additiset of
transfer responses compared to the plant identificati@adyr required. In a complex acoustic
enclosure such as the car cabin, it may also be difficult teelam appropriate location for the
collocated source-sensor pair and, therefore, an alteenaiethod of systematically selecting
the transducer weightings when disturbance rejectiondsired over a specific frequency
range will be presented. An earlier version of this work hesrbpresented irtp9.

The aim of the transducer weightings is to ensure that thsitséty function is small at
frequencies where disturbance rejection is required amgbdo unity at all other frequencies.
That is, the spatial filtering should produce a distributa@yathat is sensitive at frequencies
where disturbance rejection is required and insensitivallaither frequencies. From equa-
tion 4.11it can be seen that to achieve a sensitivity function thatteng®se requirements
it is necessary to maximise the open-loop response oveatgetéd frequency range whilst
minimising it elsewhere. The open-loop response for thglsimode controller is given by

G(jw)H (jw) = YL (jw)W Zs(jw)wmH (jo)
=W G(jo)wyH (jw), (H.1)

whereG(jw) =Y. (jw)Zs(jw).

H.1.1 Source Weighting Optimisation

Based on the desired characteristics of the open-loop mesp@mne method of defining the
source weightings is to maximise the response between thpagite source strength and the
pressure produced at the error sensors by the secondagesawer the targeted frequency
range, whilst minimising this response at all other freques The response between the
composite source strength and the pressure produced atrtiiesensors for a single mode
controller is given by _
B — Gl jwm. (H.2)

and the definition of the source weightings can be achievaeddximising the ratio

512 WHGH (jor)G(jor) Wi

f1—1,,T ~H/: . N T ~AH/: . ) (H3)
Yoo WG (Jwr)G(joor )W + Ty, 1 Wy G (Joor )G(jws)Wm

where a total olNs discrete frequencies are considered &nend f, are the lower and upper
bounds of the acoustic mode targeted for disturbance i@jecthe maximisation of the ratio
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given by equatioH.3 can be cast as a constrained optimisation problem whererthis ¢

f2

maximise: Z wl, G (jor)G(joor )W, (H.4)
f=1
fl—l Ns
subject to: Z wi, G (jor)G(joor )wiw + wl,G™ (jor)G(jor)wy =c,  (H.5)
=0 f= 2+1

wherec is a constant. Defining the summation over the targeted gectee bandwidths as

f2
Tu= Z G (jor)G(jwy), (H.6)
f=11
and
flfl Nt
Rv = Z G (jor)G(jor) + G (jwr)G(juy), (H.7)
=0 f=1+1

allows this optimisation to be written more concisely. Tlstdfunction to be maximised can
be expressed using the method of Lagrange multiplieré a8 [

I =W TmW + A (W, Ruwy —¢) (H.8)

whereA is the real positive Lagrange multiplier. Since the soureggimings are constrained
to be real, it can be shown that the cost function to be maxithis [L95]

Im :W;\I—AD{TM}WM —{—)\(W;\I—AD{RM}WM—C). (H.9)
Differentiating this cost function with respectw,, equating to zero and rearranging gives
Wy = —A0{Tu} *0{Ry wy. (H.10)

To maximise the cost functiody,, the vector of source weightings must thus be the eigenvecto
of the matrix0{Ty}*0{Ru} corresponding to its largest eigenvalue.

H.1.2 Sensor Weighting Optimisation

The sensor weightings can be defined using a similar apptodabke method used to define the

source weightings. In this case, however, the weightingsiafined to maximise the response
between the composite source strength and the compositsupeedue to the secondary sources
over the targeted frequency range, whilst minimising tleisponse at all other frequencies.

The response between the composite source strength andrtiposite pressure due to the

secondary sources for a single mode controller is given by

Pe(j®) _ w G(jw)Wy, (H.11)
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and the optimisation of the source weightings can be actlibyanaximising the ratio

f2 TC(i T H/
> W, G(jos )\WywW,, G™ (jws)w,
> i, W G(jwr )wmwy G™ (jwr )wi  (H12)

3 6 W] G(joor )W, G (joor )WL + 3, W] G jeor )wiaw; G (jeor )wi
where the source weightingsy, have been pre-defined according to equaltiok0. Defining
the summation over the targeted and rejected bandwidths as

f2
T = Z G(joor )Wmwi G (jooy), (H.13)
f=1

and
flfl N¢

R = Z G(joor )Wnwy, G™ (joor) + G(jwr)wWmwy, G (jwr), (H.14)
=0 f=1+1

and following the method used in the optimisation of the seuweightings gives the cost

function to be maximised as
J=wWTw +A(WRwW_—c), (H.15)

whereA is again the real positive Lagrange multiplier. Since thesee weightings are con-
strained to be real, it can be shown that the cost functiore tméximised is195

J=wlO{T jw. +A (W O{R }w_—c). (H.16)
Differentiating this cost function with respectwg , equating to zero and rearranging gives
w. = - A0{T } 'O{R }w.. (H.17)

To maximise the cost functiod, , the vector of sensor weightings must thus be the eigenvecto
of the matrix0{T_}*0{R_} corresponding to its largest eigenvalue.

H.1.3 Discussion

The proposed approach to defining the transducer weightfig@ugh computationally unde-
manding compared to the method presented in Chdptexrs a number of potential limitations.
Firstly, the definition of the source and sensor weightirgguires two separate stages and,
therefore, does not necessarily provide the optimal seaobtucer weightings. The proposed
approach is also only capable of defining the weightings feingle mode, single channel
system. In order to use this method to calculate the tramsdueightings for a multi-mode
controller, where the transducer weightings are matrég,andW,, the weighting vectors
for each individual mode must be set independently and tberbied to form the required
matrices. This approach assumes that the interactionebatthe modes in a multi-mode con-
trol system are negligible. This would only be the case instesy with low modal density and
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damping and, therefore, this method does not guaranteetmnabgolution in the majority of
practical problems. Despite the potential limitationshaf proposed method of optimising the
spatial filtering, it does provide a computationally effiti@nd systematic method of defining
the transducer weightings and, therefore, it has beendediinere for reference. The appli-
cation of this method to the road noise control problem has leenployed in159, however,

it is shown that the performance is limited due to the mudtigdsonances present in the road
noise control problem.
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Appendix |

Simulink Feedforward Controller
Implementation

In Chapter6 the design and performance of the feedforward first engiderarontroller have
been presented. This appendix provides additional deathilse Simulink implementation of
the controller.

.1 Feedforward Controller

Figurel.1 shows the main block diagram of the feedforward controftgslemented in Simulink.
The inputs to the controller are shown by the blocks labelBC TACHOandADC Error 1,
which relate to the tachometer input signal and the fourreniorophone signals respectively.
The three outputs from the controller are shown by the thiteekb on the right-hand side
labelledDAC 1, 2and3. Inputs to the controller are all multiplied by a factor of 46d the
outputs are multiplied by a factor of/10, which is related to the operation of the DS1103
processor board.

The tachometer input can be seen at the top left hand side didick diagram and this is
connected tdachaProcessingblock, which calculates the frequency of the first enginesord
and the contents of this block are shown in more detail infieig@ and discussed in Sectib.2.

The frequency of the first engine order is used to producentiphase and quadrature reference

signals, using thain and cosblocks. The frequency of the first engine order is also sent to
the block labelledalpha.scheduling which calculates the current value of the convergence
coefficient,a(n), based on the multiplication of the frequency independahievofag, given

in the block diagram by the block labelledpha and the frequency dependent convergence
coefficienta ¢, which is determined from a look-up table within tAkpha.schedulingblock.

The generated reference signals are sent along with theefooir microphone signals to
the two blocks labelledcousticLMSandAcousticLMS1, which implement the adaptive LMS
filters whose operation is described in the first subsecti®@eotion6.2.2 The details of these
two blocks are shown in Figulle3 and briefly discussed in Sectids3.
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The outputs of the LMS blocks are summed to form the completéral signals and these
are sent to the outputs via a saturation block, which previsi@tection to the loudspeak-
ers and amplifiers in the case of controller instability. Toatrol signal is also sent to the
beta schedulingblock, which calculates the control effort weighting paeders. The detailed
contents of this block are provided in Figule$andl.5.

I.2 Tacho reference signal processing

The tachometer signal processing block is presented inré&Idl This block receives the un-
processed tachometer signal, which is a once-per-rev,@nsecalculates the frequency of the
first engine order. The first three blocks on the left of theeckldiagram take the unprocessed
tachometer signal and remove noise that may produce fédggeting by outputting a signal
from the switch which is either zero or one. ThRelge Detectoblock receives this signal
and outputs an impulse for each positive going transitidme Counterblock then counts the
number of samples between consecutive pulses to give amiageous estimate of the period
measured in samples. The next three blocks, which consiatoco§ample and hold blocks for
the current and previous counter values andcaor stopperblock, remove any significant
variations in the estimated period. That is, if the curresiqal is either unrealistically larger
or smaller than the previous period then it is assumed thalsa frigger or missed trigger has
occured and the algorithm maintains the previous periodhast for an additional iteration.
The following group of blocks implement a moving averageefilivhich ensures unrealistic
rapid variations in the estimate do not occur. The dividelblihe calculates the frequency of
the first engine order and this is the second output ofehaProcessinglock. To calculate
the in-phase and quadrature reference signals it is negdssealculate the angle of the ref-
erence signal, which depends on the rate of change of theeesgeed rather than simply its
instantaneous frequency. This is calculation is perforimgthe remaining blocks including
the Running Sunlock.

1.3 Least Mean Squares Adaptive Filters

The LMS adaptive filter block is presented in Figui& The operation of the LMS adaptive
filter is detailed in Sectio®.2.2 It is helpful to highlight the main elements of the algomith
implemented in Simulink. The four main inputs to this bloc& the reference signal, the vector
of error signals, the convergence coefficient and the cbaffort weighting parameter. The
reference signal is filtered by tidant Modelblock to produce the matrix of reference signals,
the rest of the operation is described in conjunction withwlork presented in Sectidh?2.2
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1.4 Control Effort Weighting Scheduling

The control effort scheduling, dretaschedulingblock, is presented in Figude4. The first
input to this block is the vector of control signals and thetfoperation on this signal is to
calculate the modulus squared value and perform a runniogmean square (RMS) over
each period of the signal, which is determined based on ti reference signal. This is
necessary due to the oscillatory nature of the signal aneblsimg the control effort weighting
parameters on the instantaneous signal result in an dsaillaontrol effort parameter. The
average value of the control signals at each period is thénisi the three independent
signals and sent to the sub-blocks labeletal schedulingthe details of which are shown in
Figurel.5. These three blocks calculate the control effort weightiagameters for each control
output, as detailed below, and their outputs are combing&gttothe matrix(1—a(n)A), which

is used in the LMS update algorithms.

The threebetal schedulingblocks calculate the three control effort weighting partere
Each control effort weighting parameter consists of a teme td the modulus squared control
signal averaged over a period and a term due to the frequdnmyntrol. The control effort
weighting scheduled on the modulus squared control sigr@dlculated according to equation
6.30 which is implemented in thEmbedded MATLAB FunctioThe output of this function is
multiplied a constant scaling term that sets the magnitditteeccontrol effort weighting for the
specific system and then this value is passed through a mavéargge filter to ensure that rapid
variations in the control effort weighting parameter do notur. The frequency dependent
control effort parameter is scheduled according to eqodti82and this is implemented in the
lower half of the block diagram shown in Figuté. The frequency dependent and control
effort scheduled control effort weighting parameters hemntsummed before being output into
to the main block diagram shown in Figurd.
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Appendix J

The Effect of Structural-Acoustic
Coupling on Personal Audio

It has been shown in Chapt8rthat feedforward active noise control is largely unaffdcte
by structural-acoustic coupling. Therefore, due to theilanity in the operating principles
of the personal audio systems that will be investigated & @hapter7, it is unlikely that
the significant increase in computation time that is reguie compute the response of the
structural-acoustic coupled enclosure will provide anglitmhal understanding of the opera-
tion and physical limitations of a personal audio systemorfirer to confirm this assumption,
and therefore justify the use of the standard rigid wallecd@sure model to conduct the nu-
merical investigation in Chaptét, a brief comparison between the performance of a personal
audio system in a rigid and non-rigid walled enclosure wéllgresented.

For a distributed source array with eight sources, one ipasitl in each corner of the
rectangular enclosure shown in Fig@d, FigureJ.1shows the acoustic contrast performance
and required array effort when the array is optimised to pceda bright zone in the front
seating area and a dark zone in rear seating area shown ire Figun both the rigid and non-
rigid walled enclosures. The acoustic contrast and arrfaytefre plotted in decibels relative
to the acoustic contrast and array effort achieved when itjie eorner sources are driven
in-phase with equal amplitude whilst producing the samemsegiare pressure in the bright
zone. From the acoustic contrast plot it can be seen thatatheral level of performance and
characteristics are not affected by structural-acoustipling, although the specific details are
altered by the variation in modal frequencies and additiovilrating structures as discussed
in Chapter2. Similarly, the required array effort is only affected inai€and the general power
requirement remains consistent between the rigid and igish@nclosures. This is consistent
with the conclusions drawn regarding the effect of struadtacoustic coupling on feedforward
active noise control and, therefore, due to reduced cortipng complexity, it is reasonable
to employ the rigid walled model to investigate the impleiaéion of a personal audio system
in an enclosure in Chapt&r
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Figure J.1: The acoustic contrast and array effort achi@vée rigid (—) and non-rigid (—)

enclosures for an array of eight sources positioned in theecs of the enclosure attempting
to produce a bright zone in the front seating region and a zianke in the rear seating region
in the rectangular enclosure, as depicted in Figug The acoustic contrast and array effort
are plotted in decibels relative to the acoustic contradtaaray effort achieved when the eight

corner sources are driven in phase with equal amplitudestybribducing the same mean square
pressure in the bright zone.
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