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ABSTRACT: Active noise control systems offer a potentialthwal of reducing the weight of passive acoustic treatmedt an
therefore, increasing vehicles’ fuel efficiency. These loaparticularly cost-efficient if integrated with the eméémment system.

A combined system is presented employing feedforward obwofr engine noise and feedback control of road noise, using a
‘modal’ error signal. Due to the dependence of the feedbgstem on the modal response of the vehicle cabin, and thesirdé

of structural-acoustic coupling on this response, thectsfef structural-acoustic coupling upon the performari¢ckeactive noise
control strategies is investigated. An elemental modetrofcsural-acoustic coupling is derived and used to sineula¢ change in
performance of the active control systems as a result oflsayghe feedforward component is largely unaffected bydtral-
acoustic coupling, whilst the modal feedback performaaceduced from 11 to 8 dB attenuation in total acoustic p@kemergy,

due to the shift in the frequency of the targeted acoustican®tie simulation results are confirmed through experimantducted

in a structural-acoustic coupled enclosure.

KEY WORDS: Active control; Structural-acoustic couplingghicle noise.

1 INTRODUCTION

effect the response of a car cabin sized rectangular emelosu
The application of active noise control to vehicles has beeBnstructed from plywood. The performance of the two cdntro
investigated for over 20 years [1] and, consequently, a widgategies is then simulated in the same enclosure for tesca
variety of systems have been proposed to control both rdad \¢here it is either fully or weakly coupled. The results of
and engine noise [1]. Until recently such systems were nlese simulations are used to highlight the effect of stmadt
sufficiently integrated into the vehicle’s electronic g6 to acoustic coupling upon the proposed control methods. To
provide a cost effective noise control solution, howeveoren confirm the simulation results a car cabin mock-up conseaict
recent systems [3] have overcome this restriction. These Hgom plywood is used to carry out an experimental investigat

also been an increasing desire to reduce the fuel consumgdtioof the effect of structural-acoustic coupling upon the g
vehicles by making them lighter, which inevitably increaf®v  control strategies.

frequency noise and the need for a lightweight solution ssch
active control.

The presented work proposes an active noise control syst%m
consisting of a feedforward element to control tonal engine1 Global Feedforward Control
noise and a modal feedback element to control road noise.
The proposed hybrid system employs a single set of eri@lobal control of enclosed sound fields has been extensively
microphones for the two control elements, a reference kfgna researched and a comprehensive review is provided by Nelson
the feedforward element is directly available from the figmi and Elliott [5]. In the context of noise control within velés
circuit and the car audio loudspeakers may be employed gigbal feedforward control has been used to control botlineng
secondary sources. The proposed system is, thereforejargl] and road noise [2]. In order to control road noise it
integrable to the vehicle’s standard electronic systemraayg is necessary to employ a number of reference sensors, such
provide an affordable solution to low frequency noise cointras accelerometers, to provide the feedforward system with a
of both engine and road noise. However, due to the significanference signal; this results in an expensive system that i
influence of structural-acoustic coupling upon the low fregcy  unsuitable for an integrable solution. Conversely, in ortde
sound field within a car's passenger compartment [4] and thentrol engine noise a reference signal may be obtained from
reliance of the proposed modal feedback system upon #ither the ignition circuit, a tachometer or the Controkheea
acoustic mode shapes of the car's cabin, it is important ketwork bus; this is achieved relatively cheaply and, tfoees
investigate the effect of structural-acoustic couplin@mighe provides a suitable control method.
system’s performance. The proposed global feedforward control strategy attempts
The two active noise control strategies are firstintrodaet to minimise the sum of squared pressures at a set of error
then, in order to quantify their performance, an elementadeh sensors using a set of secondary sources that are drivereby th
of structural-acoustic coupling is derived. This model s2di reference signal via an adaptive filter, as shown in Figurerl f
to form an understanding of how non-rigid structural panetssingle secondary source. For a set of error sensors pusitio

ACTIVE NOISE CONTROL STRATEGIES
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The feedback system presented by Clark and Gibbs employs
p(xs) P a set of collocated transducer pairs that are spatially ed)

- ) in order to control specific acoustic modes. However, in prde

to employ the same error microphones for the feedforward

s gixe) p(x7 and feedback control elements it is necessary that the enso

and actuators are not collocated, as in the feedforwardaont

system this would create small zones of localised contoulrad

the transducer pairs. Therefore, the proposed systenrgliffe

from that previously presented in its use of non-collocated

sensors and actuators.

The principle of modal feedback control is to sum the
pressures at a number of error sensors in order to maximise
the composite, modal error signal at a specific mode and thus
maximise the control of that particular mode when the modal
in the corners of a rectangular enclosure this is approxityat1Tor signal is reproduced by the secondary source. Theifgola -
equivalent to minimising the total acoustic potential gyer with which the error signals are summed is determined by thei

The cost function that global feedforward control aims tBoSition relative to the nodal lines of the acoustic modedo b

p(xe) Gr(Xp) ¥ p(xs) ~

ref

Figure 1: Global feedforward control system.

minimise is, controlled. For the source-sensor system shown in Figuire 2,
3= \% H 1 order to control the first longitudinal mode the polarity bét
P 4poC%Le Pe Pe @) four error sensors in the rear corners of the enclosure esties

before summation with the outputs of the four error sengors i

whereV is the enclosure volumeyg is the air densitycy is éhe front of the enclosure.

the speed of sound,e is the number of error sensors an
Pe is the column vector of error sensor pressures. The error
sensor pressures result from the summation of the primaty an
secondary sources such tipatcan be expressed as,

p(x4) p(x3

|3
pe = qup + quS7 (2) n(X2) %‘)

whereZ, is the(Le x 1) vector of transfer impedances between (G,
the error sensors and the primary sourZg,is the (Le x M) Pl
matrix of transfer impedances between the error sensors and |yt e plxs), A2
the M secondary sources, is the vector of primary source Ed / ¥
strengths, although only a single element is used heregand ]

is the column vector of secondary source strengths. The cost
functionJp can thus be expressed in Hermitian quadratic form Figure 2: Modal feedback control system.

by substituting equation 2 into equation 1 and rearranging:

3) For the system presented in Figure 2 the composite error

HoH HoH
(9525250, + 4525 Zpq, signal,pc, can be formulated as,

J =
P 4pociLe

Q';szsqs+ qugzpqp]- (4)

Pc= @ Pe, (6)
The vector of optimal secondary source strengths that nigeisn

the sum of the squared error sensor pressures is then giverY"Bt)‘?re‘pL is & (1x Le) vector of polarity inversions. By the
5] acfion of the negative feedback the secondary source’snslu

Qo= — I:ZEZS] 71stqu’3' ) velocity is given by, o Y -
S — — (o

2.2 Modal Feedback Control . . . .
whereH is the feedback gain and is the volume velocity

The use of feedback control offers a potential alternative produced by the loudspeaker per unit current input and thus

feedforward control for road noise as it does not requitgescribes the loudspeaker response. A single degree dbfree

additional reference sensors and as such may reduce the gesdel of the loudspeaker dynamics will be used within this

of implementation. Although research into feedback cdntro paper wher¢ is given by,

car cabins is limited, based on its possible advantage 8ano

al [3] have implemented a feedback control system that reduces Y — jwBlAq

the drumming noise at the front seats by around 10 dB, whilst S+ 28y — (5)%)

avoiding enhancements at rear seats. In order to improve upo

this performance and achieve global control of road noise amere w is the angular frequencyBl is the transduction

alternative feedback control strategy is proposed heraseth coefficient,Aq is the area of the diaphragr8,is the stiffness,

on the system presented by Clark and Gibbs [6]. {_ is the damping ratio, andy is the loudspeaker’s natural

8
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frequency. Using equations 2, 6, and 7 it can be shown thatcoupled acoustic impedance mafZix that is,
the composite error signal is given by,

P=ZaQn. (10)
020 9 . -
Pe= 176 ZHY (9)  The uncoupled acoustic impedance of each eleme@airis
L defined as,
where the open-loop responseds-= ¢ ZsHY. Za(i,j) = P(xi) 7 (11)
From the description of the modal feedback control system Qa(X;)

it is clear that its performance is dependent upon the modhaét is the ratio of the pressure produced at elerndat to the
properties of the acoustic enclosure. It is widely repottet effective volume velocity at element The acoustic pressure
structural-acoustic coupling has a significant effect uptea at thei-th element can be expressed, according to Dowell's
modal properties of a small enclosure such as a car cabin [mplification [9], as the summation ové\ acoustic modes
[7] and, therefore, it is important to validate the modatlieeck of the product of the complex amplitudes of the rigid walled
system in an enclosure with structural-acoustic coupling. acoustic modes,, and the mode shapégs,

3 ELEMENTAL MODEL OF STRUCTURAL-ACOUSTIC N
COUPLING P(Xi) = ann(xi). (12)
n=0

There are a wide number of methods that have been useqb\
model a structural-acoustic coupled system; for example, t
finite element method [4], the boundary element method [ t the centre of the element, the complex amplitude ofttie
the method based on the interaction between the uncoupled i mode can be writte;n as
structural and acoustic modes [9], and the more recently '

g%uming that the effective volume velocity on thth element
an be approximated as a point volume velocity source acting

proposed method based on the Ritz series method [10]. The PoC(Z)
elemental model derived herein follows that presented bgtEl 8=~ /AV_ Un(X)Qa(Xj)d(x— Xj)dV
and Johnson [11] for a vibrating structure and by Kim [12] for 5 o
- i i i PoCi
a stru_ctural acoustic coupled system. It effectlv_ely iempénts — P Un(X;)Qa(X;) (13)
the widely employed model of structural-acoustic coupfingt \

proposed by Dowell and Voss [9] in physical co-ordinateg,,q ey is the volume associated with theth element and

The elemental model thus lends itself to the modelling Oftﬂe acoustic resonant response ofritt mode is given by,

structural-acoustic system where there are a number ofigah-

structural components such as the multiple panels in a tém.ca A, = w
The elemental model based on the interaction of uncoupled 20w+ (w2 — )]’

acoustic and structural modes has been selected despite _
the recent work by Ginsberg [10] that has questioned tHé'€reén andax are the damping and natural frequency of the

simplification employed in Dowell's model. The simplificati "-th acoustic mode respectively. Substituting equationrt8 i

which uses the rigid walled enclosure modes as a basis fuation 12 gives the pressure at i@ element due to the

the pressure field in the coupled enclosure means that fifective source strength as,

velocity continuity condition is not satisfied at the nogidi 2 N

boundaries. However, Ginsberg concludes that the simplifie p(x) = 2% S Un(%)Antn(X))Qa(X;). (15)
=

(14)

method provides accurate solutions for light fluid loading, Vo
except at frequencies below the fundamental rigid encéosur o .
mode [10]. Additionally, Dowell's method has been wideIQ—hus the uncoupled acpusﬂc impedance betweeri-theand
verified experimentally and works well in most cases [lS],aan'th elements can be written as,
therefore, will be employed herein. 2 N
The elemental model is based on dividing the system into a Zp(i,j) = % Z Un (%) Anthn(X;). (16)
number of elements within which the structural and acoustic n=0
mode shape functions are approximately constant. The si . : :
of the elements must, therefore, be determined based onSl!t%hsﬁeS may be written in vector notation as,
frequency range of interest and the precision of the results Za(i,}) = @(x) " Zag (%)), (17)
required — for the same precision but an increased frequency
of interest the element size must be reduced. At each elem@hkre @(x) is the (N x 1) vector of the uncoupled acoustic
the response is represented by the velocity and pressune atnhode shape functions at co-ordinate positigrandZ, is the
centre of the element. The overall system response can themfatrix of uncoupled acoustic modal impedances, which ismiv
determined from the combination of elemental responses. by the(N x N) diagonal matrix of acoustic resonant responses,
For an acoustic excitation within the enclosure the vect#; given by equation 14, multiplied bgoc%/v. The complete
of acoustic pressureq, at theL elements on the surface ofmatrix of uncoupled acoustic impedances may then be written
the enclosure may be related to the column vector of effectias,
acoustic source strengths at each elem@nt,via the(L x L) Zn = (@] Za[y], (18)
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where [] is the (N x L) matrix of uncoupled acoustic mode
shape functions. Once again this may be written in vector notation as,

An acoustic excitation within the enclosure not only proekic . T
an acoustic pressure but also induces a source str€agth the Yes(i,)) =AS@ Ys@;AS;, (27)

elements positioned on the non-rigid structure. Thes:e(.:x-aoug\,hereq,i andg; are(K x 1) vectors of the uncoupled structural
strengths can be related to the vector of acoustic pressiaesygge shape functions at elemeitnd j respectively, and's

the coupled structural mobility matriXcs; that s, is the (K x K) matrix of uncoupled structural modal mobility,
which is given by the(K x K) diagonal matrix of structural

Qs=—YcsP. (19) resonant response terng;,given by equation 24, multiplied by
Each element of the coupled structural mobility matrix i8N€ OVer the mass of the panel. The complete matrix of coupled
defined as structural mobilities may then be written as,
Yeslis}) = - (20) Yes=SgTY<(@)S (28)
i

that is the ratio of induced structural source strengtheahenti  Where([@] is the (K x L) matrix of uncoupled structural mode
due to the acoustic pressure at elemietdsing the relationship Shape functions anflis the(L x L) diagonal matrix of element

between the volume velocity and velocity of an elemerRf€asAS. . ,
equation 20 can be rewritten as Since the effective source strengt,, is equal to the

sum of the excitation source strengt®), and the induced
source strengtlQs, the acoustic pressure and induced structural
velocity can be expressed using equations 10 and 19 as,

ASu(y;)
p(y;)

where AS is the surface area of thieth element. Again, p=[1+2ZaYcs 'ZaQ (29)
according to Dowell’s model [9], the vibration velocity &iti-

th element may be expressed as the summation of the produ&%q TY OIS + ZoYed 12
the in-vacuo complex structural mode amplitudgsand mode u=—[@] Ys[@IS[l +ZaYcs| "ZaQ (30)
shapesg, overK structural modes, respectively. Equations 29 and 30 may be used to describe
the physical response of the structural-acoustic couplets
under direct acoustic excitation. It is important to notattthe
structural-acoustic system is said to be weakly couplegl.-the
acoustic and structural systems do not interact — if thegenm
Based on the assumption of the elemental model that t¥guare brackets in equations 29 and 30 are approximatedy equ
acoustic pressure and mode shape function are constartheveto the identity matrix.

j-th element, the complex amplitude of tkth structural mode

YCS(ivj) = ) (21)

K
u(y;) = kz bk (V1)- (22)
=]

can be written as, 4 SIMULATIONS
1 The properties of the rectangular enclosure that will be
by =~ — Bk/ dsq(y;)p(y;) investigated using the elemental model of structural-atiou
pshSy A5 coupling are detailed in Table 1. The properties of the non-
_ 1 Bea(y;)p(Y;)AS;, (23) rigid panels, which are assumed to be si_mply _supported, have
pshSt been chosen to be typical of plywood, which will be employed

in the later experimental study. The acoustic damping has be
chosen to be typical of a small car interior [4]. The simullate
responses have been generated using 100 acoustic modes and
63 structural modes per non-rigid panel. The elementalispac

) has been set such that there are 6 points per wavelength at the
[Zkakw+ j(w?— af)] ’ (24)  maximum frequency of interest — 500 Hz — which results in a

total of 2904 points evenly distributed throughout the esate.

where{y and wy are the damping and natural frequency of the The change in the acoustic response, or the change in the
k-th structural mode respectively. Substituting equatidirzo performance of the active control strategies may be inyate
equation 22 gives the vibration velocity of th¢h element due Uusing the total acoustic potential energy, which can benedéd

whereps is the panel density is the panel thicknes§y is the
surface area of the non-rigid structure and the structesgimant
response of thi-th mode is given by,

By =

to the acoustic reaction force as, as, v
K P~ Aol p"p. (31)
u(y;) = — WY B (Y;)AS;p(Y;). (25 0
I PshSi kZl I VAR The change in structural response due to structural-acoust

coupling may be evaluated using the total structural kineti
energy over all non-rigid panels, which can be approximated
as,

1 K
-~ _SA B (Y )AS:. 26 ~ Psh
ohS: k; S(¥i)Br(Y))AS; (26) Ecm g Uy (32)

Therefore, the coupled structural mobility can be written a

Yes(i, )
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Table 1: Enclosure properties %

m Roof panel fully coupled
Property Value 5 -85 — — — Weakly coupled
Enclosure length,; 24m B o0k — All panels fully coupled
Enclosure widthl, 12m i% o5
. < -
Enclosure height, 3 1.1m £
Acoustic damping ratiof, 0.1 S -100
Young’s ModulusE 5x 10° Nm—2 2 105
Panel Thickness 12 mm 3
Poisson’s ratioy 0.3 é 110
Panel densityps 465 kgnr 3 & -5
Structural damping ratiagy 0.05 120

0 50 100 150 200 250 300
Frequency, Hz

(a) Total acoustic potential energy.

whereLs is the number of elements that are positioned on the
structure.

Roof panel fully coupled

4.1 Acoustic excitation of the coupled system 90} | — — — Roof panel weakly coupled |

L . . i — — — All panels weakly coupled
For excitation by a monopole source with a volume velocity \ P v eorp el

of 1 x 10°®> m3s! positioned in the corner of the enclosure
Figure 3 shows the total acoustic potential energy and tta to
structural kinetic energy up to 300 Hz for the weakly coupled
solution, and the fully coupled solution with a non-rigidbfo
panel and with all panels non-rigid. From Figure 3a it can
be seen that the acoustic potential energy is only significan
affected at frequencies below around 100 Hz for the nomtrigi -125 : : : : :
roof panel case and 200 Hz for the all panel case. o 30 logrequg‘gy L0 200300
Comparing the acoustic potential energy in Figure 3a for the :

fully coupled system with a non-rigid roof panel to the weakl
coupled system shows that the compliant mode is shifted tcgure 3: Simulation results for acoustic enclosure witm-no
lower frequency, whilst the first longitudinal mode is sédt rigid roof panel and all non-rigid panels when excited byrayk
from 71 Hz for the weakly coupled system to 75 Hz for thgcoustic monopole source with<d10-°m3s~1 volume velocity

fully coupled system. This effect is due to interaction betw for the weakly coupled and fully coupled analyses.
acoustic and structural modes [14][4].

For the compliant acoustic mode the frequency shift is eelat
to the interaction with the first structural mode at 16 Hz.Hist Surface of the non-rigid structure; the second is the prayim
case the structural mode is said to be stiffness-controllet  ©f the two natural frequencies and the bandwidths of the two
is, it is predominantly excited by the acoustic responsevabdnodes. For example, while the geometric coupling between
the acoustic mode’s natural frequency. This means that #hé€ first longitudinal acoustic mode and tf2 1) structural
structural mode increases the effective stiffness of tligiic Mode is higher than for thed, 1) structural mode, its natural
mode and causes its resonance frequency to reduce. A regiprequency is more than an octave below the acoustic mode;s an
effect also occurs as the acoustic mode increases theieffeciherefore, has no effect upon the acoustic mode. The conditi
mass of the structural mode and causes its resonance to dAlfe well-coupled mode in terms of the natural frequencres a
from 16 Hz to 26 Hz; this can be seen in Figure 3b. bandwidths is given by Fahy [15],

The shift in the resonant frequency of the first longitudinal _
mode for the fully coupled analysis with a non-rigid roof phis 2lan—axf < (Aan+Bcx) (33)
aresult of its interaction with th@t, 1) structural mode at 65 Hz. whereAcw, andAwy are the bandwidth of the-th acoustic and
This interaction causes an increase in the effective stffn k-th structural modes respectively.
of the enclosure mode and thus an increase in its resonanck addition to the variation in the natural frequencies due t
frequency. The reciprocal effect causes the structurah@esce the effects of coupling, a variation in the mode shape cantads
to reduce in frequency, which can again be seen in Figure 3bexpected; this is of particular importance to the modal lbeet

From the presented observations it can be seen tlkantrol strategy. For thél,0,0) acoustic mode the pressure
interactions between two modes cause their natural fregesn distribution over a cross-section in tkg-x3 plane through the
to separate. The degree of interaction between structadhl @entre of the enclosure is presented in Figure 4. From this pl
acoustic modes, however, is dependent upon two measugesittitan be seen that there is little displacement in the positi
first is the geometric coupling, which is given by the intégraf the nodal line between the weakly coupled system and fully
of the structural and acoustic mode shape functions over tmipled system with a non-rigid roof panel. It can, howeler,

| All panels fully coupled

Total Structural Kinetic energy, dB

(b) Total structural kinetic energy.
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seen that the fully-coupled system does result in someti@ria

in the pressure distribution away from the nodal line; theym non-rigid walled enclosures. From this plot it can be sea, th

effect the performance of the modal feedback control systemalthough the uncontrolled responses (sold lines) arefagntly
different, the responses after control (dashed lines) mnesd

Weakly coupled identical.
1
m —80
©
<" 05 5 -85
Q
S -90
0 ' E
0 0.5 1 15 2 e %
% g -100
) Fully coupled § 108 N Ep, non-rigid
I} — — — E_, non-rigid
8 -110] o
= — E, rigid
< 0.5 S 115 g
. = - - Epo, rigid
_12 /
0 0 50 100 150 200 250 300

Frequency, Hz

Figure 5: Total acoustic potential energy in the rigid and-no
rigid enclosure when driven by a primary source alone (solid
lines) and when the sum of the eight squared error sensor
B}essures has been minimised using a single secondaryesourc
Positioned as shown in Figure 1 (dashed lines).

Figure 4: The pressure distribution over a cross-sectiahén
X1—x3 plane through the centre of the enclosure for the fir
longitudinal mode occuring at 71 Hz in the weakly coupled
case and- 75 Hz in the fully coupled case with a non-rigid roo
panel.

The effect of structural-acoustic coupling upon the engles 4.2.2 Modalfeedback control
with all non-rigid walls, which is also shown in Figure 3, isThe performance of the modal feedback control strategy
similar to that for the enclosure with a non-rigid roof patielt described in Section 2.2 has been simulated once again using
has been discussed in detail. However, due to the intramluctthe acoustic transfer impedances according to the eleienta
of two sets of three different sized panels there is an imeréa model. The gain of the feedback control systekh, has
the number of structural modes, which can be seen in Figure Been set to ensure that the maximum enhancement of the
The increase in the number of structural modes means that ¢éheor signal given by equation 6 is 6 dB. From Figure 6
interactions between different modes are difficult to bttté to the change in the acoustic potential energy as a result of the
a specific pair of modes. The main feature that may affect thedal feedback control strategy is presented for the rigidi a
performance of the modal feedback control strategy is tife stnon-rigid enclosures. From this plot it can be seen that in
in the first longitudinal acoustic mode from 71 to 85 Hz, whichoth the rigid and non-rigid cases the feedback controlesisa

can be seen in Figure 3a. achieves a significant reduction around the first longitaddin
. . _ mode despite the shift in its resonance frequency intradiuce
4.2 The effect of coupling upon active noise control by structural-acoustic coupling. Although the minimum loét

The effect of structural-acoustic coupling upon the actiyeotential energy after control is identical in both caséw t
noise control strategies will be determined using the eteaie reduction at the 85 Hz target mode in the non-rigid system is
model. For both global feedforward and modal feedback ebnt8 dB lower than that achieved at the 71 Hz mode in the rigid
the acoustic potential energy produced by a single primaﬂa”ed system. Additionally, enhancements in the potdentia
monopole source with a volume velocity of T0m3s~1 will ~ energy at higher frequencies are around 1dB greater fordthe n
be controlled using a single secondary source, the sournks HJid walled system. Therefore, although the achievabterod
eight error sensors will be positioned in both cases as stiowris reduced by the effects of structural-acoustic couplithg,
Figures 1 and 2. energy reduction is still comparable to that achieved joesly

13].

The optimum secondary source volume velocity to minimige thr’ EXPERIMENTAL INVESTIGATION

sum of the squared pressures has been calculated usingpaquétt order to confirm the simulation results the modelled eswate

5 with the acoustic transfer impedance calculated accgrdin has been constructed and is pictured in Figure 7. To achieve a
equation 29 for the weakly (rigid walled) and fully-coupledeasonable level of acoustic damping cotton felt was uskdeo
(non-rigid walled) enclosures. Figure 5 shows the changethme walls of the enclosure. The acoustic and structural dagnp
acoustic potential energy as a result of control for thedragid of the enclosure at low frequencies were measured28s and

4.2.1 Global feedforward control
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mode, 78 Hz in this casédy is reduced by approximately 24 dB
-85 compared to the 8 dB shown for the simulations in Figure 5.
This difference may be partially related to the approxiomati
of the potential energy in the experimental results, and the
simulated control increases to 15 dBJjf is calculated. The
further difference in energy reduction may be attributedhi
significantly lower acoustic damping in the car-cabin mogk-
- - - E_ non-rigig enclosure compared to that assumed in the model. Repela¢ing t
—E,rigid simulations employing damping consistent with the meabure
P system shows a reduction comparable to the experimental
results, however, these are not presented as the damping
0 50 100 150 200 250 300 coefficients are not thought to be representative of a cancab
Frequency, Hz [4]. Itis interesting to note that, in both the presented eiod
Figure 6: Total acoustic potential energy in the rigid and-noSimulations and the simulations employing the measurea, dat
rigid enclosure when driven by a primary source alone (solif® acoustic potential energy estimate at the first longiald
lines) and when the modal feedback control strategy usindd€ is reduced to around -108 dB, therefore supporting the
single secondary source positioned as shown in Figure 2 Fag that the additional reduction in the simulations eryiplg
been employed (dashed lines) with a maximum error signtQP measured data is due to the more significant peak in the
enhancement of 6 dB. response.

[ Ep, non-rigid

Total acoustic potential energy, dB
i
o
o

N EpO' rigid

1.2% respectively. This is considerably lower than assumed in
the simulations, however, should provide indicative ressul

The acoustic response between eight microphones pogitione
in the enclosure’s corners and both a primary and secondary
source positioned as in the simulations have been measured. S
In both cases a Salava’s volume velocity source [16] was used ™"
to excite the enclosure as this allows the acoustic transfer
impedance to be measured.

0 50 100 150 200 250 300
Frequency, Hz

Figure 8: Estimate of total acoustic potential energy beetord
after simulated global feedforward control using experitaly
measured responses for a single secondary source.

5.2 Modal feedback control

The performance of the modal feedback control strategy
can also be predicted using the measured acoustic transfer
impedances; however, a loudspeaker response must also be
Figure 7: Plywood rectangular mock-up of the car cabin withissumed and that given by equation 8 has been used here.

roof removed and cotton-felt damping in place. Figure 9 shows the acoustic potential energy estimate &efor
and after control and from this plot it can be seen that a 9 dB
reduction has been achieved at the first longitudinal motle, a
5.1 Global feedforward control 78 Hz. The maximum enhancement of 6 dB in the error signal
The performance of the global feedforward control strategy occuring at 208 Hz has, however, resulted in a 4 dB increase in
been calculated as in Section 4.2.1 using the measureddranthe acoustic potential energy estimate. The control ardbed
impedances instead of those from the model. Figure 8 shdiivst longitudinal mode is comparable to the 8 dB suggested by
the change in the acoustic potential energy estimiiyeas a the simulations employing the fully coupled enclosure niode
result of feedforward control. From this plot it can be se®att The prediction employing the measured results is likely to
significant reduction is achieved at frequencies below rmdouchange as the damping is increased towards that assumed
100 Hz. This is consistent with the simulations employing the theoretical simulations; however, unlike feedfomva
the fully coupled enclosure model. At the first longitudinatontrol this relationship between damping and control it no
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feedforward control, despite the change in the uncontiolle
as straightforward since increasing the acoustic damps®@ aresponses, the controlled responses are almost idential.
permits a higher feedback gain before instability. the modal feedback system the reduction in acoustic pafenti
energy at the first longitudinal mode is reduced by around
3 dB for the non-rigid enclosure compared to the rigid walled
enclosure. However, the level of control is still useful.

To confirm the simulation results, measurements in a car
cabin mock-up have been conducted and the performance of the
control systems has been simulated using the measureéetrans
impedances. Despite the acoustic and structural damping be
significantly lower in the mock-up compared to the model,
which assumed values similar to a car, the performance of the
active noise control systems are comparable to those for the
simulation results.

-115 == Future work will validate the performance of the proposed
—12 control systems in an actual vehicle as well as investigate
0 50 100 50 200 250 300 the implementation of multi-modal control using the progas

auency. feedback strategy.

Figure 9: Estimate of total acoustic potential energy beetord
after simulated modal feedback control using experimlgntalo‘CKNOWLEDGMENTS
measured responses with a single secondary source anth& research was funded by the “European Green City Car,
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