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Abstract: In order to improve vibration isolation, soft components can be used in engineering
applications, but this can lead to excessive static deflection. An ideal vibration isolator should have
a high static stiffness to ensure that it has sufficient load carrying capacity; at the same time, it
should have a low dynamic stiffness to maximize the vibration isolation frequency range. Recently,
high static and low dynamic stiffness (HSLDS) mounts have been increasingly shown to have
significant benefits for various engineering applications. This paper proposes a method for
designing HSLDS mounts based on target force curves. In the design method, the HSLDS mount is
obtained by placing a negative stiffness structure in parallel with a positive stiffness linear spring.
The negative stiffness structure is achieved by using a roller-slider curve which can be designed
according to the requirements to achieve the target force curve. HSLDS mounts are proposed with
nth-order stiffness behaviour which are designed using the method presented here. The results show
that, compared with lower order HSLDS mounts based on the same static stiffness, higher order
HSLDS mounts have lower dynamic stiffness near the equilibrium position. The Average Method
is used to analyze the dynamics of a system based on the nth-order HSLDS mounts, and the
displacement transmissibility under harmonic excitation is obtained. The effects of different
parameters on the transmissibility are studied. The results show that appropriately increasing the
damping ratio is beneficial for the isolation performance of the HSLDS mount. Finally, an
experimental prototype is designed and manufactured. The proposed design method and the
vibration isolation performance of the HSLDS mount are verified by constant-frequency excitation
experiments.
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1 Introduction

Vibration has a negative impact in many industrial applications. Consequently, vibration
control technology is widely used in engineering fields such as rail vehicle systems], automobiles!?,
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tall buildings®], precision instruments™, etc. In general, vibration control technology can be
achieved by either passive or active control methods. An important form of passive vibration control
is based on vibration isolation components, such as rubber!, coil springs®, etc. In order to have
load-carrying capacity, these components require sufficiently high static stiffness. As a result, their
dynamic stiffness is also high, and the low-frequency vibration isolation performance is poor. Active
controll”) can make up for the shortcomings of passive control in low-frequency vibration isolation,
but it requires external energy, complex structures, high cost and additional maintenance, so it is not
as widely used. Low-frequency vibration isolation technology has the potential to be widely used,
especially in the field of transportation vehicles such as automobiles and rail vehicles. It is especially
important to reduce the vibration in the frequency region of highest sensitivity of the human body,
4~8HZ.

In recent years, many researchers have proposed a passive vibration isolation technology based
on high static and low dynamic stiffness (HSLDS) vibration isolation mountst® which can achieve
low frequency vibration isolation performance, while retaining sufficient load-carrying capacity.
This idea was first proposed more than 30 years ago under the name quasi-zero stiffness (QZS).
Several different forms of HSLDS structures are introduced, for example, in Ref. [11, 12]. Due to
the complex requirements of HSLDS vibration isolation mounts, it is difficult to obtain a desirable
mechanical characteristic based on a single component; instead it usually requires a combination of
several components. Many forms of HSLDS mount structure have been proposed, the key to which
is to find a mechanism that provides a negative stiffness. By connecting a negative stiffness structure
in parallel with a positive stiffness spring, a mount can be obtained with high static stiffness and
low dynamic stiffness near the equilibrium position. According to the form of negative stiffness
structure, HSLDS mounts can be achieved by using three parallel springs, buckling Euler rods, disc
springs, magnetic components, or cam—roller—spring, etc.

Carrella et al. >4 discussed the static force characteristic of HSLDS mounts based on three
parallel springs. By deriving an optimal set of parameter values, the mount can be designed to be a
QZS mechanism. In Ref. [15] they investigated the force and displacement transmissibility of such
types of HSLDS mount. Le and Ahn*®! proposed a negative stiffness structure which consists of
two horizontal springs and two bars to provide negative stiffness in the vertical direction. This type
of HSLDS mount was extended by including a mechanism that enables easy and quick adjustment
of the parameters of the configuration"],

Liu et al. ' presented a HSLDS mount by connecting Euler buckled beams with a linear spring.
The theoretical dynamic properties were investigated by using the Harmonic Balance Method. The
effects of parameter imperfections were discussed in Ref. [19] and an experimental study was
presented in Ref. [20].

Meng et al.?* 22l presented a QZS isolator by combining a disc spring with a vertical linear
spring. A parameter optimization was adopted to achieve a wide displacement range around the
equilibrium position. The force, absolute displacement, and acceleration transmissibility of the QZS
isolator were defined and analyzed. In Refs. [23, 24], Valeev et al. made a compact disc QZS isolator
using elastic material. Their experimental study showed that the natural frequency of the developed
isolator was less than 1 Hz.

In magnetic HSLDS mounts, the negative stiffness can be obtained by arranging three cuboidal
magnets configured in repulsive interaction ?°!. To improve the effective frequency range, Ref. [26]
presented a HSLDS mount by using linear mechanical springs and magnets, in which a permanent



magnet was arranged at the outer edge of each spring. Dong et al.?”l proposed a magnetic HSLDS
mount by combining a magnetic negative stiffness spring and a spiral flexural spring in parallel, in
which the negative spring comprised three magnetic rings configured in attraction.

Zhou et al.?® presented a QZS vibration isolation system by using the conceptual design of
cam—roller—spring mechanisms, the slideway of which is semi-circular. By replacing the slideway
with a user-defined noncircular profile, Li et al %! obtained a QZS isolator with pure-cubic restoring
force. In fact, the restoring force of such a nonlinear isolator can be designed as any order, i.e. 2, 3,
4,5 etc.

Although the HSLDS vibration isolation system has been proposed 30 years ago, it has seen
increased interest in recent years. Most of the relevant research papers discuss theoretical
developments and laboratory experiments, and few studies are conducted in conjunction with
specific engineering applications. To extend these previous studies, this paper proposes and analyzes
a unified method for designing HSLDS mounts based on a cam—roller—spring mechanism with an
arbitrary target force curve which is then applied by way of example to nth-order polynomial
stiffness functions and an experimental prototype is built. The rest of this paper is organized as
follows: In Section 2, the design method of HSLDS mounts with different nonlinear stiffness orders
is presented based on target force curves. The nth-order HSLDS mounts with both odd and even
orders are defined, designed and static force analysis is applied. In Section 3, the harmonic response,
and displacement transmissibility of each order of HSLDS mounts are solved by the Average
Method®. The effects of various parameters on the transmissibility of HSLDS mounts are analyzed.
In Section 4, an experimental prototype is designed and manufactured. The proposed design method
and the low-frequency vibration isolation performance of the HSLDS mount are verified by

constant-frequency excitation experiments. Conclusions are summarized in Section 5.
2 Design method

The proposed isolator is shown schematically in Fig. 1. It consists of a roller guide support,
two lateral springs, two rollers, a vertical spring, and a height adjuster. The isolator supports an
isolated object. The roller guide support, lateral springs, and rollers constitute a negative stiffness
structure that produces a negative stiffness in the vertical direction. The negative stiffness structure
is connected in parallel with a vertical spring which provides positive stiffness. The vertical dynamic
stiffness of the HSLDS mount is given by the sum of the dynamic stiffness of the negative stiffness
structure and the vertical spring. The curved surfaces of the roller guide support can be designed
based on the target force-deflection curve. When the isolated object is placed in equilibrium on the
HSLDS mount, it can be arranged that the midpoint of the curved surface is in contact with the roller
by the action of the height adjuster.



Fig. 1. Schematic design of the HSLDS mount based on target force curve (1-roller guide support, 2- lateral spring,
3-roller, 4-vertical spring, 5- isolated object, 6-fitting seat, 7-height adjuster)

The left and right guides are assumed to be symmetrical, and the force analysis of the left guide
is used as an example, as shown as Fig. 2. This produces a negative stiffness in the vertical direction
when the roller guide surface is convex, as shown in Fig. 2(a). In this case, when the isolated object
moves upwards, the vertical component of the force exerted by the rollers is also upward, which
corresponds to a negative stiffness.
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(a) Force schematic (convex) (b) Force schematic (concave)
Fig. 2. Force schematic of the HSLDS mount

The shape of the guide surface is defined by the function y=g(x). It can be assumed that the
effect of the roller radius on the system is negligible. As shown in Fig. 2(a), the contact point is (x,
g(x)) when the deflection of the isolated object from the equilibrium position is x (g is negative in
Fig. 2(a)). The gradient at the contact pointis g'(x) , which is equal to tanf. The spring deformation
can be expressed as Al + g(x), where Al is the initial pre-deformation of the lateral springs. Based
on the force analysis, the force of the mount in the vertical direction can be expressed as

f(x)=k,x+k, (Al+g(x))g'(x) (1)

where g’(X)=z—g, k, is the stiffness of the vertical spring, k,/2 is the stiffness of the lateral
X

spring for one side. Rearranging Eq. (1) gives

f (x)dx =k, Aldg (x) + k, g (x)dg (x) + k, xdx )
By integrating both sides one can obtain

Jf(x)dx:khAIg(x)Jr%khg(x)z +%kvx2+C (3)

where C is a constant. According to the desired equilibrium condition, the boundary conditions of
4



Eq. (3) are f(0) =g (0) =0 and hence C = 0. For a specific target force curve, the corresponding
roller slide curve can be obtained by numerical calculation. Eq. (3) can be regarded as a quadratic
polynomial equation in g(x), and the solution can be obtained as

g(x)=-Al +\/AI2 —[E—sz _kij. f (x)dxj 4)

It can be verified that the same result can be acquired according to force analysis of Fig. 2(b).
When f(x) represents a linear system (e.g. f (X):kvx ), it can be verified that g(x) =0, and the

forces exhibited by the lateral springs counteract each other, resulting in no net vertical force
provided by the lateral springs.

To verify the validity of the design method, two design examples are presented. Example 1 is

a third order HSLDS mount, the force expression of which is
f (x)=ak,x’ 5)
So,
3y — Lo o4
If(x)dx=.fakvx dx:zakvx (6)

Then, g(x) can be obtained as

g(x) =-Al + Alz—k—"(xz—ix“) (7
K, 2
Taking a=1 m?, k,=10° N/m, k,=2x10° N/m, A/=0.8 m, the roller guide curve can be acquired
based on Eq.(7) and the force-displacement curve and the roller guide curve are obtained as shown
Fig. 3(a) and (b).
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Fig. 3. Example 1 (a) The target force-displacement curve f(X) ; (b) The roller guide curve 9(x).

The target force curve of Example 2 is a piecewise function, which is expressed as

ak,((x+04)' -2:02°) -06<x<-02
f(x)= ak,x* -0.2<x<0.2 ®)
ak,((x-04)'+2:02°)  02<x<06

By assuming the same parameter values, the force characteristic of the target force curve is as

shown in Fig. 4(a). In the figure, different line styles represent different segments of Eq.(8). The
resulting roller guide curve g(x) is shown as Fig. 4(b).
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Fig. 4. Example 2 (a) The target force curve f(x); (b) The roller guide curve 9(x).

From the above two examples it can be seen that the proposed method allows a specific mount
to be designed based on a target force curve. By designing the shape of the slider curve as shown in
Fig. 1, the target force curve is achieved in the vertical direction. However, the stiffness curve cannot
be modified once the component design is complete. Therefore, the proposed component design

method is suitable for the case where the weight of the vibration-isolated object is constant.

3 Analysis of nth-order HSLDS mounts

3.1 Definition of nth-order HSLDS mounts

The target force expression of an nth-order HSLDS mount is given by
£, (x)=akx|x|"" 9)
where k. is the stiffness of the equivalent linear system which is defined below, « is a parameter
related to the static deflection, n=1,2,3... By differentiating Eq. (9), the stiffness of the nth-order
HSLDS mounts can be obtained as
k, =ank, ["" (10)
An equivalent linear system is defined as a system with the same static deflection X, under a
given static load fj as the nth-order HSLDS mount. If the vertical stiffness of the equivalent linear
system is k. = fo/xs, the parameter a in Eq. (10) can be determined as
a=x""" (1)
The force and stiffness of the nth-order HSLDS mounts are shown for an example case with
x,=0.1 m, k,=10° N/m in Fig. 5(a) and (b), respectively. An equivalent linear system with
stiffness k,=10° N/m is added to the figure for comparison. Relative to the equilibrium position
x=0, when the displacement is —xs = —0.1 m, the static load fo = 10* N has been removed in each
case. It can be seen from Fig. 5(b) that the stiffness of each HSLDS curve near the equilibrium
position is close to 0. The restoring force of the higher-order HSLDS mounts near the equilibrium
position is smaller than that of the lower-order ones for the same displacement. This indicates that,
compared with lower order HSLDS mounts based on the same static stiffness, higher-order HSLDS
mounts have a lower dynamic stiffness and larger stroke length. Compared with the 2nd-order
HSLDS mount, when the force varies between +0.1f), for example, the stroke length of the 5th-

order HSLDS mount is twice as large as that of the 2nd-order one.
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Fig. 5. (a) Force-displacement curve of nth-order HSLDS mounts; (b) Stiffness-displacement curve of nth-order
HSLDS mounts.

Allowing for the boundary conditions at x=0, and the presence of the stiffness 4y, the roller

guide curves of the nth-order HSLDS mounts can be obtained according to Eq. (4), which can be
expressed as

g9,(x) =-Al + |Al? —(k—vxz —Lkek|x|MJ
h

K, (n+1) (12)

The roller guide curves of the nth-order HSLDS mounts obtained according to Eq. (12) for
x,=0.1 m, k,=10° N/m, A/=0.08 m, k,=10° N/m, and k, =2x10° N/m are shown in Fig. 6, in
which the equivalent linear system is added for comparison. Note that, here, k. and &, are equal but
in the general case they do not need to be. The static deflections of the nth-order HSLDS mounts
shown in the figure are the same, which are decided by Eq. (9) and Eq. (11). The static deflection is
mglke when the system carries a vibration-isolated object with a weight of mg; that is to say the
static property is determined by the stiffness of the equivalent linear system. As described above,
the roller guide curve of the equivalent linear system is a straight line. It can be seen from the figure
that as the order of the HSLDS mount increases, the required lateral displacement of the roller guide
curve increases. Taking the vertical displacement of 0.08 m as an example, the lateral displacement
of the 3rd-order HSLDS mount is smaller than that of the Sth-order one by 24%.
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Fig. 6. The roller guide curve of the nth-order HSLDS mounts.
3.2 Dynamic analysis of nth-order HSLDS mounts

For the case of a supported mass m, and including viscous damping and a harmonic
displacement excitation Z, = Z, COS (a)t) of' the base, the equation of motion of the mass is given

by



mz+ cz + ak,z|z|"*"1 = mw?Z,cos (wt) (13)
where Z =X—2Z_ is the relative displacement between the isolated object and the base. To solve
the equation, the following non-dimensional variables are introduced: x,=mg/k, , X=x/x, ,
2=z, /%, 2=7/X ., Z=7/x, Z,=Z/%, o,=Jk,/m, Q=w/m, , t=ot, {=c/(2m,) .
Using Eq. (11), Eq. (13) can be converted into a dimensionless equation as

2"+207 + 2|2 = Q%7 cos(Qr) (14)

By assuming a steady-state response of the form 2 = VA CoS(Q7 +¢) , and applying the Average

Method, the steady-state response of the system can be expressed as
2 =7 cos(Qr + @) (15)
2" =-Q7sin(Qr + ) (16)

where 7 and @ are initially assumed to be functions of 7. Taking the derivative of Eq. (15)
and (16) gives

2'=7"cos(Q7 + @) — Zsin(Qz + @) - (Q+ @) (17)
2" =—Q7'sin(Q7 + @) — QZ cos(Q7 + @) - (L + @) (18)

So,
Z' cos(Qz + @) —Zsin(Qr +¢)p' =0 (19)

Substituting Eq. (15), (16), and (19) into Eq. (14) gives
—Q7'sin(Q7 + @) — 9'QZ cos(Qr + @) =H (20)

where

H=0Q%7 cos(Q7 + @) + 2(0Q7 sin(Qr + ¢)

R . , @n
—Z" cos(Q7 + @) [cos(Q7 + )| '+ 0?7, cos(Qr)
By combining Eq. (19) and (20), the following can be obtained
2'=—Esin(Qr+¢) (22)
Q
p'=- H cos(Q7 + @) (23)
20

By replacing the above equations with the mean value in one period, and considering that it
remains constant for one period of (€27 + @), the average equation can be obtained as

s Q ZH

Z ——ZJ‘OQ 55'“(974‘@)(’7 (24)
- Qo H cos(Q7 + p)dr (25)
=" 70 4

So, Eq. (24) and (25) can be simplified as
Q7 2sm » 7

Z'= (26)
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QZ,cosp Q 7™
== -

. —+
27 2 220

J‘2”|cos“+1 (r)|dz (27)

0

By setting 7'=0 and ¢@'=0, the amplitude-frequency response function of the nth-order
HSLDS mounts can be expressed as
e

(22 -7 Z)Q“ + (44’222 - ZA””J.:”%|COSM(T)|dz'j§22 + (J'02”§|cos”*l(r)|drjz 22" =0 (28)

The above equation is a quadratic polynomial equation in Q. Values of the non-dimensional
frequency ) can be obtained for a given value of 7 as

ZA"“J-:”%‘COS"A (z')‘dr —4s%7% ¢ \/16442“ +Z222% U;”%‘cos"”(r)‘ drj2 - {22”*3_[02”% cos™? (z')‘ dr

29)

Q12: ~ ~
' 2(2°-22)
It can be verified that Eq. (29) is the solution of the linear system when » = 1. When n = 3,
the solution of the 3rd-order HSLDS mount under harmonic displacement excitation can be obtained
as

37°-8¢?27 +72\[64¢" 97,77 — 487777
4(22 —262)

Q,,= (30)

It can be verified that Eq. (30) is consistent with the results of Ref. ! obtained by Harmonic
Balance Method.

3.3 Displacement transmissibility

In order to obtain the displacement transmissibility of the nth-order HSLDS mounts, the
dimensionless displacement of the isolated object is obtained as

R=2+12,=Zcos(Qr+¢)+Z,cos(Qr) 31)

So, the displacement transmissibility can be expressed as

R \/22 +2,2+22Z, cos(p)
To=10= > (32)

where COS((D) can be obtained from Eq (27).

For linear systems, the displacement transmissibility is

o

L= 07) +(220) (33)
where () is the non-dimensional frequency given by the ratio of the excitation frequency to the
natural frequency of the equivalent linear system. The displacement transmissibility of the nth-order
HSLDS mounts obtained from Eq.(32), for ¢£=0.1, 2920.1 and 0.5 is shown as Fig. 7(a) and (b).
It can be seen from Fig. 7(a) that the maximum value of transmissibility for each HSLDS mount is
lower than that of the equivalent linear system, and the corresponding peak frequency is also lower.
Especially when the non-dimensional frequency is around 1, the displacement transmissibility of
the HSLDS mounts is much lower than that of the equivalent linear system. Fig. 7(b) shows results
for a higher excitation amplitude. Increasing the excitation amplitude increases the maximum value

of the transmissibility, but the lower branches of the transmissibility of the HSLDS mounts are still

9



much lower than the equivalent linear system when the non-dimensional frequency is between about
1 and 10.
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Fig. 7. Displacement transmissibility of nth-order HSLDS mounts for (a) ¢=0.1, 29:0,1; (b) ¢=0.1, Zezo,s.

The effect of various parameters on the displacement transmissibility of the 3rd-order HSLDS
mount is shown in Fig. 8 (a) and (b). Unless mentioned in the figures the values of the parameters
are ¢=0.1, Ze =0.1. Fig. 8 (a) shows the effect of varying the damping ratio ¢ on the displacement
transmissibility. As the damping ratio increases, the maximum value of the transmissibility
decreases and it occurs at a lower frequency. However, large values of the damping ratio lead to
higher transmissibility in the high-frequency region. Fig. 8 (b) shows the effect of varying the
excitation amplitude 29 on the displacement transmissibility. As the excitation amplitude
increases, the maximum transmissibility increases and this peak occurs at a higher frequency. When
the excitation amplitude exceeds a certain value, the maximum transmissibility of the 3rd-order
HSLDS mount will be greater than that of the equivalent linear system and the frequency above
which isolation is achieved (i.e. 7p<1) is also greater than that of the linear system.

To sum up the results of Fig. 8 (a) and (b), the vibration isolation performance of the 3rd-
order HSLDS mount is more beneficial for small excitation amplitudes. When designing the 3rd-
order HSLDS mount, increasing the damping ratio within an appropriate range is beneficial to

extend the frequency range of vibration isolation and to reduce the resonance peak.

~ ——linear system ' ' ‘
.......... Ze=0.05
- == Ze=0.1
10! Ze=0.5
—_— Ze=0.7
- == Ze=1

(@) (b)
Fig. 8. Displacement transmissibility of a third order system for (a) different damping ratio » (for Ze =0.1) and

(b) different dimensionless excitation displacement 7, (for (=0.1).
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4 Prototype manufacturing and experimental study of a 3rd-order HSLDS mount

To demonstrate the applicability of the proposed design method for obtaining a certain HSLDS
mount, a 3rd-order HSLDS mount has been designed and manufactured as a prototype for
experimental research. The prototype is subjected to constant-frequency excitation experiments, and
the transmission characteristics of the prototype are analyzed and compared with theoretical

calculation results.
For a nonlinear system, if the stiffness at the equilibrium position is negative, the system will
be unstable. Therefore, in the design and prototype manufacturing of the 3rd-order HSLDS mount,

the target force curve adopts a 3rd-order HSLDS mount with a small additional linear stiffness,

giving
f(x)=kx+kx* (34)

where k =300N/m, k,=3.5x10°N/m°. This can prevent the system from having a negative stiffness
at the equilibrium position due to manufacturing errors, and avoid instability. However, its value is
not necessarily the same as the stiffness of the linear spring 4. The target force-deflection curve and
the corresponding stiffness characteristic are shown in Fig. 9(a) and (b), respectively. It can be seen
that the stiffness has its minimum value at the equilibrium position, but this is greater than zero. The

overall performance corresponds to a high static and low dynamic stiffness as intended.
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Fig. 9. (a) Mechanical force-deflection characteristic curve of the prototype; (b) Stiffness characteristic curve of
the prototype.

According to Eq. (4), the parameters shown in Tab. 1 are selected, and the guide curve
corresponding to the target force curve can be obtained, as shown in Fig. 10. It can be seen from the
figure that the entire guide curve is smooth and continuous, indicating that the design result is
reasonable.
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Tab. 1 Parameters of the prototype

parameter symbol unit value
Stlfﬁlqss of vertical Kk, /2 N/m 1010
spring (each)
Stlffnfess of lateral K, /2 N/m 1010
spring (each)
Pre—compresswn. length Al mm 40
of lateral spring
Mass of the isolated kg 6.15

object

The prototype has been designed and manufactured based on Fig. 1 and Fig. 10, and is shown
in Fig. 11(a). The experimental prototype consists of a base, two lateral blocks, two lateral springs,
two vertical springs, four guide posts, a vibration-isolated mass, two curved guide surfaces of height
80 mm, two rollers, and two height adjusters. The curved guide surfaces were manufactured by
numerical computer-controlled milling and heat treatment. Other components of the rig were
manufactured by wire-electrode cutting. The running surface of the roller is in line contact with the
curved guide surface. The lateral spring-guide-roller mechanism is arranged symmetrically. The
lateral blocks and the guide posts are connected by a linear bearing to reduce the frictional force due
to the lateral movement in the guide post. Lateral springs, blocks, linear bearings, guide surfaces
and rollers provide the negative stiffness in the vertical direction. Two vertical springs and guide
posts are arranged in parallel (one behind the other in the photograph) so that the vibration-isolated
mass only has freedom in the vertical direction. The vibration-isolated end is composed of a carrier
plate and additional masses, and is connected to the vertical spring via the guide posts through a
linear bearing. The height adjuster is used to ensure that the roller is in contact with the midpoint of
the curved guide surface when the system is at the equilibrium position. A linear system is
constructed by removing the lateral spring and the guide post, as shown in Fig. 11(b). Although the
friction is not considered in the model design process, the friction force can be regarded as a part of

the damping when the experimental results are compared with the theoretical results®*!.
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Fig. 11. (a) Prototype of the 3rd-order HSLDS mount; (b) Prototype of the linear system.

The static deflection of the 3rd-order HSLDS mount under the static load of the isolated mass
mg is 50.5 mm (equivalent to a stiffness ke = 1195 N/m), whereas for the linear system in Fig. 11(b)
with a stiffness of &y (2020 N/m) it is 29.9 mm. A linear system with a stiffness of k1 (300 N/m) has
a static deflection of 201 mm which is much greater than the 3rd-order HSLDS mount while they

have the same dynamic stiffness at the equilibrium position.

The linear system was subjected to constant frequency excitation experiments in the range 0.7
to 10 Hz. By measuring the acceleration of the base and isolated mass, the acceleration
transmissibility is calculated, as shown in Fig. 12. The theoretical results are included in the figure
for comparison. The damping ratio in the theoretical result calculation is set to 0.042 to obtain good
agreement with the measurement, and the remaining parameters are based on Tab. 1. It can be seen
that the experimental results are in good agreement with the theoretical calculations. The peak of
the transmissibility occurs at around 2.9 Hz, with a maximum value of about 12.
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Fig. 12. Comparison between experiment and theoretical acceleration transmissibility of linear system.

The HSLDS mount was also subjected to constant-frequency excitation experiments in the
range 0.7 to 10 Hz. The excitation amplitude was 12 mm, and the corresponding non-dimensional
amplitude Ze of the theoretical results is 0.4. The acceleration transmissibility is obtained as
shown in Fig. 13. The theoretical results are included in the figure for comparison. In the theoretical
calculation, the damping ratio is set to 0.12, which is higher than the value used for the linear system
in Fig. 12. This is because the HSLDS mount have hysteresis due to the friction of the lateral spring-
guide-roller mechanism, which acts to increase the damping of the system as is common in HSLDS

s?°1 1t can be seen from the results that the experimental resonance peak of the HSLDS

system
mount is 1.2 Hz, with a maximum transmissibility of 2.3. The theoretical calculation results are in
good agreement with the experimental results, and the remaining differences are believed to be
mainly caused by manufacturing errors and the influence of friction.
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Fig. 13. Comparison between experiment and theoretical results of HSLDS mount.

Fig. 14 shows a comparison between the HSLDS mount and the linear system experimental
results. In the figure, a theoretical result of the linear system is added based on the damping ratio of
0.12 for equivalence with the nonlinear system. It can be seen from the figure that the resonance
frequency and the maximum transmissibility for the HSLDS mount are much lower than for the
linear system, even allowing for the higher damping. Compared with the linear system, which shows
vibration amplification below 4 Hz, the HSLDS mount only exhibits vibration amplification below
1.7 Hz. Summarizing Fig. 12 to Fig. 14, the HSLDS mount exhibits vibration isolation over a wider
frequency range and has a lower resonance peak than the linear system.
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5 Conclusions

In this paper, a design method for a HSLDS mount based on a target force curve is proposed,
and nth-order HSLDS mounts are designed. Static analysis of the nth-order HSLDS mounts shows
that, compared with lower order HSLDS mounts based on the same static stiffness, the higher-order
HSLDS mount has a lower dynamic stiffness and larger stroke length near the equilibrium position.

The transmissibility under harmonic displacement excitation of the nth-order HSLDS mounts
is calculated. The effects of nonlinear parameters, damping ratio and excitation amplitude on the
system are analyzed. The results show that appropriately increasing the damping ratio is beneficial
to improve the isolation performance of the HSLDS mounts. However, increasing the damping ratio
by too much leads to a degradation of performance at high frequency.

Based on the 3rd-order HSLDS, an experimental prototype has been designed and
manufactured, and the proposed design method is verified. The acceleration transmissibility of the
prototype has been tested. The results show that the HSLDS mount has better vibration isolation
performance. The HSLDS mount exhibits vibration isolation over a wider frequency range and has
a lower resonance peak than the linear system. Its damping is increased to some extent by friction.

Further work would be required to provide suitable dimensioning of the concept presented here
for practical applications. For example, for use as an isolation mount for a typical engine or similar
piece of equipment, much larger stiffnesses than those achieved in the current prototype would be
required including stiffer lateral springs. However, in terms of dimensioning, the height of the roller
guides is mainly determined by the static deflection which in turn depends on the natural frequency
(of the linear system) so the overall height is likely to be similar to that of the prototype. The HSLDS
mount is only required in the vertical direction but to achieve suitable multi-dof isolation would

require the inclusion of lateral (shear) mounts in series with the HSLDS mount.
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