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ABSTRACT 
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SURFACE TEXTURING FOR HYDRODYNAMIC BEARINGS 

by Daniel Gropper 

In the present thesis the concept of surface texturing, i.e. the intentional introduction 

of surface features, is investigated as a means of enhancing the tribological 

performance of hydrodynamic bearings. An in-depth literature review is conducted, 

outlining the research effort worldwide, analysing the current understandings on how 

textures can improve the bearing performance, discussing recommended texture 

geometries and providing a comparative summary of state of the art modelling 

techniques to study textured surfaces under hydrodynamic conditions. Based on the 

findings of this literature review, a fast and robust numerical model is developed that 

allows to study and mathematically optimize texture patterns for tilting pad thrust 

bearings under a wide range of conditions. The model is based on a non-uniform 

finite volume discretization of the Reynolds partial differential equation and includes 

a mass-conserving cavitation algorithm. Meshes are adaptive and film discontinuities 

are directly incorporated in the discrete equations to improve accuracy and 

computational speed. A Gauss-Seidel method with successive relaxation is used to 

solve the discrete system. A novel bearing equilibrium solver is developed, based on 

a strategic combination of the Newton-Raphson method, Broyden’s method with 

Sherman-Morrison formula and a continuation approach with fourth-order Runge-

Kutta technique, where results from the equivalent untextured bearing are used to 

speed up the computation. Thermal effects are considered through an effective 

temperature method, while considering the hot-oil-carry-over effect. The model takes 

advantage of multiple processor cores and allows the execution of arbitrary 

parametric studies as well as the optimization of texture designs by incorporating an 

interior-point algorithm. The model is validated by comparison with literature and 

applied to optimize surface textures for tilting pad thrust bearings under various 

conditions. Moreover, experiments are carried out on a purposely developed thrust 

bearing test rig to study the influence of surface texturing on the performance of 

tilting pad thrust bearings and validate the developed numerical model. 
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MNUFVD Modified Non-Uniform Finite Volume Discretization 

NC Not Converged 

NS Navier-Stokes 

NUFVD Non-Uniform Finite Volume Discretization 

NUFVD+A Non-Uniform Finite Volume Discretization with 

Additional points 

P&C Patir & Cheng flow factor method 

PDE Partial Differential Equation 

SAI Specific Acoustic Impedance 

SEM Spectral Element Method 

SiC Silicon Carbide 

SIMPLE Semi-Implicit Method for Pressure Linked Equations 

SOR Successive Over Relaxation 

SQP Sequential Quadratic Programming 

TEHD Thermo-Elasto-Hydrodynamic 

THD Thermo-Hydrodynamic 

TPT Tilting Pad Texturing 

VG Viscosity Grade 
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Chapter 1 

1Introduction 

Inspired by nature, surface texturing has become a promising way of enhancing the 

performance of tribological contacts found in various engineering applications. One 

of the most popular applications of surface texturing are hydrodynamic bearings, 

where the aim is an improvement of durability, safety and efficiency. Surface textures 

have an influence on the pressure development in the lubricant and this way are 

capable of improving the bearing’s performance characteristics. Surface textures may 

also have the ability to trap wear particles and act as a lubricant reservoirs, 

potentially decreasing friction during mixed lubrication and prolonging bearing 

lifetime. However, no experimental evidence of these effects is available. This work 

is focussed on facilitating the design of optimized surface textures in order to increase 

the still limited number of successful industrial applications. This chapter provides 

information regarding the research background, aim and objectives of this project. 

1.1 Research background 

Using textured surfaces for contact performance enhancement is not a new concept. 

For example, special surface structures can increase adhesion, enabling some 

amphibians, such as tree frogs, to safely walk on wet surfaces [1] or reduce 

aerodynamic drag, making the movement of sharks more efficient [2] (Figure 1.1). 

The dimpled surface of a golf ball also highly reduces drag and allows it to fly up to 

four times as far as compared to a golf ball having a smooth surface [3]. 

Surface textures also have an influence on the tribological performance of lubricated 

contacts. In 1966, Hamilton et al. [4] found that micro irregularities on the surfaces 

of rotary-shaft seals were capable of producing hydrodynamic pressure and hence, 

created a load carrying capacity. They directly observed cavitation at the diverging 
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Figure 1.1 (a) Tree frog (adapted from [5]), (b)–(c) scanning electron microscopy (SEM) 

images of a tree frog toe pad [6], (d) great white shark [7], (e) SEM image of the skin of a 

bonnethead shark [8]. 

part of asperities by using a transparent rotor and proposed that local cavitation was 

the responsible mechanism for the observed load support. Anno et al. [9, 10] 

investigated this theory some years later and concluded that the introduction of 

micro-asperities was an efficient method for lubricating mechanical face seals and 

parallel rotating thrust bearings. One of the first successful commercial applications 

of surface texturing, however, was that of cylinder liners of combustion engines [11]. 

The micro-grooves on the liner surface produced by the honing process are able to 

retain oil and trap wear debris in the contact and thus increase lifetime. In the 

following three decades, rather little attention on textured surfaces was paid, with 

only a handful papers being published. 

The research on surface texturing gained a new momentum in 1996, when Etsion’s 

group published one of their first papers on surface texturing [12]. They used the 

incompressible, two-dimensional Reynolds equation together with the Half-

Sommerfeld cavitation boundary condition to mathematically investigate mechanical 

seals with hemispherical dimples on one of the mating surfaces. They concluded that 

an increase in load carrying capacity was obtained due to local cavitation and that 

a proper selection of texture size and density was crucial. They conducted field tests 

to compare the performance of non-textured seals with textured ones and showed 

that texturing could increase seal lifetime threefold [13]. Since then, due to the 

promising results obtained by Etsion and co-workers, hundreds of theoretical and 

experimental studies have been conducted worldwide in order to improve the 
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performance of tribological contacts. A wide range of applications have been 

explored, including thrust bearings, journal bearings, cylinder liners, piston rings, 

concentrated contacts, mechanical seals, magnetic storage devices, piston pins and 

drill bits. One of the most popular application of surface texturing are hydrodynamic 

bearings, where textures are introduced to increase the minimum film thickness, 

decrease friction and temperature and reduce wear. 

Although a large number of publications exist and promising results have been 

obtained, the industrial application of surface texturing remains a major challenge. 

This is mainly due to the dependency of the optimum texture design (size, shape and 

distribution) on the type of contact and the operating conditions. If designed wrong, 

textures may provide unreasonable performance enhancement or even become 

detrimental [14, 15]. Hence, a proper texture design is crucial and the profitability 

and effectiveness of surface texturing need to be assessed for a given application and 

range of operating conditions. However, finding the best texture design is very 

challenging due to the large number of parameters involved and the complexity in 

the patterns. Experimental trial and error approaches are time consuming and costly 

and do not allow an efficient design of surface textures. This has led to the 

development of numerous numerical models. However, the complexity of the 

governing equations, their numerical solution and the lack of standard methods have 

led to conflicting conclusions. Results are often limited to a certain application or 

certain operating conditions due to the high computation times involved. The 

significant influence of film discontinuities on the numerical accuracy is often not 

accounted for, leading to erroneous results. Also, many theoretical studies make use 

of non-mass-conserving cavitation boundary conditions, which have been shown to 

result in a considerable over-estimation of the benefits of surface textures [16]. In 

conclusion, a successful application of surface texturing relies to a great degree on 

fast and robust numerical models that allow an accurate evaluation of the impact of 

surface texturing on the performance of hydrodynamic bearings under a wide range 

of conditions. 

This work is focussed on tilting pad thrust bearings, an application of surface 

texturing that has hardly been given any attention. The schematic of a tilting pad 

thrust bearing is shown in Figure 1.2. This type of bearing was developed 

independently by A.G.M. Michell and Albert Kingsbury at the beginning of the 20th 

century. Under operation, the thrust pads form a converging wedge that builds up 

pressure in the lubricant that balances the applied load. Fixed geometry thrust pad 

bearings have a fixed pad inclination, i.e. the convergence ratio depends on the 

encountered operating condition. In tilting pad thrust bearings the pads can freely 

tilt and adjust the film thickness, keeping the convergence ratio constant, i.e. the 

convergence only depends on the position of the pivot, making it possible to 

determine a convergence ratio by design. As friction and load carrying capacity 

depend significantly on the convergence ratio, this offers a great advantage. Tilting 
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Figure 1.2 Tilting pad thrust bearing with (a) Michell offset line pivot and (b) Kingsbury 

offset point pivot (adapted from [17]). 

pad bearings are predominantly used in heavy-duty rotating machinery, such as 

turbines, pumps and compressors. A failure of one of these bearings often results in 

high costs. Therefore, improving the durability through surface texturing is of high 

interest. Surface texturing may also be capable of reducing the energy loss caused by 

tilting pad thrust bearings, making many industrial processes more efficient. 

One of the only studies on textured tilting pad bearings was published in 2017 by 

Zouzoulas and Papadopoulos [18]. They compared the hydrodynamic performance of 

a conventional point-pivoted tilting pad thrust bearing with a pocketed, grooved and 

dimpled design using commercial CFD software. The results showed that minimum 

film thickness, friction torque and maximum temperature can be improved but a 

proper texture design is crucial. Texturing was shown to be capable of increasing the 

minimum film thickness by up to 24% and reducing the maximum temperature by 

up to 7°C. Although a parametric study was presented, results were limited due to 

the high computation times encountered. Further research is needed to understand 

the complex relationship between texture geometries and bearing performance, 
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particularly the impact of surface texturing on the equilibrium position on the pads 

and the dependency of optimum texturing parameters on the operating conditions. 

1.2 Aim and objectives 

One of the key challenges in applying surface texturing industrially is the design of 

proper texture patterns due to the large number of parameters and the dependency 

of the optimum texture geometry on the application and operating conditions. Easing 

the design of surface textures is thus an essential step towards successful industrial 

applications of this technology. The aim of this work is to facilitate the design of 

surface textures for hydrodynamic bearings, in particular tilting pad thrust bearings, 

as this is the core product of this project’s industrial sponsor. However, the developed 

theoretical model is easily adaptable to other types of hydrodynamic bearings. 

The main objectives of this project are given in the following: 

• Conduct an in-depth study on the state of the art Completion of an in-

depth literature review on surface texturing for hydrodynamic bearings and 

modelling techniques for textured contacts under hydrodynamic lubrication 

conditions. Review texture design recommendations provided in literature and 

assess the key issues that are responsible for the still very limited number of 

successful industrial applications. 

• Develop an accurate, fast and robust numerical model Development of 

an accurate, fast and robust numerical framework that allows to efficiently 

evaluate the performance of textured bearings under a wide range of conditions. 

The model should be capable of performing arbitrary parametric studies and 

mathematically optimizing texture patterns for best bearing performance. For 

accurate results, the model should include a mass-conserving cavitation 

algorithm and consider thermal effects. To allow the use of the model in an 

industrial setting, a texture optimization should be executable on a normal 

desktop computer within an hour. 

• Validation of the numerical model Validate the developed mathematical 

model by detailed comparison with published data. In addition, conduct 

experiments on conventional and textured tilting pad thrust bearings under 

various load and speed conditions for further validation. 

• Analyse the applicability of surface texturing for tilting pad thrust 

bearings Apply the developed model to study the impact of surface texturing 

on the main performance characteristics of tilting pad thrust bearings under 

various operating conditions. Numerically optimize texture patterns and 

investigate possible performance improvements and assess the industrial 
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applicability of surface texturing for this application.  

1.3 Scope of the thesis 

This thesis is divided into 8 chapters, outlined in the following: 

Chapter 2 provides an in-depth literature review on surface texturing for various 

types of hydrodynamic bearings. The research effort worldwide is outlined and 

current understandings on how surface textures are capable of improving the 

performance of hydrodynamically lubricated contacts are analysed. Optimum 

texturing parameters as proposed in literature are discussed for various applications, 

followed by a comprehensive review on available modelling techniques. 

Chapter 3 provides details of the proposed mathematical model to study and 

optimize textured tilting pad thrust bearings. The considered bearing and texture 

geometries are discussed and the applied mass-conserving formulation of the 

Reynolds equation is introduced, followed by the mathematical description of the 

bearing equilibrium and thermal effects. The utilized formulation to optimize texture 

patterns is presented in the last section of this chapter.  

Chapter 4 explains the numerical solution of the proposed mathematical model with 

regards to the fluid solver, equilibrium solver, temperature solver and optimization 

solver. Three finite volume discretization schemes as well as the utilized mass-

conserving cavitation algorithm are introduced, followed by a presentation of the 

three applied nonlinear root finding techniques to solve the bearing equilibrium 

problem. Detailed descriptions of the temperature solver and the optimization 

algorithm are given at the end of this chapter. 

Chapter 5 In this chapter, the numerical model is improved in terms of accuracy, 

stability and computational speed by comparing the implemented discretization 

methods, equilibrium and temperature solver strategies as well as numerical solution 

techniques. In the second part of this chapter, the model is validated by comparison 

with published data. 

Chapter 6 In this chapter, the developed numerical model is applied to study the 

influence of surface texturing on the performance of a tilting pad thrust bearing. 

Texture depth, circumferential and radial extent are numerically optimized to 

improve three bearing performance characteristics: minimum film thickness, friction 

torque and maximum temperature. Results are discussed for various operating 

conditions and texturing recommendations are provided. 

Chapter 7 This chapter is devoted to the experimental part of this work. The 

utilized bearing test rig as well as the analysed tilting pad thrust bearing and its 
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instrumentation are presented. After introducing the test methodology, experimental 

results are presented to compare the performance of a conventional bearing with a 

textured bearing. The experimental results are then compared to the predictions of 

the numerical model. 

Chapter 8 concludes the work presented in this thesis and outlines possible future 

work to further advance the knowledge around surface texturing for hydrodynamic 

bearings. 

 

The contents of chapter 2 have been published as “Hydrodynamic lubrication of 

textured surfaces: A review of modeling techniques and key findings”. Tribology 

International. 2016;94:509-29. 

The contents of chapters 3, 4 and 5 have been published as “A numerical model for 

design and optimization of surface textures for tilting pad thrust bearings”. Tribology 

International. 2018;119:190-207. 

The contents of chapter 6 have been published as “Numerical analysis and 

optimization of surface textures for a tilting pad thrust bearing”. Tribology 

International. 2018;124:134-44. 
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Chapter 2 

2Literature Review 

This chapter outlines the worldwide research effort on surface texturing for 

hydrodynamically lubricated contacts and summarizes the key findings. The current 

understandings on how artificial textures can enhance the performance are discussed, 

followed by an in-depth review on optimum texture designs as proposed in literature 

for different bearing applications. Modelling techniques for fluid flow, cavitation and 

micro-hydrodynamic effects as well as discretization and numerical methods are 

reviewed and conclusions are drawn with regards to this work. Although this work 

is focussed predominantly on tilting pad thrust bearings, this review includes other 

bearing-like applications as well to offer an exhaustive overview. 

2.1 Background 

2.1.1 Literature survey 

Hundreds of studies on the influence of textured surfaces on tribological performance 

of lubricated contacts have been published since 1966. The vast majority has been 

published over the last two decades (Figure 2.1 (a)). In an extensive literature survey, 

the author found hundreds of publications that are concerned with textured surfaces, 

published between 1966 and 2015. Interestingly, more than 50% of the studies are 

purely theoretical, based on different forms of the Reynolds equation, Navier-Stokes 

equations or Stokes equations (Figure 2.1 (b)). Models in the early years were based 

on the steady-state, two-dimensional Reynolds equation, applying non-mass-

conserving cavitation boundary conditions and neglecting changes in viscosity, 

density and temperature. Also, surface deformations and the effect of surface 

roughness were not considered. Examples of more basic models can be found in 
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Figure 2.1 Worldwide research effort on surface texturing over the last 50 years: (a) number 

of publications per year and (b) research method. 

[19-23] for journal bearings, in [12, 24, 25] for mechanical seals, in [26, 27] for thrust 

bearings and in [28, 29] for cylinder liners. 

The development of more efficient algorithms and solution techniques combined with 

the increase in computational power available have led to much more sophisticated 

models, especially over the last 10 years. Papadopoulos et al. [30], for example, used 

commercial computational fluid dynamics (CFD) software to solve the Navier-Stokes 

and energy equations to study the effect of rectangular dimples on the performance 

of partially textured sector-pad thrust bearings. Kango et al. [31] investigated 

textured journal bearings using a generalized Reynolds equation. Their model is 

capable of describing viscous heat dissipation and non-Newtonian lubricant 

behaviour and incorporates a mass-conserving cavitation algorithm based on the 

Jakobsson-Floberg-Olsson (JFO) boundary conditions. Han et al. [32] used a 

modified averaged Reynolds equation to study the effect of misalignment and shaft 

axial motion on the performance of journal bearings with rough surfaces under 

transient and mixed lubrication conditions.  

Less than a third of all publications were based on experimental approaches only, of 

which the most commonly used are pin-on-disc [33-38] and ball-on-disc [39] setups 

as well as reciprocating sliding tests [40]. Some studies, however, were conducted on 

real components. Examples include journal bearings [41, 42], thrust bearings [43-45] 

and seals [46-48]. About 11%, corresponding to 41 references in the author’s survey, 

describe both, experimental and theoretical investigations. The remaining 8% of 

publications analysed are, for example, reviews [13, 49-54], publications on 

manufacturing techniques [55-57] and classification/characterization of textured 
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surfaces [58]. Further results of the survey are given in respective sections. 

A large number of researchers have contributed to today’s knowledge around surface 

texturing, however, the still very limited number of successful industrial applications 

emphasizes the difficulties and challenges that are still encountered in this field. The 

following sections are thus intended to give the reader a brief overview of the key 

findings, common conclusions and some guidelines on texture design given in 

literature so far. 

2.1.2 Definition of surface texturing 

Surface texturing is the intentional introduction of well-defined surface features 

(discrete dimples, grooves) on surfaces. An example of a partially textured parallel 

thrust pad bearing can be seen in Figure 2.2. In contrast to textures, surface 

roughness is generally considered random and not well characterized. However, some 

of the functions of textures described below can also be related to rough surfaces. 

For example, the valley between two adjacent asperities can be interpreted as a 

dimple. 

 

Figure 2.2 Partially textured parallel thrust pad bearing with rectangular dimples (adapted 

from [59]). 

2.1.3 Functions of surface textures 

Surface textures may act as lubricant reservoirs [4, 60], providing lubricant to the 

contact in cases of starved lubrication, and entrap wear debris [61-63], minimizing 

third-body abrasion. Although the aforementioned effects are often described in 
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literature, consistent results do not exist and further research in this direction is 

needed. A textured surface also has an overall lower contact area, which can lead to 

a reduction of stiction [64]. The aforementioned mechanisms can reduce wear and 

thus increase durability. The most dominant effect, however, as well as the only one 

captured by theoretical models, is the creation of an additional hydrodynamic lift 

that can lead to a certain increase in load carrying capacity of the contact in cases 

of mixed and hydrodynamic lubrication. This can also lead to an expansion of the 

range of hydrodynamic lubrication [65]. Although this phenomenon of load support 

is not yet fully understood, some commonly accepted explanations exist. 

One of the earliest explanations was the occurrence of local cavitation [4, 13, 24, 66], 

which can lead to an asymmetric pressure distribution over a single texture, as 

negative pressures caused the divergent part of a texture are limited by the 

lubricant’s cavitation pressure (Figure 2.3 (a) and (b)). 

 

Figure 2.3 (a) Single texture cell, (b) typical pressure distribution over a single texture with 

cavitation, (c) typical pressure distribution over a single texture with inertia effects, (d) 

stepped slider, (e) partially textured slider and (f) typical pressure distributions over a 

stepped and partially textured slider. 
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The occurrence of cavitation inside individual dimples was also shown experimentally 

by Qiu and Khonsari [45, 67] and Zhang and Meng [68], using high speed cameras. 

Figure 2.3 (b) illustrates typical pressure distributions over a single, cell-centred 

texture for three different cases:  

• Cavitation does not occur (��Fw ≪ �W"'). 
• Predicted by a non-mass-conserving cavitation algorithm for ��Fw < �W"'. 
• Predicted by a mass-conserving cavitation algorithm for ��Fw < �W"'. 

Note, however, that load is only generated in certain cases, as the positive pressures 

are also influenced. In some cases the load support may even become negative, 

depending on the shape of the asymmetric pressure distribution. Additionally, lift 

can only be generated when the cavitation pressure is inferior to the supply pressure, 

as this will provide the necessary pressure gradient to ensure a sufficient lubricant 

supply (inlet suction [69, 70], Figure 2.3 (a)). If cavitation and supply pressure are 

equal this pressure gradient does not occur, leading to starvation in the dimple, 

hence, no pressure can build up. If the supply pressure is much higher than the 

cavitation pressure, cavitation will not occur at all. In this case the pressure 

distribution over a single texture is antisymmetric and no lift can be generated either. 

The promising results concerning cell centred dimples published in early papers (e.g. 

[26]) were caused by the implementation of non-mass-conserving cavitation boundary 

conditions. The pressure distribution over a single cell-centred dimple obtained with 

a non-mass-conserving cavitation algorithm falsely predicts a high load support as 

compared to the solution of the same problem with a mass-conserving treatment of 

cavitation, as first discussed by Ausas et al. [16] in 2007 (Figure 2.3 (b)). Another 

way to obtain load carrying capacity is to shift the texture towards the inlet, i.e. 

� < & in Figure 2.3 (a). This will always (even if cavitation does not occur at all) 

lead to a load carrying capacity as long as ��Fw < �W"'. However, this configuration 

should be interpreted as partial texturing, where lift is generated in a more traditional 

geometrical way, as discussed below. 

Ultimately, today’s understanding is that, despite the fact that local cavitation 

effects obviously have a significant influence on the pressure distribution and thus 

load capacity, they can only in certain cases lead to additional load support in 

individual, cell-centred textures, i.e. fully textured contacts. The crucial factor here 

is the ��Fw/�W"' ratio. Tønder [71, 72] suggested that the introduction of roughness 

at the inlet of a parallel sliding bearing provides a step-like configuration similar to 

a Rayleigh step bearing. It was also found that more lubricant is available in the 

pressure build-up zone as the roughness at the inlet could prevent leakage. 

Another explanation for a disturbed pressure distribution over a single texture and 

thus in certain cases load carrying capacity are inertia-related effects (Figure 2.3 (c)), 



14  Chapter 2 Literature Review 

 

which were first studied by Arghir et al. [73]. As simplified models based on the 

Reynolds equation or Stokes equations do not consider inertia effects, they solved 

the full Navier-Stokes equations for different macro-roughness cells and showed that 

inertia effects could provide a load carrying capacity for flows with higher Reynolds 

numbers. Note, however, that the considered dimple geometries had very large aspect 

ratios (f) that are quite different from the ones typically studied in lubrication 

theory, leading to pronounced inertia effects. Subsequently, Sahlin et al. [74] further 

investigated inertia effects in single texture configurations using CFD and reported 

that the effects of inertia were the dominant mechanism for pressure build-up. In 

their study a maximum load carrying capacity could be achieved with a dimple depth 

close to the depth at which a vortex, i.e. flow recirculation within the dimple, 

appears. Completely contrary results were presented by Dobrica and Fillon in [75]. 

They studied the validity of the Reynolds equation for two-dimensional textured 

parallel slider configurations and concluded that inertia in general has a negative 

effect on the load carrying capacity. De Kraker et al. [76] stressed that inertia can 

cause an increase or a reduction of the load carrying capacity, depending on the local 

flow conditions. More CFD investigations were carried out by Cupillard and co-

workers for textured sliders [77-79] and journal bearings [80, 81]. In [79] they also 

pointed out that inertia does not necessarily have positive effects on the load carrying 

capacity. In fact, positive influences were only observed up to a critical texture depth 

value, similar to the results by Sahlin et al. [74]. 

Another effect was described by Fowell et al. [70] and Olver et al. [69], as 

inlet suction, as mentioned above. They argued that the sub-ambient pressure caused 

by the diverging part of a single texture has the ability to suck more lubricant into 

the contact zone, hence increasing maximum pressure and load carrying capacity. 

Yagi and Sugimura [82] suggested a mechanism called balancing wedge action. They 

studied the equilibrium of moment on a centrally pivoted pad bearing and concluded 

that the incorporation of a texture could disturb this balance, rotating the pad and 

thus increasing the convergence ratio. Hence, pressure and load carrying capacity 

could be generated by the resulting wedge action. 

Etsion’s group found that partial texturing can improve the tribological performance 

by a so-called collective dimple effect, similar to the concept proposed by Tønder [71, 

72]. They showed that the textured inlet has a larger average film thickness than the 

non-textured outlet and therefore a partially textured contact behaves similarly to a 

Rayleigh step bearing (Figure 2.3 (d) – (f)). Note that the concept of partial texturing 

is a rather conventional way to create load support, as the hydrodynamic effects are 

caused solely by geometrically approximating a step or pocket. However, partial 

texturing might still have other advantages as compared to traditional stepped or 

pocketed contacts, e.g. act as lubricant reservoirs or trap wear debris. Figure 2.3 (f) 

shows typical pressure distributions over a stepped and partially textured slider. The 
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pressure distribution over a partially textured slider is illustrated for three cases: 

• Cavitation does not occur (��Fw ≪ �W"'). 
• Cavitation occurs in the first two dimples (��Fw < �W"'). 
• Cavitation occurs in all dimples (��Fw = �W"'). 

As long as ��Fw < �W"', significant pressure can build up, leading to a certain load 

support similar but inferior to the one encountered in stepped or pocketed contacts, 

even if cavitation does not occur at all. Therefore, cavitation cannot and should not 

be named as the responsible load support mechanism. Etsion’s group demonstrated 

the potential of partial texturing for mechanical seals [83], thrust bearings [26, 43], 

journal bearings [22] and piston rings [84-86]. Partial texturing is generally 

considered more efficient than full texturing and often the only way to reasonably 

improve the tribological contact performance. 

It is noteworthy that the aforementioned load-support mechanisms are complex 

phenomena that may occur simultaneously. Moreover, the influence and magnitude 

of cavitation and inertia highly depend on the operating conditions and the type of 

contact. Hence, today’s knowledge is that both phenomena may either improve or 

harm the overall contact performance, depending on the specific application. 

2.2 Texture design 

2.2.1 Texturing parameters 

A slider bearing with circular/rectangular dimples is shown in Figure 2.4 to illustrate 

the parameters commonly used to describe textured contacts. However, the 

parameters can easily be related to other textured components (Figure 2.5, Figure 

2.7 and Figure 2.8). 

An individual texture can be characterized by its three-dimensional shape (base 

shape and internal structure/bottom profile), size (base dimensions and depth) and 

in case of an asymmetric texture its orientation with respect to the direction of 

sliding. Another parameter that arises is the texture aspect ratio, which is defined as 

f = ℎ �! "#�/@, with ℎ �! "#� and @ being the texture’s maximum depth and dimension 

in sliding direction respectively. In cases of circular textures @ represents the texture’s 

diameter. Although generally used in literature, this parameter does not capture the 

texture’s base shape nor its internal structure. 
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Figure 2.4 Texturing parameters for parallel/convergent slider bearings: (a) Cuboid dimple 

with texture cell, (b) Spherical dimple with texture cell and (c) parallel/convergent slider 

bearing. 

On a global scale a textured contact can be further described by its relative textured 

portion % = � �! "#�$/�� = �� and its relative texture extends in x and y direction, 

given as � = Y �! "#�$/Y� and � = Z �! "#�$/Z� respectively. To allow a consistent 

use of these parameters in this work, the relative texture extends are defined as � =
9 �! "#�$/9� and � = � �! "#�$/�� in circumferential and radial direction respectively, 

whenever polar coordinates are applied. The texture density (� �! "#� =
� �! "#�/����� for uniformly distributed textures or in general � �! "#� =
D� �! "#�/� �! "#�$, where D  is the total number of textures) and the relative dimple 

depth 4 = ℎ �! "#�/ℎN;< complete the parameters. Please note that in some 

literature a height ratio 3# = (ℎ �! "#� + ℎN;<)/ℎN;< = 4 + 1 rather than a relative 

dimple depth is used. 

Although understandably all these parameters affect the overall contact performance, 

it is well accepted that dimple aspect ratio, texture density, relative dimple depth 

and for partial texturing, i.e. � �! "#�$ ≠ ��, the relative texture extends are the 

ones having the most pronounced influence and are thus the most important design 

parameters for textured contacts. Therefore most studies have been contributed to 

finding optimal values for these parameters. 
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2.2.2 Key findings for parallel contacts 

2.2.2.1 Seals and parallel rotating thrust bearings 

For the application of texturing in seals or seal-like structures, such as parallel 

rotating thrust bearings, the relative texture extend in circumferential direction � =
9 �! "#�$/9� is meaningless, because these contacts are obviously always fully textured 

in this direction, thus � = 1 (Figure 2.5). Partial texturing in radial direction, 

however, can lead to high performance improvements for seals, as will be shown 

below. 

 

Figure 2.5 Texturing parameters for seals and parallel rotating thrust bearings. 

The pioneering work on textured mechanical seals has been carried out by Etsion 

and co-workers. They conducted a series of theoretical parametric studies and 

experiments on face seals with dimples in the form of spherical caps (5 ≤ @ ≤ 200 µm 

and 0 ≤ f ≤ 0.5) and found that textures can significantly improve seal performance 

and durability in terms of load carrying capacity, wear resistance, friction and face 

temperature [12, 24, 47, 83]. They recommended a texture density of 20% and 

stressed that the dimple depth over diameter ratio f can be optimized for given 

operating conditions and that this is the most important parameter. In [83] a seal 

was partially textured on the high pressure side, reassembling a virtual step in radial 

direction. An optimal value for the relative texture extend in radial direction was 

given in the range of 0.55 ≤ � ≤ 0.65 in terms of average pressure. The experimental 

comparison of a partially textured seal with a smooth one showed a significant 

reduction in friction torque. 
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A mechanical gas seal, partially textured with elliptical dimples, was numerically 

investigated by Bai et al. [87]. They reported an open force improvement of 20% and 

demonstrated the importance of dimple orientation with respect to the direction of 

sliding. Meng et al. [88] applied a finite element method (FEM) with a mass-

conserving cavitation algorithm to numerically investigate the influence of full 

texturing on a seal’s flow rate and load carrying capacity. In their study texturing 

could not always increase the seal’s load capacity, however, dimples were shown to 

be a feasible method to control seal leakage. 

Ma et al. [89] highlighted the complex relation between the optimum texture density 

and the operating conditions using a mass-conserving numerical approach based on 

the Reynolds equation. Wang et al. [90] performed a multi-objective optimization of 

texture shapes for mechanical face seals and recommended v-shaped dimples in terms 

of load capacity and leakage. 

Brunetière and Tournerie [91] studied fully textured seals under mixed lubrication 

by solving the isothermal Reynolds equation together with a deterministic asperity 

contact model to incorporate roughness effects and a mass-conserving cavitation 

algorithm. In their investigation texturing was found to be incapable of generating 

any load carrying capacity whenever roughness effects of the untextured surface 

portions between textures were not considered. One the other hand, when roughness 

was accounted for, untextured and textured seals showed significantly better friction 

characteristics than smooth seals in both, mixed and hydrodynamic regime. These 

results stand in high contrast to previous findings for fully textured seals. The reason 

for this is the numerical treatment of cavitation: whereas many previous studies 

applied non-mass-conserving cavitation boundary conditions (Half-Sommerfeld or 

Reynolds) or did not consider cavitation at all, Brunetière and Tournerie used a 

mass-conserving approach based on the JFO boundary conditions, which correctly 

describes film rupture and reformation [92]. 

In fact, Ausas et al. [16] have shown that a non-mass-conserving treatment of 

cavitation highly overestimates the predicted load carrying capacity of dimpled 

surfaces and that therefore a mass-conserving implementation of cavitation is crucial 

in the field of surface texturing. 

Following this new insight Qiu and Khonsari [67] further studied the effect of 

cavitation on fully textured rotating thrust bearings. In addition to experimentally 

observing local cavitation inside individual textures, they confirmed that a non-mass-

conserving treatment of cavitation leads to a significant overestimation of load 

carrying capacity. It was concluded that for fully textured contacts load carrying 

capacity caused solely by cavitation is very limited. In a subsequent study by the 

same authors [45], a series of stainless steel rings (heat-treated 17-4 PH) were fully 

laser textured and experimentally evaluated. Samples with circular and elliptical 

dimples having different sizes (200 ≤ @ ≤ 2000 µm), depths (46 ≤ ℎ �! "#� ≤ 60 µm) 
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and densities (15 ≤ � �! "#� ≤ 58.6%) were considered. It was experimentally 

observed that at low speeds no cavitation occurs in the dimples, at increasing speeds 

gaseous cavitation and at high speeds vapour cavitation. Thus, cavitation pressure 

and therefore ultimately load carrying capacity is highly affected by the operational 

speed. Unlike the untextured specimens, which only showed minor scratches, the 

textured samples showed significant surface damage after conducting the 

aforementioned experiments. However, their coefficient of friction (COF) was 

considerably lower during all tests performed. It was further found that for a given 

dimple depth over diameter ratio f, a higher texture density leads to higher friction 

reduction and for a given density an optimal value for f exists. 

In a later study Qiu and Khonsari [93] applied an averaged Reynolds equation to 

parametrically study fully textured thrust bearings considering roughness effects. It 

was shown that surface roughness has a positive but limited influence on bearing 

performance. They also found that optimal values for f and � �! "#� exist and that 

the cavitation pressure is crucial, which agrees well with findings in [24], [94] and 

[45]. However, optimal texture parameters were found to highly depend on sliding 

speed and cavitation pressure. 

Wang et al. [94] used reactive ion etching to produce circular dimples on SiC thrust 

bearings and in a series of experiments investigated the effect of different dimple 

sizes, depths and densities (50 ≤ @ ≤ 650 µm, 2 ≤ ℎ �! "#� ≤ 16.6 µm and 0 ≤
� �! "#� ≤ 22.5%) on the load carrying capacity under water lubrication. All 

specimens in their study were fully textured. They illustrated the effect of texture 

density and depth over diameter ratio in a load carrying capacity map and stressed 

that both of these parameters can be optimized for given operating conditions. 

Optimal performance was achieved with the specimen having texturing parameters 

of @ = 350 µm, ℎ �! "#� = 3.2 µm and � �! "#� = 5%. In a following study by the same 

group [95], the authors conducted further experiments with water lubricated SiC 

bearings having no textures, single-sized textures and mixed-sized textures. 

Interestingly, the rings having both, small and large dimples, showed the best 

performance, increasing load carrying capacity threefold when compared to the 

untextured specimen. 

Zhang et al. [38] conducted pin-on-disc experiments with Babbitt alloy discs under 

mixed lubrication having circular dimples (500 ≤ @ ≤ 950 µm, ℎ �! "#� = 10 µm and 

8.6 ≤ � �! "#� ≤ 13.9%) and stated that the lowest texture density studied (8.6%) 

gave the highest friction reduction. 

In a paper by Wang et al. [96], the authors reviewed published studies on the optimal 

texture density for fully textured contacts. They stressed that optimal texture 

densities stated in literature are usually much higher when predicted by theoretical 

methods than those obtained by experiments, as material properties are not 

accounted for. The authors recommended that texture densities should be in the 
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range of 5% ≤ � �! "#� ≤ 13% for oil lubricated metal components. Furthermore, a 

texture density exceeding 20% should be avoided to limit stress concentration effects. 

Sharma and Yadav [97] showed numerically that partial texturing of thrust bearings 

is capable of reducing the frictional power loss by up to 20%. 

Another recent numerical study was conducted by Shi et al. [98] on gas seals having 

different texture and groove patterns. It was concluded that both, grooves and 

discrete dimples are capable of enhancing seal load carrying capacity, especially for 

small clearances. Optimal texturing parameters were shown to depend on the chosen 

texture geometry. 

The key findings for textured seals and seal-like contacts, such as parallel 

rotating thrust bearings, can be summarized as follows: 

• Full texturing may improve performance in terms of friction and load 

carrying capacity under certain conditions, however, reported performance 

improvements are usually very limited. Nevertheless, full texturing can be a 

feasible method to control seal leakage. 

• Optimal values for f and � �! "#� for full texturing exist, but highly depend 

on operating conditions. Optimal densities given in literature are quite low 

and in a range between 5 and 20%. 

• Roughness seems to have a positive but limited influence on the performance. 

• A mass-conserving treatment of cavitation is crucial. Moreover, the ratio of 

cavitation over supply pressure (��Fw/�W"') is an essential performance 

parameter. 

• Partial texturing of seals in radial direction can lead to significant 

performance improvements by reassembling a virtual step. Optimal values 

for texture density, relative texture depth, texture aspect ratio and relative 

texture extend may be the ones most closely approximating an optimal step, 

as this seems to be the case for parallel slider bearings and parallel thrust 

pad bearings. However, studies in this direction are limited. 

2.2.2.2 Parallel slider bearings and parallel thrust pad bearings 

Parallel slider bearings and parallel thrust pad bearings are shown in Figure 2.4 and 

Figure 2.7 respectively. Especially for this type of contacts, texturing – in particular 

partial texturing – has shown to be highly beneficial and a reasonable way to improve 

contact performance. 

One of the first studies on textured parallel slider bearings was conducted by Brizmer 
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et al. [26] in 2003. They numerically investigated bearing performance applying the 

two-dimensional Reynolds equation and found that whereas full texturing cannot 

provide a satisfying load support, partially textured contacts are capable of 

generating significant load carrying capacities. Parameters mostly affecting load 

capacity were found to be texture density, relative texture depth, relative texture 

extend and the bearing width to length ratio Z�/Y�. Best performance enhancement 

was achieved with a relative texture extend in x direction of 65%, a maximum 

possible texture density and a relative dimple depth of 1.25. The relative texture 

extend in y direction was not investigated and kept constant at � = 100%. Their 

findings were experimentally validated in a later study by the same group [43] by 

comparing non-textured and partially textured water lubricated parallel thrust pad 

bearings. The partial texturing resulted in a threefold increase in clearance and a 

friction reduction of 50%. 

Following this study Rahmani and co-workers [99] attempted to find optimal 

texturing parameters with an analytical approach, applying the one-dimensional 

Reynolds equation for infinitely long parallel sliders having textures with flat bottom 

profiles. They stated optimal values for the relative texture depth in the range 

between 0.5 and 0.57 in terms of load capacity and friction force. It was further 

shown that a minimum number of textures results in best performance, which 

implicitly stands for a maximum texture density. In a more generalized optimization 

study by the same group [100], infinitely long parallel sliders with different texture 

bottom shapes were analysed. Three different bottom profiles were considered: R, T2 

and T1 (Figure 2.9). The optimal value for the relative texture depth was found to 

be 4 = 0.58 for the flat textures (R) in terms of both, load carrying capacity and 

COF. For the other profiles, T2 and T1, values were found to be 4 = 1.17 and 4 =
1.2 for maximum load carrying capacity and minimum COF respectively. In general, 

the performance of the flat textures (R) was reported to be superior. In a more recent 

study [101], they confirmed previous findings.  

Another analytical investigation on infinitely long parallel sliders was performed by 

Pascovici et al. [102]. They found optimal values for 4 and � to be in the ranges of 

0.5 − 0.9 and 50 − 62% respectively, agreeing well with previous findings. 

One of the first parametric numerical investigations on finite sliders was conducted 

by Dobrica et al. [14] in 2010, applying a two-dimensional mass-conserving form of 

the Reynolds equation. They demonstrated that fully textured parallel sliders can 

only generate load carrying capacities when the inlet is textured, i.e. textures are 

shifted towards the inlet in each cell, as shown for a partially textured contact in 

Figure 2.6, but the effect was minimal. 

Note that texturing the inlet results in a larger inlet film thickness, which also means 

a higher oil supply rate is necessary. The question whether the term full texturing is 

still appropriate when the inlet is textured is debatable. On the other hand, partially 
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textured parallel sliders were shown to be capable of creating substantial 

hydrodynamic lift, especially when the supply pressure is higher than the cavitation 

pressure (�W"' > ��Fw) and textures are placed at the inlet. Furthermore, it was found 

that the texture density cannot be optimized for partially textured sliders, because 

load carrying capacity always increases with density, resulting in an optimum density 

of 100%. However, a density of 100% actually results in a stepped slider and the 

term texture becomes questionable. In practise, that means that the optimal texture 

density is the maximum achievable, limited by the fact that high densities may lead 

to stress concentration, weakening the surface. 

 

Figure 2.6 (a) Partial texturing with shifted dimples and (b) Partial texturing with cell 

centred dimples. 

Guzek et al. published unified computational approaches to optimize texturing 

parameters for both, two-dimensional [103] and three-dimensional [104] parallel slider 

bearings. Their results agreed well with findings of previous exhaustive analytical 

and numerical studies. For example, they also showed that increasing the texture 

density always leads to better performance and that shifting the textures towards 

the inlet is highly beneficial. Therefore the value for the texture density was set to 

80% in their study. Optimal values for the relative texture depth were found to be 

0.68 ≤ 4 ≤ 0.9 for rectangular dimples and 0.97 ≤ 4 ≤ 1.21 for elliptical dimples in 

terms of load carrying capacity. In terms of friction reduction optimal values were 

0.76 ≤ 4 ≤ 0.81 and 1.19 ≤ 4 ≤ 1.28 for rectangular and elliptical dimples 

respectively. The higher values obtained for elliptical dimples were explained by the 

fact that, as the volume of cuboid dimples is higher than that of ellipsoidal ones, 

cuboid dimples closer approximate a stepped bearing. This also confirms the results 

obtained by Rahmani [100]. The relative texture extend in x direction was 

recommended to be 60% and in the range of 60 − 70% for load carrying capacity 

enhancement and friction reduction respectively, for both shapes. 

Very recently Gherca et al. [105] published another numerical parametric study on 

three-dimensional textured parallel slider bearings. Whereas most results were quite 

similar to studies conducted by other researchers, they obtained much smaller 

optimal values for the relative texture extend in x direction (20 ≤ � ≤ 40% and � =
100%). They also ran some simulations in transient flow conditions, i.e. the moving 

surface was textured rather than the stationary one. Yet, the large computational 
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power required limited the investigations to only a few geometric configurations. The 

results showed that texturing the moving surface instead of the stationary one may 

lead to a certain pressure build-up at the inlet, due to squeeze effects. However, 

texturing only the stationary surface was shown to be much more efficient. 

Interestingly, when both surfaces were textured, an additional performance 

improvement was obtained. 

Malik and Kakoty [106] presented another parametric study on textured parallel 

sliders, however, their results are questionable as they used a non-mass-conserving 

cavitation algorithm. They concluded that for slider ratios of Z�/Y� = 2 full 

texturing is preferable and for smaller ratios partial texturing is preferable. Marian 

et al. [107] performed a thermo-hydrodynamic (THD) analysis of parallel thrust pad 

bearings with pads having rectangular dimples (ℎ �! "#� = 9 µm, f = 0.045 and 

� �! "#� = 25%) and found optimal relative texture extends of � = 50% and 90% ≤
� ≤ 100% in terms of load carrying capacity maximization. These values are 

comparable to the ones obtained by other researchers. 

A partially textured parallel eight-pad bearing (cuboid dimples, @ = 750 µm, 

ℎ �! "#� = 20 µm, � = 64%, � = 75% and � �! "#� = 56%) was investigated by 

Charitopoulos et al. [108], solving the incompressible Navier-Stokes equations and 

considering thermal effects as well as elastic deformation. They stressed that oil 

heating significantly decreases the load carrying capacity of textured pad bearings, 

however, this is also the case for untextured bearings. A comparison of the relative 

influence of oil heating on the load carrying capacity between untextured and 

textured bearings was not conducted. The same group also presented a CFD study 

to optimize automotive turbocharger thrust pad bearings [109]. They presented a 

pocketed design that was able to increase the minimum film thickness by 40%, while 

also decreasing the power loss by 12% in comparison to a reference design. The 

pocketed design was shown to be able to also decrease the maximum temperature by 

up to 16°C. In contrast to other research, a parametric study revealed that the 

optimum pocket depth should be about five times the value of film thickness. 

Henry and co-workers [44] experimentally compared smooth parallel thrust pad 

bearings with partially textured ones having rectangular dimples (ℎ �! "#� = 20 µm, 

f = 0.04, � = 70% and � = 75%). At low loads texturing was able to reduce friction 

by up to 32% while at higher loads texturing was uninfluential or even detrimental. 

They also stated the importance of the position of the first row of textures relative 

to the pad inlet and that higher texture densities are preferable in terms of load 

carrying capacity, confirming previous findings by Dobrica et al. [14] and Guzek et 

al. [104]. In a later study [110], they experimentally investigated the performance of 

untextured parallel, tapered, pocketed and partially textured thrust pad bearings 

during start-up. It was found that the pocketed pads result in best performance, 

potentially reducing wear by minimizing the friction torque encountered during start-
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up. 

Fouflias et al. [111] applied CFD to study four different bearing designs: open pocket, 

closed pocket, tapered-land and partially textured with rectangular dimples. Their 

results revealed that the textured bearing (ℎ �! "#� = 20 µm, f = 0.027 and 

� �! "#� = 56%) performs reasonable only at low and moderate rotational speeds. At 

high speeds its load carrying capacity is considerably lower compared to the other 

bearings, however, its friction torque is lowest in this case, because it shows the 

lowest values for minimum film thickness. The same group also published a numerical 

optimization study on a curved pocket thrust pad bearing [112]. The in optimized 

curved pocket design was able to reduce friction by 21% and increase load carrying 

capacity by 16% as compared to a bearing with rectangular pockets. 

In a recent CFD study, Papadopoulos et al. [30] proposed optimal relative texture 

extends for partially textured pad bearings having rectangular dimples (ℎ �! "#� =
20 µm, f = 0.027 and � �! "#� = 56%). In their study highest load carrying capacity 

was obtained by texturing 2/3 and 3/4 of the pad length and width respectively. 

Exact values for relative texture extents were given as � = 62% and 75 ≤ � ≤ 85%. 

Furthermore, a relative dimple depth close to 1 was recommended, agreeing very 

well with findings from other researchers. 

The key findings for parallel sliders and parallel thrust pad bearings can 

be summarized as follows: 

• Full texturing can have detrimental or mild beneficial effects on the bearing 

performance, depending on operating conditions and cavitation phenomena. 

Beneficial effects have only been reported for certain cases, e.g. when the inlet 

is textured, and are very limited. 

• Partial texturing on the other hand is capable of generating significant load 

support and reducing friction. Texturing the inlet is an efficient way to 

further increase load carrying capacity, as the higher inlet film thickness 

ensures sufficient lubricant supply for the first portion on the slider. 

• The key to obtain best slider/pad performance seems to be to as closely as 

possible approximate an optimal step bearing. Optimal values obtained by 

different researchers are summarized in Table 2.1. For the step-bearing listed 

in the table, the relative texture extend in x direction and the relative dimple 

depth stand for the relative inlet length and the relative step height 

((ℎ1 − ℎ0)/ℎ0) respectively (Figure 2.3 (d)). The best approximation can be 

achieved with rectangular textures having a flat bottom profile and a 

maximum possible texture density. Note, however, that a too high density 

may lead to stress concentration and thus increased wear or failure. The 

relative dimple depth should be just under 1 for rectangular dimples and 

slightly higher for other shapes. 
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Table 2.1 Optimal texturing parameters given in selected literature for partially textured 

parallel sliders/pads. 

Author Ref. Z�/Y� � � 4 � �! "#� 
Brizmer et al. [26] 1 60% - 1.25 max 

Rahmani et al. [100] ∞ 54…57% - 0.58 max 

Pascovici et al. [102] ∞ 50…62% - 0.5…0.9 max 

Dobrica et al. [14] 1 - 100% - max 

Guzek et al. [104] 1 60…70% - 0.68…0.9 max 

Gherca et al. [105] 0.6 20…40% 100% - max 

Marian et al. [107] ≈ 1 50% 90…100% 1 - 

Papadopoulos et al. [30] ≈ 0.8 62% 75…85% ≈ 1 max 

Lord Rayleigh [113] ∞ 72% - 0.87 100% 

• Studies are generally limited to unidirectional sliding conditions. More 

research needed regarding bidirectional conditions. 

• Cavitation phenomena play an important role and influence contact 

performance. Particularly, an appropriate value of ��Fw and the ratio of 

cavitation pressure over supply pressure is crucial [114]. Furthermore, 

cavitation should be taken into account in a mass-conserving way, when 

performing numerical simulations [16]. 

• Optimal texturing parameters are generally independent of speed and 

viscosity. However, changes in this values may result in the occurrence of 

cavitation, which can ultimately change optimal texturing parameters. 

2.2.3 Key findings for non-parallel contacts 

The more complex case of non-parallel applications, e.g. convergent sliding contacts 

or journal bearings, is less explored than the one of parallel contacts. In fact, the 

author’s literature survey revealed that about twice as many studies focused on 

parallel contacts. In the following the key findings for convergent contacts as well as 

journal bearings are reviewed. 

2.2.3.1 Convergent contacts 

Convergent contacts, such as plane inclined slider bearings (Figure 2.4) or tapered-

land/tilting pad thrust bearings (Figure 2.7), are characterized by an overall wedge 

effect that in many cases overshadows any potential benefits from texturing. 

However, at low convergence ratios, :, textures may improve performance slightly,  
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Figure 2.7 Texturing parameters for parallel and convergent thrust pad bearings. 

if designed correctly. 

Cupillard et al. [78] studied infinitely long slider bearings having convergence ratios 

of 0.1, 0.2, 1 and 2 and relative texture depths of 0.1, 0.33 and 0.75 by solving the 

Navier-Stokes equations with a finite volume method, without considering cavitation. 

For all these twelve cases considered, three dimples were placed close to the slider 

inlet. The results showed that with respect to load carrying capacity, texturing was 

more efficient at lower values of :. Moreover, it was found that optimal values for 

4 highly depended on the convergence ratio. The authors further pointed out that 

flow recirculation may occur in deep dimples or close to the inlet at high convergence 

ratios, reducing load carrying capacity. The consideration of thermal effects in a later 

study [115] led to similar results. 

The parametric investigation of Dobrica et al. [14] showed comparable results. It was 

shown that both, the gain of additional load carrying capacity and the reduction of 

friction decrease with an increase of convergence ratio, being best for : = 0, which 

is the parallel case. It was further demonstrated that full texturing of convergent 

sliders is detrimental and partial texturing can lead to a small performance 

improvement. They also conducted a parametric optimization study to find optimal 

values (4, � and �) for convergence ratios in the range of 0.066 ≤ : ≤ 4. The texture 

density was set to � �! "#� = 30%, as it was shown that increasing the density always 

leads to a better performance. This is also the case for partially textured parallel 

sliders, as discussed in the previous sections. The results revealed a high dependency 

of optimal values on the convergence ratio, except for the relative texture extend �, 

which remained 70% for a wide range of convergence ratios and reached a maximum 
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of 100% for : = 0. Optimal values for 4 and � were found to be in the ranges of 

0.4 ≤ 4 ≤ 0.8 and 0.4 ≤ � ≤ 0.95 respectively. The authors also proposed an 

additional performance enhancement by utilizing a trapezoidal shape for the textured 

region � �! "#�$, similar to the concept of Aker’s optimum finite Rayleigh step [113]. 

However, improvements were rather small. 

Tønder [116, 117] investigated fully textured pivoted plane bearings, applying the 

averaged Reynolds equation proposed by Patir and Cheng [118] and concluded that 

under certain conditions full texturing may improve friction, damping or stiffness, 

but in general full texturing is inefficient. However, these conclusions are very 

limited, as cavitation was not taken into account and only full texturing was 

considered. 

Recently, Papadopoulos et al. [119] performed an optimization study applying genetic 

algorithms coupled with CFD to study optimal texturing parameters for three-

dimensional inclined slider bearings having grooves perpendicular to the direction of 

sliding. The previous findings (maximum texture density always leads to best 

performance and texturing efficiency decreases with an increase in convergence ratio) 

could be confirmed in their study. They also demonstrated that optimal values for 4 

and � highly depend on the slider’s width to length ratio Z�/Y� and convergence 

ratio, further confirming the findings in [14, 78]. Equations providing optimal values 

of 4 and � for given Z�/Y� and : were provided. Optimal partial texturing could 

improve load carrying capacity by up to 7.5% for low convergent sliders compared 

to the untextured configuration and pressure build-up was possible even for slightly 

divergent sliders. In a following study [120] the dynamic characteristics of optimal 

textured sliders were investigated. It was found that partially textured convergent 

sliders show improved stiffness but lower damping levels. 

Fowell et al. [15] applied the Buckingham-PI theory to fully describe two-dimensional 

convergent slider bearings with just nine non-dimensional parameters. The 

importance and possible interactions of these parameters were then investigated in a 

parametric study. Their findings agree very well with those reported by other 

researchers and are not repeated here. However, their results revealed the complex 

interaction of different parameters. For example, it was observed that the sudden 

event of cavitation tends to disturb the otherwise continuous interaction between 

parameters, leading to complex but predictable relationships. 

Aggarwal and Pandey [121] numerically investigated grooved fixed inclined thrust 

pad bearings having different bottom profiles. They stated that highest 

improvements are realizable at low convergence ratios and that the best performance 

is achieved with a flat bottom profile. 

One of the only studies on the influence of texturing on the performance of tilting 

pad thrust bearings was published by Zouzoulas and Papadopoulos [18]. Discrete 
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dimples, circumferential grooves, radial grooves and a pocket were compared to a 

bearing with untreated pads using CFD while considering thermal effects in the fluid 

domain and the solid domains. All texture patterns had a constant depth of 

ℎ �! "#� = 30 µm. Almost no impact on the bearing performance was caused by 

applying textures in form of radial grooves. Although a slight decrease in maximum 

fluid temperature was achieved, minimum film thickness was reduced and friction 

torque increased for most operating conditions. The pad having a texture pattern 

with discrete dimples performed slightly better, increasing film thickness by up to 

6%. Friction torque was moderately increased and maximum fluid temperature a bit 

reduced, however, the impact was minimal. Both, the pad having a pocket and the 

pad with textures in form of circumferential grooves had similar impact and could 

significantly enhance bearing performance. Best improvements were achieved for the 

pocketed bearing. In this case minimum film thickness could be increased by 24% 

and friction torque reduced by 12%. However, this highly beneficial impacts were 

only obtained at certain operating conditions. The impact and effectiveness of 

texturing was shown to be highly dependent on load and speed. 

The following summarizes the key findings for convergent contacts: 

• At convergence ratios close to 0, the summary given above for parallel sliders 

holds true. 

• Full texturing of convergent contacts is detrimental and partial texturing can 

lead to mild performance improvements, however, only at low convergence 

ratios (: < 1). At larger convergence ratios the influence of texturing 

diminishes completely. 

• Optimal texturing parameters (�, � and 4) highly depend on the convergence 

ratio and the slider’s/pad’s width to length ratio. Best performance is always 

achieved with a maximum possible texture density, i.e. the best configuration 

is actually a stepped/pocketed slider, as is the case for parallel contacts. As 

optimal values vary with :, textures designed for low convergence ratios 

may cause a performance degradation when used at high convergent ratios 

[14, 15]. 

• Generally, cavitation effects are important, causing sudden changes on the 

performance and optimal texturing parameters. At higher values of : 

cavitation does not occur or is only present at small portions of the contact 

area, as the overall wedge effect builds up sufficient pressure to prevent 

pressures below ��Fw, as also shown by Brajdic-Mitidieri et al. [122]. 
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2.2.3.2 Journal bearings 

As the film thickness of a journal bearing in circumferential direction represents a 

converging-diverging gap (Figure 2.8), this application is probably the most 

challenging scenario in terms of surface texturing. The aforementioned may be 

responsible for the still limited number of publications on textured journal bearings. 

Another limitation is the large discretization effort encountered in the study of 

textured journal bearings. For example, in order to achieve an overall resolution of 

5 µm for a journal bearing with a diameter of 100 mm and a width of 40 mm, one 

would need a mesh containing about 500 million points. 

 

Figure 2.8 Texturing parameters for journal bearings. 

One of the first studies on textured journal bearings was conducted by Tala-Ighil et 

al. [19] in 2007. They solved the two-dimensional Reynolds equation with a finite 

difference method, applying the Reynolds cavitation boundary condition to 

investigate the effect of spherical dimples on the bearing performance. It was shown 

that, depending on the dimple parameters (size, depth, density and distribution), 

texturing can have an either positive or negative influence on the main bearing 

characteristics (film thickness, load carrying capacity, axial flow rate and frictional 

torque) and thus, a proper texture design is crucial. In a later study by the same 

group [20], a journal bearing with cylindrical dimples (ℎ �! "#� = 15 µm, @ = 2 mm 

and f = 0.0075) was further investigated by means of numerical simulation, focusing 

on the effect of texture distribution. For this purpose 25 cases with the same textures 

but different texture distributions were simulated, including full texturing, partial 

texturing and a partial texturing of multiple zones of the bearing surface. They 

concluded that full texturing is ineffective, leading to a degradation in performance 



30  Chapter 2 Literature Review 

 

and that partial texturing including the texturing of multiple zones can be beneficial. 

Best performance was achieved when the area under the declining part of the pressure 

field was textured, although the improvements were minimal.  

Ausas et al. [16] numerically investigated fully textured journal bearings with 

rectangular dimples with different texture depths. They reported a slight increase in 

minimum film thickness and friction torque due to texturing. It was furthermore 

shown that in the study of journal bearings, a mass-conserving treatment of 

cavitation is crucial, as the Reynolds cavitation model largely underestimates the 

cavitated area. 

Cupillard et al. [80, 81] simulated partially textured journal bearings using CFD and 

argued that deep textures (4 > 1) should be located in the maximum pressure zone 

and shallow textures (4 ≤ 1) in the maximum film zone for high and low eccentricity 

ratios respectively. They also observed a high dependence of optimal texturing values 

on the operating conditions and that the effect of texturing seems to be significantly 

higher at low eccentricities. 

Brizmer and Kligerman [22] performed a non-dimensional parametric study on 

textured journal bearings. Their results showed that full texturing is inefficient and 

partial texturing can improve load capacity and attitude angle, however, reasonable 

improvement could only be observed at low eccentricity ratios, confirming the results 

obtained by Cupillard et al. [80, 81]. Their results also showed a high dependency of 

optimal dimple depth and relative texture extend in circumferential direction on the 

bearing’s eccentricity ratio. 

Recently, Kango et al. [31, 123] applied the Reynolds equation together with a mass-

conserving cavitation algorithm to study journal bearings having spherical dimples 

or longitudinal/ transversal grooves. Temperature effects were considered by solving 

the energy equation simultaneously. It was found that partially texturing the 

convergent part of the bearing increases load carrying capacity compared to smooth 

and fully textured bearings. They further observed that texturing reduces the average 

temperature and that the performance improvement is more dominant at low 

eccentricity ratios, further confirming previous research in [22, 80, 81].  

Lu and Khonsari [42] experimentally investigated fully and partially textured journal 

bearings with different dimple shapes and sizes ranging from @ = 2 to 4 mm. Under 

mixed lubrication the fully textured bearing showed better performance than the 

partially textured one. They further stated that a careful design of texture size, shape 

and depth is crucial. Another experimental study was conducted by Dadouche et al. 

[41]. Four journal bearings were textured with equal spherical dimples (ℎ �! "#� =
60 µm and @ = 1 mm) but different texture densities and compared to an untextured 

bearing. The results revealed that texturing affects the dynamic bearing coefficients 

(stiffness and damping) and results in a slightly higher bearing temperature (increase 



Chapter 2 Literature Review  31 

 

of 6 to 8°C). 

Lin et al. [124] utilized a fluid structure interaction (FSI) approach to study textured 

journal bearings under transient conditions. They concluded that texturing is capable 

of affecting the eccentricity ratio and stated that textures should be placed in the 

pressure build-up area for positive effects.  

Matele and Pandey [125] studied the dynamic characteristics of fully and partially 

textured journal bearings considering different dimple geometries (circular and 

rectangular) and texture locations. It was found that the angular location of the 

textures is of key importance with regards to stability and that textured bearings 

provide better stability than conventional bearings. Gu et al. [126] presented a mixed 

lubrication model and investigated axially grooved journal bearings. They concluded 

that for friction reduction the grooves should be placed at the inlet of the pressurized 

zone at low eccentricity ratios and downstream of the pressurized zone for high 

eccentricity ratios. 

Gui and Meng [127] numerically analysed the performance of journal bearings having 

spherical dimples and bumps considering elastic deformation. They stated that 

whereas dimples should be placed at the pressure build up portion of the bearing, 

bumps should be placed at the pressure falling portion. Dimples were recommended 

for high load carrying capacities and bumps for high friction reduction effects. Meng 

et al. [128] also investigated the effect of compound dimples consisting of a cuboid 

upper part and additional spherical cap shape dimple using a FSI method. 

Interestingly, the compound dimples were able to provide superior performance in 

terms of load carrying capacity and friction torque as compared to normal cuboid 

dimples. 

Yamada et al. [129] conducted a numerical and experimental study on the static 

characteristics of fully textured journal bearings with rectangular dimples. They 

concluded that the load carrying capacity was decreased through texturing. In a later 

study [130] they also analysed the dynamic characteristics of textured journal 

bearings and concluded that although stiffness is reduced by texturing the running 

stability is improved. 

Zhang et al. [131] used the Reynolds equation and genetic algorithms to optimize the 

shape of the textured area of partially textured journal bearings having circular 

dimples where the converging part of the film was textured. A semi-elliptical shape 

of the textured area was found to be best in terms of friction and load capacity. 

The findings with regards to journal bearings are summarized below: 

• Full texturing is generally reported to be detrimental, however, conflicting 

results have been obtained. 

• Partial texturing can have beneficial effects, however, performance 
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improvements have not been spectacular. The efficiency of texturing 

decreases with an increase in eccentricity ratio. This is similar to the case of 

convergent contacts, where a high convergence ratio overshadows the effects 

of texturing.  

• In numerical simulations, cavitation effects should be treated in a mass-

conserving way to avoid errors in the predicted performance. 

• Optimal texturing parameters highly depend on operating conditions and 

eccentricity ratio. Furthermore, a poor texture design can have detrimental 

effects. 

• The angular location of the textured area appears to be a key parameter, 

however, conflicting results regarding the location have been reported and 

more research in this direction is needed. 

2.2.4 Texture shape and internal structure 

The two most commonly investigated dimple shapes are circular dimples with a 

curved bottom profile (spherical caps, Figure 2.4 (b)) and rectangular dimples with 

a flat bottom profile (cuboids, Figure 2.4 (a)). However, today’s manufacturing 

techniques, e.g. laser surface texturing (LST) as the most commonly used one, are 

capable of producing all kinds of complex three-dimensional texture shapes (up-to-

date reviews on different manufacturing techniques are given in [55] and [57]). 

Textures with different bottom profiles and base shapes are shown in Figure 2.9 and 

Figure 2.10 respectively, for example. A number of publications were devoted to 

study the effect of different texture shapes and internal structures on the performance 

of textured contacts. 

 

Figure 2.9 Textures with different bottom profiles (adapted from [132]). 

Costa and Hutchings [40] experimentally investigated the influence of different 

geometries of surface textures on the hydrodynamic performance of sliding contacts. 
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They performed a number of reciprocating sliding tests between stationary cylinders 

and fully textured sample plates with either grooves, circular or chevron-like dimples 

at different orientations, depths, densities and aspect ratios. A clear impact of 

texturing on the film thickness was observed. It was found that an optimal density 

exists for texturing with circular dimples and that out of all textures investigated 

(f ≈ 0.1), the one having a density of 11% resulted in the highest film thickness. 

Such an optimum was not observed for textures in the form of grooves, however, 

tests were limited to a maximum density of 15%. The authors further stated that an 

optimal value for f exists. In terms of texture orientation, chevrons pointing along 

the sliding direction were found to be most effective. This was explained by the 

restriction and direction of flow within a texture towards the high pressure side. 

 

Figure 2.10 Selection of different texture base shapes: (a) circular, (b) elliptical, (c) 

triangular, (d) rectangular, (e) groove and (f) chevron-like. 

Yu et al. [133] studied the effect of different dimple shapes (circular, triangular and 

elliptical) and orientations on the pressure distribution. They simulated single 

texture cells applying the Reynolds equation with a non-mass-conserving treatment 

of cavitation (Reynolds) and periodic boundary conditions and concluded that the 

shape and orientation of dimples have a significant influence on the load carrying 

capacity. The best results were obtained with elliptical dimples having the major 

axis perpendicular to the direction of sliding. In their study all geometries had the 

same texture area � �! "#�, texture density and texture depth, which limits their 

conclusions, as individual shapes should be optimized before comparing them with 

each other, as stated by Etsion in [134]. In a later study by the same group [135], 

reciprocating sliding tests were carried out to further investigate the effect of dimple 

shape on the pressure generation. Circular, rectangular and elliptical dimples with 

different depths and densities were analysed and compared. It was found that 

individual shapes can be optimized for best performance and that elliptical dimples 

with the major axis perpendicular to the direction of sliding always showed the 

highest friction reduction under different load and speed conditions. 

Qiu et al. [136] used the compressible form of the Reynolds equation to simulate the 
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performance of gas-lubricated parallel slider bearings fully textured with six different 

dimple shapes (spherical, ellipsoidal, circular, elliptical, triangular and chevron-

shaped). They optimized each shape individually before comparing them with each 

other and found that the ellipsoidal texture performed best in terms of load carrying 

capacity. They also stated that the base shape of the texture determines the optimal 

texture density whereas the optimal aspect ratio is defined by the dimple’s internal 

structure. In a more recent paper [137], the authors also stressed that ellipsoidal 

dimples not only provide the minimum coefficient of friction, but also lead to highest 

bearing stiffness. Optimal texture density for this shape was found to be 35% and 

resulted in a 24.5% lower COF when compared to optimized circular textures. They 

further stressed that there exists an optimal geometry for every shape, however, this 

geometry is different depending on what the texture was optimized for: load carrying 

capacity maximization, friction reduction or stiffness maximization. 

In a recent study, Shen and Khonsari [138] presented a numerical texture shape 

optimization approach based on the sequential quadratic programming (SQP) 

algorithm. They investigated fully textured parallel slider bearings and presented 

optimal dimple shapes for unidirectional sliding (chevron-like shapes with flat fronts) 

and bidirectional sliding (pairs of trapezoid-like shapes). They also compared the 

performance of these optimized shapes with textures having ordinary geometries 

(circle, ellipse, square, hexagon and diamond) and concluded that after optimization 

symmetric textures provide a higher load carrying capacity at a texture density of 

30%, independently of operating conditions and cavitation pressure. However, at 

lower densities this superiority diminished. As they used a mass-conserving cavitation 

algorithm to simulate the regular shapes and a non-mass-conserving cavitation 

algorithm for the numerically optimized shapes, this comparison is questionable, as 

these different treatments of cavitation may lead to significantly different results [16]. 

The effect of different texture bottom profiles was explored in detail by Nanbu et al. 

[132] for concentrated conformal contacts applying an elasto-hydrodynamic 

lubrication (EHL) model (Figure 2.9). They found that textures with bottom profiles 

containing micro-wedges or micro-steps were able to further increase film thicknesses. 

Opposing results regarding the internal structure of textures were obtained by Shen 

and Khonsari in a recent paper [139]. They numerically and experimentally 

investigated the effect of circular dimples with different bottom profiles on the 

performance of parallel rotating discs and found that the flat profile yields the highest 

load carrying capacity. 

Uddin and Liu [140] presented a numerical study based on the Reynolds equation on 

fully textured parallel sliding contacts. They compared circular, elliptical, triangular 

and chevron-like dimples and concluded that the triangular shaped dimples result in 

best friction performance. They also proposed a star-like shape that outperformed 

the other shapes, however, Reynolds boundary conditions were used to describe 
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cavitation, limiting their conclusions. 

Using a genetic algorithm Zhang et al. [141] optimized the texture shape for parallel 

sliding contacts and concluded that bullet and fish shaped textures provide best 

performance. Another optimization was performed by Shen and Khonsari [142] for 

seal-like contacts. Highest load carrying capacities and lowest friction were achieved 

by chevron-like dimples. Wang et al. [143] numerically optimized the bottom profile 

for a parallel rotating thrust bearing using a genetic algorithm – sequential quadratic 

programming hybrid (GA-SQP) method. 

The internal structure is also affected by the manufacturing technique itself. It is 

understandable that the real feature geometry may differ from the optimal and 

smooth shape usually considered in theoretical studies. Thus, in a study by Qiu and 

Raeymaekers [144] the effect of internal dimple-roughness was investigated. It was 

found that random Gaussian roughness inside a texture has a negligible impact on 

load carrying capacity, friction and flow rate. Charitopoulos et al. [145] further 

investigated manufacturing errors of grooves in thrust bearings using CFD. 

Deviations in texture shape, size and macroscopic errors, i.e. form errors of the 

contacting surfaces, were studied. It was found that in most cases these errors 

enhance load carrying capacity and improve friction characteristics. 

Regarding texture shapes and internal structures it can be concluded that: 

• Individual texture shapes can be optimized for given operating conditions. 

• Asymmetric textures, e.g. ellipses and chevrons, seem to be the preferable 

option in terms of load carrying capacity enhancement and friction reduction, 

as they outperform the commonly used circular textures. 

• An additional tuning of texture performance may be achieved by a careful 

selection of bottom profiles containing micro-steps, micro-wedges or both. 

• Please note that the aforementioned findings are generally only valid for fully 

textured contacts. Partially textured contacts are an exception, as the best 

approximation of an optimal stepped or pocketed bearing always seems to be 

preferable, i.e. rectangular dimples with a flat bottom profile (cuboids) and 

maximum texture density. 

Ultimately, universal guidelines on texture selection are impossible to give. Textures 

need to be carefully designed for a given type of contact and operating conditions. 

This further underlines the need for accurate and robust models that allow the 

evaluation of texture designs prior to being manufactured. The following is thus 

intended to provide a comparative summary of state of the art modelling techniques. 
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2.3 Modelling techniques 

Results of the author’s literature survey on modelling techniques used to analyse 

textured and/or rough surfaces are presented in Figure 2.11. It can clearly be seen 

that the most common approach is the solution of the Reynolds differential equation 

with purpose-developed codes, usually with an easy implementable finite difference 

method, however, it will be shown here that this is not necessarily the best choice. 

Moreover, source codes are rarely provided, which has led to a variety of different 

models and conflicting conclusions. This section is intended to provide a comparative 

overview of different available techniques to analyse textured and rough surfaces 

under hydrodynamic conditions. 

 

Figure 2.11 Results of the literature survey on theoretical models for textured and rough 

surfaces. 

2.3.1 Fluid mechanics 

The motion of fluid is generally governed by the conservation equations for mass 

(Continuity equation) and momentum (Navier-Stokes equations). If gravitational 

and other external body forces are neglected and the flow is assumed to be 

Newtonian, steady and incompressible, the Continuity and Navier-Stokes equations 

in vector form can be written respectively: 
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∇ ⋅ S = 0 (2.1) 

�(S ⋅ ∇)S = −∇� + ∇ ⋅ (d∇S) (2.2) 

S is the velocity vector with the velocities �, � and X in x, y and z direction 

respectively, � the lubricant density, η the dynamic viscosity and � the pressure. The 

Stokes system of equations is formed by neglecting the convective inertia term (left-

hand-side of equation (2.2)). Commonly used in lubrication theory is the classical 

Reynolds equation, derived by Osborne Reynolds in 1886 [146]. This partial 

differential equation can be derived from the Navier-Stokes equations by neglecting 

inertia effects, body forces and assuming that the pressure gradient in film thickness 

direction is zero. Furthermore, all velocity gradients in x and y direction as well as 

�X/�\ are assumed to be zero. For a laminar and transient flow of an incompressible, 

isothermal and isoviscous lubricant, the Reynolds equation can be written as: 

���(ℎ3 (�(�) + ��[ (ℎ3 (�([) = 6d��ℎ�� + 12d �ℎ��  (2.3) 

where ℎ is the film thickness, � the pressure, d the dynamic viscosity and � the 

velocity in sliding direction. Since, in most cases, no analytical solutions for any of 

these equations exist, a numerical solution is necessary. Whereas the Navier-Stokes 

or Stokes equations are usually solved with commercial CFD software or the SIMPLE 

algorithm, solutions of the Reynolds equation are generally obtained with purpose-

developed codes. 

The main advantage of the Navier-Stokes (NS) model lies in the more accurate and 

complete description of the flow, especially the ability to describe inertia effects and 

three-dimensional flow. On the other hand, the solution of the NS system of equations 

is much more time consuming. In particular, for simulations under transient 

conditions, parametric studies or whenever surface roughness or small textures are 

considered, a solution of the NS equations becomes impracticable. Thus, NS 

equations are often solved for small contact areas [78, 79, 147] or individual dimple 

configurations [73, 74, 148] to investigate texture lift-off phenomena in detail. 

However, some studies have been conducted for textured journal bearings [80, 81] 

and thrust pad bearings [119, 120, 149]. Recently, CFD studies on thrust pad 

bearings were also extended to incorporate thermal effects by solving the Energy 

equation for both, the fluid and the solid domain [30, 108, 111]. 

One of the reasons for the popularity of the Reynolds equation is the lower 

computational effort required, as compared to the Navier-Stokes equations. Yet, due 

to the assumptions made during its derivation, the Reynolds equation is not capable 

of describing three-dimensional flow phenomena (e.g. recirculation inside textures) 

nor inertia related effects, which may lead to inaccurate results. The question 

whether the Reynolds equation or the Stokes equations are applicable for the study 
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of textured surfaces has thus been the subject of numerous studies [74, 150-152]. In 

2009, Dobrica and Fillon [75] conducted an in-depth investigation on the validity of 

the Reynolds and Stokes models for textured slider contacts and demonstrated that 

the validity depends on two parameters: the Reynolds number (J�) and the texture 

aspect ratio (f). It was shown that the Reynolds equation remains applicable as long 

as shallow dimples and flows with low Reynolds numbers are simulated. Deep 

textures may lead to recirculation, so that the Stokes system was recommended. For 

flows with high Reynolds numbers and whenever deep textures are studied, inertia 

and recirculation effects have a dominant influence on the pressure distribution and 

the full Navier-Stokes equations should be applied. They also showed that the 

applicability of the Reynolds equation can be largely improved by introducing 

correcting pressure terms to account for inertia based on the Bernoulli equation. 

In summary, no consistent recommendation for the governing system of equations 

can be given. The choice depends on the specific application, operating conditions 

and texture configurations investigated. Despite the computational power available 

today, the Reynolds equation remains the more attractive choice in most cases, 

especially for more complex simulations involving, for example, transient conditions, 

rough surfaces or mixed lubrication. Whenever the Reynolds or Stokes equations are 

used, the validity should be evaluated for the application and range of operating 

conditions investigated. Please note that, since the Navier-Stokes equations are 

generally solved by commercial CFD software, the following sections are focused on 

methods based on the Reynolds equation. 

2.3.2 Cavitation 

In diverging areas of lubricated contacts, the increase in film thickness results in a 

reduction of pressure. As the continuity equation demands a full film at all times, 

the Reynolds equation predicts negative (sub-ambient) pressures to ensure mass 

conservation in these areas. Negative pressures, however, are physically impossible 

as lubricants are not capable of withstanding high tensile stresses. In reality, 

whenever the pressure drops below the saturation pressure of dissolved gases (gaseous 

cavitation) or below the vapour pressure of the lubricant (vapour cavitation), a two-

phase flow of liquid lubricant and dissolved gas in form of bubbles or streamers forms. 

This phenomenon is called cavitation and needs to be considered in the study of 

lubricated contacts having diverging areas. In the study of textured or rough surfaces 

cavitation may occur not only globally in divergent contact areas, but also locally 

inside of individual dimples or in-between asperities (micro-cavitation) (Figure 2.12). 

As rupture and reformation of the lubricant film may occur multiple times, a mass-

conservative treatment of cavitation has been shown to be crucial for accurate 

performance predictions [16, 67]. A number of different mass-conserving cavitation 
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algorithms have been proposed over the past 40 years. Developed algorithms are 

generally based on the well-accepted and experimentally validated JFO cavitation 

boundary conditions proposed by Jakobsson and Floberg [153] and Olsson [154] and 

many have been successfully implemented for the study of textured surfaces. 

 

Figure 2.12 Exemplary pressure distribution over a fully textured parallel slider with 

dimples in the form of spherical caps as predicted by the Reynolds equation and a mass-

conserving cavitation algorithm for ��Fw < �W"'. 

A first efficient cavitation algorithm that implicitly incorporates the JFO boundary 

conditions was developed by Elrod [155] and Elrod and Adams [156] in 1974. This 

algorithm is based on a finite difference method (FDM) and iteratively divides the 

solution domain in a full film and cavitated region with the help of a switch function 

(g), defined as 

2 = { 0     Θ < 1
 1     Θ ≥ 1 (2.4) 

which also terminates the pressure terms in cavitated areas, allowing the use of a 

single equation throughout the domain and ensuring pure Couette flow in cavitated 

areas. Furthermore, a density ratio Θ = �/�#�) was introduced, which can also be 

interpreted as a fractional film content [155]. The flow in cavitated areas was treated 

as a two-phase flow of lubricant and vapour/gas with homogeneous density and in 

full film areas as a compressible flow with constant bulk modulus. The resulting 

modified Reynolds equation can be written as follows: 

���[�ℎ32(Θ)((Θ(�)] + ��[ [�ℎ32(Θ)((Θ([)] = 6d��Θℎ��  (2.5) 

where 
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� = � ���� (2.6) 

is the bulk modulus. Although the Elrod algorithm has been successfully applied in 

lubrication theory, the elliptic-hyperbolic character of this equation combined with 

the sudden changes in the switch function can lead to instability and may cause 

convergence problems [157]. Therefore, many improvements to the Elrod algorithm 

(also called � − 9 algorithm) have been proposed hereafter. 

In 1986, Brewe [158] applied the � − 9 model to study dynamically loaded journal 

bearings. As the Elrod algorithm requires and iterative solution, he used an 

alternating direction implicit (ADI) method and in a later study together with Woods 

[159] Multigrid techniques to increase convergence speed. Vijayaraghavan and Keith 

[160, 161] modified the Elrod algorithm some years later by using different finite 

difference schemes for the two flow regions, which improved its numerical stability. 

Their model was applied, for example, for textured thrust bearings by Qiu and 

Khonsari [67], using a Multigrid method with an iterative Gauss-Seidel relaxation 

scheme based on FDM. In a later study by the same authors [93], the algorithm was 

applied together with the Patir and Cheng (P&C) flow factor method to study 

roughness effects inside textures. 

In 1991, Kumar and Booker [162, 163] proposed an algorithm for transient conditions 

optimized for FEM. Their algorithm was recently successfully applied by XIE et al. 

[164] for textured surfaces considering roughness effects. Other models based on FEM 

were developed by, for example, Shi and Paranjpe [165] and Hajjam and Bonneau 

[166]. The model of [166] was recently applied for the study of textured parallel sliders 

under steady and transient conditions by Gherca et al. [105]. 

Another cavitation algorithm was developed by Payvar and Salant in 1992 [167]. 

Based on the � − 9 theory, they developed a finite difference version of the algorithm 

with optimized numerical stability. Their model was adapted for mixed lubrication 

by Wang et al. in 2003 [168], applying the P&C flow factor method and a rough 

surface contact model to study misalignment effects in coupled journal-thrust 

bearings. Harp and Salant [169] made use of the Payvar-Salant algorithm to develop 

a universal Reynolds equation that allows a simultaneous calculation of macro and 

micro-cavitation in rough journal bearings. The Payvar-Salant algorithm was also 

successfully applied for the study of lip seals under mixed lubrication [170], textured 

thrust bearings [68] and textured rough seals [91]. Recently, Xiong and Wang [171] 

performed a detailed analysis of the numerical finite volume implementation of this 

model, in particular regarding different finite difference schemes and solvers. 

In 2007, Sahlin et al. [172] proposed an iterative algorithm based on a FDM that 

incorporates a switch function, similar to the concept of Elrod. However, rather than 

using an explicit relation between pressure and density based on the bulk modulus, 



Chapter 2 Literature Review  41 

 

their model allows an arbitrary treatment of compressibility. Fesanghary and 

Khonsari [157] proposed another improvement to the Elrod algorithm. They used a 

continuous switch function (g) instead of the conventional binary one and reported 

significant improvements in numerical stability and convergence speed. 

Ausas et al. [16] proposed a finite volume based version of the � − 9 model for 

incompressible fluids. The arising nonlinear system of equations was solved with an 

iterative Gauss-Seidel method with successive over-relaxation. In 2009, the same 

group published a transient version of their cavitation algorithm and applied it for 

dynamically loaded journal bearings and squeeze flows [173]. It is noteworthy that 

their source code is publicly available on the internet. Their algorithm was applied, 

for example, in the numerical texture-optimization study by Guzek et al. [104], 

considering thermal effects by simultaneously solving the Energy equation, and for 

piston ring/cylinder liner contacts by Spencer et al. [174] in 2011. 

Recently, Giacopini et al. [175] took advantage of the mathematical concept of 

complementarity used in the study of free boundary problems. After reformulating 

and discretizing the Reynolds equation through FEM, they constructed a linear 

complementarity problem (LCP) for which well-developed solution techniques exist 

that result in a converged solution within a finite number of steps. Bertocchi et al. 

[176] extended this model to include compressibility, piezoviscosity and non-

Newtonian fluid behaviour. The model was applied recently by Medina et al. [177] 

to study textured bearings under transient reciprocating conditions. 

To evaluate the stability and convergence characteristics of some of today’s most 

sophisticated cavitation models, Woloszynski et al. [177] compared required 

iterations and computation times of the algorithms proposed by Ausas et al. [173], 

Bertocchi et al.[176] and Fesanghary and Khonsari [157] with their own algorithm 

based on a LCP formulation, called Fischer-Burmeister-Newton-Schur (FBNS). In 

their paper from 2015, fully textured parallel sliders having different numbers of 

dimples and different mesh densities were considered. The results showed that the 

proposed FBNS model is significantly faster (two orders of magnitude) than the other 

algorithms. The algorithm developed by Bertocchi et al. only converged within 

reasonable time when very coarse grids were used. The algorithms by Ausas and 

Fesanghary/Khonsari both always converged, the latter being about twice as fast on 

average. The truly impressive superiority of their algorithm was further 

demonstrated for textured contacts under transient conditions. 

Another modification to the Elrod algorithm was proposed by Miraskari et al. [178] 

in 2017 based on a direct solution of the linear system. It was shown that the 

modification improves both robustness and convergence speed of the standard Elrod 

algorithm. 

A variety of solutions to the complex task of solving the discrete system and 
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determining priori unknown cavitation zones within the solution domain have been 

proposed. Algorithms were optimized for different discretization methods, modified 

for improved stability or enhanced computational efficiency and incorporated in the 

study of rough surfaces, mixed lubrication, transient flow and thermo-hydrodynamic 

lubrication. However, no easily implementable standard method exists and numerical 

details or source codes are rarely provided, hence, the often time-consuming 

implementation remains with the individual researcher. This inevitable leads to 

slightly different algorithms and makes comparison and validation challenging. The 

question of which algorithm should be applied depends on the specific problem 

investigated. Especially for the simulation of transient conditions or whenever very 

fine meshes are required, more computational efficient algorithms (e.g. [179]) may 

become necessary, despite the increased implementation effort. 

2.3.3 Micro-hydrodynamic 

Another issue in the simulation of textured surfaces is the large difference in scale 

between the global contact dimensions and local surface properties, such as textures 

or roughness (Figure 2.13). Generally, two different approaches exist to consider 

these local changes in film thickness in the numerical solution: direct/deterministic 

methods and indirect/stochastic methods. 

 

Figure 2.13 Different scales of a textured contact. 

In the direct method the mesh is chosen fine enough to capture the surface 

topography up to the micro/nano scale, i.e. roughness and/or textures are directly 

included in the film thickness equation. This may work for medium-sized and large 
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textures, however, if textures are very small or one wants to consider the effect of 

surface roughness, a direct method becomes nearly impossible due to the fine meshes 

needed and the related high computation time encountered. Only for very small 

domains, e.g. Hertzian contacts, this method becomes applicable. The EHL contact 

model by Hu and Zhu [180, 181], for example, was used to deterministically 

investigate differently engineered surfaces, including dimpled ones, by Epstein et al. 

[182], Wang and Zhu [183] and Wang et al. [184]. Brunetière and Tournerie [91] were 

able to deterministically investigate fully textured seals while considering roughness 

by reducing the solution domain with the help of periodic boundary conditions. Other 

proposed deterministic models include those by Shi and Salant [170] and Jiang et al. 

[185]. 

Despite the advantages in accuracy, a direct method can rarely be applied, which 

has led to the development of numerous indirect/stochastic methods. All these 

methods include some kind of averaging and can be divided into two groups: flow 

factor methods and homogenization methods. 

In flow factor methods the influence of local changes in film thickness on the pressure 

distribution is incorporated in the pressure and shear flow terms of the Reynolds 

equation by a number of correction factors, so-called flow factors. One of the earliest 

and most popular methods is the P&C flow factor method, developed in 1978 by 

Patir and Cheng [118, 186]. The steady-state form of the P&C averaged Reynolds 

equation can be written as: 

���(n!ℎ3 (�(�) + ��[ (nBℎ3 (�([) = 6d� �ℎ�� + 6�k �nW��  (2.7) 

where n! and nB are pressure flow factors, nW is the shear flow factor and k the 

surface rms roughness. Pressure flow factors are generally obtained through 

numerical experiments performed on a local scale, i.e. a small representative contact 

area, and nW was given in [186]. Despite numerous proposed improvements and 

modifications (see e.g. Elrod [187], Tripp [188], Wu and Zheng [189], Harp and Salant 

[169], Rocke and Salant [190] or Wilson and Marsault [191]), the classic P&C method 

is still the most commonly used flow factor technique in the study of textured/rough 

surfaces and was applied, for example, in the study of journal bearings with axial 

grooves by Chan et al. [192], dimpled contacts by XIE [164] and textured bearings 

by Tønder [116, 117]. 

Especially for the study of textured contacts, de Kraker et al. [76, 193] developed a 

texture averaged Reynolds equation. Similar to the P&C theory, so-called texture flow 

factors were introduced to modify the Reynolds equation on the global domain. 

Unlike in Patir and Cheng’s method, flow factors were obtained by local flow 

simulations based on the Navier-Stokes equations rather than the Reynolds equation 

in order to account for inertia and recirculation effects and depend on the operating 
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conditions. In 2006, Dobrica et al. [194] compared the results obtained by the P&C 

flow factor model with a deterministic model for a partial arc journal bearing. It was 

found that, in general, the P&C model showed a good agreement with the 

deterministic results in terms of pressure and film thickness, although values for 

friction torque and attitude angle showed deviations. 

The other type of indirect method is based on the mathematical concept of 

homogenization, used for partial differential equations (PDEs) with oscillating 

coefficients. Similar to the aforementioned flow factor techniques, multiple scales are 

used and local effects are averaged and then incorporated in the global, smooth 

Reynolds equation. The due to surface roughness or textures oscillating film thickness 

equation is homogenized, resulting in a so-called homogenized Reynolds equation. 

This method was originally proposed by Elrod [195] in 1973 and has been further 

studied by many authors [194, 196-207]. 

For example, Bayada et al. [199] proposed a homogenized Reynolds equation that 

incorporates mass-conserving cavitation based on the JFO boundary conditions and 

Sahlin et al. [205, 206] developed a mixed lubrication model that allows the 

simulation of measured surface topography. Another interesting concept based on 

homogenization was applied by Almqvist et al. [207], called reiterated 

homogenization. They studied the combined effect of surface roughness and texturing 

by dividing the problem in three scales rather than two: a roughness scale, a texture 

scale and the global contact scale. Both, the oscillations of the roughness and texture 

scale were homogenized and incorporated in the global, smooth Reynolds equation. 

Since the study of rough textured surfaces involves three scales, one could also treat 

the texture scale deterministically and the roughness scale with a homogenization or 

flow factor method, resulting in a semi-deterministic approach, as performed by 

Spencer et al. [174] for textured cylinder liners and by Qiu and Khonsari [93] for seal-

like structures. Rom and Mueller [208] proposed a reduced basis method to improve 

the computational speed of the homogenization. For the case of a textured journal 

bearing having a large number of cuboid textures, a speedup of up to 65 as compared 

to directly solving the Reynolds equation was demonstrated. 

It has been shown that, compared to classic flow factor methods, the concept of 

homogenization leads to more accurate results whenever arbitrary roughness is 

encountered, i.e. the patterns do not show any symmetries [205-207]. Hence, for cases 

with arbitrary roughness patterns the homogenization techniques is recommended. 

Generally, it should be noted that local flow information is lost whenever stochastic 

methods are used, hence, a deterministic method is always preferable, particularly 

for textures, as local cavitation has an important influence on the contact 

performance. Also, partially textured contacts would require locally different flow-

factors. The same holds true for surface roughness, however, a deterministic 

treatment is, despite the available computational power today, not usually applicable 
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and therefore some kind of averaging technique needs to be performed. 

2.3.4 Spatial discretization and numerical methods 

In most cases, the Reynolds equation requires a numerical solution, i.e. a 

discretization of the solution domain and a subsequent solution of the arising systems 

of algebraic equations. Generally, mathematics provides methods for the solution of 

this type of equation and the reader is referred to respective literature. However, 

some issues arise particularly in the study of textured surfaces and are briefly 

discussed here. 

The Reynolds equation is an elliptic second order PDE, however, whenever mass-

conserving cavitation is considered, the equation becomes hyperbolic in cavitated 

areas, forming a highly nonlinear mixed type PDE. Most discretization methods are 

applicable for this kind of equation and many have been successfully applied in the 

field of surface texturing (e.g. see: finite difference method (FDM) [67, 134, 157, 209, 

210], finite volume method (FVM) [14, 104, 171, 209-211], finite element method 

(FEM) [166, 175, 209, 210], finite cell method (FCM) [212] and spectral element 

method (SEM) [209, 210]). Pei et al. [213] presented a further developed SEM for 

the efficient simulation of lubrication problems with rough surfaces and Profito et al. 

[214] proposed a general element-based finite volume method that combines the 

advantages of both methods. 

One of the differences between these methods is their capability of handling 

discontinuous coefficients. As surface textures in the form of dimples or grooves are 

discontinuities in the film thickness equation by nature, special care should be taken 

regarding discretization and meshing. For methods based on finite elements this issue 

is less pronounced, since the element edges can be made coincide with the 

discontinuities [105, 215, 216]. For FDM and FVM, on the other hand, discontinuities 

may cause large approximation errors, especially in cavitated areas, since the 

hyperbolic type of the Reynolds equation does not allow the use of central finite 

difference schemes. Thus, whenever the discretization is based on finite differences, 

a special treatment of discontinuities is generally required, such as local mesh 

refinement [217] or special finite approximation schemes [215, 218]. 

Also, the accuracy and convergence speed of the solution may differ, depending on 

the discretization method chosen. Woloszynski et al. compared the accuracy of four 

different discretization methods (FDM, FVM, FEM, SEM) for one-dimensional [209] 

and two-dimensional [179] textured slider bearings. It should be noted here that, 

since cavitation was not considered in their study, the problem considered was purely 

elliptic. The number of mesh points required in order to achieve a predetermined 

accuracy was evaluated for each method and compared. SEM was shown to require 
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the smallest number of nodes, 28 and 72 times fewer than the other methods for the 

one-dimensional and two-dimensional case respectively, resulting in a significantly 

higher convergence speed. Both, FVM and FEM were stated to be the best 

compromise between accuracy and ease of implementation. FDM required the highest 

number of nodes and was not recommended. Nevertheless, due to the ease in 

implementation, FDM is the most popular discretization method used in the study 

of textured surfaces (Figure 2.11), despite its inaccuracy and inability to handle 

complex geometries. 

The generally fine meshes required to accurately describe surface textures and the 

complexity of the Reynolds equation especially related to cavitation phenomena 

require fast and robust solvers. The choice of the numerical solver obviously depends 

on the numerical details of the model and the particular system of equations 

encountered after discretization. For example, a number of cavitation algorithms are 

iterative by design and therefore require iterative solvers. Very popular in the study 

of surface textures are Gauss-Seidel methods, often implemented with successive 

relaxation (see e.g. [14, 16, 19, 157, 179]) to improve convergence speed. Other 

successfully applied iterative schemes include alternating direction implicit (ADI) 

methods [190] and for nonlinear systems Newton-Raphson [219, 220] methods. 

Cavitation algorithms based on LCP can take advantage of pivoting algorithms [175-

177, 179, 221], for example, Lemke’s algorithm [222]. Also, in order to further increase 

convergence speed, Multigrid methods [67, 93, 138, 139] have been applied and 

algorithms were modified to take advantage of multicore processing [32, 192]. 

2.4 Limitations of this review 

This review is focused on findings regarding texturing for typical bearing applications 

under hydrodynamic conditions. Texture design choices may differ for counterformal 

contacts or other lubrication regimes. For research on surface texturing for 

concentrated contacts the reader is referred to a recently published review article by 

Sudeep et al. [52] and for studies concerning different lubrication regimes the reader 

may be interested in references [33, 34, 36, 65]. 

The review on modelling techniques presented in this chapter is focused on methods 

based on the Reynolds equation and is limited to hydrodynamic lubrication, 

cavitation and micro-hydrodynamic effects. If the reader is interested in the 

simulation of mixed lubrication or elasto-hydrodynamic modelling, references [54, 

223-225] may be interesting. Furthermore, it is well known that thermal effects and 

elastic deformation play a crucial role in hydrodynamic lubrication, particularly in 

bearings, and these effects should be included in the numerical simulation for 

accurate performance predictions. Also, whenever the Reynolds equation is applied, 
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additional models to describe turbulent flow may become necessary for certain 

applications. However, these effects were not considered texture-specific, and have 

thus not been included in this review. Temperature effects have been included in the 

theoretical study of textured surfaces based on the Reynolds equation by a 

simultaneous solution of the Energy equation. The interested reader is referred to 

references [31, 104, 107, 123]. 

2.5 Summary 

Surface texturing has been shown to be capable of enhancing the tribological contact 

performance for a wide range of applications. One of the main issues is the 

dependency of optimal texturing parameters on the type of contact and, in particular, 

the operating conditions. Furthermore, complex phenomena, such as cavitation and 

inertia related effects, have been shown to highly affect texture performance. 

A lot of research has thus been aimed at finding optimal texturing parameters for 

best performance enhancement. Although some general guidelines exist, it has 

become clear that in most cases textures need to be designed for a specific application 

and given operating conditions. Especially for convergent film geometries or journal 

bearings, for which optimal parameters have been shown to significantly depend on 

the convergence ratio or the eccentricity, the chosen texture design will always be a 

compromise, adapted for the range of operating conditions encountered. For some 

scenarios texturing may even be found to be detrimental or provide unreasonable 

improvements; this means that the profitability and effectiveness of surface texturing 

need to be assessed for a given application. 

Numerical models allow the evaluation of texture designs prior to being 

manufactured and can avoid time consuming experimental trial and error 

approaches. However, the numerical simulation of textured surfaces still involves 

major challenges: 

• A mass-conserving treatment of cavitation has been shown to be crucial, 

however, the arising elliptic-hyperbolic system with initially unknown 

locations of cavitation areas provides difficulties and can lead to numerical 

instability. 

• Surface textures are discontinuities in film thickness by nature. To avoid 

large discretization errors, a special treatment of film discontinuities is 

required (e.g. local mesh refinements or special discretization schemes). 

• The large difference in contact and texture dimensions often results in very 

fine meshes and therefore impractical computation times. Especially when 

roughness is considered, averaging techniques need to be applied, which lead 
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to the loss of local flow information. 

• The assumptions made by using the Reynolds equation may be violated, 

depending on the Reynolds number and texture dimensions. Hence, the 

applicability of the Reynolds equation is limited. 

• Parametric and optimization studies are crucial for an effective texture 

design, demanding numerical solvers with high numerical stability and 

computational speed. 

Although a number of numerical models have been proposed, no model complies with 

all of the above points. Many studies are limited to certain operating conditions due 

to high computation times, make use of non-mass-conserving cavitation algorithms 

or do not account for discontinuities. To allow an effective texture design and make 

a step towards successful industrial applications of surface texturing, a numerical 

model is required that complies with all of the above requirements. The development 

of such a model was one of the objectives of this work. The developed numerical 

model is introduced in the following chapters. 
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Chapter 3 

3Mathematical Model 

As discussed in the previous chapter, a successful application of surface texturing 

relies to a great degree on fast and robust numerical models that allow an accurate 

evaluation of the impact of surface texturing on the performance of hydrodynamic 

bearings under a wide range of conditions. Based on the findings of the literature 

review, a mathematical model was developed specifically for the analysis and 

optimization of surface textures for tilting pad thrust bearings. The mathematical 

framework is presented in this chapter. 

The model is based on the two-dimensional Reynolds equation and incorporates a 

mass-conserving cavitation algorithm. Thermal effects are described through an 

effective temperature method while taking into account the hot-oil-carry-over effect 

encountered in thrust pad bearings. The optimization of texture patterns is made 

possible by formulating multidimensional constrained optimization problems. 

3.1 Geometry and film thickness 

3.1.1 Bearing geometry 

To mathematically describe the film thickness distribution of a tilting pad thrust 

bearing, a polar coordinate system is used, where the radial coordinate (�) has its 

origin at the bearing centre and the angular coordinate (9) has its origin at the pad 

inlet (Figure 3.1). Under the assumption that no misalignment is occurring, it is 

common practice to model only one of the sector shaped pads and subsequently 

extrapolate the results to obtain the overall bearing performance. The pads are 

supported at a pivot, allowing them to freely tilt and self-adjust the film thickness 
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Figure 3.1 Tilting pad thrust bearing with coordinate system. 

 

Figure 3.2 Film thickness of a thrust pad with spherical pivot. 

in order to balance the applied load (Figure 3.2). Pads with line pivot (Michell type 

bearings) can only tilt about a certain radial line, called pitch, and given by the pitch 

angle �#. Pads with point pivot (Kingsbury type bearings) can also tilt about a 

certain tangential line, called roll, and given by the roll angle �G. The film thickness 

directly above the pivot location is defined as ℎ' and the coordinates of the pivot as 

9' and �'. These parameters allow to express the film thickness distribution for point 

pivoted pads as 
ℎ(9, �) = ℎ' + � sin(9' − 9) sin�# + [�' − � cos(9' − 9)] sin �G (3.1) 

For pads with line pivot, �G equals 0, and the equation simplifies to 
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ℎ(9, �) = ℎ' + � sin(9' − 9) sin �# (3.2) 

Making use of the so-called Michell bearing approximation, which assumes that the 

film thickness does not vary along the radius, equation (3.2) can be further simplified 

to give 

ℎ(9, �) = ℎ' + (9' − 9) tan�# (3.3) 

However, it has been shown that this geometrical approximation overestimates the 

predicted load carrying capacity [226], hence, equations (3.1) and (3.2) are used in 

this work to describe the film thickness distribution. 

3.1.2 Texture geometry 

In the present work, only partial texturing is considered, as it is well known that 

partial texturing is recommended for parallel and moderately converging contacts 

under hydrodynamic conditions. Moreover, although a large variety of texture shapes 

and internal structures have been proposed, textures with maximum volume result 

in best performance. Therefore, only partially textured pads and angular sector 

shaped textures with flat bottom profile in form of discrete textures or grooves are 

considered here (Figure 3.3). 

 

Figure 3.3 Thrust pad with a 3 x 3 texture pattern. 

A particular texture design is initially defined by the relative texture extent in 

circumferential and radial direction: 

� = 9 �! "#�$9'F$           � = � �! "#�$�'F$  (3.4) 

The textured area is then sub-divided into so-called texture cells, according to the 

specified number of textures in circumferential (EG) and radial direction (E#). 
Individual textures are then placed at the centre of each texture cell, where the size 
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of the textures is specified by the texture density in circumferential and radial 

direction: 

�G = 9 �! "#�9����           �# = � �! "#������  (3.5) 

where the overall, area-specific texture density can be evaluated as 

� �! "#� = �G ⋅ �# (3.6) 

The texture depth is considered uniform and defined as ℎ �! "#�. To consider surface 

textures in the film thickness equation, the film thickness is initially evaluated for an 

equivalent untextured pad. Thereafter, ℎ �! "#� is simply added numerically wherever 

textures are located. Whenever the inlet is textured, the first row of textures is simply 

elongated towards the pad inlet (Figure 2.6). Although this methodology obviously 

falsifies the numerical value of the texture density, deviations are generally negligibly 

small. 

The proposed method of defining texture patterns allows to easily generate a variety 

of textured, grooved and pocketed pads (Figure 3.4). 

 

Figure 3.4 Exemplary texture designs: (a) 5 x 5 textures, (b) 23 x 23 textures, (c) pocket, 

(d) 10 radial grooves, (e) 15 circumferential grooves and (f) 3 x 3 textures. 

3.2 Fluid mechanics 

3.2.1 Reynolds equation 

The steady-state and incompressible form of the Reynolds differential equation is 

utilized to compute the pressure distribution over the sector-shaped thrust pads. In 

polar coordinates, the equation can be written as follows: 
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��� (� �ℎ3
d ����) + 1� ��9 (�ℎ3

d ���9) = 6o� �(�ℎ)�9  (3.7) 

where � is the local pressure, � the lubricant density, d the lubricant dynamic 

viscosity and o the rotational speed of the runner. Equation (3.7) is an elliptic 

inhomogeneous partial differential equation. Therefore, a numerical solution with 

appropriate boundary conditions is necessary. 

The question, whether the assumptions made during the derivation of the Reynolds 

equation from the Navier-Stokes equations are violated for the case of textured 

surfaces, cannot be answered generally. Dobrica and Fillon [75] showed that the 

validity of the Reynolds equation depends on both the texture aspect ratio (f) and 

the Reynolds number (J�). It was shown that the Reynolds equation is applicable 

for most practical applications of surface texturing. They evaluated the validity of 

the Reynolds equation in textured parallel sliders of infinite width and introduced 

two indicators: ∆1, which is the average absolute variation in the local pressure and 

∆2, which is the variation in the predicted integral of the positive components of the 

pressure profiles, i.e. the load carrying capacity (Figure 3.5). 

 

Figure 3.5 Relative differences ∆1 and ∆2 between the results obtained with the Reynolds 

equation and Navier-Stokes equations (adapted from [75]). 

Three areas were identified: 

(I) For this case inertia effects are negligible, however, the variations in film 

thickness are high and the assumptions made during the derivation of the 

Reynolds equation are violated. Therefore, a Stokes model should be used. 

(II) For this case both inertia effects are important and the variations in film 

thickness are high with respect to the texture length. The full Navier-

Stokes system of equations should be applied. 

(III) For this case the variations of film thickness are low and inertia effects 

are unimportant. Hence, the Reynolds equation is applicable. 
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In this study, the Reynolds number is defined as J� = ��ℎN;</d and the texture 

aspect ratio as f = ℎ �! "#�/@, where @ is the arc length of the texture at the mid 

radius. To ensure satisfying accuracies, the validity of the Reynolds equation is 

evaluated for all simulations presented. 

3.2.2 Cavitation 

Cavitation does not usually occur in textured tilting pad thrust bearings, as the 

overall convergence builds up enough pressure to prevent pressures from falling below 

the cavitation pressure. However, under extreme operating conditions that result in 

particularly low convergence ratios or whenever very deep textures are analysed, 

cavitation may occur inside individual textures close to the pad inlet and the outer 

pad radius. 

As discussed in detail in chapter 2.3.2, a mass conserving treatment of cavitation is 

required when simulating textured surfaces. In order to ensure mass-conservation, 

Jakobsson and Floberg [153] together with Olsson [154] developed a theory known 

as JFO cavitation boundary condition, named after its three inventors. However, the 

direct solution of the JFO boundary conditions has proven to be very difficult. A 

first efficient numerical algorithm that implicitly satisfies this boundary conditions 

was developed by Elrod and Adams [156] and Elrod [155] in 1974 and 1981 

respectively. Since then, many different algorithms have been proposed to solve the 

cavitation problem in a mass-conserving way. The cavitation model used in this work 

was adapted from [227] and is similar to the algorithm proposed by Ausas et al. [16, 

173]. This method requires an iterative solution of the Reynolds equation. Similar to 

the concept of Elrod, the solution domain (r) is divided in two subdomains: A 

pressurized region q+, where the pressure is superior to the cavitation pressure and 

a cavitated region q0, where the pressure is constant and equal to the cavitation 

pressure (Figure 3.6). 

 

Figure 3.6 Computational domain with pressurized and cavitated subdomains. 

Furthermore, a fractional film content is defined as follows [155]: 
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Θ = T�;�T = T�;�T�;� + T�FW (3.8) 

This parameter describes relatively how much liquid lubricant is present and allows 

to correct the lubricant density. The Reynolds equation (3.7) can now be rewritten 

to incorporate mass-conserving cavitation: 

��� (� �ℎ3
d ����) + 1� ��9 (�ℎ3

d ���9) = 6o� �(Θ�ℎ)�9  (3.9) 

with 

Θ = 1     and     � > ��Fw     in pressurized regions (q+) (3.10) 

Θ < 1     and     � = ��Fw     in cavitated regions (q0) (3.11) 

where ��Fw is the cavitation pressure. Although both pressure and fractional film 

content are unknown, equation (3.9) remains solvable, as in q+ the fractional film 

content is known (Θ = 1) and in q0 the pressure is known (� = ��Fw). The modified 

Reynolds equation remains of elliptic character in q+, however, becomes hyperbolic 

in q0.The utilized mass-conserving treatment of cavitation requires an iterative and 

simultaneous solution for � and Θ. The implemented numerical procedure is 

described in chapter 4.1. 

3.2.3 Lubricant rheology 

For the relatively low pressures encountered in hydrodynamic lubrication, the 

pressure dependency of the lubricant density and viscosity are negligible [228]. 

Moreover, the lubricant’s heat capacity is assumed to be constant in the present 

model. The most impactful effect in hydrodynamic bearings is the dependency of 

viscosity on the lubricant temperature. As the temperature rises, the viscosity drops 

significantly and the load carrying capacity diminishes. This variation is modelled 

using the expression proposed by Mac Coull and Walther [229]: 

@t210[@t210(g�h + �)] = E − C @t210(O°Q) (3.12) 

where g�h  is the lubricant kinematic viscosity in centistokes, O°Q the lubricant 

temperature in degrees Kelvin and �, E and C are lubricant dependent parameters. 

If centistokes is used as the unit of viscosity, � takes values between 0.6 and 0.75. In 

the present study, � = �tE��.= 0.6. The parameters E and C can easily be 

determined by solving the system of equations that arises for two given temperatures 

and corresponding viscosities. Figure 3.7 shows the predicted viscosity for a range of 

standard ISO mineral oils. 
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Figure 3.7 Variation of lubricant viscosity with temperature for standard ISO mineral oils 

as predicted by equation (3.12). 

3.3 Bearing equilibrium 

The bearing equilibrium is reached, if the integral of the pressure distribution over 

the pad area, i.e. the load carrying capacity, balances the applied load per pad. 

Furthermore, the centre of pressure, i.e. line of action through which the resultant 

force acts, must be directly above the pivot in order to cause no resultant moments 

around the pivot. As shown in Figure 3.8, the forces acting on a thrust pad are: the 

applied load (U0), the reaction force from the pressure field acting in the direction 

normal to the pad surface (U#�W) and the load carrying capacity (U ), which is the 

vertical component of the reaction force. 

If the pad is not in equilibrium, the load carrying capacity does not equal the applied 

load and the centre of pressure is acting at a location away from the pivot. This 

allows to define three error terms: 

aU = U − U0 (3.13) 

a9 = 9�=' − 9' (3.14) 

a� = ��=' − �' (3.15) 

where (9�=', ��=') and (9', �') are the coordinates of the centre of pressure and the 

pivot respectively. The load carrying capacity is easily evaluated by integrating the 
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Figure 3.8 Load components acting on a thrust pad. 

pressure distribution over the pad area: 

U = ∫ ∫ ��#=#¨

#=#©

G=Gª«¬

G=0
(9(� (3.16) 

To evaluate the centre of pressure, a local Cartesian coordinate system (�, [) with 

origin at the pad inlet and the inner radius is defined. The moments of force about 

this point are then computed according to 

A! = ∫ ∫ ��#=#¨

#=#©
(� cos 9 − �;)G=Gª«¬

G=0
(9(� (3.17) 

AB = ∫ ∫ ��2 sin 9#=#¨

#=#©

G=Gª«¬

G=0
(9(� (3.18) 

This allows to calculate the centre of pressure: 

9�=' = tan−1 ( ABA! + U�;) (3.19) 

��=' = √( ABU#�W)
2 + ( A!U#�W + �;)2 (3.20) 

For given operating conditions, the error parameters aU , a9 and a� only depend on 

the film thickness distribution, i.e. the pitch and roll angle as well as the film 

thickness at the pivot. The task is now to find a vector , = (�#, �G, ℎ')  that satisfies 

the equilibrium condition: 
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*(,) = ⎣⎢
⎡aU(,)a9(,)a�(,) ⎦⎥

⎤ = ´ (3.21) 

This assembles a nonlinear system in three dimensions, which is solved numerically 

as explained in chapter 4.2. For bearings with line pivot �G = 0 and equation (3.21) 

is reduced to a two-dimensional system. 

3.4 Thermal effects 

3.4.1 Effective temperature method 

During operation, viscous shearing of the lubricant generates heat and consequently 

the temperatures of the lubricant and surrounding bodies rise. As the lubricant 

viscosity significantly depends on the temperature, thermal effects should be 

considered in the numerical simulation of hydrodynamic bearings. A complete 

description of thermal effects can be achieved by solving the generalized Reynolds 

equation, the three-dimensional energy equation and the heat conduction equation. 

However, for the purpose of this study, thermal effects are considered through an 

effective temperature method [17, 229], where isothermal and isoviscous conditions 

are assumed, using an effective temperature and effective viscosity. This simplified 

approach was chosen to keep computation times low and allow for parametric and 

optimization studies in reasonable time. However, as shown in chapters 5.2.3 and 7.4 

the applied methodology provides good accuracy with respect to CFD simulations 

and experiments. 

At thermal equilibrium the energy dissipated by viscous shearing balances the heat 

carried away by the lubricant (convection) and surrounding bodies (conduction). 

Assuming that a constant percentage of energy is carried away through convection, 

one can write: 

µ?�=< = ∆OH;<��' (3.22) 

where Π is the dissipated energy, ?�=< the percentage of energy removed by 

convection, typically between 50 and 100% [229] (in the present study ?�=< = 75%), 

∆O  the temperature rise of the lubricant, H;< lubricant flow entering the contact, � 

the lubricant density and �' the lubricant’s specific heat. The effective lubricant 

temperature can then be evaluated: 

O�)) = O;< + ?�=< µH;<��' (3.23) 

where T;< is the lubricant temperature at the pad inlet. The dissipated energy is 
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equal to the frictional power loss: 

µ = O)o (3.24) 

where the friction torque is found by integrating the shear stress over the pad area: 

O) = ∫ ∫ l�2#=#¨

#=#©

G=Gª«¬

G=0
(9(� (3.25) 

Note that churning losses are not accounted for in the present model. As many thrust 

pad coatings have a limited operating temperature, the maximum pad temperature 

is an important performance parameter. Here, ONF! is approximated by the empirical 

relation [229]: 

ONF! = 2O�)) − O;< (3.26) 

3.4.2 Hot-oil-carry-over effect 

The lubricant entering the pad is not pure supply oil, but a mixture of cold supply 

oil and already hot oil carried over from the preceding pad (Figure 3.9). 

 

Figure 3.9 Thrust pad with lubricant flow rates. 

This causes an increased oil temperature at the pad inlet and is commonly known as 

hot-oil-carry-over-effect. Due to the considerable influence of temperature on 

viscosity, this effect should be considered for accurate results. In the present work, 

this effect is modelled by assuming that the oil entering a pad (O;<,H;<) is a 

homogeneous mixture of supply oil (OW"',HW"') and oil transported over from the 

preceding pad [18, 230]. The oil transported over is comprised of the oil leaving the 

preceding pad’s outlet (O=" ,H=" ) and inner radius (O;#, H;#): 
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O;< = O=" H=" + OW"'HW"' + O;#H;#H=" + HW"' + H;#  (3.27) 

Due to the interdependency of O�)) and O;< an iterative temperature solver is utilized 

until thermal equilibrium is reached. Details of the numerical procedure is given in 

chapter 4.3. 

3.5 Texture design optimization 

The optimization of a texture design involves finding the geometrical texture design 

parameters that minimize or maximize a certain bearing performance parameter. 

This assembles a multidimensional constrained optimization problem: 

min· .(,)  subject to ,�º ≤ , ≤ ,"º (3.28) 

where .(,) is the objective function, e.g. the frictional moment O) , and , =
(ℎ �! "#�, �, �)  is a vector containing the geometrical texture design parameters 

subject to the lower and upper bounds ,�º and ,"º. A maximization is made possible 

by simply multiplying the objective function with −1. Optimum texture density, 

shape and bottom profile are already known from literature and therefore not 

considered during the optimization (see chapter 2), i.e. , only contains the texture 

depth and relative texture extents in circumferential and radial direction. Texture 

patterns with 0 µm ≤ ℎ �! "#� ≤ 75 µm, 10% ≤ � ≤ 95% and 10% ≤ � ≤ 95% are 

considered. As a value of zero is allowed for the texture depth, the conventional 

untextured design is automatically considered during the optimization. The 

optimization is performed by utilizing an interior-point algorithm. Solution details 

are given in chapter 4.4. 

3.6 Summary 

A mathematical model to analyse and optimize textured tilting pad thrust bearings 

was presented in this chapter. A polar coordinate system is utilized to describe the 

geometry of tilting pad thrust bearings. Texture patterns are defined by the following 

parameters: 

• The number of textures in circumferential and radial direction (EG, E#) 
• The relative texture extent in circumferential and radial direction (�, �) 

• The texture density in circumferential and radial direction (�G, �#) 
• The texture depth (ℎ �! "#�) 
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This methodology allows to easily generate a variety of textured, grooved or pocketed 

pads. The Reynolds equation is used to describe the hydrodynamic pressure 

development. For accurate results, cavitation is taken into account in a mass-

conserving way by respecting the JFO boundary conditions. Thermal effects are 

considered by applying an effective temperature method that takes into account the 

hot-oil-carry-over effect and considers the dependence of viscosity on the lubricant 

temperature. 
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Chapter 4 

4Numerical Solution 

This chapter presents all implemented numerical procedures to solve the developed 

mathematical model. As the main focus of the present work is to facilitate the design 

of surface textures, the computational speed and robustness of the model are of vital 

importance. Therefore, a variety of advanced solution procedures find application 

and novel numerical methods were developed. In particular, the model is capable of 

efficiently treating film discontinuities, taking advantage of multicore processing and 

strategically combining three different root-finding techniques to find the bearing 

equilibrium most effectively. 

4.1 Fluid solver 

4.1.1 Discretization 

The modified Reynolds equation (3.9) is a mixed-type partial differential equation 

for which no analytical solution exists, hence, a numerical solution is required. The 

numerical solution generally consists of a discretization of the governing equations 

and a subsequent solution of the resulting algebraic system with appropriate 

boundary conditions. For textured bearings, the finite volume method [231] (also 

known as control volume method) has been shown to be a good compromise between 

accuracy and implementation complexity [209, 210]. Therefore, this method is applied 

in this work to discretize the modified Reynolds equation. For conventional 

untextured pads, simple uniform meshes are used, i.e. all control volumes have the 

same size. For the textured pads on the other hand, non-uniform meshes are applied 

instead for the following reasons: 
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• A fine mesh can be used for textured pad areas, where the complex texture 

geometry requires a fine mesh, and a coarse mesh for untextured areas, where 

a coarse mesh is sufficient to describe the simple, smooth geometry resulting 

in a more efficient solution of the Reynolds equation. 

• Control volume (CV) faces can be aligned with film thickness discontinuities 

to minimize discretization errors [215]. 

• Additional nodes can easily be placed around discontinuities to decrease 

discretization errors as discussed in chapter 5.1.2. 

Three variations of the finite volume method are considered for the purpose of this 

work: A conventional non-uniform finite volume discretization (NUFVD), a version 

of this method where additional CVs are placed around film discontinuities 

(NUFVD+A) and a version of this method where discontinuities are directly 

incorporated during the derivation of the discrete system (MNUFVD). Details of 

these methods are given in the following. 

4.1.1.1 Non-uniform finite volume discretization (NUFVD) 

The solution domain (r) is first divided into discrete CVs and nodes are placed at 

the centre of each volume (Figure 4.1). 

 

Figure 4.1 Non-uniform finite volume discretization (NUFVD) of the thrust pad with details 

of a control volume. 

As flows normal to the pad surface are neglected, control volumes are actually areas, 

however, the same terminology is usually used. The general nodal point is defined as 

u  and surrounding nodes are identified by their relative location, i.e. v for east, U  

for west, 4 for south and D  for north. The faces or boundaries of the CVs are referred 

to accordingly by small letters. It is convenient to define the downstream direction 
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as east. Therefore, east is against expectation set to be on the left hand side when 

looking at the thrust pads from the runner’s side. 

The finite volume formulation of the Reynolds equation is based on the conservation 

of mass (continuity equation), which makes this method naturally mass-conserving. 

Consequently, it is possible to simply balance the flows into and out of a CV (Figure 

4.2): 

I» − I� + IW − I< = 0 (4.1) 

 

Figure 4.2 Control volume with mass inflows and outflows. 

The flows over the cell faces can be expressed as: 

I» = − �»
�»

�»(ℎ»)3
d» (���9)» + 6o�»�»Θ»�»ℎ» (4.2) 

I� = − ��
��

��(ℎ�)3
d� (���9)� + 6o����Θ���ℎ� (4.3) 

IW = −�W�W �W(ℎW)3
dW (����)

W
 (4.4) 

I< = −�<�< �<(ℎ<)3
d< (����)

<
 (4.5) 

where �», ��, �W and �< are the CV’s face dimensions. The pressure gradients at 

the CV faces are approximated by central finite difference formulae, given here only 

for the west cell boundary: 

(���9)» = �¼ − �½
a9¼½  (4.6) 

The other pressure gradients are approximated accordingly. The second terms of 

equations (4.2) and (4.3) are the Couette components of the flow that contain the 

fractional film content as a dependable variable. As the problem is of hyperbolic type 

in q0, the utilization of central finite difference schemes is not possible as one may 

get an ill solution. Upwind schemes on the other hand account for the direction of 

flow and are capable of correctly passing along the information about cavitation 

downstream. Therefore, upwind schemes are used in the present work, i.e. values of 
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the fractional film content are simply passed along downstream, i.e. Θ» = Θ½  and 

Θ� = Θ¼ . Although the accuracy may be improved by using type-dependent 

discretization schemes as proposed by Vijayaraghavan and Keith [160, 161], where 

different schemes are used for q+ and q0, upwind schemes are used for the entire 

solution domain. 

With the introduction of interfacial diffusion coefficients for the Poiseuille terms as 

Γ = �ℎ3
d  (4.7) 

the flows at the CV faces can be expressed as 

I» ≈ −�»
�» Γ» �¼ − �½

a9¼½ + 6o�»�»Θ½�»ℎ» (4.8) 

I� ≈ − ��
�� Γ� �¾ − �¼

a9¼¾ + 6o����Θ¼ ��ℎ� (4.9) 

IW ≈ −�W�WΓW �¼ − �h
a�¼h  (4.10) 

I< ≈ −�<�<Γ< �¿ − �¼
a�¼¿  (4.11) 

Unlike interfacial values of the pressure gradients, which remain constant between 

two nodes, interface values of the diffusion coefficients require special attention [171, 

231]. Here, interfacial diffusion coefficients are evaluated by using linearly 

interpolated values for �, ℎ3 and d. Using the west face as an example: 

Γ» = �»(ℎ»)3
d»  (4.12) 

with 

�» = (1 − .½ )�½ + .½ �¼  (4.13) 

ℎ» = (1 − .½ )ℎ½ + .½ ℎ¼  (4.14) 

d» = (1 − .½ )d½ + .½ d¼  (4.15) 

where .½  is the interpolation factor given by: 

.½ = a9»½
a9»½ + a9»¼  (4.16) 

Interfacial diffusion coefficients at the other cell faces are calculated accordingly. 

Finally, identifying the coefficients �½ , �¾, �h, �¿ , �¼ , �Θ½  and �Θ¼  and 
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rearranging, the equations for the nodal values of pressure and fractional film content 

are obtained: 

�¼ = 1�¼ (�½�½ + �¾�¾ + �h�h + �¿�¿ + �Θ½Θ½ + �Θ¼ Θ¼ ) (4.17) 

Θ¼ = − 1�Θ¼ (�½�½ + �¾�¾ + �h�h + �¿�¿ − �¼ �¼ + �Θ½Θ½ ) (4.18) 

Formulating these equations for every internal node results in a linear algebraic 

system, which can be solved with appropriate boundary conditions. A full list of the 

used coefficients is given in Appendix A.1. 

4.1.1.2 Non-uniform finite volume discretization (NUFVD+A) 

Unlike methods based on the weak solution of the Reynolds equation, e.g. finite 

element methods, the FVM is based on boundary flux approximations, i.e. derivatives 

at film discontinuities directly depend on the mesh size. Particularly for textured 

surfaces this may cause major discretization errors as textures naturally introduce 

numerous discontinuities into the film thickness equation. Consequently, 

discontinuities should be treated in order to avoid large discretization errors or high 

computation times caused by fine meshes. 

A first way of handling discontinuities is to place additional nodes around all 

discontinuities, i.e. around texture edges [14, 171, 217]. For the purpose of this work, 

an original methodology is utilized. The method is outlined in the following only for 

the east side of a certain CV, as the procedure is equivalent for the other sides. 

During the numerical mesh generation coordinates of all discontinuities CV 

boundaries are stored. Subsequently, the circumferential size of both adjacent CVs 

is evaluated. Additional CVs are then added on both sides of the discontinuity, 

having a circumferential size of 

a9̃ = () ⋅ MIN[a9;,Ä, a9;,Ä+1] (4.19) 

where 6 and 8 are the positions of the CV in radial and circumferential direction 

respectively, and () is the discontinuity coefficient (Figure 4.3). 

Using a very small value for the discontinuity coefficient can result in instability 

whereas a large value will not result in notable discretization error improvements. 

Good results are generally achieved for () = 10−1 and therefore this value is used. 

The discrete system is assembled the same way as for the standard NUFVD method, 

although it is larger in size due to the additionally placed CVs. 
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Figure 4.3 Schematic showing the placement of additional control volumes around a 

discontinuity. 

4.1.1.3 Modified non-uniform finite volume discretization (MNUFVD) 

Another way of treating discontinuities is to directly consider jumps in the film 

thickness during the derivation of the discrete system. This is based on the idea that 

the sudden variation in film thickness at discontinuities results in a sudden variation 

in pressure and consequently the pressure distribution itself becomes discontinuous. 

This effect is often referred to as concentrated inertia and can be considered by 

setting up a generalized Bernoulli equation just before and just after the jump in film 

thickness as follows: 

�− + �(R−)2
2 = �+ + �(R+)2

2 + i � ⋅ MAX[R−, R+]22  (4.20) 

where “−” denotes the location just before the jump (upstream) and “+” the location 

just after the jump (downstream). � and R  denote the local pressure and average 

fluid velocity at these locations and i is an additional correction factor or pressure 

drop coefficient. Values for i are not available in literature and need to be determined 

numerically or experimentally. 

A way to incorporate this effect in a general finite volume discretization was proposed 

by Arghir et al. [215] and subsequently applied for textured slider bearings by 

Dobrica and Fillon [75]. In reference [75] it was also shown that the application of 

this method extents the validity of the Reynolds equation to flows with higher 

Reynolds numbers or deeper textures. Thus, implementing this method allows the 

application of Reynolds-based models for most textured bearings, avoiding the more 

time-consuming solution of the full Navier-Stokes system of equations. For the 

purpose of this work, this method is adapted in the following for the present non-

uniform polar system in two dimensions. Note that the MNUFVD method is limited 

to the pressurized regions of the solution domain (q+) where the Reynolds equation 

is elliptic, i.e. not in cavitation regions. The approach is only presented for a west 

cell boundary as the procedure is equivalent for the other CV faces. 
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Without the presence of a discontinuity, values for film thickness and pressure at the 

west boundary of a certain CV are identical to the values at the east boundary of 

the CV just upstream, i.e. ℎ;,Ä» = ℎ;,Ä+1�  and �;,Ä» = �;,Ä+1�  (Figure 4.4). 

 

Figure 4.4 MNUFVD method: Additional boundary values for film thickness and pressure. 

As described in reference [215], this no longer holds true if the west cell boundary is 

discontinuous, hence ℎ;,Ä» ≠ ℎ;,Ä+1�  and �;,Ä» ≠ �;,Ä+1� . However, the interface flux 

continuity must still be respected, i.e. I;,Ä»  must equal I;,Ä+1» . Using these additional 

interface values for film thickness and pressure, the aforementioned flow rate 

expression can be written as: 

− �;,Ä»
�;,Ä» Γ;,Ä» �;,Ä¼ − �;,Ä»

a9;,Ä»¼ + 6o�;,Ä» �;,Ä» �;,Ä» ℎ;,Ä»

= −�;,Ä−1�
�;,Ä−1� Γ;,Ä−1� �;,Ä−1� − �;,Ä−1¼

a9;,Ä−1�¼ + 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1�  (4.21) 

Rearranging this, one obtains: 

�;,Ä» Γ;,Ä»
�;,Ä» a9;,Ä»¼ �;,Ä» + �;,Ä−1� Γ;,Ä−1�

�;,Ä−1� a9;,Ä−1�¼ �;,Ä−1�

= �;,Ä» Γ;,Ä»
�;,Ä» a9;,Ä»¼ �;,Ä¼ + �;,Ä−1� Γ;,Ä−1�

�;,Ä−1� a9;,Ä−1�¼ �;,Ä−1¼ + 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1�
− 6o�;,Ä» �;,Ä» �;,Ä» ℎ;,Ä»  

(4.22) 

Introducing the coefficients &;,Ä»  and &;,Ä−1� , one can further simplify the expression 

above to: 

&;,Ä» �;,Ä» + &;,Ä−1� �;,Ä−1�
= &;,Ä» �;,Ä¼ + &;,Ä−1� �;,Ä−1¼ + 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1�
− 6o�;,Ä» �;,Ä» �;,Ä» ℎ;,Ä»  (4.23) 

The required expressions for the interface pressures �;,Ä»  and �;,Ä−1�  are now obtained 

from the generalized Bernoulli equation (4.20): 

�;,Ä» = �;,Ä−1� + %» (4.24) 
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where the interface Bernoulli coefficient for the west cell boundary is defined as 

follows, where the density is considered to be constant: 

%» = −�(�;,Ä» )2
2 + �(�;,Ä−1� )2

2 − i � ⋅ MAX[�;,Ä» , �;,Ä−1� ]22  (4.25) 

The required average velocities are calculated from the corresponding flow rates: 

R;,Ä» = I;,Ä»
ℎ;,Ä»      and     R;,Ä−1� = I;,Ä−1�

ℎ;,Ä−1�  (4.26) 

Equations (4.23) and (4.24) now allow the evaluation of the interface pressure values 

as: 

�;,Ä» = 1&;,Ä» + &;,Ä−1� (&;,Ä» �;,Ä¼ + &;,Ä−1� �;,Ä−1¼ + &;,Ä−1� %»
+ 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1� − 6o�;,Ä» �;,Ä» �;,Ä» ℎ;,Ä» ) (4.27) 

and 

�;,Ä� = 1&;,Ä» + &;,Ä−1� (&;,Ä» �;,Ä¼ + &;,Ä−1� �;,Ä−1¼ − &;,Ä» %»
+ 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1� − 6o�;,Ä» �;,Ä» �;,Ä» ℎ;,Ä» ) (4.28) 

Repeating this procedure for the interface pressures at the east, south and north CV 

faces and substituting the obtained expressions in the general continuity equation 

(4.1) allows to set up equations for the nodal values of pressure and frictional film 

content: 

�¼ = 1�¼ (�½�½ + �¾�¾ + �h�h + �¿�¿ + �Θ½Θ½ + �Θ¼ Θ¼ + %¼
+ 7¼ ) (4.29) 

Θ¼ = − 1�Θ¼ (�½�½ + �¾�¾ + �h�h + �¿�¿ − �¼ �¼ + �Θ½Θ½ + %¼
+ 7¼ ) (4.30) 

with the jump coefficient 

7¼ = 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1� &;,Ä»
&;,Ä» + &;,Ä−1� − 6o�;,Ä+1» �;,Ä+1» �;,Ä+1» ℎ;,Ä+1» &;,Ä�

&;,Ä� + &;,Ä+1»  (4.31) 

and the Bernoulli coefficient 

%¼ = �½ %» + �¾%� + �h%W + �¿%< (4.32) 

Remaining coefficients are given in Appendix A.2. Expressions (4.29) and (4.30) are 

similar to the expressions used for the NUFVD and NUFVD+A methods, however, 

two new parameters are now present: 7¼ , which directly incorporates the jump in 

the film thickness distribution caused by introducing discontinuities through 
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texturing and %¼ , which describes the effects of concentrated inertia at 

discontinuities through the generalized Bernoulli equation. 

Whenever the jumps in film thickness and pressure are neglected, the equations 

reduce to the ones found for the NUFVD and NUFVD+A method. If the jump term 

is included, film thickness discontinuities are incorporated and the first order pressure 

derivatives become discontinuous. In this case the problem remains linear, as the 

interface film thicknesses are already known. If both the jump in film thickness and 

pressure are considered, i.e. 7¼ ≠ 0 and %¼ ≠ 0, both effects are incorporated in the 

solution and the pressure and its first order derivatives become discontinuous. In this 

case, an additional preceding loop is required to deal with the nonlinearity of the 

discrete system by updating the velocities based on the flow rates found in previous 

iterations. Formulating this set of equations for all internal nodes of the solution 

domain enables an iterative solution of the system. 

4.1.2 Adaptive mesh generation 

The mesh is generated in a sub-function that divides the solution domain into discrete 

control volumes. If conventional, untextured pads are investigated, a uniform mesh 

is used, i.e. CVs have a uniform size and are evenly distributed over the entire pad 

area (Figure 4.5). For textured pads, a non-uniform mesh is used for enhanced 

computational performance and reduced discretization errors. 

In this case, the method ensures an alignment of CV boundaries with texture edges 

(discontinuities). For best computational performance, the developed numerical 

procedure allows to define different mesh densities for different pad areas: 

• The number of CVs inside each individual texture. 

• The number of CVs in-between adjacent textures. 

• The number of CVs for the untextured portions of the pad in circumferential 

and radial direction. 

Nodes are placed at the centre of each CV and denoted by 8 and 6 in circumferential 

and radial direction respectively. The total number of nodes in circumferential and 

radial direction are defined by 88 and 66 respectively. 

4.1.3 Gauss-Seidel method with successive relaxation 

The discrete systems given in equations (4.17) and (4.18) for the NUFVD and 

NUFVD+A methods and equations (4.29) and (4.30) for the MNUFVD method are 

solved iteratively, as required by the applied mass-conserving cavitation algorithm.  
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Figure 4.5 (a) Mesh for an untextured pad, (b) mesh for a textured pad and (c) mesh details 

around a single texture. 

In the present work, a Gauss-Seidel method is utilized to update nodal values for � 

and Θ, i.e. new approximations are computed iteratively based on previously 

calculated approximations. To improve stability and computational speed, a 

relaxation technique finds application, where at each iteration ?, nodal values for 

pressure and film content are approximated by: 

�;,ÄÇ = �;,ÄÇ−1 + o'(�;̃,ÄÇ − �;,ÄÇ−1) (4.33) 

Θ;,ÄÇ = Θ;,ÄÇ−1 + oΘ(Θ̃;,ÄÇ − Θ;,ÄÇ−1) (4.34) 

where �̃;,ÄÇ  and Θ̃;,ÄÇ  are the nodal values found with the standard Gauss-Seidel 

method. o' and oΘ are the relaxation parameters for pressure and film content 

respectively. For relaxation parameters 0 < o < 1 the procedure improves the 

numerical stability of the system and is called successive under-relaxation. For values 

of o > 1 the convergence speed is increased and the technique is called successive 

over-relaxation (SOR). The optimum relaxation parameter resulting in the fastest 

solution of the system depends on the size and stiffness of the discrete system itself 

and cannot easily be determined. In the present work, over-relaxation is used for 

pressure values and under-relaxation for fractional film content values. 
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4.1.4 Flow chart of the fluid solver 

The fluid solver is responsible for obtaining the distributions of pressure and 

fractional film content over the thrust pad for given mesh details, film thickness 

distribution and lubricant temperature. This key step within the overall solution 

procedure is illustrated in Figure 4.6 and explained in detail in the following 

paragraphs. 

 

Figure 4.6 Flow chart of the fluid solver. 

Once all mesh details, film thickness distribution and lubricant temperature are 

available, the fluid solver starts by preparing the discrete system with the NUFVD, 

NUFVD+A or MNUFVD method and calculating all coefficients required to solve 

equations (4.29) and (4.30) as given in Appendix A. As these factors remain constant 

during the solution procedure, they can be evaluated outside of the main iteration 
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loop. ? denotes the current iteration and is set to 1 before the main iteration loop 

starts. If any of the control volumes contains discontinuities and the MNUFVD 

method is applied, the Bernoulli coefficient (%¼ ) is required and the interface 

pressures and average velocities need to be calculated based on the results of the 

previous iteration, adding a nonlinearity to the system. This is done in a preceding 

loop that only runs over the control volumes actually having discontinuities to safe 

computation time. For the first iteration these calculations are based on the initial 

guesses for � and Θ. For consecutive iterations values from the previous iteration are 

used. 

After that, the loop over all internal nodes starts. This loop contains the mass-

conserving cavitation algorithm and solves for pressure and fractional film content 

simultaneously based on the method described in chapter 3.2.2. It is first checked, 

whether cavitation took place at the current node during the last iteration (for the 

first loop this refers to the initial guess). If cavitation took place, only Θ;,ÄÇ  is 

calculated using equation (4.30) and again, cavitation is checked. If cavitation occurs 

now, the pressure is set to ��Fw, if not, Θ;,ÄÇ  is set to 1. If cavitation did not take place 

during the previous iteration, �;,ÄÇ  is calculated using equation (4.29) and again 

cavitation is checked. If cavitation occurs now, the pressure is set to ��Fw and Θ;,ÄÇ  is 

evaluated, if not, Θ;,ÄÇ  is set equal 1. This procedure is repeated for every internal 

node in the computational domain. This algorithm correctly divides the solution 

domain in active (q+) and cavitated areas (q0), i.e. ensures a correct prediction of 

film rupture and reformation. 

Once all nodal values have been updated, the convergence of the solution is checked 

using the following criteria: 

c' = ∑ ∑ ∣�;,ÄÇ − �;,ÄÇ−1∣
∣�;,ÄÇ ∣

;;−1
;=2

ÄÄ−1
Ä=2

+ ∑ ∑ ∣Θ;,ÄÇ − Θ;,ÄÇ−1∣
∣Θ;,ÄÇ ∣

;;−1
;=2

ÄÄ−1
Ä=2

≤ �' (4.35) 

where c' is the sum of all nodal relative fractional residuals of both, pressure and 

film content and �' is a predefined tolerance value. In the current study, �' = 10−6 
unless otherwise stated. If convergence is reached, all results are stored and the fluid 

solver is terminated. If not, nodal values are updated as described above until 

convergence is reached or the maximum number of iterations is reached. If the 

maximum number of pressure iterations (?',NF!) is reached before c' ≤ �', the fluid 

solver returns an error and stops. 

The solution procedure for pressure and film content is computationally expensive. 

Also, the fluid solver is required numerous times during the overall solution 

procedure. Therefore, the solution of the Reynolds equation is performed directly in 

MATLAB only whenever the discrete system is linear. If the system is nonlinear, the 

computation is performed in a sub-routine that runs in C by using a C/MEX code 

as this was found to result in better performance. 
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4.2 Equilibrium solver 

As described in chapter 3.3, the problem of finding the pad’s equilibrium position 

can be formulated as a nonlinear system in three dimensions for point-pivoted pads 

and two dimensions for line-pivoted pads, in general: 

*(,) = ´ (4.36) 

The solution of this kind of problem is a key step in the simulation of tilting pad 

thrust bearings and other hydrodynamic bearings. In particular for textured bearings, 

a fast and robust solver for the equilibrium is crucial. Therefore, three nonlinear root-

finding methods are introduced in the following and compared in chapter 5.1.4 to 

find the most suitable one for the purpose of this study (detailed descriptions of the 

applied methods can be found in literature, e.g. references [232, 233]): 

• Newton-Raphson method 

• Broyden’s method with Sherman-Morrison Formula 

• Continuation method with fourth-order Runge-Kutta technique 

4.2.1 Newton-Raphson method 

The Newton-Raphson method (or short Newton’s method) is one of the most popular 

techniques to solve nonlinear root-finding problems and has been used extensively 

for the study of textured bearings (e.g. [16, 18, 220]). An initial approximation of the 

solution vector ,Ç=0 = (�#0, �G0, ℎ'0)  is updated iteratively by the following 

expression: 

,Ç+1 = ,Ç − s(,Ç)−1*(,Ç) (4.37) 

where s(,Ç)−1 is the inverse of the Jacobian matrix at ,Ç. To avoid the explicit 

evaluation of the inverse of the Jacobian, the linear system s(,Ç)ÏÇ = −*(,Ç) is 
first solved for ÏÇ. ,Ç+1 is then calculated as ,Ç+1 = ,Ç + ÏÇ. The required solution 

of the linear system s(,Ç)ÏÇ = −*(,Ç) at each iteration is obtained through the 

MATLAB function mldivide. 

The initial guess (,0) consists either of user-defined values or already improved 

values from other algorithms or results from previous simulations. The iterative 

procedure stops when either convergence is reached or a user-defined maximum 

number of Newton iterations ?<,NF! is reached. 
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4.2.2 Broyden’s method with Sherman-Morrison formula 

The major drawback of Newton’s method is the necessity to evaluate the Jacobian 

matrix at each iteration. Although the method has a quadratic convergence, the 

determination of the Jacobian at each iteration can result in high computation times. 

Broyden’s method is a Quasi-Newton method that only requires the computation of 

the Jacobian once. Although the convergence of this method is only superlinear, the 

computational effort during each iteration can be reduced significantly. 

The first improvement of an initial guess is obtained with Newton’s method, i.e. 

equation (4.37), requiring the determination of the Jacobian. For subsequent 

iterations, however, new solutions are found with the following expression: 

,Ç+1 = ,Ç − (�Ç)−1*(,Ç) (4.38) 

Note that the only difference to Newton’s method is the use of the inverse of �Ç 

instead of the inverse of the Jacobian. (�Ç)−1 is calculated based on a Secant method 

as follows: 

�Ç = �Ç−1 + ÏÇ − �Ç−1ÐÇ
‖ÐÇ‖22 (ÐÇ)  (4.39) 

with 

ÏÇ = *(,Ç) − *(,Ç−1) (4.40) 

ÐÇ = ,Ç − ,Ç−1 (4.41) 

The matrix inversion formula of Sherman and Morrison allows to efficiently calculate 

the inverse of �Ç directly from (�Ç−1)−1, while also avoiding the time-consuming 

solution of the linear system �ÇÐÇ+1 = −*(,Ç): 
�Ç = �Ç−1 (ÐÇ − (�Ç−1)−1ÏÇ)(ÐÇ) (�Ç−1)−1

(ÐÇ) (�Ç−1)−1ÏÇ  (4.42) 

The inverse of the Jacobian matrix during the first iteration (Newton’s method) is 

evaluated through the MATLAB function inv, where a LU decomposition is 

performed to obtain the inverse. 

4.2.3 Continuation method with fourth-order Runge-Kutta technique 

Another powerful tool for finding the equilibrium position, especially whenever a 

good first approximation is unavailable, is called continuation or homotopy method. 

The idea behind this method is to transform the problem *(,) = ´ into a collection 
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of problems by using a parameter Λ = [0,1]. This can be achieved by defining a 

convex homotopy /(Λ,,), which allows the connection of the functions /(0,,) and /(1,,) as follwos: 

/(Λ,,) = *(,) + (Λ − 1)*(,(0)) (4.43) 

Here, /(0,,) is a problem with known solution, corresponding to an initial film 

thickness guess ,(0) and /(1,,) is the original problem with unknown solution, 

corresponding to film thickness at equilibrium ,(1), where the set {,(Λ)|0 ≤ Λ ≤ 1} 
can be interpreted as an arc or curve parameterized by Λ. It is now possible to 

proceed from Λ = 0 to Λ = 1 in a finite number of steps (D). If the involved functions 

are differentiable, the Implicit Function Theorem allows to set up the following 

expression for ,′(Λ): 
,′(Λ) = −s(,(Λ))−1*(,(0)) (4.44) 

This system of ordinary differential equations can now be solved using standard 

methods to find the solution ,(1) of the original problem *(,) = ´, i.e. the 

equilibrium position of the pad. The method used in this work to solve the set of 

differential equations is the classic fourth-order Runge-Kutta method. Each step D  

requires the solution of four linear systems, which are solved by the MATLAB 

function mldivide. 

4.2.4 Computation of the Jacobian matrix 

Solving the nonlinear system given in equation (4.36) always involves the evaluation 

of all first-order partial derivatives of *  for a certain ,Ç. The matrix containing these 

derivatives is called Jacobian matrix and for point-pivoted pads takes the form: 

s(,Ç) =
⎣⎢
⎢⎢
⎢⎢
⎡�aU��# (,Ç) �aU��G (,Ç) �aU�ℎ' (,Ç)

�a9��# (,Ç) �a9��G (,Ç) �a9�ℎ' (,Ç)
�a���# (,Ç) �a���G (,Ç) �a��ℎ' (,Ç) ⎦⎥

⎥⎥
⎥⎥
⎤
 (4.45) 

As no analytical expressions are available to calculate the partial derivatives, finite 

difference formulae are utilized to determine the Jacobian matrix. For example, the 

first element of the matrix is approximated by the following perturbation: 

�aU��# (,Ç) ≈ aU(,Ç + ,ÇØ1. ) − aU(,Ç)�#.  (4.46) 

where Ø1 is a vector whose only nonzero entry is 1 in the �# direction and .  is a 
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used-defined offset factor (in the present work . = 0.01). All other elements of the 

Jacobian matrix are approximated accordingly. A single determination of the 

Jacobian matrix requires the complete evaluation of pressure and film content 

distributions for four different film thickness distributions and a subsequent 

computation of load carrying capacity and centre of pressure. As the elements of the 

Jacobian are independent from each other, a simultaneous evaluation on multiple 

processor cores is possible and utilized in the present model whenever free cores are 

available. 

Although good convergence behaviour is usually encountered, a particularly poor 

initial guess for the film thickness distribution may at times lead to numerical 

instability. Therefore, an original empirical damping procedure is used for the 

Newton-Raphson method and Broyden’s method, where the Jacobian is replaced by 

a damped Jacobian: 

s$FN'�$ = �$s (4.47) 

where �$ is a damping coefficient, which reduces the step size by artificially increasing 

the elements of the Jacobian and is defined as: 

�$ = �?2 + 1 (4.48) 

� is a factor that allows to control the damping intensity (Figure 4.7). 

 

Figure 4.7 Damping coefficient for different values of �. 

Several test simulations have shown that a damping intensity of � = 1.5 results in 

improved stability and computation time for most cases, therefore this value is used 

whenever damping is required, otherwise � = 0 and equation (4.47) reduces to the 

normal Jacobian matrix. 
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4.2.5 Flow chart of the equilibrium solver 

The proposed numerical procedure to find the pads equilibrium position is based on 

the idea of using Broyden’s method. Broyden’s method does not usually work as a 

standalone method, as the initial guess needs to be sufficiently close to the actual 

solution. Three ways to address this issue are proposed and implemented in the 

present model: 

• Newton’s method or the Continuation algorithm are performed for a limited 

number of iterations first. This is usually enough to obtain a sufficiently good 

solution to start Broyden’s method. 

• The equilibrium position is first found for an equivalent untextured pad. Due 

to the much coarser meshes required, this only takes a fraction of the time as 

compared to finding the equilibrium position for a textured pad. Although 

the introduction of surface textures obviously changes the equilibrium 

position, both solutions are usually close enough to use the untextured 

solution as first approximation for the textured solution. 

• The effective temperature is found iteratively, i.e. the equilibrium position 

needs to be updated a number of times (requiring a multiple execution of the 

equilibrium solver). Once the equilibrium position is found for the first 

temperature iteration, the results are usually good enough to be used as a 

first approximation for Broyden’s method for the next temperature iteration. 

The implemented procedure to find the pad’s equilibrium position is shown in Figure 

4.8. 

 

Figure 4.8 Flow chart of the equilibrium solver. 
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The procedure starts with a first guess for the solution (a user-defined initial guess 

for the film thickness distribution). This first guess is then updated by one of the 

pre-algorithms (Newton’s method or Continuation method), if necessary. If the 

solution already converges during the execution of the pre-algorithm, the results are 

stored and the procedure is terminated. If not, Broyden’s method is performed to 

further update the solution until convergence is reached. The following convergence 

criteria is used for the equilibrium solver: 

c� = |aU Ç|U0 + |a9Ç|9' + |a�Ç|�' ≤ �� (4.49) 

where �� is the tolerance value for the pad’s equilibrium position. A value of 10−4 is 
used in this work if not otherwise specified. For line-pivoted pads, the third term of 

equation (4.49) is omitted. 

Intermediate results are continuously stored and used as first approximations. Also, 

obtained pressure and film thickness distributions are stored and used as first guesses 

for the fluid solver if the film thickness distribution is similar. The proposed method 

is very robust and results in a very efficient solution of the problem. A comparative 

analysis of different solution strategies is performed in chapter 5.1.4. 

4.3 Temperature solver 

The thermal model is based on an iterative effective temperature or effective viscosity 

method, while additionally considering changes in the inlet temperature caused by 

the hot-oil-carry-over effect as discussed in chapter 3.4. Both these methods are 

iterative procedures and require a multiple determination of the bearing equilibrium. 

4.3.1 Flow chart of the temperature solver 

The implemented procedure is shown in Figure 4.9 and explained in the following. 

For the first iteration both effective temperature and inlet temperature are set equal 

to the supply oil temperature. Based on this information, an initial effective viscosity 

is determined according to equation (3.12) and the equilibrium solver is called to 

evaluate the frictional power loss as well as the lubricant flow rates into and out of 

the thrust pad. Following this, new values for effective temperature are computed as 

follows: 

O�))Ç+1 = O;<Ç + ?�=< µÇ
H;<Ç��'

 (4.50) 

The new inlet temperature is then calculated as: 
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O;<Ç+1 = O=" ÇH=" Ç + OW"'HW"' + O;#ÇH;#Ç
H=" Ç + HW"' + H;#Ç  (4.51) 

where it is assumed that O=" Ç = 2O�))Ç+1 − O;<Ç and O;#Ç = O�))Ç+1. Subsequently, 

the effective viscosity is updated and the procedure is repeated until thermal 

equilibrium or the maximum number of temperature iterations (? ,NF!) is reached. 

 

Figure 4.9 Flow chart of the temperature solver. 

The temperature convergence criteria used in this work is 

c = ∣O�))Ç − O�))Ç−1∣
O�))Ç ≤ �  (4.52) 

where a value of 10−5 is normally used for � . All intermediate results obtained during 

one temperature iteration (results of the equilibrium solver, different pressure and 

film thickness distributions) are stored and used as first approximations for the next 

temperature iteration to decrease computation time. 
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4.4 Optimization solver 

4.4.1 Interior-point method 

Finding optimum geometrical texture design parameters requires the solution of the 

constrained minimization problem given in equation (3.28). In the present work an 

interior-point algorithm (also called barrier method) is utilized to obtain this 

solution. The basic strategy is to transform the inequality constraints of the original 

problem by a logarithmic barrier function. The arising approximate problem is a 

sequence of equality constrained problems, which are easier to solve than the original 

problem. 

The optimization is performed in MATLAB with the function fmincon [234], using 

forward finite difference formulae to evaluate the gradients of the objective functions, 

where multiple processor cores are utilized if available. Start values of , =
(10 µm, 50%, 50%)  and a step tolerance of 10−8 are used. For more details on 

interior-point algorithms, the reader is referred to [235-237]. 

4.4.2 Flow chart of the optimization solver 

The optimization procedure is shown in Figure 4.10 and starts by evaluating the 

objective function .(,) as well as its gradient ∇.(,) by utilizing the fluid, 

equilibrium and temperature solvers. 

 

Figure 4.10 Flow chart of the optimization solver. 
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Note that a total of four complete bearing simulations is required to determine the 

gradient of the objective function as the texture design vector has three elements 

(, = (ℎ �! "#�, �, �) ). These four evaluation are performed on multiple threads if 

available to save computation time. The procedure stops when the first order 

optimality is equal to or smaller than the specified optimality tolerance (Ü= ≤ �0) or 

the computed step is smaller than the predefined step tolerance of 10−8. For all 

simulations, an optimality tolerance of �0 = 10−5 is used. 

4.5 Assembled model (TPT5) 

The present model TPT5 (Tilting Pad Texturing version 5) was developed in 

MATLAB and is capable of efficiently evaluating the performance of untextured and 

textured thrust bearings having tilting pads or fixed pads (friction torque, minimum 

film thickness, maximum temperature etc.). The model also allows to perform 

arbitrary parametric studies as well as texture optimization studies. The numerical 

details and implemented solution strategies are easily adaptable to study other 

textured or untextured hydrodynamic bearings, as the basic principles are the same. 

The model requires one input *.txt file, that contains a total of 89 parameters, 

including the bearing and texture geometry, lubricant properties, operating 

conditions as well as parameters to control the computation such as the mesh details, 

tolerance values for the different solvers and output preferences. An exemplary input 

file is given in Appendix B1 for reference. To facilitate post-processing, all results are 

saved in a single *.csv file. A typical output file for a parametric simulation can be 

found in Appendix B2. Appendix C contains an overview of all developed MATLAB 

scrips, functions and apps. 

4.5.1 Flow chart of the assembled model 

A simplified flow chart of the model is illustrated in Figure 4.11 and explained in 

detail in the following paragraphs. First, all input variables are imported from the 

input file into MATLAB. The names of the MATLAB workspace variables are 

created dynamically based on the names specified in the input file. Following this, 

the mesh is generated and the discrete system is prepared using the NUFVD, 

NUFVD+A or MNUFVD method. After this, the Reynolds equation is solved using 

the iterative Gauss-Seidel method with successive relaxation in combination with the 

mass-conserving cavitation algorithm until pressure convergence is reached (c' ≤ �'). 
The film thickness distribution, i.e. pitch, tilt and roll angles, are then updated using 

a combination of the Newton, Broyden and Continuation algorithms until the pads 

are in equilibrium (c� ≤ ��). The effective temperature method is subsequently 
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applied to update effective temperature, inlet temperature and effective lubricant 

viscosity until thermal equilibrium is reached (c ≤ � ). 

 

Figure 4.11 Flow chart of the assembled model (TPT5). 

This series of steps is initially executed for the equivalent untextured bearing, where 

a coarse and uniform mesh is used, and then repeated for the textured bearing using 
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all results from the untextured bearing. As discussed in chapter 5.1.4, this leads to a 

significant reduction in computation time. What follows is the computation of all 

bearing performance parameters, such as power loss, flow rates, coefficient of friction 

etc. If an optimization study is run, this procedure is performed multiple times to 

evaluate the specified objective function and its gradient to update the texture design 

until the optimality reaches a satisfactory value. This entire simulation – including 

the optimization – can be performed as a parametric study, e.g. for varying load and 

speed conditions, by simple specifying a parameter and corresponding range in the 

input file. Once all simulations are completed, all results are stored in a single *.csv 

file for easy post-processing. Export files containing detailed information about the 

pressure and film thickness distribution are stored optionally. 

4.6 Summary 

This chapter was concerned with the utilized numerical procedures to solve the 

mathematical model presented in chapter 3. 

The fluid solver is based on a non-uniform finite volume discretization (NUFVD) of 

the modified Reynolds equation (3.9). Two ways of improving this method in terms 

of accuracy and computational speed were developed for the purpose of this work: 

• A non-uniform finite volume discretization, where additional control volumes 

are placed closely around film discontinuities (NUFVD+A). 

• A modified non-uniform finite volume discretization, where film 

discontinuities are directly incorporated in the direct system (MNUFVD). 

To maximize the efficiency of the equilibrium solver, three root finding techniques 

are implemented: 

• A conventional Newton-Raphson method. 

• Broyden’s method with Sherman-Morrison formula. 

• A continuation method with fourth-order Runge-Kutta technique. 

The solver also allows the utilization of a combination of these methods. The 

discretization methods and root-finding methods are compared and selected in 

chapter 5. The thermal equilibrium is solved by applying an iterative effective 

temperature method, where the hot-oil-carry-over effect is incorporated. 

Furthermore, the developed model allows the optimization of texture patterns by 

using an interior-point algorithm and the simulation of arbitrary parametric studies.





 

87 

Chapter 5 

5Model Improvement and Validation 

This chapter is concerned with the improvement of the developed numerical 

framework described in the previous chapters in terms of computational speed and 

robustness. For this purpose, the three previously introduced discretization methods 

are compared: 

• A non-uniform finite volume discretization (NUFVD). 

• A version of this method, where additional nodes are placed around 

discontinuities (NUFVD+A). 

• A modification to this method, where discontinuities are directly incorporated 

in the discrete system (MNUFVD). 

Also, possible improvements by taking advantage of multiple processor cores are 

analysed and three equilibrium solvers (Newton-Raphson method, Broyden’s method 

and a continuation approach) as well as combinations of these methods are compared. 

To ensure a correct implementation and judge the accuracy of the computational 

results, three validation cases are presented at the end of this chapter: a spherical 

cap dimple, a journal bearing and a tilting pad thrust bearing. 

All simulations are performed on a desktop workstation with INTEL CORE i7-3770 

@ 3.40 GHz CPU and 16 GB of RAM. 
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5.1 Model improvement 

5.1.1 Considered bearing and operating conditions 

The bearing considered for the purpose of this chapter is a partially textured point-

pivoted tilting pad thrust bearing (Figure 5.1). 

 

 

Figure 5.1 (a) Pad details with coordinate system, (b) tilting pad thrust bearing geometry 

and (c) texture pattern with � = � = 70% and � �! "#� = 40%. 

A relatively simple texture design with 5 x 5 textures is used to introduce 

discontinuities in the film thickness distribution in order to keep the computation 

times low and facilitate comparing the different numerical methods. However, 

conclusions will still hold true for more complex texture designs as higher numbers 

of textures only scale the size of the encountered discrete system. The complete list 

of input parameters is given in Table 5.1. For thrust pad bearings it is common to 

use a specific applied load rather than an absolute applied load, which is defined as 

load per active thrust area and usually given in MPa. 

5.1.2 Comparison of discretization methods 

To compare the three discretization methods described in chapter 4.1.1 in terms of 

computational speed and accuracy, a mesh study is conducted. The model is run for 
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a given film thickness and effective temperature, i.e. only the fluid solver is utilized. 

The pre-defined film thickness and effective temperature are chosen to be 

approximately corresponding to a bearing operation at 1.0 MPa specific load. All 

input parameters are given in Table 5.2. 

Table 5.1 Bearing geometry and operating conditions. 

Description Symbol Quantity 

Bearing geometry   

Number of pads E'F$ 6 

Inner pad radius (mm) �; 57.15 

Outer pad radius (mm) �= 114.3 

Pad angle (°) 9'F$ 50 

Circumferential coordinate of pivot (°) 9' 30 

Radial coordinate of pivot (mm) �' 85.725 

Operating conditions   

Applied specific load (MPa) X0 0.5 – 2.0 

Rotational speed (rpm) o 1500 and 3000 

Lubricant  ISO VG 46 

Density (kg/m3) � 855 

Viscosity at 40°C (cSt) g40 42.646 

Viscosity at 100°C (cSt) g100 6.499 

Supply oil flow rate (l/min) HW"' 15 

Supply oil temperature (°C) OW"' 50 

Lubricant specific heat (J/kg/K) �' 2035 
 

Table 5.2 Input parameters for the mesh study. 

Description Symbol Quantity 

Film thickness at pivot position (µm) ℎ' 50 

Pitch angle (µrad) �# 400 

Roll angle (µrad) �G -185 

Rotational speed (rpm) o 3000 

Effective temperature (°C) O�))  70 

Texture depth (µm) ℎ �! "#� 15 

Texture extent in circumferential direction (%) � 70 

Texture extent in radial direction (%) � 70 

Texture density in circumferential direction (%) �G 63.25 

Texture density in radial direction (%) �# 63.25 

Inlet textured?  yes 

After running numerous simulations, it was found that the predicted load carrying 

capacity is the parameter most influenced by the mesh size. Therefore, this parameter 
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is used for the mesh study. The procedure used to compare the discretization methods 

is similar to the one used by Woloszynski et al. [210] and is briefly explained in the 

following. The Reynolds equation is solved for an initial coarse mesh and 

subsequently the corresponding load carrying capacity is evaluated. This is done for 

the NUFVD, NUFVD+A and MNUFVD method successively. The MNUFVD 

method is used without the consideration of concentrated inertia effects at 

discontinuities, i.e. %¼ = 0. The initial mesh consists of 2 CVs inside each texture, 

1 CV in-between adjacent textures, 4 CVs for the untextured pad area in 

circumferential direction and 2 CVs each for the untextured pad areas in radial 

direction; or in short notation: 2 / 1 / 4 / 2. This corresponds to a mesh with a total 

of 20 x 20 CVs, hence 400 degrees of freedom (DOF). The mesh is then iteratively 

refined using a global refinement factor of 1.25 and the calculations are repeated. 

This is done for a total of 17 meshes, resulting in a finest mesh with 458329 DOF 

(71 / 36 / 142 / 71). For every refinement, the consecutive error, i.e. the difference 

in predicted load carrying capacity between the current and previous mesh iteration, 

is evaluated. After all consecutive errors are known for all discretization methods and 

meshes, the predicted load carrying capacity of the method and mesh resulting in 

the smallest consecutive error is used as a reference value. This allows to evaluate 

the required DOF to reach a certain error with respect to the reference value for all 

three discretization methods and meshes. 

 

Figure 5.2 Load carrying capacity as predicted by the different discretization methods for 

different meshes. 

Figure 5.2 shows the predicted load carrying capacity for the different meshes and 

discretization methods. Results are plotted over DOF rather than a mesh index as 

additional CVs are added when using the NUFVD+A method. 



Chapter 5 Model Improvement and Validation  91 

 

A clear trend towards a common load carrying capacity of approximately 3885 N can 

be observed for all methods. For all meshes studied, the MNUFVD method showed 

the smallest consecutive errors, followed by the NUFVD+A method. Largest errors 

were obtained with the NUFVD method. Therefore, the reference value is determined 

by the MNUFVD method at the finest mesh (U#�) = 3884.95 N). The relative 

differences to the reference value can now be evaluated for all methods and meshes 

(Figure 5.3). 

 

Figure 5.3 Relative differences to the reference value for different discretization methods 

and meshes. 

It is evident that the MNUFVD exhibits superior performance, followed by the 

NUFVD+A method. Highest errors are obtained when using the NUFVD method. 

As the expected influence of surface texturing on the load carrying capacity usually 

lies in a single figure percent range, the DOF required to achieve errors of 1%, 0.5% 

and 0.1% are compared. Note however that the evaluated required DOF are 

approximations as the meshes are refined incrementally. The conventional NUFVD 

method requires 5700, 31862 and 458329 DOF to achieve errors of 1%, 0.5% and 

0.1% respectively. If additional nodes are placed around discontinuities 

(NUFVD+A), these errors can be achieved with much coarser meshes. Only 3364, 

4225 and 17956 DOF are required to achieve errors of 1%, 0.5% and 0.1% 

respectively, resulting in a considerably more efficient solution of the Reynolds 

equation. The lowest number of DOF is required by the MNUFVD method, where 

errors of 1%, 0.5% and 0.1% are achieved with 961, 1444 and 9120 DOF respectively. 

The pressure distribution obtained with the NUFVD+A method for 17956 DOF is 

shown in Figure 5.4 for example. 
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Figure 5.4 Predicted pressure distribution for the textured pad with the NUFVD+A method 

and 17956 DOF and predicted pressure distribution for the equivalent untextured pad as 

obtained with a uniform mesh of 51 x 51 CVs. 

For reference, the pressure distribution for the equivalent untextured pad is also 

plotted. It is evident that the texture pattern has a significant influence on the 

pressure development and is clearly reflected in the pressure distribution. Although 

closer to the pad inlet pressures are partially below the equivalent untextured pad, 

the maximum pressure is considerably increased from 1.88 MPa to about 2.39 MPa 

at the last texture row’s edge, resulting in a higher load carrying capacity and 

potentially superior bearing performance. Figure 5.5 shows the pressure distribution 

at the pad’s mean radius for the three discretization methods investigated. 

 

Figure 5.5 Pressure distribution at the mean radius as predicted by different discretization 

methods for mesh 5: 5 / 2 / 10 / 5. 

It can be seen that the NUFVD method highly overestimates the maximum pressure 
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and load carrying capacity due to the inaccurate approximation of the film at 

discontinuities. Placing additional nodes around the discontinuity lines results in a 

better representation of the real geometry and provides pressure values very close to 

the ones obtained with the MNUFVD method where additional pressure and film 

thickness values are considered directly on discontinuity lines without increasing the 

required DOF. 

To compare the discretization methods in terms of computational speed, the CPU 

time required to solve the Reynolds equation is also evaluated. Although the mesh 

preparation takes slightly longer for both the NUFVD+A and MNUFVD method, 

the influence is very small and therefore not considered. Hence, times required for 

the sole solution of the Reynolds equation are compared. Note that encountered 

computation times are relatively low for all methods due to the simplicity of the 

analysed texture pattern. Therefore, the more complex implementation of the 

NUFVD+A and MNUFVD methods may not be justified for the present example. 

However, when simulating more complex texture patterns or conducting 

parametric/optimization studies the application of these methods becomes necessary. 

As the computation time significantly depends on the relaxation parameter (o') and 

the optimum relaxation parameter (o',=' ) depends on the mesh details and 

discretization method used, simulations are performed with a fixed relaxation 

parameter of 1.98 as well as with the individually optimized relaxation parameter. 

The respective optimum relaxation parameters are iteratively found and optimized 

to three decimal places. Given computation times are arithmetic means of five 

consecutively run simulations. 

As shown in Figure 5.6, the conventional NUFVD method results in the highest 

computation times for all cases considered. Considerable improvements can be 

achieved by using the NUFVD+A method. For the case of non-optimized relaxation 

parameters, the computation is 1.7, 7.8 and 399 times faster as compared to the 

conventional NUFVD method to achieve errors of 1%, 0.5% and 0.1% respectively. 

When using optimized relaxation parameters, a speedup by a factor of 1.6, 12.3 and 

137 is possible for errors of 1%, 0.5% and 0.1% respectively. Notably lowest 

computation times are encountered when the MNUFVD method is used. The CPU 

time needed to solve the Reynolds equation is 5.6, 22.6 and 767 times lower as 

compared to the NUFVD method when a fixed relaxation parameter is used. For 

optimized relaxation parameters speedup values change to 10, 63 and 431. For all 

cases considered realizable improvements increase with an increase in DOF. 

For comparison, if concentrated inertia effects are considered in the MNUFVD 

method with i = 0 for the case of o' = o',=' , computation times increase from 0.014, 

0.024 and 0.264 to 0.388, 0.641 and 4.495 seconds to reach errors of 1%, 0.5% and 

0.1% respectively. These CPU times are required if the nonlinear discrete system is 

solved directly in MATLAB. Solving the same problem in C reduces those 



94  Chapter 5 Model Improvement and Validation 

 

computation times to 0.031, 0.055 and 0.625 seconds, being about 1 order of 

magnitude faster. However, this is only the case whenever the discrete system is 

nonlinear. 

 

Figure 5.6 CPU time required to solve the Reynolds equation for different discretization 

methods, desired errors and relaxation parameters. 

In conclusion, significant improvements in discretization error and computational 

speed can be achieved by treating discontinuities with the NUFVD+A or MNUFVD 

method. If a non-uniform discretization is already available, a modification to allow 

a placement of additional nodes as required by the NUFVD+A method is rather 

simple. Although superior, the MNUFVD method is more complex to implement and 

is limited to problems without cavitation. However, as mentioned above, cavitation 

does not usually occur for textured tilting pad thrust bearings. In fact, cavitation did 

not occur for any of the simulations presented in this chapter. If cavitation occurs 

for the majority of operating conditions (e.g. journal bearings or parallel slider 

bearings), the reader may be interested in the FBNS algorithm [179]. 

5.1.3 Parallel computation of the Jacobian matrix 

As most modern computers are equipped with multiple processor cores, the following 

section is devoted to evaluating the achievable advantages in terms of computational 

speed by parallelizing the computation of the Jacobian matrix. The elements of the 

Jacobian are independent from each other, hence a simultaneous evaluation is 

feasible. To study the impact of parallelization, simulations are run for the same 

bearing and texture design used previously, however, this time the film thickness is 
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not pre-determined. A conventional Newton-Raphson method is utilized to find the 

equilibrium. The model is run for an applied specific load of 1.0 MPa at 3000 rpm 

using only the MNUFVD method. A film with �# = 593 µrad, �G = −272 µrad and 

ℎ' = 72 µm is used as first approximation, which is a guess of average quality, being 

about 50% away from the actual solution. For these simulations no damping is 

applied for the Jacobian matrix. Furthermore, a constant relaxation parameter of 

1.98 is used and simulations are run for a given effective temperature of 70°C, hence 

only the fluid solver and equilibrium solver are utilized. 

For the aforementioned problem, a total of six Newton iterations are required to 

reach convergence. Hence, the Jacobian is evaluated six times, resulting in a total of 

24 solutions of the Reynolds equation. The time needed to evaluate the Jacobian is 

stored each time and averaged once all six Newton iterations are completed. This 

simulation is repeated 15 times and calculation times to determine the Jacobian are 

averaged once again, using only the ultimate ten simulations to exclude 

computational start-up effects. This procedure is conducted for 13 different meshes, 

ranging from 400 to 77841 DOF and repeated utilizing one thread, two threads, four 

threads and eight threads. In the latter case hyper-threading is enabled as only four 

physical cores are available on the present workstation. Speedup values are defined 

as the ratio of the execution time for the non-parallelized algorithm over the 

execution time for the parallelized algorithm and are shown in Figure 5.7. 

 

Figure 5.7 Mean speedup by parallelizing the computation of the Jacobian matrix. 

For all simulations performed, the achievable speedup increases with an increase in 

DOF up to approximately 104 DOF and then stabilizes to a relatively constant value. 

This is due to the CPU time required to divide the workload onto multiple threads, 
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which becomes less impactful for higher numbers of DOF as the evaluation of the 

Reynolds equation takes longer. A maximum speedup factor of about 1.9 is possible 

when two threads are utilized. When the workload is shared by four threads, a 

speedup by a factor of around 2.6 is realizable. Utilizing eight threads does not lead 

to further improvements, as only four solutions of the Reynolds equation are feasible 

to be parallelized. 

Total computation times required to run the whole simulation (i.e. all six Newton 

iterations and a consecutive calculation of bearing performance characteristics) are 

shown in Figure 5.8 for the three meshes required by the MNUFVD method to 

achieve discretization errors of 1%, 0.5% and 0.1%. 

 

Figure 5.8 Total CPU time to perform all 6 Newton iterations for different desired errors 

and numbers of threads using the MNUFVD method. 

The simulation takes longest when no parallelization is utilized. Evaluating the 

Jacobian on two cores simultaneously results in an overall speedup by a factor of 

1.37, 1.5 and 1.83 from coarsest mesh to finest respectively. The application of four 

threads further decreases computation times. In this case the computation runs 1.70, 

1.89 and 2.58 times faster. As explained above, using hyper-threading, i.e. using eight 

logical cores, does not result in further performance improvements. Although not 

discussed in detail, the parallel computation of the Jacobian will also be beneficial 

when using Broyden’s method. However, as this method only requires the evaluation 

of the Jacobian once, the overall speedup will not be as significant. The continuation 

method with fourth-order Runge-Kutta requires the determination of the Jacobian 

four times during each step, hence a parallelization is highly beneficial. 
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5.1.4 Comparison of solution strategies for the equilibrium solver 

The three root-finding methods for nonlinear systems introduced in chapter 4 for 

solving the equilibrium problem are compared in terms of computational speed and 

numerical stability. For simplicity, the following abbreviations are used from here on 

forth: N: Newton-Raphson method/ B: Broyden’s method with Sherman-Morrison 

formula/ C: continuation method with fourth-order Runge-Kutta technique. Also, 

combination of these methods are compared: C2(+B): continuation method with two 

steps and consecutive solution with Broyden’s method in case convergence is not 

reached by the continuation method alone/ N3+B: Newton’s method performed for 

three iterations and consecutive solution with Broyden’s method. As the numerical 

analysis of hydrodynamic bearings always involves the solution of a nonlinear 

problem similar to the one given in equation (3.21) or (4.36), the investigations below 

are also applicable to other types of textured or conventional bearings. 

Simulations are performed for the same bearing and texture design as above, 

operating at 3000 rpm and 1.0 MPa specific load. Discretization is performed using 

the MNUFVD method without considering concentrated inertia for 9120 DOF and 

the temperature is pre-defined and constant at O�)) = 70°C. 

5.1.4.1 Quality of initial guess unknown 

Firstly, cases are considered where the quality of the film thickness guess is unknown, 

which corresponds to an initial user-defined guess. Hence, no previous knowledge of 

the film thickness is available. Simulations are run with the available root-finding 

methods for three different qualities of the initial guess: A good initial guess 10% 

away from the actual solution, an average guess 50% away from the solution and a 

poor guess 100% away from the solution. For comparison, all simulations are repeated 

for the case of one computational thread and four threads with and without damping. 

Total computation times to find the equilibrium are shown in Figure 5.9 and more 

detailed in Table 5.3 and Table 5.4. 

As seen in Figure 5.9 (a), a particularly poorly chosen initial guess will not be 

sufficient for most methods to converge. The only method converging for this case is 

the C2(+B) method, requiring three additional Broyden iterations to converge, 

resulting in a total CPU time of 11.8 seconds. Note that this requires a total of 38 

solutions of the Reynolds equation: 32 times for the four required computations of 

the Jacobian matrix for each step of the continuation method, four times for the 

Jacobian matrix required for the first Broyden iteration and two more times for 

iterations two and three of Broyden’s method. For the guess of average quality, all 

but the N1+B method converge. In this case the fastest methods are the N, C1(+B) 

and N4+B method with computation times ranging from 6.4 seconds for the C1(+B) 
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Table 5.3 Total CPU time, required iterations and required solutions of the Reynolds 

equation (RE) for different equilibrium solver strategies for 4 threads. 

Method 4 threads 

Poor guess (+100%)  Average guess (+50%)  Good guess (+10%) 

CPU 

time 

Iterationsa RE 

solved 

 CPU 

time 

Iterationsa RE 

solved 

 CPU 

time 

Iterationsa RE 

solved 

Without 

damping 

N NC NC NC  6.9 6 24  3.11 3 12 

C1(+B) NC NC NC  6.38 2 21  6.6 2 21 

C2(+B) 11.78 3 38  11.42 2 37  8.79 0 32 

B NC NC NC  10.22 14 17  3.81 5 8 

N1+B NC NC NC  NC NC NC  3.25 2 9 

N2+B NC NC NC  10.47 11 22  4.16 2 13 

N3+B NC NC NC  8.08 6 21     

N4+B NC NC NC  6.5 2 21     

N5+B NC NC NC  7.62 2 25     

With 

damping 

(� =1.5) 

N 6.75 6 24  5.71 5 20  5.05 5 20 

C1(+B) NC NC NC  NC NC NC  6.77 2 21 

C2(+B) 18.98 14 49  17.09 11 46  8.76 0 32 

B 14.33 20 23  10.8 15 18  9.92 14 17 

N1+B 13.89 19 26  NC NC NC  5.88 6 13 

N2+B 13.33 16 27  11.55 13 24  5.99 5 16 

N3+B 8.77 7 22  6.58 4 19  6.04 3 18 

N4+B 7.18 3 22  6.31 2 21  6.11 2 21 

N5+B 7.81 2 25         

a For method N Newton iterations and for all other methods Broyden iterations. 

 

Figure 5.9 Total simulation times for different equilibrium solver strategies: (a) 4 threads 

without damping, (b) 1 thread without damping, (c) 4 threads with damping and (d) 1 thread 

with damping. 
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Table 5.4 Total CPU time, required iterations and required solutions of the Reynolds 

equation (RE) for different equilibrium solver strategies for 1 thread. 

Method 1 thread 

Poor guess (+100%)  Average guess (+50%)  Good guess (+10%) 

CPU 

time 

Iterationsa RE 

solved 

 CPU 

time 

Iterationsa RE 

solved 

 CPU 

time 

Iterationsa RE 

solved 

Without 

damping 

N NC NC NC  17.18 6 24  8.44 3 12 

C1(+B) NC NC NC  15.61 2 21  15.68 2 21 

C2(+B) 29.06 3 38  27.69 2 37  23.95 0 32 

B NC NC NC  11.94 14 17  5.68 5 8 

N1+B NC NC NC  NC NC NC  6.69 2 9 

N2+B NC NC NC  15.66 11 22  9.49 2 13 

N3+B NC NC NC  15.34 6 21     

N4+B NC NC NC  15.62 2 21     

N5+B NC NC NC  18.85 2 25     

With 

damping 

(� =1.5) 

N 16.88 6 24  13.55 5 20  13.22 5 20 

C1(+B)  NC NC   NC NC  15.7 2 21 

C2(+B) 35.53 14 49  33.8 11 46  24 0 32 

B 16.22 20 23  12.52 15 18  11.59 14 17 

N1+B 17.62 19 26   NC NC  9.35 6 13 

N2+B 18.85 16 27  16.69 13 24  11.34 5 16 

N3+B 15.89 7 22  13.7 4 19  12.85 3 18 

N4+B 16.04 3 22  14.93 2 21  14.68 2 21 

N5+B 18 2 25         

a For method N Newton iterations and for all other methods Broyden iterations. 

method to 6.9 seconds for the N method. If the guess is close enough to the actual 

solution, all methods run stable and provide converged solutions. This time the 

conventional Newton method is fastest, requiring only three iterations, i.e. a total of 

12 solutions of the Reynolds equation and resulting in a CPU time of 3.1 seconds. It 

is evident that the parallelization of the determination of the Jacobian matrix 

improves Newton’s method enough to overshadow the advantage of Broyden’s 

method. Broyden’s method converges on its own, requiring 5 iterations, i.e. only 8 

solutions of the Reynolds equation as compared to the 12 solutions Newton’s method 

requires. The fact that Newton’s method is faster anyway can be explained by the 

speedup achieved by multithreading the evaluation of the Jacobian. For the 

MNUFVD method with 9120 DOF, the speedup factor by parallelization is 

approximately 2.7. This means that four solutions of the Reynolds equation take 

effectively only just about as long as 1.5 serial solutions of the Reynolds equation. 

Although the first iteration of Broyden’s method also benefits from parallelization, 

Newton’s method is slightly faster than Broyden’s method nevertheless. 

This is not the case when no multithreading is utilized (Figure 5.9 (b)). Here, the 

advantage of Broyden’s method to only have to calculate the Jacobian once is more 

influential. This, for the case of a good quality guess, results in Broyden’s method 

being the fastest with 5.7 seconds CPU time, being about 1.5 times as fast as the 
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conventional Newton method. For the average guess, Broyden’s method is fastest 

again, being approximately 1.4 times as fast as Newton’s method. The slowest 

method is the C2(+B) method, which is 2.3 and 4.2 times slower than Broyden’s 

method for the average and good guess respectively. For the poor guess, no 

comparison is possible as none of the methods except C2(+B) converge. 

Results are different when the proposed damping procedure is applied (Figure 5.9 

(c)). Now, for the case of a poor initial guess, all methods but C1(+B) converge. 

Fastest method is the conventional Newton-Raphson method, requiring six iterations 

and resulting in 6.75 seconds total computation time. Although Broyden’s method 

usually demands a guess relatively close to the actual solution, the damping 

procedure results in a stable solution even for the poor initial guess. The computation 

time for this case is about twice as high as compared to the damped Newton method. 

For the average and good quality cases, the damped Newton method is fastest again. 

Longest computation times are generally encountered for the C2(+B) method and 

interestingly C1(+B) only converges for the good quality guess. 

When damping is applied and the Jacobian is evaluated in series, Broyden’s method 

is fastest for an average guess, being about 8% faster than Newton’s method (Figure 

5.9 (d)). For a good initial guess, N1+B is fastest with 9.4 seconds and for a poor 

initial guess N3+B with 15.9 seconds. Again, highest computation times are required 

by the C2(+B) method, being as high as 33.8 seconds for the case of a poor quality 

guess. A point that is not discussed in detail is the fact that required iterations to 

solve the Reynolds equation depend on the film geometry as well. However, the 

influence is insignificant and is therefore not considered in the present comparison. 

For example, the required iterations to solve the Reynolds equation are 918, 918, 921 

and 905 for the film geometry corresponding to the actual solution, the good quality 

guess, the average quality guess and the poor quality guess respectively. 

In conclusion, the advantages of Broyden’s method are generally overshadowed by 

the speedup achieved by parallelizing the evaluation of the Jacobian matrix. 

Therefore, a conventional Newton method is recommended whenever the quality of 

the first guess is unknown. If only one thread is available, the implementation of 

Broyden’s can result in considerable improvements in terms of computation times, 

although damping may be required for poor quality guesses to improve stability. As 

an alternative to damping, a continuation method with at least two steps seems to 

provide improved numerical stability although CPU times are increased and the 

implementation is more complex. 

5.1.4.2 Quality of initial guess known 

As discussed above, Broyden’s method performs best for initial guesses of good 



Chapter 5 Model Improvement and Validation  101 

 

quality. One way to be capable of assessing the quality of the initial approximation 

of the film thickness distribution and therefore efficiently applying Broyden’s 

method, is the use of results from a previous simulation of the equivalent untextured 

bearing. The idea behind this is to first run a complete bearing simulation for the 

equivalent untextured bearing and then use all obtained results as first 

approximations for the textured bearing. Although surface texturing alters the 

bearing equilibrium, changes are usually subtle. Hence, it can be assumed that results 

from the untextured bearing are good quality approximations for the textured 

bearing. The simulation of an untextured bearing is straightforward and can be done 

with relatively coarse and uniform meshes. Hence, only requiring a fraction of the 

time required to simulate a complexly textured bearing. 

To analyse possible improvements by this methodology, simulations are run for the 

same conditions as above, using an average quality guess for the textured bearing as 

well as the untextured bearing. For the untextured bearing, a coarse uniform mesh 

with 11 x 11 CVs is used. Three methods are compared: Running only the simulation 

for the textured bearing with Newton’s method (N), running the simulation first for 

the untextured bearing with Newton’s method and subsequently for the textured 

bearing with Newton’s method while using the results of the untextured bearing 

(UT+N) and running the simulation first for the untextured bearing with Newton’s 

method and subsequently for the textured bearing with Broyden’s method while 

using the results of the untextured bearing (UT+B). Computation times are given 

in Figure 5.10 (a) and in more detail in Table 5.5. 

 

Figure 5.10 Total CPU time for different equilibrium solver strategies for two cases: (a) 

temperature is pre-defined and (b) temperature is found with the iterative temperature solver. 

When four threads are utilized, the simulation with Newton’s method takes 6.4 

seconds. By using the UT+N method, the total computation time can be reduced to 

3.4 seconds if Newton’s method is used for both the untextured bearing and the 

textured one. Six iterations and 0.5 seconds are needed for the untextured bearing 

and 2.9 seconds and three iterations for the textured one. The initial guess for the 

textured bearing in this case is the solution of the untextured bearing, here: �# =
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380 µrad, �G = −173 µrad µrad and ℎ' = 46 µm. For the textured bearing this 

corresponds to a guess of very good quality, being on average about 4% away from 

the actual solution. If the textured bearing is solved with Broyden’s method only, 

the execution time further decreases to 2.9 seconds. In this case only three Broyden 

iterations are necessary. Hence, computation times can be decreased by factors of 

approximately 1.9 and 2.2 by the UT+N and UT+B methods respectively. If the 

simulations are run on one thread only, these factors increase to about 2.1 and 3.7. 

The non-parallelized simulation of the untextured bearing takes 0.25 seconds, being 

faster than the parallelized computation due to the communication overhead, which 

is notable for the small scale problem having just 11 x 11 CVs. Once again, achievable 

improvements are higher for the non-parallelized simulations. 

Table 5.5 Total CPU time and required iterations for different equilibrium solver strategies 

for a predefined temperature. 

Method 4 threads  1 thread 

 CPU 

time 

Iterationsa RE 

solved 

 CPU 

time 

Iterationsa RE 

solved 

N 6.36 6 24  17.09 6 24 

UT+N 3.39 3 12  8.21 3 12 

UT+B 2.93 3 6  4.56 3 6 
a For method N and UT+N Newton iterations, for method UT+B Broyden iterations. 

The quality of the film thickness guess can also be approximated during consecutive 

temperature iterations. New effective and inlet temperatures will change the 

equilibrium film thickness less and less with increasing temperature iterations. Hence, 

it can be assumed that the film thickness from a previous temperature iteration is a 

good quality guess for the next temperature iteration. To assess possible 

improvements, the complete model is now run including the temperature solver. An 

initial guess of 50°C is used for both inlet temperature and effective temperature. 

Used initial guesses for the film thickness are 50% away from the corresponding 

actual solution. Results are presented in Figure 5.10 (b) and Table 5.6. 

Table 5.6 Total CPU time and required iterations for different equilibrium solver strategies 

when applying the iterative temperature solver. 

Method 4 threads  1 thread 

 CPU 

time 

Iterationsa RE 

solved 

 CPU 

time 

Iterationsa RE 

solved 

N 22.9 6/4/4/3/2/2/2 92  61.2 6/4/4/3/2/2/2 92 

NT1+B 22.2 -/6/6/3/2/2/2 63  42.5 -/6/6/3/2/2/2 63 

UT+B 9.0 3/2/2/2 21  14.4 3/2/2/2 21 
a For method N Newton iterations, for methods NT1+B and UT+B Broyden iterations. 

If only Newton’s method is applied, seven temperature iterations are required to 
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reach thermal equilibrium. A total of 92 solutions of the Reynolds equation are 

necessary for this case and execution times are 22.9 and 61.2 seconds for four threads 

and one thread respectively. For the first temperature iteration, six Newton iterations 

are necessary to find the bearing equilibrium and for the remaining six temperature 

iterations 4, 4, 3, 2, 2 and 2 iterations. If Newton’s method is only applied for the 

first temperature iteration and for all remaining iterations Broyden’s method 

(NT1+B), computation times are reduced by factors of 1.03 and 1.4 to 22.2 and 42.5 

seconds for four threads and one thread respectively. For these cases, the equilibrium 

position corresponding to the first temperature iteration is solved with six Newton 

iterations, the following six temperature iterations with 6, 6, 3, 2, 2 and 2 Broyden 

iterations, resulting in a total of 63 solutions of the Reynolds equation. If effective 

temperature, inlet temperature and equilibrium position are first found for the 

equivalent untextured bearing, then used as first approximations for the textured 

bearing and all equilibrium positions of the textured bearing are found with 

Broyden’s method only (UT+B), computation times reduce further to 9 and 14.4 

seconds for four threads and one thread respectively, resulting in a speedup by factors 

of 2.6 and 4.3 as compared to the conventional approach. The simulation of the 

equivalent untextured bearing with 11 x 11 CVs requires seven temperature 

iterations to find thermal equilibrium, where only Newton’s method is applied. 

Computation times for the untextured bearing are 0.8 and 1.7 seconds for one thread 

and four respectively. Again, due to the communication time required, the 

computation is faster if only one thread is utilized. The improved guesses for inlet 

and effective temperature lower the required temperature iterations for the textured 

bearing from seven to four. 3, 2, 2 and 2 Broyden iterations are required for the 

UT+B method, resulting in a total of 21 solutions of the Reynolds equation. 

Using results from the equivalent untextured bearing may be interpreted as a special 

kind of multigrid method with the difference that textures are ignored and a coarse 

uniform mesh is used for the initial simulation. These results are then used as initial 

approximations for the textured case, where a fine, non-uniform mesh is used. The 

method is capable of reducing computation times for textured bearings significantly, 

especially when strategically combined with Broyden’s method. Although introduced 

here for tilting pad bearings, this method is readily adaptable for other kinds of 

textured contacts under hydrodynamic conditions. 

5.2 Validation cases 

To evaluate the correctness of the implemented code and accuracy of the developed 

model, results are compared to numerical data available in literature. Initially, the 

fluid solver is analysed by comparing predicted pressure values to numerical data 

from Qiu and Khonsari [67] for a simple single dimple geometry in the form of a 
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spherical cap. Subsequently, the correct implementation of the mass-conserving 

cavitation algorithm is investigated by running a simulation for a typical journal 

bearing and comparing the obtained pressure distribution with published data from 

Bartel [228]. 

Once the fluid solver is validated, simulations are performed for tilting pad thrust 

bearings to validate the equilibrium and temperature solvers. Results are compared 

to numerical data from Zouzoulas and Papadopoulos [18, 238]. 

5.2.1 Spherical cap 

The correctness of the numerical solution of the Reynolds equation is analysed. For 

this purpose, the developed model is run for a given film thickness and viscosity, 

while neglecting cavitation. The single dimple geometry in form of a spherical cap 

studied by Qiu and Khonsari [67] is chosen for comparison. An illustration of the 

considered geometry and input parameters are given in Figure 5.11 and Table 5.7. 

Table 5.7 Input parameters for the validation study on a spherical cap dimple. 

Description Symbol Quantity 

Viscosity (mPa.s) d 3.5 

Contact dimensions (µm) Y�, Z� 600 x 600 

Sliding speed (m/s) � 10 

Film thickness around texture (µm) ℎ0 4 

Dimple depth (µm) ℎ �! "#� 10 

Dimple radius (µm) @ 150 

Mesh size  101 x 101 

 

 

Figure 5.11 Geometrical details of the spherical cap dimple. 

The film thickness distribution can be defined by the following expression: 
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ℎ(�, [)
=

⎩{{
⎨{
{⎧ℎ0                                                                         for � ≥ @

√(@2 + ℎ �! "#�2
2ℎ �! "#� )2 − �2 − @2 + ℎ �! "#�2

2ℎ �! "#� + ℎ �! "#� + ℎ0   for � < @
 (5.1) 

with 

�(�, [) = √(� − Y�)2 − ([ − Z�)2 (5.2) 

where Y� and Z� are the contact dimensions in � and [ direction respectively. @ is 
the dimple radius, ℎ �! "#� the maximum texture depth and ℎ0 the film thickness 

around the texture. The pressure at the sides is fixed at 0.9 MPa. A uniform mesh 

with 101 x 101 nodes and the NUFVD method are used for this simulation. The 

predicted pressure distribution of the present model as well as reference [67] are 

shown in Figure 5.12. 

 

Figure 5.12 (a) Pressure distribution at y=300 µm as predicted by the present model and 

Qiu and Khonsari [67], (b) surface plot of the pressure distribution as predicted by the present 

model. 

The pressure distribution is point symmetric and has its maximum and minimum at 

the dimple’s edges. It is evident that the computed pressure distribution of the two 

models is nearly identical, confirming the correct implementation of the fluid solver. 

5.2.2 Journal bearing 

To validate the fluid solver including the mass-conserving cavitation algorithm, a 
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study is conducted for a journal bearing for a given eccentricity, i.e. only the fluid 

solver is run. The simulation is run for the journal bearing studied by Bartel [228]. 

The oil is predominantly supplied through an oil supply hole situated at the top of 

the bush. Only some oil is supplied through the bearing sides. A full list of the input 

parameters is given in Table 5.8. The film thickness is given by: 

ℎ(9) = �[1 + c cos(9)] (5.3) 

where � is the radial clearance, c the eccentricity ratio and 9 the circumferential 

coordinate. A relatively fine mesh of 360 nodes in circumferential direction and 71 

nodes in radial direction is used to accurately capture the oil supply hole. The results 

for the pressure and fractional film content distribution at the bearing mid-section 

are given in Figure 5.13 and show an excellent agreement. 

Table 5.8 Input parameters for the validation study on a journal bearing. 

Description Symbol Quantity 

Bearing diameter (mm) � 80 

Bearing width (mm) Z� 40 

Rotational speed (rpm) o 2960 

Diameter of the oil supply hole (mm)  5 

Position of the oil supply hole (deg)  0 

Supply pressure (MPa) �W"' 0.5 

Viscosity (mPa.s) d 24.8 

Pressure at the bearing sides (MPa) �W;$� 0.01 

Cavitation pressure (Pa) ��Fw 0 

Clearance (µm) � 59.2 

Eccentricity ratio c 0.685 

Attitude angle (deg) φ 39.5 

Mesh size  360 x 71 

As the correct prediction of the pressure values demands a correct prediction of the 

fractional film content values, the implemented mass-conserving cavitation algorithm 

works correctly as well. Detailed results of pressure and film content distributions 

are presented in Figure 5.14. It can clearly be seen that the increase in film thickness 

after the minimum film thickness results in a drop in pressure, causing the formation 

of cavitation. The cavitated area is then disturbed by the oil supply hole, where the 

fresh oil results in a film reformation. 
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Figure 5.13 Pressure distribution at the bearing mid-section as predicted by the present 

model and Bartel [228]. 

 

Figure 5.14 (a) Pressure distribution, (b) fractional film content distribution. 
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5.2.3 Tilting pad thrust bearing 

Simulations are performed for the tilting pad thrust bearing investigated through 

CFD by Zouzoulas and Papadopoulos [18]. Results are compared for the bearing 

performance characteristics considered most important, namely minimum film 

thickness, friction torque per pad, maximum temperature and maximum pressure. 

To evaluate the accuracy over a wide range of conditions, results are compared for 

eight different operating conditions (0.5, 1, 1.5 and 2.0 MPa at 1500 and 3000 rpm) 

and three different pad designs (untextured, pocket and circumferential grooves). 

All simulations are run with a universal initial film thickness guess of �# = 300 µrad, 

�G = −150 µrad and ℎ' = 35 µm to also assess the robustness of the present model. 

The initial guess for effective and inlet temperature is 50°C, and tolerance values of 

�' = 10−5, �� = 10−2 and � = 10−4 are used. Note that the quality of these guesses 

significantly depends on the operating conditions. A total of three simulations are 

run, i.e. one simulation per pad design, where the eight operating conditions are 

evaluated simultaneously on eight computational threads. For the untextured pad, a 

uniform mesh with 101 x 101 CVs is used and exclusively Newton’s method is applied 

for the first temperature iteration followed by Broyden’s method for the remaining 

temperature iterations. For the pocketed pad, the simulation is first run for the 

equivalent untextured pad with 11 x 11 CVs and then Newton’s method is applied 

for the first temperature iteration and Broyden’s method for the remaining 

temperature iterations. The mesh for the pocketed pad consists of a total of 109 x 89 

CVs. To simulate the grooved pad, again the equivalent untextured solution as 

obtained with 11 x 11 CVs is used, however, the textured pad is then simulated by 

applying a continuation method with two steps for the first temperature iteration, 

followed by Broyden’s method for the remaining temperature iterations. This is done 

because numerical instability is encountered when using Newton’s method only, due 

to the fluctuations in the quality of the initial guess. The mesh for the grooved pad 

consists of 109 x 98 CVs. The MNUFVD method is used for the both the pocketed 

and grooved pad. The relaxation parameter for pressure is set to 1.93 and 1.98 for 

the untextured pad and textured pads respectively. Results of the validation study 

are shown in Figure 5.15 in terms of the relative differences. 

Despite the use of a uniform initial guess, all performed simulations converged, 

demonstrating the robustness of the present model. The computation times were 

55.2, 115.5 and 193.8 seconds for the untextured, pocketed and grooved pad 

respectively. It is evident that the obtained results for maximum pressure and friction 

torque by both models are remarkably similar, showing a maximum difference of just 

3.3%. Generally, maximum pressure values are slightly overestimated by the present 

model, whereas predicted friction torque values are underestimated for the pocket 

design and evenly spread between -1.7% and 2.4% for the other two designs. Hence, 
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obtained differences for �NF! and O) are relatively independent of the operating 

conditions. Larger differences are encountered for the predicted minimum film 

thickness and maximum temperature. Minimum film thickness values are 

underestimated for most cases, being slightly overestimated only for the untextured 

and grooved pad operating at 0.5 MPa and 3000 rpm. The largest difference for ℎN;< 

is encountered for the untextured pad, being about -8.9% for an operation at 2.0 

MPa and 1500 rpm. The differences in ONF! show the most significant dependence 

on the operating conditions, ranging from -10.5% to 10.9% for the untextured pad. 

For the pocketed and grooved pad differences in ONF! range from -5.7% to 3.5%. 

 

Figure 5.15 Comparison of the results as predicted by the present model and CFD data 

from reference [18] for different pad designs and operating conditions. 

It is noteworthy that temperatures are generally overestimated for an operation at 

1500 rpm and underestimated for an operation at 3000 rpm. This is mainly due to 

the application of a constant convection parameter (?�=< = 75%), which 

overestimates convection at 1500 rpm and underestimates convection at 3000 rpm. 

It is evident that differences are more scattered for the untextured pad. This is 

related to the effective temperature method where a constant temperature is assumed 

over the entire pad area. This causes an underestimation of the tilt angles as local 

temperatures closer to the pad outlet are underestimated and local temperatures 

closer to the pad inlet overestimated. The higher the difference between inlet and 

outlet temperature, the higher the error in the predicted tilt angles. As these 

temperature differences are considerably smaller and less dependent on the operating 

condition for the pocketed and grooved pad, encountered differences between the 

present model and CFD are smaller and less scattered. In fact, it is likely that most 

differences are caused by the application of a simplified effective temperature method 
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rather than solving the energy and heat conduction equations. However, in particular 

the results for friction torque and maximum pressure are remarkably close to the 

much more time consuming CFD simulation. In fact, the CFD simulation took 

approximately 64 hours for each pad design according to the authors [18]. Hence, the 

present model is roughly three orders of magnitude faster than a comparable CFD 

study. Averaging the absolute values of all obtained differences into a single value 

yields 3%, which the authors deem sufficient for the purpose of texture design, 

especially considering the significant improvement in computational speed, which 

allows the numerical optimization of texture designs. 

5.3 Summary 

This chapter was concerned with the improvement of the developed model in terms 

of accuracy and computational speed as well as the validation of the developed codes. 

Three discretization methods are compared: a non-uniform finite volume 

discretization (NUFVD), a version of this method where additional nodes are placed 

around discontinuities (NUFVD+A) and a modification to this method where 

discontinuities are directly incorporated in the discrete Reynolds equation 

(MNUFVD). Also, possible performance improvements by taking advantage of 

multiple processor cores are analysed and three equilibrium solvers (Newton-

Raphson, Broyden’s method and continuation with fourth-order Runge-Kutta) and 

combinations of those are compared. The performance of the numerical tool is 

enhanced by using results from the equivalent untextured bearing and the accuracy 

of the model is validated by comparison with data available literature. The main 

conclusions from this chapter are: 

• A special treatment of discontinuities can substantially decrease the 

computation time required to solve the Reynolds equation by restricting 

discretization errors, where the MNUFVD method results in higher 

performance improvements than the NUFVD+A method. In general, the 

lower the desired discretization error and hence, the finer the mesh, the higher 

the achievable speedup by the NUFVD+A and MNUFVD methods. 

• Parallelizing the evaluation of the Jacobian matrix leads to considerable 

performance improvements, particularly for fine meshes. 

• Utilizing Broyden’s method instead of Newton’s method can be highly 

beneficial whenever the initial guess for the bearing equilibrium is sufficiently 

close to the actual solution. However, a parallel evaluation of the Jacobian 

matrix overshows this advantage in most cases. The algorithm with the best 

convergence behaviour is the continuation method with two steps. Newton’s 
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algorithm converges for most scenarios and is comparably fast. The proposed 

damping procedure highly improves Newton’s and Broyden’s method in terms 

of numerical stability. 

• Improving the initial film thickness guess by using results from the equivalent 

untextured bearing significantly reduces required CPU times, regardless of 

the equilibrium solvers utilized. In fact, the simulation of the untextured 

bearing and subsequent simulation of the textured bearing is much faster 

than the sole simulation of the textured bearing. 

The model is successfully validated by comparison with data available in literature 

for a simple, single texture geometry and a journal bearing. Also, the model is 

compared to a sophisticated CFD simulation of a tilting pad thrust bearing, where 

differences are smallest for predicted friction torque and maximum pressure values 

and highest for minimum film thickness and maximum temperature values. For the 

three texture configurations analysed, average errors are 5.3, 1.4, 3.6 and 1.7% for ℎN;<, O) , ONF! and �NF! respectively, while the present model is approximately 

three orders of magnitude faster than the CFD simulation. 
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Chapter 6 

6Texture Design Optimization 

This chapter is concerned with the mathematical optimization of texture patterns 

for a tilting pad thrust bearing with offset line pivot. Using the developed numerical 

model, texture depth (ℎ �! "#�), circumferential extent (�) and radial extent (�) are 

optimized to improve three bearing performance parameters: minimum film thickness 

(ℎN;<), friction torque (O)) and maximum temperature (ONF!). Simulations are run 

for various operating conditions and texture densities for the same bearing used for 

the experimental part of this work presented in chapter 7. An in-depth analysis 

regarding the dependency of optimum texturing parameters on the operating 

conditions and optimization objective as well as achievable performance 

improvements under hydrodynamic conditions are presented. Furthermore, texture 

design recommendations are given for a wide range of conditions. 

All simulations are performed on a desktop workstation with INTEL CORE i7-3770 

@ 3.40 GHz CPU and 16 GB of RAM. 

6.1 Considered bearing and operating conditions 

The bearing considered is a partially textured tilting pad thrust bearing with offset 

line pivots (Figure 6.1). 

Only partial texturing is considered as it is well known from literature that partial 

texturing outperforms full texturing for the case of parallel pad bearings. The pads 

have an inner radius of 30.25 mm, an outer radius of 70.25 mm and span an angle of 

46.05° with the pivot being located at 60% from the inlet. Although it is known from 

literature that a pocketed or grooved design may provide better performance for 

parallel and convergent contacts under hydrodynamic conditions, the chosen surface 
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pattern consists of 529 individual angular sector shaped textures with flat bottom 

profile arranged in a 23 x 23 grid. This design was chosen as individual textures may 

act as lubricant reservoirs or trap wear debris and therefore outperform pocketed 

pads under critical mixed lubrication conditions while still providing reasonable 

performance under hydrodynamic conditions, although these effects still lack 

experimental evidence. The first row of textures is elongated towards the inlet to 

promote lubricant supply [14] and only angular sector shaped textures are considered 

to most closely approximate a pocketed configuration as recommended in literature. 

The same pattern is also investigated in the experimental part of this work described 

in chapter 7. A complete list of input parameters is given in Table 6.1. 

 

Figure 6.1 (a) Pad details with coordinate system, (b) tilting pad thrust bearing geometry 

and (c) exemplary 23 x 23 texture pattern with � = 70%, � = 70%, ℎ �! "#� = 10 µm and � �! "#� = 40%. 

Tolerance values of �' = 10−6, �� = 10−4, � = 10−5 and �= = 10−5 are used. For 

discretization, the MNUFVD method is applied without considering concentrated 

inertia effects (%¼ = 0). This is justified by the low Reynolds numbers and high 

texture aspect ratios encountered. The Reynolds number is defined as J� =
��ℎN;</d and the texture aspect ratio as f = @/ℎ �! "#�, where @ is the arc length at 

the mid radius of the texture. J� varies over the pad area due to local changes in 

viscosity (caused by the local changes in temperature) and runner velocity. f varies 

with the radius, as the textures are defined by a constant angular span. Hence, 

multiple combinations of Reynolds numbers and texture aspect ratios are 

encountered for each simulation. For all performed simulations in this chapter, J� 
ranges from 1 to 36 and f from 8 to 104. Encountered combinations result in good 

agreement between the Reynolds and Navier-Stokes models with respect to the 
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predicted load carrying capacity. 

Table 6.1 Bearing geometry and operating conditions. 

Description Symbol Quantity 

Bearing geometry   

Number of pads E'F$ 3 

Inner pad radius (mm) �; 30.25 

Outer pad radius (mm) �= 70.25 

Pad angle (°) 9'F$ 46.05 

Circumferential coordinate of pivot (°) 9' 27.63 

Operating conditions   

Applied specific load (MPa) X0 0.5 – 2.0 

Rotational speed (rpm) o 1000 – 3000 

Lubricant  ISO VG 32 

Density (kg/m3) � 875 

Viscosity at 40°C (cSt) g40 32 

Viscosity at 100°C (cSt) g100 5.4 

Supply oil flow rate (l/min) HW"' 5.55 

Supply oil temperature (°C) OW"' 30 

Lubricant specific heat (J/kg/K) �' 2035 

6.2 Mesh study 

To ensure accurate results, a number of mesh studies are conducted for a reference 

case, where the bearing runs at 1000 rpm and a film thickness similar to the one 

encountered at an operation at a specific load of 1.0 MPa. A texture design with � =
70%, � = 70% and ℎ �! "#� = 15 µm is considered for this purpose. The mesh studies 

are based on the predicted load carrying capacity, as this was found to be the 

parameter most influenced by the mesh size based on numerous test simulations. 

Computations are performed for 10 meshes, ranging from 5476 to 288369 degrees of 

freedom for texture densities of 40%, 50% and 60%. The results are plotted in Figure 

6.2 in terms of the difference in predicted load carrying capacity with respect to the 

load carrying capacity computed with the finest mesh. 

It can be seen that, independent of the texture density, the mesh with 21316 degrees 

of freedom results in a deviation of less than 0.5%. Therefore, all simulations 

presented in this chapter are conducted with this mesh, consisting of 4 CVs inside 

individual textures, 2 CVs in-between adjacent textures and 8 CVs for the 

untextured pad area in circumferential direction and 4 CVs for the untextured pad 

areas in radial direction (Figure 6.3). 
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Figure 6.2 Results of the mesh study for texture densities of 40%, 50% and 60%. 

 

 

Figure 6.3 Computational mesh with 4 x 4 CVs inside individual textures, 2 x 2 CVs in-

between adjacent textures, 8 CVs for the untextured pad area in circumferential direction 

and 4 CVs each for the untextured pad areas in radial direction. 

6.3 Validation of the optimization procedure 

The accuracy of the applied numerical model in terms of ℎN;<, O) and ONF! is 

investigated in detail in chapter 5.2.3 by comparison with CFD results. It was shown 

that average deviations to CFD were 5.3, 1.4 and 3.6% with respect to minimum 

film thickness, friction toque and maximum temperature respectively. Therefore, only 
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the numerical implementation and convergence of the optimization procedure based 

on the interior-point algorithm is analysed here. For this purpose, an exhaustive 

parametric study is performed for a thrust pad with � �! "#� = 50% operating at 1000 

rpm and 1.0 MPa specific load. The objective functions are evaluated for a total of 

1573 texture designs parameterized as follows: 30% ≤ � ≤ 80% (step 5%), 30% ≤
� ≤ 90% (step 5%) and 5 µm ≤ ℎ �! "#� ≤ 30 µm (step 2.5 µm). The optimization is 

then performed for four different start values at the corners of the parameter space 

(Table 6.2). 

Table 6.2 Start values for the texture design. 

 ℎ �! "#� � � 

,W F# ,1 10 30 30 

,W F# ,2 10 80 90 

,W F# ,3 30 30 90 

,W F# ,4 30 80 30 

Figure 6.4 shows the parametric results in terms of the relative difference to the 

optimum value as well as the paths of the optimization algorithm, where iterations 

of the interior-point algorithm are indicated by black “x” markers and start and end 

values by black and yellow circles respectively. 

Based on the optimality tolerance, the interior-point algorithm converges for all 

cases, needing between 26 and 43 iterations. Furthermore, the prediction of the 

optimum texturing parameters is independent of the start value. Within the 

parameter space investigated, local minima (maxima) are also global minima 

(maxima), indicating a successful optimization. 

It is noticeable that the optimum texture design does, however, depend on the 

optimization objective. Whereas the optimum texture depth is fairly independent of 

the optimization objective (15.2 µm ≤ ℎ �! "#�,=' ≤ 17.5 µm), the optimum extents 

of the textured area show a significant dependence on the optimization objective; for 

the presented case: 41% ≤ α=' ≤ 72% and 68% ≤ β=' ≤ 86%. It is further 

observable that the area around the optimum texture design where the objective 

function value is only a few percent away from its optimum is different for the three 

optimization objectives. Whereas the minimum film thickness is very sensitive to a 

change in texturing parameters around the optimum, reasonably good friction and 

temperature characteristics can be achieved with a texture design that is a bit further 

away from the optimum. This means that, for the considered cases, the chosen 

texture design would most likely be based on the design resulting in the highest 

minimum film thickness. 
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Figure 6.4 Validation of the optimization algorithm for three optimization objectives: (a) 

minimum film thickness, (b) friction torque and (c) maximum temperature. 

6.4 Optimization results 

The texture design optimization is performed for a total of 12 operating conditions 

(1000, 2000, 3000 rpm at 0.5, 1.0, 1.5, 2.0 MPa), three optimization objectives (ℎN;<, O) , ONF!) and three texture densities (40, 50, 60%), resulting in a total of 108 

simulations. The lower and upper bounds of the optimization were set to ,�º =
(0 µm, 10 %, 10 %)  and ,"º = (75 µm, 95 %, 95 %)  and start values of , =
(10 µm, 50 %, 50 %)  were used. The step tolerance was set to 10−8 and the 

optimality tolerance to �0 = 10−5. The required computation time for each 

optimization was around 40 minutes. Note that a cubic spline interpolation is used 

to smoothen the graphs presented in the following. 
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6.4.1 Optimum texture depth 

Results of the optimization in terms of the optimum texture depth are shown in 

Figure 6.5. 

 

 

Figure 6.5 Optimum texture depth for different operating conditions and optimization 

objectives for a texture density of (a) 40%, (b) 50% and (c) 60%. 

The results show that the optimum texture depth depends on the applied load and 

speed, the optimization objective as well as the texture density, ranging from 9 to 47 

µm. A clear relation between the optimum texture depth and the operating condition 

is present for all 12 cases considered, where ℎ �! "#�,='  increases with an increase in 

speed and decreases with an increase in load, indicating a dependency of ℎ �! "#�,='  
on the minimum film thickness. The results further demonstrate that the optimum 

texture depth depends on the texture density, where a higher density entails deeper 

textures. The optimization objective does have an impact on the optimum texture 

depth as well. Whereas predicted values for ℎ �! "#�,='  are almost identical for the 

optimization of O) and ONF!, values are considerably higher when the bearing is 

optimized in terms of ℎN;< (on average about 11%). 

To further analyse the relation between the optimum texture depth and the 

minimum film thickness, results are plotted again in terms of the relative texture 

depth defined as 4 = ℎ �! "#�/ℎN;<, where ℎN;< is taken from the equivalent 

untextured bearing rather than the texture bearing to allow a selection of the texture 

depth based on easily available data from the conventional bearing (Figure 6.6). 
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Figure 6.6 Relative optimum texture depth for different operating conditions and 

optimization objectives for a texture density of (a) 40%, (b) 50% and (c) 60%. 

The optimum relative texture depth is almost independent of the rotational speed 

and only varies slightly with a change in applied specific load, where the optimum 

relative texture depth decreases with an increase in load when the pattern is 

optimized for ℎN;< and increases with an increase in load for the other objectives. 

However, as the changes are marginal and a texture depth deviating only slightly 

from the optimum will still result in almost optimal performance as presented in 

Figure 6.4, justify the simplification of the data by averaging over the 12 investigated 

operating conditions. This results in a recommended relative texture depth of 0.87, 

0.93 and 1.01 for densities of 40, 50 and 60% respectively if a high minimum film 

thickness is desired. To optimize the bearing in terms of friction and maximum 

temperature, the relative texture depth should be slightly lower at 0.8, 0.84 and 0.9 

for the three investigated densities. As a rule of thumb, a relative texture depth of 

just under 1 seems to be preferable. In fact, it is well known that a relative texture 

depth of approximately 1 results in best performance for partially textured fixed 

geometry parallel and near-parallel hydrodynamic contacts (see chapter 2). The 

found values for the relative texture depth confirm that this is also true for the case 

of pivoted pad bearings. Furthermore, slightly deeper textures seem be the better for 

increasing the minimum film thickness whereas lower texture depths are preferred 

for a reduction of friction and temperature. This was also concluded in the parametric 

CFD study for point-pivoted pads by Zouzoulas and Papadopoulos [18]. The high 

dependency of the optimum texture depth on bearing speed and specific load makes 

it clear that the texture depth has to be selected for the expected operating condition 

or will be a compromise for the expected range of conditions. 
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6.4.2 Optimum circumferential extend 

Results for the optimum extent of the textured region in circumferential direction 

are given in Figure 6.7. 

 

Figure 6.7 Optimum circumferential texture extent for different operating conditions and 

optimization objectives for a texture density of (a) 40%, (b) 50% and (c) 60%. 

It is notable that �='  is almost independent of the rotational speed as well as the 

texture density. However, values significantly depend on the optimization objective 

and specific load, ranging from 39 to 74%. �='  decreases with an increase in specific 

load when optimized for ℎN;<, starting at about 73% and ending at about 64%. The 

opposite is the case when � is optimized for O) , where values range from 50% to 

65%. Interestingly, �='  is independent of the specific load when optimized for 

minimizing the maximum temperature, allowing to recommend a single value of 41%. 

This can be explained by the high influence of the texture extent in circumferential 

direction on the centre of pressure and therefore the equilibrium of the pad in terms 

of the tilt angle. To minimize the maximum temperature, a high lubricant inflow is 

desired, which is achieved by increasing the film thickness at the pad inlet by 

increasing the convergence ratio or tilt angle. For the investigated bearing and pivot 

position, this is achieved by texturing about 41% of the pad. The presented results 

show that as a rule of thumb about 3/4 of the pad should be textured in 

circumferential direction for maximizing the minimum film thickness, just over half 

of the pad for minimizing friction and about 2/5 of the pad for minimizing the 

maximum temperature. 
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6.4.3 Optimum radial extend 

Regarding the optimum extent of the textured region in radial extent, values range 

from 56 to 91% (Figure 6.8). 

 

Figure 6.8 Optimum radial texture extent for different operating conditions and 

optimization objectives for a texture density of (a) 40%, (b) 50% and (c) 60%. 

�='  is mostly independent of the rotational speed and only shows a relevant 

dependency on the specific load when optimized in terms of the friction torque, where 

�='  gets smaller with an increase in load, ranging from 70 to 56%. It is also evident 

that a higher texture extent is required for higher texture densities, although 

differences are small. Similarly to the optimum extent in circumferential direction, 

the most influential parameter is the optimization objective. If optimized in terms of 

minimum film thickness, the radial extent should be between 66 and 72%. Much 

higher values are predicted when the bearing is optimized for minimizing the 

maximum temperature. In this case, �='  should be between 84 and 91%. The reason 

behind this is that the higher the texture extent in radial direction, the higher the 

lubricant inflow, which promotes cooling and results in lower temperatures. In fact, 

the lubricant inflow is increased by 9% on average with respect to the untextured 

bearing. The results show that as a rule of thumb, it can be concluded that a 

relatively high extent in radial direction of approximately 87% is recommended when 

the objective is a minimization of the maximum temperature. About 2/3 of the pad 

should be textured for optimum performance regarding the minimum film thickness 

and good frictional behaviour. 
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6.5 Discussion 

6.5.1 Performance of the untextured bearing 

To evaluate the influence of texturing on the bearing performance, the key 

characteristics of the conventional untextured bearing are evaluated. For these 

computations, a uniform mesh with 101 x 101 CVs is used. Results are presented in 

Figure 6.9. 

 

Figure 6.9 Performance of the untextured bearing: (a) minimum film thickness, (b) friction 

torque and (c) maximum temperature. 

As expected, the minimum film thickness increases with an increase in speed and 

decreases with an increase in applied load. Operating at a specific load of 2.0 MPa 

and a rotational speed of 1000 rpm, a minimum film of just under 12 µm is predicted. 

The highest value is predicted for an operation at 0.5 MPa and 3000 rpm (46 µm). 

Both friction torque and maximum temperature increase with an increase in applied 

load as well as rotational speed. For the considered bearing, values range from 0.39 

to 1.03 Nm and from 36 to 58°C for O) and ONF! respectively. 

6.5.2 Performance of the textured bearing 

The relative performance of the textured bearing with respect to the untextured 

bearing is evaluated for all 108 optimized texture patterns (Figure 6.10). 

It should be remembered that all considered texture patterns in this graph are 

optimized for either ℎN;<, O) or ONF!. Therefore, given results can be interpreted as 

highest achievable improvements through surface texturing. Note however that a 

significant degradation in bearing performance may occur if a particular surface 

design is used under operating conditions it was not designed for. For example, 

consider the design with 50% texture density optimized for maximizing ℎN;< at 0.5 

MPa and 3000 rpm (ℎ �! "#�,=' = 43 µm, �=' = 73%, �=' = 70%). As shown in 

Figure 6.10, this particular design increases ℎN;< by about 9% while not having a 



124  Chapter 6 Texture Design Optimization 

 

noteworthy influence on friction torque nor temperature. If this pattern was used at 

2.0 MPa specific load and 1000 rpm, the minimum film thickness would be decreased 

drastically by about 14%. Although the friction torque is not influenced much, the 

maximum temperature would also be increased by 18% with respect to the 

untextured bearing. This highlights the importance of a thorough texture design for 

a specific application. 

 

Figure 6.10 Performance change caused by texturing: (a) – (c) change in minimum film 

thickness, (d) – (f) change in friction torque and (g) – (i) change in maximum temperature. 

The results also show that the beneficial influence of texturing increases with an 

increase in texture density for all considered cases. However, this is expected, as it is 

known for other partially textured contacts that the density cannot be optimized as 

a higher density will always improve bearing performance (see chapter 2). Therefore, 

the beneficial impact of the considered texture designs could most likely be further 

enhanced by using higher texture densities. However, this was not done as the density 

is limited by stress concentration and mixed lubrication considerations. 

Interestingly, by far most of the investigated texture patterns improve all three of 

the considered performance characteristics, independent of the optimization 

objective, although highest improvements of a particular performance parameter are 

obviously always achieved by the pattern that was optimized for this parameter. 
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Exceptions to this are the patterns optimized to improve the minimum film thickness, 

which increase maximum temperature and friction for cases where the bearing 

operates at low specific loads. Whereas the achievable improvement of the minimum 

film thickness reaches values of up to 12%, possible enhancements in terms of friction 

torque and temperature are rather small, being only about 4 and 6% respectively, 

likely not justifying the application of surface textures under hydrodynamic 

conditions. 

It is also noteworthy that the convergence ratio of the pads in equilibrium is no 

longer determined solely by the pivot position, which is the case for conventional 

tilting pad thrust bearings. The high influence of the texture extent in circumferential 

direction on the centre of pressure also entails a dependency of the convergence ratio 

on the circumferential texture extent, as investigated also by Yagi and Sugimura 

[239]. Interestingly, the studied texture patterns always decrease the convergence 

ratio (Figure 6.11). 

 

Figure 6.11 Change in convergence ratio caused by texturing for different texture densities: 

(a) 40%, (b) 50% and (c) 60%. 

It can be seen that regarding the patterns optimized for ONF!, the convergence ratio 

is slightly decreased by approximately 4% independently from texture density and 

operating conditions. Slightly higher changes are encountered for the patterns 

optimized for O) , being decreased by about 6% for low load and speed and up to 18% 

for high load and speed. The most significant changes in convergence ratio are 

encountered when the texture pattern is optimized for ℎN;<. For a texture density 

of 40%, texturing causes the convergence ratio to drop by 14 to 26%, depending on 

the operating conditions. For texture densities of 50 and 60% the convergence ratio 

is decreased by 20 to 33% and 27 to 41% respectively. In summary, all optimized 

texture patterns cause the bearing to operate at lower convergence ratios, reaching 

values of up to 41%. 

The impact of texturing on the amount of lubricant entering the pads at the leading 

edge is also analysed (Figure 6.12). For nearly all configurations, more lubricant is 

entering the textured pads than the untextured pads, reaching differences of up to 

about 14%. Again, exceptions are the patterns optimized for ℎN;< operating at low 

loads, where less lubricant is entering the pads. It can also be noted that the higher 
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the texture density, the higher the amount of lubricant entering the pads. 

Understandably, the patterns optimized for minimizing ONF! require the highest 

amount of lubricant. 

 

Figure 6.12 Change in lubricant inflow caused by texturing for different texture densities: 

(a) 40%, (b) 50% and (c) 60%. 

With an exception to the designs optimized for ONF! and the designs optimized for O) at low loads, the maximum film thickness is decreased for all configurations 

(Figure 6.13). The highest decrease in maximum film thickness (up to 20%) is 

encountered for the patterns optimized to maximize ℎN;<. This is understandable, 

as the increase in minimum film thickness is primarily achieved by altering the 

bearing equilibrium in order to decrease the pitch angle and convergence ratio. 

Therefore, when ℎN;< is increased, ℎNF! is decreased as a result. 

 

Figure 6.13 Change in maximum film thickness caused by texturing for different texture 

densities: (a) 40%, (b) 50% and (c) 60%. 

To analyse the influence of texturing on the temperature distribution over the pads, 

Figure 6.14 shows the change in the maximum temperature increase, which is defined 

as ONF! − O;<, as well as the change in the effective lubricant temperature (the 

change in the inlet temperature O;< is insignificant and is therefore omitted). 

Analog to all previous result, the higher the texture density, the higher the impact 

of texturing. As compared to the untexterd pads, the textured pads that were 

optimized for ℎN;< result in higher temperature increases for most operating 

conditions, reaching values of up to 7%. All other configurations cause the 

temperature increase to be lower than the one encountered for the equivalent 

untextured pad. With regards to the effective temperature, results are similar. The 

designs optimized for ℎN;< cause an increase of up to 1% of the effective temperature, 
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while the all other configurations cause a decrease in the effective lubricant 

temperature. Unsurprisingly, the patterns optimized for ONF! have the highest 

impact on the effective temperature, decreasing it by up to 4%. 

 

Figure 6.14 Change in temperature increase (a) – (c) and effective temperature (d) – (f) 

caused by texturing for different texture densities. 

6.6 Summary 

This chapter presented the numerical optimization of surface textures for tilting pad 

thrust bearings in terms of texture depth, circumferential extent and radial extent 

for various operating conditions and optimization objectives (minimum film 

thickness, friction torque and maximum temperature). The developed numerical 

model was utilized in combination with an interior-point algorithm to perform a 

texture design optimization on a normal desktop computer within 40 minutes. 

The results show that the optimum texture depth depends significantly on the 

operating conditions and texture density but is mostly independent of the 

optimization goal. It is also found that the optimum texture depth should be just 

slightly smaller than the encountered minimum film thickness of the untextured 

bearing. The optimum texture extent in circumferential direction is largely 

independent of rotational speed and texture density but does depend on the specific 

bearing load and the optimization objective. Around 3/4 of the pad should be 

textured for high minimum film thickness values, just over half of the pad for low 

friction values and about 2/5 of the pad for low maximum temperatures. The 

optimum texture extent in radial direction only depends on the applied specific load 

and the optimization objective. A radial extent of 87% is recommended for low 
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maximum temperatures and approximately 2/3 of the pad should be textured for 

both high minimum film thickness and good friction characteristics. Three densities 

are investigated, where the highest density of 60% results in most significant 

performance improvements. Whereas minimum film thickness values can be 

improved by up to 12%, friction and temperature characteristics can only be 

improved marginally. 

Overall, the results highlight the importance of a proper texture design, which is only 

possible if the bearing application and predominant operating conditions are known. 

The developed numerical model allows a fast optimization and initial selection of 

texture designs. A final texture design may then be chosen based on additional CFD 

simulations or experimental studies. 
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Chapter 7 

7Experimental Work 

In order to further assess the accuracy of the developed model and also study the 

potential benefit of surface texturing under conditions close to the ones found in an 

industrial setting, experiments are carried out on a purposely developed bearing test 

rig. The test rig was designed by the industrial sponsor of this project, John Crane 

UK Ltd, and experiments were carried out by Dr Fabio Ricchiuto in their laboratories 

in Slough, UK. All other work (development of the test methodology, data 

preparation and analysis) was conducted by the author of this thesis. 

In this chapter, the utilized test rig and its instrumentation are introduced. Details 

of the testing procedures and the investigated tilting pad thrust bearing are given. 

Results are presented for various operating conditions, while comparing the 

conventional plain pads with the textured ones in terms of friction torque and pad 

temperature. The end of the chapter contains a detailed comparison of obtained 

experimental results with the developed mathematical model. 

7.1 Experimental setup 

7.1.1 Test rig 

All experimental data is obtained using the developed load controlled test rig for 

tilting pad thrust bearings shown in Figure 7.1. 

An electric motor with 45 kW provides enough energy to run the system with up to 

4500 rpm, using a flat belt for transmission. A pneumatic loading system is used to 

load the stationary test bearing against the runner with a maximum of 18 kN. The 

oil supply system is capable of controlling oil flow rate, pressure and temperature 



130  Chapter 7 Experimental Work 

 

and is used to supply the tilting pad bearing as well as the supporting rolling element 

bearings with lubricant. The test bearing is mounted in a test chamber, as shown in 

Figure 7.2. 

 

Figure 7.1 (a) Test rig with test cell, motor and oil supply system, (b) Test bearing mounted 

in the test cell, (c) data acquisition system. 

The tilting pad thrust bearing (9) is the same as the one analysed in the previous 

chapter, geometrical details can be found in Table 6.1. The bearing is equipped with 

three thrust pads (8) (material number: 1.0401), coated with a 1.5 mm bronze layer 

(material number: 2.1182) rather than the more commonly used white metal to avoid 

increased wear of the texture pattern. The bearing is run against the runner (7), 

which is mounted on the main shaft (1) by a clamping device (6). Two tapered roller 

bearings in back-to-back arrangement are used to bear the axial loads. A 33213 on 

the tilting pad bearing side (4) and a 33212 on the motor side (3). Two oil drop 

nozzles (5) supply the roller bearings with fresh oil, which is drained through two 

outlets outside the bearing pair and one drain in-between them (17) to avoid 

entrapment of lubricant. The roller bearings are sealed by two labyrinth seals (2). 
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The test bearing (9) sits in the bearing cage (10) and is directly lubricated through 

oil supply nozzles (16) situated at each pad’s inlet. The nozzles (16) are supplied 

with lubricant through the circumferential groove in the bearing housing, which is 

supplied through two tubes from the main oil inlet (11). The main oil outlet (15) 

drains the cell from lubricant. Compressed air is supplied at (13) to move the piston 

(12) and load the test bearing (9) against the runner (7). The left hand side of the 

test cell sits on linear bearings (14) to allow fast and easy access to the test bearing. 

 

Figure 7.2 Details of the test cell: (a) 3D view and (b) sectional view. 

7.1.2 Instrumentation 

To monitor the operating conditions and bearing performance characteristics, the 

test rig and particularly the test bearing are equipped with a variety of sensors. The 

shaft is equipped with a tachometer and a Rayleigh wave torque transducer to 

measure the rotational speed and frictional torque respectively. The pneumatic 

loading system includes a pressure sensor that provides the current air pressure. The 

main oil inlet is equipped with a flow meter to measure the oil supply flow rate. Also, 

type-K thermocouples are used to monitor oil inlet and outlet temperature as well as 

the temperature of the two roller bearings, where the temperature of the outer 

bearing rings are monitored. 

The bearing housing is equipped with an integral thrust measuring ring, where each 

pad is supported by a beam (Figure 7.3). Each of these beams is equipped with 

temperature compensated strain gauges at the back, which allow monitoring the load 
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each individual pad carries with an accuracy of 2% (patent pending “Constant Strain 

Beam CSB”: EP2475900B1 [240]). Specific loads of up to 5 MPa can be measured. 

 

Figure 7.3 Photograph of the test bearing with one pad removed. 

One of the pads is equipped with 10 type-K thermocouples as well as two ultrasonic 

sensors to approximate the temperature distribution and film thickness respectively 

(Figure 7.4). 

 

Figure 7.4 (a) Thrust pad with thermocouple and ultrasonic sensor positions, (b) photograph 

of a fully equipped pad. 

The thermocouples are inserted through 2 mm holes machined in the back of the pad 

and measure the temperature approximately 2.5 mm below the active pad surface. 

The relative positions of the thermocouples in circumferential direction and radial 

directions are given in Table 7.1. 
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Table 7.1 Relative thermocouple positions. 

Thermocouple Circumferential 

position (%) 

Radial position 

(%) 

T1 13 95 

T2 50 95 

T3 87 95 

T4 75 75 

T5 17 50 

T6 50 50 

T7 83 50 

T8 12 15 

T9 50 15 

T10 88 15 

One thermocouple (T4) is placed at the traditional 75/75 position to measure the 

maximum pad temperature. The CAD drawing of the modified thrust pads can be 

found in Appendix D.1. To measure the film thickness, two ultrasonic sensors are 

placed in machined pockets close to the pad inlet and outlet. Channels are machined 

in the back pad surface to guide all cables and avoid any disturbance of the pad’s 

tilt motions. The acoustic properties of the pad materials and the lubricant (ISO VG 

32) used for the acquisition software of the ultrasonic measuring system are given in 

Table 7.2.  

Table 7.2 Acoustic properties of the pad and lubricant used for the acquisition software of 

the ultrasonic measurement system. 

Description Symbol Quantity 

Specific acoustic impedance of the pad, 

C15 (Mrayl) 

\'F$ 46 

Specific acoustic impedance of the 

bronze coating, CuPb15Sn (Mrayl) 

\�=F ;<� 32.12 

Lubricant density (kg/m3) � 871 

Speed of sound in oil at 20°C (m/s) � 1461 

Temperature compensation (m/s/K)  -3.5 

 

As only the static bearing performance is investigated, a data acquisition rate of 1 Hz 

was used for all measurements. 

7.1.3 Bearing and texture geometry 

The test bearing is a standard-size tilting pad thrust bearing with offset line pivots 
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and is the same as the one investigated in chapter 6. Therefore, geometrical details 

and lubricant properties can be found in Table 6.1. The texture pattern for the 

experiments was designed before the optimization results presented in chapter 6 were 

available. For this reason, the texture design was based on the findings of the 

literature review only. The texture pattern used for the experiments is shown in 

Figure 7.5. 

 

Figure 7.5 (a) CAD model of the texture pattern and (b) photograph of the laser textured 

thrust pad. 

As only partial texturing is capable of reasonably improving the bearing performance, 

70% of the pad is textured in circumferential direction. The same extent was used 

for the radial direction. The first row of textures is elongated towards the inlet to 

increase the lubricant inflow as recommended in literature. The chosen texture 

pattern consists of 23 x 23 angular sector shaped textures at a density of 40%, 

resulting in an average texture size of approximately 770 x 770 µm. This texture 

density results in reasonably sized areas in-between textures, thus, limiting increased 

wear while still being capable of providing hydrodynamic lift. A texture density of 

100%, i.e. a pocket, would most likely result in better performance during 

hydrodynamic operation. However, although no clear experimental evidence is 

available, individual textures may be capable of trapping wear debris or acting as 

lubricant reservoirs and therefore increase bearing lifetime and decrease friction 

during critical mixed lubrication conditions. 

The most problematic parameter to choose is the texture depth, as its optimum value 

depends significantly on the encountered minimum film thickness. Therefore, 

calculations were carried out to approximate the expected minimum film thickness 

values for the load and speed range chosen for the experiments (0.5 – 1.5 MPa and 

1000 – 3000 rpm). Those values were then averaged and multiplied with the average 

recommended relative texture depth found in literature of 0.87. This results in a 

texture depth of approximately 15 µm. This value was chosen for the experiments. 

A CAD drawing of the texture design can be found in Appendix D.2, texturing 

parameters are given in Table 7.3. 
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The textures were manufactured by laser surface texturing (LST), where a pulsed 

high energy laser is used to remove material through ablation. An optical microscope 

(Alicona Infinite-Focus by Alicona Imaging GmbH Austria) was used to assess the 

quality of the produced textures. For this purpose, the topography of the four 

textures at the edges of the textured area was measured. A magnification of 10x was 

used and the vertical and lateral resolution was set to 100 nm and 2 µm respectively. 

The obtained topographies were averaged over the circumferential and radial 

direction, resulting in two two-dimensional height distributions. Figure 7.6 presents 

images of a texture and the derived 2-D height distributions for example. These 

distributions were then averaged again to get the average texture depth. All 

measurements were performed for two textured pads. As shown in Table 7.4, the 

depth of the manufactured textures lies within the specified tolerance of 15 ± 3 µm. 

Table 7.3 Texturing parameters for the experimental study. 

Description Symbol Quantity 

Texture depth (µm) ℎ �! "#� 15 

Relative texture extent in 

circumferential direction (%) 

α 70 

Relative texture extent in radial 

direction (%) 

� 70 

Inlet textured?  yes 

Texture density (%) � �! "#� 40 

Number of textured in circumferential 

direction 

EG 23 

Number of textured in radial direction E# 23 

 

 

Figure 7.6 Images of a texture and red shaded areas used to average the height data in (a) 

circumferential and (b) radial direction. 
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Table 7.4 Measurement results for the texture depth. 

Pad number Texture Average depth 

(µm) 

Pad average 

(µm) 

S10189760 upper left 16 15.3 

upper right 16 

lower left 14 

lower right 15 

S10189765 upper left 14 13.9 

upper right 14.5 

lower left 13 

lower right 14 

7.2 Test methodology 

The experiments are aimed at comparing the performance of conventional plain pads 

with textured pads under steady-state operating conditions as well as validating the 

developed mathematical model. For this purpose, experiments are conducted for 

various combinations of speed and load, where all tests are carried out for the 

conventional bearing and then repeated for the bearing equipped with the textured 

pads. 

 

Figure 7.7 Friction torque measurements for the textured pad at 1000 rpm. 

Each test is carried out for a constant rotational speed of either 1000, 2000 or 3000 

rpm, while the specific bearing load is increased incrementally from 0.5 to 1.0 MPa 
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and then from 1.0 to 1.5 MPa, i.e. 807.8 – 2423.4 N of load per pad. To ensure 

thermal equilibrium, each load is applied for a duration of 1 hour, i.e. each test lasts 

approximately 3 hours. Results of a typical test are shown in Figure 7.7 for the 

bearing with textured pads at 1000 rpm. The bearing is supplied with 5.55 l/min of 

ISO VG 32 mineral oil at a constant temperature of 30°C. The oil supply system is 

started and run for at least 10 minutes before the test to ensure identical conditions 

for each test. After increasing the rotational speed to the desired value, the bearing 

is run without any load for about 10 minutes before applying the first load step of 

0.5 MPa through the pneumatic loading system. To achieve the desired loading, the 

air pressure is increased until the sum of the strain gauge measurements of each pad 

is equal to the desired load. The alignment of the system is adjusted if necessary 

through screws at the test cell until each pad carries the same load with a tolerance 

of ±50 N. A clear reduction in torque is visible during the first hour, caused by the 

increase in temperature and corresponding decrease in viscosity. Subsequently, the 

load is increased to 1.0 MPa and again held constant for 1 hour. After an initial 

spike, the torque slowly decreases again during this hour due to the increasing 

temperature, although this effect is less pronounced as compared to 0.5 MPa. 

Thereafter, the load is set to the final value of 1.5 MPa and held constant for another 

hour. The load is then taken away completely and the motor is stopped. Each of the 

3 hour tests were conducted three times for each rotational speed to ensure a good 

repeatability of the results. 

Note that the oil supply temperature is regulated by the heater and cooler of the oil 

supply system. This causes a fluctuation of the oil supply temperature by 

approximately ±1°C (Figure 7.8). 

 

Figure 7.8 Fluctuations of the oil supply and oil drain temperature. 

This fluctuation is also visible in the measured drain temperature. In fact, as all 

bearing performance parameters depend significantly on the oil temperature, the 

encountered fluctuation is slightly visible in all measurements. For this reason, results 

presented in this chapter are all averaged over one oil cooling cycle, which is usually 

about 6 minutes long. 
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7.3 Experimental results 

Film thickness measurements are omitted from the following sections, as the utilized 

ultrasonic measurement system was a prototype and did not provide reliable film 

thickness measurements. The main issues were the temperature compensation of the 

readings as well as the repeatability of the measurements. Future work includes the 

optimization of the test rig by installing eddy current proximity probes at the centre 

of the test bearing, although no tilt angle measurements are possible this way. 

7.3.1 Friction torque 

Figure 7.9 presents the averaged values of the measured friction torque as a function 

of the applied load for different rotational speeds for the plain and textured bearing. 

 

Figure 7.9 Average values of the measured friction torque for the plain and textured bearing. 

Note that, due to the location of the torque transducer, the measured friction torque 

consists of the frictional torque caused by the tilting pad bearing as well as the 

friction torque caused by the two support bearings. Unfortunately, the test rig did 

not allow to measure the friction torque caused by the tilting pad bearing only. As 

expected, the higher the applied load and the higher the rotational speed, the higher 

the friction torque. The lowest measured friction torque is 3.01 Nm and encountered 

for the textured pads at 0.5 MPa and 1000 rpm. The highest torque is measured at 

1.5 MPa and 3000 rpm for the plain pads. For this case, a torque value of 4.97 Nm 

is measured on average. 

Although small differences in torque between the plain and textured pads are 

noticeable, the standard deviation of the results does not allow to draw conclusions 
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regarding the influence of texturing on the performance of the bearing in terms of 

friction torque. Numerical simulations predict a small reduction in friction torque, 

however, not reaching values above 1%. Even if the texture design was optimized for 

a friction reduction, possible performance improvements would be marginal for a 

texture density of 40% (Figure 6.10 (d)). Hence, no clear influence of texturing is 

observable in the measured friction torque values. 

7.3.2 Pad temperature 

To see whether texturing has an influence on the maximum pad temperature, the 

measured temperatures at the pad’s 75/75 position (T4) are plotted in Figure 7.10.  

 

Figure 7.10 Average values of the measured maximum temperature (T4) for the plain and 

textured bearing. 

Similarly to the friction torque values, the standard deviation is relatively high with 

regards to the changes in temperature caused by texturing. However, for rotational 

speeds of 2000 and 3000 rpm, it is observable that the textured pad exhibits lower 

temperatures at the 75/75 position, in particular at higher loads. To investigate this 

further, measured temperatures from the other 9 thermocouples are plotted in Figure 

7.11. The plots show the thermocouple measurements at different pad locations after 

1 hour of steady state operation for the investigated loads and speeds. The shown 

temperatures are averages of three experiments. As expected, temperatures are lower 

close to the pad’s inlet and higher close to the pad’s outlet. The higher the load and 

the speed, the higher the encountered temperatures. The temperature change along 

the radial direction is far less pronounced than the change in circumferential 

direction. For the experiments at 1000 rpm, the textured pad exhibits higher 

temperatures than the plain pad, although differences are insignificant. For rotational 

speeds of 2000 and 3000 rpm, the temperatures of the textured pad are slightly lower 
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than the temperatures of the plain pad, on average about 2°C at 2000 rpm and 4°C 

at 3000 rpm. This indicates that texturing is capable of decreasing the maximum 

pad temperature, although differences are small. 

 

Figure 7.11 Average values of the measured temperatures for the plain and textured bearing. 
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7.4 Comparison with numerical data 

7.4.1 Numerical simulation 

To compare the experimental data with predictions of the developed numerical 

model, a parametric simulation is run for the 9 load and speed combinations. A mesh 

with 101 x 101 control volumes is used for the plain pad and a mesh with 144 x 144 

control volumes for the textured pad (as shown in Figure 6.3), where the MNUFVD 

method is used for discretization. Tolerance values of �' = 10−6, �� = 10−4 and � =
10−5 are used. Newton’s algorithm is performed for the first temperature iteration, 

followed by Broyden’s method for the remaining temperature iterations. The total 

computation time for all 9 operating conditions including the plain and textured 

bearing was just under 6 minutes. 

7.4.2 Friction torque 

The numerically predicted friction torque is the friction torque caused solely by the 

tilting pad thrust bearing. The measured friction torque on the other hand includes 

the torque caused by the two tapered roller bearings. Therefore, further computations 

need to be carried out to estimate the friction torque caused by the two support 

roller bearings. These values are then added to the numerically predicted friction 

torque of the tilting pad bearing. The frictional torque of the support bearings is 

estimated by the SKF Bearing Calculator, which is available online [241]. In order 

to predict the friction torque of the support bearings, the temperature at the outer 

ring is required. These temperatures were therefore measured in each experiment 

through two additional thermocouples (Figure 7.12). 

As expected, the support bearing temperatures are higher for higher applied loads as 

well as higher rotational speeds. Due to the back-to-back arrangement, the 33213 

bearing (bearing side) carries all of the applied thrust load. Therefore, considerably 

higher temperatures are measured for this bearing. Also, most of the friction torque 

is caused by this bearing, due to the higher loading. Depending on the operating 

conditions, the friction torque caused by this bearing ranges from 1.45 to 1.98 Nm. 

As the 33212 bearing (motor side) only carries the radial load, which essentially is 

only the weight of the shaft assembly, measured temperatures are much lower. The 

calculated friction torque ranges from 0.15 to 0.21 Nm. 
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Figure 7.12 Average values of the measured outer ring temperatures of the support bearings 

for the plain and textured bearing. 

The total friction torque is calculated by adding the numerically obtained friction 

torque of the tilting pad bearing to the friction torque of the two roller bearings. For 

example, the composition of the total friction torque is shown in Figure 7.13 for the 

bearing equipped with the plain pads at an operation at 2000 rpm. 

 

Figure 7.13 Composition of the theoretically predicted friction torque for the plain pad at 

2000 rpm. 

Due to the light loading, only about 5% of the total friction torque is caused by the 

33212 roller bearing. The remaining torque is caused by the 33213 bearing and the 

tilting pad thrust bearing, where both bearings are responsible for an equal amount 

of friction. 

For comparison, the theoretically predicted total friction torque as well as the 

measured friction torque are plotted in Figure 7.14. 
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Figure 7.14 Friction torque as predicted by the theoretical model and the experiments. 

A good agreement is found between the theoretical and experimental values. The 

overall mean difference between the model and the experiments is 4.8% with a 

standard deviation of k = 3.2%. For an operation at 1000 rpm, the theoretically 

predicted torque is slightly lower than the measured torque for both the plain and 

the textured pads, on average about 8%. For the textured pads at 2000 rpm, the 

theoretical value is almost identical to the measured one, with an average deviation 

of just 1%. For the plain pads at 2000 rpm, higher deviations are encountered, where 

the theoretical value is between 1 and 6% higher than the measured one. For an 

operation at 3000 rpm, the standard deviation of the experimental values makes the 

comparison to theoretical values difficult, in particular for the plain pads. However, 

average values of the measured friction torque suggest a very good agreement with 

the theory. For the plain pads, differences are between -8% and 1%. For the textured 

pads, better agreement if found. The encountered differences for this case are between 

0 and 5%. 



144  Chapter 7 Experimental Work 

 

7.4.3 Pad temperature 

To investigate the accuracy of the numerical temperature model, predicted maximum 

temperatures are compared to the ones measured at the pad’s 75/75 position, i.e. T4. 

The maximum pad temperature is calculated by the empirical relation ONF! =
2O�)) − O;< and compared to the temperatures measured at the pad’s 75/75 position 

(T4), where the maximum temperature is expected. Results are shown in Figure 7.15 

for the plain and textured pads for the investigated operating conditions. 

 

Figure 7.15 Maximum pad temperature as predicted by the theoretical model and the 

experiments. 

A mean difference of 6% (k = 4.1%.) between theory and experiment is encountered, 

with a maximum difference of below 13%. Whereas temperatures are mostly 

overestimated for an operation at 1000 rpm, temperatures at higher speeds are 

generally underestimated for both the plain and the textured pads. It is likely that 

most differences are caused by the application of a simplified temperature model 

based on a constant convection parameter. Similarly to the comparison with CFD 
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results presented in chapter 5.2.3.2, convection is overestimated at low speeds and 

underestimated at high speeds. To investigate this further, all thermocouple 

measurements as well as the corresponding theoretical values are shown in Figure 

7.16 and Figure 7.17 for the plain and textured pads respectively. It should be noted 

that the theoretical values are lubricant temperatures whereas the experimental 

values are the pad temperatures at about 2.5 mm below the pad surface. The 

theoretical temperatures are computed based on a linear temperature increase, where 

at the inlet temperatures are equal to O;< (equation (3.27)) and at the outlet 

temperatures are equal to O=" = ONF! (equation (3.26)). 

It is evident that the temperatures close to the pad inlet are underestimated for the 

plain and textured pads for all 9 operating conditions. The most likely cause for this 

is the assumption that the temperature of the oil entering the contact through the 

oil supply nozzles remains at a constant 30°C. Although the oil supply temperature 

is controlled and kept constant at 30°C during the experiments, the oil temperature 

is measured close to the oil supply system. On the way through the pipes and the oil 

supply groove to the nozzles of the tilting pad bearing, the oil temperature rises due 

to conduction. This effect is not considered in the numerical calculation and most 

likely is responsible for the underestimation of the temperatures close the pad inlet. 

The temperature of surrounding bodies is higher for higher loads and rotational 

speeds, hence, this effect is more pronounced for high loads and speeds. 

If the oil supply temperature is artificially increased to consider this effect, the 

estimated temperatures are much closer to the measure ones (Figure 7.18 (a)). As 

mentioned above, another error is caused by the assumption of a constant convection 

parameter. At lower speeds and higher loads the amount of heat removed through 

convection is higher than the amount of heat removed through convection at higher 

speeds and lower loads. Better temperature estimates can thus be achieved by 

choosing a more appropriate convection parameter (Figure 7.18 (b)). 
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Figure 7.16 Temperatures of the plain pads as predicted by the theoretical model and the 

experiments. 
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Figure 7.17 Temperatures of the textured pads as predicted by the theoretical model and 

the experiments. 
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Figure 7.18 Influence of the actual supply temperature and the convection parameter on 

the predicted temperature distribution for (a) 1.0 MPa at 2000 rpm and (b) 1.5 MPa at 1000 

rpm. 

7.5 Summary 

The utilized thrust bearing test rig and its instrumentation were presented in this 

chapter. Experiments were conducted to study the influence of surface texturing on 

the performance of tilting pad thrust bearings in terms of friction torque and pad 

temperature distribution. Experiments were conducted for 9 operating points with 

loads between 0.5 and 1.5 MPa and speeds from 1000 to 3000 rpm for both a bearing 

equipped with conventional plain pads and a bearing equipped with textured pads. 

A texture design with a 23 x 23 individual pockets and a texture density of 40% was 

manufactured through laser surface texturing and used for the experiments. Obtained 

experimental results are compared to predictions of the numerical model. 

With regards to friction torque and temperature, no significant influence of surface 

texturing was found in the experiments. The numerically predicted change in these 

parameters does not exceed 1%, which was too small to be detectable experimentally 

due to the accuracy of the measurements. The theoretically predicted increase in the 

minimum film thickness by up to 7% could not be confirmed in the experiments due 

to issues with the ultrasonic measurement system. Good agreement is found between 

the experimental results and the numerical predictions. Averaging the absolute value 

of the relative difference between theory and experiment yields 4.8% with a standard 

deviation of k = 3.2% for the friction torque and 6.4% with k = 4.1% for the 

maximum pad temperature. To also validate the numerical predictions of the 

minimum film thickness and tilt angle of the pads, further experiments should be 

carried out in future work.
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8Conclusions and Future Work 

8.1 Conclusions 

The aim of this work was to facilitate the design of surface textures for hydrodynamic 

bearings. For this purpose, an in-depth literature review was conducted, analysing 

the current understandings on how textures can enhance the bearing performance, 

discussing recommended texture geometries and providing a comparative summary 

of currently available modelling techniques. An advanced numerical model was 

developed that utilizes special discretization schemes, adaptive meshes, multicore 

processing and a strategic combination of root-finding techniques to find the bearing 

equilibrium for improved computational speed and numerical stability. The model 

allows the investigation and optimization of surface patterns under various conditions 

within minutes. The model is successfully validated through comparison with data 

from literature. The model is applied to assess possible benefits of surface texturing 

for a typical tilting pad thrust bearing. Experiments are conducted to validate the 

numerical model and gain further insights into the influence of texturing on the 

performance of tilting pad thrust bearings. 

From the comprehensive literature review presented in this work, it can be concluded 

that: 

• Although surface texturing is capable of enhancing the performance of 

hydrodynamic bearings in terms of film thickness, friction, temperature and 

wear, it has become clear that, in most cases, textures need to be designed 

for a specific type of contact and operating conditions due to the large 

dependency of optimum texture geometries on the application and operating 

conditions. 

• Therefore, a successful application of surface texturing relies to a great degree 
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on fast and robust numerical models that allow an effective design of surface 

patterns for a given application and expected operating conditions. 

• Although crucial, the numerical simulation of textured contacts involves 

three major challenges: (i) the requirement of complex mass-conserving 

cavitation algorithms due to the possible occurrence of multiple cavitation 

zones, (ii) the large discretization errors caused by numerous discontinuities 

in the film thickness distribution and (iii) the large computation times caused 

by complex geometry and corresponding fine meshes. 

An advanced numerical model was developed specifically for the design of surface 

textures. To optimize the model in terms of accuracy and computational speed, 

numerical experiments were conducted. The following conclusions can be drawn from 

these analyses: 

• An explicit treatment of discontinuities through local mesh refinements or 

special discretization schemes can significantly decrease the computation time 

required to solve the Reynolds equation. The lower the desired discretization 

error and hence, the finer the mesh, the higher the achievable speedup. 

• Parallelizing the evaluation of the Jacobian matrix leads to considerable 

performance improvements, particularly for fine meshes. 

• Utilizing Broyden’s method instead of Newton’s method can be highly 

beneficial whenever the initial guess for the bearing equilibrium is sufficiently 

close to the actual solution. 

• Improving the initial film thickness guess by using results from the equivalent 

untextured bearing significantly reduces required computation times. In fact, 

the simulation of the untextured bearing and subsequent simulation of the 

textured bearing is much faster than the sole simulation of the textured 

bearing. 

• The interior-point algorithm can be used for the purpose of single-objective 

texture optimization studies. 

The model was applied to analyse and optimize texture patterns for a typical tilting 

pad thrust bearing. From these investigations, it can be concluded that: 

• Whereas minimum film thickness values can be improved by up to 12%, 

friction and temperature characteristics can only be improved marginally. 

• The optimum texture depth should be slightly smaller than the minimum 

film thickness encountered for the untextured bearing. 

• With respect to the optimum circumferential extent, around 3/4 of the pad 

should be textured for high minimum film thickness values, just over half of 
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the pad for low friction values and about 2/5 of the pad for low maximum 

temperatures 

• A radial extent of 87% is recommended for low maximum temperatures and 

approximately 2/3 of the pad should be textured for both high minimum film 

thickness and good friction characteristics. 

• The higher the density, the higher the impact of texturing on the performance 

of tilting pad bearings. 

Experiments were conducted on a bearing test rig to validate the predictions of the 

theoretical model and analyse the influence of texturing on the performance of tilting 

pad thrust bearings under hydrodynamic conditions. From these studies, it can be 

concluded that: 

• The developed model allows an accurate prediction of friction torque (mean 

deviation: 4.8%) and maximum temperature (mean deviation: 6%). 

• With regards to friction torque and temperature, the investigated texture 

pattern with a texture density of 40% does not result in considerable 

performance improvements, agreeing with the predictions of the numerical 

model. 

• The numerically predicted improvement of the minimum film thickness by 

up to 7% could not be confirmed experimentally due to issues with the 

ultrasonic measurement system. 

8.2 Future work 

Possible future work to further advance the knowledge in the field of surface 

texturing for hydrodynamic bearings and particularly tilting pad thrust bearings is 

summarized in the following. 

• Model improvement Although the model shows good agreement with data 

from literature and experimental results, the accuracy can be further 

improved, although at the cost of computational speed. E.g. by considering 

three-dimensional heat convection through solving the energy equation, 

utilizing the heat transfer equation to more accurately describe heat 

conduction in the pads and runner, considering thermal and elastic pad 

deformations or incorporating the effect of surface roughness. 

• Mixed lubrication conditions So far, the numerical and experimental 

studies were limited to purely hydrodynamic lubrication conditions. Surface 

texturing may provide enhanced performance during critical mixed 

lubrication conditions encountered during start-up and shut-down by storing 
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lubricant and reducing the contact area. 

• Film thickness measurements The utilized ultrasonic measurement 

system did not provide reliable film thickness measurements. For the purpose 

of validating the predictions of the mathematical model as well as 

experimentally studying the influence of texturing on the film thickness and 

tilt angle, other types of sensors might be viable. 

• Dynamic bearing characteristics Only static characteristics were 

investigated within the scope of this work. However, the dynamic properties, 

i.e. stiffness and damping, of tilting pad bearing are important. The influence 

of texturing on these characteristics should be investigated as well. 
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Appendix A: List of Coefficients for 

Reynolds Equation 

A.1 Coefficients for NUFVD and NUFVD+A methods 

�½ = �»Γ»
�»a9¼½  (A.1) 

�¾ = ��Γ�
��a9¼¾ (A.2) 

�h = �WΓW�W
a�¼h  (A.3) 

�¿ = �<Γ<�<
a�¼¿  (A.4) 

�¼ = �½ + �¾ + �h + �¿  (A.5) 

�Θ½ = 6o�»ℎ»�»�» (A.6) 

�Θ¼ = 6o��ℎ����� (A.7) 

A.2 Coefficients for MNUFVD method 

�W = &;,Ä» &;,Ä−1�
&;,Ä» + &;,Ä−1�  (A.8) 

&;,Ä» = �;,Ä» Γ;,Ä»
�;,Ä» a9;,Ä»¼  (A.9) 
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&;,Ä−1� = �;,Ä−1� Γ;,Ä−1�
�;,Ä−1� a9;,Ä−1�¼  (A.10) 

�E = − &;,Ä� &;,Ä+1»
&;,Ä� + &;,Ä+1»  (A.11) 

&;,Ä� = − �;,Ä� Γ;,Ä�
�;,Ä� a9;,Ä�¼  (A.12) 

&;,Ä+1» = −�;,Ä+1» Γ;,Ä+1»
�;,Ä+1» a9;,Ä+1»¼  (A.13) 

�S = &;,ÄW &;−1,Ä<
&;,ÄW + &;−1,Ä<  (A.14) 

&;,ÄW = �;,ÄW Γ;,ÄW �;,ÄW
a�;,ÄW¼  (A.15) 

&;−1,Ä< = �;−1,Ä< Γ;−1,Ä< �;−1,Ä<
a�;−1,Ä<¼  (A.16) 

�N = − &;,Ä< &;+1,ÄW
&;,Ä< + &;+1,ÄW  (A.17) 

&;,Ä< = −�;,Ä< Γ;,Ä< �;,Ä<
a�;,Ä<¼  (A.18) 

&;+1,ÄW = −�;+1,ÄW Γ;+1,ÄW �;+1,ÄW
a�;+1,ÄW¼  (A.19) 

�¼ = �½ + �¾ + �h + �¿  (A.20) 

�Θ½ = 6o�;,Ä» ℎ;,Ä» �;,Ä» �;,Ä» &;,Ä−1�
&;,Ä−1� + &;,Ä»  (A.21) 

�Θ¼ = −6o�;,Ä� ℎ;,Ä� �;,Ä� �;,Ä� &;,Ä+1»
&;,Ä+1» + &;,Ä�  (A.22) 

7¼ = 6o�;,Ä−1� �;,Ä−1� �;,Ä−1� ℎ;,Ä−1� &;,Ä»
&;,Ä» + &;,Ä−1� − 6o�;,Ä+1» �;,Ä+1» �;,Ä+1» ℎ;,Ä+1» &;,Ä�

&;,Ä� + &;,Ä+1»  (A.23) 

%¼ = �½ %» + �¾%� + �h%W + �¿%< (A.24) 
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Appendix B: INPUT and OUTPUT 

Files of TPT5 

B.1 INPUT file 

# Value Name Unit Description 

1 30 hpg µm Film thickness at pivot guess 

2 400 arg µrad Pitch angle guess 

3 0 athg µrad Roll angle guess 

4 0 ma 1 Michell approximation?(0=no,1=yes)-

default:0 

------------------------------------------------------------------------------------------------------------------------------------ 

5 3 npad 1 Number of pads 

6 30.25 ripad mm Pad inner radius 

7 70.25 ropad mm Pad outer radius 

8 1615.6 Apad mm^2 Pad area 

9 0 pivottype 1 Type of pivot (0=line pivot,1=point 

pivot,2=no pivot) 

10 0.6 pivot 1 Relative pivot position circumferentially 

11 0.5 rpivot 1 Relative pivot position radially 

------------------------------------------------------------------------------------------------------------------------------------ 

12 1615.6 W0 N Load per pad 

13 1000 rpm 1/min Rotational speed 

14 1.85 Qsup l/min Supply oil flow rate per pad 

15 32 eta40 cSt Viscosity at 40C in cSt 

16 5.4 eta100 cSt Viscosity at 100C in cSt 

17 875 rho kg/m^3 Lubricant density 

18 0.00001 pinlet Pa Inlet pressure-default:0.0001 

19 0.00001 patm Pa Atmospheric pressure-default:0.0001 

20 0.00001 pcav Pa Cavitation pressure-default:0.0001 

------------------------------------------------------------------------------------------------------------------------------------ 
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21 1 thermal 1 Consider thermal effects?(0=no,1=yes)-

default:1 

22 0 tlin 1 Effective or linear 

temperature?(0=effective,1=linear)-default:0 

23 1 hoco 1 Consider hot-oil-carry-over 

effect?(0=no,1=yes)-default:1 

24 30 Tsup degC Oil supply Temperature 

25 30 Teff degC Effective Temperature first guess or fixed 

value 

26 2035 cp J/(kgK) Specific heat capacity of lubricant 

27 0.75 k 1 Amount of heat removed through convection-

default:0.75 

------------------------------------------------------------------------------------------------------------------------------------ 

28 1 texturing 1 Calculate textured pad (0=no,1=yes,2=only 

textured pad)? 

29 15 htexture µm Texture depth 

30 0.7 alpha 1 Relative texture extend in circumferential 

direction 

31 0.7 beta 1 Relative texture extend in radial direction 

32 1 inlet 1 Is inlet textured?-default:1 

33 0.632455532 rhotextureth 1 Texture density in circumferential direction 

34 0.632455532 rhotexturer 1 Texture density in radial direction 

(rhotexture=rhotextureth*rhotexturer) 

35 23 nth 1 Number of textures in circumferential 

direction 

36 23 nr 1 Number of textures in radial direction 

37 0 tshape 1 Texture bottom profile 

(0=flat,1=diverging,2=converging)-default:0 

38 0 htc 1 Texture depth at last texture row (0=same as 

htexture)-default:0 

------------------------------------------------------------------------------------------------------------------------------------ 

39 100000 iterMAXp 1 Maximum number of iterations pressure 

iteration-default:100000 

40 50 iterMAXb 1 Maximum number of iterations Broyden s 

Method-default:50 

41 10 iterMAXt 1 Maximum number of iterations temperature 

iteration-default:10 

42 10 iterMAXn 1 Maximum number of iterations Newton s 

Method-default:10 

43 1 newtons 1 Perform Newton s Method instead of 

Continuation Algorithm 

(smooth)?(0=no,1=yes)-default:1 

44 0 contis 1 Continuation Algorithm (smooth)? 

(0=no,1=yes=N,2=yes=N etc.)-default:0 

45 1 newtont 1 Perform Newton s Method instead of 

Continuation Algorithm 

(textured)?(0=no,1=yes)-default:1 

46 0 contit 1 Continuation Algorithm (textured)? 

(0=no,1=yes=N,2=yes=N etc.)-default:0 

47 1 obafs 1 Only broyden after first temperature iteration 

(smooth)?(0=no,1=yes)-default:1 
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48 1 obaft 1 Only broyden after first temperature iteration 

(textured)?(0=no,1=yes)-default:1 

49 0 damping 1 Damping coefficient for Newton and Broyden 

Method-default:0 

50 0.001 ft 1 Offset factor for Jacobian Matrix-default:0.001 

51 1.5 wps 1 Relaxation parameter for pressure for smooth 

solution-default:1.5 

52 1.95 wpt 1 Relaxation parameter for pressure for textured 

solution-default:1.95 

53 0.8 wo 1 Relaxation parameter for fractional film 

content-default:0.8 

54 0.00001 ep 1 Permissible relative error pressure iteration-

default:.00001 

55 0.001 ee 1 Permissible relative error equilibrium 

iteration-default:.001 

56 0.0001 et 1 Permissible relative error temperature 

iteration-default:.0001 

57 2 cavalg 1 Cavitation algorithm 

(0=None,1=Reynolds,2=MassConserving) 

58 1 scheme 1 Normal discretization scheme or 

Arghir?(0=normal,1=Arghir)-default:1 

59 0 bernoulli 1 Consider bernulli equation at discontinuities?-

default:0 

60 0 xi 1 Pressure drop coefficient at discontinuities-

default:0 

61 0 fscmex 1 Run fluid solver for textured solution in 

MATLAB or C?(0=MATLAB,1=C)-default:0 

------------------------------------------------------------------------------------------------------------------------------------ 

62 101 cvths 1 Number of control volumes in circumferential 

direction for nontextured pad 

63 101 cvrs 1 Number of control volumes in radial direction 

for nontextured pad 

64 4 cvtht 1 Number of control volumes inside textures in 

circumferential direction 

65 4 cvrt 1 Number of control volumes inside textures in 

radial direction 

66 2 cvthbt 1 Number of control volumes between textures 

in circumferential direction 

67 2 cvrbt 1 Number of control volumes between textures 

in radial direction 

68 8 cvthut 1 Number of control volumes in untextured pad 

area in circumferential direction 

69 4 cvrut 1 Number of control volumes in untextured pad 

area in radial direction 

70 0 disc 1 Add additional points around all 

discontinuities?-default:0 

71 0.1 discf 1 Discontinuity factor -default:0.1 

------------------------------------------------------------------------------------------------------------------------------------ 

72 0 post 1 Save results? (0=no,1=Save main 

results,2=Save all results) 

73 1 figshow 1 Show Figures? (0=no,1=Show main 

figures,2=Show all figures) 

74 0 email 1 Send email with results?(0=no,1=yes) 



158  Appendix B: INPUT and OUTPUT Files of TPT5 

 

75 0 shutdown 1 Shut down computer after 

calculation?(0=no,1=yes) 

76 1 cmbo 1 Command box output?(0=no,1=yes) 

77 0 fixed 1 Fixed simulation ( 0=find equilibrium,1=dont 

find equilibrium)-default:0 

------------------------------------------------------------------------------------------------------------------------------------ 

78 0 complete 1 Run complete evaluation over range of 

operating conditions?-default:0 

79 807.8 W0start N Start for W0 

80 3231.2 W0end N End for W0 

81 403.9 W0step N Step for W0 

82 1000 rpmstart 1/min Start for rpm 

83 3000 rpmend 1/min End for rpm 

84 500 rpmstep 1/min Step for rpm 

------------------------------------------------------------------------------------------------------------------------------------ 

85 1 parametric 1 Run parametric study?-default:0 

86 29 vpar 1 Which parameter? 

87 0.00001 vparstart 1 Start value 

88 0.00002 vparend 1 End value 

89 0.000005 vparstep 1 Step 

B.2 OUTPUT file 

Given below is the output *.csv file for a parametric study with a total of three 

simulations corresponding to the input file above. 

Description Unit Simulation 1 Simulation 2 Simulation 3 

Start of Simulation 
 

15/5/2018 16.06 15/5/2018 16.06 15/5/2018 16.06 

Number of simulations 
 

3 3 3 

----------------------------------------------------------------------------------------------------------------------------------- 

### Input 
    

# Bearing Geometry 
    

Inner Radius mm 30.25 30.25 30.25 

Outer Radius mm 70.25 70.25 70.25 

Pad Angle ° 46.05326437 46.05326437 46.05326437 

Pad Angle rad 0.803781095 0.803781095 0.803781095 

Pad Length mm 40.39 40.39 40.39 

Pad Width mm 40 40 40 

Pad Area mm^2 1615.6 1615.6 1615.6 

Number of Pads 
 

3 3 3 

Total Thrust Area mm^2 4846.8 4846.8 4846.8 
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Type of pivot (0=line, 

1=spherical, 2=no 

pivot) 

 
0 0 0 

Relative Pivot 

Position from Inlet 

 
0.6 0.6 0.6 

Relative Pivot 

Position from Inner 

Radius 

 
0.5 0.5 0.5 

# Operating 

Conditions 

    

Load per Pad N 1615.6 1615.6 1615.6 

Shaft Speed rpm 1000 1000 1000 

Supply flow rate l/min 1.85 1.85 1.85 

Total Load N 4846.8 4846.8 4846.8 

Specific Load MPa 1 1 1 

Equivalent air 

pressure test rig 

Slough 

bar 4.917460189 4.917460189 4.917460189 

Mean Sliding Speed m/s 5.262167695 5.262167695 5.262167695 

Pressure at Pad Inlet Pa 1.00E-05 1.00E-05 1.00E-05 

Pressure at Pad Edges Pa 1.00E-05 1.00E-05 1.00E-05 

# Lubricant 

Properties 

    

Density kg/m^3 875 875 875 

Kinematic Viscosity at 

40°C 

cSt 32 32 32 

Kinematic Viscosity at 

100°C 

cSt 5.4 5.4 5.4 

Dynamic Viscosity at 

40°C 

Pas 0.028 0.028 0.028 

Dynamic Viscosity at 

100°C 

Pas 0.004725 0.004725 0.004725 

Supply Temperature °C 30 30 30 

Effective Temperature °C 30 30 30 

Percentage of heat 

evacuated by oil 

% 75 75 75 

Specific Heat Capacity J/kg/K 2035 2035 2035 

Cavitation Pressure Pa 1.00E-05 1.00E-05 1.00E-05 

# Texturing 

Parameters 

    

Texture Depth µm 10 15 20 

Relative Extend in 

circumferential 

direction 

% 70 70 70 

Relative Extend in 

radial direction 

% 70 70 70 

Is the pad Inlet 

textured? 

 
1 1 1 
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Texture Density in 

circumferential 

direction 

 
0.632455532 0.632455532 0.632455532 

Texture Density in 

radial direction 

 
0.632455532 0.632455532 0.632455532 

Texture Density 
 

0.4 0.4 0.4 

Texture Density 

(numeric) 

 
0.405053381 0.405053381 0.405053381 

Number of Textures 

in circumferential 

direction 

 
23 23 23 

Number of Textures 

in radial direction 

 
23 23 23 

Texture bottom 

profile (0=flat 

1=converging 

2=diverging) 

 
0 0 0 

Texture depth at last 

row (0=same as first 

row) 

 
0 0 0 

Total number of 

Textures 

 
529 529 529 

Texture size in radial 

direction 

mm 0.769945865 0.769945865 0.769945865 

Maximum Texture 

size in circumferential 

direction 

mm 0.984639057 0.984639057 0.984639057 

Minimum Texture size 

in circumferential 

direction 

mm 0.570266617 0.570266617 0.570266617 

Mean Texture size in 

circumferential 

direction 

mm 0.777452837 0.777452837 0.777452837 

Maximum Texture 

size 

mm^2 0.758118771 0.758118771 0.758118771 

Minimum Texture size mm^2 0.439074424 0.439074424 0.439074424 

Mean Texture size mm^2 0.598596597 0.598596597 0.598596597 

Maximum aspect ratio 
 

0.017535657 0.026303486 0.035071315 

Minimum aspect ratio 
 

0.010156006 0.015234009 0.020312012 

Mean aspect ratio 
 

0.012862517 0.019293775 0.025725033 

Relative Texture 

depth htex/hmin 

(hmin of textured 

bearing) 

 
0.505995359 0.753926982 1.00763754 

Relative Texture 

depth htex/hp (hp of 

textured bearing) 

 
0.321500249 0.484750691 0.651201757 

# Program Control 

Parameters 

    

Calculate Textured 

Bearing? 

 
1 1 1 

Find Equilibrium 

Position? 

 
1 1 1 
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Damping coefficient 

for Newton and 

Broyden Method 

 
0 0 0 

Perform Newton 

Algorithm for smooth 

solution? 

 
1 1 1 

Perform Continuation 

Algorithm for smooth 

solution? 

 
0 0 0 

Only broyden for 

temp iter for smooth 

solution? 

 
1 1 1 

Perform Newton 

Algorithm for textured 

solution? 

 
1 1 1 

Perform Continuation 

Algorithm for textured 

solution? 

 
0 0 0 

Only Broyden for 

temp iter for textured 

solution? 

 
1 1 1 

Find Effective 

Temperature? 

 
1 1 1 

Consider hot-oil-carry-

over effect? 

 
1 1 1 

Effective or linear 

temperature? 

(0=eff/1=linear) 

 
0 0 0 

Save Results? 
 

1 1 1 

Show Figures? 
 

1 1 1 

Send Email with 

Results? 

 
0 0 0 

Shutdown Computer 

after calculation? 

 
0 0 0 

Perform complete 

Bearing evaluation? 

 
0 0 0 

Load per Pad start N 807.8 807.8 807.8 

Load per Pad end N 3231.2 3231.2 3231.2 

Load per Pad 

increment 

N 403.9 403.9 403.9 

Shaft Speed start rpm 1000 1000 1000 

Shaft Speed end rpm 3000 3000 3000 

Shaft Speed increment rpm 500 500 500 

Perform parametric 

study? 

 
1 1 1 

Parameter to change 
 

29 29 29 

Start 
 

1.00E-05 1.00E-05 1.00E-05 

End 
 

2.00E-05 2.00E-05 2.00E-05 

Step 
 

5.00E-06 5.00E-06 5.00E-06 

# Calculation Control 

Parameters 

    



162  Appendix B: INPUT and OUTPUT Files of TPT5 

 

Michell film shape 

approximation? 

 
0 0 0 

Maximum Iterations 

for Pressure 

Calculation 

 
100000 100000 100000 

Maximum Iterations 

for Bryoden’s 

Algorithm 

 
50 50 50 

Maximum Iterations 

for Temperature 

Calculation 

 
10 10 10 

Maximum Iterations 

for Newton's 

Algorithm 

 
10 10 10 

Convergence criterion 

for Pressure 

Calculation 

 
1.00E-05 1.00E-05 1.00E-05 

Convergence criterion 

for Equilibrium 

Calculation 

 
0.001 0.001 0.001 

Convergence criterion 

for Temperature 

Calculation 

 
0.0001 0.0001 0.0001 

Relaxation parameter 

for Pressure (smooth) 

 
1.5 1.5 1.5 

Relaxation parameter 

for Pressure (textured) 

 
1.95 1.95 1.95 

Relaxation parameter 

for Fractional Film 

Content 

 
0.8 0.8 0.8 

Offset factor for 

Jacobian Matrices 

 
0.001 0.001 0.001 

Cavitation algorithm 

(0=None/ 

1=Reynolds/ 2=Mass-

conserving) 

 
2 2 2 

Discretization scheme 

used (0=Standard/ 

1=Arghir) 

 
1 1 1 

Consider Bernoulli 

equation at 

discontinuities? 

 
0 0 0 

Pressure drop 

coefficient at 

discontinuities 

 
0 0 0 

Run fluid solver in C 

or MATLAB 

(0=MATLAB/1=C) 

 
0 0 0 

Guess for Film 

Thickness at pivot 

location 

µm 30 30 30 

Guess for Pitch Angle µrad 400 400 400 

Guess for Roll Angle µrad 0 0 0 
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# Mesh Control 

Parameters 

    

CVs smooth Pad in 

circumferential 

direction 

 
101 101 101 

CVs for smooth Pad 

in radial direction 

 
101 101 101 

CVs inside textures in 

circumferential 

direction 

 
4 4 4 

CVs inside textures in 

radial direction 

 
4 4 4 

CVs between textures 

in circumferential 

direction 

 
2 2 2 

CVs between textures 

in radial direction 

 
2 2 2 

CVs for untextured 

pad area in 

circumferential 

direction 

 
8 8 8 

CVs for untextured 

pad area in radial 

direction 

 
4 4 4 

Additional numbers of 

CVs at all 

discontinuities? 

 
0 0 0 

Discontinuity factor 
 

0.1 0.1 0.1 

----------------------------------------------------------------------------------------------------------------------------------- 

### Results 
    

End of Simulation 
 

15/5/2018 16.8 15/5/2018 16.8 15/5/2018 16.8 

Total Calculation 

Time (For all 

Simulations) 

 
109.21sec/ 

1.82min/ 0.03h/ 

0d 

109.21sec/ 

1.82min/ 0.03h/ 

0d 

109.21sec/ 

1.82min/ 0.03h/ 

0d 

Everything converged 

(For all Simulations) 

 
1 1 1 

Number of Warnings 

(For all Simulations) 

 
0 0 0 

## Results current 

calculation 

    

Total Calculation 

Time 

 
86.26sec/ 1.44min/ 

0.02h/ 0d 

88.63sec/ 1.48min/ 

0.02h/ 0d 

102.36sec/ 

1.71min/ 0.03h/ 

0d 

Everything converged 
 

1 1 1 

Number of Warnings 
 

0 0 0 

----------------------------------------------------------------------------------------------------------------------------------- 

# Smooth Solution 
    

Calculation Time 
 

58.67sec/ 0.98min/ 

0.02h/ 0d 

58.1sec/ 0.97min/ 

0.02h/ 0d 

58.56sec/ 0.98min/ 

0.02h/ 0d 

Mesh Details 
 

103 x 103 = 10609 103 x 103 = 10609 103 x 103 = 10609 

Temperature 

iterations 

 
4 4 4 
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Temperatures °C [30 35.5 36.5 36.5] [30 35.5 36.5 36.5] [30 35.5 36.5 36.5] 

Iterations Newton's 

Algorithm 

 
3 3 3 

Iterations Broyden's 

Algorithm 

 
 0/3/2/1  0/3/2/1  0/3/2/1 

Times Reynolds 

Equation solved 

 
24 24 24 

----------------------------------------------------------------------------------------------------------------------------------- 

Pitch Angle µrad 597.3253922 597.3253922 597.3253922 

Roll Angle µrad 0 0 0 

Combined Angle µrad 597.3253922 597.3253922 597.3253922 

Film Thickness at 

Pivot location 

µm 31.90993512 31.90993512 31.90993512 

Maximum Reynolds 

number 

 
4.674746532 4.674746532 4.674746532 

Effective Lubricant 

Temperature 

°C 36.49130241 36.49130241 36.49130241 

Effective Lubricant 

Viscosity 

cSt 37.35852381 37.35852381 37.35852381 

Effective Lubricant 

Viscosity 

Pas 0.032688708 0.032688708 0.032688708 

Inlet Temperature °C 30.94184167 30.94184167 30.94184167 

Outlet Temperature °C 42.04076316 42.04076316 42.04076316 

Maximum Pad 

Temperature 

°C 42.04076316 42.04076316 42.04076316 

Minimum Film 

Thickness 

µm 18.64983149 18.64983149 18.64983149 

Mean Outlet Film 

Thickness 

µm 22.42494996 22.42494996 22.42494996 

Outlet Film Thickness 

at mean Radius 

µm 22.42494996 22.42494996 22.42494996 

Mean Inlet Film 

Thickness 

µm 45.83087804 45.83087804 45.83087804 

Inlet Film Thickness 

at mean Radius 

µm 45.83087804 45.83087804 45.83087804 

Maximum Film 

Thickness 

µm 51.37155184 51.37155184 51.37155184 

Film Thickness at 

ultrasonic sensor 1 

µm 46.77690522 46.77690522 46.77690522 

Film Thickness at 

ultrasonic sensor 2 

µm 23.05054732 23.05054732 23.05054732 

Mean Convergence 

Ratio 

 
1.078821815 1.078821815 1.078821815 

Convergence Ratio at 

mean Radius 

 
1.043744941 1.043744941 1.043744941 

Load Carrying 

Capacity 

N 1615.593812 1615.593812 1615.593812 

Relative Centre of 

Pressure 

(circumferential) 

 
0.599999937 0.599999937 0.599999937 

Relative Centre of 

Pressure (radial) 

 
0.552224422 0.552224422 0.552224422 
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Maximum Pressure MPa 2.378182526 2.378182526 2.378182526 

Minimum Pressure MPa 1.00E-11 1.00E-11 1.00E-11 

Mean Pressure MPa 0.99999617 0.99999617 0.99999617 

Coefficient of Friction 
 

0.005830493 0.005830493 0.005830493 

Friction Torque Pad Nm 0.520215435 0.520215435 0.520215435 

Friction Torque 

Bearing 

Nm 1.560646305 1.560646305 1.560646305 

Power loss Pad kW 0.054476833 0.054476833 0.054476833 

Power loss Bearing kW 0.163430499 0.163430499 0.163430499 

Lubricant Flow Pad 

(required) 

l/min 0.249089764 0.249089764 0.249089764 

Lubricant Flow 

Bearing (required) 

l/min 0.747269292 0.747269292 0.747269292 

Heat carried away by 

Lubricant 

kW 0.041023044 0.041023044 0.041023044 

----------------------------------------------------------------------------------------------------------------------------------- 

# Textured Solution 
    

Calculation Time 
 

27.58sec/ 0.46min/ 

0.01h/ 0d 

30.53sec/ 0.51min/ 

0.01h/ 0d 

43.79sec/ 0.73min/ 

0.01h/ 0d 

Mesh Details 
 

148 x 148 = 21904 148 x 148 = 21904 148 x 148 = 21904 

Temperature 

iterations 

 
1 1 2 

Temperatures °C 36.5 36.5 [36.5 36.6] 

Iterations Newton's 

Algorithm 

 
3 3 3 

Iterations Broyden's 

Algorithm 

 
0 0  0/1 

Times Reynolds 

Equation solved 

 
9 9 13 

----------------------------------------------------------------------------------------------------------------------------------- 

Pitch Angle µrad 510.8825448 497.6733561 489.3903929 

Roll Angle µrad 0 0 0 

Combined Angle µrad 510.8825448 497.6733561 489.3903929 

Film Thickness at 

Pivot location 

µm 31.10417499 30.94374133 30.71244784 

Maximum Reynolds 

number 

 
4.953778941 4.987066147 4.997975263 

Effective Lubricant 

Temperature 

°C 36.49130241 36.49130241 36.56138126 

Effective Lubricant 

Viscosity 

cSt 37.35852381 37.35852381 37.24024719 

Effective Lubricant 

Viscosity 

Pas 0.032688708 0.032688708 0.032585216 

Inlet Temperature °C 30.94184167 30.94184167 30.97243734 

Outlet Temperature °C 42.04076316 42.04076316 42.15032518 

Maximum Pad 

Temperature 

°C 42.04076316 42.04076316 42.15032518 

Minimum Film 

Thickness 

µm 19.76302712 19.89582593 19.848407 
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Mean Outlet Film 

Thickness 

µm 22.99182367 23.04113992 22.94137237 

Outlet Film Thickness 

at mean Radius 

µm 23.00736116 23.05627568 22.95625622 

Mean Inlet Film 

Thickness 

µm 49.22674401 51.86657226 54.55034863 

Inlet Film Thickness 

at mean Radius 

µm 52.98772369 57.52003345 62.09607143 

Maximum Film 

Thickness 

µm 56.25190713 60.69981938 65.22293501 

Film Thickness at 

ultrasonic sensor 1 

µm 43.86336192 43.3730315 42.93487272 

Film Thickness at 

ultrasonic sensor 2 

µm 23.24321766 23.28603397 23.18219055 

Mean Convergence 

Ratio 

 
0.884314852 0.859136538 0.848313757 

Convergence Ratio at 

mean Radius 

 
0.868433472 0.844184813 0.833751594 

Load Carrying 

Capacity 

N 1615.633015 1615.650717 1615.625711 

Relative Centre of 

Pressure 

(circumferential) 

 
0.600000152 0.600000162 0.600000144 

Relative Centre of 

Pressure (radial) 

 
0.550374109 0.550310936 0.550587037 

Maximum Pressure MPa 2.517289058 2.534387155 2.527453827 

Minimum Pressure MPa 1.00E-11 1.00E-11 1.00E-11 

Mean Pressure MPa 1.000020435 1.000031392 1.000015914 

Coefficient of Friction 
 

0.005794518 0.005790646 0.005797014 

Friction Torque Pad Nm 0.517278561 0.51696875 0.517539755 

Friction Torque 

Bearing 

Nm 1.551835684 1.550906249 1.552619265 

Power loss Pad kW 0.054169284 0.054136841 0.054196636 

Power loss Bearing kW 0.162507853 0.162410523 0.162589909 

Lubricant Flow Pad 

(required) 

l/min 0.245609293 0.245273336 0.243721168 

Lubricant Flow 

Bearing (required) 

l/min 0.736827879 0.735820007 0.731163504 

Heat carried away by 

Lubricant 

kW 0.040449839 0.040394509 0.040424459 

Did cavitation occur? 
 

no no no 

----------------------------------------------------------------------------------------------------------------------------------- 

# Smooth vs 

Textured 

    

Relative change in 

Pitch Angle 

% -14.47165122 -16.68304033 -18.06971555 

Relative change in 

Roll Angle 

% NaN NaN NaN 

Relative change in 

Film Thickness at 

Pivot Location 

% -2.525107407 -3.027877656 -3.752709859 
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Relative change in 

Effective Lubricant 

Temperature 

% 0 0 0.192042611 

Relative change in 

Effective Lubricant 

Viscosity 

% 0 0 -0.316598739 

Relative change in 

Max Pad Temperature 

% 0 0 0.260609033 

Relative change in 

Minimum Film 

Thickness 

% 5.968931317 6.680995707 6.426736433 

Relative change in 

Mean Outlet Film 

Thickness 

% 2.527870548 2.747787451 2.302892121 

Relative change in 

Mean Inlet Film 

Thickness 

% 7.409559038 13.16949288 19.02531865 

Relative change in 

Maximum Film 

Thickness 

% 9.50011264 18.15843051 26.96313947 

Relative change in 

Mean Convergence 

Ratio 

% -18.02957267 -20.36344407 -21.36664779 

Relative change in 

Maximum Pressure 

% 5.849279021 6.568235479 6.27669654 

Relative change in 

Mean Pressure 

% 0.002426538 0.003522204 0.001974427 

Relative change in 

Coefficient of Friction 

% -0.617012022 -0.683432577 -0.574209754 

Relative change in 

Friction Torque 

% -0.564549505 -0.624103988 -0.514340773 

Relative change in 

Power loss 

% -0.564549505 -0.624103988 -0.514340773 

Relative change in 

required Lubricant 

Flow 

% -1.397275815 -1.532149712 -2.155285696 
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Appendix C: List of MATLAB Files 

C.1 MATLAB scripts 

TPT5_RUN.m Main script to run all simulations except 

optimization studies. 

TPT5_Optimization.m Script to run optimization studies for one or more 

operating conditions using the interior-point 

algorithm. Optimization specific input parameters 

are specified directly in this script (e.g. 

optimization objective, ,�º, ,"º, ,W F# ). 
TPT5_meshstudy.m Shows the specified meshes for the untextured 

and the textured pad before running the 

simulation to facilitate choosing the meshing 

parameters. 

C.2 MATLAB functions 

TPT5_input.m Opens the input *.txt file and stores all input 

variables in a structure I. Variable names are 

automatically generated based on the 

specifications in the input file. 

TPT5_fixed.m Runs the fluid solver for a given film thickness 

distribution and effective temperature (only fluid 

solver is executed). 

TPT5_main.m Runs a complete simulation (fluid solver, 

equilibrium solver and temperature solver) for a 

given operating condition. For parametric studies 

specified in TPT5_RUN.m this function is called 

multiple times. 

TPT5_mesh.m Generates the mesh for the untextured or 

textured pad. 

TPT5_reynolds.m Prepares all coefficients necessary to solve the 

discrete Reynolds equation. 

TPT5_visc.m Computes the dynamic viscosity at a given 

temperature. 
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TPT5_solver.m Solves the discrete Reynolds equation using the 

Gauss-Seidel method with successive relaxation 

and the mass-conserving cavitation algorithm. 

TPT5_solver_mex.mexw64 Same as TPT5_solver.m but in C rather than 

MATLAB directly. 

TPT5_wcop.m Integrates the pressure distribution to obtain load 

carrying capacity, centre of pressure, friction 

torque, power loss etc. 

TPT5_newton.m Equilibrium solver using the Newton-Raphson 

method. 

TPT5_conti.m Equilibrium solver using the Continuation 

method with fourth-order Runge-Kutta 

technique. 

TPT5_broyden.m Equilibrium solver using Broyden’s method with 

Sherman-Morrison formula. 

TPT5_jacobian.m Evaluates the Jacobian matrix through a 

perturbation approach by calling the fluid solver 

multiple times. 

TPT5_post.m Performs all post-processing, i.e. generating and 

saving figures, preparing and saving output files 

on the hard drive. 

TPT5_sendolmail.m Sends an Email with the results of a simulation 

to a specified address. 

C.3 MATLAB apps 

TPT5_Realtime.mlapp Application with user interface to run simulations 

based on TPT5_fixed.m (Figure C.1). 

 

Figure C.1 Screenshot of TPT5_Realtime.mlapp. 
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D.1 Modified pad 
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D.2 Texture design for experiments 
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