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The investigation reported in this thesis is directed towards pro-

ducing a design method for a new configuration of gas lubricated 

bearing. 

A review of fluid film journal bearings indicates the possible 

usefulness of a bearing whose characteristics included high specific 

load capacity and stiffness, and a high stability threshold, whilst 

allowing for some degree of misalignment. An externally pressurized 

tilting pad bearing is suggested, which could fulfil these require-

ments. 

A theory is derived which permits the calculation of static per-

formance characteristics; together with data which enables the 

various modes of pad instability to be predicted. The parameters 

used in the design are discussed, and graphical data produced, which 

enables the film stiffness to be maximised in terms of the gas pressure 

ratio. 



The method incorporates existing empirical flow dispersion 

coefficients obtained from electrolytic tank experiments, which 

allow for the variation in gas film pressure obtained when applying 

line flow theory to a row of discrete feed holes. 

The test rig constructed to validate the theory for static 

performance is discussed, and the experimental results are pre-

sented. The test results for a single pad are used to predict 

the performance of a full journal bearing, which is compared with 

other aerostatic journal bearing designs. 
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1.0.0. Introduction^ 

The earliest recorded observation of hydrodynamic or self-

acting gas lubrication was by Hirn (1) in 1854. Kingsbury (2) 

carried out experiments with a hydrodynamic air journal bearing in 

1897, using a radial clearance of approximately .008", which is 

extremely large by present day standards. He also designed the 

first oil hydrodynamic pivoted pad thrust bearing in 1912, which 

showed no appreciable wear when inspected in 193 7 (3). 

One of the first successful commercial applications of the 

hydrodynamic pivoted pad oil journal bearing was by the Michell 

Bearing Co. Ltd. for supporting propeller shafts, using Michell's 

Patent of 1912 (4). 

The oil pressurization of 120° partial arc bearings for power 

generation plant using central recesses was recorded by Fuller (5) 

in 1947. 

The aerostatic (externally pressurized gas) operation of tilt-

ing pad journal bearings received no apparent attention until its 

advantages for purely jacking purposes were investigated by the 

Franklin Institute (6) and the U.K.A.E.A (7). 

As far as the author is aware, at the present time there does 

not exist an orifice fed tilting pad journal bearing which is purely 

aerostatic in operation, or even a method by which this apparently 

versatile type of bearing could be designed. 

1. 



1.1.0. Journal Bearing Classification. 

Fluid film journal bearings may be broadly classified into 

one of three categories 

i) Hydrodynamic (Self acting) 

ii) Hydrostatic (Externally pressurized) 

iii) Hybrid (Combined hydrodynamic and hydrostatic). 

An inherent weakness of the hydrodynamic type is its low 

specific load capacity, which usually amounts to only a few pounds 

load per unit of projected bearing area. This fact in conjunction 

with the requirement for relatively high surface speeds, if easily 

produceable radial clearances are to be used, seriously limits its 

field of application. 

The hydrostatic bearing on the other hand, is capable of 

greater specific load capacity and stiffness without the necessity 

for extremely fine machining; neither are its load capacity and 

stiffness dependent upon rotation. 

There are a large number of journal bearing designs capable 

of supporting radial loads in any direction, all of which fall into 

two basic classes: 

i) Sleeve or Complete Journal. 

ii) Partial arc. 
i<^L.vsT/i/)rss g/^s/c ryP'£s 

The partial arc type takes the form of a number of pads spaced 

around the shaft. These pads may consist of segments of a full 



sleeve, produced by introducing axial grooves in the sleeve, divid-

ing the bearing surface into separate sections; or individual pads 

each free to pivot about their own supports« Tig• i illustrates 

The segmental type is usually associated with oil hydrostatic 

lubrication; until fairly recently the tilting pad configuration 

with the self acting type using either oil or gas. The complete 

sleeve journal embraces all the classifications using either oil or 

gas as a lubricant. 

The choice between gas or oil as a lubricant must be decided 

by the importance attached to the basic requirements and the environ-

mental conditions. This is discussed by Pandey (8) for hydrostatic 

lubrication, with particular reference to grinding machine spindles. 

He arrived at the broad conclusion that for high speeds and low 

specific loading the aerostatic bearing has superiority, whilst the 

use of oil is preferable for higher stiffness and load capacities. 

A design method for both full sleeve and segmental hydrostatic 

oil bearings is suggested by Peeken (9), who compared his theory 

with experimental results obtained by Raimondi and Boyd (10). In 

both theory and experiment it was found that the full sleeve bearing 

yielded the highest values of load capacity and stiffness together 

with lower lubricant consumption. This result may be applied 

directly when gas is used as the lubricant, if the pressure profiles 
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in the various sectors of the pad are similar. 

It might be concluded that the advantage of the segmental 

type is solely due to the relative simplicity of the analysis. 

Fantall (11) has compared the tilting pad and full sleeve bearing 

designs for hydrodynamic gas operation and lists their relative 

characteristics. It would appear that the freedom from misalign-

ment and the virtual freedom from instabilities are important 

factors in favour of the tilting pad design, whilst the full sleeve 

offers simpler manufacture and a larger amount of published design 

data. 

Unless the application demanded large shaft diameters with 

consequential production problems, it is difficult to concede any 

advantage to the tilting pad design using pressurized oil as the 

lubricant. If the shaft speed was sufficiently high to consider 

the stability of the system, the possible heat generation would 

prohibit the practicality of the design. Using pressurized gas 

however the advantages of the tilting pad arrangement may be listed 

as follows 

a) Permits misalignment 

b) Manufacture becomes simpler with increasing size 

c) High threshold of instability 

d) Anticipated high load capacity and stiffness. 

It is the combination of these last two advantages which make this 

type of bearing worthy of consideration. 



1.2.0. The Development and Application of Gas Bearings. 

There are many examples where the use of gas bearings has pro-

vided both unique and elegant solutions to lubrication problems (12), 

(13). In cryogenics, inertial guidance systems and nuclear engin-

eering for example, the exclusive advantages of wide operational 

temperature range, resistance to damage by radiation and long life 

make the use of gas as a lubricant particularly attractive. 

Published information is available (14), on the advantages and 

disadvantages of both aerostatic and self acting bearings in terms 

of load capacity, maximum stable speed, starting torque and auxiliary 

equipment required. Production methods and the choice of shaft and 

bearing material combinations suitable for operation at specific 

temperatures have received particular attention (14), (15); whilsu 

Fricker (16), also gives an account of the possible use of plastics 

and ceramics as suitable bearing materials. 

In the last few years much interest has focused on the use of 

gas bearings in machine tools. N.E.L. (17), were the first to demon-

strate the practical use of air lubrication for machine tool slide-

ways and spindles. This has proved to be an excellent application 

where the stringent requirements for high rotational accuracy, 

straightness of motion, no thermal distortion and low maintenance 

costs are of great importance. Grinding wheel spindles in par-

ticular have offered the greatest degree of exploitation in this 



field, although their claimed superiority (18), remains the subject 

of discussion and comparative testing (19), (20), (21)» 

It is the author's opinion that several unsuccessful applications 

of gas bearings to machine tools emphasize the need for a detailed 

performance specification on which to base the bearing design. This 

is especially true in regard to maximum load capacity in view of the 

lack of ability of the gas bearing to withstand overloads; when com-

pared with rolling element and oil bearings. The accuracy, however, 

with which the characteristics of existing gas bearing systems may be 

predicted permits the fulfilment of the specification in the most 

economical manner, because of the absence or unduly large safety 

factors. 

In the development of gas bearings, with the constant aim of 

improving their capabilities, brief mention should be made on the 

subject of gas feeding devices in addition to the capillary and 

orifice, which have attracted attention. In particular the elastic 

orifice, slot feed and porous shell types appear to offer advantages 

over the conventional fixed orifice and capillary in terms of ease 

of manufacture and increased stiffness, (22), (23), (24). Although 

the slot feed and porous shell types are now commercially available 

(25, (26), lack of field experience and reliable design information 

for the porous type precludes it from further mention in this work. 

The suitability of the slot feed system is discussed in the section 

on bearing geometry. 

6. 



1.3.0. Objectives of this Study. 

The chief objectives of this work may be listed as follows 

a) To indicate the relationships between the important 

parameters in the design of an aerostatic tilting pad 

journal bearing. 

b) To design a rig on which the assumptions and static per-

formance data may be tested. 

c) To suggest a design approach. 

d) To indicate the role of this type of bearing and compare 

its fundamental characteristics with the more conventional 

full journal bearing. 



2.0.0. Review of work done on Aerostatic Lubrication and 
Introduction to Theory. 

The purpose of this section is to discuss existing information 

on design parameters relevant to the proposed analysis, with par-

ticular reference to the determination of specific numerical values 

subsequently used in the theory and experimental work. 

2.1.0. Practical work done on aerostatic tilting pad journal 
bearings. 

The two main reasons for using the technique of initially 

pressurizing the tilting pad bearing are as follows 

a) Reduce wear and scoring of bearing surfaces during run up 

and shut down conditions. 

b) Reduce starting torque and enable a small drive motor to 

be used. 

The method of achieving the necessary jacking force to support the 

rotating mass has been carried out on a purely experimental basis. 

Hydrodynamic tilting pad bearings which incorporate an aero-

static jacking system have been the subject of a great deal of 

practical work at the Franklin Institute (6), where a system was 

evolved employing a single orifice feeding through the pivot, into 

a shallow pocket on the inner surface of the pad. For an air 

supply of 90 Ib/in^ a typical orifice size was .032 inches diameter, 

for use with a 3-4 inches diameter shaft. The design used is shown 

in Fig (2a). It may be seen that in addition to providing a 



lubricant feeder and a pivot pin, the pivot is spring mounted, in 

order that preload could be applied to the pad. It is reported that 

elastic deformation of the contact faces under load, provided a 

leak proof seal between the pivot pin and pad. In order to prevent 

the hydrodynamic pressure feeding back through the pivot, under 

running conditions, a non return valve was incorporated in the supply 

line. The point was made that any advantage of increased stiffness 

ar:d load capacity obtained by using four feed holes, could be offset 

by unequal sizes or blockages, causing uneven lift. A suggested 

pivot design suitable for an aerostatic bearing is shown in Fig (2b), 

which, as in the case of the Franklin pivot, does not require piping 

to the pad as this could seriously affect its ability to track the 

shaft motion. The pivot pin is rigidly mounted, however, since it 

is considered unnecessary to use a means of applying preload on a 

purely aerostatic bearing. 

Experimental work was carried out by Chye (27) on single and 

multiple feed bearings. The configurations studied were;-

1, One feed hole above pivot. 

2, Three feed holes. 

The former arrangement was considered for both central and offset 

pivots; the latter for the offset pivot only. The offset position 

was .58 of the bearing circumferential length from the leading edge 

of the pad, as this was considered favourable for optimizing the 

selfacting properties of the bearing, although it restricted the 



system to unidirectional rotation. The general conclusions from 

this work were predictable inasmuch as the three hole design pro-

duced higher values of stiffness. Although the gas consumption 

was the greatest, the supply pressure to support a given load was 

lower than with a single feeder. 

Anderson (28) reports on the design of a three pad bearing for 

use in a radial flow turbo compressor, where exceptionally fine 

radial clearances (.0001-.0002 inch) would have been necessary to 

give the required stability in a hydrodynamic full journal design. 

The inpracticality of this lead to the consideration of a tilting 

pad system, using argon as the jacking gas. In addition to a ball 

pivot, consideration was given to a mount system consisting of a 

fixed stem connected to a flexible diaphragm on one of the three 

pads. The main reported objective of this design was to allow for 

thermal effects in the system. The stiffness of the pad mount was 

controlled by the thickness of the diaphragm. 

The arrangements tested were a single feed, and a four feed 

system having an orifice at each corner of the pad. Under hydro-

dynamic conditions the pivots leaked aai the stated preference was 

for the four feed system, as these were located in the low pressure 

areas of the pad, thus minimising the leakage losses. 

In conclusion, it may be said that two factors emerge from the 

research work reviewed here; 

1, The need for careful pivot design to avoid leakage. 
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2, Unless the quality of the lubricant is sufficiently high 

to preclude the possibility of orifice blockage, the design 

of a multiple feeder pad should be such that the blockage 

of a single orifice will not cause failure. 

Such a failure may be due to either lack of radial load capacity, 

or excessive tilting of the pad arising from the induced asyiametrical 

pressure distribution. 

2.2.0. Performance limitations. 

2.2.1. Stability criteria. 

In order that advantage may be gained from the tilting pad 

device, the pad must be capable of tracking the motion of the shaft 

axis. This ability is dependent upon pad inertia and stiffness 

and damping of the gas film in the appropriate plane. In order to 

assure satisfactory tracking, it has been suggested by Orcutt (29), 

that 

I . > 2 I , ...(1) 
crit pad 

where I is the value of pad inertia which results in resonance, 
crit 

For shaft stability it is generally accepted that the shaft 

speed should be less than half the natural frequency of the pad and 

gas film, 

^shaft 2 *crit .........(2) 

"here (| 
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I " 
f crit\ , , 
I -p J ^ 6 «©oooooooooo\J/ 

pad 

which may be assumed to be true for light damping. This criteria 

is basically safe because the presence of any appreciable amount of 

damping will raise the instability threshold even further beyond the 

shaft operating speed. 

Thus, 

1 1 r S 
Maximum shaft operating speed < — [- J (4) 

crit 

s 

where (y) will be the lowest of the two values obtained by consider-

ing the pitching and rolling modes. 

In addition to this, it may be possible for the pad to resonate 

in the radial direction i.e. along the pivot axis where, 

^2 _ Total radial stiffness of gas film, pad and supports. 

crit Total weight of pad and moving parts. 

The various resonances and maximum shaft speed may be calculated 

from the foregoing, using the appropriate values of stiffness from 

Section 3.8,0 and moments of inertia from Appendix (2), 

2,2.2. Thermal effects due to high surface speeds. 

In addition to the limitation on shaft speed imposed by 

stability criteria, there may also be a limitation due to heat 

generation. The rate of viscous shear in the gas film can cause 

a rate of heat generation greater than the ability of the surrounding 

material and exhaust gas to transmit the heat away from the bearing. 

Distortion and eventual seizure are then possible. 
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This problem is already known to exist in selfacting grooved 

bearings, where the small clearances and tortuous flow paths are 

conducive to temperature gradients. For spiral groove thrust bear-

ings, Whitley (30), suggests that an allowance for the bearing dis-

tortion may be made by making the bearing surface initially concave, 

so that when distortion occurs, the surfaces become flat. The 

thrust plate deflection is claimed to be calculable using a semi 

empirical formula. 

For aerostatic bearings, the position is not so clear. Whilst 

investigating the effect of speed on journal bearing performance-

Shires (31) concluded that the performance did not deteriorate with 

speed for the bearings tested and no temperature rise was reported. 

Work done at The Churchill Machine Tool Co. Ltd. however indicates 

that considerable temperature increases may occur in practical 

applications. 

In two specific instances seizure resulted from the ensuing 

distortion. 

The rather sparse information on this subject is tabulated as 

follows:-

Researcher Bearing 
Type 

Radial 
clearance 
in X 10 ^ 

Supply 
pressure 
Ib/in^ 

Surface 
Speed 
ft/sec 

Nemetb and 
Anderson 

Thrust 2-5 > 120 500 

Churchill 
M/c Tool Co. 

Journal .8-.9 75 400 

Churchill/Lucas Journal 
(Hybrid) 

. 3 -. 4 80 300 
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In the case of Nemeth and Anderson, (32), however, it was thought 

possible that the heating and distortion could possibly have been 

due to the close proximity of a rolling element bearing in the test 

apparatus. 

With regard to selfacting tilting pad journal bearings, it is 

wellknown that frictional torque increases with pad inclination (33), 

this coupled with the virtual isolation of the pad from possible 

sources of heat conduction could accelerate the temperature rise. 

The problem has been recognised in large selfacting tilting pad 

bearings (7), and an analysis is included which enables the magnitude 

of the temperature differential to be calculated. Although no design 

information is available for the aerostatic type, this section serves 

to indicate that thermal effects are a possible source of failure and 

clearly deserving of attention for any practical application since 

the maximum permissible speed to avoid heating could be lower than 

that dictated by bearing stability criteria. 

2.2.3. Centrifugal Growth. 

It should be mentioned that if the shaft speed is sufficiently 

high, radial dilation may become important due to the centrifugal 

stresses in the material. This effect is more noticeable with hollow 

shafts, which are often used to reduce the rotating mass in a long 

system. 

This phenomena has been used with success (34), as a means of 
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delaying whirl onset speed, by virtue of increasing radial stiffness 

with the speed achieved by the decrease in radial clearance. 

The extent of this dilation may be predicted from elasticity 

theory (35). A simplified formula for a steel shaft is given by 

Arwas (36); 

^ , D ^ -
6 = N [l + 6 ( ^ ) ] X 4.36 X lo" (5) 

where <5 = Radial dilation (inches) 

= Shaft hole diameter (inches) 

= Journal diameter (inches) 

It is considered to be worthwhile calculating the extent of this 

dilation for any prospective high speed application, as a small change 

in clearance could seriously affect the values of stiffness for which 

the system has been designed. 

2.2.4. Critical Reynold's Number. 

The basis theory derived in this work assumes laminar flow in 

the clearance space between pad and shaft. It is therefore necessary 

to establish some criteria to check that this premise is correct for 

any proposed design. 

The accurate determination of Reynold's number Re is difficult 

for two reasons, 

1, The gas velocity is the resultant of the 'pressure' induced 

component, or the velocity at zero shaft speed; and the 

'velocity' induced component, which is due to the relative 
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motion between the bearing surfaces. 

2, The validity of any value of 'characteristic length' used 

in the calculation. 

In addition to this both Shires (37) and Comolet (38) show 

that due to pressure gradients in the first %" to |"of flowpath 

length, experimental determination of Re was unpredictable. Neglect-

ing this portion of the flowpath, Shires demonstrated that Re - 2120 

was a mean value at which nonlaminar flow was established; although 

the range of transition extended from 1780 to 4250, depending upon 

the film thickness. Wiemer (39), suggests that a value of 2690 may 

be used for design purposes. This value in Shires' work related to 

a film thickness of .003 inch which appears reasonable. 

Robinson (40) calculated Re^^^^ to be 2040, by equating derived 

flow equations for laminar and turbulent conditions although he con-

siders this value to be rather low. 

For selfacting bearings, Ausman (41), suggests that, 

500 $ Re _ $ 2,000. 
crit 

This is thought to be rather a wide range for practical design use. 

The product of gas velocity and characteristic length is given 

by both Ausman and Shires as the product of film thickness and max-

imum gas velocity. For selfacting bearings the shaft surface speed 

represents this velocity; whilst a value of twice the mean velocity 

is used for the case of simple pressure induced flow between parallel 

plates. 
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On the basis of this discussion it is thought that 

ascrit ( "'000 

is a reasonable value for design use, covering a range of pressures 

and film thicknesses. 

Substituting the expression derived for Re in Appendix 1. we 

have, 

.n/D, , D ̂  \ p _ \ 1 
^ 2,000 ••oo®»«oo(6) 

AR(Pd + Pfl) fAR^(Pd-P.a) ̂  
3yB yRT 

2.3.0. Design Methods and Parameters. 

2.3.1. Design Solutions. 

When deciding upon the type of analysis to be adopted, it was 

considered feasible that design data could have been produced by 

empirical, numerical or analytical methods for the pad geometry 

under consideration. 

Three major factors affecting the choice of method to be adopted 

were:-

i) The large number of dependent variables. 

ii) The existence of experimental data for an orifice and slot 

system which could be applied directly to an analytical 

solution. 

iii) The simple mathematical model which could be used if 

adjacent feed sources,were not too distant; and its 

suitability for the derivation of load and stiffness 

equations using appropriate simple summations. 

17. 



In view of the large number of variables involved, consequently the 

large number of relatively expensive bearing pads necessary to pro-

vide any useful design information, an empirical solution was con-

sidered unsuitable. 

A numerical solution would have possessed advantages, if the 

degree of flow dispersion caused appreciable pressure variations on 

the pad surface, but a uniform pressure was found to exist in the 

area bounded by the orifice feeders. The magnitude of the pressure 

was however, only a fraction of that anticipated. 

A direct numerical approach has the disadvantage of finding 

design parameters evaluating design trends, whilst an analytical 

numerical solution may have proved to be complex unless approximations 

were made. 

The simplicity of an analytical approach using published empirical 

data to modify the system model appeared to have the greatest merit. 

2.3.2. Bearing Geometry. 

The overall performance of an aerostatic tilting pad bearing 

is affected by the number of pads employed. It may easily be demon-

strated that the value of radial stiffness is dependent upon the 

direction of the load vector in relation to the pad pivot points. 

The significance of this variation is not certain, provided the 

load may be adequately supported; but it has been suggested (42) 

that for machine tool applications where the load vector may rotate, 

the variation should not exceed 10%. If this criterion is to be 
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fulfilled then the minimum number cf pads would be 6, but this is 

undesirable from the economic point of view. The 3 pad system 

has proved to be successful in the case of the hydrodynamic type 

where the use of a mechanism for adjusting the preload of one spring 

mounted pad enables its resonant frequency to be changed at will. 

Also the pitching stiffnesses achieved may be quite high due to the 

large angle of wrap. 

These arguments do not apply in the case of the aerostatic type 

however, where suitable values conducive to stable operation may be 

designed into the bearing. In addition, a 3 pad aerostatic system 

would have increased bending stresses on the pad, with a slight in-

crease in pivot loading. 

Increased stresses necessitate the use of a thicker pad section 

with a lower maximum operating speed as a consequence. 

Appendices (2) and (3) deal with the subjects of pad inertia and 

pad deflections, where suitable design criteria are suggested. 

Pivot wear and friction are associated with high pivot loading 

which should be maintained at an acceptable level if the bearing is 

to have a satisfactory life. This problem is discussed in detail 

with particular reference to high temperature applications by Murray 

and Peterson (43) and Wong (44). 

Clearly, each case must be considered individually, and it would 

appear that there is no optimum number of pads, but 4 was chosen as 

being a reasonable compromise suitable for the majority of applications. 
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Although the single feed design has merit in its simplicity 

and high load capacity related to gas consumption, it was thought 

that much higher performance could be achieved by multiple feeds 

without the necessity for any additional pipework, filtration and 

regulation equipment. The concept of having a central region of 

a pad maintained at a high pressure by feed sources at its boundary 

is analogous to the well known double row feeder full journal bearing, 

see Fig. (3). 

Both line and orifice feeding sources were considered, but the 

line source would have proved extremely difficult to manufacture 

accurately and would not have possessed the same degree of tilting 

stiffness as the discrete feed arrangement. 

When considering a preferred geometry, only three factors were 

considered:-

1, If the distance from the feeders to the centre of the pad 

was less than the length of the exit flowpath it was likely 

that the pressure over the centre region would remain con-

stant. 

2, The centre region would yield the highest radial load 

capacity and stiffness per unit area of pad. 

3, There did not appear any advantage in designing unequal 

exit flowpath lengths round the bearing. Maintaining a 

constant length also simplified the calculations. 

In the absence of any information on this aspect of pad design, 
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it was estimated that the limiting case would be when & = ^ 

where I — land length 

B = Pad width. 

The pad geometry is shown in Fig. 4. 

The equations in the following sections are derived for a 

generalized geometry; but the design curves are produced for this 

suggested optimum geometry. 

2.3.3. Prediction of pressure profiles by means of Complex 

Potential Theory. 

It is well known that^fluid flow through a uniform clearance 

space is described by Laplace's Equation. 

Licht (45) demonstrated by means of an electrically conducting 

paper model and a potential field plotter that the laminar flow 

equation for compressible fluid between parallel surfaces could be 

reduced to a two dimensional Laplace equation. The voltage at any 

point on the paper representing the bearing surface is a measure of 

the pressure which exists at that point. Similarly a measure of 

the flow is obtainable by using the resistance properties of the 

paper. 

Using Complex potential theory^ Yabe (46) presented theoretical 

solutions for various bearing configurations which gave good agree-

ment with measured pressure profiles. The theory included an allow-

ance for compressible flow, but the estimation of load capacity 

proved to be difficult due to the complexity of the integration. 
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Dudgeon and Lowe (47), report on work using an electrolytic 

tank analogy to obtain empirical correction factors which allow 

for the variation, when using line feed theory to predict mass flow 

from a row of discrete feed holes. In addition a purely empirical 

expression was quoted, which it is claimed enables an allowance to 

be made for the ensuing over estimation of the load capacity of both 

single row and double row feed type of journal bearings. 

Circumferential flow was considered, by equating individual 

orifice flow rates to the sum of axial and circumferential flows 

in the associated slot. Using an iterative process, computer 

solutions were obtained for the resultant pressures which could be 

summed in a simple manner to yield the resultant load capacity. The 

Pg 
entire range of the work was considered applicable for — $ 5. 

^a 

In the present analysis for the aerostatic pad bearing,the 

empirical values of flow dispersion coefficient were considered to 

be useful, inasmuch as they offered a simple method of expressing 

the maximum value of film pressure in the bearing, in terms of the 

degree of dispersion of the feeding sources. These relationships 

are shown in Fig. 5 where the flow dispersion coefficient C^, is 

expressed in terms of aspect ratio n; and source ratio f, for a 

single orifice and its associated pad area. 

^ Slot width 
Orifice diameter 
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2,3.4. Orifice Discharge Coefficient.. 

An important parameter in gas bearing design is the feeder 

discharge coefficient a, which is defined by; 

_ Actual discharge 
Theoretical discharge 

where the feeder may take a variety of forms. 

The two types most frequently used in gas bearing practice are 

the capillary and the orifice. Of these, the orifice is usually 

the most favourable as it does not block as easily and only occupies 

a fraction of the space required by the capillary. In view of these 

merits, this is the type considered most suitable for the configuration 

under study. 

Considering a simple circular orifice, the major restriction 

to flow may be provided by either 

a) Orifice area = V^d'^ 

b) "Curtain" area = ?dh 

where d = Orifice diameter 

h = film thickness opposite orifice. 

The former is known as Orifice Compensation and the latter Inherent 

Compensation. The predominant restriction will clearly be dependent 

upon the values of d and h. 

It is possible that both restrictions may cause appreciable 

pressure drops, in which event the case of restrictions in series 

becomes more complex. Tang and Gross (48) describe a method of 
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analysis for this situation. Similarly it is possible that the 

type of compensation may change with a change in film thickness. 

For simplicity it is advisable to design for compensation to be of 

one type throughout the range operational film thicknesses. 

For compressible flow, Fox and Sneck (49) have produced data 

for orifices subjected to a range of pressure drops, whilst Perry 

(50), has suggested the relationship, 
2 

^d Pj 
ot o 83 — o 15 i 1 ~ o LO f ) •aoooo.ooooooofl(7) 

^s s 

which implies that the mass flow does not reach a maximum when the 

Pd 

flow becomes choked i,e. /p^ $ .528. 

Both results specify that the results are for thin orifices i.e. 

orifices punched or drilled through thin metallic foil and refer to 

orifices exhausting through an area equal to (nd^/4). Fig. 6 

illustrates the results and shows good agreement between them. It 

may be concluded that for orifice compensation under choked or near 

choked conditions a - .75. 

Powell (51) has presented experimental results for inherent 

compensation which indicate: 

.95 $ a $ 1 for near choked conditions. 

This is in broad agreement with Vohr (52), who suggests that values 

of a near unity may be obtained if the orifice incorporates a slight 

radius on its downstream edge. 
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2.3.5. Designing for Maximum Stiffness. 

It is desirable that the gas film should possess some degree 

of stiffness, from the points of view of both stability and the 

ability to withstand changes in loading without unduly large varia-

tions in film thickness. It has already been stated that it is 

the function of the restrictor to provide this stiffness in the system. 

If the degree of restriction is too small, and the pressure drop 

across the restrictor is negligible, then the bearing will only be 

capable of supporting one value of load. If this is exceeded the 

gas film will collapse. 

If the restriction is too great and the pressure drop too large, 

there may be insufficient pressure downstream of the restrictor to 

support the load. Clearly there will be some intermediate value 

of orifice restriction for a constant value of downstream resistance 

which will yield a sufficiently high gas film pressure to support 

the design load, and enable some fluctuation to occur without the 

gas film collapsing. 

In optimizing the design it is wished to maximise this ratio 

8W 
— where W = applied load 

h = gas film thickness 

This may be done by the optimization of either pair of the 

parameters, 
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1, Upstream and downstream restrictionso 

2, Film pressure and supply pressure. 

The former method using restrictor values and gas film resist-

ances is the technique usually chosen in hydrostatic oil bearing 

design. This is the method adopted by Vohr (52) who optimized the 

ratio; Orifice resistance 
Gas film resistance 

fPo"Pa^ 
where Orifice resistance — 

Gas film resistance — 
r Ps-Po 

if Q = Volumetric flow. 
Q 

The second method is discussed by Ling (53) who optimized the ratio; 

Film inlet pressure (gauge pressures) 

Supply pressure 

This has also been performed by Shires (54),who developed an analysis 

to produce a design method for optimised thrust and journal bearings. 

The merit in choosing this latter method lies in the fact that 

the result is a constant, irrespective of bearing dimensions and may 

conveniently be included in the appropriate design formulae. Both 

Ling and Shires agree that for maximum stiffness, 

(Po-P-) 
H = 7 r = .691 for incompressible flow. 

(p.-p,) 

It is implied that this is true for both inherent and orifice 

compensation. Although it is doubtful if this is true, the differ-

ence in the values using the two methods of compensation may be so 

small as to be negligible. The analysis in Section 3.00 for 
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incompressible flow, using an allowance for compressibility indi-

cates that this is the case. 
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3.0.0. Theoretical Analysis. 

3.1.0. Orifice Flow Equation. 

For an assumed perfect gas, the flow through an orifice is 

given by the equation; 

1, 
G = (j)(Y,k)aA^ [2g (Pg'Po)]^ .............. (8) 

where <{)(Y,k) = {k'' 
1-k-Y-ll 

1-k 
s 

a.iid cf) j — 

A ' 

(r) 

A 
2 2 

( f ) " 
s 

and A — Orifice area 
o 

A^ = Area immediately upstream of orifice 

ot = Orifice discharge coefficient 

pg — Gas density at supply pressure 

p^ = Pressure at exit of orifice 

k = 

A ^ 
From fig (7), it may be seen that the effect on G of 4* will be 

s 

less than 3% if 5A^ < A^, for k = ,6, decreasing with increasing 

values of k. 
A ^ 

If the orifice is designed for 5A < A ; <(> (r^) may be neglected 
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1-k 
Y-1 

J for k 3 .6. In which case, c|)(y,k) - {k 

Hence G = aA^(g Pg Pg) f(y,k) OO0«OOOOO9< 

where f(y,k) 

2 

iX- (^J 
Y 

J-
Y+1 ^ 

I (k" - k M 

which is true for all values of k. 

For choked flow. 

k < 
r 2 

Y+l 

(9) 

and the flow rate becomes independent of the downstream pressure p 

Then G = 

CRT)^ 

3, 
Y+ll ^ 

Y ( ; ^ ) 

Y-1 

Considering unchoked flow. 

• o«oeoooooo9e (10) 

when k > 
Y+l 

Y-1 

then for k % .6 if Y== 1»4 

lY r,,Y 
xtl 

I 
Y 1 [2(l-k)k] 

% 

this is shown in fig (8)< 

Also 2p fl-k]k = 2p (p -p ) 
o s o 

G = oA g %T'Po(Ps-Po) @o@oo(3.1.) 
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3.2.0. Slot Flow Equation. 

It has been demonstrated by Shires (3 7), that for laminar 

flow in a parallel clearance slot, 

^ d ; ) 1 OOOOOOOOOOOOOOVJ.^/ 
dx ,3_ 

yh pm 

where x = Distance from the ambient edge of slot 

y = Width of slot 

h = Gas film thickness 

pm = Mean gas density 

For parallel flow :-

-l2iiG dx 
dp g — 

yh pm 

Integration between inlet and exhaust conditions yields 

r. .n = IJWG n 

h pm 

where n = Slot aspect ratio. 

For radial flow:-

If y = ex, 

-12yG dx 
dp -

hence. 

6h^pm ^ 

_ 12WG , ^2 , 
P *"P g »«##*##** # # # # 
° ^ 6 h V 

where r^ = major radius 

r^ = minor radius 
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The absolute density of the gas at any point along the slot it 

given by 

2 
p = (p^ + Kx) 

Mean Density pm — 

where & = Slot length. 

a 

p dx 
0 

H Gnc 6 pm ~ " " _ oooooooo aoo oooo(l5) 

3(9. - * . ) 

But ,"0,^ 
(f) 

3(p ^ 
o a 

for the range of pressures indicated in fig. (9). 

This substitution is exact at H = .66 
p -p Pg 

where H — ——- and also independent of f—) . 
Ps-Pa Pa 

This value is close to that suggested for maximum stiffness 

in Section (2.3.5). 

Substituting for pm in equations (13) and (14) yields, for parallel 

flow: 

_ 12 VG n. 2 , / \ 
PQ-Pa 3 P % 

s 

for radial flow: 

loge[~) 

_ 12 yG 1 2 (' 1 7 \ 
P —p # . o 1 •oooosoooooooV.^'/ 
^o 3 e P -5 

5 
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(Ps+Po)g 
Alternatively if pm is represented by — 

we have the well known equations, 

for parallel flow: 

/ 2 2., 3 
_ (Pq -Pg )h g 

24vmRT ............(18) 

for radial flow: 

. 2 2. .,3 

(Pq -p^ )0h g 
G ^ eo«ooooooooe^l9^ 

24yRT loge(—) 

^1 

Rearranging the slow flow equations (16) and (17) and equating to 

the orifice flow equation (11) yields: 

_ 24w(2g)%pa^(pg.p,)t 

Pq —p^ P ^ o F oooooooftooooC'ZO} ^ 

s 

where F = ^ for parallel flow 

h 

r 
aA loge (—j 

1 
or F g for radial flow. 

Oh 

A and A^ are the effective feeder areas for parallel flow and radial 

flow respectively. 

Rewriting equation (20) in terms of H; 

tIC- R . £ /(? 0i4c HO >^0 FcotA/ 0^ iF^c- a., 

Th/S Ts 
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Ps-Pa • (Ps^a'^Ps-Pa' 

J- I a/Pg) 3. 
= 24y(2RT)^ r (1-H) = . F ...(21) 

P. Pa ^ 

- f ) 
s s 

If we define slot factor as : 

p % . F .........U.) 

^ (1 + -^)(1 - -^) 
Ps Ps 

Substituting for in equation (21) gives 

H = (1-H)^ 

/, X, •oo..oo»o( 23 ) 
1 + (1 + - H ) ' 

Z. 
1 

for real values of H. 

This relationship is shown in fig. (10). 

3.3.0. Optimisation of gauge pressure ratio for maximum stiffness. 

Radial stiffness may be defined as 

S = — = — — 0 4 ) 
dh dH dh ......... 

where W = Applied load 

and h = Film thickness. 

Since W is proportional to H; the stiffness may be maximised 

by optimising the factor . 
dn 
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This is given in Appendix (4) for both inherent and orifice 

compensation. 

The results may be tabulated as follows 

Compensation A 
o 

H ^ 
opt ^i opt dh opt. 

Inherent Idh .735 1.4275 
.61 
h 

Orifice 
TTd̂  

4 
.692 1.250 

.98 
h 

These maxima are shown in fig (11), which serves to illustrate 

that with both types of compensation a variation in of ±5% yields 

a negligible decrease in the value of stiffness. 

Rewriting the expression for optimised gauge pressure ratio. 

H 
opt 

P P 

i f ) - ( r ) 

1 - a 

O 00 o o oo««^<Z3^ 

Clearly, there exists for each value of f—1 a unique value of f—1 
Pa Ps 

which satisfies this equation. 

Using computer solutions (48), of the equations for pressure 

and stiffness for viscous isothermal gas films with no relative 

surface motion, it was possible to compare the suggested values of 
p 

(—) for maximum stiffness from thdlifc work, with those indicated by 
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this analysis. The method adopted for comparison involved the use 
p 

of graphs of [—) and dimensionless stiffness S; each plotted against 
^s 

a dimensionless bearing shape parameter g. Results are available 

for radial and parallel flow under conditions of both inherent and 

orifice compensation for several bearing geometries. Although the 

type of flow and bearing geometry affected the bearing parameter; the 
p 

values of (—) remained virtually identical. The techniques shown 
^s 

in fig (12) and the results are compared with those obtained using 

the present analysis in fig (13). The agreement is good for the 

entire range of validity of the proposed method. 

3.4.0. Flow Dispersion Coefficient. 

It has been discussed in Section 2.3.3 that flow dispersion 

coefficients obtained from electrolytic tank experiments (37), may 

be used to allow for the variation in film pressure obtained when 

applying line flow theory to a row of discrete orifices feeding into 

a parallel slot. 

The flow dispersion coefficient is defined as, 

C = ^actual 
Q - G. 

where , 2 2.,3 
(P_ -P. g p — " ^ 

i 24uhET 

If p^ and pj are the ideal and actual values of hydrostatic 

pressure in the bearing, the above expression may be rewritten. 
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10 e 

''q (p.'-Pa') = 

0000(26) 

It has been shown in Appendix (4) that there exists an optimum 

value of gauge pressure ratio H which will yield a maximum stiffness, 

p 
Due to the effect of dispersion the absolute pressure ratio will 

^s 

be less than that predicted by the line feed theory, and equal to 

(?)• 

Pj PQ 
Substituting j for ^—j in equation (25), rewriting and 

equating to equation (26) gives 

[H + (1-H)] ̂  (1-C ) 

(27) 

This now enables the theoretical value of f—] to be specified in 

.Pa 
terms of f —-J , H and C in order that the desired value of H may 

Pg 4 opt 

be achieved. Fig (14) shows this relationship for the particular 

case of inherent compensation. 

It is then possible to express the design values of H and Z as 

functions of C . 

Considering the special case of choked flow; it is obvious 

that 

Pj Pq 

s ^ s 

and is dependent upon the degree of dispersiono 
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Fig (15) shows the values of (—) for choked flow together 
^s 

with the values for maximum stiffness. The JeJuction from this 

graph is that the flow need not be choked for maximum stiffness, as 

is often implied in gas bearing design methods. 

The tendency is however for the ratio (^) to approach the 

P s 
choked flow condition for high values of [—]« 

^a 

3.5.0. Optimised Relationship between feeder parameters. 

Having derived an expression for the slot factor in section 

3.2,0 and determined its value for maximum stiffness in section 3.3.0, 

it is possible after a suitable correction has been made for the 

effect of dispersion discussed in section 3.4.0, to determine the 

various feeding parameter relationships in a form suitable for 

design use. 

From equation (22):-

z. . p 
1 / ^ D Ps Pa 

where [—J -
Ps' Pa ^ 

(1 + -^) (1 - -^) 
Ps Ps 

h 
It is now possible to plot the group (2RT) ^ p in terms of 

p.Pg, 
— I for maximum stiffness. This has been done for inherent 

Q 

compensation in Fig (16). 
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Although the dispersion coefficient is not relevant to radial 

flow; some degree of dispersion will occur using the suggested 

geometry, due to the discontinuity in the feeder adjacent to each 

radial feeder orifice. It is not unreasonable to assume, therefore, 

that the orifice exit pressure from a radial feeder should be main-

tained at a value equal to that at the exit of a parallel flow feeder. 

Hence for equal values of p^, if 0 = j 

A-T) lOge ^ ̂  ̂  ^ 00£>00«OOOOOOOOO(^8) 

It should be noted from fig (16), that the minimum practical value 

of Cq = .65. When referred to fig (5), this indicates that it is 

undesirable to design for large values of source ratio f, with small 

values of aspect ratio n« This gives some quantitative agreement 

with the original assertion that the hydrostatic pressure in the 

centre region of the pad would not remain constant if the feed holes 

were too small, the feed hole spacing was too large, or the flow path 

lengths were too short. 

3.6.0. Assumed pressure profile and mass flow for a single pad. 

It has previously been mentioned in section 2.3.0, that a 

detailed analysis for the pad geometry described would be difficult 

and unwieldy. If the dispersion is not too great, however, a 

practical engineering analysis is possible by assuming a region of 

uniform pressure in the area bounded by the feeder orifices, and an 
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approximation to a linear pressure gradient along the exhaust lands. 

On the assumption that the resulting load capacities and stiffnesses 

o.f the pad elements act through prescribed lines or points, the system 

(xncL 

model can be made to yield simple fowt mathematically tractable results. 

The model is shown in fig (17). 

By assuming that the flow is stagnant but at a uniform pressure 

determined by the value of local film thickness opposite the feeders 

supplying the circumferential lands, the analysis may be extended to 

cover the case of small eccentricities. 

Acceptance of these assumptions enables the gas consumption of 

the complete pad to be determined simply, by considering either the 

flow through the orifices or the flow in the clearance space. 

For orifice flow: 

1 ^ Pd 
G = aPgg[^) [̂ -Â  + 2A(m+n)2 (29) 

s 

where m and n are the number of orifices between radial feeders in 

a circumferential and axial row, respectively^ 

he Pis T h B £xit fs. Fc>f> 
For slot flow: 

- . 'Pj -Pa >" : 

24yRT 
2(m-l-n) 

' i - i - ] 

ooa..oo.ooa(30) 

R 

From equation (28) for equal slot factors, and the relationship 

from pad geometry:-

m + n = 4r| — ...........(31) 
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we may write: 

G = 

, 2, 2., 3 
(Pd Pa )h 8 

24yRT 4 + & .(32) 

3.7.0. Radial load capacity and stiffness. 

Assuming the pad to consist of a number of elements, in which 

the flow is either stagnant, radial or parallel, the load capacity 

of each element may be calculated in the following manner 

Centre Section (zero flow):-

4B 
Radial Load Capacity = (p^-p^)(L-2£-) — 

n 
cos6 d9 

o 

sinf2 (p -p )(L-2£) 
IT s a 

(33) 

Corner Sections (Radial flow);-

Radial Load Capacity of the four sections together is given by, 

r„ 

(p-p^) r dr 

H r , s 
— (Ps-Pa) 

if r^ « r^ and r^ = 2. 

Considering flow from a line source along the axial and cir-

cumferential lands; at pressure p at a point distant x fron the 

ambient edge. 

Radial Load Capacity of a Circumferential Section 

= (L-2&) (p-p^) dx. (35) 
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Similarly, 

Radial load capacity of axial section. 

"A=e COS0 de 

£ 
(p-p ) dx. 

Now (p-p ) dx =ll£ = Z 
a m 

. 2 

3(Pd^-Pa^) 

- pa 

but for (Pjj-Pg) ^ 100 lb/in 

.(36) 

'(Pd'-Pa') 
- pa 'GH(Ps-Pa) ...(37) 

Fig (18) shows that the R.H.S. of equation (37) accurately represents 

the mean gauge pressure Pm. '"<5̂  f^- )4"7 

Substituting for Pm in equations (35) and (36) yields. 

11̂  = .6HA(Pg-p )(L-2&) 0000000(33) 

and tJ = .6HA(p -p ) X sinO 
A ^s a IT 

(39) 

Summing the components of radial load parallel to the pivot 

axis, 

W 
res 

I W cos 8 

W^cos 0 + 217̂  + 2W^ cos 0 + 

H(p^-p^) [1 cosf2[y + 1.2(L-2&)) + ^ sinfi (L-o8ii)J 

ooooaooo( 49 ) 
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Substituting I — ^ and 

i.e. the suggested geometry for maximum stiffness from section 2=3.2 

W — HBL(p —p )(o76A-—o2l6 ...ooeo.uoC41) 
res s a L 

W ^ 

Alternatively ^res ~ ygL(p—p—) ~ ° 764- .216 ..........(42) 
s a 

Radial Stiffness. 

Radial Stiffness S was defined in equation (24) as the 
res 

product 
dW 

S = res ^ 
res dH dh 

For optimised stiffness ^ ^ 

It has been derived in Appendix 4, that 

K = .98 for orifice compensation 

K = .61 for inherent compensation. 

Differentiating equation (40) with respect to H:-

dW 
- (p.-P.) 

dH ^a 

Hence, 
dW 

S - res 

£ cosSl + 1.2 (L-2£))+ sinO (L-.8&) 

res dh 

-K 
h- (Ps'Pa) £ cosO (y + 1.2(L-2£))+ — sinO (L-.8&) 

.(43)~ 

Alternatively, 
S h 

= (.764-.216 -) (44) 
res KBL(p^-p^) " ° L 
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Both dimensionless radial load, and stiffness have equal values 

for a constant ^ ratio. Fig (19) illustrates this dimensionless 

factor for various values of ^ ratio. 

Clearly the limiting case for increasing ^ ratio will yield 

W = S = .764. 
res res 

If now the dimensionless load and stiffness equations are expressed 
p 

in terms of f—1 

equation (42) becomes 

W 
W = res 

HBL p 
a 

I "• 1^ (o764"o2l6 ĵ ) 9eoooooooooo( 45 ) 

Similarly equation (44) becomes 

-S h 
e _ res 

KBL p 
a 

— (^— - l] (o764-o2l6 ^) o. o o»o o = o o o o(46) 

It is now possible to compound the existing relationships in the 

manner shown in fig (20), which relates the feeding parameters optimised 

for maximum stiffness for both radial and axial flow in terms of the 

pad geometry and dimensionless load and stiffness. Although the chart 

has been constructed for inherent compensation, it may be used as a 

general guide for orifice compensation by a suitable change of feeder 

area and stiffness terms. 
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VJhen using the chart, an iterative technique must be employed 

to close the loop and the lack of precision necessitates the use of 

calculations; but the chart has merit in indicating the effects of 

changes in the variables. 

The total load capacity and stiffness of the bearing system may 

be found by suraming the resultant quantities for each pad in the 

appropriate plane. 

Thus, 

^total ~ Z ^^res .....o........ (47) 

S total ^ ^res ° .............o (48) 

where 3 — Angle between the load axis and the pivot axis. 

Fig. (21) shows a 4 pad system where, 

\ o t a l ° '\es, + Srss.) ) cos(I - S) 
1 j 2 4 

ooooooooooooo^ 49 ) 

For small values of eccentricity ratio E; it may be assumed that 

foe f\n-
is consta-

res 
S is constant for -caoh^padjf^ 

d(S ) 

Thus 73 = 2S sin (y -3) - 2S sing = 0 
dp res 4 res 

for a maximum or minimum value. 

Sin (^ - 6) - sing = 0 

IT ,TT 
or cos sin (— - 3) = 0 

Hence 3 = •̂ . 
4 
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Since IS negative, 
dg 

3 = -̂  yields a maximum value of total stiffness. 

The total load capacity at any value of e may be determined 

graphically as illustrated in fig. (22). 

where h = AR(l±£Cosg) 

and H = ^(cosO!) 

If the applied load W does not act vertically downwards, the 
app 

magnitude and direction of the resultant of ¥ and the shaft 
app 

weight must first be obtained. 

3.8.0. Tilt stiffness of a single pad. 

Tilt stiffness may be defined by, 

J — Change in torque _ 5t 
Angular movement 60 

Total change in torque for the complete pad is given by the sum, 

6T — (SW, X, +5 W^x,..o..+5W X 
i 1 2 2 n n 

where 6W is the change in load on an element of pad area at distance 

X from the pivot axis. 

The corresponding angular movement = 50 

6W, X, 6W^x^ 6W X 
cf = ^ 1 , 2 2 n n 
^ 60 66 58 

If 0 0 is small; 60 = 

where 6h is the displacement at the end of the noaent arm. 
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x 6w x 6w x 
u d - 1 1 I 2 2 , n n 
Hence, b — — p ; r —jq 4- — p ; 

oh oh oh 

S « X> I S . X . O O O 0 O J S X O 000000000009^30^ 
1 1 2 2 n n 

Considering the same pad elements used for the summation of radial 

load capacity and stiffness, equation (50) may be written, 

^ ^ ^ (51) 

Thus it is possible to express the tilt stiffness of a pad about its 

pivot in either pitch or roll modes by an addition of the pitch or 

roll stiffnesses of each of the elements comprising the pad. 

Considering one axial exhaust land as shown in fig. (23), 

subjected to pitching; 

n3 rO ; 
Tilt stiffness = 2s^ I sin 6 dB (52) 

^ 0 

where 5^ is the radial stiffness per unit area. 
A 

' ® ^A O ».oo.eo«o«»o.(53) 
n^(B-2A) 

where 4(0) - - siiL^^l 

The stiffnesses of the centre section for pitching; and the cir-

cumferential and centre sections for rolling may be treated in an 

identical manner. 

The remaining sections are summed by assuming that their values 

of radial stiffness are concentrated at the appropriate feed holes, 
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and their moment arms are equal to the distance between the feed 

holds and the axes of pad rotation. 

Referring to fig (23) again; the pad section is assumed to 

pitch about an axis on its inner surface X-X. In practice the 

pad will pivot about an axis Y-Y located between the inner and outer 

surfaces, say y distant from edge; where t = pad thickness. The 

criteria for negligible pad deflection however, in Appendix 2 suggests 

that 

* 1 _ 5 

I J - 6 

^ _ R, 

Thus the error introduced by calculating the pitching stiffness 

u ^ V V Nor LA/j<re 
about X-X 10 given by 

Error 

= .025 R^ sin Q 

hich may be 

Using equations (24) and (50) a table may now be compiled for 

the factors in the tilt stiffness equations. 
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Area Centre(T) Radial(R) Axial(A) Circumferential 

(C) 

dh 
-K 
h 

-K 
h 

-K 
h 

-K 
h 

dW 
dH. 

(pg-p^)(L-2£)(B-2£) 3-<ps-pa) o6s,(p^-p^)(B-2il) '6£(pg-pg)(L-J£) 

1 

2 
x 
P 

*(G) (j sinQ)^ 
16 

(B-2£)(*) (jsinfi)'^ 

2 
x 
r 

(L-2£)^ 

12 

(L-2£)^ 

4 

(L-2&)^ 

4 

(L-2&)^ 

12 

Hence S" = YSx ^ 
P ^ P 

4B 
*(n) (L-2&) 

+ ^ sin^n + ^ B2 *(0) + 1.2A (L-2&) sin^Q (54) 

If £ = 

S = & Y — »028(^) - .Ol(^)'^ (55) 

Similarly 

«r = 

:K a - | ^ <P3-P^)(» COSG j + . 4(L-2 a) 

4B 
sinf2 

(L-2£) 
+ 1.2& (56) 

and if £ = 

48. 



2 2 
S = ^ 7 = + .025(^> + - ,217} 

|(P,-P,)(BL)^ ' ' ' <!> 

# # o o oo e« oo 0(57) 

The diiaensionless values of pitch and roll stiffness determined from 

equations (55) and (57) are shown in fig. (24) for a range of values 

- I -

Three main points may be deduced from this figure; 

at § . 1 

2, The rate of increase of 0 is greater than that of g 

(5 

L ' P 
for increasing (—) ratio. 

3, — 0 at - — .5 

This is obviously incorrect, but attributable to the analysis 

since, 

(L-2&) > 0 for real values of $ 
r 

i.e. L > y if & = y . 
2 4 

Clearly this inaccuracy only applies for the particular case of 

g = .5 and does not seriously detract from the usefulness of the 

figure for the following two reasons 

— = „5, the value of will be extremely small in 

relation to that obtainable at larger values of 

b. The geometry for ^ = .5 results in a line feed, with 

no central region of high pressure. 
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From this it is clear that the advantages of this bearing design are 

reduced if small ^ ratios are employed. 

3.9.0. Total Power Requirement. 

3.9.1. Compressor Power. 

It has been stated by Robinson (40), that pumping power is pro-

portional to the product of mass flow and pressure rise, which is a 

measure of the energy imported to the gas. The compressor power nec-

essary to produce this energy however is more dependent upon supply 

pressure than rate of flow, so that pumping power does not give a true 

indication of compressor power. Clearly the power requirement will 

also be dependent upon the compressor design, i.e. single or multiple 

stages, and the type of compression. 

pV" = Constant where 1 $ n 3 1.4 

The theoretical compressor power has been chosen as a realistic 

pressure of the power requirement which is obtained from the equation 

p 
Compressor Power = ^a^a for isothermal compression, 

a 

0 o oo aa«oo o o o(58) 

From this the shaft horsepower may be calculated if the compressor 

efficiency and the isothermal efficiency are known for the particular 

compressor to be used. 

For e = 0; 

E a AR^ 
c 

and Ep a AR~^ 

where E^ — Frictional power loss in the bearing due to viscous 
shear in the gas film. 

50. 



There will clearly be a value of AR for which the total power 

requirement will be a minimum; where 

^ E^ E^ o i>oooooo®oo«oo (55) 

It is thought that the compressor power is a more meaningful para-

meter to use for this optimisation, which together with the derivation 

of equations for E^ and E^ are included in Appendix 5« 

Whence; 

E„ = 
C 24y 

p 
H f—^ - 11 + 2 Pa 

ooo©oooo»oo*(60) 

3.9.2. Frictional Power. 

From the expression obtained in Appendix 5 for the optimum value 

of AR for minimum total power requirement, it is apparent that the 

bearing frictional power will be negligible in comparison with the 

compressor power, unless low values of supply pressure are employed 

in conjunction with high surface speeds. It must be borne in mind, 

however, that it is this frictional loss which causes the thermal 

heating discussed in Section 2.2.2. In any practical design there-

fore, caution must be exercised in the reduction of compressor power 

by the use of small values of radial clearance, to ensure that the 

frictional heating does not exceed an acceptable level. 

In the absence of any design information on this aspect of bear-

ing performance, it is thought that the following example using the 
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equation for for minimum total power consumption related to 

specific bearings mentioned in this report is of relevance. 

Substitution into equation (60) of the appropriate design informa-

tion for the test pad described in Section 4.2.0 enables the value of 

AR to be calculated for a range of operating speeds. These 
° Ps 

values are shown for 6 in Fig (25), which illustrates that the 
^a 

test pad design clearance of AR = .0011 inch is acceptable for 

applications requiring a notational speed of 15,000 rpm. This example 

also serves to illustrate that for low speed applications, the cal-

culated value of may be so small as to be impractical. In 

this event compressor power may be wasted in order to employ an obtain-

able manufacturing clearance using practical tolerances. 

Considering the Churchill (C.M.T.) bearing included in the list 

of experimental observations in Section 2.2.2., the shaft radius bear-

ing length and axial pressure profile for this bearing are similar 

to those of the experimental test pad. It is not unreasonable to 

assume therefore, that Fig (25) may be used as a basis for the deter-

mination of the value of AR for this particular bearing when 
opt. 

Pg 
operating at — = 6. For a speed of 28,000 r.p.m. or 400 ft/sec., 

^a 

the curve indicates that AR^^^ = .0015 inch which is approximately 

50% greater than the value of radial clearance employed. This may 

account for the thermal heating encountered. 

If AR < AR^p^ it does not necessarily imply that significant 

heating will occur, since this will be dependent upon the rates of 
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heat generation and dissipation for the particular system. Lt docs 

indicate, however,—that the frictional power is equal to, or greater 

•than the comprcoaor power» 
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4.0.0. Experimental Apparatus. 

4.1.0. RiR Specification. 

The prime requirement was to produce a single aerostatic bear-

ing pad of the geometry analyzed in this report, together with a 

suitable shaft and subject the bearing system to loading conditions 

which would enable the accuracy of the analysis to be established 

experimentally. 

In order to fulfil this requirement and enable the results of 

the investigation to be used as a basis for the design of a journal 

bearing, the necessary additional requirements are tabulated as 

follows:-

i. To simulate a shaft and tilting pad system in as much as the 

shaft centre is not constrained to move along any particular path 

relative to the pad. 

ii. To incorporate the facility for applying known torques in 

the pitch and roll modes in order to determine the tilting character-

istics of the system. 

iii. To provide a means of recording the pressure distribution in 

the gas film, whilst the pad was under load. 

iv. To be able to measure the film thickness and shaft dis-

placements at a. sufficient number of points to completely specify 

the relative attitude between pad and shaft. 
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It is apparent that in order Lo fulfil requirements i, and ii, 

it is not necessary for the pad to pivot, provided the shaft is 

free to move in the appropriate planes. From the available methods 

of obtaining the required relative movement, the principle adopted 

was to fix the pad in a rigid housing and allow the shaft to assume 

the appropriate attitude, when subjected to the various forms of 

loading. This method has merit, since the pad may be held rigidly, 

thus obviating any possible pad deflection. Orientating the pad 

and shaft system such that the bearing axis is horizontal, enabled 

loads to be applied directly to the shaft by weights attached to its 

ends, dispensing with the need for any mechanical linkages. 

4.2,0. Bearing Construction. 

(A general arrangement of the complete test apparatus to be 

described, is shown in Fig (26).) A close up view of the pad 

assembly is shown in Fig (27) together with a detailed section 

arrangement drawing in Fig (28). 

The basic component consists of a semi circular cast iron hous-

ing, into which a 90° bearing pad was clamped and sealed round its 

circumference to form an integral part of the housing. The steel 

shaft is situated horizontally on the pad and located axially by two 

aerostatic thrust bearings whose tilt stiffness was estimated to be 

insignificant. Loads can be applied vertically by means of weights 

at each end of the shaft, via hangers mounted at the shaft extremities 
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on self aligning ball races. The shaft incorporates a row of 

tapping holes through its diameter, each of which can be connected 

to a manometer or pressure gauge. Small brass plugs, each with a 

.015 inch diameter hole through the centre, were inserted into the 

ends of the tapping holes adjacent to the pad surface. The plug 

ends were then machined flush with the shaft contour. This technique 

resulted in small pressure tapping holes in the shaft surface without 

any recesses or pockets. The spacing of these holes is such that 

the film pressure may be measured at a discrete number of points on 

the pad axis. A protractor mounted on the end of the shaft enabled 

the tappings to be rotated around the pad circumference. By this 

means it was possible to scan the pad surface to obtain a detailed 

pressure profile of the film. The complete housing assembly is 

flange mounted to the upright member of an inverted tee section base. 

Location is effected by a semi circular spigot in the upright. The 

housing may be unscrewed and rotated in the spigot so that the 

vertically applied load does not necessarily pass through the pad 

centre. Specially designed capacitance probes 1% inches long and 

of ,005 inch range, as shown in Fig (29), are located by Tufnol 

insulating bushes in the parts of the housing which extend beyond 

the pad, at each end of the shaft. Their angular positions were 

determined by the angle through which it is intended to tilt the pad 

to simulate pitching moments using the method described in Appendix 

6. 
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The pad consists of two elements bunded and screwed together. 

The inner surface, or orifice plate is made from .050 inch thick 

annealed brass plate which had previously been marked out and drilled 

to the specification shown in Fig (30). This plate was then rolled 

to the same outside radius of curvature as the inside of the other 

section of the pad, which is made of ^ inch thick phosphor bronze, 

with a plenum chamber machined through its section. The pad inner 

surface was finish machined after being joined to the plenum chamber 

section and the assembly clamped in the semi circular housing. An 

aluminium lapping bar was made to check the final size and shape of 

the pad. The amount of lapping necessary was very small, but the 

process had to be repeated over a period of time, until a state of 

dimensional stability was reached. 

The feed holes were produced initially with a .009 inch dia-

meter drill, but these were then increased to the finished size with 

a .010 inch diameter drill by hand. During this finishing process 

air was fed through the orifices to reduce the risk of swarf entering 

the plenum chamber. 

The complete assembly was subjected to air pressure and tested for 

leaks. Small leaks between the composite pad and the housing were 

found and sealed with Araldite fillets. 
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4.3.0. Test Rig Equipment. 

The shaft displacements and gas film thicknesses were measured 

by means of the four capacitance probes which were connected to a 

single Wayne Kerr Model B731 B distance/vibration meter, via a Wayne 

Kerr model JB 731 multichannel switch. The circuit layout is shown 

in Fig (31). A contact warning light was incorporated in the circuit 

to give notice of any contact between shaft and bearing surfaces. 

The air supply was regulated with a Norgren Model R04 pressure 

regulator, before passing through a 5 micron element filter Model 

73 AB-1 of the same manufacture. By performing these two functions 

in this order, it was thought that any throttling effect of the 

regulator would assist in converting the water vapour in the air into 

larger droplets, which could be separated more readily by the filter 

element. After filtration, the air was passed through a Rotameter 

flowmeter, past a calibrated pressure gauge and into the plenum 

chamber of the pad. 

The loading weights used throughout the tests were of commercial 

standard accuracy. These could be hung onto individual rods or 

hangers at each end of the bearing, but for large loads it was more 

3 

convenient to use a single hanger placed at the mid point of a ^ inch 

diameter steel bar which connected the two rods. Asymmetric loading 

was achieved by placing additional weights on one of these two rods. 
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5.0.0. Experimental Investigations. 

5.1.0, General experimental procedures. 

Before carrying out each of the tests described in the following 

sections, four routine checks were performed on the equipment. 

i) Levelling the pad in the horizontal axis. 

This was achieved by the insertion of steel shims under the 

corners of the base plate, before clamping the rig to the base frame. 

The shaft axis was assumed to be horizontal if after pressurizing 

the pad with the thrust bearings removed, the shaft showed no strong 

tendency to float across the pad in any one direction. If the film 

thickness is constant c.long the axial length of the pad, indicated by 

the equality of the probe readings, then it may be considered reason-

able to assume that the pad surface was also horizontal. 

ii) Symmetrical angular location of the pad under the shaft. 

For the section of the test programme which involved loading 

the pad through its mid point, it was essential that the imaginary 

pivot point should lie on the line of action of the applied load. 

The procedure adopted was to remove the plug from a pressure tapping 

hole in the shaft which could be rotated to coincide with orifices 

on each of the rows feeding circumferentially round the pad. With 

a protractor attached to the end of the floating shaft, it was 

possible to set the zero mark halfway between the two rows of circum-

ferential feed holes when the tapping hole was heard to pass directly 
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over the exhausting feed holes. Having determined the mid point 

of the pad in this manner, it was then necessary to rotate the com-

plete assembly until this zero line was parallel to a thin weighted 

wire hung above the rig acting as a plumb line. Since the adjust-

ments in either plane could seldom be carried out without disturbing 

the alignment in the other plane, it was necessary to repeat these 

checks until both were satisfactory. 

iii) Capacitance probe settings. 

Each of the probes was initially checked against a barrel 

micrometer attached to a 10:1 lever arrangement which enabled dis-

placements opposite a probe to be measured to within .0001 inch. 

A typical set of results is shown in Fig (29). Using the probes 

over the mid 60% of their range dispensed with the need for calibra-

tion charts and enabled the probes to be set to give the same initial 

value of meter reading before commencing any tests. The readings 

could then be tabulated directly. 

iv) Flushing the bearing. 

In order to prevent orifice blockage from foreign matter down-

stream of the filter, it was found to be expedient to frequently 

flush out the pad by charging the supply line between the filter and 

the pad with a quantity of toluene and pressurizing the pad with the 

shaft removed. The foreign matter flushed out in this way consisted 

of oil, lapping paste and dirt which had remained in the plenum 
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chamber after assembly. This problem of blockage was aggravated 

by the use of a large number of relatively small feed holes with 

this type of design. To ensure that blockage did not impair the 

experimental results the holes were examined before and after each 

test. 

5.2.0. Verification of Basic Assumptions. 

5.2.1. Pad Pressure Profiles. 

a) £ = 0. 

It is extremely unlikely that the analysis in this work will 

yield equal values of orifice dimensions for each section of the pad, 

although this would be advantageous from the point of view of the 

ease of manufacture. In addition, therefore, to obtaining a measure 

of the accuracy of the assumed profile, it was thought to be of 

practical value to ascertain the importance attached to the design 

value of radial feed hole. 

Using a .010 inch diameter drill for all the pad orifices, the 

pressure profile was obtained after replacing the film pressure 

gauge with a mercury manometer to achieve increased accuracy. Profiles 

were obtained after enlarging the corner holes with a .013 inch 

diameter drill and finally a drill of the design value of .015 inch 

diameter. The latter profile was obtained at a higher value of 

supply pressure than the first test, necessitating the replacement 

of the manometer with the calibrated pressure gauge. 
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The profiles obtained when = =010" diameter and d̂ ^ = .015" 

diameter, nominal sizes,are shown in Figs (32) and (33) respectively. 

The two profiles shown demonstrate that the profile in the 

centre region of the pad is reasonably uniform, even when the corner 

feed holes are smaller than the analysis indicates. 

This, together with the fact that the pressure gradients along 

the lands are approximately linear, confirms the validity of the 

system model. 

In view of the observed decrease in the magnitude of the 

pressure in the region of the radial feeders, even when d̂ ^ > d^; 

it may be concluded that it is unwise to simplify the manufacturing 

process by producing identical feed holes for each section of the 

pad if d^ ?• d^o In practice this technique may give rise to 

appreciable departures from the system model, with a consequential 

reduction in load capacity and stiffness. In addition, the 

accuracy of the radial flow equation used in the analysis decreases 

2 & 

with an increase in the factor — , which is conducive to maintain-

ing large radial orifice diameters. 

b) £ 0. 

In order to calculate the total load capacity of a journal 

bearing it is necessary to know either the Stiffness -e or Load -e 

relationships for a single pad. Since the latter approach requires 

the ability to predict the value of pressure in the centre region of 

the pad p^, it was considered relevant to conduct a series of tests 
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to ascertain the accuracy of a method which assumed that the value 

of could be determined by substituting in the analysis the local 

value of film thickness given by the expression, 

h^ = AR(l±£cosr2) 

which is the value of film thickness opposite the majority of the 

feed holes. 

Where e is + when h . > AR 
pivot 

e is - when t̂K. < AR 
pivot 

If is defined as the value of film thickness at the pad pivot 

point. 

Measured values of circumferential pressure are compared with theory 

in Fig (34) for two values of eccentricity r a t i o = ±.183. The 

results were obtained at the mid point of the pad; but are repres-

entative of those obtained at other points along the shaft axis. 

This was not true for larger values of e however, which limited 

the range of applicability of this technique. 

The slight and virtually identical deviations from the calculated 

values using the above equation may be accounted for by the changes 

in resistance to flow of the circumferential lands, due to the con-

verging or diverging clearance space when e is positive and negative 

respectively. 
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5.2.2. Orifice dimensions and discharge coefficient. 

A convenient method of determining the discharge coefficient for 

flow through an orifice is to measure the flowrate and pressures across 

the orifice and substitute these values in the orifice flow equation; 

which may be transposed to yield a value of a. 

In practice this method is dubious, unless the orifice area is 

accurately known. In the case of the test pad, the orifices were 

measured before the pad was rolled to shape and finish machined, but 

accurate measurement after this was not possible. 

The product (CA) is used throughout the analysis, and it was 

considered justifiable to measure the flowrate through the orifices 

and determine their size from the mass flow equation assuming a value 

of a from the experimental work reported in Section 2.3.4. Since 

the flow measurements were proportional to d'̂ , but the bearing 

designed for inherent compensation, i.e. flow proportional to d; 

the method was considered acceptable as it did not permit any mask-

ing of error in the expression (^ x A). In addition, the value of 

used in the analysis for inherent compensation differed from that 

used in this aectian of the test programme. 

Experimental results were not taken at values of supply pressure 

greater than 50 lb/in^g. because of possible orifice plate distortions 

due to the high pressure differential across the plate. To ensure 

that the plenum chamber pressure was identical to the value read from 

the gauge upstream of the bearing, the plenum pressure was measured 
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by means of an additional pressure gauge attached to one end of a 

length of feed pipe. The other end of the pipe fitted into a rubber 

seal which could be placed over any orifice in the bearing. The 

values of plenum chamber pressure found in this manner were identical 

to those read from the upstream pressure gauge. 

Since it was impossible to measure the flow through individual 

orifices, uniformity of orifice area was verified by the comparison 

of flowmeter readings obtained for specific combinations of orifices, 

the remainder being temporarily blocked with adhesive tape. 

Fig (35) shows the relationship mass flow V. (p^-p^) for both 

orifice sizes employed, with the flow exhausting to atmosphere. The 

results for the .0105 inch diameter orifices were measured when all 

the feed holes were identical. The results for the .0155 inch 

diameter orifices were obtained by subtracting the original flow 

measurements for each .0105 inch diameter orifice from those using 

both orifice sizes. 

Substitution in the equation for choked flow using ct = .75 (Fi^; 

yielded values of orifice diameters approximately .0005 inch greater 

than those originally drilled. This represents increases in orifice 

diameters of approximately 3% and 5% for the .015 inch and .010 inch 

orifices respectively. This was considered reasonable in view of 

the impossibility of producing holes to the exact drill size. 
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5.2.3» Flow Path Visualization. 

The analysis in Section 3.0.0 was formulated on the assumptions 

that the flow in the clearance space across the various sections of 

the pad would be stagnant, radial or parallel. Before proceeding 

to test the equations derived from these assumptions, it was con-

sidered to be advantageous if the accuracy of these assumptions could 

be verified by producing a trace or flow pattern in the clearance 

space. A detailed representation of the flow paths could have been 

obtained by the use of acid to etch the pad material, but this would 

have mutilated the orifices and bearing surface to the extent of pre-

cluding the possibility of any future experimental work. 

It was considered feasible, however, to coat the pad surface 

with some substance, part of which could be removed by the flow of 

an airborne liquid through the clearance space, illustrating the nature 

of the gas flow. After several experiments with various mixtures of 

oil and spirit in the airline, the following method was adopted. The 

pOScTO 

air supply line was charged with a small quantity of spirit and light 

machine oil in approximately equal parts by volume, and the pad sur-

face coated with a thin layer of engineers' marking blue. With the 

shaft in position, the supply pressure was adjusted to give a uniform 
iV&P £t4SiO"l 

film thickness and the -esBapouad allowed to flow through the bearing 

for several seconds. 

The pattern obtained is shown in Fig (36). There is no discern-

able flow pattern to be seen in the centre region of the pad, whilst 
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both the axial and circumferential streamlines are virtually 

parallel. The flows from the corner orifices are radial, but the 

slight curvature of the adjacent streamlines indicates a deficiency 

in pressure in the corner sections of the pad, which is in agreement 

with the pressure profiles discussed in Section 5.2.1. Nevertheless, 

this illustration was considered to adequately demonstrate the good 

agreement between actual flow patterns and those assumed in the 

analytical model. 

5.3.0. Testing of Design Equations for a Single Pad. 

5.3.1. Radial Road Capacity. 

The objective of this Section of the investigation was twofold, 

since it was required to test the radial load capacity at e = 0; 

and the maximum load capacity i.e. e ->• 1. 

Assuming a uniform pressure distribution in the centre of the 

pad, the two possible sources of discrepancy were investigated. 

a) The summation technique. 

The equation for radial load capacity is applicable for both 

e = 0 and e 1; it was only necessary, therefore, to check the 

summation once. This was done at E = 0 when the actual pressure 

profile most closely resembles the system model. 

b) The calculation of H. 

The value of and hence H is dependent upon the value of e. 

When e = 0, H is calculable from the analysis 

and when e -»• 1, it was assumed that H = a/£'/9^ To /. 
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For both these tests the pad was located in a horizontal 

position such that the vertically applied loads passed through its 

mid point. 

i, e ~ 0» 

For each value of applied load, the supply pressure was adjusted 

until the probe readings indicated that the shaft lift was equal to 

the machined in clearance AR. A pressure tapping was situated at 

the mid point of the pad to register the value of p^. The recorded 

values of p^ and p^ for various loads are tabulated in Table i, and 

US.£t> -ro 
aXso-g-tetted—jrft Fig (37). 

The relationship obtained by substituting the measured values 

of p^ in the load equation is also shown in the figure. The error 

in the calculation of p^ is shown in Fig (38) for a range of values 

Pg 

of — . The gauge pressure ratio H has been chosen as the ordinate, 
^d 

since this is a more meaningful parameter for comparing the values 

Pg 
of pj with — o The calculated values of H neglecting the flow 

^a 
dispersion coefficient C are included for comparison. 

Both the method of load summation and calculated film pressure 

Pg 
p^ were found to be acceptable for — $ 5.75; which compares favour-

Pg , X 
ably with the limit of — = 5 suggested by Dudgeon and Lowe (47), for 

^a 

the use of the flow dispersion coefficient C^. 

The two salient points arising from Fig (37) are as follows 

a) The marked improvement in the accuracy of prediction of p^ 

achieved by incorporating in the analysis. 

68. 



b) The design value of H = .735 was obtained at a slightly 

Ps 
lower value of — than predicted. 

Pa 

With regard to this latter point, it is of great practical 

significance to note that the value of - .735 was relatively 

insensitive to changes in supply pressure. The implication is that 

the bearing may be operated over a range of values of supply pressure 

whilst H remains virtually constant at the value which yields maximum 

stiffness. 

Ps 

lb/in^ 

Pd 

lb/ in^ 

Ps 

Pa 

H W 

app, 

lbs. 

^Ibs.* 

29.7 27.2 2.02 .835 46 54.1 

42.5 37.2 2.90 .800 86 97.5 

45.7 39.7 3.11 .800 96 108 

60.2 49.2 4.10 .760 136 149 

! 64.7 51.7 4.40 .740 146 160 

68.7 53.7 4.67 ,722 156 168 

78.7 60.7 5,34 .720 186 199 

83.2 63.2 5.65 .715 196 210 

85,2 65.7 5.80 .722 206 221 

88.7 67.7 6.02 .715 216 230 

Using measured values of H. 

TABLE I, 
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ii, £ -> l. 

The method adopted was to apply radial loads for a range of 

supply pressures, until metallic contact was noted by completion of 

the touchmeter circuit. 

After shutting off the air supply at several of the values of 

W determined in these tests, it was also possible to ascertain 
max 

the "lift off" pressure, or value of supply pressure necessary to 

enable the shaft to become airborne again. 

The measured results using both methods of determining 

were identical; and are compared in Fig (39) with the calculated 

values of maximum load obtained by substituting H = 1 into the design 

equation. 

The variation of approximately 14% may be explained by the fact 

that at E = 1, the clearance space in the centre region of the pad 

will not be uniform, and the average value of p^ will yield a value 

of H slightly less than unity. It has been demonstrated, however, 

in the previous loading tests, that the method of summation intro-

duces a snail error which causes an underestimation of the radial 

load capacity up to (p^^p^) = 50 Ib/in^. 

From this it may be deduced that the error in assuming H = 1 at 

E "1 is approximately 15% for the particular test pad under investi-

gation. 
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5.3.2. Radial Stiffness. 

Radial stiffness is defined in the analysis as the product 

dW _ dW dH 
dh dH dh 

and since the relationship between W and H is linear, 

dW _ ¥ dH 
dh H *dh ' 

Experimental values were obtained for each of these factors, which 

were then independently compared with the theory. 

The arrangement for loading, displacement and film pressure 

measurement was identical to that described in Section 5.3.1. The 

method adopted was to maintain the supply pressure at a constant 

value and note the film pressures and displacements for increasing 

values of applied load. The experimental values of stiffness and 

its factors were obtained from the gradients of the characteristic 

curves of the appropriate variables obtained for several values of 

supply pressure. 

Fig (40) shows the linearity of both the experimental and 

theoretical values of ^ for a range of values of (p -p ). The 
n s a. 

Pg 
experimental values of stiffness at various values of — were 

a 

obtained from plots of W v. h shown in Fig (41) obtained from 

results shown in Table 2, at the specific value of h — AR, and are 

compared with theory in Fig (42). 
The measured values of H and h are shown in Fig (43) and the 

dH 
gradient at h = AR is compared with the values of for maximum 
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stiffness obtained from the analyses for both orifice and inherent 

compensation. 

r-

:^ibs. 
66 116 156 !I67 

i 
187 218 236 266 310 

I 
pj lb/in^ 19 29.5 

. . . 

38 40 
42 43 - -

^ = 4 . 5 
Pa 

h 10 ^in 22 14.5 10.5 10.0 8.0 4.0 -^ = 4 . 5 
Pa 

H 1 .37 .57 .74 .78 .82 j.84 _ 
- -

p^ lb/in'^ ! 

i 
30.5 39 41 45 51.5 52 53 

= 5.5 
ipj 

h 10 "̂ in 

1 
1 17.5 14.0 13.5 12.0 10.0 8.0 4.0 

r U 
i H - . 46 .59 .63 .68 .78 .79 .81 -

^ = 7 
Pa 

pj lb/ in'̂  - 32 40.5 43 47 53 57,5 63.5 72.5 

^ = 7 
Pa 

h 10 in - 22 17.5 17.0 16.0 14.0 13.0 11.0 9.0 ^ = 7 
Pa 

H 
1 

.37 0 46 .49 .53 .60 .65 .72 .83 

TABLE 2. 

The important conclusions from these results may be listed as 

follows:-

a) The theoretical values of ^ and — are in slight error with the 

experimental results due to the discrepancy in the predicted 

relationship between W and H observed in the previous tests. As 

a consequence the radial stiffness equation overestimates the 

experimental results by approximately 14% at (p^-p^) = 60 Ib/in^. 

b) The experimental value of for the test pad, which was designed 

for inherent compensation, is in close agreement with that predicted 
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by the analysis This also verifies the optimisation of the gauge 

pressure ratio for maximum stiffness performed in Appendix 4. 

c) ^ is linear over a fairly wide range of shaft displacement. 
dn 

Thus, for the test pad, 

S - constant for -.3 $ e $ +.3. 
res 

This suggests that it may be feasible to evaluate the journal 

bearing load/deflection characteristic in a simple manner, in terms 

of pad stiffness for small values of shaft eccentricity, 

5.3.3. Gas Consumption. 

If the gas film profile conforms to the system model, and the 

magnitude of p^ is known, then the total gas flow through the pad 

may be calculated using either the orifice or slot flow equations 

which form the basis of the theoretical analysis. The objectives 

of this section were to obtain measured values of gas consumption 

for the test pad and compare these with values obtained from the two 

flow equations, to justify their inclusion in the analysis and also 

to determine which equation was the most accurate for predicting the 

gas flow for the bearing. 

Since both the slot flow formula and the assumed pad profile 

ideally require a uniform film thickness, the experiment was con-

ducted at zero eccentricity. The air supply to the thrust bearings 

was first blocked off by placing inch diameter .015 inch thick 

steel discs behind the rubber '0' rings used as seals at the joint 

faces between the thrust end caps and the pad housing. With the 
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Rotameter flowmeter in the air line circuit immediately upstream of 

the supply pressure gauge, values of both flowmeter reading and film 

pressure p^ were noted for a range of values of applied load and 

supply pressure. Substituting the measured values of p^ into both 

the slot flow equation and the orifice equation for two values of 

discharge coefficient, the results were compared with the measured 

flow in Fig (44). 

Clearly the orifice flow equation gives the closest agreement 

with the observed results over the range of values of (p^-p^) in-

vestigated; although the slot flow equation is reasonably accurate 

over a limited range. The decision to use a value of orifice dis-

charge coefficient in the calculation of a = .95 has been discussed 

in Section 2.3.4. The results presented, however, indicated that 

^ — .90 is more appropriate for the orifices in the test pad. 

In addition to the experimental evidence supporting the prefer-

able use of the compressible flow orifice equation, the slight 

underestimation in the calculated values of p^ observed in Section 

5.3.1 will produce an overestimate from the orifice flow equation and 

an underestimate from the slot flow equation. Obviously when 

determining the gas flow for a proposed design, the former is prefer-

able. 

5.3.4. Roll Stiffness. 

The equation for the experimental determination of roll stiff-

ness as a function of applied torque has been derived in Appendix 6 
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and is given by; 

2 W y a 

Torques were applied to the system by means of weights attached 

to one end of the loading hanger, and the resultant displacements at 

each end of the shaft were measured by means of the capacitance probes 

located in sections of the housing outside the ends of the pad. In 

addition to constructional considerations, this probe location had 

the added advantage of enabling larger displacements to be measured 

than actually occurred over the pad, thus improving the accuracy with 

which the angle of roll could be calculated. Under conditions of 

tilt, a pressure profile was taken over the pad length, along the 

pivot axis, for (p^-p^) = 60 Ib/in^. In order to verify that the 

aerostatic thrust bearings did not contribute to the measured roll 

stiffness, a number of stiffness tests were carried out using differ-

ent methods of restraining the shaft in the axial direction. These 

were as follows 

a) Both thrust bearings in position. 

i) Pressurized. 

ii) Unpressurized. 

b) Single thrust bearing pressurized. 

c) Both bearings removed. 

For tests b) and c), the complete pad assembly was inclined at a 

small angle to ensure that the axial load component was directed 
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against the restraint, which in test c, consisted of a bracket 

screwed to the pad housing» The bracket provided a seating for 

3 

a inch diameter ball bearing, against which the shaft thrust 

face was in contact» 

In each of the above listed cases the observed values of roll 

stiffness were identical. It was concluded, therefore, that the 

aerostatic thrust bearing design was satisfactory in providing axial 

location with negligible tilt stiffness compared with the journal 

pad. 

The measured values of film thickness opposite the probes, for 

specific values of applied load, are shown in Table 3 for three 

values of supply pressure. Fig (45) shows the relationship between 

applied torque and tilt, calculated from these results. The three 

values of roll stiffness obtained from these results are compared 

in Fig (46) with the theoretical values obtained from the analysis 

in Section 3.8.0. The measured pressure profile is compared with 

the ideal, in Fig (47). 

The experimental results exceed the values predicted from the 

analysis by approximately 30% at (p^-p^) = 60 Ib/in^. The pressure 

profile indicates, however, that the system model is invalid for the 

range of tilt angles employed. 
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Results. 

W 
res 

lb 

W 
app 

lbs 

116 

3.79 

in 

10-*' 

h in 

10-44 

166 

4.88 

h, in 

10-« 

in 

1 0 ' 

216 lbs 

6.16 

h, in I h in 

lo-^i 10-*^ 

j 

1.10 I 1 .10 0 

.5 

1.0 

1.5 

2.0 

2.5 

3.0 

3.5 

4.0 

4.5 

5.0 

6.0 

1.10 

1 .20 

1.30 

1.30 

1.40 

1.45 

1,50 

1.05 

.95 

.90 

.85 

.65 

. 65 

1,15 

1 .20 

1.35 

1.35 

1.40 

1.40 

1.50 

1.55 

1.10 

1.05 

1.00 

,95 

.90 

,85 

.80 

.70 

.65 

1.10 1 1.10 

1.15 

1.15 

1.20 

1.25 

1.25 

1.35 

1.40 

1.45 

1.50 

1.05 

1.00 

1.00 

.95 

.90 

.85 

.85 

.75 

.70 

TABLE 3, 
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5.3.5. Pitch Stiffness. 

The equation derived in Appendix 6^, for the determination of 

pitch stiffness from experimental results is given by 

R ^ 0 W sintA 
d = ^ app Z 
P hi-h, 

where Q is the angle in radians between the line of action of the 

applied load and the radial line through the pivot point. 

For this series of tests, the pad housing was rotated and located 

with the pivot axis inclined at 18.5° from the vertical, i.e. 0 = 18.5°. 

It was found, however, that the weight of the shaft alone produced too 

large a moment and contact occurred at the outer edge of the pad, irres-

pective of the value of supply pressure. The pad was repositioned 

with = 9.25° and a pressure profile obtained for (p^-p ) = 55 Ib/in^. 

Vertical loads were then applied to the shaft, and the displacements 

opposite the probes, which were situated 9.25° each side of the load 

line, were noted for values of (p^-p^) up to 75 Ib/in^. The load 

versus clearance relationships for the two probe positions were linear 

and approximately parallel for the range of pressures investigated. 

It was considered sufficient therefore to obtain values for substitution 

in the above equation by simply adjusting the supply pressure for a 

given load, until the pivot clearance h^ reached a value equal to AR| 

i.e. hĵ  = AR = .0011 inch. Note of the corresponding film thickness 

h^ enabled the experimental value of to be calculated directly, 

since both the applied torque and the relative angular movement of 
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the pad about its pivot point could be determined from this informa-

tion. 

Figure (48) shows the linear relationship for the particular case 

of (Pg~Pg) ~ 60 Ib/in^. The calculated values of pitch stiffness 

using the experimental results are compared with the theory in Fig (49), 

The measured pressure profile is shown in Fig (50) for half the pad 

length, since the profile was found to be symmetrical about the roll 

axis. The variation between the observed and predicted results for 

pitch stiffness is of the order of 60% at (p^-p^) = 60 Ib/in^. As 

in the case of roll stiffness, the pressure profile indicates that 

the small values of tilt over which the analyses are valid has been 

exceeded. 

5.3.6. Discussion of Tilt Stiffness Results. 

In view of the similarity which exists between the analytical 

methods and experimental determination of both pitch and roll stiff-

nesses, and the similar nature of the discrepancies, it is convenient 

to discuss the findings of these two sections of the work concurrently. 

The reason for the large variations between the observed and 

theoretical values of tilt stiffnesses is clear from the asymmetry of 

the measured pressure profiles. Each of the profiles obtained under 

conditions of tilt indicates an appreciable departure from the system 

model. In addition to modifying the rates of the assumed spring 

supports, the asymmetric profiles indicate the existence of restoring 

moments about the pivot axes. The effect of such a moment is to 
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reduce the effect of the externally applied torque for a given angular 

displacement. Under these circumstances a more accurate expression 

for the observed tilt stiffness is given by the equation, 

where t = Applied torque. 

M — Restoring moment. 

3 — Angular displacement. 

The inclusion of an empirical correction factor to allow for this 

restoring moment is considered to be inadmissible since asymmetry 

of the profile is contrary to the system model defined in the 

theoretical analysis. 

With the knowledge that M = $(g), the reduction of M to negligible 

proportions by conducting the tests with smaller values of g appeared 

to be a more satisfactory solution, particularly since the discrepan-

cies cannot be wholly attributed to the errors in the theoretical 

analysis. 

In the case of pitch stiffness, both x and 6 are dependent upon 

the initial pad housing inclination and the shaft mass. Attempts 

to reduce both of these values, however, were unsuccessful for the 

following reasons 

a. The lack of sufficient space to screw the pad assembly to 

the location face, at any intermediate value of Q between 0 and 9.5°. 

b) The difficulty encountered in finish grinding the journal 

diameters of substitute shafts made of light alloy, to the required 
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dimension whilst maintaining an acceptable surface finish. 

In retrospect, the concept of utilizing the applied load to 

maintain the shaft at the design value of pivot clearance and simul-

taneously provide the pitch torque, seriously limits the flexibility 

with which the torques may be applied. Even at the expense of com-

plicating the rig, the facility of applying torques completely 

independently of the radial leads is to be preferred. 

Before commencing any redesign, consideration of the variations 

noted in the pitch and roll stiffness experiments is thought to be 

meaningful in proportioning the discrepancies in the system adopted. 

It is proposed that the absence in the roll tests of the error 

due to the initial value of 3 present in the pitch tests, could account 

for the difference in the discrepancies between the two sets of experi-

mental results and the theoretical values, particularly since the 

analyses are similar. The implication from this, is that the variation 

in the pitch stiffness results could be reduced by approximately 30% 

if the initial value of g is reduced to zero. Furthermore, it is 

suggested that the remaining discrepancies of approximately 30% could 

be reduced by the use of capacitance probes of smaller range, enabling 

the section of the curve to be repeated at smaller values of tilt. 

5.4.0. Comparison between Full Journal and Tilting Pad aerostatic 
hearings using experimental data. 

At the commencement of this work it was thought to be highly 

probable that the additional manufacturing complexity of a tilting 
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pad aerostatic bearing system could be outweighed by two distinct 

advantages over the full journal bearing. 

These two possible advantages are as follows 

i, A higher stability threshold. 

ii, Greater specific load capacity and stiffness; where 

spc jecific load capacity is defined by the factor [^) 

Any attempt to validate the suggested high stability threshold 

in a quantitative manner is beyond the scope of this investigation. 

If the second premise is correct, however, the implication is that a 

smaller shaft diameter may be used with a tilting pad system than 

would be necessary for a full journal bearing of identical ^ ratio 

subjected to the same value of radial load. It follows therefore 

that the preference for a tilting pad bearing enables lower values 

of rotor mass and bearing surface speed to be used; both of which 

/W/)/ 3£. 
•aEfi conducive to stable operation at high rotational speeds. 

An additional reason for the comparison of the specific load 

capacities of different bearing configuration is the practical merit 

of a bearing with the minimum overall space requirement, particularly 

for applications where it is intended to install the bearings into 

an existing design of machine. 

Using the experimental results obtained for the single test pad 

presented in the previous sections, it is possible to sum the load 

capacities of four such pads which constitutes a journal bearing and 

compare its static performance in a simple manner with available data 
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for full journal aerostatic bearings* The two designs of journal 

bearing selected for comparison and shown diagramatically in Fig 

(51). These particular bearing configurations were selected since 

they probably represent the ultinate in load capacity and stiffness 

obtainable from a gas lubricated journal bearing at the present time, 

consistent with economic manufacturing costs and satisfactory field 

experience. 

Fig (51,a) shows a design produced at the Franklin Institute and 

described by Fuller (55) which was produced for use on a closed cycle 

gas turbine rotor. The bearing is 3 inches diameter and 3 inches 

long, with three axial grooves dividing the bearing surface into eqjial 

areas formed by shallow grooves into which the gas is fed. 

The double row journal sleeve described by Pantall and Robinson 

(56), shown in Fig (51,b), is a now well proven design configuration. 

The particular bearing for which information was available has the 

rows of orifices spaced at a quarter the distance of the bearing 

length from each end of the sleeve; and twelve orifices per row. 

Each orifice terminating in a small recess approximately % inch 

diameter x .005 inch deep. 

A meaningful parameter for comparing the static performance of 

the bearings is the dimensionlass load coefficient defined as 

C = w 
w LB(Pg-p^) 

Since the load capacity of the tilting pad bearing is dependent upon 
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the direction of the applied load relative to the pad pivots, two 

sets of values have been obtained for the extreme cases, 

a. Load through pivots, 

b. Load directly between pivots. 

These values were obtained from the results in Fig (41), using the 

method described in Section 3.7.0. The average values of for 

three values of supply pressure, over a range of eccentricity ratios 

is shown in Table 4. The results are compared in Fig (52) with values 

quoted by Fuller. 

The two salient points arising from this comparison are:-

a. The value of for the test bearing exceeds that for 

the Franklin bearing, if the loading is applied between 

pivots. 

b. The value of for the test bearing exceeds that for the 

double row feed journal bearing, irrespective of the 

angular position of the load. 

It is also of interest to note that the - e relationship 

for the Franklin bearing indicates a finite value of at e = 0„ 

Clearly this is impossible in practice, but the implication 

is that the film stiffness is so large that appreciable loads may 

be applied to the shaft before any measurable displacement occurs. 

From the results obtained for the test pad it appears that the tilting 

pad journal does not possess this unusually high stiffness character-

istic at low eccentricities since = 0 at £ = 0; but for values of 
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e > .15, the tilting pad arrangement is capable of yielding the high-

est values of 
W 
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Results < 

Load applied through pivots. 

"̂ Load 

^pivot 
.1 ,2 "3 .4 ,5 . 6 

Po 
— = 4.5 
Pa 

.044 .001 .120 .156 .184 .190 

J = 3 . 3 .050 .089 .093 .165 .186 .200 

^ = 7 
Pa 

.057 .102 .123 .1453 .182 .215 

{] 
W mean 

.050 .090 .112 .155 .184 .201 

Load applied between pivots. 

Epivot 
.05 .1 .2 .3 .4 .5 • 6 

^load 
.071 .142 .283 .425 .565 .708 .850 

K 
— = 4.5 
p'ac 

.044 .090 .162 .240 .312 .368 .380 

Pc 
— = 5.5 
pa 

.050 .100 .178 .186 .330 .372 .400 

P. 
— = 7 
pa 

.044 .114 .204 . 246 .291 .364 .430 

""W 
mean 

.033 .102 ,181 ,224 ,311 .368 .403 
""W 
mean 

TABLE 4o 
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6.0.0. Conclusions. 

The analysis based on the orifice flow and slot flow equations 

with the inclusion of the empirical flow dispersion coefficient 

yielded sufficiently close agreement with the experimental work on 

a single test pad to justify its use as a basic design tool. The 

radial load capacity, stiffness and gas flow rates may be predicted 

within a maximum error of 15% overestimation, provided that the limita-

tion of — $ 5, imposed by the use of the flow dispersion coefficient 

is observed. In the process of compounding the bearing parameters 

for maximum stiffness, it was also evident that for accurate results 

the condition Cq ^ .65 should be fulfilled. 

The largest discrepancy between the theory and the experimental 

results occurred in the prediction of the tilt stiffnesses. These 

errors were not entirely attributable to inaccuracies in the analysis, 

but were in part due to the large tilt angles imposed by limitations 

in the sensitivity of the experimental apparatus. Fortunately the 

theory tends to underestimate the maximum safe operating frequency 

of the system, indieatod. by the experimental results, although the 

neglection of film damping and pivot friction restrict the amount of 

confidence which may be placed in any calculated values of pad natural 

frequency and maximum shaft speed, using this analysis. The presence 

of damping in the gas film will improve the stability of the bearing 

system and any friction in the pivot would assist in suppressing pad 

flutter. On the other hand, pivot friction will also reduce the 
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ability of the pad to track the shaft motion. The resultant effect 

of those factors combined with possibility of the 'stick slip' 

phenomenon occurring at the pivot surfaces, makes the accurate pre-

diction of the pad natural frequency extremely complex. 

The additional operating limitation due to thermal heating has 

been treated in a qualitative manner and the present work does little 

more than indicate the existence of this effect. 

Consistent with other aerostatic bearings, the task of predicting 

the static load capacity of the tilting pad bearing was divided into 

two problem areas. The most difficult of these is the determination 

of the values of film pressure at the various parts of the pad. 

When these had been established for the test pad geometry, the remain-

ing problem was their accurate summation to yield the radial load 

capacity. By assuming the elemental load capacities to act through 

the centres of the feed orifices, the summation employed also serves 

for the calculation of the radial stiffness of a single pad. 

The ease with which the gas film pressures are calculated how-

ever, is complicated by the large number of variables; in particular 

the value of film thickness under each of the feed holes. Subject 

to the condition that the complete journal bearing will only be 

required to operate at small values of eccentricity, the problem is 

simplified by the experimentally verified assumption that the maximum 

film pressure may be accurately calculated using a value of film 

thickness given by 
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= AR(l±GCOs0). for -.2 < e < + .2 

In addition to the suggested graphical method of determining 

the load-deflection characteristic for a complete bearing, this 

characteristic for both a single pad and complete journal may be 

estimated by considering the system model for a single loaded pad 

to be equivalent to a linear spring and mass. This is acceptable 

for -.3 < E < + .3 in view of the linearity of the measured load-

deflection characteristics for the test pad obtained for various 

supply pressures. 

In conclusion, the high value of specific load capacity, and 

the relative independ*nce of the gauge pressure ratio for maximum 

stiffness over a range of supply conditions, indicates that this 

particular bearing configuration possesses attributes which will 

enable it to be used to advantage in commercial applications. 

6.1.0. Suggestions for future work. 

The complete absence of any known previous research on aerostatic 

tilting pad bearings of the type described in this work, accounts in 

part for the basic approach which has been adopted. The degree of 

correlation experienced between the derived analysis and experimental 

results is thought to be sufficiently encouraging to motivate further 

work of both an analytical and experimental nature. The suggested 

areas for further investigation may be briefly tabulated as follows 
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Experimental Work; 

i) Determination of tilt stiffnesses at lower values of tilt, 

ii) Investigation into the possibility of hybrid operation of 

the aerostatic tilting pad system. 

Clearly the present apparatus is unsuitable for this work, but 

its existence has served to domonstrate that any new test rig should 

include the following facilities in its specification. 

a) The pad must be free to pivot in the appropriate manner. 

b) The tilt moments should be applied independently of the 

radial load. 

c) The relative displacement measurement should be better than 

57o of the value assigned to AR, for accurate measurement of 

small tilt angles. 

Analytical Work: 

i) Define the problems of thermal heating and optimum pad 

geometry more closely with a view to attempting rigorous 

solutions o 

A particularly useful optimization from the practical 

viewpoint would be the ratio. 

Radial load capacity 
Compressor Power 

ii) Establish a design procedure suitable for a computer 

programme. 

The merit in this work would lie in the ability to 

produce design charts which incorporated the optimized 
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relationships for maximum stiffness and the boundary-

operating conditions indicated in this analysis. In 

addition to providing design information in a readily 

accepted form, bhis type of presentation may indicate 

design trends which are not otherwise apparent. 
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9.0.0. Appendices. 

Appendix 1. 

Reynold's Number. 

Reynold's Number is given by the equation 

.........aoao«.«e^cl^ 
yg 

where U = Gas velocity 

d - Characteristic bearing dimension 

p = Density 

When the shaft is stationery, 

U = where = velocity of gas in slot. 

When the shaft is rotating with a surface speed of V^, 

U = V, + V,o 
max 1 2 

For e — 0 and zero tilt, the maximum value of Re will occur at the 

trailing edge of the pad; and may be expressed in the following form: 

pv^d pVjd 
Re — oo«.ooo.o.ooooo.oo(b) 
max yg yg 

where = 7-5— from Shires (31) 
yg . 1^% 

( p / - p / ) « 3 

3y^RTB 

o o { C ) 

" V tR 
cinQ, — o 0 ̂ IJIN \ tl/ yg 2RT y 

y 

3yB 
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Appendix 2. 

Moments of inertia of pads. 

Using the relationships derived by McLaughlin (57) for pads 

consisting of circular arcs which are of constant thickness, where, 

pad thickness 1 
R "^5 
mean 

we have; 

= 3(b^+2b+2) - 4(l+b) sin cos (6 - (a) 
3 2 2 

(R]̂  + f) Ltp 

T 2 A sin^ 
r = 6_ r _ L , sinp _ 2 

3 12 I + cJ 2 B 
(R + |) Ltp ^1 2 

+ 3 
2 sin I 

(H-b)ccs(6 - 2^ - g e o o o (b ) 

where R, = Pad radius of curvature - — 
1 TT 

t = Pad thickness — (R^-R^) 

c = Radial distance from pivot point to inner pad surface. 

6 = Angular extent of pad (radians) except where degrees 

are indicated. 

e = Angular distance from leading edge of pad to pivot 

point. 

B TT 

For the pad design suggested, 6 = -j and 3 = j 

Also; 

101. 



t 1 ^ 1 

'(Rl + I 5 (Ri+R,) 5 

^1 5 
If — — — this condition is fulfilled. 

"2 ® 

Substituting for 6 and 3 in equation (a) yields 

(R^ + j) Ltp 

y (b^+2b+2) - 2.828(l+b) (c) 

and substituting in equation (b) yields, 

2 

t^ + 2 
( R ; + | ) \ t p " + 2 

If c = J then b = 0. 

L 4 + 2 
TT 2 

(1+b ) -
2.828 

ir 

(d) 

Substituting for t and in equations (c) and (d) yields. 

I = 
P 

1.37 LB P 

10 

and I 
LB^P 

^ 10^ 

1.168(|)^ + .1224 
1) 

*.oo.(e) 

.(f) 

Clearly these solutions are only approximate since the pads will 

incorporate a hollow section for the plenum chamber. By the 

appropriate use of equations (a) and (b) however for a constant 

depth of plenum chamber, a suitable allowance may be made for this. 
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Appendix 3. 

Pad deflections. 

In addition to the possibility of thermal distortion occurring 

during operation, each pad will be subjected to gas pressures tending 

to distort its shape. This possible distortion will be due to the 

following; 

1. An increase in the radius of curvature. 

2. Curvature along the axial length. 

The ratio of these deformations will be inversely proportional 

to the ratio of their second moments of area. In view of the high 

moment of area of the pad about an axis perpendicular to the shaft 

axis and the anticlastic effect, the departure from straightness of 

the pad along the shaft axis may be assumed to be less than the 

deflection experienced at the leading and trailing edges due to the 

increased curvature. For the purpose of calculation therefore, 

only the latter case is considered. 

With reference to Fig (53), the bending moment of a unit length 

of pad near its mid point may be expressed by; 

M = (pj-p )&! sine d9 +{.6(p^-p^)&R^ sinfi} ........(a) 

0 

If Q = f, then 

li = .166(p^-p^)R^^ .......o(b) 

If the stresses along the circumferential length of the pad arc 

103. 



constant the solution described by Ford (58), for pure bending of 

a rectangular section curved beam by a stress function, may be used. 

Where the stress function V must satisfy the conditions 

,8^ 1 3 ^ _ 

9r ^ ^ 

1 SV 
where Radial stress = 

r 3r 

3^V 
Hoop stress = — - = p88. 

Sr 

, 1 3V 1 3^V _ _ 
-2 - r - 0 
r 

Since the equations are only dependent upon 'r', this reduces to 

= K fd) 
. • . L\. oooooooooeoooobV^Liy 

dr^ ' 

After integration, the general solution is given by 

V — A + Br^ + C loge:r+ Dr^ loge' r (e) 

After substituting the appropriate boundary conditions in the stress 

component equations we have 

Q 
— J + D(1 + 21oge Ri) + 2 B = 0 ...............(f) 

Q 

— J + D(1 + 21oge R,) + 2B = 0 ...............(g) 

^̂ 2 

For equilibrium of moments 

R, 2 
pOe r dr = M 
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Hence M — - [v] 

R. 

R, 
oo®o»oo(ll) 

Substituting in equation (e) 

R, 2 2 
M = B(R^ -R^ ) + C loge 1- D(R^ loge R^-R^ loge R^)..(i) 

Solving the simultaneous equations (f), (g) and (i), 

D = 

^2 V ^ 
I loge ( — ) 1 

1 

( - 4 - A ) (j) 

( - 4 - - 4 ) 
R, R, ( 1 + 2 loge R^) 

R. 

2 loge ( ~ ) 

(k ) 

M 

C 

where C 

4 ) 
R. (R.^-R.^) . R." R," (1 + 2 loge R ) 

— 

+ 

( _ J _ ) 

^1^ r / (R^^ loge R^ - R^^ loge R^) 

2 loge 

' (m) 

Considering the strains and displacements of curved beams of 

rectangular section (Ford, Chapter 16, Section 7) 

The radial displacement is given by 

^ = 1 
(l+g)c 

+ Z(l-o')Dr loge r - (l+o)Dr + 2(l-o)Br 

+ sin0 + J cos9< o o o ( n ) 
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where D, C and D are constants determined by the boundary conditions 

for the stresses and F, and J are determined by the choice of 

origin. 

If in addition to the original assumption that the loading could 

be represented by a pure moment, it is assumed that no deflection 

occurs at the centre of the pad, then, 

= 0 

for a fibre on the central axis of radius 

R 
o 2 

^ = -I (l+g)C _ 2(1-0) DR loge R + (1+a) DR 
R 
o 

(p) - 2(1-0) BR 

5 
For a 90 pad, where — = ^ 

6 — — (6o31s.- - lo07 loge lolR. - ol7) oeoo»ooo(q) 

Substituting for M in equation (b) yields, 

6 — - o 553 X 10 (pj-p^) 0(R^) oooo«.i>« = oo(r) 

where $(R^) = (6.3R^ - 1.07 loge I.IR^ - .17), which is plotted 

for a range of values of R in Fig (54) 

Example. 

It is required to find the maximum deflection at the edges of 

1Q6. 



a 90° pad of 7" radius, subjected to a maximum film pressure of 

100 Ib/in'^o Given that ^ and ^ ^ 

From Fig. (54), $(R^) = 70 at R = 7" 

6= .553 X 100 X 70 

= 38.7 X 10 ^ inch 

For the majority of applications the values of both and 

(p -p ) will be less than those used in the example. 

It may be concluded therefore, that the suggested ratio 

^1 5 

— = -r- is satisfactory in limiting the pad deflections for 

^2 * 
most applications to within acceptable limits. 
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Appendix 4. 

Optimisation of gauge pressure ratio H for 

maximum gas film stiffness» 

a. Orifice Compensation. 

From equation (23) in Section 3.2.0 

2 
Gauge pressure ratio H » o 0 a o e ... ( a ) 

1 + (1 + ^ ) 
Z 

where Z = — F being a constant dependent upon the bearing con-
Fh 

figuration, supply and ambient pressures. 

Thus H 

1 • (1 •: 4 f \ ^ ) 

and 
24F^h^ ® = r — 

dh r- 2 6 
1 + (1 + 4F h ° ) (1 + 4 f \ ^ ) 

e 0 A o (b ) 

also ^ = ( 2 4 f\^) {-
dh"̂  

T > 

1 + (l+4F^h^) 2(l+4F^h^) 

- 120F^h^ (l+4F^h^) = 0 for a maximum value. 

Rewriting in terms of Z and simplifying. 

4.8 + 

|l + (1 -I j ) J ( 1 -I r ) 
4 2 ( 1 + 

= 1 

Z Z 

Hence the positive root is Z = 1.25 

Z 
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Substituting for Z into equation (a) yields 

H = .692 

and into equation (b) yields 

b, Inherent Compensation. 

Restating equation (a) : 

^ -.98 

dh h 

Gauge pressure ratio H — 
4 % 

1 + ( 1 + — ) 

but Z = — - for inherent compensation, 

Fh 

Thus H = 

; 4 % 
1 + (1 + 4F ,1 ) 

and 
dh 

•16F ^h^ 

H-(l+4F^h^) (l+4F^h4) 

o*oooooooA (c) 

ilsc - ^ = ( 1 6 ? ^ ) 
dh 

(l+4F^h4) l+(l+4F'^h^) 
%l2 

+ 

2(1+4F\^)2 l+( l+4F^h^) 
%l2 

= 0 

for a maximum value. 

Rewriting in terms of Z and simplifying, 

5.33 

Z 

+ = 1 

1+(1 + 
z -

Z(1 + 

z 
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Hence the positive root is Z — 1.4275. 

Substituting for Z into equation (a) yields H = .735 

/ \ - 1 1 dH _ -.615 
and into equation (c) yields ^ ^ 

two 
Thus the ratio of maximum stiffnesses attainable using the true 

. 98 
methods of compensation is ~ 1.59 

If the same value of Z were to be used for both methods, then the 

ratio would be ^ i.e. 1.5; but the bearing geometries would not 

be identical. 
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Appendix 5. 

The optimisation of machined in radial clearance for 

minimum total power consumption, at zero eccentricity. 

For isothermal compression, 

p 
E = p V loge f—1 

a a "̂p 
a 

_ loge 

24^71 A 
{2(m-Hn) + — } for a single pad. 

AR^H ( ^ - 1) 

s ITT ( 1 Ll -k 1 _ 1 l._._y I J orr. _L 21 j ^ ^ p / loge & {8^ + 
24y ^ "J "J s V ^ B nA' 

a a 

09oaoooeoao(a) 

It has been demonstrated by Rieger (59) that the expression 

for frictional torque in a concentric journal sleeve is accurately 

given by the well known Petroff Equation, 

where N = Shaft speed in r.p»sec. 4-rr^uR^LN 

AR 

T. • IT. 64uB^LN^ /, X 
Frxctxonal Power — 

AR 

Thus; 

E = Compressor Power + Frictional Power. 
tot. 

= 4AR^H - l) !H(^ - l)+^J loge(^]{8| + 

24% ^a ^ ^ 

64IJB^LN^ . . 
"T" »«oDaoaao*oo^C/ 

Differentiating with respect to AR, 
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_ 1 A R 4 ; 

a '— a 
d(AR) 2 y 

2 /s. L \ 
Pa 

a 

64yB^LN^ - H P • • 1 f , 
: 0 for a minimum value of E 

AR^ tOC' 

I.e. Ar^ =z 
2 3 2 

128y B LN 

H [ ^ - l) H ( ^ - l) + 2j loge(%^){8^ + 
^7^ 

r!f 
B • nA' 

.(d) 
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Appendix 6. 

Derivation of formulae for use in the experimental 

evaluation of Tilt Stiffnesses. 

a, Roll Stiffness 

With reference to Fig (55a) 

For pure rolling, 

hĵ  h^ ooooooooo»ooo(a) 

^1 " ^2 

Also, 2ey = h^ - h^ i.e. e = ^ — ( b ) 

For linear roll stiffness, 

g — Applied Torque 
r Angular Movement 

= W xa where a — moment arm 
app 

e 
= y a lb in 

(h^-h^) rad 

b. Pitch Stiffness. 

With reference to Fig (55b) 

Applied load may be resolved into two mutually perpendicular 

components, 

W . and W sin® acting as shown. 
pivot app ' 

Taking moments about the theoretical pivot point, 

Appied Torque = R W sind'. ...........(d) 
app T 

Assuming linear stiffness. 

Pitch stiffness is also defined by 
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, _ Applied Torque 

p Angular movement 

where the angular movement is given by, 

R̂ b 

for small values of R or it. 

W sii 

h^-h^ 

J 

Hence ^ ..o.ooo».o.o(f) 
P 1~ 2 
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