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PREFACE

The research reported in this thesis has been supported by
D.S.1.R. and conducted within the Department of Mechanical Engin-
eering. Gas lubrication studies at Southampton were started in
1959 by Dr. N. S. Grassam and have been largely concerned with ex-
ternally pressurized bearings. The present work was begun in 1962,
about which time evidence was becoming available that small clecar—
ance externally-pressurized bearings running at high speeds could
have very significantly enhanced load capacity, due to the aerodynamic
pressure generation. However the maximum speeds which could be run
at were limited by self excited instability of the type widely reported
for aerodynamic bearings. Little concrete evidence appeared to be
available about the exact nature of this or about the general dynamic
performance of these hybrid bearings, and the object of this investiga-
tion is to try to clarify some of these arcas.

The author wishes to thank his supervisor Dr. Grassam for his
valuable help and guidance in this project. Thanks are also due to
Dr. K. R. McLachlan, Mr. A. J. Munday and Br. J. W. Powell for many
fruitful discussions concerning the work, and to the former for his
advice and assistance on techniques of measurement. Except for the
rotors, which were accurately ground by Dr. Powell's Company, the

experimental rig has all been constructed by Mr. F. Kerens, whose



readiness to carry out the many meodifications throughout the work

has been greatly appreciated.



SUMMARY

The thesis contains an introduction to the field of lubrication
in general and gas lubrication in particular. The steady state and
vibration properties of both externally pressurised and self acting
journal bearings arc discussed and an exposition of recent theory con-
cerned with unstable free vibrations in self acting bearings given.

A new description of the general moachanism by which such vibrations
arise is presented, and the implications of the theory are discussed
in detail with particular reference to the hybrid type of bearing.,

It is found possible to give a concise explanation of the type of half
spead whirl instability widely observed in these bearings.

The general principles of constructing an experimental test rig

for examining the practical performance of hybrid bearings in the high

3

speed range are given, together with a detailed description of the j in.
diameter, annular feed hole bearing rig used,

A method of examining the aerostatic performance of the bearing,
under the conditions of variable supply pressure and clecarance used,
is developed from the work of Shires and Robinson.  Experimental
measurements of steady state stiffness are made and correlated to the
theoretical prediction.

The free vibration response of the rotor to a shock load is
examined, being a planar vibration with the rotor stationary, and an

orbital motion with the roter revolving, Simple analysis is developed



for each case and found to hold for large clearances, The unstable
whirl condition is one of zero damping and an experimontal method is
described to determine the onset speed without rumning up to it, by
observing the change of damping with increesing speed and extrapolating
it to zero.

Finally the case of unbalance vibrations is considered for both
hybrid and aerodynamic bearing operation. Theory is developed for
each, but in the hybrid case is found only to give a quentitative idea

of the change in performance with increasing speed.
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Nomenclature

A feed hole area
C squeeze film damping

ct overall damping to free vibrations

C* non~dimensional forced vibration damping
Ch feed hole discharge coefficient

W . .
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Cp short bearing load coefficient
D diameter of bearing
E Youngs modulus
F. film force aleong displacement line
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N transverse moment of inertia of rotor
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Y

distance of plane of feed holes from end of bearing

vibrating mass

number of feed holes
tangential force ceefficient

pressure (absclute }

ambilent pressure

downstream pressure in acrostatic bearing

mean pressure in hybrid bearing

supply pressure

distance of rotor mass centre from centre of bearing

time
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displacement vector
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L.
GENERAL INTRODUCTION.

1.1, Lubrication,

Two surfaces which have to slide relative to ome another present
the engineer with two basic problems -~ friction which absorhs power
and produces heat, and wear which causes changes in dimensions.
Modern practice is reducing the mapnitude of both of these, but the
amount of money that they cost industry must, with expanding mechan=—
ization, still be increasing from an already stagrering total.

It is possible to divide the methods of supportine one surface
moving relative to another inte fluid film lubrication, boundary
lubrication, and the use of rolling elements. The fluid film type
of bearing produces & complete film of lubricant between the two sur~
faces and can, under certain circumstances, be completely free from
wear. The lubricating fluid can be any viscous fluld and generally
the more viscous the lubricant, the greater the load which can be
supported, but the higher the friction. A complete film of lubricant
can be penerated either by relative motion of the surfaces or by
supplying fluid from an external source.  These methods will be dis-

cussed in detail later. Boundary lubrication is the half way stage

[

to the full fluid film type, and is used when the mechanism necessary

ilm is not present. It relies on the ability of

H

to support a full

the lubricant to form a low friction film, strongly bonded to the



bearing surfaces. Here the main property required is not viscosity

but what is known, for want of a better term, as ‘oiliness® which is
independent of viscosity.  However, it was evident from discussion

of this subject at the Lubrication and Wear Convention of the Institu-
tion of Mcchanical Engineers at Bournemouth in 1963, that even z concise

definition of boundary lubrication has not yvet been accepted.

‘311l Ffilm lubricants

Clearly only certain classes of
will possess any sigznificant boundary lubrication properties, and

care has to be exercised not to let the bearing surfaces come into
i3

contact 1f these are not being used.

Rolling element bearings 1f supplie & lubricant, can

utilize both the above types of lubrication, but in principle should
not be dependent on lubrication as only rolling nmotion is taking

place. In practice pure rolling weuld not be expected and this

»

lubrication plays an important part in reducing wear, This type of
bearing is used for leoads too heavy for film or boundary lubricated

hearings and instead of bearings using high viscosity lubricants in

It is very important to realize that any
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type of bearing represents a flexible support to the moving object,

and this must be taken into account when considering the application.

N
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1.2. Fluid Film Lubrication.

This is the most important type of lubrication and is widely

used. In this case the moving surface is effectively floating

directly on a film of the »ricant and does not come into contact
with the stationary surface, which is on the other side of the film.
This implies that the lubricating filﬁ must have a mean pressure
above the ambient equal to the pressure exerted by the forces on the
member supported.

Two mechanisms can be used to generate this pressure in the
lubricating fluid - which may be anything from liquid metal to the
lightest gas providing that it possesses viscosity. The first is to
feed lubricant from an external source through restrictors in the
bearing surface, in between the two surfaces.

The moving surface lifts providing a gap through which the

pressurized fluid flows to the ambient conditions at the edges of the

surface.




This is known as Hydrostatic Lubrication, and the first known
example of a hydrostatic bearing was seen at the Paris Industrial
exposition in 1878, This exhibition just consisted of a large block
of metal supported on four hydrostatic bearing pads, which could be
moved with virtually no effort. Subsequent development of the
principle proved this to be more than a toy.

The hydrostatic bearing will maintain a complete film whether
the surfaces are in relative motion or stationary. But with moving
surfaces, when the rélati?e velocity becomes great enough, another
rather more subtle mechanism can become significant, which will

create sufficient film pressure without the need for an external source.

[

An additional condition necessary for this effect i¢ tha

the gap i1s convergent in the direction of motion, This is commonly

U
LS LLLLL L L L L L L

achieved by a tilting pad arrangement as shown or a journal positioned

eccentrically in a sleeve (Fig, 3.2.1.b)., The lubricant adheres to



each surface and thus the bulk of it is dragged through the con-
verging wedge vhich due to the viscosity generates a pressure rise.

This effect is known as self-acting or Hydrodynemic lubrica-
tion and was first understood as such by Beauchamp Tower in 1883
when he obtained measurements of the pressure profile in a partial
journal bearing. In the same year a Russian engineer Petrov, recog-
nising the existence of the complete lubvicating film, made the first
analysis of the friction effect of the fluid in between two concen-
tric cylinders.

At about this time Osburn Reynolds had been deriving a math-
ematical model for the hydrodynamics of viscous fluids in thin non
parallel slots. On reading the report of Tower's experimental work
on bearings, Reynolds realized that the conditioms existing in Tower's
journal hearing were of z similar nature to those for which the
mathematical model had been propounded. He then set about obtain—
ing a solution to his equations for this journal bearing, and in

(22)*

1886 presented before the Royal Scciety in London the first des-

cription of the mechanism of full hydrodynamic lubrication.

1.3. The Use of Gas as a Lubricant.

In the previous section it has been stated that the Iubricant

can be any viscous fluid, and in the vast majority of bearings some
type of lubricating oil is used. However during the last fifteen

. = -
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years the limitation of liquid lubricants in certain applications
has lead to the development of bearings which run on a film of
£as . The idea is not a new one and originated with a Frenchman,
. . (12) . . . . . -
G. A. Hitn in 1854 who was experimenting on the friction of
lubricated bearings. During some tests he ran his apparatus with-
cut a liquid lubricant, and his besrings were sufficiently well made
to generate a hydrodynamic air film, the effects of which he ob-
served. Tt i3 doubtful if he would have understood why such a
bearing might function prior to Reyneclds work. This was the real
start and in 1897 an Americam engineer, Kingsbury, built the first
known air lubricated journal bearing and published some excellent
experimental data which confirmed that the ideas of Reynolds applied
satisfactorily to gaseous lubricants. In 1913 the first solutions
to Reynolds equation for compressible lubricants in infinitely long
13 PN . . . (11)
slider and journal bearings were prescnted by W. J. Harrison .

It does not appear to be widely known that a very early applica-
tion of air lubrication was made in England in 1905 by the electrical
. o . L {(6) ) ;
engineer S. Z, de Ferranti, His patent of that year marked the
commencenent of several years development o0f self acting journal
bearings for cotton spinning machinery. The original bearings con~
sisted of thin rotating sleeves mounted vertically. The stators

were mounted in rubber and this combined with the light sleeve mass

delayed the onset of vibraticnal instability, which crippled so many

6.



later projects, to above the 20000 rpm operating speed. The
machine which had many other revolutionery aspects was eventually
abandoned because of its general complexity and cost, although the
bearings functioned well.

The early work was 2ll concerned with the self zeting (now
usually known as Aervodynamic) type of bearing, and very little fur-
ther notice of air lubrication was taken until the late 1940%s.
During this period however the first externally pressurized or
aerostatic bearings were used in ultracentrifuges although no theory
was published for them, This did not come until 1949 when G. L,
Shires at the Mational Cas Turbine Establishment published two papers

(24, 25) experimental data for feed hole

O

containing theoretical an
type aerostatic journal bearings.
Cas bearings really came into large scale use when the U.K.A.E.A.
gasecus diffusion plant was built at Capenhurst. These plants con-
tain several thousand comﬁrcssors and power consumption is a problem.
Also since the ges circulated, UF6’ is radiocactive and corrosive, the
ability to use it as a lubricant makes an ideal application for gas
bearings. Their inherent reliability is also important: once
ruaning ne contact between rotor and sleeve occurs and no wear takes
place.  Experience at Capenhurst suggested the use of gas bearing

circulators in nuclear reactor applicatioms, since although the

coolant gas is not itself radiocactive, radiation conditions exist,

7'



and again the need for seals is eliminated. Due to the stringent

in the cooling circuit, aerodynemic

control of the amount of gas o
bearings had to be used. The Dragon reactor project at Winfrith

is the first to rely solely on gas lubricated circulators, commenc—
ing operation in 1964,

An added bonus in AGR reactor applications is that gas has a
véry'small viscosity change with temperature, but ome that increases,
whereas liquids in general loose most of their viscesity at high
temperaturos. At the other end of the temperature scale gas lub=

rication plays an important part in the development of cryogenic

on turbines,

ISH

techniques, being used in gas liquifying plant expans
In the last fifteen years an immense amount of effort has been
put inte the enalysis and development of gas lubrication.  Outstand-
ing contributions have been made in England by the following:
Shires - externally pressurized hearings: Ford - aercdynamic bear-
ing experiments: Whitley — nuclear plant bearings and seals: Powell
~ development of hybrid bearing machines: Marsh - analysis of in-
stability effects. TIn the U.S.A. Ausman has provided valuable

approximate solutions for self acting journal bearings, and Sternlicht

and Gross have produced books in addition to extensive theoretical

and experimental work, A recent survey indicates that gas bearing

research is currently being conducted in at least 23 centres in Europe

and 50 centres in America.



A close understanding of

4

lubrication has been reached during this period, which has far out-

.

t liguid lubricated variety.

stripped the knowledge of the par
This is because the gas bearing has a single phase lubricant, whereas

the liquid bearing almost always

single phase system

Cha

nf liguid and vapour. However,

i A

offers a considerable imsight intc the mechanisms of, and the way to

treat the more complex two phase sysicms. It is also true to say
that since liquid lubricated bearings could be made to perform their

mpirical methods, not such an intensive

(D

duties fairly readily using
ceffort 18 made | st ai a full understanding of then The same is
ort was made to chtain a full understanding of them, 1e same 1s

depth are also more

perhaps true of

complex than aserodynamic pas hearings.

the merits of gas film lubricated

.

bearings but nothing shortcomings. In general more precise

to be produced than are necessary

)

earing sizeg and geometries hav

for liquid bearings. Also the load capacity is small, leading to
large bearing sizes compared tc other types of bearing.  Where numer-

ous starts and stops are to be made with aerodynamic bearings, par-

to the choice of bearing materials,

lar attention has to

r
[
¢
o

as no boundary lubricaticn is present.



A major limitation to the widespread use of gas lubricated

s is their dynamic characteristics. It has been
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mentioned previously that the bhearing form

the system, z2nd in fluid film bearings is a prime factor in the
study of rotor system stability. Thrust bearings do not in gen-
serodynamic and externally pressur~

sxclted orbital vibration due to

o
font
®

cise mechanism of this is complex,

5

and will be described in considerable detail in 2 later section.

»

The occurrence of this instability in a pure aerodynamic journal
bearing has been the subject of a recent doctoral thesis at Cambridge

(14)

Marsh who alsc examined the dynamic response of

v ‘7
i

University by
this type of bearing to imposed vibrations.

For the externally pressurized bearing however, very little con-
clusive information has been published on the dynamic response, which
differs from the aerodynsmic bearing in that it has stiffness and
damping properties with no rotation and no forcing, and that it
exhibits a natural frequency to out=of-balance forcing (which has not
been reported experimentally for the aerodynamic bearing, although as
T . .

latex, 1s theoretically possible.) In this case the character~

shown s

istics will be nmot only a function of rotor properties and gas film
geometry, but alsc of the way in which the pressurized gas is fed

into the bearing clearance.



This thesis is concerned with gas bearing vibrations including
those caused by unbalanced rotors, with special reference tco the

externally pressurized hybrid bearing.
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THE STEADY STATE GAS BEARING.

o

Iy that bearings may

either aerodynamic or aserostatic, and it is alsoc possible for bear-

inge to perform through a combinastion of
The szerodynamic bearing operates
between the surfaces, either tangential, normal or more usually a

cowbination of these. It is thus usual to subdivide into bearings

which rotate, giving mainly tangential motion, and those which do

not and are called snueeze film bearings.  These latter, whilst not

widely known, are likely to be of importance in applications where a

as film is required with zero rotation of the journal, and in cir-

ki

aJ

cumstances which do not allow externally pressurized fluid to be
supplied.

Aerodynamic thrust bearings dependent on tangential motion can
be built utilizing either the converging wedge principle or a

‘vigcosity groove' im one of a paivr of flat parallel plates.  How~

ot

ever, thrust Learings of either the ype

eive few problems when compared to the journal bearing and this work

Ling
ecifically

will be concerned only with journal bearings unless sp

mentioned.

12.



2.2, The Aerodynamic Rotating Journal Bearing.,

Referring to the sketch below it may be seen that in order
to form the converging wedge necessary for aerodynamic pressure
generation from relative tangential motion, the journal centre
must be displaced to an eccentric position within the sleeve.
In fact two identical wedges are formed on either side of the
position of minimum clearance, which give rise to pressure changes
in the gas film having supplementary effects in supporting the load.
The pressure is positive on the low clearance side of the bearing

and negative on the large clearance side, as shown in the diagram.

CLEARINCE ZHAPE PRESSu@RE PROFILE

B

L E
oF
LEB,
CE NTRES ;“j%

The pressure profile is such that the resultant pressure force

does mot act through the line of centres, but at an angle ¢, known

139



as the attitude angle, dependent on speed

C
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a theoretical 90

leading the load line at zero speed, and reduces towards zerc as the
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It is worth noting at this point th

type described above usually have their performance described in terms

5.)

of a parameter called the compressibility number A defined as

a

R (1{\2
\ 5 §
a
where y is the lubricant viscosity
w is the votational speed

R is the bearing radius

radial clearance

3
[ 8
n
+
T
o]

the ambient pressure.

g
poin
0

This is nondimensional and its origin will become clear in the section

on bearing analysis.
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v
]
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The lead supported by such a bea: s dependent on speed,

clearance, bearing area, relative length to dismeter, ambient pressure,

viscosity and eccentricity. Performance curves are normally presented

in the form shown
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and cover a range of L/D values, A comprehensive set of such

graphs has been published by Raimondi(21) and are reproduced in

a number of text books e.g. refs (8 and 10).

It can be seen that at low values of A the performance is
close to that of an incompressible lubricant, but as./\ increases
the increase in load capacity falls away. Thus there is a region
beyond which no useful purpose is served by achieving higher com=
pressibility numbers. Tor long bearings this is approximately
A =1 and for short bearings in the region of A = 10. The maximum
possible load capacity which could be achieved with a gas bearing
is something like 95 Lb/sq.in. of projected area at 0.9 eccentricity
but in practice due to a number of factors, principally starting
torques, the usual loading is in the region of 3=4 Lb/sq.in. It
has been mentioned that due to the change in the positions of the

high and low pressure regions with A, the angle between the load

15,



line and the line joining the centres of the two members changes. This
is the other main design feature and is normally presented in a similar

manner to load capacity. This property can

be important in certain gyroscope applications where the position of the

journal centre must be accurately defined.

2.3. The Squeeze Film Journal Bearing.

The second possibility for aerodynamic pressure generation capable
of supporting a load in a journal bearing is a relative plain vibration
of the centres of the two members, with no rotation necessary. This is
normally classed with unsteady bearing operation, in which it plays a
very important part, but as a steady load can alsoc be supported by vibra=
tions alone, the mechanism is described in this section.

In this case, bearing performance is defined in terms of a non-

dimensional 'Squeeze Number' o

16,



12‘uw1 R+ 2

P, ¢

in which frequency of vibration Wy is the major wvariable.

At low values of Squeeze Number o the gas is sucked in and
pumped out of the clearance space, giving purely viscous effects
[Viscous dampingTU As ¢ increases, the viscous forces opposing
flow increase, and in the central region of the bearing compress~
ibility effects begin to dominate ~ gas is compressed and expanded

giving resistance or spring effects., The gas film now represents

Fivvng

a spring damper combination, and due to the load the mean position

of the free member is eccentric to the fixed member, Thus as pressure
(1y?

generation is a function of Uﬁ) the pressure on the load side of the

is less than that opposite, giving a net load carrying cap-

acity.

As v » « the compressibility region tends toe the outer edges
of the bearings giving a pure spring action. In this limiting con~
dition no flow takes place, and the system is analagous to a piston
in a closed system. Now Boyles Law (pv = const} provides a close

representation of gas behaviour.

17.



Squeeze Film bearings can also operate on liquid lubricants®
but as these are almost incompressible, the principle of operation
differs, and relies on the cavitation of the fluid in the low pressure
regions,

The load bearing performance of squeeze film bearings can be
presented in a similar manner to that for rotating journal bearings
except that the séueeze number ¢ is used instead of A, As before there

is an optimum design region

w

DPTIs4U, &
eyl

It is quite possible to build such a bearing using piezo=electric
ceramic materials which when fed with an alternating voltage produce

a corresponding normal deflection of the surfaces.

18,



2.4, The Aerostatic Journal Bearing.

The term aerostatic for journal bearings only really applics
for zero or 1cv speeds of shaft rotation, i.e. very low A's. As

L rises, the contribution from the aercdvnamic effect becomes sig-

nificant and bearing operation becomes what is called "Hybrid',

"

¢ magnitude of this aecrodynamic component of the load capacity is

»

largely a function of the bearing size, compressibility number and
cccentricity.
For the aerostatic bearing a source of pressurized gas is needed.

Thig is metered intc the bearing clearance through flow restrictors,

which may be of the following types Tig (231la), (A) The annular orifice

w
[
]
P
juy
©

or inherent compensator which is a plain holc ing wall.(B)
the simple orifice in whick the hole terminates in 2 pocket.  Tha

term 'simple’ is used because a change in local bearing clearance

does not change the flow area of the restrictor,.(C) the capillary

-,

tube restrictor which is not widely used.  Other methods of compen~

tion inmclude porous wall bearings aond elastic orifii. The 'feed

jak)

g
holes' are nmormally arranged in rows around the bearing each row
containing between 3 and perhaps 16 holes. It is usual to have either
one central row or two rows at quarter length stations of the bearing,
although of course different arvangements can be used,

The mode of operation of the aecrostatic bearing is illustrated

.

by Fig. (231b) which shows a bearing with a single row of four feed

19.
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sure difference across it supports

o

a bearing is primarily
area. Heowever, the

axial position of feed hole

type, have optimum conditions for

tch the two flow

™o

SLiCE

This is done in terms of a

which is often taken as 9.4~0.5
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For mediuwm eccentricities, the

order 167 for hetween 0.3 and

degree of lattitude in fe cter.

In designs where stiffness is of

a major factor since the effective

clearance. Thus the smaller the clearance the

it being necessary only to make the feed holes

pressure factor at optimum value which is, howev
the same as that for maximum lead. In practic

relationship is

]

stiffness falls away

Y e

¥

after which

The other factor which is usually

change in lo

0.7 which

of importance

)

ad capacity is
allows a fair
rance 1s
stiffness,

higher the

ver, not necessarily

the load-deflection

inear only for cccentricities of up to 0.

in aerostatie

bearing design is air congumption. This can be reduced by keeping
the feed hole rows away from the end of the bearing, at the expense

of angular stiffness

the

[

aller the clearance, the lowe

E3 e

manufacture of the bearing.

o)

ostly the

The method of analysis of this type of bear

Section & where the the

work are calculated.

and pessibly of lcad capacity.

air consumption, but the mcre

3

ing is given in



e Hybrid Peering.

The last section on the aerostatic journal bearing was re-
stricted te low or zero journal rotational speeds, i.e. low A's.

In bearings where the clearance is small, speeds giving aerodynamic

aerostatic

bearing pressures can be attained, nnd these have become known as

hybrid beavings.  Such bearings have advantages where the weight

of the rotor is the only load imposed but where at the

-9

operating speed external loads are applied (such as in high speed
cutting tools). Alsc very important is the stability of these bear-
ings, which is generally much better than for pure aerodynamic oper-

ation, This will be discussed in o later section.

air almost all aerostatic journal bearings are designed with small
clearances and become hybrid if run at speed. Thus in cases where

bearing dynamics have to be considered, usually this has to be in

terms of hybrid bearings.
The desipn load capacity of hybrid bearings can be achieved to

a fair approximation by 2 superposition of aerostatic and aerodynamic

.. .4 (19 ; oy 3
characteristics, as proposed by Poweil( ) for example. This 1s

mited range of operating con-

et
[N

likely tc be accurate over a fairly
ditions, but a full analysis of Reynolds cquation incorporating th

[

feeding of pressurized air is likely to be too complex to make a

o

2.



sclutien tractable, even if the conditions at entry te the gas film

can be fully described. Progress is more likely to be made by con-

ki

tinuous sophistication of correction factors to achieve the actual

jes)

performance predictions.

23.



AL BEARTNG.

b a system using pas lubricated journzl bearings we are

nterested, not only in the ability of the bearings to carry specific

bda

steady loads, but also in the system's response to applied dynamic
lcading or vibration, and in the system's stability in respect of self
excited vibrations.  The response of the rotor must not be so large
s to lead to the amplitude exceeding the bearing clearance, and in
certain applications where an accurate axis of rvotation is requirved,
the restrictions are much more severe than this,

The most ceommon applied dynamic load is due te rotor unbalance,
which is at rotor frequency, increasing in magnitude as the square of

speed.  The rotor response under these conditions is discussed in

rources of loading stem from the devices

¥

detail in Section 9. Other
which the bearings are being used to support: e.g. turbines, grinding
wheels etc. Vibrations are imposed on the system from the environ=
ment in which it is operating, and are transmitted to the rotor through
the gas film, which may amplify or attenuate the vibration amplitude.
The frequency spectrum of such vibrations may be extensive and capable
of exciting any of the resonances which the system displays. We

shall see that each type of bearing has one or more such dangerous

resonances.
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Considerably more important are the occurrence of self excited

vibrations. One type occurs in externally pressurized bearings with

”

packeted feed holes and is known as Pneumatic Hommer.  This can

-

normally be overcome by correct design of the feed hole pocket. The

1

: +

other type which may occur in all film lubricated journal bearings

vith rotating shafts, is a self excited rotor whirl, which under ncrmal

1

circumstances leads to complete bearing

&

failure. Close to the

)

i

o

stability boundary, a small change in speed leads to a rapid transition
from steady rotation ¢f the shaft about its axis with a balanced shaft,

steady synchronous whirl of the shaft axis about its mean position,

2

or
into an unstable whirling mode at some frequency less than or equal to

e 1

half the rotor speed. This is commonly known as ‘Half Speed Whirl',
although the ratio can "iffer considerably from one half,

The instability occurs in liquid lubricated as well as gas
lubricated bearings, and was first described as such by Newkirk in
1924.  Since that time many attempts have been made to solve the
mathematical equations governing the fluid film behaviour under

dynamic conditicns and to predict the conditions which govern the

wgh speed digital computers

onset of imstabiliity. The advent of

has lead to a number of recent numerical solutions for the aerodynamic

. .y L (14 . s s
bearings, the recent Cambridge thesis by ﬁarsh( ) being the first to

=

present an insight into the exact mechanism governing bearing instab-

ility, and to calculate accurate whirl onset speeds.  This work was

25,



done for gas lubricated bearings, which although complicated by

compressibility effects do not exhibit the cavitation found in liquid

the definition of the liquid/vapour

fui e
43}

film journal bearings., It
boundaries which is holding up further progress with the analysis of
liquid film bearings, and indeed it looks possible that no solutions
will be found. However, the analysis of the single phase gas lub~
ricants provide valuable insight into liquid bearing phenomena, and
in many cases will lead directly to solution of liquid bearing problems.
The dynamic characteristics of aerodynamic and aerostatic (in-
cluding hybrid) bearings have certain similarities and certain funda-
mental differences, and the following sections will contain a guide to

the analysis of bearing dynmmics, and a description of their character—

istics.

3.2. The Aerodynamic Journal Bearing Lquations.

The basis of lubrication is the Mavier-Stokes Momentum equations
for laminer continuum fluid flow. These are complex, but for a thin
film (Fig. 321a) it is possible to make the following assumpticns: 2.g.

‘soa Gross(lg)°

5 204
The vy component of velocity is small compared to the x and z com~
ponents.,

Variation of velocities u and w in the x and z direction are

small compared to that of v in the y direction.



Inertia terms are neglected for gaseous lubricants.

The equations then reduce to

b _ 8 (.. Auy

ox oy \F Sy

9 .
-;f; = 0 3.2.1.
(o}

L A

dz gy 0 oy’

For the case of the journal bearing shown in ¥ig.3.2.1. ,
equations 3.2.1. may be integrated to give the velocity profiles

along and around the bearing

2

1 .y cp L Uy
J O e - ) e B3
U= 5 y(y~h) ~

35262&

where h is the lecal clearance
Uis the moving surface velocity,

The second equation of this film lubrication is the Continuity

4

1 ig meither created or

jar
<
=}
=t
~
=
(0]
[N
=]
=
£
g
[te
2]
rJ‘
]
Bk
o
Pbe
s

Equation. For a fixe
destroyed, the mass of fluid entering per unit time must ecual the

S.

%]

mass of fluid leaving plus the stored ma

321b the circumferential distance

[

For the bearing shown in T

o
(=

is given by x = R¢ and the axial distance z =

27.



The equation of continuity for the element hRL&¢SZ, is given by

?6¢£§Wd%

- 2ol 3.2.3
at . 2] -] a

Now to a first approximation since ¢/Ris very small

h=c¢c (1~ ¢ cos ¢r)
also ¢, = ¢ = 6(t)
3(ph) _ - . 3 ah
Hence T =. h oy + p Y
TR 98 oo g ;
= h T ple 5T cos ¢r + cg 5 sin ér 3:204,

28,
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t

hl

o &
© 3

!

and ce

T
e
(o

perpendicular tc the line of centres.

Substituting the velocity equation 3.2.2. th

Reynolds equation is obtained

. -
o ~ G
o 2 h-p dpt _
[ —— —h ] o=
P ~ [
R a3 gl
7P R d(:,J

bl 10

L

p = p/p

c = ofo
[ =%
wo= o oule

and for the gas film whicl

p=p. and ¢ = L.

The Reynolds equation which goverus

distribution for a generalised journal centre movement i

29.

cos & = = pce‘—i sin

1 operates under

the

12

o
3

general form of the

al

ga

]

represent journal centre velocities

isotherymal

2h ap,y
& ot

form

along and

L
©
N3
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where f = - (~J 3.2.6.
D e

the Compressibility Number.

The boundary conditioms for a plain journal bearing are

D=1 forg=+%1/2

and the pressure must be periodic in ¢

This brief derivation of Reynolds Equation is repeated from
reference (14) since it shows clearly in terms of fixed and rela-
ve coordinates the equation for any generalized motion of the

o

e

t
journal bearing centre.

The Modifications for the Bybrid Bearing.,

3-30
The above equation applies to aerodynamic operation, but the

equations can be extended to cover the case of external pressuriza-
tion. This involves modifying the continuity equation at the
points at which gas is fed into the film., (gn’¢n) giving for the

element hRS¢LEL encompasing

30.



13 b 13 [[P g ([0
= 2 = 3 = =L ;
R 56 (J wiy) + {5 H VeS| T Bt (f pdy) + Y3 3.3.1.
o 0 0 L 6
n 'n
Where the source area is RS¢LECZ, and the flow in is w, lb2
3 fesec
Reynolds equation becomes
3 lpm .8 ks - X GE - 27598 o
5 (7 354 SET R [ @ 2T f e,
T 2w
_ 2% 48 LTI i W
= p e3¢ sin 0. * = pref A | 3.3.2,
? by

and can be combined with the flow characteristic of the feeding
restrictor, and solved analytically if the bearing is of the porous
type, or by finite difference techniques assuming the source area

to be the same area as the mesh used to define the pressure field,
This has not been attempted except for a simplified analysis of
squeeze film pressures using an idealized feeding source uniform
around the bearing in the place of the feed holes, by Mullan and
Richardson(l7). It seems probable that the value of such solutions
would be limited as the flow conditions from the feed hole are known
to be complicated, invalidating the basic assumption that fluid imertia
can be neglected, and camnot be simply described mathematically.

(23)

The theory of Robinson and Sterry which uses a jet and slot

flow model for the aerostatic bearing, predicts steady load capacity

quite well, and hybrid steady operation can be estimated as previously

31.



indicated. However, this type of model is not much good for
describing dynamic behaviour and it seems probable that the best
way to derive design information will be from an experimental
approach, based on the theoretical indications provided by the

more tractable aerodynamic bearing dynamics,

-

3.4, The Stability of the Aerodynamic Bearing.

Rotor vibrations in one and two bearing svstems can be class-

M

ified into either a tramslational or conical mode

the axis of the rotor remaining parallel in the former, and des—
cribing a cone in the latter, the centre of which need not be within
the bearing or bearings in a two bearing machine. However, for

the case of self excited vibrations of a balanced symmetric rotor,
the centre of conical whirl will lie at the centre of the system.
The conical mode is complicated by the facts that gyroscopic forces
come into play, and that in & two bearing machine, the motion is a
combination of tramslational and conical motion., The operaticn of

the system will normally be limited by the omset of one of the modes

of instability and it is generally possible to ensure that the conical

32.



mode is suppressed completely by making the tramsverse moment of

inertia I more than twice the polar moment of inertia IPa

To illustrate the form of analysis used by Marsh for dynamic

characteristics, 2 simple case will be tzaken of a symmetric bal=-

e plain serodynamic bearing rigidly

‘...\

ed rotor supperted by a sing

translational mode of whirl will be considered, develop-

v
o

mountaed.

ing from a steady state position defined by the eccentricity'eo and

attitude angle 8 , and the forces examined which result from an

8
o
nfinitesimal elliptic journal orbit at frequenmcy w, described by

fobu

e

armonic variations ¢, and acela

Thus the generalised journal position is defined by

Q]
it
9]
+
™

o 1 3.4.1.
iw. t
A . 1
o= 8 4+ g O
0 o'l

A fixed coordinate system is chosen such that the radial and

tengential axes lie along and perpendicular to the steady state line
g perp v

of centres. The prediction of an unst b

flnltGSlngl orb'+ does mot necessarilyimply

stlll be unstable when g

of operation.
The pressure forces acting in a gas bearing may be resolved into

components, acting radially and tangentially to the line of centres,

33.
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e expressed



. .
= 1~E CO89Q
o (1-e cosg)
Wy
0 = == the whirl ratio
ul
i = /=1
Note that these equations are in terms of 4 where
1w, t
6= ¢+ 6.e
5 Yr 1
The boundary conditions are
n =1
Py N
} on ¢ = * 1/2
Py = p, =0
and P, (¢} = p_ (¢+27) for n = G, 1, 2,
i

T e

Also pressures are
The solutions
differcnce methods

at each point in th

M

surrounding it.

all symmetric about the bearing centre.

to these equations may be obtained by finite
on a high speed digital computer, the pressure
e grid being determined by the four pressures

1

n

arsh used a grid which divided up the bearing

o
o



method

The first eguaticn of 3.4.3.

of golution is to write 1t as two

H 2 i e T{ -:: - 'i_
. (_O,
T § —
The density field P ig equation ‘A7 solved for a pressure
field D e This is then made equal o p  and a new solution obtained.
e ! o
Iteration is continued until a convergence criterion for p_ is

o]

3

satisfied. The other aquaticns are linear but depend on the solution

W
£}

of p .
The pressure fields so obtained are integrated around and along

the bearing, and the radial and tangential components of resultant

force obtained

- 1
" = = - s
r T
3 l4 04 L
1 e
A A
. .
o ! -,
7, = = | L p osinddédy
- J J
.-% o



If friction forces are neglected it follows from equation (3.4.2.)

that these two force components can be expressed by

_ _ a?r S-F-*r 1u51t
= J—— |2 PR — )
Fr Fro +[€1 ael Y 881 Ae
3 04 55 @
}‘ 5\,.:{: 8-1? = 1wlt
= = Tt t le
= T e | P
Fr to a1 J€ H1 28,
1 1

L and Fto are the steady state forces which combine to support the
steady state load on the bearing.

The dynamic equations of motion of the journal are

ilw, t - 9F 3F 4wt
~mew, 2e. e L. mp BLg € L+ Lle L
nCW, “E .6 = 7p FlLg — G, e g
171 Pa"ME 181 Te 1 38,
1 1
iw,t oF 5F, 1wt
~me”. 2¢ §.e Tp Rigle, met 4 6, ot @ -
U1 el TRaTTe ey 1 38 3.4.6.
4

These may be revritten in matrix notation



r afr 1 ?f¥ i |
- - 402y e €
3g 1 e 28 1
1 o] 1 o
5 1w, t
1
i _ e = 0
oF aF
t - 1 !_. - N
e, > 381 ol
L 4 L -

or
T 1 r .
T s T e the translational
1 o 1 . .
vhere A(Q) =~ dynamic stiffuness
3T , BF, matrix at whirl ratio Q
[ e [
T s TR
at £ shvj
b l 1‘ o
~ "1
£ '
7z o= the displacement vector

Lev)
et
[ —

N
MW s
: the Stability P mete
Y1 fonn RL e Stability Parameter
g

A self excited vibration can only exist if this matrix equation

admits a non zerc sclution for the displacement vector x, which means

in effect that a small input (g,,e 6.) does not die away. This only
s

defines a condition of neutral stability, but it is found in practice

that a very small increase in speed makes the bearing unstable.



Hence for x £ O

[A(Q) - 40%4I] =0

This condition is found t¢ cxist only for one finite value

of the whirl ratio ch and one razal value of the stability para-

meter, v g- Thus at the onset of instability

R}
it
]

el
= Y _ 4 o
{1 CL 304:((}0

where x_; is the critical eigenvector of equation 3.4.7.

7
QC1 is found to be equal to or less than-% which ig the halfe

ent vector 18

spead whirl instability. The critical displace

approximately

»
et
il
ey
)
'

wvhich means that the journal centre traces an orbit nearly circular

in shape. The translational whirl effects in a two bearing machine

-

sre dirvectly additive and the criteria for the onset of instability

1

8

whilst, as before

-]
i
o
&
]
"

el ? cl



The rethod usad to obtain the critical parameters for a given

bearing is to calculate values of the dynamic s> iffness matrix A{Q)

at three values of whirl ratio = 0.4, 0.45, 0.5. A parabelic inter-
polation is then used to determine the critical walue O.1s and the

critical stability parameter follows from the real eigenvalue 4Qciycl

of the mairiz A(ch}, Results are presented on stability rrarts in

vs f for various eccentricity ratioas, at

the form of curves of vy
cl

each L/D ratio.

Loy .

To test the stability of a specified bearing system at its
running speed, the steady state operating eccentricity (go) is
caleculated and the point (EO,A) plotted on the chart, giving the

critical stability parameter Yo+  The test is now made and for

Y1 < Te1

the system is stable.
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a motion %, then

the gas

If the critical frequency ratic and orbit are such that y_ is

P=te
ja i
1
]
+
Pie
0
AR
[
[
o]

real then from equation 3.4.9. the lubricating film is

, . . \ L - ]
behaviour with a spring of stiffness ti; Y.
I i 14 @

ilm ~ a condition clearly necessary for the onset of a

d description of the

conditions existing at the onset of whirl might be of some value to its

understanding. Fundamentally the feature of f£luid film journal bearing

s
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act in the same direction but at the "attitude angle” to it. It
can be considered that the force has components along the line of
centres and perpsndicular to it. It is this latter force which
renders systems like this potentially unstable. The equations of

motion governing the journal are given in 3.4.6. and represent

g5l

respectively the foreces acting along and normal to the line of centres,

9

These are written in matrix notatio

It is scen from equaticns 3.4.3. that the coefficients of the

matrix A(Q) arc complexz numbers ané the A(Q) may thus be defincd

(agy + ibydey * (ay, + ibyyle by le

inertin forces along and

#
5

[
-
o

o]

vhere 4szlel and 4Q4y15091 represent

perpendicular to the line of centres. It may be seen that the gas
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BTN

will

5

Any smell vibrations will be at the resonant frequency and

die away at a rate Jependent on the total damping, 1f the effective

st the natural frequency

~overned entirely A5 not die away.  This

is ecquivalent ©o a state of neutral stability.

bearinr, the coulvalent gas film constants in the two planes will not

0
et

be equal, leading to an elliptical free vibraticon crbit (el, eqal)
[

t whirl ratic Q, governed in part by the two spring stiffunesses and

="
N
ey

» part by the damping compoents.  The stiffness and damping components

e

are in turn functicns of gpeed, frequency ratic and orbit,., During

i

stable operation damping is peositive, but as the speed reaches the

N

ratio become such that the damping

critical speed, the

forces in ench divection are exactly zero.

The rotor inertial force is now balanced exactly by the spring

force

4t



where m 1s the non Jdimensional rotor mass.

reduced to zero becomes ne

; until

amplitude n

%]

bearing wall,

linearities of the pressure £ probab

when damping is changing magnitude slowly clo
speed cendition.

The actual freguency o will

natural freguency of vibration of the rotor

in prac
£
the

COCUrs

fall

ha dnampine which has

tice the whirl
rotor contacts the
due to the non~

1y this only occurs

el
133

se to the critical

in between the

on the effective spring

in each of the two divections, the gas filw acting as though it were
a symmetric lincar spring of magnitude §4Qilyfﬁﬂ. Increasing the

, - -1
eccentricity not only increases the overall magnitude of the two
spring components, raising the frequency of vibration, but alsoc
increases the nf the syste ratis

the two facters being mutually beneficial to

The simplicity
that the four criteria

by

the soluticn of

when it has

parameter,

the whirl onset speed.

illustrated by the fact

5, 3.5.6. are satisfied
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iwlt i.ult
where X ¢ and x,e represent the orbits at frequency wy of
the rotor and journal respectively, and the stiffness K is written
“ 3 ’ Y I{.c g 2 1
in non dimensional form as k = == AS
7p_ RL joey ey

The equatien of motion of the mass m is

Rt et

1 mR
% we
1 n
or b AR
pe we o=
2 n
where g o=
L !,Ln Vv

£
[

where ¢ is

3

But also -
“n
Qeg = ==
cr
where o is the onset speed of vhirl instability and »_ is the
- iz
frequency of the instability, representing the metural frequcney of
s L 4o - . . = S o —‘]t‘ P r’. Z 7
the rotor mass on a spring of stiffaess Lk = laoc Yo ;
[ €1 %1
L 4



(3]
Hence “n/w, = Yer/fu

1
2
X w
and ;% = 43
o 2 w2 - o?
crY
or L= Me:s;cam 3.6.3.
%2 Ye, YR ,
m ¢ w?
where vy wocnen
1R 4mg P, RL
r

Ve —p ¥

It follows that the relative motion can be written

B Yir ' ‘ :
(%1 wxz) = W«MTM xz 30665}5

The experimental technique is to vibrate the sleeve im two

planes, such that the orbits of the sleeve and rotor exactly match.

48.



The cystem is then following a cr i i

ratio. By measuring the absolute

The method is applicable for any type of bearing using any type
of lubricant including non-Newtonian fluids, subject only to the pro-
vision that there exists a steady state operating condition.  Thus the

b-llty boundaries of beavings for which mathematical analysis is

intractable, including nearly all liguid film bearings, may be quite

gimilar except

analysis.  The

derlying

stated above, and the stablliity condiricns can be stated in the same
way. It is usual to test the stsbility of a system both for the

transiational and cenicgl



by the first mode of imstability to occur.

saring sleeves to be mounted in tranps—

»ible mountings. This provides an

ving it way be possible to

the first onset specd of whirl altopether or to limit its

crease in speed range before whirl sets in again.
4 method which has for some years been used, on an emperical

acting bearings is to lobe the

basis, to ¢
surface, which has the effect of providing additicnal converpging wedges

eccentricity of the shaft within the bearing.

toc the one
This type of bearing offcrs the possibility of

environnent which

-

achieving this is by putting finc spiral

Fuy
[
sl
=N
o}
or
e
jund

D
o)
|
T
L4
+

)
Fh
ot
jup
{©

grooves in one of the surfaces which pump

These methods arve not ecasy to design, and extremely costly to
manufacture and for applicaticns where synchroncus vibrationms can be
tolerated, rotor unbalance gufficient to produce a significant vibra=-

tion cccentricity can result in an offset of half speed whirl,
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to optimised stab
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seenr that for normal purposes there is little point in not desiguing

the bearing for continucus hybrid operation, ficnce the problem will

acrostatic hybrid

and a




THE

4.1, Introduction.

self-acting

ings. The

e
=3

static in o agrodynamic gas fi

forces are not important. These, rely control the
stability of this type of hearing. o»f external pressuriza-—

and thus to modify the steady state performance and the dynamic stiff-

e

ness matrix A(Q). However, a full scale solutien of this equation
would probably not vield very accurate informaticn due to the lack of
certainty about conditions of flew at the cxit te the feeding areas,

and would be expensive to compute due to the variety of feed hole con~

figurations, and pressurization conditions, Thus it will be much

aring analysis.

From expericnce with large clearance hybrid bearings (refs. 7,
20, 29) we have learned that when these have a load capacity at zero

speed, they exhibit a resunant frequency to unbalance or impressed

vibrations, contrelled by the aerostatic stiffness of the gas film.
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this is doubtful since he used bearing sleeves flexibly mounted or

by the use

study of gas

Learing dynamic charactevistics is not zvailable, and even had it been

[
5]

it felt that more qualitative work is necessary to map out areas

is male, in cases where simple the

ory does not correspond to the ob-

erved characteristics, to construct empirical formulae since it is

= - Ty e e -~ Fy gt T
felt that apparatus should

purpose, and herc a2 general experimental rig has been used.

The purpose of this investigation 18 to present a review of the

relationship of these te simple theorctical predictions, and qualita-
tive predictions based on the knowledge of the two extreme operating

Since the aercstatic stiffness is of prime importance in

(94
B~
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5 Letween the Whlrl onset

solutrion.

sp ed and _not previcusly

ement -£o

an occurrence uot previously pestulated. Thus a hybrid theory to
calculate the stiffness and damping coefficiencs und conditions

of synchronous leading is developed, and theoretical response curves
calculated. Experimentnl response curves are obtained and the
resulting stiffness and damping coefficients

The one major omission

tion characteristics of the

ponse of the system to variab

different running speeds.
recorded the twe nmest important vibration conditions ~ the free

vibrations and synchrenous forced vibrations = at any speed. Hore

comprehensive results weould bhe

vhele test apparatus on a large shaker, 2 facility which is unfor~

tunately not available.
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5.

THE EXPERIMENTAL APPARATUS.

5.1, Introducticn.

The original concept of this project was that it should be
concerned with the high speed characteristics of hybrid journal
bearings. 4 completely new experimental hearing apparatus was to
be constructed incorporating a number of features not available in
previous work within the University.

For the basic layout it was decided to use a two bearing,
symuetric, rotating shaft system shown in Figure 5.1.), as being the
most versatile type of layout. A single bearing apparatus would
have many advantages over this in that it is very difficult in a
two bearing system to make the clearances the same, and to get the
two bearings aligned parallel to the shaft. However, there are
the disadvantages that a single Learing rig of the required rotor
diameter would be very small to handle, and in general it would be
very difficult to build a rotor with an inertia ratio such that
cylindrical whirl instead of conical whirl could be obtained.  Also
the gas film stiffness tc conical motions would he small, leading
to low whirl onset speeds. Also the rig would not yield as much
useful information about the behavicur of practical gas bearing
machines which are almost universally of the two bearing type.

From the consideration of reaching high speeds a small diameter
g nLg P
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roter was desired, but against this had to be set the regquirement

of being able to menitor the motion of the shaft with accuracy.

Using the Wayne-Kerr capacitance transducers it was decided that a
0.75 in diemeter rotor was the smallest which rculd be used without
impairing the accuracy of the measurements. A speed of 300,000 rpm
shculd be possible at this diameter using a simple impulse turbine to
drive the shaft.

This spced of 300,000 rpm is well above that which could be
reached by the svstem without some external influence to provide
stability from half-speed whirl. One method being used in practice
is te provide extermnal damping to the system by mounting the bear—
ing sleeves in rubher *0' rings which not only de this, but also seal
the air supply to the hearing and allow o small amount of self-
aligmment.,  Accordingly the 07 rings were initially installed and
it was hoped that an experimental investigaticm could be made of their
performance and characteristics.

Another small rig was constructed to arply forced vibrations to

pair of '0' rings by means of an clectromagnetic vibrator, in order

a
to map their characteristics with change in vibration frequency and
amplitude etc. However, this was to be only a subsidiary project,

ned rig would have

4]
M
e

and it was discovered that a very elaborately de
been necessary to obtain useful information, so this piece of work

was shelved in favour of a different approach. The other factors
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which include material size variation of the 'C' rings, precom—.
pression, creep, ageing, greove size and pressure sealed, would
make dynamic performance of rubber "0F rings into a full project
in itself,

The second approach ceomsidered was that it might be possible
to investigate the '0' ring performance on the actual gas bearing

1f as a transducer. Provision was made

poo

te:

(8]

rig, using the gas film
for four probes to monitcr the complete movement of each bearing
sleeve as sheown in Fig. (5i1). However, a closer leock at the problem
revealed that very little concrete information was available about the
behaviour of hybrid gas films under dynamic conditions. In view of
this, apart from one or two experiments which confirmed that '0' rings

he effective soressing half speed whirl, the experimental

e

could I sU

e

effort was finally concentrated on gaining mere knowledge of the gas
film behavicur in rigid bearings.

The rig is quite suitable for this, except that in hindsight a
larger rotor diameter mdght have heen desirable - possible with lower

speeds ~ to enable greater measurement and general accuracy to be ob—

tained. The rig will be sultable for a wide range of further experi-

mental werk since its features include the possibility of varying
bearing alignment, mass and length of rotor, bearing separation,
bearing sleeve length to diameter ratio and type, provided that there

is n» mere than one central row of feed holes, Also a slave bearing
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could he used for steady state loading experiments.
y g

5.2. The Test Rig Construction.

laboratory is situated on the upper

[>]
o
2
H
He
[}
39

Since the ga
flocr of a two flocr buildinpg, and the experiements were to be

t was considercd desirable to

i

concerned with rotor vibrarions,
mount the experiment on an anti-vibration bed. This was specially
constructed and tock the form of a two ton concrete block mounted

on helical springs, which had a natural frequence: of 4 c/s. Into
i 5% P

this was set a milling machine table to form a test bed ontc which
a rié could be bolted. (Figure 5.1.2).

A two bearing system had been chosen and it was decided to
mount each bearing in an independent block. This necessitated
some means of adjusting the alignment of the bearing sleeves and

this was azchicved by mounting the complete bearing assembly inside

aligning spherical

the outer track of an 'INA' needle bearing sel
hecusing.  The bearing sleeve housing could be locked rigidly once
aligned by clamping up cn the split mounting hlock.  The air supply
to the feed hole reservoir had to he fed in at the side and since
the largest 'INA' self aligning unit had an inside diameter of only
2 inches, the bearing sleeve had to he placed eccentrically within
’its housing to accormodate the ailr intake which was positicned at

the top. '0' ring grooves were machined inteo the early bearing

sleeves which had approximately a2 0.005 in clearance in the housing,
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The bearing blocks are spaced such that approximately ! in

O
of rotor protrudes st cach end, and this is used for the rotor moticn
monitoring probes. Wayne~Kerr capacity probes are used, having a

diemeter of 4 inch beveled at the ends, two placed in quadrature at

each end These are mounted in cut~away brass rings inserted through

Lo

steel mounting blocks, insulated by 1/16 in thick black nylon bushes
and lecked in position by grub screws.  Extremely sensitive adjust-
ment is possible: simply by twisting the probe carrier and pulling
or pushing it is possible to set the probe distance from the shaft to
better than 5pin from the desired position.

Special Jdevices run through these probe mounting rings at each
end. At the right hand cnd is a device for earthing the rotating
shaft to the Wayne-Kerr meter. Oripinally an elaborate device was

1_}711:1_ T

Iy

a jet of mercury, connected to earth, onteo the end

Pt

.

[

made for p

of the shaft, collecting it aad recirculating it to a reservoir above

L

the rig, However, this was not very safe since a certain amount of
toxic mercury always ascaped, end a much simpler idea was conceived.

This was simply to fill mevcurv nearly to the open end of a glass tube

which was then placed at a small angle above the horizontal clese to
the end of the shaft. The surface tension of the mercury held it in

the tube and 2 small needle projecting from the end of the rotor into
the mercury nade the garth contact.

At the other end were the shaft location thrust bearing and the
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tiltad oy

hearing.

This was 5/1 in

small pocket, and

not easy to get

. . )
ashrasive paper stuck onto a spare

§ 3 o PR ol o s iy L 4 - L
quite cuificient. The signal was of

mneasurement,

shaft correspond~

'11 'X‘

B6lda

unilt can be rotated

Tonce enah to be made, read-—

Since gtatic loads could not be hung downwards from the shaft

—
6]
C

was

3
]
&
o
L
o
0

has the advantage
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that by balancing the shaft weight 2 zero load can be applied to

the bearings.

5.3. Rotor Design.

-

Apain from the original standpoint of possible rotational
speeds of up to 300,000 rpm & rotor lencth hal te bhe chosen which
would not exhibit a mechanical bending resonance within that fre=-
quency. In general the shaft will not behave as either a 'pinned-
pinned® or a 'free—-free' beam unless the centre of support happens
to act at the free-free node;-° With the present.layout the centre
of the bearing was 1 in from the end of the shaft, and this would be
outside the free-free node for all except very short rotors. As
the pinned-pinmed conditicn eives the lower critical frequency, the

first calculation was to find the length of rotor which would have a

S‘

critical at 5000 c¢/s, assuming it to vibrate as a pinned=-pinned beam
of length equal to the bearing centre distance.

The formula for the critical frequency 1is

_—_— 1
fo = = Elg |z c/s ' 5.1,
22 mD2p.
where E is Youngs Medulus

I is the polar moment of inertia

p is the density of the shaft material

o}
o
)

the acceleration due to graviuy
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cylindrical mode since no problems then arise about the combined

linear/angular properties of the bearing, even though with the
ceonetry used here, the angular tilt of the rotor in conical motion
is likely to be small.

A simple check may be made to detormine the ratioc of the
natural frequency of onc mode relative to the other.

We assume a stiff rotor supported in two discrete springs of

stiffness K spaced a distance 2J, the bearing separation, apart.

g
‘fﬂhm
i

1?, )
L e
E A ot

o> =y >

S . - > <

e <

& % = by = = R oy . s 4 N

Neglecting damming in the hearings, we may write the equation of
4 3 s & g ¥ y 1
motion of the rotor for free vibraticns in the tramslational and

conical modes respectively

2 —
ndY 4 o9ky = 0 6.3,
dr?
. ay 42 -
(1, =~ 52 £8 4 3% =0 6.4,
T Q g2
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where 1w 18 the mass of the rotor

I is the polar moment of inertia.

of the rotor axis

g
e
W

(b
e
V)

0 iu ratic of

the natural frequencies

of vibratien
colindrienl o 2% .
viindrical ¢, = = 5.5.
7 nCYL ™
. 9 72
Conical s oz
WO &l { e Jda 0
nCom T -1 7. 6.
T o
“nevi 5.7
M . LY, s,
Thus the ratio - of e
“nCon

For the case of synchronous vibrations with a 6 in long 3/4 in

diameter rotot

YneyL

(R
nCON

n.iL
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i.e. the natural frequency for synchromous conical motions should
be 1.16 times higher than that for cylindrical, This would de—
crease as the rotor length was reduced, the two mcdes being super=—

LA

imposed on one ancther at a length of 4.6 in. This theery slightly

underestimates the conical frequency since it does not count the
additional bearing stiffness due te the small rotor tilt.

The onset of unstable vibrations also has its mode defined from
this aralysis in both the hybrid bearing case and the acrodynamic case,
since it is by definitinn & condition of zero damping. Here the
vibration frequency is usually half of the rotational frequency, i.e.

0 = 1 so for the retor defined above the ratic becomes
“nCyL
“hCoN

= .732

T v

The material used for the rotors was ‘stubs' silver steel, The

first rotors used were bought ready ecround close to size, and just had
& y o 2 -

‘h the external hone.

(""

buckets nmilled inte them and final sizing wi
However, this highlighted a problem associated with the rig design.

The rotors rotate about an axis through the centres of the bearing
sleeves, and any slight bend in a rotor produces a synchronous rotating
shaft eccentricity under the shaft motion capacity transducers. This
is not thought to seriously affect the bearing performance, but it

makes measurements of rotor deflections within the bearing more

difficult. It was thought that breasking the surface of the ready

69.



ground  material right in the centre was the principal cause of this

bending, so all later rotors were machined out of 1 in diameter

silver steel bar, the buckets cut and then allowed to age before final

machining,  This improved »rs considerably, but did not cure the

trouble, which had eventually to be overcome by electronic modifica-
tion of the probe signals and also by straight measurcment and sub-
traction. The final set of rotors used for the experiments were
finish pound by Westwind Turbines Ltd. with an air bearing grinding
machine, parallel within 0.00005 in. The straightness was such that
an out—of-straight synchronous vibration of .0C008 in was still
present, but no out-of~round was detectable at a2ll.  Surface finish
was measured on a Talysurf as 6uin C.L.A. Unfortunately whilst the
journal dimensions were good there was up to 1/16 in variation in
length which caused the mass of each to vary slightly.

measured by Solex air gaupging and masses

The mean

of the rotors number=z 1 -~ 6 are given in table 6.1.

Rotor No.

L .75 Lb
2 .75 Lb
3 0.7489 in .75 Lb
4 0.7486 din .74 Lb

5 0.7482 in .74 Lb
6 0.745% in 74 L



The balance of the rotors was extremely good after the grinding

operstion and

,. w11ar}
a roughi

nee wag obtained,

The votors were now

in principle to the mein
probes mounted at the centre of the bearing sleeve, and a large
dlamectyal clearance = between .004 in and 008 in depending on the

isplacement ig near—

below the reson-—




e

@m—m——a=-  Cylindricgl response to static unbalance,

| ——— Conical response to dynamic unbalance,

s $ *®
\
_ ¥ PSs
3 PREEY . o et
w W w w, o
“evi eond Bt “eon
Initial : After static balancing.

balance forcing is 180° out of phase with the displacement. Once

the rotor is well balanced in the cylindrical mode, there is vir=-

ﬁually no response at all from this mode above the conical resonance.

By similarly adjusting the grub screws and removing metal the rotors
were then dynamically balanced. The residual unbalance after this
process was in all cases better than 0975@10U5 mein,’equivalent to

a mass shift of 1077 in or i0%Z of the lowest unbalance used in the
experimental work. It should be noted that for the purposes of hal~
ancing in a gas bearing, the further separated the modes arc the better.
Also the mode occurring first should always be treated first since after
resonance its response amplitude tends to a constant value, equal to the
distance between the geometric and mass axes.,
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5.4, Bearing Design,

The bearing sleeves (fig. 5.1.4.) were made of brassyto’give
reasonable rubbing propertics with the steel shafts. The lzngth
te diameter ratic was two and all tests werce conducted with bear-
ings using =2 central row of six annular, 0.014 in nominal dizmeter

rifice feed holes

o}

feed holes. 1t was recognised that the simple

03
iy
[EN
Y
£
4
Tt
@
o]
o
=
L]
e
=]
rt
=
(L
<

exhibit a higher load capacity, but witl
would be more difficult to manufacturce.  These heles were drilled
with a Ne. 80 drill without a special drilling machine, and whilst
an airflow check indicated that the mean of 2ll six holes was approx-—
imately correct, there was some variation in the individual holes.
Originally the bearing beres were produced by boring close to

size on the lathe, and then finishing with a honing machine. | How-
ever, with this process it 4id not appear possible to produce bear-
ing sleeves within 0.0003 in of roundness and parallel, or to produce
nairs with matched meen diameters.  This was overcome by the purchase

of "Eppis!t interreal laps, which arce mechanite cylinders having a tapered
bore. The cylinder has a helical slet down its length aud by knock-
ing it along e mandrel with 2 matched taper, the outside can be ex-
panded perfectly round and parallel. Two grades of didmond lapping

paste are used to give different cutting rates. Using these it

ssible with some care to produce bores within 0001 in in

O

becanme p

roundness parallel and matching,
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achieve between 807 and 907 of the available movement in all
directions.  This was probably not held at all times since
1

replacing roters could produce small bearing movements, but no

change in performance was observed,

5.5. Instrumcntation.

The cbjectives o

=n

the experimental work were to chbserve and

measure the deflections and vibrations of the rotor under varying

conditions, te know the specd of rotation and the phaseing of
vibrations relative to the forces producing them.
The movements of the shaft were all measured using the Wayme-

Rerr B731A capacity probe system, the principle of which is laid
nut in Appendix I. Twe meters were used in conjunction with the
four shaft probes, the left hand vertical probe being fed directly
to cne meter, whilst the other threc were fed via a multi-way switch
to the second. Probes having an electrode diameter of .063 in were
used giving a full scale deflection on the output meters of 0,002 in,

. : o . -5
and the meters coul! easily ba read to an scecuracy of 2x10 7 in,

e | . k1 . . 2 |24 —5 £
although the quoted accuracy of the instrument is 5 x 10 1n. Some
care has to be taken when using flat surface probes relative to a
curved surface. Reference 32 shows that the meter reading 1s con-
siderably different from the actual spacing for small diameter shafts,

but indicates that the difference is constant for all distances.

Thus if only Jdifferences of distance reading are taken no inaccuracy

76,



is incurred,

tion presented in ref. 32 Lot
so a probe was checked apainst a large diameter barrel micremeter

- sty o - e 7 AT = T
to read below 307 of f.s5.4.

in

45}

The cutput of the vibration signal of the Woyne~Kerr meter 1

1 by the vibration waveforn,

In order to display this on an oscilloscope for observation or measure-
ment, it is necessary to filter out the 50 ke/s signal leaving the

vibration wave-form only.  The filter circuit designed by Dr. MeLachlan
is shown in Appendix I, where it may be secn that the output amplitude

is less than 2% below the input.

The signals were meonitored and in some cases measured on a
Tektronix 5024 pscilloscope. The two series of vibration decay

curves were photopra
the oscilloscepe trace within 10 scconds of exposure.  Thus satis—
factery recordings could Le obtained at cach condition before passing

~1

oh

P—“

("

seasurcment was eved by forming a lissajous

s*\.-CLfCLte ST) 20 i
figure on the cscilloscope between a synchronous shaft signal end the

output of a 17 accurate Marceni TF1101 oscillator. By adjusting the
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1
act the change

wave, was used

frequencies., of the photo=dicde unit 3pot
could be moved relative to the trace until it cccupied the desired

directly read off the

vhase measurements by use

-

of the square wave output from e LT . This was by using

5

tuneable filter which removed all the harmenics which make up a sguare

wave, and left only the fundamental sine wave at rotor freguency,

a8 the out=cf=-straight

hd e - §ou o o] e ~
This could be attenuated teo the

L

3

the same by rotati

L s
ted

Wayne-Kerr signal, and its phase

The air supply was
larger 150 psi compressor., It passed through a filter~drier unit

hefore beilng distributed to the varicus contrsl valves,

bde

the filter unit together

meant that the turbinc air passe

79,



with the bearing supplies making for more efficient filtration,

B

All the valves used were Norgren regpulator valves, small ones being

used for the bearing and thrust supplies whilst a large sensitive

~h

cd

|51
;

repulator was uc For the turbine for accurate contral of speed.

The bearings were arranged so that thoy could either be fed together

e

o the same valve and pressure gauge or on two separate systems, and

pressures between zaro and 80 psip uscd. The turbinc had three
syrmetrically spaced jets fed by a single inpur, an on-off tap being

placed between the pressure regulator and the turbine for rapid con~
trol, A seneral view of the clectronics and air control arrangements

w3

may be seen in Fig.5.15.
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THE AEROSTATIC BEARING PERFORMANCE

6.1. Introduction.

The theory for the aerostatic bearing as presented here is

¥ AN 2:
(24-27) and Robinson and Sterry(ng)'

based on the work by Shires
This 1s by no means new and is only an approximate, lumped para-
meter analysis, but to the author's knowledge has not been super=-
seded by anything more accurate. Distributed parameter analyses
have been attempted assuming the feeding to be a linc source around
the bearing, but this also represents a considerable approximation
unless large numbers of feed holes are being used. TFor hybrid
bearings with low clearances, many feed holes mean the use of very
small feed hole diameters which are not practicable.  The claimed
accuracy of the theory presented is around 107 on load capacity
(27))
7

(Shires although since most experimental work has been per-

formed on simple orifice bearings it is not clear whether this claim

also relates to annular feed hole bearings.  However, in general

it will not be possible, without very special attention, to produce
bearing systems having the physical accuracy to provide performance
better than this.

The mode of operation of an aerostatic bearing has been given

in Section 2.3. and the method of examining the performance of a



particular bearing sleeve with varying clearances and supply
pressures will be presented in the next section., This is the
type of analysis vhich would be necessary for selecting limits
in a practical gas bearing machine. The performance’aspect
chosen for examination is the radial stiffness of the gas film,
since this is required in the later work, and is far «os -«

to measure in practice than load capacity.

6,2, Theoretical Analysis,

The method of analysis is to consider each of the feed
holes round the bearing to feed into a discreet slot of width a
and depth h., The shaft centre igs displaced by the load W
distance ec from the bearing centre where ¢ is the eccentricity

\;5 ) ¢ is the radial clear=

\‘ y "£g‘~"‘“\N/

- ance. The local clear-
ance at any point h can
be approximated by

h = c(lwscose))e being
the angular displacement

from the line of centres.

With a single row of feed holes, the air flow through a jet, “5’

82.



divides into two, half flowing each way through the slot
(length §) to atmospheric pressure. The pressure profile
in each slot can be found, and thus the net pressure force

acting to oppose the load, by equating the air flow in the

h

flow is comsidered, but cleariy with s pressure differential

11 flow. This

s
ol

around the bearing there will be circumferent
will be accounted for by a semi-empirical expression derived

in Ref (26) which is applied to the load capacity as found

0w

If p_ 1s the air supply pressure to the feed hole and P4
is the exhaust pressure from the feed hole into the clearance

space, the expression for the flow is

6.1,

where C. is the diascharge

™ 2
L

P.s TS ere tho upstream density and temperature

vy is the ratic of specific heats (l.41 for air).

s

For laminar flow the pressure drop along a slot length

83,



2, width a, height h for a gas flow w./2 is given by

9 2 RT i ,
p.2 - p 2 =_1:.}1R. 73 6.2,

With the jet and slot in series, we coen substitute for w, in

]
equation 6.2 to get an expression for the pressure at the centre of
the bearing, Dys in terms of the local clearances h and the supply
pressure p_.

J12uV2gRT  2C AV
DZ.,pZ-ps HTes DY R (y, KD 6.3
“d a g ° 3 - e
2 ah
] Pl 2/v_ ¢
where Fly,K) = I=== {(K) Ao
ly=1
. “dfp
K= s
and = p RT
Pg = Pgitiyg

Now for an annular orifice bearing the feed hole area

A= 11dh

o)
— 3
9]
O
et
28]
=]
T
ot
1]
)-1

where d is the feed
The value of the discharge coefficient ¢y is in some doubt, but
(5)

it has been shown that for the annular orifice bearing it is in the

regicn of 0.9. With the following parameters specified as follows =

84,



Bearing Diameter

vumber of feed holes 11
(?:-
Bearing Length L

the pressure equation becones

2
Py -
.x.d

2
P, =
a

A useful parvameter for gas bearing

= ,014 in
= 0,75 in
= 6
el
=
= 1.5 in
= L = 0.75 in
= 53,3 fr Lb/1b °R.
R & N
= 520 "®
= 1,41
. 2
= 14,7 Lb/in
P I . 2
= 2,62, 10 LbSec/1in
/; 1 -_5 ] 17
4,51 10 P F(yK)
Py )
6.4

the gauge pressurc ratio define
D
15 wm
pAN T
g P
Thus a graph relating K to
g
in Fig. 6.2.1. for gauge values
80 Lb/insy which are
The pressure in the slot £

-

o

work has been found to be

clearance can be constructed and is given

P

of suprly pressure of 10, 30, 50 and

those used later in the experimental work.

11ls parabeolically from Py to P, SO



the mean pressure in each of the slots can bo expresgsed in terms of

the K for each s
8
can now be summed to give the net load capacity. The general cx-

5]

let, The vertical component of each slot pressure

pressicn for this is given by ref.(23)

. il 25k i ko . 3
C. =2 sin~ (I=- %= 1K cos = + K cos = + == + —
L n L) el nooe n

K is the gauge pressure ratio at the first feed hole round

&1

from the datum (6 = 0) etc.

Up te this point the flow has been considered to be entirely

2

axiazl, FHowever circumferentiazl flow will comsiderably reduce the

€

load capacity and a semi-cmpirical forrwla relaring the real loa

. L . . . 26}
capacity C. to the axial flow value C. has been derived by Shires '~ .
el

I~24. ]

- .31s5|cesh (6.364/D)~1 + tanh (6.36 5~
*“77|sinh (6.364/D) 2o 7]

bR 6.6.
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tign about the variaticn of stiffness with changes of clearance

or pressurc, since both € /¢ and K arce functions of these.

o &3 o)
¢
Y1,
L o
o ¥ c
A It
Wiy -v) e
g Fa

st
=2y

P
o)
i
o
i
T
™
.
@]
e
N
-4
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By considering only cleavance to make K change (at sach
By
~o

value of supply pressure) and using Figures 6.2.1. 6.2.3, a graph
of etiffness vs K 1is comstructed, Tig. 6.2.4. This chows clearly
b I

that maximum stiffness occurs ot higher K the maxirum load.  This

( 5
ty
©
©
[aN
-
o]
et
o
[}
&
H
©
)
A}
s}

i1f of importance where

small clearances are required to minimise airflow or to increase
hybrid properties. 1t should be noted that if the feed hole size

is changed at fixed cleavance alsc changing the valee of K, the

8o
shape will be that shown in Fig,6.2.3. A LT 0.8
C)O
represents maximum stiffness for a given feed hole size but X = .5

stays constant at .204,

[sXs
(o1



Derived from Fig.6.2.4., Figure 6.2.5. shows how changing

pressure affects the K_~K_  curve at various clearances. Increas=—

s 8,

ing the supply pressure always increases the stiffness, the highest
stiffness thus occurring, with fixed bearing parameters, as K
70
tends to zero. However, readjusting the bearing parameters to
bring K back to 0.55 always raises the stiffness back to its max-—
o
imum value at that pressure. It is observed from equations 6.3,
and 6.6, that changing L or D have a similar but not the same effect,
Changing any other parameter not occurring in equation 7.6. may
change the value of maximum stiffness but not the value of K = 0,55
Z,
at which it occurs. A three dimensional presentation derived from
these two graphs shows the actual variation of stiffness with clear-
ance and pressure (Fig.6.2.6.) over the range covered in the experi=
mental work. It may be seen that as pressure is reduced the clear~
ance for maximum stiffness increases, but also the sharpness of the
peak diminishes, so that if a bearing is designed for maximum stiff-

ness at the highest pressure to be used, it will be fairly close to

the optimum for all lower pressures.

6.3. Experimental Measuremert of Stiffness.

cifically needed for

[
mn
=3
)
©

Apart from the fact that stiffness
later experiments, it provides by far the easiest parameter with which
to compare theoretical predictions with practical bearings. This is

because of the necessity when measuring load capacity to be able to

89.



define a zero ecccentricity and for this to represent the zero lcad
condition. The first is relatively straightforward since the mean
of the top to bottom movement of the rotor gives the zero eccen~
tricity at the centre of the bearing. However, with a misaligned
hearing it should be remembered that the effective eccentricity in-
crease will be greater than with one parallel to the shaft, and non-
linecarities will become apparent soonz2r. The second condition is
more difficult since without special equipment some variation in
feed hole size is inevitable, and at zero load the shaft will assume
an cccentric position. It is now difficult to relate experimental
results to the theory.

Stiffness, on the other hand, being constant up‘to medium eccen—
tricities does not suffer from a small zero load displacement. Some
misalipgnment will alter the eccentricity at which the stiffness
starts to fall off, but again willnet affect it at low eccentricities.

Experimentally therefore it is neither necessary to know the

initial load e.g. in a self loaded system, provided that this is

29

small, nor the initial eccentricity, subject to the same condition.
All that is necessary 1s to know the change in deflection that this
produced.

This was done for each new sct of bearing sleeves used for all

the rotors at the four test pressures — 10, 30, 50 and 80 psig, A

90.



gantry was used and the load applied upwards by wires passing over
pullys and attached to dead weights.  Thus the initial load was
negative (the shaft weight) so stiffness was measurcd through the
zero locad position. It was soon discoverad that duc to feed hole
errors the stiffness could differ considerably. Later a bearing
sleeve was dissected and the feed hole sizes measured using a
travelline microscope. A set of six revealed a 10Z variation
about the mean which was slightly below .0l4 in. For the first pair
of bearings specified on page 74 independent loads were applied to
each end of the shaft to cnsure that each bearing was being loaded
uniformly. This was found not to be necessary for the second pair.
This time, however, it was comnsidered important that the aercstatic
performance of each bearing be as similar as possible, so the
pressure of the right hand bearing was adjusted to give uniform
stiffnesses at each end; the overall stiffness was then the same
as that of the left hand bearing.

4 sample set of readings out of more than a dozen such sets
is presented in table 6.1, (for the first pair of bearings). The
applied load is that for each bearing, sc that the stiffness of each

is calculated frrm the delfections znd this load.

91.



Teble 6.1,

ad - Deflection readings for rotor &
Bearing Diameter 0.75045 in.

Mean Clearance = 0009 in.
Using .002 in probes, a meter reading of 10 represents .002 lian

deflection. The probes were always set at 10 for zero applied

load.
Left Hand Bearing Right Hand Bearing
Applied Meter Meter
Load Reading Deflectign Reading Deflectign

Lb in x 10 in ® 10
p, = 30 psig

0 16 0 10 0

1 9.25 15 9.3 14

2 8.2 36 5.6 3
Dg = 50 psig

o 10 0 10 0

1 9.55 9 9.6 8

2 9.05 19 9.2 16

3 8.55 29 8.8 24

4 5.0 40 5.3 3

5 7.0 60 7.8 bty
p. = 80 psig

O 10 0 10 0

1 9.7 6 5.75 5

2 9.35 13 9.4 12

3 9.0 20 9.1 8

4 8.6 26 8.8 24

5 8.15 37 8.45 31

6 7.9 42 8.15 37

8 7.1 8 7.4 52



These figures are pletted in Fip.6.3.1a and the stiffnesses
caleculated from the linear portion of the load deflection curves

are ag follcows.

[P a0
Table G.2.

Supply Stiffness Lb/in
Pressure Left Hand Bearing Right Hend Bearing
psig
. 3 3
30 6 x 1C 7 x 10
- " 3 - e 3
50 10.3 x 10 1.5 x 10
0 7 ~.3 3
1] 14.4 x 10 16.7 x 10

These are plotted againet pnressure in Fig.6.3.1.b. The complete

set of stiffness results obtained by this method, for the first

pair of experimental bearings is presented in Table 6.3,

s

Table 6.3,

Sunply Stiffness Lb/in (x 10“3)
Pressure 10 3C 50 30
psig
BEARING L~ R-H L7 -1 -3 - I-H R-H
Clearance
in
.00C5 i5 25
.0006 2,27 6,0 13.2 27.2 30.0
.0007 8.7 8.7 15.5 21 25 32.7
.Q009 6.0 7.0 10.3 12.5 14.4 16.7
L0011 1.25 £.25 7.0 9.25
.00235 0.6 1.26 1.8 2.46
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The results for the second paiv of bearings ave presented in
table 9.1. page 184,
Clearly at low clearances, some of the stiffnesses are very

ferent between the two ends.  Since this pair of bearings

o,
e
h
~h

had very well matched bore diameters, and the alignment allowed

it is reasoned that

[N
ry
©
[e]
r+
e
Q
3
2]

“

better than 807 of movement in all &
feed hole differences must cause the variations. At large clear—~
ances where the feed holes are mostly choked little cffect on
stiffness is noticed,

The mean of these results, the results obtained for the second
pair of bearing sleeves, and some other stiffness results obtained

during preliminary experiments with the rig are compared to the

theoretical prediction in Figure 6.3.2. The correlation is good at

low pressures and large clearances, but in general agreement is
‘s . ; ; (273
within 207 which is nct as good as that 1 by Shires , but

not surprising in view of the uncertain feed hole sizing.
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7.

FREE SUAFT VIBRATIONS WITH NO ROTATION,

7.1, Introduction,

o]

The first set of dynamic vibration measurements follows from

ot

the static loading tests and concerns the response to an impulse

5 .y

loading with the rotor flsating on an acrostatic air f£ilm but not

rotating. This case 1s not of great practical importance except
in certain limited cases, but it leeds on to the very important
section concerning the free vibrations of rotating shafts under
hybrid conditions.  The vibrations for the non=reotating case will
be only in the plane of the impulse load since it is only with
rotation that a film fofce is generated normal to the displacement,
cauging an orbital vibration.

It has been postulated that a possible approach for the analysis
of the externally pressuzed hybrid bearing is to consider the aero—
static and aerodynamic pressures to be generated independently of

cne another and their effects to he zdditive. This can also be

applied to the externally pressurized bearing with vibration where
the aerodynamic component ig considered as the pure squeeze film
force. It is thus possible to calculate theoretical stiffness and
damping values for the translational vibration mode of the exper—

imental system, and compare these with actual measured values. With

95.



the bearings loaded cnly by the rotor weight these results would

. 3
l

be at low eccentricities, but it had been found during the static
loading tests that provided the appliied loads were effectively

(]

n stiffness and damping preperties

pmt

decoupled from the rotor, the fil

could ke found alsc at the various eccentricities provided by the

The aercstatic stiffness, required for the postulated method
of snalysis, need not be calculated since measured values are avail-
able, and it is assumed that the pressure feeding does not contribute
te the damping. This leaves the aerodynamic squeeze film force to
be calculated.

The mathematical model governing all bearing film conditions
is the Reynold's equation, already derived in 1ts general form
(cquation 3.2.6.). Isnoring the effects of pressure feeding and
assuming the condition of planar vibtrations and nc shaft rotation

the Reynold's equaticn becones

(oD

5 (o= 80]  (RyZ2 3 = a~ Opl d e
*i [130 g§+ ( ) — L135 ;EE = 2—45- (ph) 7.2.1,
§ oy !

where F
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where e = € + €, e
o 1

€ being the static eccentricity ratio and €, a small dynamic

variation at vibration frequence wy

) 2O

FTor the low squeeze numbers espected in the. experimental
system it is possible to assume the lubricant to be incompressible

and the Reynold's equation then reduces to

3 =3 3p Ry2 3 op - de . d
EE' [hB l] + ("] e Eia _El = "2 [H’%,COS¢ + ESlnfb E‘;E] 752920

3¢ L’ 93t 3L w1
. . d¢
Now with only planar motion rr i 0
iw, t
de _ . 1
Also i (».,1 o1 wie
. 3 |73 3p Ry2 2 39 | _ _ éé%t
¢ o a¢ [h. a¢ ]"’ (L) “'aqc fﬁ. ac = < 611 i COS¢ 70203n

Since both positive and negative pressures exist in an aero-

dynamic journal squeeze film, the pressure gradients circum=
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for convenience let ¢ g7 ie

with respect to ¢

where C

Alow by symmeiry at ¢

iw,t
3 . 1 ,
- g g1 1 © cosd
o, E
! 3
T = g and integrate equation 7.
g . .
— = =~ ¢ gin ¢+ C.
a9 b 1

AL

1 ot . s
that no axial pressure gradie

ma

ALiCh

long bearing solution.

13 a constant

3D
=0 and 7, <2 =0
i.0e C, =0

Integrating a second tims

zerc velocity the

C

+
2

D
Z2e(l=ccosg)

pressure is

1
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displacement, and there is no force component in phase with the

h

displacement.  Thus, this aerodynamic force is zll damping for

the incompressible case.

Ve may consider this force as the product of a damping
iwlt

coefficient € and

&)
ot
=)
s
<
o
l aad
O
o
e
nd
4
Ll
M
o
€
it
«

c = 2rrl (B 7.2.8.

Vibrations are linear with amplitude provided that e; << €

D

making £2 constant. If this condition is not satisfied the damp—

ing constant varies in magnitude throughout the cycle,
’The equation enables the functicnal dependance of the damping

on the parameters involved to be demonstrated, but since the assumpt—

ions of infinite length and incompressible fluid have been made, the

values obtained will nct be accurate for the real case.

This needs a sclution of the full equation 7.2.1. involving an
approximate analytic or numerical method.  The latter has been used
by Mullan and Richardson(17) where the zero eccentricity case has been
calculated.  The compressible fluid condition results in both in~

phase stiffness and quadraturce damping force components  tbe damping

reproduced in Fig.7.2.,1. It is scen that the damping is

5

independent of vibration frequency for squeeze numbers of less than
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A =

1.0, but after that reaches a maximum and then falls. At the same

b

time the squeeze film stiffness increases with squeeze number, hut
as will he seen later, never bccomes significant compared with the

aerostatic stiffness.

The change in the damping ccoefficient with radial clearance

is given in Fig.7.22 where the incompressible curve proporticnal to

)

3!

1,3, . . s s . .
("/c7) is shown, and also the effects of higher vibration frequency

Thig is seen wore clearly in Fig.7.2.3.

&

where large clearances operate 2lmost incompressibly whilst small

clearances show a large veduction as frequency increases.

7.3. Experimental lethod.

This set of experiments was carried out using the first pair of
bearings detailed on p. 74. The clearance at cach end was exactly

93, the static stiffnesses

o
o
o]
¥
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differed in the high gauge pressure ratio cases.  Thus it would be

expected that the damping at cach bearing would be the same, but

o)

that the vibration frequency could differ resulting in a heating

nough to be

0

amplitude.  However, this effect was not significant

cbservable and measurements were all taken at the left hand bearing

4
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since this excites only the low frequency resonance of the shaft

, such as a piece

of metal, would be likely te excite mainly the high frequency bend-
ing resonance of the shaft. The shock response - a decaying simple
harmonic motion = was observed on the Tektronixz oscilloscope and

photegraphed to give a record which could subsequently be analysed.

d simply by setting the trigger level such that the

This was arrangad Y

(]

irpulse respense signel trigpered the oscilloscope time base, Th
camera shutter was opened prior to the impulse and closed at leisure,
use being made of the 'single shgat' facility which enables the

oscilloscope to trigger for one sweep of the itime base only. It

T

was arrvanged that four traces could be recorded on one print by

ultiple exposures.

1...1

S

Zero to ,002 in. probes were used giving good sensitivity and
signal to noise ratio, but care had to be taken to ensure that the
probe was within .002 in. of the surface. Loading or changing to
a smaller diametergsh 1ft gould result in it being outside the range
which makes the Wayne-Kerr output non-linear.  However, since it
was s0 e¢asy to adjust the probe clearance with the system used, the
distance reading was checked or reset before each reading, a usual

distance being .001l5 in. The actual vibration displacements in-

duced by the shock loading were usually extremely small, being of the



order 10 > in,

At each condition of clearance and pressure, the eccentricity
was eltered by adding decoupled loads acting vertically upwards.
It was assumed for simplicity that when the shafit weight was
exactly belanced, zerc eccentricity conditions existed., Due to feed
hold variations this was not exactly true but the errors involved in
assuming this were not considered to have a large effect on the
results. The eccentricity produced by the added loads was thus
calculable from the previously measured stiffmess. This system was
used bhecause in some cases the movement of the shaft was too great
for one setting of the 0 -~ ,002 in. probe,

The decoupling of the shaft mass from the applied weight had
to be quite carefully consgidered, It was found for low loads that

the kinks in the loading wires provided sufficient low stiffness

decoupling springs, but as the applied weights were increased these

kinks were straightened out, the weights being no longer decoupled.

n

This was overcome by interposing low stiffness helical springs into
the loading wires, which then appeared to be satisfactory under all
conditions.

Results could only be obtained under conditions at which the
shafts would float on the gas film, since no forced vibrations were

employed. At the very high values of gauge pressure ratio the shafts

Y
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will not float even under zero load conditions due to z "lock~

up’ effect where the film stiffness is very low and once the shaft

pressure keeps it there.
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analyse the response curves. The controlling paramcter is the
damping ratio £ which is the ratio of the actual to the critica

damping. This is defined by

o

where Kis
m ig the vibrating mass.

When the damping becomes critical, i.e. & = 1, the response

-

curve is an exponential decay curve and is a function of both the

obtained almost independently

- -1 oy A PR - P .
and the rate of decay respect

- A T L v | Y £ & P Y ” 1 E T
cases we must look for o methed of reducing £, and referrving to the

Lb but it was found possible to affix the brass mass shown in Fig.

5.1.5, increasing thelr masses to 4.26 ~ 4,27 Lb, This normally
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reduces

v 1
, but

will be discassed later.,  Sets of results tak
conditiong at the larger clearances gave good &
lower clearance only the larger mass was used,

exceptions to this

cen with the two nass

agreement. At the

it bheing possible

to obtain results at zero eccentricity for a clearance of ,0003 in
and up to .5 eccentricity for a cleavance of 0007 in.

Besides varying clearance snd cccentricity, the supply pressure
was changed This altered the ling conditions, changing the

stiffness natural frequency and hence, at the h
the damping ceefficient,
7.4, Besults.

The for analysing the rcsul

a

ts was to use an

analogue computer rather than measure the logarithmic decrement,
as the latter method becomes impossible when the damping 0 gets
arge and motion ceases to be recognizably rerielic The sets of

704010

photographed decay curves, cxamples of which are given in Fig.
were analysed by setting up a free vibration equation for a damped
spring = mass systen

x + x + iz =0

sl

on a Solartron analogue computer, and imposing an initial velocity
condition. Ihis is not the exact input given to the experimental
system but was a hetter representation than an initial displacement.
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The experimental case appears to be a combination of both,but

after the first half cycle the response is the same in any case. -~ — .

The response output signal from the computer was displayed on an
oscilloscope and repeated every second so that a visual match
hetween the photograph and computer solution could be obtained.
This was done by adjusting the stiffness, danping and initial con=

dition potentiometers until the two curves matched exactly for size

and form.

[ e

!

INITIAL CONDITIONS

g

TIFE BASE

A good match was simply obtained for the low damping ratio
cases, Here the technique was first to match the vibration fre-—

quency, and then to adjust the damping to get the correct decay rate.
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However, in the cases where the damping ratio became greater thnn

about 0.7 it was very difficult since, as explained previously, a

4

match involved simultaneous adjustment of both stiffness and damp-

asible by the fact that it is usually possgiltle

(=]

[
¢

ing. It was made £

to gouge the natural frequency to a fair degree of accuracy from

9

other results., It is possible that a least squares fit would have
been more satisfactory in these cases, but as far as pcssible these
conditions were avoided, and not many cases had to be analysed.
Under these conditions accuracy of damping was thought to be down

to about 15%, much worse than the low damping results.

The sweep rate (I/B cm/sec) of the experimental oscilloscope
was recorded, but not the vertical sensitivity which was made just
large enough for casy observation but not so large as to amplify
the noise component of the signal toe much. The analogue computer
was so arranged that only three potentiometers were used - damping
2¢w_ = a volts, time base voltage v volts, and the initial
condition size.  The stiffness control was set permanently at a
voltage cof 100, and the frequency of the response controlled only
by the timebase speed. The horizeontal input sensitivity ! of the
computer monitoring oscilloscope was usually fixed at 5v/cm.

The damping ratio and natural frequency @ could now be

obtained for the scaling used.
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In this particular case the zero eccentricity error was 0.12
and is added to the caleculated values.

Two specimen records are presentad in Fig.7.%.1.(a) is for
rotor 3 clearance .0057 in, supply pressure 30 psig, with eccen—
tricities between .12 and .55 (b) is for rotor 4, clearance .£009 in
with a supply pressure 80 psig, the eccentricities ranging between
.39 and ,07.

The complete results are plotted in Figures 7.4.2. = 7.4.7.
The first shows values of damping coefficient plotted against the
cccentricity for the various rotors and differing pressures. Fig.
7.4.2. also contains some results taken using the two different
vibrating masses for rotors 5 and 6. Except for the smallest clear-~
ance condition, the scatter band is quite small considering the
measurement techniques, and the function of the damping change with
eccentricity reasonanly well defined. The effects of pressure are
not marked in these graphs but the effects - if any —~ are examined
in more detail in Fig, 7.4.3, where the zero eccentricity damping is
plotted against supply pressure, indicating that under the conditions
of the experiment no significant change is observable. Since the
increased mass content of the air in the film and the change in
vibration frequency as the pressure is increased would not theoretically

be expected to have any effect on the damping at low values of the
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squeeze number ¢, 1t can be concluded that the annular orifice method

of feeding air into the clearance does not modify the damping in the

system,
The erc eccentricity on
the dampi compared with a

The theoretical

curve is the pure squeeze film damping component for compressible air

in a plain journal bearing of L/D=2. The curve is corrected for

[Eal

fig.7.2.2., noting

Lo S )

vibration frequency effects on compressibility from ¥

that the actuzal freguency of vibration w, = w Vi—£2 where w_ is the

1 n sl
measured natural frequency. The experimental scatter is indicated,
and in general, agreement with the theory appears to be excellent.

.

Of course at the lower clearance the theorvetical curve is rising almost

vertically so that the relatively large experimental scatter is only
to be expected, but when pleotted against the theoretical curve, either
of the extreme points seem to agrec.

ity for rotor 6. the largest clear=-
bearing incompressible theory
gives the closest approximation
to incompressible conditions and it is seen that the curve shapes agree

et
w

well, The difference in magnitude becavse the theory is not for a

3

finite length bearing and thue axial pressure profiles are not accounted
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for. However, this difference is of the same order as that shown

at zero eccentricity between finite and infinite length theory in

Fig.7.2.2, Also a small differcnce in shape would be expected since

[=

as the eccentricity becomes large, the fluid film on one side of the

shaft must enter the compressible regime, and again the finite length

te theory in this
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bearing curve will be

respect.

t should be noted that it is generally not possible to align

bearings perfecttyys. The effect of this is to inducez an eccen-

tricity which is zero at the centre of the bearing, and increases

positively and negatively on either side. If the eccentricity at

each end exceeds 0.5, then due to the non-linear form of the damping

change with eccentricity, the damping will be modified. Even if the

misalignment is not of this magnitude, as would be expected, the mis-

}‘n

ect

alignment will still aff
ion, the eccentricity value reaches (.5 at one end.
5 obtained were the varia-

The second important set of mcasurenen

ness with supply pressure,

3

n
!
-
I
4]
o+
[N
[
ih

tion of the natural fregquency ¢
(or if desired, these pressures could be translated into gaupe pressure
ficure 6.2.1.) and eccentricity for the various clearance
rotors. Fig.7.4.6. shows the measured dynamic natural frequencies
plotted together with the values predicted from the static load=-

deflection determined stiffnesses for the left hand bearing. The
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agreement is good except for the two curves presented for rotor
5 where the dynamic stiffness seems to be highe Also the measured

natural frequency for rotor 1 was measured as 400 c/s at a supply

[¢4]

pressure of 80 psig whilst the prediction was 251 /s,
It may be considerad that significant squeeze Film stiffness

could be generated and may account for at least part of the increased

ety

magnitude. However, using the curve of stiffness vs gquecze number
. dson )
presented by Mullen & Richardson

n)

t can be shown that for a

=

clearance of .001l1 in and frequency of 450 c¢fs the additional stiff-
ness ir- one of the experimental bearings is likely to be only some
30 Lb/in if & linear superposition works. This compares to the
aerostatic stiffness of 7000 Lb/in at a supply pressurc of 50 Lb/in®,
The maximum squeeze film stiffncss which can be obtained for a given
bearing geometry is limited by compressibility to an assymptotic
vaiue as the squeeze number is increased, For the clearance of
,5005 in this value is 2.6 x 10 Lb/in, but is only approached to
within 107 at a vibration frequency of 1300 c¢/s. At a more rea-
listic practical frequency of 130 c¢/s the squecze film stiffness
would be 520 Lb/in which compares to a value of 5800 Lb/in at

.2
60 Lb/in” supply pressure, This represents a change in the natural
frequency of 37, and so may be neglected.

The effect of eccentricity on the natural frequency is presented

somewhat tentatively in Fig.7.4.7, since in all cases, as the eccen-
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tricity became appreciable the damping became high and it was

fficult to determine the frequency accurately. The results are

¥
1-—\ -

jos )

again only plotted for the larpest clearence case where the measure-

=g

ments werc easiest, 4 full sct of results ic presented for the

+

[
1
o

.74 Lb mass and a : set at 80 psig supply pressure for the 4,2

5

mass . The results for eccentricities

nificant, and that at the higher frecuencies, its component may
become larger in relation to the aerostatic stiffness., It is

b N

thought that much greater effects would be present in the smaller

clearance bearings as eccentricity is imcreased due to the much larger

compressibility effects.

7.5, Comments.

It is indicated by this set of ezperiments that a first order
design cvaluation of the damping for planar vibrations in an in-
herently compensated gas beaving can be simply obtained from a pure
squeecze film analysis. The relevant curves for this at zero eccen-
tricity ratio are presented in ref. (17). At relatively large

clearances for the sort of freaquencies to be expected with this type

conditions are incompressible, and excellent agreement

Letween theory and experiment can be cbtained, Wihen the clearance

s reduced, compressibility effects become apparent and the

[N
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calculation of dampiug becomes more difficult, as the frequency

of vibration is now an important factor, and this freouency is a

function not only of the stif but also the damping.
The point at which compressib mportant for the L/D=2

bearing is seen from Fig.7.2.1. to be a sgueeze number of approx-
imately 1.0, after which the damring coefficient C falls rapidly.
The external pressurization increascs the mass content of the

bearing, effectively lowering the squeeze number and this might be

A

expected to raise the damping. An analysis in ref. 17 predicis

n
f=in

o+

that the damping will decrease by 207 as supply pressure is in-

reased from 10 psig to 80 psig. However, no evidence of any sig-

el

o

ot

nificant change bas been found in practice. This is not a definite

conclusion, but it is suggested that design estimates based on the

T

normal squeeze number will be approximately correct provided that
hearing pressures do not become very large.
In cases where it is necessary or possible to design for optimum

damping, the question arises as to what should be chosen as optimum,

doces not effect the most

gsince the condition of critical dampi

.

efficient return of the displzaced rotor to its imitial position.

‘he best criteria to

The return will be exponentisl, and probably
use 1s to specify that the vibration envelope of the displaced rotor
returns to within a certain proportion of its excursion in one cycle

of vibration. It should be noted that the optimum value of damping
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for free vibrations wi
vibration conditions.

The response of a
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The exponential e
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11 not necessarily give the best forced

ested, and the sine function the actual periodic motions.
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For the amplitude to reduce to only 1%

fnother approach which is not subject to any imposed boundaries,

s to find the value of the

[

amping ratic for which the total

=N

surmed arca between the periodic vibration curve and the axis has

a2 minimum value. This yields a damping factor (Ref.(13)).

which 1s hetween the two given above.  These stringent conditions

-t

require a2 damping ratio comsiderably less than unity, which is

the criterion often suggested.

The method of cbtaining a designed value of damping at low
1

clearance is not straightforward.  The best technique would be to

find the damping for the incompressible case first, calculate the

vibration freauency. Since the damping is likely to be high, the

vibration frequency may well be much less than the natural frequency
and close to the incompressible region. This value of vibration
1

frequency can now be used to obtain a better estimate of damping from
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which the process could be repeated until a satisfactory solutior

o

if the damping were comstant. But at low clearances a reduction in

ncrease in the damping which fur-

oY
Q
o]
o
[0
)

ther reduces the actual vibrating frequency, resulting in a much
higher damping constant.  Thus the overall effect on the damping
ratioc is by nc means clear, and in fact under some conditioms it could
increase rather then decrease.

Hence the deéign of a machine with = fixzed gas film geometry

would require & very careful selection of the vibrating mass in order

to achieve an optimum damping ratio.  This might also have to be
tempered by requirements related to other aspects of the machine

performance, normally its stability in the rotational mode.
The results presented should also be equally applicable to
forced vibration conditions, although it would be necessary to

redefine the optimum damping ratio which could be specified as that

which reduces the resonant frequency to zero

i.2. 1 - 28 = O

1].76



8.

FREE VIBTATIONS WITH SHAFT ROTATION.

8.1. Introduction.

In the last section the gas film properties have been exam—
ined for the experimental bearing system with neo shaft rotation.
This is of limited interest, mecre important being the effects of
journal rotation on the dynamic bearing damping and stiffness char-
acteristics, This is all the more important due to the occurrence
of self excited rotor instability which can completely preclude
operation at any higher rotational speed. The onset of instability
may be considered as the speed at which the effective gas film damp-
ing to free vibrations becomes zero, and it is of some interest to
examine the rate at which damping changes at this boundary to get an
idea of the 'violence' of the whirl instability i.e. the rate of
growth of vibration after the onset.

In this section only free vibraticns are considered, and for
rotating systems these will not normally yield information useful in
examining response to forced vibrations. The most common case of
the latter, out-of-balance forcing, will be examined in the next
section. However certain uses of hybrid journal bearings lead to
imposed vibration which is not of a periodic nature, and which can
most easily be considered as discreet shock loads. It is desirable

to examine the rotor response to such leoading to see if 1t will be
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ve information on how

[N

pogssible to obtaln guantitative or qualitat
to design bearings with the best damping properties.

The problem is much more complicated than the nom~rotational
case due to the presence of the radial and tangential film forces

on. Also, due to the tangential force,
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the vibration will not be planar but a decaying elliptical orbit about
the steady state position, this being in the limiting case of zerc
cccentricity a circular spiral. These radial and tangential force
are, for 2 given bearing geometry, functions of rotational speed,
eccentricity, orbital moticn and the ratcic of orbital frequency to

(14)

rotational frequency. It has been shown by Marsh that no simple
malytic method can be used to exactly determine these forces for the
pure aerodynamic case, and this will also be true for the hybrid
bearing except possibly at large clearances, where near to incowm—
pressible conditions occur.

For near incompressible conditions where the aerostatic pressure
force, in phase with the displacement is much greater than the in
phase component of the acrodynamic force, it is possible to use a
simple mathematical model to describe the bearing dynamic behaviour
in free vibrations., In an orthogenal set of x~y axes two equations
are necegsgary to define the elliptical orkit.

+ * £
mx + Cx + Kx = n.y = 0

[}
O

Cy + Ky + m X
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In the first equation Cx represents the direct squeeze film
damping, and is assumed to be independent of rotational speed.
The stiffness force Kx is independent of the aerodynamic film
DYEessures. The force n.y is the tangential aerodynamic force

produced in the x~direction due to a deflection in the y~direction,

In this simple

model is assumed to be directly preporticnal to
the rotational speed w. The ferces are similarly derived in the

y-direction. Now for the lightly loaded bearing svstem used,

eccentricities will generally be low and hence the whirl will be

0

where

©

the effective damping cocfficient

where w, 1s the vibration frequency.

Since the self excited instability sets in when damping

becomes zero, the condition for stability can be written



and since we take n_ proportional to speed
n = N where N_ is in Lbsec/in
c c c
The condition becomes
C W (=)
C (3.
1
] - L. 1
where {w/wl is a frequency ratio -z,
e
In practice for lightly loaded svstems instability sets in when
Q = 1/2 and so we may deduce that at the onset of instability the
pure squeeze film damping coefficient € is ecqual to twice the direct
tangential coefficient ﬂca
This may be checked using simple infinitely long bearing incom~
pressible theory. The equaticus for the gas £ilwm forces are pre—

sented in CGross p 340 for dypamic conditions.
Using an €,6 set of coordinates the non dimensicnal forces along
and perpendicular to the displacement are
|
‘ mhe
wt =1 cosy = ‘*3*5
e ( 2y3/
o o (1-c9)
W = W' sing =
Geo oo ¥ o
o o (2+e2) (1=«
H d £ 3 ~
where £ R Wanaars and 6
d{wy t)
It may be seen that within these coordinates a steady circular

whirl at half of the rotational speed
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vhence there is no net gas film fnrce.
However, transformed inte an x~y set of fixed coordinates, one

air of such equations exists for cach plane, and none of the in-

o

dual equations equals zero. Now &' becomes x/cw and 6' becomes

o
Fe
<

P

zero resulting in force components

B A = . :
Wt = —— % = (x
o Koo c
mh
W ERN A = N gy
; }m 2C 3 y & 1 ¢ J,,}T

when the steady state eccentricity tends to zero.

The first is the squecze film component identical to that

o3

obtained previcusly and the second the tangential force due to rota—
tion. If the orbit is circular |x| = |y| and the motions must be
simple harmonic so that x = wix.

Hence for the ceondition of half frequency whirl the squecze

the same as the tangential component

It is emphasised thet this only applies to infinitely long
incompressible complete films, at low eccentricities., Under these
conditions, it is seen that no other forces operate in the self
acting bearing i.e. it has no stiffness, and is thus inherently

unstable. However, it was shown in the previous chapter that

incompressible conditions exist for the larger clearances used.
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concerned with relative magnitudes. This simple analysis only
applies to the very large clearance bearing, and as socon as com
pressibility becomes apparcent, no easy analytical approach exists.
However, one or two features can be discussed for the limiting case

of zero eccentricity., Due to the external pressurization, th
system will be stable at low specds, and will have a stiffness which

g a combination of the aercstatic and aerodynamic in phase force

[

components, The damping will be 2 function of vibration frequency
and rotational speed as in the incompressib
come zZero when the frequency ratio reaches the critical value of 1/2,
It is also very inmteresting to nete that for the condition of a cir-
cular half frequency whirl sbout zerc eccentricity no aerodynamic

that 2s well as no damping

pressure is generated at all, which o

{assuming as before that no damping cxists due to the ex~

ternal gas flow), there is also no stiffness component,

and consequently the whirl frequency should be ctly the zer

static natural freguency.

oceurs at éX&CtL:wkEAEE

g

th aerosta

g would no longer follow the

compressiblae case,
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simple linear relation with speed of the incompressible case.

2.2, Experimental Technique.

The method of obtaining the gas film properties is much the
same as that outlined in the last section.

The rotor response to a shock load was photographed and
analysed. Results were obtained for six values of clearance,
varying this time, supply pressure and speed between the limits of
zero speed and the onset of half-speed whirl.

For this set of experiments an extra mass as added for the non
rotational cases to reduce the damping ratioc could not be used owing
to the severe problems of balance and growth at high speed.  Thus
for the smaller clearances the results taken at low speeds where
high damping conditions exist were subject to the same uncertainties
as described in the last chapter. A complete set of zero speed
damping and natural frequency values having already been obtained,
the lowest speed at which results were taken was in general around
one fifth of the whirl onset speed, Pour traces could be recorded
on one photograph, and thus for each value of supply pressure the
response was defined by six points, the last being the onset of
whirl. The usuzl method was to first increase-the shaft speed to
the whirl ounset which is known to be of the order of twice the aero-

static natural frequency. Trom this value speed was increased very

slowly until the whirl was detected. Speed measurement was by
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staticnary Lissajous figure formed between a 17 accuracy oscillatoy
and the small out of balance/out of true vibration component meas=—
ured by the capacity probes. In this way accurate measurement o
whirl onset speed was possible although hysteresis effects were
noticed and some small deviation is probable from the true speeds.
Vibration amplitude growth was rapid and so speed was reduced immed-
iately. The oscillator was now tuned to half frequency and speed
again increased but at the first sign of whirl a search was made with
the oscillator to detect the actual frequency of whirl which in some
cases was considerably below half the rotational frequency. The
shape of the whirl orbit was observed in cach case by forming a
Lissajoug figure, between the quadrature capacity probes, which dis=~
plays the motion of the shaft centre. This always appeared to be
circular. Tt had been'intended to photograph a small self excited
orbit for each test case and make an exact analysis of the orbit
shape, but unfortunately before this the last experiment could be
conducted a bearing air supply pipe blew off and the rotor running
at very high speed, seized on to the bearing sleeve, However, a
record of typical damped orbits had been made in preliminary tests
and figure 8,2.1. shows the orbital response at three stable speeds,
the last being very close to the stability boundary.

The rotor eccentricity was monitored for changes with speed

and was found always to be low, the maximum change within the speed
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n the worst case which was with a 10

[

range being less than 157

. The effects of

9

L ye 2
Lb/in“ supply pressure and mostly less than 5

misalignment would normally be expected to contribute as much to

cdl L R

was

of

1]

the presence

placement which
The shafts (except rotor g) were all balanced to an accuracy better
than that available on 2 precision commercial balancer and the main
contribution was from the slight amount of bend in all the rotors.
The measurements were taken at a point almest one inch from the centre
of the bearing which would alsoc represent the axis of rotation of the
shaft The magnitude cf this, while only of the order 5 x logsin
peak to peak was still significant in comparison to the shock res—
ponsesyand rendered analysis virtually impossible.

A sinusoidal variable phase variable amplitude voltage locked
to rotor frequency was required, to subtract from the unwanted
synchronous signal. A variable phase oscillator was not suitable
since the rotor speed could not be maintained constant whilst the

shock impulse was applied. The problem was solved by converting

the square wave output of the light pick-up unit at the end of the
rotor into a sine wave which was amplified with variable gain.  The

o

phase could be varied by rotating the photo~dicde.



Signal substraction is a feature of the Tektronig oscilloscope

used, and proved to be no problem.

The s

vnchronous signal compon=-
o o2

ent was eliminated for each reading separately leaving only the high

frequency surfzce roughness effects, and enabling photographic records

te be obtained,

8.3, Results.

A sample of the 60 readings taken on
table &.1. for rotor 5,

cach case,

exactly gimilar to those in Fig.7.4.1.

the rig is presented in
supply pressures and four

giving zero damping is

recorded and alsc the actual whirl frequency so that the whirl ratio

may be derived.
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Table 8.1,

Rotor 5. € = .0011 in m = .74 Lb,
Photograph Supply Speed Time Whirl Whirl Whirl
No, Pressyre rpm Base Speed Onset TFreq. Ratic
Lh/in"g. ms/em rpm c/s

74 A 10 9500 5
B 14000 5 29400 215 Ny

C 18500 5

D 24000 10

75 A 30 15000 2
B 24200 2 48900 398 49

C 32000 5

D 44700 10

76 A 50 150006 2
3 27000 2 60000 462 46

C 40700 2
D 53000 5

77 A 80 18000 2
B 34000 2 69000 522 .45
C 48200 5
D 66000 10

These photographed decay traces were now analysed on the analogue
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computer in the same way as the last chapter, and the results for

the above conditicns aras presented in table 8.7Z.

Table 8.2.
Rotor 5. mens-
ured B
Photo=~ Supply Speed v M T/B  a g i Ew C
graph Press,  rpm v/ s/ , 725 % hsec
= e 2 D3 . c/s c/s cfs s
No. Lb/in x L0 v in <nm v in
Ja A 10 Gs5 <246 5 5.364 575 202 190 102 2.46

6
R i4 .253 5 214 0338 196 190 66.4 1.6
31 207 206 200 42.7 1.03
05 16.9 .41

2
i
00
D

<241 5 o 12
240 10 10 .052 082 206 2

DN
B~

75 A 30 i5 .31 5 2 187 .295 400 415 118 2.8
B 24,2 .31 10 2 .135 213 400 385 85.2 2.05

54,0 1,31

25 .04C 362 3.82 14.5 .35
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76 A 50

B 27 -279 2 2130 .205 444 455 91 2.19
C 40,7 2276 Z L0833 131 449 452 58.8 1.41
D 53 <228 5 o026 .041 435 452 17.8 43
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C 48,72 oL 5 .064 102 496 505 50.6 1.2:
D 66 . 102 e 010 016 486 512 7.8 .19

The complete damping and natural frequency results are presented

n Figures 8.3.1 = 8.3.6 in descending oxder of radial clezarance,
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plotted against speed, cach curve representing a different value

e

esults are close

,_-.

{8184
o
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e
(98]
o
-
P
t
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b
('\

incompressible £ilm theory outlined in

less than 57 increase over the speed range, which is within the
cxperimental accuracy. The demping with no rotation was shown in

the previous chapter to be little affected by the pressure hut the
indications here are that at sm2ll rotationzl speed the effect of

fall off to zero at

[
rt
o
o]
‘«.t
His
]
e
&
n

pressure becomes ncticeable before

the whirl onset,  The same considerations apply to rotor 5 where
the highest compressibility number is
approximately 4 which is the edge e
aerodynamic bearings. Going down in clearance to rotor 4, Fig. 8.

same as before but at the

the three higher pressure curves are t!

lovest pressure the first case of gupercritical damping is reached
and unexpected events occur.  The stiffness drops initially as spe

the vibration frequency equals half the rotation

|t

is increased unti
freaquency from whence the frequency rvatio remains more or less con-

stant up to the omset of whirl, which is what one might expect in a

purely ecerodynamic bearing. The demping is also different to the

condition of the hal

y-4~
<
©
]
o]
&
=
=i
[
H
e
o
=t
I
-
—
ln
-

previous forms, fallin

in a linear manner to ze

frequency vibrations exist and

a1

L
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at the whirl onset,
Tor the final threc curves it must be remecmbered that the
damping ratio =zt low speeds was usually greater than unity and

that the results cannot be regarded as precise. However, it is

& region since a zero

elt that they do show the trends in thi

l-"h

assymptote is available and at moderate speeds results become quite
acceptable again as teor damping ratio decreascs, For rector 3 the
same effects as for rotor & occur at the lowest stiffness, but for
higher pressures. Jhilst a drop in the stiffness occurs, the
natural frequency does not become a constant half rotational freg-
uency, but tends to it as whirl onset approaches. The whirl cnset
is still clese to twice the aerostatic natural frequency as expected.

Also for the damping at the lowest pressure similarity exists with

rotor 4, but now this trend occurs (£ a lesser extent) at the higher
pressures, The varilation of both natural frequency end damping with

speed continue their trends as the clearance is decreased with rotors

The apparent assympinte is pure aercdynamic chacteristics

10

[N

2 an

for free vibrations, the degree of pressurization affecting only the

onsct speed of half speed whirl and the zero speed conditions.
¥

It is indicated on page 171 that the overall damping C
function of the frequency ratio only, for a given clearance under

incompressible conditions. The damping results for rotor 6 have



been plotted against the frequency ratic to examine this.  The
zerc speed value which was taken from the previous chapter's
results is below the extrapolated iline joining the other readings

was approximately 10.5

s
L]

which indicates that the zerc damp

Lb sec/in. Also the mean frequency ratio for which damping be-
came zero was not 2 but approximately 2.5, Thus the damping-

curve was shifted up by 2 value of the order of 2=4 Lb/sec/in at

all frequency ratios.,  This could possibly be explained by the
effects of bearing misalignwent (and small shaft eccentricity)

which could combine tc increase the magnitude of the overall damp-
ing which as seen, effectively moves the curve to the right on the
graph. The damping results for the other rotors alsc indicate that
the zero speed damping for this set of tests was higher than that
predicted before, and the plot of overall damping to frequency ratio
for rotor 5 follows exactly the same trends, although less pronounced
than for rotor 6.

As the clearance is reduced, the effects of compressibility
become important, the linear incompressible relations no longer hold
and also the combination of mass, stiffness and damping leads to
greater than critical demping conditions resulting in non-perindic
motions.  This makes the freguency ratio unsuitable as a parameter

against which to present results, direct speed or compressibility
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number now being the best cheoice.

The set of

whirl onsct, which is summarized in Table 8.3,

Table 8.3,

PRE—

Supply Retor 1 Rotor 2

Pressyre . ) - o / 0

Lk/in” now m Tw n w N w
10 172

Whirl

Ratio .48

410 465

Whirl .

Rati{‘ 9[{'9 \:5 u"78
50 270 587 630 688 680 544 560

Whirl

Ratio 48 49 .5 48
80 720 740 883 860 865 900 635

Whirl

Ratio 47 48 .5

The whirl ratios are presented and measured

q

experiments alsc yields information

about

“n Y%
230 215

370 398
.49
426 462
.46
49G 522

45

the mean load deflection stiffnesses of both bearings.

the

actual

Rotor &

TL W

125 137
.46

181 190

44
217 223
&1
253 258

539

whirl frequencies

compared to the natural frequencies (w_) calculated from

Also measured were the whirl onset speeds and frequencies of

and 5 with

£~

whirl for rotors

3

speeds of 43 and 46 c¢fs

]

onset

133.

are found from Marsh

no external pressurization,

(14)

The

to correspond
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et

to calculated eccentricities of 0,18 and 0.2 respectively, The
frequency ratios found from this agree almost exactly with the
measured values, Since the calculated eccentricity for the shaft
welght at the onset speed is slightly less than that indicated by

o

the stability boundary, the migsaligonment effect is deduced to be

"D

The whirl ratics were in 2ll cases equal to or less than 1/2,
as described by many authors both experimentally and theoretically.
The lowest ratio was 0.39 = which represents an onset speed of 2,56
for the largest clearance hearing

1 ratios well below half frequency

for larpe clearance bearings in previous work by

the author (re 29) where ratics zs low as 1/7 were obtained, The

results for the small clearances are 211 much closer to 1/2 and all

£

results for rotor 3 are exactly half frequency. Generally the
presence of raticg other then 1/2 must indicate that gome static
eccentricity was present or possibly that ‘external’ damping was
provided by the pressurization. Slight evidence for this 1s scen

in the rveduction of the whirl ratioc with increasing supply pressure.

I3

Also observation of the actual whirl orbit indicated no significant
departure from a pure circular orbit.

£

The special case of rotor 3 where exact half frequency whirl
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is seen is thought to be due to the fact that this rotor was not

considercd for the non rotational case in terms of

il
N
g
et =
9
=
V]
[

5
o
0
(.
o
¢

the stiffness of the left hand bearing. But for the onget of shaft

)

evlindrical whirl, the wotion is controlled by both bearings and
unfortunately the two bearings used possessed different sti
at low clearances. An approximation to the overall effect can be

obtained by taking the controlling stiffness toc be the mean of the two
bearings.  These values generally agree to within 107 with the actual

measured frequencies of whirl, there being no set pattern of the dis-

crepancies.

8.4, Comments.

The free vibration performance of a hybrid bearing system has
been examinead, Certain known aspects — the self excited whirl onset

but the free vibrations in the spesed range

[a N

data = have been confirme
below whirl cnsct have yielded some predictable results at large
clearances and some unpredicteble ones at the smaller clearances.
The experience so far has indicated that all aspects of free vibration

nce bearings can be predicted to a working

[a]
o]
]
g
Q
=
%
©
}—: N
o
b
&
=
©
pomt
[P
jae]
Ia]
6]
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accuracy using incompressible theory.

At small clearances quickly at

o zero at thoe whirl onset.

Iy

low speeds before reducing steadily
The effect would probably be less pronounced with a larger rotor

but still present. The vibration frecuency at the same time

a
I
Lis]
o

F

below the value representing the aerostatic stiffness, tend-

-
ol
o
-
w

ing to an acrodynamic~type half freguency value over a large speed

These results at low clearances cannot be explained specifically
within the scope of the present work since it is felt that the only
comprehensive methed would be to derive a full theoretical sclution

Marsh and described earlicer o

either along the lines develope
preferably by the "Finite Orbit Program” developed by Castelli and
. (4) . ) .
ilrod where complete response orbits are theoretically computed.
The Marsh method involves investigating the force components within
the ges film under specified conditions of speed orbit and fregquency
ratic and is very much cheaper to perform than the Orbit Program,

If the results are considered in terms of the Marsh approach

L% .

o

certain deductions can be made. Using an orthogonal set of axes

or
e
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x, v the forces sct ug

radial F . and tangential ¥, and similarly in the y-direction Fyr

r-l ®
[=]
[
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o
M

1
o
e
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w0

and thc The net force
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F 15
TXr ¥ Fyt

-

Now these forces are complex, containiung in-phase and quadrature

components and may be written

F = A+ iB
xr
¥ = {; 4+ 1D,
vt
The net radial force will be
A+ 1D
and the net quadrature force
iB + C.

where these represent the stiffness and damping components cof the
film force. Each of these coefficients A, B, C, D, is an inde-

pendent function of speed and frequency ratic and orbit, A also

containing the aercstatic force. In general the dynamic response

aQ

{

of hybrid bearings can only be predicted by obtaining each of the

coefficients and examining their sums. This problem is very much

B

greater than that of the aerodynamic gas bearing where the frequency
ratio is always known to a first spproximation, and in fact a more
complex enalysis of the finite orbit type may well prove to be the
only tenable method of sclution.

An experimental attack on the problem could be launched to
measure the values of the coefficients of the radial and tangential

3

forces using the orbital vibration experiment described on page 38
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syturbations a

of the orbit will allow the other four coefficients
However, it is felt that the experimental difficulti

mous and that the prevailing American practice

change

assumption of the

3

. the shape

es would be enor—

computery exp eri-

tinuatis the exploratory ezperiments could be
rig on end to achieve a zero load system, and varyi
rotor to alter the frequency Howeve
volve e series of special roters and is not possible
availzble.

However, although the stiffness and damping v
accurately calculated., the trends shown here should
shen designing at low clearance ratios,

The whirl omset above

static natural frequency. The ratic will Le close
lightly loaded systems, but may ¢ by a large

eccentricity conditions.
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4 general method for experimentally predicting the unstable

whirl onset speed of journal bearing systems without actually en~

countering the unstable condition has lLeen deseribed on page-

It now appears possible in the light of the experimental results

.

obtained, to postulate a2 simpler method of performing the same task,
It is seen that in every case, including the low clearance

s
2

ibration behaviour is aerodynamic in character,

b

las

“tends to zero. In

{

that the damping falls linearly with spead as 1
2ll cases this linear region occupies more than half of the speed

range, and since the damping ratio is low in this region, all

of good accuracy.  Thus by pleotting the damping

to extrpolate to zero damping as soon

a linear pertion of the curve has been well established enabling

4

the whirl onset speed to be obtained.

This method would aveid many of the practical problems associated

(15)

.

7ith the Marsh method where the stationary member has to be forced
and its amplitude measured as well as the relative awmplitude between
it and the rotor. The impulse excited free vibration method would
need only cne measurement of vibaation of the rotor relative to the
sleeve in cne plane, and would avoid the expensive vibration gener-
ation equipment.  The method would be exactly that described in

section 8.2, but where damping ratios were very small a simple

logarithmic decrement measurcment would yield very accurate measurement
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This free vibration damping approach perhaps lacks the
logical exactness of Marsh's proposed method, and as laid out
above has not been demcastrated for anything except the hybrid

bearing., However, it is clear that any bearing system must

high damping at low speed and zero damping at the whirl

2
o
o
[
o
[
+

onsct, even if this dces not turn into a linear relationship,

it should bz possible to predict whirl onset without encountering

1.

4

=

unstable whirl but running close to it. The whirl ratioc is easily
extracted by the same method of extrapolation of the actual

vibration frequency.
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9. FORCED SYHNCHREONOUS VIBRATIONS,

9.1. Introduction.

An carly investiy by Brix( produced a theory and some

rotin

-

6]

bear-

experiments on synchronous farced vibraticns in sel

ings. However, since tha rmation relevant to

bricated systems to synchronocus forced

vibrations is very important, the most common source being out of
alance of the rotor. This to gome extent will always be present,
1 balancing will normally avoid any observable vibra-

although carefu]

tions. As balancing is 2n expensive procedure it is desirable to

know the level of vibration produced by the residual unbalance and
to ensure that this does no ¢ ay, half of the bearing clear-

:ichever occurs at the

served to display a

Lower speed.

resonance, but no a g as been published concerning
resonance in an aerodynamic bearing. This is because hybrid bear—

unstable in half speed whirl after resonance,

fea g

ings usually bec

the aerodynamic hearing to run through

fu
()
g
;—: N
rt
[
Q
=}
o
h
o]
4

whereas the
a resonance before the onset of whirl have never, to the author's

Lnowledge, been chserved or defined. It is well known that out-of~-

sl
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balance leading can produce an offset of the half speed whirl

itions have not been defined under

lance teo produce
bearing failure hefore resonance.

nchronous vibrations, it is pessible

@

fixed in space, or a set which revolve

caring/rotor centres. The reault in either case

s I3

essentially the same, leading to the position that steady

g
i o
N
|—..!
.
e
[
@

state theory can be used to predict synchronous vibration response.

has pointed out that this is only strictly true for an

which air is normally assumed to be. It was also
observed that in practice it is easier to weasure vibration amplitude

than distance so a2 convenient way of simulating gravity loading of a

to apply an out-of-balance to 2 vertical rotor

system. However, since it is a dynamic system, some care must be
exercised to use the total resultant force acting on the gas film,
and not just on the rotor, i.e. the vector sum of the forcing term

and the rotor inertia as shown in Fig.9.1.1.

9.2. The Aerodynamic Bearing.

et

That the lcad capacity of a Learing is the same whether the load

is steady or rotating at shaft speed can also be deduced from the

form of the Reyneolds equation for unsteady loading where there is a

(1 - 2Q) term. The only difference is the attitude angle: for
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steady conditions the load vector leads the line of centres, and

in the dynamic state it lags the line of centres. This is true
for all gas lubricated bearings subject to the condition that fluid
inertiaz does not become significant (which would also invalidate
Reynold's equation).

[t is now possible to examine the rotor respomse in a zero
(1)

steady load system using Ausman's Ist order Perturbation Theory

2 - .
Theory , and also the numerical solu-

and his 'Linearized ‘ph
. et .- (21) i e s 1
tions of Raimomdili , all of which are for steady state conditions.

Q

For the aerodynamic bearing an estimate may be obtained of the

in a closed form.

aq

dynamic roter response to an out—of-balance loadin

We use the infinitely long bearing solution to Ausman's Ist order

L]
Perturbation theory which is valid for small eccentricities and high
compressibility numbers where end effects are small. This is based

munication from Dr. Marsh . The load capacity

°

on a private com

1

and attitude angle are given by -

k\',\:r Ao
b RE 9.1.
wp RL e ’

a Ao L

tan ¢ = -%

Referring to Fig.9.1.1. where b is the distance between the mass
centre and the geometric centre of the roter, zc is the disgsplacement

and r is the distance of the mass centre from the centre of rotation,
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the load is given by

] Mr w? .
W - M 18 the shaft wt
(2]
B
It should he noted that a couple
force 1g also

Jrrr—

—; 3 g I", o ¥
agarnst the driving
present but this is very small.
Equation 9.1. now beccomes
Mr w®  _ Ae 9.5
7P RL = s
sa YAel
This may be written in terms of the stability parameter
Me o?
Y Grgp RL
& a
r oA A
4'{{—5;: = - 9«:4«:
- Vi4+l
But
he = 1 4+ ecf ~ 2r ec cosé 2.5,
’ r by (T \2 1 2r A
« @ | e = e = - .
‘ec vec’ ec
¢ € VA%+1
H\Z A2 AZ
(_E;(-:-J = 1 + - - 9.6,
16v2(A2+1)  2v(AZ+1)
Mp 5
P LA S — A2 -1 7, g . i a (C
Now we can write y = AA° where 4 1s & counstant = =
: Lbbmau?L  —
L\z 1 1
(=) =1 - -
16A%A% (42+1) 24 (A%

8.7,

144,



W.Y.t.h gives

to obtain the condition for € differentisti

il

(1+12)2 (1+84) A" 9.8,

i

{1+ Vi+8A |

\O
D

]

paf s

or by o,
(1A)

Tor small clearesnces where SA << 1 the condition for resonance

reduces to

Y (ax)

s

Substituting equaticn 9.8, into 9.7, the maximum cccentricity is

- T
given by

\D
@
[
I
o
@

. , . 5
The constant A ig proporticunal to roter mass and (clearance)

and from 9.9, 9.10 EyAx decreases with increasing A for a given
’ LA

out=of-balance. Also the compressibility number for resonance

\ decreases with increasin
A(M %) ecreases with increasing A.

The other parameter of interest is the dynamic phase angle o
being the angle between the ocut=cf~balance forcing vector b and the

displacement vector ec (Fig. 9.1). It is possible to ghbtain an

expression for the cendition o = 907 when
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and ¢os¢ =
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. . . - -4 .
becoming .25 at a radiel clearance of 9.0 10  in. Thus the

3

o p L. , .
907 phase shift condition does not conform to the normal linear

spring-viscous dampil
speed below the 90  phase shift which is taken to denote the
natural frequency.
he first order perturbation theory is non-linear in com-
pressibility number i.e. speed, but gives linear stiffness, and
should be adeguate for low eccentricities,

The use of the linearized 'ph' solution enables more accuracy

1

to be obtained at high eccentricities, but looses the merit of

jan)
=h

[

. . . [ - .
analytic criteri or resonance and 90  phase shift.

The linearized ph' solution for the infinitely long bearing

ot
(o)
{2
[m N

capacity and attitude angle is

- 1 - i 1
5 _ A [1-(-e2)® ] | e? 2
™ RL 5 i N ‘1 -
a e(Ac+1) | (1-e4) ! (A2+1)
2y}
tan ¢ = (1‘i )

substituting the out-of-balance loading and considering the trizpigle

of forces in Fig.2.1.1. the following expression is cobtained for the

eccentricity

2 i 2 12 ¢ 2 7

b 1 - (1=e2) 2} | £

(=) =14+ ——— tolle 3 1= —
GASAZeY (A241) | (1-e?)? § (A2+1)

o2 2 1%
L-(1-¢e7) 1 —E 9,12,
Ae?(A2+41) (12+1)
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No direct solution for ¢ is possible, and it would be necessary
to use an ilterative technique to find ¢ at a given value of A.
Alternatively the expression could fairly conveniently be set up
in an analogue computer and response curves obtained over a wide
range of operating conditions.

Both the above analyses are only strictly valid for the in~
finite length bearing, but are not greatly in error, for a length

3

to diameter ratio of twe, at A = 2.0 (order 107 which improves at

1

hizher values). If accurate response magnitude is required at low
values of compressibility or at hizh values of eccentricity, then

apart from a full computer soclution of

rhe most convenient methe

y state load design charts of

Reynoldfs equation, is to use the stead

5 1

Raimo

~f obtaining the cccentricity and

There is no simple metl
again an iterative process must be used, The technique used was

for a given value of A, to guess an eccentricity which enables a

value of the attitude angle ¢ to be obtained from the chart. For

o

the given value of cut=of=balance vector ‘bY, a graphical construct-

icn on pelar graph paper was used to find the radius of whirl 'r

¥

El

see Fig.%9.1.1,). The load experienced by the gas film could now
b Y £

be calculated and checked agezinst the predicted load for that A and

¢ on the chart. If not correct e was modified until all the con—

ditions were satisfied. The phase angle = is alsc ohtained from
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results up to an

el
—
-
!
ot
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o
m

eccentricity of (.8, but it ghould bLe noted heonretically the

synchronous loading

rogsonance sinee

s solutions frem the charts may not be

oVer a range

3

always be a goluticen at hisher values. In nractice of course due

sument, surface asperities etc., eccentricity ratios greater
‘. ¥ 5 2 e

than 0.6 are seldom achieved without failure.
Illustrative response and phasc angle curves are given in Figs.

9.2.1. = 9.2,3. Fisure 9.2.1. shows the comparison between the

the full non—linear thecry obtained

theory
3

T

from the Raimondi desion curves, for the same out—ci-balance at two

different bearing clearances.  Agreement is seen to
whilst the eccentricity ratic is helow 0.5, but to differ markedly

that the maximum eccen~

tricity pred

clearance where the constant 'A' is relatively large, but as ‘AT
decreases the maximum becomes tuch larger than the clearance.  This

R &

will ke s vhntever the value of the out-of~halance.

Fisure 9.2.2. 1 A e Yo Ty @1 g
F1LoUTrC YeL.Ze 18 an eccentrs et Cy=paase




The first fisure well illustrates that there
depending whether the ratio b/e is small {(large clearance) or
large. Whon it is small, the eccentricity does not rise above

cut that in theory

the aercdynanic hearing has infinite load capacity as ¢ »+ 1, so

A

at high eccentricity a very rapid phase change occurs accompanied

by a rapid drop in eccentricity is increased. The res-

ponse then becomes close again to that predicted Ly the linear

theory. Ia practice this would mean that the bearing cannot run

ot

throush resonance, hut will fail, t is clear from Fig.9.2.2. that

there is a critical b/c ratio (in the region 2.04/6.8 for this
case) hetwveen failure and safe operation at speeds through reson-
ance. However, it would be necessary to use a digital computer

to obtain a comprehensive set of critical b/c values under various

conditions.
The Lehavicur can be fairly readily understood if we censider

the non linearity effects. As th pressibility number increases,

the ratio between the in-phase and quadrature force components

increasecs (i.e lecreassaa) . In terms of the dynamic vibration
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model Fig.Y.1.1. the stiffness inereases at a nuch greater rate
than the damping. The same i alsc true at a given value of &

if eccentricity is increased, This leads in dynamic terms to

& ?rge resonant

amplitude, very rapid phase change from a low value to one approach-

ibility numbers at resonance.

by the first order sclution

The critical “/c ratic would

T
[
ol
62}
-+
[k
h
iy
]
@
tn
0
=
o]
o)
,.{
1]
3]
rt
o
L}
@

gince

increase in

-
e
ot
&
=)

occur when the relaticn of ¢ te A was such tha
specil just leads to sufficient damping to run through resonance,

with the phasc angle not disrlaying a maximum point before reson—

Finally Fir.9.2.4. shows an experimental result plotted to-

11 solution.

The method by which the experimental results werc

be noted that

cutlined in a later scction,
the lack of points in the ranse A = .24 ~ 1,65 is the region of
half speed whirl, and it was only the ability to attain a vwhirl

a useful set of points.,

3

This was the

possible to run

'H
g
)
8
?
%
o
)
=
i
e
0
2
w
5
3
©
=
®
fody
=t
]
3
2
<
o
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through half speed whirl. The points plotted are the mean of the
deflections in the vertical and horizontal dircctions.  The curves
are plotted for a clearance of 00062 in, but judging from the form
of the experimental amplitude znd phase angle curves, a Raimondi
solution plotted for & greater than critical clearance would give

much better agrcement. However, the open feed holes in the bearing

may in practice have the same effect as enlarging the clearance.
& L5 i

-

9.3, Theoretical Aspects of The Hybrid Bearing.

The acrodynamic bearing subjected te synchronous rotating loads
has been examined in the last section, and much of what has been
discussed is relevant to the hybrid case, vhere the aercdynanic

pressure profile is modified by a supply of pressurized air,

The aerodynamic ras film force is conveniently split up into
radial and tangential components Vo Wt acting along anl perpendicu=

lar to the line of hearing centres. 00' Fig.9.1l.1.

ne of

[

acts along the 1

et

centres, and thusg it is postulated that a first order estimate of

hybrid radial force er is the sum of the independent aerostatic
1 al

and aerodynamic radisl forces, and the hybrid tangential force

W is the same as the aerodynamic force.
Ht

. - . . 19
For calculaticn of hybrid steady state load capacity Powell( )

¢ a vector method encompassing the above idea. In common with

- i

us

o

other workers e.g. ref.9. he recommends the use of a compressibility
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number not on ambient pressurc but on 2 mean pressure

cf gas in the film
effect on the aersdynamic
€. However, the use

iction characteristics

and the downstream pressure p, would be more realistic,  Cal-~
culatinn of hybrid load capacity and attitude angle can be stated

more simply than by Powell, as follows:—

Fer a particular A, €
(3

Aerostatic: Tind W Shires

Aerodynamic:  Find W & Ausman, Raimondi

a
B
1
i}
\
Ty
"
+
oot
=
(B

1

o

This method copes : perfectly well with the non-~linear form

the aerostatic load W with eccentricity since use of the full
=
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P B AN
. ) z7) . - )
Shires theory ’ enables this to e found.

"

assumption that a direct superposition can be
to he ricoreus, it will normally Lo quite sufficilent to use the

linear Ausman lst order solution for the aerodynamic component and
a linear W_ equal to the zero eccentricity stiffness times the

eccentricity.

The present work is concerned with the response to cut—of-

Learing in a2 simple analytic or a more rigorous iterative manner.

The latter method would Lie to use the procedure given above to

the same

o]
[N
3

tain a set of hybrid load and attitude angle curve

wondi charts. The dynamic response and phase

angle are then found as for the aercdynamic case. But this would
be extremely laboricus since for each different aserostatic load
component a different set of charts would be needed.

The analvtic approach is hased as before on the Ausman lst
order perturbatirn sovlution for an infinite length bearing. The

aercdynanic film force components aleng and normal to the line of

centres are given by

£ 2
I
’ = =
r )
-
W A€
ﬁ B it _ ‘m(}
Tt PR L AZ4L
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The aercstatic force compounent is

W
e 5
W = . =
s mp RL

{ ¥ is aerostatic
where

( . Ke

( 1

(

7p RL
™

I

— W € 5 5
T, o= : = e {02+ R(AZH1) Y+
H 7p. RL ALfli{‘m (A1)

F e 7071 dimensional stiff

el

ﬁzj

tan = -
2 < L
Az + B(AS+1)
or
cos 6. =
“H

Now for out—of-halance loading
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T
° * Fl ‘{FVT o= = °
" oce
From Fig.9.1.1.
1.2 2
{-_-l:'-\\ = 1 {r -\' — (.r_,.) ~g &
Vee/ R YT zkec} €8 Oy,

This reduces te

7 p
By V 1 r 1 Ty - 1 .9
(=) = — | + =) = 135 4 | - I
vee/ {4ﬂ' VAZ+T A2’ | LéAﬁArV1+A;)

There is no simple direct expression for maximum eccentricity,

irst term in the equation displays a minimum in A whilst
i

the second term decreases rapidly with b A criterion for €aax

can thus ke established vhen the second term is small - say

Wy

{W}‘ < ,001
VA (AL

This occurs for large A" and A_.

+

This yields the condition for ¢ to be a maxivum

22+ k(AZ#1) = HATAZ(AZ+1)

il m mom
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Or s

1}‘12&‘4.&‘ - (I‘C'l'l)j s I‘f_ = O

[e}

D
(o]

In fact this is the condition for the 907 »hase shift g =

gince referring to the sketch

S = cos s}

r H

.
T2,
LARS(AZHT A2+ 1 (A%+D)
. mom m 1 .
& @ =
= " /T A
o} Y1AZ + Az
™ ™ m

which leads to the expression above.
As for the aerodynamic case the maximum eccentricity or
e, . G
resonant condition always occurs at a speed above that for the %0

nlace angle, although for high values of Aiﬁm, the two practically

coincide. It is important to note this, since an apnroach based

%5

on considering the system to be a mass linear spring — viscou

damped type, leads to the expectation that the resonant frequency

—~
i

11 always be belrw that for the 90 phase change, and as A' gets

large, will approach it from the cpposite side to that stated by
this theory.

.

o
erc or 1807 when oy 18 zero, and

3
i

The rhase angle may he

&~
o

cxamination leads to the coneclusion that

L > oo, o+ 180



Algo, since ¢, is zero for low and high values of A we can

examine rthe expression to obtain the condition for the maxinun

ziven when

ok
B 7 T+k.

in Fig.9.3.1. showing the

A sample get of curves

variation of generalised cccentricity, phase and attitude angles

with compressibility number. The static stiffnesses chosen are

I3

those obtalned experimentally for votor I at supply pressures of

9
30 1bh/in”

A series of experiments have been carried cut for svachronous

AN

nreviously.

Py

i
.
]

unbalance loading, basically with the apparatus described
gleeves was used for all the tests,

fferent bore diameter.

being of the same design but having a 4
The parameters varied were the bearing clearance using the set

rive a clearance range initially from 0.00057 in to

0.00235 in radial. For each clearance a range of supply pressures
gave varying aerostatic stiffnesses, and also the magnitude of the
out-of-talance was changed to test the effect of varying amplitude.
The direct variables obtained frem cech test were the amplitude of

vibration and the phase angle between the load and displacement



ectors at each chosen value of rotor speed, In all tests half-
speed whirl was experienced and the onset and offset speeds were
noted and alse the whirl ratio.
The first operation was to peasure the new acrostatic stiff-
ses, In this case an attempt was made to equalize the aero-
static stiffnesses c¢f the two bearings by measuring the load-
deflecticn of the at standard supply pressures,
and adjusting the richt hand the stiffuness at
low cceentricities was the sarme. The most marked difference occurred
at small clearances, high pressures, where the gauge pressure ratio
is high, up to 20 /,_n2 differential being 2pplied. The resulting
easurements are summarised in Table 9.1, which gives the measured
system stiffnesses, topether with the calculated aerostatic natural
frequency in cycles/second and r.p.m.



3
1]
ot
o
()
«
[l
a

Rotor 1 2 3 & 5 ¢
Number

Mass L. 74 <137 . 735 .730 <730 732

Supply
Pressure

10 Stiffrness Lb in 4000 3750 4000 140G
psig

Nat.Freg. c¢/s 230 224 232 136

rpn 13800 13400 13900 8150

30 k 19500 186500 10000 7500 1900

c/s 500 455 366 314 159

rpm 30500 28700 21900 13800 9540

50 k 25000 34500 23200 14500 14500 2500
psig

o
n
rpm 36100 40300 36700 26200 22300 11600
o0
psig 1 72000 45000 41500 20000 13750 3900
c/s 574 205 740 517 423 223
wn

rpm 50300 48300 44400 31000 25700 1370C

The unbalance lcading could be arransed in a fairly accurate

manner by two nmethods, The first and most simple was to tape a known
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- = a

weight of 20g wire at two stations just inside the bearings with
Selotape. This had the advantage of simplicity and would certainly
be used where the rotor cannot be mutilated, but for the present

purpose the disadvantapges ruled it out. These are that at high

speeds the out-oi-balance loading is greater than the Selotape will

bear (for force could become as large as 60 Lb at the largest unbal-
ance finally used), which was rather dangerous. Also it was diffi~
cult to determine the angular position of the weiphts relative to the
phase measuring systen. The method adopted was to drill and tap the

rotors with 2 4 B.A. thread at two stations just inboard of the bear-
ings. Grub screws were inserted emsuring that the threads were a

fit, and positioned roughly near the balanced position. The

o

rotors were then balanced in a separste large clearance air bearing

[xi]

rig and the ‘residual’ unbalance checked at the system rescnance by
putting a known unbalance and measuring the relative amplitude between
the residual and the new total unbalance. The residual in all cases

~5 . .
was better than ¢.75.10 7 Lb=in in both the cylindrical and conical

node. he unbalance could bhe altered by screwing the grub screws,

n
m

of known mass, in or out by 2 known amount, positional accuracy being

-
- - - A ] . -
better than 57. Unbalance of up to 29.57.10 Lb=in could be attained,

but was only usg test, most being conducted at 7.5.10 7 Lb-in
R . . " ;. P
or 15.02.10 7 Lb-in representing 2 or 4 turns of the screws from bal-

ance.
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The bowed shafts again presented a problem in extracting
the required data from the capacity probe signals which included
the synchronous out-of-true signal component. This time the
common mode rejection technique used for the free vibration
was not feasible since the output from the phote—diode light
pickup was needed for phase angle measurement.

The vector diagram shows the out-of-true signal T at an

angle ¢ to the out-of-balance force vector. The signal actually

measured is of magnitude R at an angle B to the force vector.

a
LN he required information
il .
T ./ 18 is the out-of-balance
/ R
! response B and phase
b XW»‘M \\ 1
) A angle oo
o4 M'MW b
£y 2 e

Angular position monitoring was achieved by feeding the
;mplified square wave output from the photo—~dicde on the Z-mod
of the oscilloscope, arranged such that the bright up operated
off the trailing edge of the square wave. The trailing edge
cut off remained sharp at all speeds whilst the leading edge
deteriorated at high speed. Hence a bright spot was obtained

on the oscilloscope representing a known angular position of

the rotor.



The mechod used

angle of the

force relative to a fized displacement vector Ly rotatin

ienal. The angle could L

accuracy being about

5
s
g
fo)
)
3
2]
g
oy

ate way to use the light unit would bhe to

use the souare wave output as a switch so that the sinusoidal

signal can be ezanmined over half a cyele

justed for @ null meter veadiug an exact posicien is obt

: v - 4
SNUrioas L. aal

T and 1ts phase angle § wvere

Teors



frequency limitation on the Wayne~Kerr vibration meter. The
amplitude was read off the meter and the angle found as described
above, Unbalance was then applied by screwing out the grub screws
by a certain pumber of turns, and amplitude R and phase angle B
rcad at discreet speeds up to the onset of half speed whirl or
synchronous whirl failure. A graphical method was devised to ob-
tain the required vector B and angle o, using polar graph paper.
The point (T,y) was plotted on a tramsparent graph sheet and this
was placed over a normal sheet of the same scale such that the tip
qf the (T,¢) vector was at the origin of the lower sheet, The
vectors at various speeds (R,B) were now plotted on the transparent
sheet and the vectors (B,a) read directly off the graph paper below.
Examples of the final polar plot are given in Fig. 9.5.1.~9.5.5. and
these are transcribed on to a linear presentation with speed, Fig.
9.5.6.52.5.11.

By measuring vibrations with two probes and the phase unit,
the amplitudes of vibration in two directions could be monitored
simultaneocusly. The results for the aercdynamic case are the mean
of the vertical and horizontal response but the hybrid are for the
vertical direction only. This becomes important only if significant
static load is applied resulting in a non-circular orbit.

A method of obtaining a direct plot of B,a was evolved, but
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this would only be suitable for an unlcaded vertical rotor system
since it measured a rotating displacement vectovr relative to a

nitial displacement

e
)

fixed load vector. This means that if the

was increased

~

vector mas measured in the vertical plane, as speed

. . .. ) \ )
it would be measured in planes which rotated forwards 180" from
film in each plane would serve to cloud the main effecis of speed
(compressibility number).

The technique was to form a Lissajous figure on the oscillo-

scope using two quadrature capacity nrobes at onme end of the retor.
& L 3 4

The trace bright—-up was again used giving orz bright spot on the
circle, and at low speed this was placed at the centre of the
graticule. The line joining the centre of the Lissajous circle

te the spot represents the vector T in the diagram, point b being

o]

the spot. The brightness contrnl was dimmed so that only the spot

was visible, and as speed increased, the spot traced ocut the out-of-

balance eccentricity -~ phasc angle locus i.e¢. the lecus of point 'cf

relative to point 'b'., This can be scale! and the spot photographed

T

at discreet speeds to give a direct record in exactly the same form

[¥4]

as the devived graph Fig.9.5.1. HNo measurcments were made by this
method, but it was extremely useful for obtaiming a rapid visual
plcture of the system behaviour; this could bhest be achieved by

running the shaft up to full speed and then stopping it rapidly.
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Readings were taken with varicus unbalances for five different
rotors. Due to the half speed whirl encountercd during this series
cf experiments, considerable rubbing teck place and the bearing

clearances at the time the results were taken were as follows.

Rotor Number Radial Clearance
1 .00062 in
2 00075
3 .0009
5 00124
6 00235
The principal variables used were clearance pressure and speed.

o

nhalance was varied at each clearance, but since it was not ilmntended

to examine eccentricity effects, only one value at each clearance is
in general recorded. The pressures used were, as before 106, 30,

ol
. L . - P »
50 znd 80 Lb/in” gauge. In Table 9.3. below, a typical set of regults
is given for rotor 3 with supply pressure 30 psig. Tabulated against

speed are A and B, the measured half peak amplitude and phase angle

which include the ocut—~cf-true shaft component, and the derived values

of synchrenous unbalance amplitude e, cccentricity ratio e and phase

angle o,
166.



Table 3.3.

Speed Measured HMeasured  Unbalance  Unbalance Actual

com 107 Am@litude} Phase ﬁy@litu@e Eccentricity  Phase

k A in x 10 Angle e in 10 Ratio Angle

3 £ o

0 0.6 =30 0 0 0
10 .65 ~-27 .1 011 0
15 .8 -15 .3 .033 20
20 1.05 0 »65 072 30
25 1.4 20 1.12 . 125 45
30 1.7 50 1.7 .18 70
35 1.8 80 2.1 .23 35
40 1.7 100 2.1 .23 112
45 1.4 110 1.9 .21 122
50 1.3 120 1.75 . 195 130
55 1.4 130 1.9 .21 136

Whirl - -

The complete set of 16 results are presented in graphical form.
Figures Y.5.1. — 9.5.5, show an eccentricity —~ phase angle plot as
derived directly from the measured amplitude~ angle plot.  The un=
halanced used is marked on each graph in terms of the mass axis shift
L.  The same information is given in Figures $.5.6. - 9.5.11.

T
L

plotted against speec The reason why these have not been plotted

¢
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rainst the hybrid compressibility number f% will be given later.

9.6, Analysis of Results.

In order te examine the correlation between the experimental
results and the simple theovry presented in Szction 9.3. it is either

theoretical response curves for each value of

)
ot
~

"
}——i
S
t
a
&
t
3
t

possible

]
=t
-

3
o
Y
5

measured aerostatic stiffness as shown in Fig.Y.6.1., or to break

down the experimental results and examine in phase and quadrature
components in the 1light of the theory., HNot only would the former

method be immensely laborious to do for a finite L/D ratio, but it

would also vield less useful information than the latter.

3

Since the system is considered to be a vibrating one, the gas

film force in phase with displacement will be considered the stiff-
ness force, and to consist of the direct superposition of the aers-
dynamic end aercostatic stiffness forces.  The quadrature film force

is considered to be entirely due to the acrodynamic component and

can be called the damping feorce. Since the vibration measured is the

¢ 7

the planar representation of a circular orbit the motion scen must

be simple harmonic.  Thus an analysis hased on linear spring -
damping characteristics is quite valid.  The actual stiffness con-
trolling the vibrations is not the tangent t» the load=eccentricity
curve at any part, but is given by the line joining that part te the
W
) . rH
catum l.e. o
ec
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‘

Also it should bLe noted that the static stiffness for steady

state loading is not the same as the dynamic stiffness. The

WE + Wk
- - P AW e 3!
. . Total Load VY \'rH th/ . , .
former 1s given as ——g——s—— = “—-———=" yhilst the dynamic
- deflection £c W
;
. . « . " rH
stiffness is contrclled by the radial force only -
€

It is now possible to consider the results in terms of

Fig.9.l.,1.b.,  The radial force W is represented as
W = K + K ec. 5.6.1.
r Ky + Kp)
where K is the aerpstatic stiffness Lb/in

the aercdynamic stiffness Lh/in

o
=N
<]

and the tangential force Wt by

W = C ccw 5.6,

where C is the damping const

Neow for one bearing

” 2 A 2
1ECw IRl
W = (K + K ec = - + co
r ‘s ﬁ)) o 27 sa
- Mw? | h cosa
K + K = e | - + 1 9.
( s \D) 2z L c €

6.3,



and 2
Wt = (eew = sina

Thus the experimental results can be veduced to values of stiffness
and damping for each speed, anl since the asrostatic stiffness KD ]
considered comstant, azerodynamic cheory can be used to exanine the
results.,

Theoretical plo

and damping can be
derived from the Ausman lst order perturbation solution. For im-

proved accuracy the finite length theory, for L/D = 2, will be used
W

and attitude

ot
By
i<
W
]
-h
H
2
,;3
]
s
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o
o
~
B
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=
=
o
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o
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angle ¢ are plotted against compressibility numbe

W
Nﬁw-; can: be split up into components
— — W —
W W t W N
Y = =08 6, — = = 3in &
— " € [

e ~ T p_RlLe
™
W Tp RL
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Also —

!

—
Fq

[N
it
I‘Sl
o+
feal
=~
=
-
I
e
O
[
N
[}
°

Nondimensional stiffness
1 I 3

tafe L C - !“\ -

R o= D e j o are
6Grul R/

in Fig.2.6.1.
These curves are accurate at low eccentricities and their
validity at other cccentricities has heen examined

‘ph’ thecry. This indicates that

the subsequent Augman linearized
at ¢ = 0.5 the quadrature component or damping is only 77 higher

than the linearized value, whilst the in—phase stiffness component

[

is 247 higher. How it is chserved that the non—dimensional stiff-
ness curve is almost linear with compressibility number for A < 3

and also that both Kf and A have the same functiocnal dependence

o]
n
P
n

independent nf P for

on pressure p_.  fHence radial stiffne

il

on the pressure

,-4
53]
o
CD
e
¢
=
&).\
=}
ot
8]

low values of Apu Thug only the

.

and combined with its independence on eccentricity, this should make

T

it ideal for the examination of the best, if any, value of pressure

i

p, to use with the theorv.



The results from figures 2.5.6, —~ 9.5.11, were reduced to values of

damping ond stiffness are previocously outlined, and & sample set of
Ly 53 i 5

calculations is piven in Telle 9.4.

i
o
~J
L2
=
(%

i
e
jo
@]
[t
N
b

Rotor 5 M

B=1.53 10  in t/e = 127

=3 Nsina

C= 1.26 10

il

- [ 19
(X, + K ) =1.04 10 2 y? §°Lf7 cosa + li
8 L€ .
Pressyre Speed Ece  Phase Demping Stiffness
Lb/in” 5 Hrpm £ Angleq sina  cosa cr ok, K
190 C - - - - - 2 % 104
5000 . 0085 20 » 342 .94 1.12 .35
10000 .12 17 L2592 .956 .135 206
15000 .32 58 99 =-.139 .258 221
20000 <25 140 043 =766 <245 o277
25000 .25 160 2342 =,937 .19 +341

14000 .31 90 1.0 - .258 ~
30 0 - - - - .375.10"

10060 025 G O 1 0 .633
15000 .11 16 -276 .961 .21 496
20000 . 397 68 . 927 375 +260 466
25000 iy 125 819 ~.574 <286 533
300C0 o3 149 515 ~,875 . 287 .588
40000 .15 161 .326 - ,946 4384 .568
21500 W43 S0 1.0 -~ 27 -

- ,5(}27.e1{]/+

50 0 - - - -
15000 .15 4 .07 .918 .039 <432
20000 - 305 28 47 .663 <171 .56
25000 .555 G9 1 017 .257 653
25000 <4E5 126 809 -,508 <26 .69
35000 2335 50 +5 -, 366 291 - 733

i
25000 9.0 1.0 ~ .25 -
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ely apparent from the above results that ne

film force in the hybrid bearing, such as the ti

However, the results shov two

would be expectsd, as

compressibility number is mean pressuare

This means

namic Aamping o stiffness decreases as

weir actual magnitudes. Secondly the damp:

coming the same order of magnitude fo
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The result for rotor 6 is

but has to be con~

gsidered against the firm indications of rhe other four clearances.

Further experimental evideunce showing the same trend hzas been

T

, and again the

demping is found to get further below the theoretical values as

clearance 1s 1lncreasod.

l__l
~J
w
N



@
@ i
o e o o o i b, v}
¥ I ] - o & i : 5 $
o M o ! . o e L m. )] wpd &
o b : @ T e LA A [ =] pis
w W ! : a o bt o & 3 = i o s . e
g 7 s 4 5 2 = ) ¢ o H v
O w g = B 3 58 . 209 @ o
& = SIS R S o = oW 2 &
@ 9 S R e g =8 * S T NG I
@) g g 10 = > = 2 K Uy Lo o
O oo mLo . ) : = L U o N
- het .Mn et i) @ Fo) n.,m L y ot
) & ) - i M.Uv mm ol W o ) @ mi.
Ty — o] = S = =3} - L5 4] )
4 By o a8 Lo ol & SR ’
oL o C 2 v 3] - - 4 « O o o Uy
’ P = o] 0 13 o = il
" i o ! ﬂ/ e} 44 P = v
. m..... > e o ol o o U\ .
= 2, o o B o 3] -
W s - o & 2 o =
& .t Qoo It
= o W 8 oy =& .
o ’ = 3] i o -
o 9] Kot . i &
w0 o N o o u H )
+ o @ : @ Y W
= 0 e g < =3 o £ ] 3]
4] o : o - pt v + , & =] n
o c B Hod» v = o
- = O i e 43
o oA & R R w ~
Cu o S . L ] &) 1o ~3
At o Py =3
2 5 ] &) ly = ﬂ o«
© - o o A2 © < L
»poq =i Dt r ) y
R o 5 & 2 >, = S
S - ) r - =i O o [
ﬁ“ ..j,,w E [ %) mll. + ] vy - -y
= ) ol 9] — o ﬂ 13 p P
3 = i3 - ) o 0
w < o ©v o ] - w ol )
o g =} 4 o -t o “ Q
W " o e o o i v o] I m.J
o 13 3 14 el e _h |5l & ¥ a !
o W o 5 = = : o
pd cj o R &) o by e
> o 5 o g N 3 ) ” o )
G w G o, © 5 o “ 5 S
3 - - .9 g g
= o ’ v w2 o L G q
s o o O + © -~
g S & S R SR I < & 3 &
= : : o : o
= i = w..ﬁ L i i M 0 o !
f . N - . o 0 g T
o I + N - & o 1 " 5
4 1 =4 . = & . v wemf
4 el [ W 2 > o 4 -
£ . ] ~n e i 1 pn]
i s 9] Y4 0 .”;u m = 1] N u o) < ! el
_,, e : - = 2 o & &
b o ] 2 & 3
g & 8 B, 9 < 5 & & 38 o
o 5 o 5 0§ B S g s a
ey = o ..m ot T o i o o
o P o o oed « o 0 - IS 0} o
£ 34 i g r Ui v;. i S w u
> bt o L = al b i
v = N o o)

176G,



The stiffness curves plotted

n W1
nnFL

i

g
that in general the stiffnegs increases from the aercstatic value
Ks as speed increases. Agreement with theory is again not goo
but this time the smaller clearance stiffnesses tend to be too low
and the larger too great, whilst votor 53 gives something like the
correct rise with speed. It should be noted that comparisons have
been made at high values of the nhase angle  where the errors in
o do not unduly affect the cosine function. It does mean, however,

that another error is introduced since the eccentricity is usually

significant, but from the point of view of examining the results it

was felt that nething further could belearned by resorting to the

linearized 'ph' thecretical analysis instead of the lst order

analysis.

The steady state results of Powel 21d stiffness results which
are less than the theoretical prediction, but again this is much more
marked at the lowest clearance. As is alsn seen in the free
vibration experiments the hybrid stiffness in cne or two cases falis

below the aerostatic value, before recovering, but it is difficult

to offer an explanation for

damping results leazd to the tentative con~

PLEEg
clusion that the ratic of damping to stiffness predicted by the

.

theory is incorrect possibly to a greater degree than the actual

.



Thus when

us

two tends Lo

support this
hut of the s

supply pressure

But the attitude angle results which he obtained were not in good
agreement with the theory.

It is felt that the author’s experimental rig would have con-
firmed the simple hybrid bearing theory presented if it had represented
conditions in the gas film, but this does not appear to be the case.
The rvig is not, however, suitable for producing the very accurate

results needed to form a modified theory or a complete empirica
theory.  This should be of fairly lavge dimensions so that all
parameters can be controlled to high accuracy. Fror the point

view of producing practical inforwation for the steady and

balance loading of hybrid bearings, the aero~tatic/aerodynamic
superposition approach isg still considered to "o the best, hut
empirical laws concerning the derivation of a mean pressure P
would have to be worked out separately for the aserodynamic in-

phase and quadrature film forces. The result should then be
fairly simple to use but would not give a very good physical



Fach test was either teminated, or interrupted by the onset of

half speed whirl, except in the few cases where insufficient power

was svailable to drive the rotor as fast as the first onset speed
(32, 9, 15}

can inhibit the srowth of the developed
o I

alf speed whirl and sometimes lead to an offset back to plain

h

unbalance synchronous whirl, so some notes were made during the

present series of unbalance experiments.

For the three larg examined in detail, rotors 2,

+

3, 5, no significant effects due to out—-of~balance were found,
beyond some degree of gtabilization of the half-speed whirl orbit

. . . . , o 1A
with unbalance masgs centre shifts of up to 2.79.10  in.

Rotor I, however, gave interesting results both in aero-
dynamic operation and hybrid. The initial radial clearance was

L0057 in but due to vubbing during large smplitude whirl this had

enlarged in by the completion of the experiments.

The acrodynamic exneriments needed a small amount of pressure
jacking to start the rotor, which then hed to be switched off
quickly. The technique of rumning up to a stable speed above
whirl offset and then turning off the jacking did not work for

synchronous unbalance loading since some form of lock-up seems

179.



to occur as the pressure is turned down, However, aerodynamic
operation was quite satisfactory and in all cases the rotor could

be run at speeds well above the half speed whirl onset.

0 A

The measured onset and offset speeds are given in table 9.6,

below.
Table ©.6.
Unbzalonce Vhirl Onset Whirl Cffset
mass centre Specd rpm Speed rpm
shift (in)
0 600G )
5
"y /
. e p 5
1.02 % 10 6000 ) None
)
1.53 5900 )
1.72 5900 *
2 .04 5750 35000
2.3 5900 34000

not fully develop from synchronous whirl

(# half speed wl

zero unbalence the bearing failed at

up to 90,000 rpm

imbalance axis shift at 30000 rpm.

e
v

o

60000 rpm, and with 1.02.1C 1

¥o touching cccurred with any other unbzlance up to the maximum

n Fig, 9.5.1.(a)

e

speed available. The above figures are plotted

which has the same form as a similar graph in Ref.15.. It

1460,



indicates that an unbalance mass centre shift of 4.5 10 in would

= " ' 4 - = * N - n
the ecdentricity is in all cazes not

/

not here affected by the amcunt unbalance. Ag

P s
and in some cages becomes such that it

would produce an cccentricity in the stable state such that the speed

ty continues

whirl offaet now occurs, and so

the whorl onset con~
~

Tt is surmised, hov-

(ol
w
<
o]
—
Q
3
3
D
)
s
N
o
[45]
=
o
h
rr

speed ig

Hith the system subkjected

- 4 R . T . P | N Y N SN . T pvge il e ' S g P =
loading 1t is observed thalt the "half speed whirl' is exactly half




coordinate transformation which cnables a svstem with a rotating
synchronous lead to be analysed from & rotating set of coordinates,

when it is exactl

P ot o v .
ratic in each system is kaown to De eithe

only be geen in prac

.

is small.
Whilst the speed was increasing through the region of stabilized

shown in

e

half-gpeed whirl the circular half speed whirl orbit trac
Fig.9.2.2. was observed in several cases to break up into a complex
pattern. Infortunately no measuremenis were taken at the time, but
it is now surmised that this was caused by the onset of conical
whirl, existing at the same t - as the cylindrical mode.  However,
ne proof of this was obtained.

re alse observed for rotor




Unbalance nset Offset gpeed
mass shift Speed rpm
in rpm

'—-l

.

o

3

®

J—

>

7
o & <
l‘:‘ O hrice

a0
SO A A e e

1.78 42000 *
2.04 47000 52000

2.3 Mo Whirl < 506,000

In the three cases where ne whirl offset was observed no touching
occurred up to 90,0600 rpm.
£11 speeds are Lelow the resonant speed for this case so that

eccentricity increases with spead here alsc. But the onset speed

et
]

here is quite high and eccentricities already significant so that

=y

increasing the unbalance has a marked effect on the onset speed.

Only one offset speed was cbtainel very close to the tip of the whirl
envelope. Thus not only does the small amount of pressure feeding
give a higher balanced half speed whirl onsct but it reduces the

et
ot
Q

(ool
o]
Iy’?‘
i
o
i
o

amount of unbalance needed to avoid low spec:! whirl onset a

183.



However, the amount of unbalance below which whirl cennot be run

through is just the same as for the serodynamic case.

sl

Unbalance loading can only affect the half-speed whirl cff-

ng
set characteristic where the coffset speed is below the resonant
frequency to synchronous unbalance vibrations, and eccentricity
is still increasing. On the cother hand whenever eccentricity is
significant the onset speed may be -dclayed. In the case of bearing
systems designel for hybrid operation, the aerostatic component is

normally large and it would be expected that the resonance will

occur before any whirl offset.



CONCLUSIONS.

1061, General.

Several important aspects of
ance have been examined, interrela
difference cutlined Also where

work, one or two aspe

ihen possible 1st

by experime

that in certain cases, simple aers

is possible while in other cases i
equipment is capable of proving or

tions, but has not been desipn

te perform the t

-

brid journal bearing perform-

tions defined, and areas of
these fell into the general

2ets of aerodynamic performance
order theoretical evaluations
have indicated

these

nt

dynamic~aercstatic superposition

t is not. The experimental
disproving theoretical indica-

highly accurate

experiments needed to formulate desipgn laws where theory is in—
adequata, HUowever, the results presented offer a design guide to
virtually all performance aspecits of hybrid bearings using annular
feed holes,

16.2. Aerostatic Performance.

From a theoretical analysis of the single row annular feed hole
bearing it‘is indicated that the best load capacity is obtained
around Koo = 0.5, and if feed hole diameter is fixed, the best

&
stiffness around B = 0.C.  Thes by other
g0

—
o



experimental evaluation

at high supply pressures,
found to be much more

the optimum stiffness

measured stiffn

but this may have been due to
Since accurate

't specifying feed hole

10.3. Free Vibrations.

i

1
1

ne ¢

)

15

»f free planar vibrations with no shaft robation

i
Q
s
it
m
O

£

a simple analysis is developed based on the assumption that all

damping stiffness

due o

constant with clearance at high frecuencies. It might be expected

the density of
An analysis in

iTE. However, the
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nc changes

return of

than $.59

(<)

With rotation

that under

damping 1

]

a hybrid bearing decreases linearly te zere. The vibration frequency

da

quency of vibration, and a speed twice the
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vibration frequency which produces a neutra

is shown experimentally at the

set in and the

a solution of

f=to
lus
o

tal
167,



3

The damping 2lso decrceases very rapidly, but this 1is expected
since a2t the svnchronous whirl cond
it should be rather less than half of the initisl value. Thus
very small clearance hybrid bearings will have, except at very low
speeds, the same weakness to half frequency vibraticns as exhibited
by aerodynamic bearings, even though they have a very much higher
unstable whirl onset speed. In large clearance bearings impose
half speed vibrations will produce very low damping, but unless the
vibration freguency is close te the resonant frequency (i.e. the
rotational speed close to the whirl onset), the response will not

he excessive.,

The forgoing has all related to the onsct of half speed whirl
at a speed equal to twice the aerostaitic natural frequency. £
may be deduced from Reynol equation that this will occur since
with zero applic an exact half frequency vibration, no
aerodynamic pressure forces are genevated ai all, Thig leaves
only the aerostatic stiffness to govern the matural frequency of
vibration., In practice eccentricity or misalignment effects
ray..y make the whirl ratio lower than cne half.,

In the unbalance loaling tests it is demonstrated that un-
balance above a certain threshold value is capable of producing
sufficient eccentricity to effect a half speed whirl offset.
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bearing a lst ovrder perturbation gives

for the resonance which for smnll clear~

P P L
an analytical

ances approximates to vy = 1/4,

approach using full non linear solution shows that its accuracy
i limited except for leree clearances and small balances Ay
18 1imliea ezxcept for large cirearances andc smal unbalances. F2121
important in of this full thecry is that there exists a

critical value of unbalance/clearance. If this is exceeded Tiear—~

ot

e possikle to run through

resonance at qu
was found where wh
theory. However, there

if these could he con—

e
1 Ts oo
VILEIONS .

on the assumption that aercstatic film

rature force

lynamic qus

b

the resonant speed will

¢

1t the aerodynamic bearing.



L C . + .
Also that the 9C7 phase change betwecen force and displacement occurs

before the resonance, not after as suggested by the linear spring

.

.1

theory often used to describe such bearings.
However, a comprehensive investigation does not back the

detailed predictions of the theory, and in particular it appears
that the damping cannot be assumed to be the aerodynamic quadrature

force component, as was free vibrations case. How~

ever, the theory scrves bearing trends, and it

A4

is found that the prediction of overall load capacity is closer

than the prediction of its components.



e

.5 open to

more exact mathematical analyses than have been obtained up to now.

But the complexity of is such that any theory is un~

likely to give exact the dependance on all parameters, and a semi
—empirical approach using experiments to

theory would probably be best.

Aerostatic :5ign needs more empirical work especially
in the areas not covered by Robingon and Sterry. The free vibra-
rion experiments reported here on anmular orifice bearings should

211 be repeated with simple orifice feed holes, but z mathematical
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canding of the phenomena

encounterad. Also whilst

.

are neecded to examine vibration

examined, forced vibration

ance and the

definition of critical unbalance/clearance boundaries, are further

.

areas which would stand full investigation in the plain aerodynamic

Finally much experimental and mathematical work remains to be

4

done on predicting the load capacity of hybrid journal bearing, which
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APPENDIY I,

The Principle of Operation of the Wayne—Kerr Distance
and Vibration Meter B731A.

The input reference signal i1 to a high gain amplifier is the
current passed by a standard capacitor C8 connected to the output
circuit of a stable 50 Kc/s oscillator. A current i, dependent on
the amplifier output voltage Vo is fed back to the input through the
capacitance C, between the shaft and the probe. Thé capacitance |
Cq is chosen to be comparable to C, and the gain of the amplifier

is made very high. Under these conditions the amplifier output
voltage is inversely proportional to the capacitance between the
shaft and the probe, and thus this output voltage is directly pro=-
portional to the separation of the probe from the shaft.

Vo = Ae = A(il~i?)R {180° phase difference between

il and iz}



But € is comparable with Cg and the amplifier gain A is so high

u

that e << Vo

i e
Y = (2. (2
JO/V1 = Q?;] kXSJ

Vo = ,1 LY = :i. (20
X u X, ‘wC /
[e] (o] u

A\
N 1

. AN .,
i.e. Vo = K (—w} where K is 2 constant ——
Cu GXS

A
but € = =
u d

where a is c.s.a. of probe

d is separation of shaft and probe

k .
LI VO = -,
a

e, Vo = d

Thus the 50 ke/s output from the high gain amplifier has a
mean amplitude dependent on the distance of the probe from the

shaft, and a modulation amplitude dependent upon the peak-to-peak



ibtetion of the shaft.

<
jmia

A mweter, fed by 2 metering circuilt which rectifies the
et o e = 1, o » ol " I S ke . - LS LA, 4
modulation 50 kc/s output from the high gain amplifier indicates

the mean distance between the shaft and the probe.
A vibratiom metering circuit demodulates the 50 ke/s output
and feeds a meter through a2 peak to peak detector. The meter
then gives the peak-to=peal vibration amplitude of the shaft,
An output from the meter is provided which is, however, th

modulated 50 kc/s signal, To view the vibration wave form on an

ek

oscilloscope, the 50 tc/s carrier is filtered using the filter shown

«

o
XL

ot

in the accompanying

gure.
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After the mair body of this report had already been completed,
it has been realized that the 50 ke/s rejection filters used with
the Wayne-Kerr meters and detailed in Appendix 1, lead to a small

phase lag between the measured and true phase angles at the higher

frequencies, This only affects the results obtained for the syn-

chroncus unbalance loading and presented in Chapter 9.

e

It is not considered, however, that this materially alters the

t

conclusions reached, since for the damping the main conclusions were

ased on results taken only at the 907 phase change between force

deflection where the frequencies were low and phase lag in the

N

an:
filter negligible. One curve presented, Fig. 9.6.2. will be changed,

where instead of the damping coefiicient increasing with speed as

fr e

shown, it will turn over at high speeds and begin to reduce. The
stiffness results will be little affected since the filter phase lag
only becomes noticeable at high speeds where the systen is normally

approaching inversion. The derived stiffness is a sine function of

phase angle and errors of 10~15 have little effect in this regiom.



