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(i) 

Sunmiary 

In recent years fairly complete data has been published concerning 

the performance of both smooth and roughened discs rotating in housings. 

Very little work, however, has been done with discs whose faces have 

different surface roughness characteristics from each other; particularly 

when one face is vaned and the other effectively smooth, the con-

figuration of the hydrodynamic disc seal. 

In this thesis variation of most of the geometric parameters for 

the design of the seal are investigated. Tests were made with various 

types of curved and fenced vaned discs and vaned housings. The effect 

of a bleed flow, necessary to cool the seal was tested, and a two 

stage seal, comprising two identical discs and similar housings axially 

connected, was tried. 

Theory was developed for the dimensionless torque, pressure and end 

load coefficients and compared with measured results, and stroboscopic 

photographs were taken to show the direction and magnitude of circulating 

flow regimes inside the seal. Tests were also made with hot water and 

water-glycerol mixtures in order to extend the range of Reynolds' 

number. 
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1. 

Introduction 

The first published work on this type of seal the author has been 

able to locate was in a paper by Baske (Ref. 3) where the name 

'hydrodynamic seal' originated. Thus, contrary to practice in America 

and in the United Kingdom, where the name 'centrifugal dynamic seal' is 

given to this type of seal (Ref. 5), at Southampton University the name 

'hydrodynamic disc seal' has now been adopted, though in previous work 

(Refs. 21 and 23) the name 'fluid ring seal' was popular. The name 

'disc' has also been used in preference to 'impeller' as this was 

considered to apply to pumps, (c.f. The name 'runner' for turbines). 

A hydrodynamic disc seal works in the following way. A disc with 

vanes or slots on one face and the other face smooth, is mounted on a 

shaft, and rotates inside a housing which generally has smooth plane end 

walls and a comparatively close fitting axial and tip clearance. The 

housing is filled with liquid from a source adjacent to the smooth face. 

This liquid tends to rotate with the disc. However, because of the 

much greater drag on the vaned side caused by the vanes or slots, the 

liquid on this face is induced to rotate at a mean speed much nearer to 

the disc speed than that on the smooth face, giving it a greater energy 

and thus pressure. The difference in pressure produced by the disc 

faces opposes and thus seals the supply pressure. If this pressure 

difference is greater than the supply pressure, the shaft speed may be 

reduced. Otherwise liquid is pumped from the centre of the vaned face 

of the disc forming an air/water interface whose radius increases. 



decreasing the energy of the vaned side, until equilibrium is reached. 

At this point the absolute supply pressure plus the pressure generated 

by the smDoth face equals the pressure generated by the vaned face plus 

the atmospheric pressure acting on the interface. 

Practical applications of hydrodynamic disc seals are limited at 

present to a few high speed uses (Snell Ref. 9) and the chemical 

industry (Baske Ref. 3 p. 444) where they can be made from material 

which will not be affected by corrosive liquids, A liquid metal pump 

seal is described by Wood, Manfredi and Cygnor (Ref. 5). For wider 

acceptance for high speed uses, it would have to replace the labyrinth 

seal and the mechanical contact seal. 

Compared with the labyrinth seal, it has several advantages. It 

need not be machined to close tolerances for efficient operation. Limits 

of — 0.020" would be quite acceptable for discs of about 4" diameter, 

and these tolerances could be increased for larger discs, thus allowing 

for a considerable amount of 'end float' on the shaft. Unlike the 

labyrinth seal, its sealing action is complete; it does not depend on a 

decreasing pressure gradient tending to zero. 

It is not subject to wear, and the consequent problems of lubri-

cation and replacement, as is the mechanical contact seal. 

Another advantage of this seal, exploited in America (Ref. 5) is its 

property of de-gassing the liquid, when a dense liquid such as molten 

metal is used. 

Disadvantages of this type of seal are principally that it has 

no sealing action when the disc is stationary. Thus a mechanical contact 

seal which will 'lift off' at higher speeds (Ref. 3) or break away is 



required. It also absorbs some power, which heats the liquid and must be 

dissipated by arranging a small bleed flow, probably from the tip of the 

disc to the smooth face axis. At low speeds (below say 2000 r.p.m,) a 

quite large diameter disc, or several stages of disc, must be used. This 

would mean a cumbersome seal which would absorb a lot of power. 

The aims of the research programme covered by this thesis were to 

increase the pressure produced by a seal of certain size and keep the 

power absorbed as small as possible, by different housing clearances and 

disc designs. 

APPARATUS 

Design considerations 

In designing and building a test rig for the hydrodynamic seal, the 

main consideration was stability of speed. Thus a motor whose power out-

put was well in excess of that required, connected to a magnetic coupling 

was chosen, as with this combination quite large variations in torque 

produced no speed change. A strain gauge type torquemeter was selected 

in preference to mounting the housing block on trunnions and using a 

spring balance, as this would have made pressure tappings difficult owing 

to the 'Bourdon Tube' effect of flexible piping under pressure affecting 

the torque. 

The alternative to this arrangement would have been to use a trunnion 

mounted dynamometer. However, variations in torque would have caused a 

direct variation in speed making setting of interface radius difficult to 

adjust. In fact, in the range used, the interface radius had negligible 
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effect on the torque absorbed for most discs, though this was not 

known when the test rig was designed. 

Mains water pressure supply was used as this was most convenient, 

and, coupled to the large vessel which acted like an accumulator, was 

sufficiently stable. 

Drive shaft arrangements 

The test rig is shown in diagrams 1 and 2 and plates 1 to 6. The 

whole of the apparatus is mounted on an 8 foot length of 15" wide mild 

steel channel, welded to supports which are bolted into a concrete base 

block. 

A 7i H.P. electric motor, coupled to a variable slip, feed-back 

stabilised, magnetic coupling provides a variable speed drive between 

200 and 27000 r.p.m. A 'one to one' drive was obtainable by adjusting 

the coupling field resistance, but at the expense of low speed stability. 

A pair of plain spur gears, the wheel made from 'Tufnol' and the 

pinion of mild steel connecting the coupling with the secondary drive 

shaft gives a maximum speed in this shaft of 6750 r.p.m. This speed is 

measured by means of a 3/8" wide wheel on the shaft which has 60 teeth 

machined on its periphery. A magnetic impulse pick-up is mounted near 

this, and connected to a digital counter set to read cycles per 

second, thus directly indicating revolutions per minute. 

This shaft and wheel were machined from mild steel and are 

supported by two journal bearings. Between this shaft and the final 

drive shaft the torquemeter is axially mounted with couplings of the 

flexible steel plate type to protect it from any bending loads caused 
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by vibration or misalignment. The final drive shaft was machined from 

stainless steel and mounted on three bearings, the final two of which were 

matched pair of back to back thrust races lubricated by a wick fed oil 

drip. The other three bearings are pre-packed with grease and sealed. 

Both shafts were dynamically balanced before final assembly. 

Two inches of 5/8" B.S.P. thread was machined onto the end of the 

final drive shaft, after the thrust race, on which to mount the impeller 

discs. A normal right hand thread was used as in most tests the motor 

was run'anti-clockwise (view towards protruding end of shaft) and there-

fore no disc locking device was needed. 

The bearings were mounted on pieces of i" steel plate, welded to a 

length of 4" mild steel channel which was bolted and pegged to the base. 

4" wide X i" thick lengths of mild steel were bolted along each side of 

the bearing assembly in order to stiffen the structure. Wire mesh guards 

were fitted over these, and over the gears. 

This drive arrangement was very satisfactory; variation at any speed 

setting being only — 2 r.p.m., but the unlubricated Tufnol and mild steel 

gears were rather noisy. 

The torquemeter 

This instrument, manufactured by Westland Aircraft Ltd., consists of 

an accurately machined shaft, 9" long, the middle 3" of which is ground 

to a constant diameter of approximately 1/4". Strain gauges are mounted 

on this part of the shaft and connected by five leads to silver slip 

rings, moulded into an epoxy resin sleeve which is clamped with grub 

screws to the shaft. The tufnol outer casing of the torquemeter is 



supported on ball race bearings between it and the shaft, near the 

outer ends of the shaft. These bearings are the factor which limits 

the maximum speed to 6500 r.p.m. 6750 r.p.m. was thus maintained for only 

very short periods. 

Leads are taken from brushes, mounted in the outer casing and 

engaging on the slip rings, to the bridge which is calibrated to read 

directly in Ibf ft. There are three torque ranges giving full scale 

deflection readings of 1.5, 5 and 15 Ibf ft. A constant 12 volt supply 

is maintained to the bridge by a stabilised voltage supply unit. 

Impeller discs 

Nine basic disc configurations were used. These are labelled 

numerically with letter suffixes to classify small modifications and 

are fully described in Appendix II followed by a tabular summary. Discs 

1, 4d, 5d and 7 are shown on plates 7 and 8. Each disc was turned from 

HE 30 WP aluminium alloy. The vanes were 'roughed out' with a 1/4" 

diameter end mill cutter, and finish machined with a 1/8" diameter slot 

drill in a vertical milling machine. The discs were clamped to a 

rotary table type dividing head for milling. 

The perspex housing and mounting 

The discs were run inside a 9" square 5" deep perspex housing, shown 

in plates 2,3,4. The housing block was bored 1.150" diameter to take 

the shaft, and counter-bored for the disc to a depth of 4", leaving a 1" 

thick 'wall' on the vaned side of the impeller. 
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Four 7" long i" diameter bolts held the block against 

the vertical machined face of the bracket, which was designed to slide 

horizontally along the line of the shaft axis, with&" diameter bolts in 

elongated holes in its base clamping it to the base of the ring. 

A threaded hole axially through the bracket crossmember takes a 

6" length of 1" Whitworth 'studding' on which the brass contra piston 

is screwed. A 1/4" diameter hole is bored through the studding and 

tapped 1/8" B.S.P. to take the pressure supply union at the outer end, 

where a 3" diameter steel sheel is brazed on to screw the contra piston 

in and out of the housing bore. An '0' ring seal fits in a groove on 

the contra piston periphery. Lock nuts hold the contra piston in place 

and lock against the bracket cross member when the desired axial clearness 

was effected by slackening the bracket fixing bolts and sliding the whole 

bracket/block assembly in the direction of the shaft axis. 

Alignment of the housing 

The bracket and contra piston were aligned by screwing back the 

contra piston against ground steel parallels placed between its rear 

face and the vertical machined face of the bracket. A dial gauge was 

clanged on to the protruding end of the drive shaft with the probe touching 

the face of the contra piston as the shaft was rotated. Four 5/16" 

diameter bolts, one in each comer of the bracket base, were screwed 

down until the contra piston face was vertical; i.e. the gauge showed 

the same reading at the top of the contra piston as at the bottom. The 

dial gauge probe was then placed on the contra piston periphery and 1" 

strips of angle steel bolted to the rig base as guides for the bracket 
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base were adjusted until the bracket was constricted to slide axially in 

relation to the shaft» The bracket base guides were further altered 

and the base height adjusting bolts all screwed up or down the same 

amount until the dial gauge showed the same reading all the way round 

the contra piston. 

This sequence was repeated until the bracket was normal to the shaft 

axis, and the contra piston was co-axial with the shaft. 

Alignment of the perspex housing was done visually; the 0.030" 

radial clearance round the shaft had to appear constant. This proved 

quite accurate considering more sophisticated methods would have made 

the disc changing operation, which was frequently done, very lengthy. 

Hydraulic circuit 

The hydraulic circuit is shown in diagram 2. Initially, before 

the radial pressure tapping holes were drilled, only one six-way valve 

was used. Cold mainswater was regulated by two needle valves as shown, 

and the water supply pressure was measured with the seven foot high 

mercury manometer» An aluminium cylindrical container whose volume was 

much larger than that of the m^bmeter and supply pipe volume was mounted 

in the line, with its mid-height plane at the same horizontal level as 

the centre line of the shaft axis, in order to ensure that there was 

no head of water in the supply line which could affect the manometer 

reading. One limb of the manometer was vented to atmosphere, with a 

500 ml. conical flask to collect the mercury if pressures greater than 

42 Ibf/in^ were applied and the manometer inadvertently had not been 

sealed off. 
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A 15 inch high 7 inch diameter (aircraft type) oxygen supply 

bottle was used as a pressure stabilising vessel. This large volume 

successfully damped out small fluctuations in mains supply pressure. 

As supply pressure was recorded for each setting, larger fluctuations 

were only of nuisance value; they did not affect the accuracy of the 

readings. 

2 
A 0-100 Ibf/in Bourdon pressure gauge was check calibrated against 

the manometer and was used to measure disc tip pressures, radial pressures 

2 

and supply pressures greater than 40 Ibf/in . These were obtained by 

filling the pressure stabilising vessel with water, closing both mains 

supply valves and connecting the laboratory compressed air supply, using 

a by-pass needle valve, to the top of the pressure stabilising vessel. 
2 

Supply pressures of up to 100 Ibf/in were available in this manner, 
2 

though 63 Ibf/in was the maximum used, as a 5 inch diameter disc would 

have to be run at over 6000 r.p.m, in a plain housing to seal this 
2 

pressure. When this was attemped, a disc tip pressure of 92 Ibf/in in 

conjunction with a tenperature of 80°C caused the plastic tubing to 

burst. 

A needle valve in the pressure supply line, just before the contra 

piston, allowed the hydraulic circuit to be pressurised, set and checked 

before starting the motor and flooding the seal housing. Another 

needle valve opened, closed, or restricted the bleed flow. 
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During the test programme six smooth side and six vaned side 

radial pressure tapping holes 1/32" diameter were drilled in the 

housing. These were connected to two more six-way valves, whose outlets 

were connected to the first six-way valve. This is shown in diagram 2 

and plate 6. 

For bleed flow tests, flowmeters giving ranges of .001 to .010 lb/sec., 

.012 to .110 lb/sec and .15 to 1.10 lb/sec were connected in the bleed 

flow line. These are shown on plate 5« 

DIMENSIONAL ANALYSIS 

In view of the coiqplexity of the flow and the large number of variables 

involved in considering the performance of the hydrodynamic disc seal, a 

dimensional analysis was made. 

The selected group of variables was w, R, p. w was chosen as it is 

the principals time dependent variable. The diameter of the disc is the most 

obvious size defining dimension, but to follow current practice, (Refs« 5, 

10 to 16, 18) the radius R was used. Owing to the high turbulence 

anticipated in the liquid, it was expected that the viscosity would have 

little effect and so the liquid density p was chosen as the relevant 

liquid property. 

The torque M produced on the impeller disc by the liquid is a 

function of w, R^, p, s^, s^, s^, t, a, R, u, g, p. 

Thus M = f^^Cw, R^, P, Sg, s^, s^, t, a, R, u, g, pC). 
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Let ir, » 
1 

2 =2 
Torque M has dimensions ML T 

"3 
Density p has dimensions ML 

= 1 

Angular velocity to has dimensions T 

Disc radius R has dimensions Lo 

In order for to be a dimensionless group the indices of Mg L 

and T must each total zero for that groupo Hence considering M, 

and considering Tg, y = ~2o Substituting these and considering L gives 

z * "5 o 
" M 

Thus the group is • g g ̂  
pw R 

Similarly, 

"2 " w 

and IT, » — 
3 g 

The rest of the variables have only units of length, and hence their 

ir groups are of the same form, 

Ri V 
'4 - R- - X 

'5 

S 
s 

*6 " R-

^7 
"t 

t 
R 

® a/R 
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In order to be comparable with other work on smooth discs 

M 
(Refs, 10fei6, 18) TT was modified to and called 

|p(jj R 
is a Reynold's number group and defines the Reynold's 

number of the liquid adjacent to the disc tip, having the same 

tangential velocity as the disc tip. However, it seems standard 

practice (Ref. 5 and others) to call this the value of the disc 

Reynold's number. 

TT̂  is a (Fp)^ group, and, as with Reynold's number there will 

be a family of these Froude number groups. For consideration of 

interface stability for a horizontal shaft installation the 
Ro 

particular value (F^)^ = w is derived (P.38) from a force 

balance for an element of liquid at the top of the interfaceo \ 

It must be emphasised that these geometric groups assume one 

design of vane form and number (e»go discs 1 and 2). Further groups 

covering other variables such as number of vanes, vane section, 

surface finish and vane curvature would be needed to completely 

define the disc and housing geometry. 
R. R - R^ 

The group % compares with the group -g used by 

Ketola and McGrew in paper H4 at the 1967 Cambridge International 

Seals Conference, and in Ref. 24 by the same authors. 

A similar dimensional analysis for the dependence of supply 

pressure p on the independent variables used above, with the same 

selected group w, R, p, and p f^(!«),R,p,ja9g»R£»Sg,s^,s^,t,a) gives 

IT « — — a n d the groups to Wg as before. 
pm R 



12. 

Repeating the dimensional analysis for shaft end load EL 

gives a new ir. « , and, with the same variables, the same 
po) R 

groups Wg to Wg as before. 

For consistency, the dimensionless pressure and end load groups 

were factorised by the same amount as the torque group, so that 

C »= ^ and C 

These dimensionless groups formed the basis for graphical 

comparison of experimental results with different housing clearances 

and disc dimensions. 

Experimental procedure 

Before any tests were made with the discs, the drive shaft was 

run with no inq)eller attached in order to calibrate the thrust race 

torque absorptions After about 10 minutes running at 4000 r.p.m. the 

troque readings became steady indicating the bearings, particularly 

the thrust races, had warmed to a stable running temperatures There-

fore for all subsequent tests, a warm-tqp period of 15 minutes at 

4000 r.p.m. was standardised. 
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A running centre from a lathe was located in the machining centre 

at the end of the shaft, and end loads up to 100 Ibf were manually 

applied. This increased the torque reading by a maximum of 2%, but 

considering that at pressures where end loads of this magnitude would 

be encountered, torque absorbed by the seal was about three times as 

great as that absorbed by the bearings, this error was not considered 

significant. Also part of this error was the torque increase in the 

running centre, and therefore not applicable to normal operation, 

A graph of torque absorbed by the bearings against shaft speed was 

plotted. The torque was found to increase steadily with speed up to a 

maximum at 6300 r.p.m. Specimen values of this torque are given in 

Appendix III. 

The torquemeter was also statically checked by clamping an arm to 

the end of the shaft, counterbalancing this, and then hanging known 

weights at a measured distance from the shaft axis. 

Test procedure generally was as follows. As the bearings were 

warming up, a small supply pressure (about 5 Ibf/in^) was set, apd on 

completion of the warm up period the valve in the feed line was opened, 

allowing water to enter the disc housing. This caused an airlock to 

form at the centre of the smooth face owing to water being immediately 

thrown to the outer edge of the disc. The disc was then momentarily 

stopped, causing the airlock to rise in the housing, and much of it 

to collect on the vaned side, where on starting the disc rotating 

again this air moved to the vaned side interface. Repeating this process 

four or five times removed the air lock completely, and leakage along 
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the shaft was no more than could be absorbed by a small piece of rag. 

This method was found to be more convenient than the static method used by 

Walker (Ref. 23) where the disc was stationary and the air bled from the 

top of the housing while the annular shaft/housing gap was temporarily 

blocked with plasticine. 

Four different X values of 0.35, 0.45, 0.55 and 0.65 were used for 

all tests, giving interface radii of 0.7" to 1.3" for a 4 inch diameter 

disc and 0.875" to 1,625" for a 5 inch diameter disc. Interface diameters 

were set by a pair of dividers, viewing through the perspex block end face. 

Speed was adjusted in order to obtain the interface diameter setting for 

a set supply pressure. At this setting, a fresh charge of water was 

allowed in, by bleeding off the warmer water, and as soon as the interface 

had steadied, torque and tip pressure were recorded, and temperature 

immediately after this. Speed, which was steady, and supply pressure were 

then recorded. 

These readings were made as accurate as possible by running tests 

where possible in the evenings and weekends, when mains water pressure 

was very steady and an assistant was available to speed up the recording. 

When changing the pressure settings, the seal was left running 

and the bleed valve continually opened to keep the temperature down until 

the supply pressure was steady at the new value, 

A series of tests at one geometric setting usually contained eight 

to ten pressure supply settings, with the four different interface radii 

for each setting. To empty the seal after the series, the feed line 

valve was closed and most of the water bled off through the bleed valve 

owing to the pumping action of the disc. 
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To assess the effect of interface radius on seal performance 

This test was run in order to test a simple disc, disc 1, through 

its fullest possible operating range. Unfortunately, owing to the 

magnetic coupling settings, speed was limited to 5750 r.p.m., but the 

results clearly indicated the more efficient interface radii, and only 

these were used in subsequent tests. 

Axial clearances s and s were set arbitrarily to 0.125" and the 
V 

radial tip clearance s^ was 0,020". Nine different supply pressures from 

2 

3 to 26 Ibf/in and eleven interface radii from 0.7" to 1.7" (X = ,35 to 

X = .85) were used. The results are shown in figs, 1 to 5. 

Fig. 1 shows that the pressure produced by the vaned side of the 

disc decreases as the interface radius increases. Subtracting supply 

pressures from tip pressures gives the pressure generated by the smooth 

face, shown in fig. 2, This graph shows, as would be expected, that the 

smooth face pressure is independent of conditions on the vaned side, and 

it varies from 20% of the vaned side pressure when X = ,35 to 76% when 

X = .85. Fig. 3 shows that the power absorbed by the seal decreases by 

21% when X is increased from ,35 to ,85, In fig, 4, supply pressure 

divided by power is plotted against speed, showing that this efficiency 

criterion was greatest at low speeds, but did not fall very appreciably 

at higher speeds. Unfortunately a low speed seal would have to be very 

large, or have several stages to seal an appreciable supply pressure. 

Fig. 5 shows that the ratio, supply pressure to power, increases 

with decreasing values of X, Walker (Ref, 23 p, 43) suggested that this 

ratio was a maximum at X = .375, but this was for a different (slotted) 

disc configuration. It also shows that the seal becomes very inefficient 
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at high X values, and so for subsequent tests, X values in the range 

.35 to .65 were used. At values of X below ,35, small supply pressure 

fluctuations could cause leakage. 

To assess the effect of smooth face axial clearance on seal p e r f o r m a n r p 

Axial clearance (s^) on the smooth face of the disc was reduced to 

1/16", with = 1/8" and s^ = 0.020" as above, and readings of torque 

were taken for X values of .35, .5 and .65. These readings, in the form 

of power, are shown by crosses on fig. 3. As there was no detectable 

difference between these and the points for s^ = 1/8" it was evident 

that a different approach was needed to find the most efficient smooth 

face clearance. 

It was decided to use a completely smooth disc as variations in the 

performance of the smooth face of a seal would have double the effect 

with both faces smooth. In order to have the same tip effect, a 

thick 4" diameter smooth disc was made. 

This disc was run with both faces completely flooded, and leakage 

from the shaft chanelled away to waste» The error caused by one face 

having the shaft protruding, i.e. having a small Y value, was considered 

negligible and neglected. Equal axial clearances on both faces of 

0.040", 1/16", 1/8", 3/16", and 1/4" were used. Tip clearance s^ was 

0.020". The results on figs. 6, 7, 8 and 20 show that least power was 

absorbed and C was a minimum when the smooth face clearance was 0.144", 
m 

1.e. when s^/R was 0.072. Daily and Nece (Ref, 12 p. 84) show a graph 

for smooth discs of torque coefficient against Reynolds' number, which 

suggests a minimum torque (or power) absorption at s^/R between 0.026 
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and 0,064. The values are not numerically comparable owing to the disc 

having a tip width of i", but are of the same order. They were con^ared 

for a 5" diameter smooth disc (see later text) when discs of varying 

thickness were tested. Pantells' results, reproduced in Dorfman j. 

(Ref. 15 p. 119) indicate a minimum when s^/R = 0.07 approximately. 

Watabe (Ref. 16 p. 71) gives a minimum when s^/R is between 0,01 and 

0.02. This paper was published in 1956, and in it Watabe also suggests, 

on the basis of only two values of t, that t/R did not affect C , In 
m 

view of the inaccuracy of this suggestion (see later section), it would 

seem reasonable to question his s /R results, as the C error in his 
s m 

t/R results is greater than the difference he gives between s^/R = 

0.01 and s^/R = 0.12. Lalive (Ref. 17,1936) gives s^/R = 0.02 and 0.06 

for equal minimum C with a 3% C rise between these values. 
m m 

To assess the effect of vaned face axial clearance on seal performance 

Disc 1 was used for this test, with s^ set to 0.144", i.e. s^/R = 

0,072 and s^ = 0.020. Vaned face axial clearances (s^) of 0.015", 

0.030", 0.060", 0.10" and 0,20" were used, and the results are shown on 

figs. 9, 10, 11, 12 and 15. 

With the larger (0.1" and 0.2") axial clearances the interface showed 

marked instability, and a steady stream of drops of water were observed 

to run down the housing from the interface, some of which leaked out 

along the annular shaft/housing clearance space. 

Since pressure tapping holes in the housing bore periphery showed 

that there was no detectable axial pressure gradient across the disc 

tip, the assumption was made that there was only negligible interaction 
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between the vaned and smooth sides of the disc. 

Figs. 10 and 15 show that the pressure generated by the vaned face 

and Cp are maximum for an axial clearance of s^ = 0.040, i.e. s^/R = 0.02. 

Figs. 12 and 15 show that power and were minimum at this clearance. 

Wood, Manfred! and Cygnor (Ref, 5) for the majority of their disc 

designs used a value of s^/R = 0.018, though no results on axial clearance 

tests were reported in that paper, 

Zanker (Ref. 25) quoted values of s^/R of 0,012 for a 12 vaned disc 

and 0.019 for 6 and 3 vaned discs for least power absorption, though these 

results were for a single Reynolds' number of 1.4 x 10^. 

To assess the effect of disc tip clearance on seal performanr* 

Stiii using the 4" diameter disc, with axial clearance ratios s /R 
V 

Sg/R set to 0.020 and 0,072 respectively, the tip clearance was 

increased by counter boring the housing for the bottom 0,690" in stages, 

giving tip clearances s^ of 0.02", 0.04" and 0.07". The results are 

shown in figs. 13, 14 and 15. Figs, 14 and 15 show that power and C 
m 

were a minimum when s^ was 0,036", i.e. s^/R = 0.018, Fig. 15 shows 

that Cp was unaffected by tip clearance over the range tested, 

Watabe (Ref, 16) shows that with smooth discs C was minimum at 
m 

s^/R = 0.012, though this was the only value used between 0 and 0.044. 
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To compare the effect of smooth face axial clearance on seal performance 

for 4" and 5" discs 

For all ensuing tests, a tip clearance ratio of s^/R = 0,018 was 

used. The housing was thus bored out to 5.090" diameter and a larger 

contra piston made. A 5" diameter, thick smooth disc was run in a 

manner similar to the smooth 4" diameter disc, with leakage channelled 

to waste as before. 

Results, for various axial clearances, are shown on figs. 16, 17, 

18 and 19, indicating minimum power for a clearance of s^ = 0.180" i.e. 

Sg/R = 0,072 as with the 4" diameter disc. In fig. 20, the values 

for the 5" diameter disc are slightly lower because of the more 

efficient tip clearance of the 5" diameter disc and to the fact that 

both 4" apd 5" diameter discs were i" thick, i.e. the t/R ratio is 

greater for the 4" disc and thus produced by the tip is greater. It 

would have been preferable to have used a 5/8" thick 5" diameter disc 

and tip clearance ratio s^/R of 0.01 to give dimensional similarity. 

Fig. 17 shows that the pressure generated by the smooth face was 

a minimum at s^/R = 0.072 at low speeds, increasing to s^/R = 0.1 at 

higher speeds. However the smooth side pressure at 6500 r.p.m. was only 

2% less than that for s^/R = 0.072 whereas the corresponding increase 

in power and smooth face was 15%. The point of minimum power and 

C was much more clearly defined than with the 4" diameter disc. 
m 
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To assess the power and absorbed by the disc tip 

With axial clearances of the ratio s^/R - 0.072, the thickness of the 

5" diameter smooth disc was reduced in stages to a minimum thickness of 

0.042", Fig. 21 shows the test results and fig, 22 shows that the power 

absorbed by the disc tip is linearly dependent on the disc width, and 

was therefore extrapolated to a value when the thickness was zero. This 

showed that the power absorbed by the tip, and thus C . varied between 

14% of the total power of the 5" diameter disc 9 seal at 6500 r.p.m. to 

30% of the total power at 3000 r.p.m. 

Fig. 23 shows the distribution of C between the various parts of 
m 

the seal, viz. smooth face, tip and vaned face; The vaned face, and 

thus total values are for disc 9; a curved vane configuration disc not 

yet discussed. 

To compare the effect of vaned face axial clearance on seal performance 

for 4" and 5" discs 

For this test disc 2, a 5" diameter version of the 4" disc 1, was 

made and run with vaned face axial clearances of 0.02", 0.05" 0.08". 

Sg/R was 0.072 and s^/R was 0,018. Results graphed on figs. 24, 25, 26 

and 27 show that power was minimum and vaned side pressure maximum for 

a vaned side axial clearance of 0.050" or s^/R = 0,020". This was the 

same as that for the 4" diameter disc. 

The corresponding and values are shown on fig. 28, Con^ared 

with and C for the 4" diameter disc, both are slightly lower for an 
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equivalent Reynolds' number. As with the smooth discs, the slightly 

lower is due most probably to the smaller thickness ratio, (and thus 

lower absorbed by the tip), and more efficient tip clearance. The 

slightly lower values of are unexplained. 

To assess the effect of varying disc vane width on seal performance 

For the previous tests on housing geometry, an arbitrary choice 

for the first discs was the configuration of 16 equally sized vane and 

groove sectors. Thus 50% of the area of the vaned face was groove. In 

this test, the vane width was reduced in two stages to give 16 parallel 

sided, 1/8" wide vanes. 

The results (Figs. 29, 30 and 31) show that with each stage of modi-

fication Cp rose by about 3 to 4%. This gave an increase in and mean 

tangential velocity, so a rise in C would be expected. Unfortunately the 
m 

corresponding rise in C .was about twice that of C > but as C was con-
m P P 

sidered to be more important than C^, thin varied discs were developed. 

To assess the effect of number of vanes on seal performance 

For these tests discs with 8, 16 and 24 vanes were used, each disc 

having the same total 'land' area on top of the vanes; i.e. where the 

16 vaned disc had vanes 1/8" wide, the 8 vaned disc had vanes 1/4" wide. 

Results on figs. 32, 33 and 34 show that an increased number of vanes both 

increased and lowered C^. However, the improvement to be expected 

from a greater number of vanes than 24 was not considered to justify the 

increased complexity for small discs, but could be practicable for larger 

diameter discs. 
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Zanker (Refo 25) showed that 12 vanes were more efficient than 

6 or 3 vanes, but this was the greatest number used. 

Wood, Manfred! and Cygnor preferred 24 vanes, but did not conduct 

tests on discs where number of vanes was the only parameter varied. 

To assess the effect of varying vane depth on seal performance 

The effect on and of different vane depth ratios a/R was next 

tested. The vane height of disc 4 was progressively reduced in stages 

of 0.050" from 0.250" to 0.050". In all cases s^/R was 0.02. The seal 

functioned satisfactorily for all vane depths down to 0.10", but with 

the 0.050" deep vanes the interface was extremely unstable and a steady 

stream of leakage water ran down the perspex housing from the interface 

and out along the annular shaft clearance space. However, for complete-

ness, pressure, power, C and C results for this vane depth are 
m p 

presented with the other vane depth results on figs. 35, 36, 37, 38, 39 

and 40, Figs. 37 and 40 show a maximum vaned side pressure and C for a 
P 

vane depth ratio a/R of 0.088, As it had been decided that C was more 
P 

important than C^, this vane depth ratio was standardised for future 

discs. Figs, 39 and 40 show that power and fell with decreasing vane 

depth, but whereas C decreased by 16% between a/R = 0.088 and 0,04, C 
P m 

decreased correspondingly by 12% at high speeds to 20% at low speeds. 

Wood, Manfredi and Cygnor (Ref, 5) for their later designs used a 

vane depth ratio a/R = 0.071. Although tests at different vane depths 

were conducted, this was the lowest of three values used, and no optimum 

depth was thus proved, though this depth was the most efficient of the 

three used. 
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Zanker (Ref. 25) suggested a vane depth ratio a/R of between 

0.03 and 0.07 but like the above only made tests for three values, 

with a six vaned disc. 

To compare the effect of vaned face axial clearance on seal performance 

for discs 2 and 5a 

As a result of the previous test, disc 5 was modified to disc 5a 

with a new vane depth of 0.220", i.e. a/R = 0.088, This disc was run 

with four vaned face axial clearances, 0.025", 0.050", 0.075", and 

0.10";. Figs. 41, 42, 43 and 44 show that the optimum vaned face axial 

clearance,was still 0.050", or s^/R = 0.02, though this optimum was not 

so^pronounced: as with the half vane, half groove discs 1 and 2, possibly 

because .rof : the much reduced 'land' area on top of the vanes making the 

c1earanee:less sensitive to small variation, since with less area the 

shear forces across the vane tops would probably be less. 

To assess the effect of circumferential 'fences' on seal performance 

The effect of different types of circumferential barriers or fences 

between the vanes of disc 5a was tested, as it was thought that these 

might profitably reduce the radial velocity components of eddy flow. 

As these modifications, however, produced no useful improvement it was 

not considered worth presenting the results graphically. They are 

therefore described below. 

The first modification was to glue (using Araldite) separate inserts, 

circumferentially aligned between each vane, at a radial distance of 0.55" 
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from the disc tip, measured to the centre of the outer face of each 

insert". The inserts were 0.0785" thick (14 gauge) and 0.250" high, 

whereas: the vane depth was 0,220", i.e. they protruded 0.030" above the 

.vane tops. was still 0.050" but the axial clearance to the insert 

topsr:was only 0.020". for this disc compared to disc 5a (with no 

inserts) decreased by between 1 and 2% but decreased by 6%. 

In order not to inyede the radially outflowing fluid so much (see 

later text on flow regime) 3, 3/32" diameter radial holes were drilled 

in the base of each insert adjacent to the disc, as it was thought that 

the inserts were acting as a complete barrier to the radial circulation. 

The tops of the inserts were 'built up' with Araldite and faced off so 

that the insert depth was now 0.260", s^ was still 0.050" but the 

clearance to the insert was now only .010", These modifications 

restored C to the same value as that for disc 5a (no inserts). C was 
p m 

about 1% lower than for disc 5d. 

The third stage of modification was to remove the inserts and fit 

two concentric circular fences, to try and improve on the marginal 

improvement produced by one row of fences. Thus two sets of slots were 

machined in the vanes, each 0.150" deep and 0,036" wide at 1,750"/1.786" 

radius and 2.107"/2.143" radius. A strip of 0.035" thick aluminium 

(dural) was glued with Araldite circumferentially into each set of slots 

forming two rows of fences. These had a gap at their base of 0.070" 

whose width was the distance apart of the vanes, and were faced off so 

as to protrude 0.045" above the vane tops. This is clearly shown in plate 

8, (disc 5d). s^ was still 0.050" but the axial clearance to the insert 
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fence top was only 0.005". This disc gave C and C values identical 
m p 

to those of disc 5a (no inserts). 

The final stage was to remove the outer fence and fill the slots 

left in the vanes with Araldite, This was to produce similar conditions 

to disc 5c (inserts with 3 holes), in order to confirm that a very slight 

improvement is possible with fences. was still the same as for disc 

5a, and was approximately 1% less than for disc 5a. 

Results of the first modification were later found to agree with those 

of Wood, Manfredi and Cygnor (Ref. 5) though they did not pursue this 

sort of modification any further. It would seem reasonable to reject 

fenced discs for practical seals as the negligible improvement hardly 

justified the extra complication of manufacture. 

To assess the effect of curved vane discs on seal performance 

In order that the resultant outflow velocity should be more nearly 

radial, it was decided to test backward curved vaned discs. For ease of 

manufacture of these discs, a constant radius curved vane configuration 

was chosen, with vanes whose centre lines were radial at the disc centre. 

The size of the radius thus determined the tangent/vane tip angle, which 

was the parameter used to define the different curvatures. 

Three different backward facing vane tip angles were used; 15°, 

45° and 60°, and the 15° disc was also run in the opposite direction of 

rotation, giving forward facing vanes. For the reverse rotation, a 4 

B.A, grub screw was tapped diagonally into the disc hub, to engage in a 

small indentation in the drive shaft and so prevent the torque from 

unscrewing the~disc from the shaft. All the curved vane discs had 24 
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vanes, whose width was such that each vane had the same 'land' area as 

disc 5a, (with 24 straight vanes). The discs were 5" diameter, 0.470" 

thick with vanes 0.220" deep. 

The results of these tests are shown on figs. 45, 46 and 47. Fig, 

47 shows that the optimum vane tip angle was 60°, both for C and C . 
m p 

The improvement in over the straight vaned disc 5a was 5%, and the 

corresponding improvement in C was 3%. 
P 

To assess the effect of varying bleed flow rates on seal performance 

In all the preceding work, as described in the experimental technique 

section, the readings were taken as quickly as possible after a fresh 

'charge' of water had been let in, and the temperature of the water 

recorded. Whereas this is quite suitable for laboratory tests, for 

prolonged running some form of cooling is required to remove the heat 

generated in the water by the power absorbed in overcoming the torque 

of the water on the disc. 

This could be effected by air cooling fins on a metal housing, but 

it is unlikely that this would be sufficient for a high speed seal. 

Some bleed flow would probably be necessary. For prolonged running 

with the Perspex housing of the laboratory rig, since Perspex is a very 

poor conductor of heat and liable to soften with heat and distort under 

pressure, a bleed flow was essential. 

Four different bleed flowrates were tested; 0.005, 0.01, 0.02 and 

0.04 lb/sec. With the largest of these, very little temperature rise 

was experienced. With metal housings, however, it would be preferable 
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to run at a higher temperature, as this would increase (R^) (see fig. 62) 

and thus decrease while not affecting C^, and thus a smaller bleed 

flow would be used. 

Results of these tests on figs. 48, 49, 50 and 51 show that C was 
P 

unaffected by bleed flow in the range tested, but C showed a 10% power 
m 

increase between 2 and 3 x 10^. The corresponding increase in C of 5% 
in 

at (Rg) = 1 X 10^ is less reliable. 

As the bleed flow was tapped from one place on the housing bore 

periphery adjacent to the disc tip, it was expected that bleed flow would 

not have affected the vaned side performance. This was because tip pressure 

tappings had previously indicated no axial pressure variation. The 10% 

increase in between 0.005 and 0.04 lb/sec bleed flows, in comparison 

with references giving results for discs with both faces identical, suggests 

that there is interaction between the two sides of the disc. 

Daily, Ernst and Asbedian (Ref. 14 p. 93) gave results for smooth 

discs showing that the increase in C from 0.005 to 0.04 lb/sec bleed 
tn 

flows was only about 3% at (R ) = 2.8 x 10^, As the vaned/smooth side C 
e m 

distribution ratio is about 3 or 4 to 1, these results would indicate 

an increase in C^, from 0.005 to 0.04 lb/sec bleed flows, of less than 

1% for a vaned disc if there were no interaction between the sides of 

the disc. 

Dorfman (Ref. 15 p. 128) quotes an empirical formula developed by 

Sedach (Ref. 22) giving the increase in for one side of a smooth disc 

as 0.163 q (s /R)'^^/(2nws )°^R^°^. This formula gave an increase in 
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of about 3% for 0.005 to 0.04 lb/sec bleed flow increase at (R ) = 

2.8 X 10^. 

Although both of these references considered symmetrical outflow, 

the difference between them and the values for the seal indicates that 

the vaned side eddy flow is affected by throughflow across the smooth 

face. In order to try and show this, dye (blue ink) was injected 

alternately on either side of the disc. Even with no bleed flow, the 

dye very quickly spread to the other side, showing that some definite 

interaction was taking place between the sides. 

From figs. 49 and 50 the ratio of the heat lost in the bleed flow to 

the total heat produced in the seal was calculated. The value of this 

ratio varied from 0.5 to 0.6 for a selection of speeds and bleed flow-

rates. The scatter in this ratio was presumed to be caused by the small 

temperature rise with the higher bleed flows being difficult to measure 

to a greater accuracy than 1 C, and small fluctuations in mains water 

temperature. Draughts, and variation of the thrust race bearing 

temperatures with end load would cause differences in the air cooling of 

the seal. 

To compare two stage and single stage seals 

Although there is no axial throughflow with the hydrodynamic disc 

seal, it is possible to stage them co—axially in a manner similar to 

rotary in^eller pumps in order to produce a higher pressure. Otherwise 

a larger diameter disc would be needed to increase the sealing pressure 

for a given shaft speed, which would probably give a more bulky 

installation. 
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Two 4" diameter discs of the disc 1 configuration were mounted 

on the drive shaft with a stainless steel sleeve, the same outside 

diameter as the shaft, to accurately space them. A Perspex sleeve 

5.090" outside diameter, 4.072" bore was made with a piece of thick 

perspex with a 1.25" diameter centre bore to separate the stages. This 

sleeve was smeared with silicone grease on the outside cylindrical 

surface and assembled with the discs, being held in place by the contra-

piston. The Perspex sleeve and disc spacer were made to give axial 

clearance ratios of s^/R = 0.072 and s^/R = 0.02. s^/R was 0.018. 

Starting procedure was similar to the single stage seal, in order 

not to trap air in the centre of the smooth faces. Any air bubbles that 

were trapped gradually dispersed presumably by being dissolved under 

the pressure, so that lasting advantage could not be taken of the 

improved and characteristics the air inclusion caused. 

Figs. 52 and 53 show that pressure and power are twice that for a 

single stage seal. Thus the fact that the 'low pressure' disc has a 

positive Y value owing to the shaft, has negligible effect. These 

graphs also indicate that there is negligible interaction between the 

two stages. The (annular) diametral clearance between the shaft and the 

housing between the stages was 0.150". 

Cp and were evaluated using the total torque absorption and the 

total sealing pressure. The improvement in C^/C^ (figs, 54 and 55) 

for the two stage disc 1 over the single stage disc 1 is principally 

because the completely flooded 'high pressure' disc is more efficient 

than the partially flooded 'low pressure' disc, (see fig, 4). The 

different Y values had very little effect as argued above. Curves for 
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disc 2 and disc 9 are plotted on fig, 55 to show the reduction in 

torque with two 4" diameter discs as compared with one 5" diameter disc. 

Derivation of expression for 

The following assumptions are made:-

1) The liquid is of uniform density, p. 

2) The liquid rotates with constant angular velocity K̂ co 

on the vaned side and K̂ co on the smooth side. 

3) Tip pressures on both sides of the disc are equal, since 

there was no measurable axial tip pressure gradient. 

4) Pressures are gauge pressures, measured above atmospheric 

pressure. 

5) Gravitational effects are considered insignificant. 

The tip pressure generated by the vaned side of the disc = 

•J (K^a))^(R^ - X^R^) is equal to the supply pressure plus the smooth side 

pressure = p + j (K^aj)^(R^ - Y^R^), But 

C 

Hence by substitution; C = K^^(l - X^) - K^^(l - Y^) .,..*(i) 

when p = 0; = 0 

2 

and 
1 - Y 

K 
s 

K 
V 

...(ii) 
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Derivation of expression for C _ 
el 

since the radial pressure gradient for the vaned side of the disc 

is steeper than that for the smooth side, there will be a net end load 

on the disc. 

The pressure on the smooth side at any radius r = 

p + §<KgW)2(r2 - y V ) 

Thus the total end load on the smooth side EL 
(smooth) 

2»rrdr p + ̂ (KgW)^(r^ - y V ) 

YR 

Integrating; EL 
(smooth) 

2v 
R 

YR 

Substituting limits and simplifying; EL 
(smooth) -

2n £|-(1 - Y^) + ̂ (K^w)^(l - Y^)^ 

But from equation (i) (previous section) 

P = Y K^2(i _ f ) _ Kg2(l - Y^) 
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hence substituting and simplifying 

EL 
(smooth) 

2 4 
TTpO) R 

2K^^(1 - X^)(l - Y^) - Kg*(l - yZ) 

Similarly the pressure at any radius r on the vaned side <• 

J (KyW)^(r^ - X^R^). Thus the total end load on the vaned side 

Znrdr •|(K^a))2(r^ - X^R^) 

XR 

Integrating, substituting limits and simplifying: 

EL 
(vaned) 

2 4 
irpo) R 

K ^ d - X ) 

As the net end load is the difference between and 

and 

EL 

- §(l - v') 2„ „2, „ 2(1 - r ) _ _ 2,. „2 2K (1 - X ) - K 
V <I - " 

(ill) 

Discussion of flow and radial pressure distribution 

The asaumption made in the previous sections that the liquid rotates 

with constant angular velocity in the seal, i.e. with forced vortex 

rotation, considers seal performance in terms of tangential liquid 

velocities. Operation of the seal and the results given here are 
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concerned with pressures. Assuming zero slip at the boundary, there 

is a variation in the tangential velocity component from housing to disc. 

Arising from this tangential velocity variation, circulatory radial 

velocity con^onents are generated, with outflow near the disc and inflow 

at the housing wall. Daily and Nece (Refs. 10 and 12) have carried out 

velocity and pressure measurements for smooth discs, and classify the 

flow pattern into four regimes dependent on (R ) and s /R. 
c e s 

1) Laminar flow, close clearance. Boundary layers merge giving 

continuous variation in velocity distribution across s^. 

2) Laminar flow, separate boundary layers. Between the boundary 

layers there exists a 'core' across which no changes in 

velocity distribution are expected to occur, i.e. forced 

vortex rotation in the core. 

3) Turbulent flow, close clearance. Merged boundary layers. 

4) Turbulent flow, separate boundary layers. 

They found that in all cases the tangential velocity measurements based 

on centre line values for regimes 1 and 3, and mean core values for regimes 

2 and 4, inferred a steeper radial pressure gradient than that actually 

measured from the tappings. The discrepancy increased as (R^) and s^/R 

were decreased as can be seen from the approximate figures given below, 

from Ref. 12 p's 100 - 116. 
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(R^) »g/R Discrepancy% 

4.4 X 10^ 0.102 5 4. 0.43 and 0.77 

4.4 X 10^ 0.0637 5 to 10 4. 0.43 and 0.60 

6.4 X 10^ 0.0255 10 to 15 3. 0.43 and 0.77 

4.2 X 10^ 0.102 30 to 35 2, 0.77 

The transition between the various flow regimes is gradual, and that 

from laminar to turbulent flow will not occur simultaneously over the 

whole disc surface. Small values of s^/R tend to promote the retention 

of laminar flow to higher values of Reynolds number. For the value of 

Sg/R * 0.072 the laminar-turbulent transition indicated by Daily 

and Nece (Ref. 10) occurs in the region (R^ = 2 x 10^. For a given disc 

rotational speed the liquid on the vaned side will have a greater mean 

tangential velocity. It therefore follows that the laminar turbulent 

transition will take place at a lower Reynolds number on the vaned side 

than on the smooth side, though this effect may be offset by the smaller 

value of axial clearance on the vaned side. 

The velocity measurements previously mentioned (Refs 10 and 12) 

show that the radial velocity component near the disc and near the 

housing wall rose to about 10% of the disc tangential velocity at the 

particular radius being considered. These radial velocity components 
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gave rise to axial velocity components near the shaft and at the 

cylindrical housing surface. It is thought that these axial velocity 

components near the shaft are the major cause of the fall in K near the 
s 

shaft as determined from pressure measurements. 

This discussion, mainly based on previous work with smooth discs 

may be summarised as follows. The forced vortex analogy appears 

reasonable for high Reynolds numbers (say (R^) > 10^) and provided 

axial clearances are not relatively small (in the region of s^/R > 0.01 

and Sg/R > 0.04 say). For relatively large shafts, i.e. high Y values, 

the pressure rise on the smooth side may be difficult to predict, but any 

deviation from simple theory may well produce lower values than those 

anticipated. Large shafts on the vaned side can only affect with 

multi stage installations, except indirectly, by causing higher X values 

to be used, when interface effects may reduce K . Spot checks with zero 

5 6 

supply pressure at (R^) = 8 x 10 and 1.5 x 10 gave a value for X of 

0.83, and substituting this figure in equation (ii) gave = 0,825. 

Figs. 56 and 57 give the experimental pressure distribution results, 

and from the forced vortex calculated results on Fig. 58, values of K 
V 

and Kg were calculated. Fig. 59 shows that fell with decreasing 

radius. As the value of Y was zero, it was not certain what effect a 

shaft would have had on K^, though introducing a small (about 3/4" 

diameter) air bubble to the smooth face axis had no measurable effect on 

the pressures. As mentioned earlier, these airbubbles soon dispersed. 

On the vaned side, values measured near the interface were below 

those measured near the tip. When the value of X was raised from 0.35 
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to 0.63, though the value of remained constant at the tip, the 

reduction in with decreasing radius was accentuated. The reason 

for the fall in for (R^) > 1.5 x 10^ when X was at the higher value is 

not clear, but was probably caused by interface frothing, and consequent 

air entrainment. 

The values of measured are in general agreement with those given 

by Wood, Manfredi and Cygnor (Ref. 5) though in that paper a rise in X 

was shown as producing an increase in Figures given for (in 

Ref. 5) about half those measured here, but other workers (e.g. Ref. 12) 

give values showing good agreement with results in this thesis. 

From the results on Fig. 59, representative values of 0.96 and 0.46 

were selected for and respectively. Substituting these values in 

equation (i) the variation of with X was calculated and compared with 

experimental results on Fig. 61. 

These results all showed a similar relationship, the disc form 

having the highest value of C^(MAX) proving to be superior at larger 

values of X also. The numerical value of was clearly too low for 

most of the X range, though better agreement was obtained towards the 

two ends of the range. This is understandable as was taken from 

pressure distribution results at X = .35 and X = .65, i.e. near the 

ends of the X range. When X = Y, the results indicated that the liquid 

on the vaned side near the shaft was contributing little to the pressure 

generated. In addition to the secondary circulation effects already 

mentioned, the pressure rise near the disc may also be lessened by 

insufficient distance between the vanes. As all the vanes are of 

constant width, near the shaft the spaces between the vanes become 
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rather narrow. The results given on fig. 31 illustrate the beneficial 

effect of reducing the vane width towards the tip. 

From inspection of fig. 61, the influence of X on C is seen to be 
m 

negligible for discs with narrow vanes, i.e. discs 4 to 9. For discs 

having vanes of appreciable width, discs 1, 2, 3, the shear stress at 

the tips must have been relatively lower, as fell by a few percent 

for an increase in X from 0.35 to 0.65. 

To compare end loads derived from equation (iii) with those calculated 

from radial pressure measurements 

Substituting the mean values of 0.96 and 0.46 for K and K in 
V s 

equation (iii) the dimensionless end load coefficient C , was calculated 
el 

for various values of X and a typical value of 0.1 for Y. Values of Y 

of 0, for comparison with direct integration from pressure tapping values, 

and y = 0.4, as this was the largest value envisaged for practical use, were 

also used. Fig. 60 shows that the curves are bounded on one side by the 

line for Y = X. For the lower values of Y, it may be seen that C , does not 
el 

begin to fall appreciably until X has risen to 0.4 - 0.5. 

The pecked lines show that when is zero, with vaned housings 

(described later), is increased by 27%. 

The crossed points and chain lines are for values of C , assessed 
el 

directly from the pressure tapping values on figs, 56 and 57. They prove 

the validity of the assumptions underlying equation (iii) as applied 

to conditions with this rig. 
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To assess the low speed limitations on seal performance 

At low speeds, gravitational influence is significant and the 

interface can become unstable; at first drops of water run down the 

housing wall, and then at even lower speeds the whole interface 

completely collapses. This causes leakage in the sealg, unlessg, as 

would be the case for a practical seal, a secondary static seal is 

fitted which comes into action at low speedsc 

The theoretical criterion for interface collapse is when the 

2 2 

Froude number group w R^/g becomes less than unity. This expression 

is derived-from a force balance for an element of liquid at the top of 

the interface, with a horizontal shaft installation^ 

HOUSING 

In the diagram above, showing a vertical cross section through 

the interface; an element of-liquid at the top of the interface has 

tangential velocity v and mass mo For stability of the interface the 
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outward centrifugal force exerted on the element must be greater 

than the gravitational force on the elemento 

2 
i.e. -ST- must be > mg 

X 

But from the forced vortex model considerations; v « 

2 2 
hence Kv Rj > g 

So the Froude number group, must be > 1 for interface 

stability. 

The table below was produced for results from tests on disc 9g 

with Sy/R - 0.02 and Ky values taken from Figo 59<, The error in using 

Ky values for disc 7 was considered insignificant^ as at high X values 

these in any case could only be approximateo 

X • at collapse 

\/ 

0.35 0.96 2.66 

0,45 0.96 2.73 

0.55 0.83 2.69 

0.65 0.80 2.79 

0.75 0.72 2.73 

These values of Ky were extrapolated for (Re) » 8 x 10^ as this 

was the lowest Reynolds' number for which values could be quoted 

with any sort of accuracy from the results shown on Figo 59o The 

agreement of values indicates the validity of the 
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dimensionless group, but the actual values, if it had been possible 

5 

to extrapolate Ky down to Re * 1 x 10 might have been proportionally 

less, possibly much nearer unity« Some of this discrepancy is probably 

due to the over-simplification of the forced vortex model theory5, which 

ignores the housing boundary layero This layer will have a much lower 

mean angular velocity than that of the majority of the fluidg and so 

collapse will be initiated at a higher disc speedU This is reinforced 

by the fact that at greater values of Sy/Rj, with the interface nearer 

to the housing boundary layer, interface collapse occurred at greater 

speeds i 

With Sy/R = 0*02, as speed was decreased-the first stage of 

interface collapse was that drops broke away from the interface at the 

top and ran down the housing wallg As speed was further decreased the 

interface became 'ragged' or of non-continuous shape at the tdpp and it 

was the speed at which this"Stage occurred which was recorded^ and the 

mean of several results used in calculating the table aboveo At greater 

values of Sy/R, esgo Go04, much more liquid broke away at the first 

stage of collapse causing the interface to lose its shapes Further^ 

this collapse did not occurr at consistent speeds^ being extremely 

sensitive to rate of decrease of speed and time-at any constant speedy 

so that only the tendency towards collapse at higher speeds and the 

visual observations were recorded0 Also at theseslow speeds the motor 

speed control was very sensitive9 inaking gradual speed reduction 

difficult. 
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The-above-only-considers-a vertical disc installationo Although 

a horizontal disc seal was not tested^ it seems apparent that such a 

seal would have much better low speed stability since gravitational 

force would be normal to the interface planeo 

At high speeds and high X values a small amount of frothing was 

noticed at the interfaceo With higher speeds^ outside the range of 

the present apparatus5, it is likely that churning may become excessive 

and cause high speed interface instabilityc This frothing was 

particularly apparent with forward facing vanes (Disc 8a) where through-

out the speed range tested the interface was noticeably more poorly 

defined than with the other discs. 
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Stroboscopic observations 

Experimental evidence for secondary circulation on the vaned side of 

the disc was given by observations with a stroboscope. This showed small 

bubbles of air being entrained from the interface by water flowing 

outwards near the disc. As the stroboscope flash time length was only 

15 microseconds, it was thought possible to take photographs of this 

air entrainment, as the disc tip only moves 0.004" at 2500 r.p.m. in this 

time. The first photographs, taken with a 35 m»m. camera, shown on 

plate 10 give a perspective view of the seal and show the entrained air 

bubbles, presumably where the radial velocity was greatest, at the 

junction of the vane leading edge and disc face. 

In order to measure the size and penetration of these air bubbles, 

further photographs were taken normal to the disc face by means of a 

plane mirror. A polaroid camera was used as the film speed is much 

faster, allowing a shorter exposure time and immediate prints. These 

photographs are shown on plates 11 and 12, 

By measuring the diameter and penetration of the air bubbles from 

these photographs, and dividing by the scale of the photograph, the outward 

drag force on the air bubble created by the eddy velocity could be 

equated to the inward centripetal force, and thus the eddy velocity 

calculated. The air bubbles were assumed to be spherical and standard 



drag coefficient values (Ref. 28 p. 399) used. A specimen calculation 

is given below. 

From photograph:-

Radius r of air bubble (to disc axis = 1 . 1 5 ins. 

Diameter of air bubble = 0.024 ins. 

Where V = eddy velocity i.e. the component of velocity directed 

radially outwards, 
C^ApV 

Drag force on bubble = " 
2 

Volume of~air bubble = 4 ^(0.024) in 
3 8 

3 
Mass m of water displaced by bubble 4 Z(°'g24) ^ 62.4 

j o 1728 

Since speed = 2500 r.p.m. 

Angular velocity to = ^SOO^x 2Tr j.ad./sec. 

Centripetal inward force on air bubble = mro)̂  

Equating this to the drag force above gives = 17.5 ft.^/sec.^ 

From standard drag coefficients, when (R^) = 10^, = 0.5. Thus 

2 
V = 35 and V = 5.91 ft./sec. Calculating (R^) from this value of V 

gives 

(R ) = 5.91 X 0.024 = 9.7 x icf. 

® 12 X 1.22 X 10~^ 
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However at this value of (R^), is still 0.5, and so V = 5.91 ft./sec. 

Repeating this calculation for most of the bubbles photographed 

gave values of eddy velocity all between 5.5 and 6 ft./sec. It must be 

emphasised that these values are not exact, as the diameter of the 

bubbles cannot be accurately measured from the photographs. As can be 

seen from the above calculation however, the errors^small; e.g. 10% 

error in diameter measurement would only produce a 5% speed error 

approximately. 

In order to try and produce the opposite effect and show eddies 

flowing inwards frbm the tip, small polystyrene spheres were put into the 

housing. They had a density of between 1.054 and 1.070 gms./c.c. As can 

be seen from plate 13, taken with a single stroboscope flash again at 

2500 r.p.m., their position is quite random, and with visual observation 

with the stroboscope no equilibrium position was apparent. It was 

obvious that a more dense material was required, and some glass spheres 

of 0.040" to 0.043" diameter were put into the housing. By a similar 

calculation to the one above, a radial eddy velocity component of at 

least 16.4 ft./sec. would be required to move these spheres inwards and 

as can be seen from plate 14 they have all collected at the tip. Only a 

few spheres were used as the tip clearance was only 0,045". 

The smallest glass spheres obtainable had a mean diameter of 0,28" 

and these are shown on plate 15. They still collected at the tip, 

meaning that the inward radial eddy velocity component at the tip must 

be less than 13 ft./sec. 
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It was then found that small drips of sealing wax on a piece of 

rough steel, when heated momentarily with a bunsen burner flame melted 

and formed themselves into spheres under the action of surface tension. 

They very quickly cooled and solidified into near perfect spheres. A 

small cube of sealing wax was m^de, measured and weighed in order to find 

the density of the wax used. This was found to be 1.30 gms./c.c. 

Visual stroboscopic examination showed that these spheres were 

momentarily in equilibrium, and they are shown in plate 16, still at 

2500 r.p.m. The smaller diameter spheres have penetrated further towards 

the centre, and calculations for the inward radial velocity component 

gave values between 4 and 4.5 ft./sec. which is approximately 10% of 

the disc tangential velocity. In each photograph, at least one sphere 

can be seen on top of a vane, proving that they, and thus the inward 

radial velocity component was adjacent to the housing wall. It would seem-

reasonable for this value of eddy velocity to be less than that at the 

centre frpm continuity, as the gap between the vanes decreases towards 

the centre of the disc. The fact that it is not much less than that at 

the centre suggests that not all the inward radial velocity streamlines 

reach the centre; some recirculate outwards adjacent to the disc again. 

This is supported by the fact that (and K^) from pressure tappings 

decrease as R tap is decreased. 

Finally, photographs were taken of the smooth face through a perspex 

contra-piston with sealing wax spheres. (see plate 17). A single 

stroboscope flash was used and, owing to the Oblique angle of the light, 

the shadow of each sphere on the disc shows that the spheres, and thus 
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the inward eddy velocity component was adjacent to the housing wall. 

Although the spheres were not rotating at the same speed as the disc, 

visual observation with the stroboscope at varying flash rates made it 

apparent that the spheres were in unstable equilibrium. Thus the inward 

Tadial velocity components were of the order 4 to 5 ft./sec. Considering 

these velocities acting between radii of 2i" and 1^" gives the inward 

radial velocity components as between 7 and 15% of the disc tangential 

velocity. Daily and Nece (Ref. 12 p's 101 to 104) show the inward radial 

velocity to disc tangential velocity ratio adjacent to the housing as 

9% for smooth discs, s^/R = 0.0637 and (R^) = 4.4 x 10^. 

This reasonable agreement substantiates the validity of the radial 

velocity component values given for the vaned face. 

Referring again to plates 10, 11 and 12, the fact that air bubbles 

are adjacent to the vane leading edge means the outward radial velocity 

conyonent is greatest at this point. This means that the liquid 

adjacent to the vane leading edge has a greater energy than the rest of 

the liquid at that radius, and thus probably a slightly greater pressure. 

This would be caused by the movement of the vane causing a local pressure 

'build up' in front of its leading face. 

Tests to extend the range of Reynolds' number 

To extend the range of Reynolds' numbers previously used, tests on 

disc 9 were run allowing the water in the seal to heat up. The maximum 

temperature recorded was 80°C and this value in conjunction with a tip 

2 

pressure of 92 Ibf/in caused the 1/4" bore plastic tubing to burst. 

The maximum Reynolds' number obtained was 7.6 x 10^. 
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Mixtures of 25% and 50% glycerol with water were used to produce 

lower Reynolds' numbers, 25% glycerol with water was used for the 

range of (R^) 2.24 x 10^ to 1 x 10^. This was pressurised by mains 

water pressure with a large volume of glycerol mixture in the supply 

line to allow bleeding off between tests for cooling. This method was 

not very satisfactory however, as the glycerol mixture was wasted and 

not many tests could be run. 

For the 50% glycerol mixture, pressure was produced statically by 

filling a 2 litre separating funnel and raising it to varying heights 

above the rig. A 14 foot high steel angle framework was built on the 

laboratory roof for this and is shown in plate 9. Glycerol mixture 

which was bled off for cooling was returned to the separating funnel. 

In this manner many results were obtained for a smalli quantity of 

2 

glycerol-water mixture. Supply pressures varied from 11 Ibf./in to 

2.26 Ibf/in^ and the Reynolds' number range obtained was 8.2 x 10^ to 

5.3 X 10^, overlapping the 25% glycerol range. 

The results of these tests are shown on figs. 62 and 63, was 

constant for all values of Reynolds' number except with X = 0.35 and 

X = 0.45 below (R^) = 5 x 10^ when a 4% rise in took place, which 

may be related to a change in the flow regime. Below (R^) = 3 x 10^, 

C was again constant at this 4% higher value to the lowest Reynolds' 
4 

number tested 8.2 x 10 . 

decreased from being proportional to (R^) ^ at (R^) = 4 x 10^ 

to virtually constant at (R^) = 8 x 10^. Between the values of 
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(Rg) = 10 and (R^) = 3 x 10^ an irregularity and area of large 

scatter is apparent. This is similar to the experience of Daily and 

Nece (Ref. 10 and 12) and Watabe (Ref. 16) for tests on rough discs in 

smooth housings and is caused by the laminar - turbulent transition. 

This does not occur at a definite value of Reynolds number, but starts 

near the tip, and progresses inwards as speed increases. This laminar-

turbulent transition occurs on both faces of the disc, but probably 

starts at a lower Reynolds number on the van. ed face than on the smooth 

face as K is greater than K . However, as the C absorbed by the 
V s in 

vaned face is much greater than that absorbed by the smooth face, it is 

likely that the vaned face transition will have the dominant effect. 

This is supported by Daily and Nece (Ref. 12 p's. 91 to 99) who show 

that whereas the laminar-turbulent transition produces a pronounced 

irregularity in the (R^); curve for rough discs, the effect on this 

curve for smooth discs is negligible. 

Semi-theoretical evaluation of torque coefficient for vaned side 

Zanker (Ref. 25) gives the following fomula for the extra torque 

caused by adding vanes to a totally immersed smooth disc. After rewriting 

in terms of the symbols used here; torque caused by the vanes = 

. 2 2 s + a 2 
^ . R . N . (Sy + a)(l - K^) ( - Z _ _ 1) 

c V 

jj 2 s + a 2 
Hence (vanes) = (s^ + a) (1 - K^) (-^ 1) 

c V 
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Zanker Aneilysia 

// ̂ (A) / / / / ^ • y (B1/ i_uL^ U. 

COf 

X y 7 % / / 7 /' / / 
Direction of disc rotation »-

The diagram above shows a curved section of radius r through the 

disc and housing, with suggested streamlines for the relative slip flow. 

The assumptions made are as follows 

1. The slip flow velocity (l-K^)wr occurs between the vanes. 

2. The vanes are sufficiently far apart for the flow at B to be 

parallel streamlines of equal velocity across the disc/housing 

gap. The static pressure at B, Pg is also assumed uniform. 

3. By analogy with flow through a submerged orifice, the static 

pressure at A, P^, immediately 'downstream' of the vane, is 

assumed to be uniform and equal to that pressure on top of the 

vane. 

4. No divergence of the flow streamlines occurs between the top of 

the vane and A, and the streamlines are parallel and of equal 

velocity v across the vane top. 

5» Shear foi-ces are ignored. 
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Considering a unit increment of disc radius, continuity between 

B and the top of the vane gives : 

#1 * = VCCqS^) •'1 • 

Where Cg is the contraction coefficient for the vane top/housing gap. 

so V = (1—Ky)wr ) 

Applying Bernoulli's equation between sections A and B gives : 

+ Pa 

•g 

(l-K^)^^r^ * ^3 
2g gp 

BO (l-Kv)^J^ (sy+a)^ + PA = (1-Kv)^r^' -̂  
2g CCpSyJ ^ -g 

Hence Pg - P^ = pi (1-*? 

(CqSt|̂ ) 

If F is the force per unit radius exerted on the fluid by one 

vane, a momentum force balance on the control volume shovm (outlined 

in red) gives the following : 

(Pg-P^) (Sy+a) - F = Rate of change of momentum between B and A 

But rate of change of momentum 

= p .v.l.CcSy.v - p . (1-Ky)wr.1 .(sy+a) (1-Kv)ccr 

= p ( 1 - K v ) 8 , + a ) ^ . C ^ s ^ -
(CcSy) 

= p (l-KY)^<-^^(s„+a) (ŝ y+a -4) 
( 3 ^ ) 

Hence F = (PR-Pa) (sy+a) - p (l-K_)^^^ (s^+a) (s,,+a - 1 ) 
C 5 ^ ) 

(sy+a) - 1 

- "̂ ĉ v 

3^+a) - p (1 - K y ) ( S y + a ) ( Sy+a -

CcSy 
1) 
) 

p (1-Ky)^r2 (s^+a) 
2 

(sv+a) - 1 - 2(sy+a) + 2 
( C ^ ) (CcSy) 
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So t o r q u e o n one v a n e a t r a d i u s r ( f o r e l a n e n t o f r a d i a i l l e n g t h d r ) 

= pW^ ( l - K y)^(Sy+ a ) 
2 

Thus total torque on N vanes 

= Ngw^ (1-Ky)^ (Sv+a) 
2 

= Mpw^ (l-Ky)^(sv-f-a) 

(sy+a) 
- 1 

2 ^ 
r. r.dr. 

_ 1 
(GcSy) 

So Cm = 
8 

N (l-Kv)^(sv+a) 

(sy+a) . 
( 5 ^ ) 

XB 

R'̂  

r^dr 

when X = 0 

(s„+a) 
- 1 

(CgSv) 

Neglecting drive shaft thickness, and substituting values of 

a = 0.22", Sy = 0,05", H = 2»5"» Ky = 0.96" and Cg = 0.8" in the above 

expression for a completely flooded disc gives : 

^in(vanes) = 0.00143N 

i.e. Gm(vanes) = 0.0114 when N = 8 

and 0.0228 when N = l6 

From Fig. 23 at (Re) = 2.5 x 10^, ^m(smooth face and tip) 

= 0.003, so from Fig. 3^, ^m(vanes) for an 8 vaned disc = 0.007. 

This shows that the above expression for Gm(vanes) is probably 

applicable to discs with fewer than say 5 vanes, but with greater 

numbers of vanes the distance between them is too small for the slip 

flow velocity to become uniform be^bre meeting the next vane. 

It should be noted that the neglecting of shear stresses is 

another source of error. 
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Empirical evaluation of 

The Sanker anailysis, althou^ for the reasons given above, not 

directly applicable to the discs used here, does indicate a dependence 

of f̂li(Vanes) (l-K?) • From Newton's 2nd Law it also seems likely 

that Cjj for both vaned and smooth faces is some function of and 

K§ respectively. It was therefore thou^t that a comparison of 

with ^m(vanes) for the range of Reynold's numbers for which 

^m(smooth) 

smooth discs were tested might show an empirical relationship* 

Using results for disc 9 (60° tangential vane tip angle) values 

of were calculated for different (2e) and shown on Fig, 71• 

Values of Cg,(y) were calculated from Fig. 23 and also shown on Fig. 71, 

^m(s) 

From these graphs the ratio was calculated and plotted 

on lo^log scales (Fig, 72). 

Since these are strai^t lines of gradient - 0,2351 for the range 

of Reyndd's numbers used, 

-235 = A (Re) X10"° 

*(*)/Gm(8) 
+ C 

Where A and C are constants for one value of X. Substituting values 
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from Fig. 72 in this expression gives the following values for A and C 

X A C 

.55 -1.24 2.82. 

.45 -1.22 2.78 

.55 -1.20 2,74 

.65 -1.17 2.66 

Although the range of Reynold's number in Fig 72 seems rather 

limited, it corresponds to a speed range of 2000 to 6OOO r.p.m. for 

a 5 inch diameter disc, provided the water temperature is near ambient. 

Unfortunately hot water was not used for testing the smooth discs 

owing to the heating problem. The vaned discs heated their own water 

if left running with no bleed flow, giving the higher Renold's numbers. 

Fig. 71 shows that as (R@) increases, K^, after a small rise, 

decreases. As (Re) increases, decreased slightly, but most of the 

decrease in was caused by an increase in above. 

F 
s 

approximately (R^) = 2.5 x 10^. 

It ia. thou^t that this could be partially caused by interaction 

between the two faces across the disc tips becoming more pronounced 

at higher Reynold's numbers. This questions the assumption that C 
m 

(smooth) for a vaned disc is effectively equal to for one face of 

a completely smooth disc, and could be a source of error in the above 
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e m p i r i c a l r e s u l t . H o w e v e r , t h e m a i n f a u l t i s t h e s m a l l r a n g e o f 

R e y n o l d ' s n u m b e r f o r v a l u e s o f C ^ ( s m o o t h ) a n d f u r t h e r t e s t i n g o f 

s n o o t h d i s c s w i t h p r o b a b l y a pump t o s u p p l y h o t w a t e r w o u l d b e 

r e c o m m e n d e d . 

A further contribution to C could be caused by a Coriolis 
m 

acceleration. Plates 10, 11 and 12 show that the greatest radial outflow 

is adjacent to the vane leading face. However Plate 16 shows no tendency 

for the radial inflow to be concentrated more near one face of the vane 

than the other. 
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This means that a streamline pattern similar to that drawn above 

may probably be present at that particular speed (2500 r.p.m.)* In which 

case the outward flowing radial velocity will cause a Coriolis 

acceleration normal to or approximately normal to the vane leading edge. 

The inward flowing radial velocity however will cause a Coriolis 

acceleration equal in magnitude to that caused by the outward flowing 

radial velocity, but the line of action of this acceleration will be 

inclined to the normal to the vane trailing edge by a small angle» 

Considering a 24 vaned disc, the angle between the vanes is 15°, and so 

the angle of inclination of the Coriolis acceleration to the normal to 

the vane trailing edge caused by the inward flowing eddy will probably 

be between 3° and 5° say. Thus the net effect of the two eddies will 

be a Coriolis acceleration normal to the vane leading edge whose 

magnitude is that of the acceleration caused by the outward flowing eddy 

multiplied by sine 3° to 5°. 
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In order to calculate a quantitative result for this effect 

the outward flowing eddy was considered to be confined to half the 

vane height from the base of the vane and a distance 0.2 from the 

leading face of the vane. 

Thus the net Coriolis acceleration in the tangential direction 

is 2v"usin3° to 2v"wsin5°, say 2v"wsin* where v" is the outward 

flowing radial velocity, taken as 4.5 ft/sec at w - 2500 r.pom. On 

page 41, a figure of v" ^ 5.5 to 6 ft/sec was given for near the 

interface but it was anticipated that this would decrease towards the 

tip, and so a conservative mean value of v" ® 45 ft/sec was used. 

When X = 0.35, « .875" so R-R^ « 1.625". 

. J 0.110 X 1.625 ^ 0.2 ^ ft, A 
Total mass flowing outwards ^4%— 12~ ' 

= 0.0129 lbs. 

Hence net Coriolis force on one vane 

= 0.944 sin^ Ibf. 

Since mean fluid radius when X ® 0.35® 1,685' 

Torque on 24 vanes = "^12— ^ 24 x 0.944 sin^ 

« 0.294 Ibf ft when * = 5° 

and 0.175 Ibf ft when * = 3°. 
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Thus C (Coriolis) « OoOOll at # = 5° 
m ' - -

and 0.0007 at # = 3° 

Much more detailed velocity measurements would be required to 

produce an accurate value for this contribution, if it exists» However, 

the fact that the v@ry approximate calculation above produced a value 

of C^(Coriolis) of a sensible order of magnitude indicates the possible 

validity of this contribution. 

This calculation for a Coriolis force contribution to C (vanes) 
m 

will be approximately independent of number of vanes since the 3° to 

5° angle assumed above for a 24 vaned disc will increase most probably 

as vane number is decreased. Also the fact that this C contribution 
m 

is proportional to vane height would help to cause to decrease 

slightly (Fig. 40) as vane height is decreased. 



51. 

To assess the effect of varying numbers of contra-piston vanes on 

performance 

In order to try and improve C^, 24 radial vanes were machined on 

the contra-piston, each 0.170" deep and 0.050" wide. These had the 

effect of reducing the pressure generated by the smooth face, and thus 

kg, to zero. This increased by between 31% at X = 0.35 to 59% at 

X z 0.65o Unfortunately this also increased by about 53% at all X 

values between 0.35 and 0.65. 

The effect of using fewer vanes than 24 was then tried, and tests 

were made with 12, 6, and 2 contra-piston vanes. The results are shown 

on figs. 64 and 65. In all cases, was zero and s^/R was 0.072, so 

that the clearance ratio to the vane peaks was 0.004. As can be seen 

from fig- 65s, the number of vanes had little effect on at high 

Reynolds' numbers. 

To assess the effect of varying contra-piston vane depth on seal 

performance 

Following from the previous test, the depth of the vanes on the 

two vaned contra-piston was reduced in stages to 0.120", 0.090", 0.070" 

and 0.030". The axial clearance ratio s^/R was kept constant at 0.072, 

so the clearance to the vane peaks increased as vane depth was 

decreased. The results are shown on figs. 66, 67, 68, 69 and 70. 

It was found that k^ was zero for the 0.120" deep vanes, but for 

shallower vanes, k attained a positive value. Thus C was constant, as 
s p 

fig.68 shows, down to a vane depth-disc radius ratio of 0.048 when it 
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started to decrease with decreasing contra-piston vane depth. Fig. 69 

shows that steadily decreases as contra-piston vane depth is decreased. 

Fig. 70 shows that only when X is above 0.55 is the efficiency criterion, 

C^/C^ greater with a vaned contra-piston than with a smooth housing. 

This graph shows that no improvement is possible with a radially vaned 

contra-piston. The only case envisaged when a vaned contra-piston 

housing could be economical is when a more compact installation would be 

required at the expense of efficiency. 

CONCLUSIONS 

The recommended clearance ratios for the hydrodynamic seal are 

0.02 for Sy/R and 0.018 for s^/R. s^/R is less critical, but a value 

of 0.072 gave optimum results. With these clearances, best performance 

throughout uiie range (R^) * 1 to 4 x 10^ was given by a disc having 

24 swept back circular arc vanes with a tip-tangent angle of 60° and 

a vane depth ratio of a/R - 0.088. 

At the maximum bleed flowrate used, 0.04 lb./sec., C had increased 
m 

by 10 to 15% at R^ * 2.8 x 10^ but was unchanged. 

When a multi stage seal replaces a single stage seal, the 

interaction between stages is small, and considerable reductions in end 

load with some reduction in torque are obtained, for the same speed and 

supply pressure. 

Torque coefficient for a vaned disc at the clearances recommended 

above was approximately twice that for a smooth disc of the same 

thickness. Zanker (Ref. 25} showed that this torque coefficient ratio 

was between 2.2 and 2.5. The discrepancy is probably because Zankers* 
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disc had a much thinner plain partg ioCo a much lower value of tg 

and thus the torque coefficient absorbed by the tip would be an equal 

amount less for both smooth and vaned discs^ increasing the value of 

this ratioo 

The maximum value of obtained with a plain (snKSoth walled) 

housing was Oo69 though this would be increased slightly by having a 

large value of Yo Using a vaned contra^piston increased this maximum 

value to 0o87o 

Probable maximum end loads would be given by values for of 

lol for plain housings and-lo4 for a vaned contra^piston housingo 

Interface collapse at low speeds with the vaned'face axial 

clearance ratio•recommended above and horizontal shaft•installations 

2XR 
should be avoided by ensuring that w = > So Howeverg, to prevent the 

S 

initial• stage-of"collapsegj when a few drops of liquid^start to break 

2XR 
away from*the interface^ w = must be greater^ A minimum value of 

2XR _ . 
(c = " 9 18 suggested^ 

The torque coefficient was independent of interface radiujs 

for vaned discs, in the practical interface radius range (X ® Oo35 to 

Oo65) used for the-tests: This could be caused by the anticipated 

decrease because of less liquid in the housing when X is increased^ 

being counteracted by greater interface turbulence with the larger 

interfaceo 

Since shear stress caused by a fluid flowing over a'plane surface 

is generally proportional to its velocity squared^ the shear stress 
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for & plane disc is proportional to the tangential velocity squaredo 

Hence the torque will be proportional to the fifth power of'the radius^ 

and so the extra torque produced on the vaned side by the liquid when 

X IS decreased from Oo65 to 0o35 will be approximately 

(2.5^-0.875^-(2.5^-1.625^ ^ 

2.5^-0.875^ 

This would mean a decrease of approximately 6% of the total 

torque and (see Figo-2s3)b It would therefore seem reasonable to 

suggest that this could be cancelled out by increased chusming • losses 

at the interfaceb Also the highly disturbed interface region is now 

nearer the tip^ so it appears possible that C^(tip) may increase 

slightly. 

Recommendations for future work 

Owing to the envisaged use of the hydrodynamic disc seal with 

high speed puaqjSg useful work could be done at much higher Reynolds® 

numbers and temperatures. This would require a temperature resistant 

housing and suitable pipings probably metal, together with a means of 

supplying 
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fluid at much greater pressures. With different torquementer bearings 

and 'step up' gears the existing drive arrangement would probably be 

quite suitable. 

Zanker (Ref. 25) reported tests on a disc where the outer 10% of 

the vane length had been machined away. C was reduced by 5% and C 
m p 

by only 3%. However, for these tests, X was zero and only one value of 

Reynolds number was used. With practical X values it is likely that 

this inq)rovement would be less significant, but it may be a useful line 

for future investigation. 

Owing to the lower value of k^ near the hub, it may also be 

profitable to machine away some of the vane or widen the gap between the 

vanes, near the hub. 
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APPENDIX II 

DESCRIPTION OF DISCS 

Disc 1 

This was the only 4" diameter disc used, and is shown on plate 7. 

It had 16 vanes and 16 slots, each vane being an equally angled sector 

to each slot of 11-̂  degrees at the centre. The slots were machined to 

give a hub diameter of 1.272", with the apex of the slot 1/16" radius, 

centre on this diameter. The disc was thick, with deep vanes. 

This design was chosen because it was intermediate between a 

parallel sided slotted configuration as used by Hopkins and Walker 

(Refs. 21 and 23) and a parallel sided vaned configuration as used by 

Wood, Manfredi and Cygnor (Ref. 5), 

Two discs of this design were made for the two-stage seal. 

Disc 2 

This was the same configuration as disc 1 except that it was 5" 

diameter. It was still thick with deep vanes. 

Disc 3 

For this disc, disc 2 was machined to increase the angle of 

each slot and decrease the angle of each vane segment by 5& degrees, 

to give an intermediate design between disc 2 and disc 4. 

Disc 4 

Disc 2 was further machined to produce a disc with 16 radial 

vanes each J" wide and -j" deep. 
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For disc 4a, 0.050" was faced off from the vanes, leaving them 

0.20" deep and the disc 0,450" thick. Further increments qf 0.050" 

were machined off the vaned face for discs 4b, c, d, so that disc 4d 

was 0.30 thick with vanes 0.050" deep. This disc is shown on plate 7. 

Disc 5 

This disc had 24 parallel sided radial vanes 0.250" deep, and each 

0.083" wide to give the same 'land' area of vane as disc 4. It was 5" 

diameter and i" thick. 

Disc 5a was disc 5 with 0.030" forced off the vaned side to give 

a total thickness of 0.470" and vane depth of 0,220". 

For disc 5b inserts were made from 14 gauge (0.0785" thick) dural 

sheet and glued with 'Araldite' to form a circular fence between the 

vanes, outer radius 1,960". Each insert was 0.250" deep so that the 

fence protruded 0.030" above the vaned face of the disc. 

Three holes, 3/32" diameter were drilled radially through the 

base of each insert for disc 5c. These holes were as near to the 

bottom of the vane as possible. 

For disc 5d, shown on plate 8, these inserts were removed and two 

circular fences, 0.036" wide and 0.195" deep, were glued with 

•Araldite' into slots in the vanes to a depth of 0.150". This left 

0.045" of fence protruding above the discs' vaned surface, and a gap 

below the fences 0,070" deep and the width of the distance a part of 

the vanes. These fences had an outer radius of 1.786" and 2.43". 

The outer fence from disc 5d was removed for disc 5e and the slots 

left in the vanes filled with 'Araldite'. 
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Disc 6 

This disc was 5" diameter and thick, with 8 radial parallel 

sided vanes each 0.250" deep, machined with a diameter end mill 

cutter to produce the same hub diameter as disc 4. The vane width 

was 0.250", giving the same 'land' area as discs 4 and 5. 

Disc 7 

24 curved vanes, 0,220" deep were machined on the face of this 

disc, which was 5" diameter and 0.470" thick. It is shown on plate 8. 

Each vane was an arc of a circle, 1.768" radius to the centre line of 

the vane, whose centre was on a radius of the disc, a distance 1.768" 

from the centre of the disc. Thus the vanes were radial at the centre 

of the disc, and had a 45 degree tangential tip angle at the disc 

periphery. The hub diameter was 1.50" and the vane width was 0,072" 

to give the same vane 'land' area as discs 4,5,6, The vanes curved 

back anti-clockwise from the hub so that they were curved backward to 

the direction of rotation; i.e. the convex edge of the vane was the 

leading edge. 

Disc 8 

A 15 degree tangential vane tip angle was produced in this disc 

by machining 24 curved vanes of 1,294" centre line radius whose centres 

were on radii of the disc, a distance of 1.294" from the centre of the 

disc. The disc was 5" diameter and 0.470" thick, and the vanes were 

0,220" deep and 0,058" wide, giving the same 'land' area as discs 
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4,5,6,7. The hub was 1,40" diameter and the vanes were backward facing, 

as in disc 7. 

Disc 8a was disc 8 rotating in the opposite direction with a 4 B.A. 

thread tapped obliquely into the hub thread and a 4 B.A. grub screw 

screwed into a depression in the drive shaft to lock the disc in position. 

The direction of rotation of the motor was reversed by changing over 

the leads of two phases. This had the effect of making the vanes forward 

facing. 

Disc 9 

This disc was 5" diameter, 0,470" thick, with 24 curved vanes 

0.220" deep and 0.075" wide, giving the same land area as discs 

4,5,6,7,8, The vanes were machined to give backward facing circular 

arcs, radial at the disc centre and with a 60° tangential tip angle. 
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No. 

1 

4a 

4b 

4c 

4d 

5 

5a 

5b 

5c 

5d 

5e 

6 

8a 

Diameter 

4" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

5" 

No. of 
vanes 

16 

16 

16 

16 

16 

16 

16 

16 

24 

24 

24 

24 

24 

24 

8 

24 

24 

24 

24 

t 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0.25" 

0,25" 

0,25" 

0.25" 

0.25" 

0.25" 

a 

0.25" 

0.25" 

0.25" 

0.25" 

0 . 2 0 " 

0.15" 

0 . 1 0 " 

0.05" 

0.25" 

0 . 2 2 " 

0,22" 

0 . 2 2 " 

0 . 2 2 " 

0 . 2 2 " 

0.25" 

0 . 2 2 " 

0,22" 

0 ,22" 

Description 

50% Radial vane 
50% Cut away 

50% Radial vane 
50% Cut away 

25% Radial vane 
75% Cut away 

Constant width 
radial vanes 

Inserts added 

Holed inserts 

Two fences 

One fence 

Constant width 
radial vanes 

Back facing arc 
45 tip angle 

Back facing arc 
15° tip angle 

Forward facing 
15° tip angle 

0,22" Back facing arc 
60 tip angle. 
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APPENDIX III 

ERRORS 

Shaft speed 

Maximum scatter, and thus error - 2 r.p.m. 

Torquemeter 

Manufacturers claim accuracy within — 1% which was checked several 

times by static calibration. Estimated maximum read—out errors in the 

0-1.5 Ibf.ft, and 0-5 Ibf.ft. ranges were 0.01 Ibf.ft. and 0.05 Ibf.ft. 

respectively. 

Most uncertainty in torque measurement arose in the subtraction of 

the torque absorbed in the thrust bearings and neighbouring journal 

bearing. The table below gives an indication of this. 

Torque absorption of thrust bearings and last journal bearing. 

Speed Torque absorbed 

2000 r,pi,m. 0.19 Ibf.ft. 

3000 r.p.m. 0.22 Ibf.ft. 

4000 r.p.m, 0.26 Ibf.ft, 

5000 r.p.m, 0.32 Ibf.ft. 

6000 r.p.m. 0.38 Ibf.ft, 

6750 r.p.m. 0,39 lbf,ft. 

Repeated checks gave a maximum deviation from the calibration 

curve of 0.02 Ibf.ft. 
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Pressure 

2 

0 100 Ibfo/in Bourdon gauge calibrated with a seven foot mercury — 

water manometer. Estimated maximum read-out error was — 0.2 Ibf./in^. 

Seal clearances 

Measured statically to within 0.002". Discs ran true axially and 

radially to within an estimated 0.002". Maximum axial misalignment 

of the contra-piston was 0.005". 

Seal liquid temperature 

As previously mentioned, for most test readings there was no bleed 

flow. For these readings the temperature used to estimate the 

kinematic viscosity for Reynolds Number calculations was therefore a 

mean figure. For nearly all readings the estimated maximum error was 

5 C but when running at high torque figures, e . g . the two stage seal, 

this might have occasionally risen to 10 C. The corresponding variations 

in Reynolds Number at the mean temperature of 25°C would be about 10% 

or 20%. 
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APPENDIX IV 

Apparatus specification 

Motor. Higgs. 7,5 H.P. 3 ph. 415 volt 2920 r.p.m. Serial No. 

D048904. 

Magnetic Coupling. Pye Tasc unit. Model 10S2FL Serial No. 16128. 

Digital Counter. Racal. Type SA 535. Serial No. 0704. 

Torquemeter. Westland. Type TT2/A/3. Serial No. S2/18714. 

Torque measuring bridge. Ernest Turner. Serial No. 2297898. 

Stabilised voltage supply. Farnell. T^pe 150. Serial No. 177. 

Couplings. Metastream. Type M2. 

Electronic temperature measurement. Grant 

0 - 50°C. Serial No. G030/2 
0 - 100°C. Serial No. 11097. 

Pressure gauge. Foundrometers. 0 - 100 Ibf./in^. Serial No. 260679. 

6-way valves. Drallim. 1800/C of S - 1. 

Flowmeters. Rotameter 

0.001 to 0.01 lb./sec. Serial No. R53I555 
0.012 to 0.11 lb./sec. Serial No. R531556. 

Stroboscopes. E.M.I. 

Type 4. Serial No. 058 
lype 3D/P8. Serial No. 2040. 

Polaroid camera. Type 160. F.4.7 lens. 3000 A.S.A. film. 
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DIAGRAM 3. Disc and clearance symbols 



p l a t e I. General view of apparatus, (manometer not fitted). 



PLATE 2. View showing axial clearances and contra-piston. 



PLATE 3 . View showing disc vaned face, (disc I )• 



PLATE 4. View showing contra-piston and bracket axial adjustment. 
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PLATE 5. General view, with flowmeters for bleed flow. 
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PLATE 9 . Static head insta l la t ion on 

the laboratory roof. (14 feet ta l l ) -



PLATE lO. Stroboscopic photograph showing air 

entrainment, (arrowed ). 2 5 0 0 r. p.m. Disc 9. 
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PLATE 13. Stroboscope: photograph with smal 

polystyrene spheres. 2 5 0 0 R. R M. Disc 9, 



1 

PLATE 14. Stroboscopic photograph with glass 

spheres, 0 ' 0 4 0 7 0 043" dia. 2 5 0 0 r. p. m. Disc 9. 



PLATE 15. Stroboscope: photograph with glass 

spheres, 0 0 2 5 " / 0 0 2 9 " dia. 2 5 0 0 r. p. m. Disc 9 



PLATE 16. Stroboscopic photograph with small 

sealing wax spheres. 2 5 0 0 r. p. m. Disc 9. 



PLATE 17. Stroboscopic photograph of smooth 

face with small sealing wax spheres. 2 5 0 0 r . p.m. 
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