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Active control of sound transmission

By Martin Eric Johnson

This thesis is concerned with the active control of sound transmission through struc-
tures. A particular emphasis of the work is the reduction of the complexity of the controller
required to achieve good attenuations by the use of distributed sensors and actuators.

The theory of radiation modes, which is a technique for decomposing the velocity profile
of a radiator into a set of independently radiating velocity distributions, is presented
first. The first radiation mode of a structure is shown to be the dominant radiator of
sound at low frequencies and to have an amplitude which is well approximated by the
volume velocity of the structure. The cancellation of volume velocity is suggested as a
good strategy for reducing the sound power radiation at low frequencies. Radiation mode
theory is more generally shown to be a convenient method for determining the complexity
of the control system required to reduce the sound radiation from a structure.

The design of a volume velocity sensor for beams and rectangular plates with fixed
boundary conditions is suggested. This design uses a pattern of quadratically shaped
strips etched into the electrode of a sheet of PVDF (piezoelectric) film.

The strategy of volume velocity cancellation is initially investigated using a computer
simulation and is shown to perform well at low frequencies, when compared with the
optimal strategy of sound power minimization. In controlling sound radiation a compact
secondary actuator can increase the average velocity of the panel and thus increases the
pressure generated close to the panel. The use of a matched actuator/sensor pair, consist-
ing of a volume velocity sensor and a uniform-force actuator, is shown to reduce control
spillover and thus avoid increasing the plate velocity when controlling sound radiation.
The transfer response between such a matched actuator and sensor is also shown to be
minimum phase, which has important implications for the performance of the control
system. A distributed sensor and actuator would also be beneficial in the active control
of sound transmission into a cylinder, which is also briefly examined.

The manufacture and testing of a volume velocity sensor is described and the output of
the sensor is shown to compare well with the volume velocity measured using the average
of 49 point measurements on a clamped plate excited by a primary source. An experiment
is presented in which a piezoelectric ceramic actuator, attached to the plate, is driven to
cancel the output of the volume velocity sensor while the plate is excited at a single
frequency by a primary acoustic source. Large reductions in the radiated sound power
can then be achieved.

An experiment is also described in which the volume velocity sensor is used with a
feedback system to cancel broadband noise. Good reductions are achieved in the average
output of the sensor, resulting in substantial reductions in the radiated sound.
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Chapter 1

Introduction

1.1 A definition of active control

Active control can be defined as a method of altering the behaviour of a system by
the introduction into the system of an energy source whose output is dependent on
the response of the system. Methods of altering the behaviour of a system without

the introduction of an energy source are termed passive control methods.

As a scientific or engineering term “active control systems” is most often used to
describe the set of active control systems operating on electrical or mechanical ma-
chines to achieve some electrical or mechanical effect. There are of course a large
number of examples of biological active control systems such as salinity control in
cells [61] or the steering of a motor vehicle by a human being. In the context of the

active control of sound, active control systems are comprised of both electrical and

mechanical components.

A review of the entire field of active control of sound will not be given here as there
are a number of published reviews and books on the subject [31, 40, 71]. However, the
main elements of an active control system will be described so that the contribution

of this thesis can be put into context.



1.2 The components of an active control system

Active control systems are used to alter the response of a system in an attempt to
produce a more desirable outcome. In the application of active control systems for
the control of sound, the desirable response is generally defined to be no sound at all.
This is not always the case, as active control systems can be used for the equalization
of acoustic enclosures [59] or to modify the characteristics of noise or error signals
(19, 20]. For the purposes of this thesis, however, the objective will always be to

reduce the acoustic levels as far as possible.

In nearly all applications of active sound control the desired state is zero sound
pressure in a region of the total system. The physical size of this region is usually
determined by the type of disturbance and the frequency range of interest. The
low frequency tonal noise produced by propeller driven aircraft can be controlled
using an active control system to achieve reductions throughout the entire aircraft
cabin [71] although the external sound field (which is part of the total system) is
virtually unaffected by the control system. For higher frequency tonal noise, active
control systems have been used to produce “zones of quiet” in an enclosure to achieve
reduced noise levels close to the head of an observer [71]. With active headsets [71],
which are able to reduce the levels of low to medium frequency random or transient

noise, the region under control is a very small volume inside the headset cavity.

Most active control systems and all of those considered in the work presented in this
thesis, are based on the principle of linear superposition, that is, the altered or final
response of the system is due to a linear combination of the original response and
the response produced by the control system. The acoustic levels in a system will be
reduced if the control system creates an acoustic field that is similar to the original

field but out of phase with it, such that the two fields interfere destructively.

It is possible in principle to achieve any desired response (i.e. perfect control) if the
response of a system can be measured exactly and the control system has the ability
to affect the system in any arbitrary manner. In any real system the resporse of the
system will not be determined with complete accuracy and the control system will
not be able to influence the system in any arbitrary manner. The engineering task is

to design an active control system which is simple/cheap/light enough to be practical



and still achieve good performance i.e. produce a good approximation of the desired

response.

The three main components of an active control system are shown in figure 1.1 and

will be briefly described in the following sections.
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Figure 1.1: The basic components of an active control system.

Sensors

For any control system to operate it must be able to measure the response of the
system. If it did not it would lack any criteria on which to operate. The response
of a system is determined via sensors which collect information about the system
and feed this information back to the controller. As will be discussed later in this
chapter, the control systems used in the active control of sound are generally termed
“feedforward” or “feedback” although in practice both of these control systems use

information about the response of the total system.

In the interest of simplifying the control system, it is important to extract, via the
sensors, information about the system which is important for the purposes of attaining
the desired response. By using a large number of sensors the controller is required to
sort out or filter large amounts of information. However, if the sensors are carefully
designed some of the “sorting out” or filiering can be done in the physical domain
and the computational pressure on the controller can be reduced. Chapters 2, 3 and
4 of this thesis discuss methods of characterizing and measuring parameters which

are important for the reduction of radiated sound levels. This facilitates a reduction



in the number of sensors required to achieve good control and hence reduces the need

for a complex (and often expensive) controller.

The controller

The controller is the part of the active control system which manipulatés information.
It receives information from the sensors, processes the information and passes the
altered information on to the actuators. The creation of practical active control
systems for controlling sound has been made possible primarily by the development of
fast digital signal processors. The increases in performance of these D.S.P components

are continually allowing more active control applications to become practical.

In feedforward control systems the inputs to the controller are spli£ into two types.
Inputs that are used to drive the actuators (reference signals) and inputs that are
designed to monitor the performance of the system and alter the response of the
controller (error signals). Reference signals are usually taken close to the source of
the primary disturbance (for example an engine) and are often largely unaffected by
the outputs of the actuators (although this is not always the case [71]). The reference
signals are taken “upstream” (with regards to time) of the region of the total system
under control and are “feed forward”, through the controller, to the actuators which
predominantly affect the control region of the total system (figure 1.2a). The error
signals, which monitor the response of the region of the system under control, are
then used to adapt the way in which the controller manipulates the reference signals

such that the error signals are reduced.

Feedback control (figure 1.2b) is used in situations where it is difficult to obtain a good
reference signal, for example where the sources of the sound are spatially distributed
or the source is not sufficiently “upstream”. Feedback controllers use error signals
to directly drive the actuators and by doing this run the risk of becoming unstable.

Feedback controllers will be discussed in more detail in chapter 8 of this thesis.

Actuators

Actuators are the means by which the control system affects the response of the total

system. By having a limited set of actuators the control system can only influence a
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Figure 1.2: Feedforward and feedback control systems. An acoustic analogy is used
here but any arbitrary set of actuators and sensors could be used.

subset of the total set of possible responses of the system. It is therefore important
that the actuators are able to produce a response that is closely related to the original
response of the system. As with the design of the sensing system, large numbers of
actuators could potentially be used to achieve this response, thus placing a large
computational pressure on the controller. Alternatively, a few carefully designed
actuators could be used to reduce the need for a large processing ability. The design
of the actuators cannot be viewed separately from the design of the sensing system
and careful design of a sensor/actuator pair can significantly increase performance as

will be described in chapter 5.

1.3 Structural acoustic control

In general the region under control is spatially separated from the source of the
disturbance as illustrated in figure 1.2a. The acoustic disturbance inside an aircraft

cabin due to propeller engines is an example of such a case. There is therefore some

<t



path through which the disturbance propagates from the noise source to the region
of the system under control. In an attempt to reduce the power transmitted from
the source to the region under control, a control system can be placed at some point
along the path. In general this path involves a structural component which radiates
sound into the region under control. Control of the sound using a control system
placed on the structure, that is having structural sensors and actuators, is termed
active structural acoustic control [18]. This thesis is principally concerned with the

active structural acoustic control of sound radiation from panels.

1.4 The structure and contribution of this thesis

The main objective of the work presented in this thesis is the investigation of ac-
tive control systems which reduce the sound transmission through a panel using dis-
tributed structural sensors and actuators. The distributed sensors and actuators are

designed to make the electrical control requirements as simple as possible.

Chapter two of this thesis is concerned with the radiation of sound from vibrating
surfaces. First, the standard methods of calculating the sound field radiated by a
vibrating surface are presented. It is then shown that the radiation from a surface
can be decomposed into a set of independently radiating velocity distributions or “ra-
diation modes”. A method of calculating the radiation mode shapes and efficiencies
using near-field parameters (an elemental radiator approach) is introduced [33]. The
resultant radiation mode shapes for a beam are calculated and compared with the
radiation mode shapes calculated using a formulation in terms of structural modes.
The elemental radiator approach is shown to be an unbiased method of calculating
the radiation mode shapes. The independence of the acoustic radiation by individual
radiation modes is given a physical interpretation in terms of velocity and pressure
distributions. To demonstrate the advantages of the radiation mode approach, the
efficiencies of the radiation modes as a function of frequency are presented and com-
pared with the radiation efficiencies of structural modes. The number of parameters
required to produce a good estimate of the total sound power radiation are show to be
greatly reduced by using the radiation mode approach. For completeness the radiation

modes are viewed in terms of multipole expansions and wavenumber expansions.
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Chapter three of this thesis investigates the properties of radiation modes [55] in more
depth. The radiation modes for various sources radiating into one, two and three
dimensional acoustic fields are investigated and the shapes of the radiation modes
in these environments are calculated. In all cases the amplitude of the lowest order
radiation mode at low frequencies is well approximated by the volume.velocity of the
surface and it is also shown that the first radiation mode is the dominant radiator of
sound in this frequency region. Radiation modes are shown to group into sets of the
same order with each mode order having a similar variation in radiation efficiency with
frequency (at low frequencies). The number of radiation modes in these sets is shown
to be a function of the dimensionality of the acoustic field and the dimensionality of
the acoustic source. The radiation modes are linked to spherical {zaf'eron,ic.s which
correspond to the radiation modes for a vibrating sphere [67]. Radiation modes
appear to produce no circulation in the intensity field and therefore have the property
of producing far-field directivity patterns that correspond directly to their surface
velocities. A general theory for radiation modes into enclosures is presented and the

shapes and efficiencies of these modes are calculated for some specific examples.

Chapter four is concerned with distributed piezoelectric transducers and the design
of volume velocity sensors. The piezoelectric theory necessary for the design of dis-
tributed transducers for plates and beams is presented. The spatial sensitivity nec-
essary to create volume velocity sensors for beams with fixed ends, simply supported
plates and clamped plates are derived and a method of creating a uni-directional
sensor is suggested [49, 50]. Designs for a two-dimensional volume velocity sensor
are subjected to error analysis and the “quadratic strip” design is selected as the
most suitable. The number of point sensors required to create an equivalent volume

velocity sensor is calculated and is shown to be prohibitively large.

The theoretical performance of various active control strategies, including the cancel-
lation of volume velocity, are investigated using computer simulations in chapter five
of this thesis. The transmission of sound power though a rectangular flexible panel
mounted on a baffle is used as an example. The cancellation of volume velocity is
shown to give results which compare well with the optimal strategy of sound power
minimization [52, 53] although cancellation of volume velocity is potentially far eas-

ier to implement practically. Active structural acoustic control is often explained in



terms of a change in the amplitudes of the structural modes in a process which has
been termed modal restructuring. It is shown that the mechanisms of control can be
understood more easily by considering the changes in the amplitudes of the radiation
modes. A consequence of controlling the sound power radiation using conventional
actuators and sensors is that the vibration levels on the panel and the sound pressure
levels near the panel can be greatly increased. A practical method of overcoming this
problem, by using a matched distributed sensor/actuator pair, is suggested. It is also
shown that a matched sensor/actuator pair will have a minimum phase relationship
which suggests the possibility of using feedback efficient controllers for the control of

broadband acoustic disturbances [53].

Chapter six of this thesis presents the active control of sound transmission into a cylin-
der. The investigation has three stages: (i) theoretical investigation, (ii) predicted
contro] using data measured from a real system and (iii) feedforward active control of
a real system. This progressive method of investigation is shown to be a very useful
approach to the investigation of active structural acoustic control. Although there are
potentially large numbers of structural and acoustic modes with natural frequencies
in the frequency range of interest, the interaction between these sets of modes can
be dominated by only a few or even a single structural mode. A reduction in the
amplitudes of these structural modes can therefore achieve significant reductions in
the sound transmission into the cylinder. An active control system with only a few
actuators can thus produce significant attenuations. It is shown experimentally that
by using a single channel feedforward active control system, the sound transmission

of single frequency sound into the cylinder can be reduced over a broad range of

excitation frequencies [51].

Chapter seven describes the construction and testing of a volume velocity sensor
developed using PVDF film. The two-dimensional distributed sensor is tested on a
thin aluminium plate with clamped boundary conditions. The sensor output is found
to compare favorably with the volume velocity measured using a seven by seven
grid of point measurements when the plate is excited using an acoustic source or a
structural actuator. With the plate excited using a primary acoustic source, a small
piezoelectric ceramic actuator is then used as a secondary source to cancel the output

of the volume velocity sensor on the plate at a single frequency. Large attenuations in



the radiated sound power from the plate are then achieved over most of the frequency
range of interest. This process is repeated using an inertial actuator as a secondary
source, again with good results. The addition of the inertial actuator to the structure
alters the structural response on the plate and demonstrates that the sensor is robust

to changes in the behaviour of the plate.

Chapter eight describes theoretical and experimental work on the control of sound
radiation due to a broadband disturbance on a plate, using a volume velocity sensor in
a feedback control system. An internal model control approach to feedback control is
used. Significant reductions in the output of the volume velocity sensor are achieved
in both computer simulations and in an experiment. The reductions in the output of
the volume velocity sensor also produced attenuations in the sound. pressure level at

a microphone close to the radiating panel.

Finally chapter nine of this thesis presents the conclusions of this thesis and discusses

some ideas for future development.



Chapter 2

A coustic Radiation

2.1 Introduction

Sound radiation from vibrating surfaces is responsible for many of the problems en-
countered by acoustical engineers. To formulate effective methods of reducing acoustic
radiation, using either active or passive methods, it is necessary to gain an appreci-
ation for the mechanisms which cause acoustic radiation. This chapter will outline
some of the important techniques for calculating and analysing the acoustic radiation
from vibrating surfaces and will introduce the theory of radiation modes which is

central to the work presented in this thesis.

2.2 Radiation from vibrating surfaces

2.2.1 Radiation from a monopole source

Consider a very small sphere placed in an infinite, homogeneous and isotropic fluid
where the radius of the sphere is varying harmonically with time (figure 2.1) [58].
To maintain linearity it is assumed that the change in radius of the sphere is small
compared to the average radius of the sphere. The oscillating surface will produce an

outgoing harmonic spherical acoustic wave which can be written in complex form as,

A
p(r 1) = —edWi=kr) (2.1)
-
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Figure 2.1: A monopole source radiating sound into free space.

where w is the frequency of oscillation in radians per second, k is the wavenumber
which equals w/c where ¢ is the speed of sound in the fluid and the pressure p(r,?)
is a function of time ¢ and radial distance r. The pressure decreases as a function of
distance 1/r as the wave spreads spherically outwards. The variable A is a function

of the complex surface velocity of the sphere v, and is given by [71],

wpoS.
A= wTi(;*—v (2.2)

where S, is the mean surface area of the sphere, po is the mean density of the fluid
and it is assumed that the radius of the sphere is much smaller than the acoustic

wavelength.

The radiation from a pulsating sphere with uniform radial velocity is totally symmet-
ric and an infinite planar baffle can be placed through the centre of the sphere without
affecting the pressure field created. The radiation from a pulsating half sphere, which

is baffled, will therefore radiate sound into a hemisphere such that,

’ }w/) H{wit—kr ‘
p(r,t) = —2;;96“ =g (2.3)

where ¢ is the source strength which is given by ¢ = Syv and S is the surface of a

11



hemisphere. If a source is much smaller than an acoustic wavelength then the shape
of the source becomes unimportant and it is only necessary to consider the source
strength (i.e. rate of change of volume). For example, equation 2.3 can be used
to calculate the radiation from a small baffled rectangular element where the source
strength is given by ¢ = Syeqtv Where S, is the surface area of the element and v is

the uniform surface velocity [67].

2.2.2 Rayleigh’s integral: a far-field approach

The radiation from a planar baffled surface with an arbitrary velocity distribution
v(z,y) can be calculated using the Rayleigh integral [8, 38, 86]. This is achieved by
considering a vibrating surface to be composed of an infinite numbér of infinitesimal
elemental sources on a rigid baffle (equation 2.3). By integrating over the surface,
with the source strength being proportional to the vibration amplitude at each point,
the pressure in the far-field can be calculated. Much of the work presented in this
thesis concerns the radiation of sound from rectangular panels and in this section a

rectangular baffled surface will be used as an example.

For simplicity the time dependence ¢/** will be suppressed in the following equations.

The complex far-field pressure p(r, 0, ¢) due to a velocity distribution v(z,y) is given

by,

) ly ple X

p(r,8,¢) = 2200 / y/ o(z, )l (@D B . dy (2.4)
2rr Jo Jo

where 0 and ¢ are spherical coordinates, [, is the length of the rectangular vibrating

surface and [, is the width of the rectangular vibrating surface. Figure 2.2 shows the

coordinate system used for this calculation. The coefficients o and f are given by,

a = kl,sinfcos

B = kl,sinfsine (2.5)

To calculate the acoustic power W radiated by the velocity distribution v(z,y) the
mean square far-field pressure is integrated over the hemisphere with radius » such

that » > X\ where A is the acoustic wavelength.

12



Figure 2.2: Coordinate system used for the calculation of the far-field pressure created
by a vibrating rectangular surface.

_ P Ip(r 0, ) r? sin 6 :
W= /O /O e d0dy (2.6)

Wallace [86, 87] derived analytical solutions to this equation for some specific cases
where the acoustic wavelength is large in comparison to the size of the surface and
the velocity distribution v(z,y) is given by the structural mode shapes for a simply

supported beam or plate.

2.2.3 Radiation in terms of elemental radiators: a near-field

approach

The sound power radiation can also be calculated by considering the vibrating surface
to be made up of a finite number I of elemental radiators each of which act as
monopole sources. If the i element has a velocity amplitude v; which is proportional

to the true velocity at that point i.e.

v; = v{@, ;) (2.7)

where 2; and y; describe the spatial position of the centre of the 1" element, and suf-
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ficiently large numbers of equally sized sources are used, then a good approximation
to the acoustic radiation can be achieved. The size of the elemental sources must
be considerably smaller than both the acoustic and structural wavelengths if spatial
aliasing effects are to be avoided. This “finite element approach” allows the calcu-
lation of both the near-field and far-field pressures and the power radiated by each
of the elemental sources, when operating together, can be calculated and summed
to give an estimate of the total radiated power. At a single frequency the acoustic
power radiated by the i** element (W;), will be due to the complex velocity of the i'*

element (v;) and the complex pressure (p;) at the " element [38],

W, = gR(U;pi) o (28)

where S is the elemental area, R denotes the real part of the bracketed quantity and
+ denotes conjugation. It should be noted that the pressure at the i** element p; is
due to the action of all of the sources present. Since the dimensions of the element are
much smaller than an acoustic wavelength, it is assumed that the pressure over the
surface of the element remains constant i.e. p; = p(z;,v;). The power radiated by the
I elemental sources can be written as the sum of all the components W; for « =1 to
I and can be conveniently written in vector form such that v is an [-length complex
vector of elemental velocities and p is an [-length complex vector of pressures at the
elemental positions and so,
1
W= 5 S Riip) = SRE"P) (2.9
i=
where the superscript H denotes a Hermitian transpose (conjugate transpose). If it is
assumed that the surface considered encompasses all of the vibrating surfaces present
(i.e. this surface could be made up of a number of smaller spatially separated surfaces)

the pressure at each of the elementary positions can be expressed as a function of the

vibration of all the elemental sources,

p=Zv (2.10)

where Z is a I x I matrix of specific acoustic transfer impedances relating the complex
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pressure at every element to the complex velocity of every element. Substituting
equation 2.10 into equation 2.9 then gives an expression for the total acoustic power

radiation purely as a function of the velocity of the elements,

W = g’R('uHZ'v) = v" Rv | (2.11)

where R = 2R(Z) and therefore the matrix R is purely real. R is also symmetric due
to reciprocity and must be positive definite on physical grounds since the power output
must be greater than zero unless the velocity is zero (W > 0 V v # 0). The diagonal
coeflicients of the matrix R;; describes the self-radiation resistances for each element
and the non-diagonal terms R;; describe the mutual-radiation resistance terms due
to the interaction of two elements. The radiation of sound pdwér from different
structures placed in different environments can be expressed by equation 2.11 with

different forms of the matrix K.

of finite elements

Elemental radiator

Figure 2.3: A baffled surface represented by a number of elements.

For the case of the acoustic radiation by a vibrating planar surface placed on an infinite
baffle (figure 2.3) the coefficients of the matrix Z can be calculated analytically. 1f
the vibration of the surface is approximated by a number of elemental sources, the

specific acoustic transfer impedance between the ¢** and 7t elements is given by (from

equation 2.3),



ijOS —ykri;
Lps = e IR .
; S e (2.12)

where r;; is the distance between the i and j** elements. The 5" element of the

matrix R (equation 2.11) can now be calculated as [85],

2 2 : i
Ry = P02 [Sm(’”‘“q (2.13)

47e kr;

The coefficients in the matrix R are therefore proportional to a sinc function of the

distance between elements and the wavenumber (kr;).

2.2.4 Radiation from structural modes

It is often convenient to describe the vibration of a structure in terms of a set of
structural modes each with a resonant frequency and a specified mode shape. Any
structural mode which has an out-of-plane vibration component will radiate sound.
However, in low viscosity fluids modes which describe the in-plane vibration of the

structure will not radiate a significant amount of sound power [38].

To completely describe the vibrational behaviour of the structure, an infinite number
of structural modes would be required. However, good approximations to the struc-
ture’s behaviour, over a limited frequency range, can be obtained using only a finite

# structural mode at a given

number N of structural modes. The amplitude of the n
frequency can be represented by a complex variable a,. The velocity of the surface

can therefore be approximated as,

N
v(z,y) & Y anda(z,y) (2.14)

n=1
where the velocity in the radial direction v(z,y) is dependent on its spatial coor-
dinates (x,y) and is approximated by a summation of structural mode shapes (or
eigenfunctions) ¢,(z,y). An N—length complex vector a can be used to represent a
finite set of complex mode amplitudes. The sound power W radiated by the structure

can then be calculated by multiplying the vector of mode amplitudes (a) by a finite

N x N matrix M of self- and mutual-radiation resistances [7, 23].

16



W=a"Ma (2.15)

The diagonal coeflicients of M represent the self-radiation resistances of the struc-
tural modes and the radiation from a single mode is equal to the modulus of its
amplitude squared times its self-radiation resistance. The oﬂldiagonzﬂ terms in M
represent the mutual-radiation resistances which determine the sound power radia-
tion due to the cross coupling of two modes. This component of the radiated power
will be equal to the conjugate product of the two mode amplitudes times the corre-
sponding mutual-radiation resistance term. If reciprocity is assumed then the matrix
M must be symmetric. It is also positive definite on physical grounds since the
power radiated must be greater than zero unless all of the mode amplitudes are zero
(W >0V a#0). The radiation of sound power from different structures placed in
different environments can be expressed by equation 2.15 with different forms of the
matrix M.

The values of the matrix coefficients M,,, can be calculated using either the far-field
or near-field approaches described in the two preceding sections. The diagonal terms
in the matrix M describe the power radiation due to a single mode and can be

calculated from the far-field method (equation 2.6) as [7, 86, 87, 88],

2
Mo //!p”[rsme dodep (2.16)

2pocC

where p, is the far-field pressure due to the n'* structural mode (excited with unit
amplitude) and can be calculated by setting v(z,y) = ¢n(z,y) in equation 2.4. The
diagonal terms can also be calculated using the near-field method by calculating the
velocity at every elemental position due to the n'* structural mode to create a vector

of velocities v,,. The velocity of the i** element due to the n'* mode is given as,

(vn)i = Onlzi, yi) (2.17)

where z; and y; are the spatial coordinates of the " element. The diagonal matrix

coefficients M,,,, can then be calculated as,
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M,, = vF Rv, (2.18)

where v, is a [-length vector of elemental velocities which approximate the continuous
velocity distribution due to the nt* structural mode ¢,(z,y) and where R can, for the
infinite baffle case, be calculated analytically from equation 2.13. Tile off-diagonal
terms in M describe the radiation due to the interaction of two structural modes and

can be calculated using the far-field approach as,

2 g * 0 2" 0
M, = / PuPml S0Y 454, (2.19)
0o Jo 2poc ’

where p,, and p,, are the far-field pressures due to the n'® and m' modes respectively
(equation 2.4). Using the near-field approach M, can be calculated as,
My = vavm (2.20)

If all of the elements of the matrix M are known then the sound power radiation from

any general combination of mode amplitudes @ can be calculated (equation 2.15).

All the elements in the matrix M can be calculated in one step by defining a matrix
whose rows are equal to the elemental velocities due to each structural mode i.e.

&7 = [vTvT ... v]]. The vector of elemental velocities for any arbitrary set of mode

amplitudes can then be calculated as,

v =Pa (2.21)

Using equation 2.11 the total power output can be written as,

W = v7"Rv = a"®" RPa (2.22)

The matrix of self and mutual radiation resistances for the structural modes M, given

in equation 2.15 must therefore be equal to dH RP (equation 2.22).

M = & Ro (2.23)
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2.3 Radiation mode theory

2.3.1 Formulation in terms of structural modes

Because the matrix M is normal (i.e. it is real, symmetric and positive definite) it

has an eigenvector/eigenvalue decomposition which can be written as [7, 23],

M = PTQP (2.24)

P is an N x N unitary matrix of orthogonal real eigenvectors and 2 is an N x N
diagonal matrix of positive real eigenvalues. Equation 2.24 can be substituted into

equation 2.15 to produce an alternative expression for the sound power radiation,

W=a"Ma = a’ PT2Pa (2.25)

By defining a set of transformed modes such that the mode amplitudes b = Pa, the

expression for the radiated power can be rewritten as,

N
W=b0b =3 Q.|b,)? (2.26)

n=1
Because the matrix §2 is diagonal the radiation can be expressed as a sum of the
modulus squared amplitudes of the elements of the vector b times their corresponding
eigenvalues. By combining a set of structural modes, whose amplitudes are defined
by the rows in the matrix P, velocity distributions are thus created that radiate
sound independently. These independently radiating velocity distributions are termed
radiation modes and their mode amplitudes are given by the coefficients in the vector
b. The mutual-radiation resistance terms, unlike those in matrix M, are all zero.
Fach radiation mode corresponds to a velocity distribution over the surface which is
orthogonal to all of the other radiation modes and whose radiation is unaffected by

the amplitudes of other radiation modes.

This formulation for sound radiation was used by Baumann et al. [7] who were con-
cerned with the use of structural actuators to actively control the acoustic radiation

from impulsively excited structures using a feedback control strategy. The nature of
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the disturbance prohibited the use of far-field microphones as sensors since the pres-
sure signal would arrive at the feedback controller, and therefore the actuators, after
the disturbance had passed. Unless the disturbance is periodic, then time delays in
a feedback control system cause large reductions in performance [36]. Cunefare [23]
also calculated the radiation modes using an eigenvector/eigenvalue decomposition of

a finite matrix of self and mutual radiation efficiencies for the structural modes.

The shapes of the first four radiation modes for a simply supported beam of van-
ishingly small width are shown in figure 2.4 and were calculated using the first ten
structural modes [33, 80]. These mode shapes were calculated for an excitation fre-
quency which corresponds to a non-dimensional frequency ki of 0.1, where [ is the

length of the beam and k is the wavenumber.
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Figure 2.4: The first four radiation mode shapes calculated from the first ten struc-
tural modes of a simply supported beam (kl = 0.1).

2.3.2 Formulation in terms of elemental radiators

A very similar line of reasoning can be followed to derive the radiation modes from
a set of elemental radiators. Since the matrix R is also real, symmetric and positive
definite it also has an eigenvector/eigenvalue decomposition which produces orthogo-

nal real eigenvectors with positive real eigenvalues. Therefore R = Q7 AQ where Q
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is a real and unitary matrix of orthonormal eigenvectors and A is a diagonal matrix
of eigenvalues \; which are all positive real numbers. Equation 2.11, which describes

the radiated power in terms of [ elemental velocities, can now be written as,

W = v" QT AQu ‘ (2.27)

By defining the amplitudes of a set of velocity distributions as y = Qu, where y is

an I-length vector, equation 2.27 can be rewritten as [33],

!
W = ’yHA’y = Z )\ilyilz (228)

£
The velocity distributions defined by the eigenvectors in the columns of the @ matrix
radiate sound independently and are the same radiation modes as defined in the pre-
vious section (equation 2.24). It is again possible to calculate the total radiated power

as a sum of individual mode amplitudes squared times a corresponding eigenvalue.

The shapes of the first four radiation modes for a baffled beam, which is of vanish-
ingly small width, have been calculated using the elemental radiator approach and
are shown in figure 2.5 [33]. For this example fifty elements were used to model
the behaviour of the beam. The non-dimensional frequency kl again equals 0.1 for
comparison with the radiation modes calculated using the structural mode approach.
The shape of the first radiation mode at low frequencies is almost uniform across the
radiator and hence the amplitude of the first radiation mode is very nearly propor-
tional to the net volume velocity of the beam. The second mode is a rocking mode

(dipole type) followed by higher order modes.

The shapes of the radiation modes calculated using the elemental radiator approach
(figure 2.5) differ slightly from those calculated using the structural mode approach
(figure 2.4). The shapes of the radiation modes calculated using structural modes are
biased because in the example chosen all of the structural modes have zero displace-
ment at the ends of the beam (simply supported). To construct the first radiation
mode shape a number of sine waves (structural modes) are added together in an at-
tempt to produce a uniform displacement across the beam. This is impossible using
a finite number of sine waves and produces an effect due to the Gibbs phenomena at

the ends.
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Figure 2.5: The first four radiation mode shapes calculated from the elemental radi-
ator approach (kl =0.1).

The shapes of the radiation modes calculated using the elemental radiator approach
are determined by the eigenvectors of R and although this is a function of the ge-
ometry of the surface, it is independent of the dynamic properties of the surface.
Therefore, the structural mode content of a vibrating structure will affect the ampli-
tudes of the radiation modes but will not affect their shapes or radiation efficiencies.
The radiation mode shapes derived using the elemental radiation approach are unbi-

ased and independent of any structural dynamics.

A similar formulation to the one carried out above was presented by Photiadis [74]
and Borgiotti [9, 10] who described a region S in an acoustic field where the acoustic
pressure could be completely described by the velocity of a surface D which contained
all of the acoustic sources. They were concerned with the radiation into some specific
far-field region whereas the above formulation is concerned with global radiation. The
behaviour of the source D and the region S were approximated by a discrete number
of points and a matrix G was derived which described the pressures at m discrete
points in the region S due to the n discrete surface velocities on the radiating surface D
(figure 2.6). A singular value decomposition (instead of an eigenvector decomposition)
was performed on the matrix G to produce a set of orthogonal velocity distributions

on D that would radiate sound independently into the region S. Borgiotti [9] also

SN
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noted that these radiation modes and their radiation efficiencies were only dependent
on the geometry of the source and the region S and were independent of the structural

characteristics of the radiating surface.

Figure 2.6: Diagram from paper by Photiadis showing the radiation from a surface
D into a region S.

Snyder and Tanaka [80] also showed that the power radiated by a surface could be
described by the velocity of the surface and the acoustic pressure at the surface
(i.e. near-field parameters only). They presented the radiation mode shapes for a
baffled beam which were calculated using the summation of rather a small number of

structural modes and compared closely to those presented in figure 2.4.

2.3.3 Independence of radiation modes

The sound power radiation from a vibrating surface is a summation of the real part of
the conjugate product of the velocity and the pressure at every point on the surface
(equation 2.9). To investigate the interaction of the sound radiated from structural
modes, the pressure and velocity distributions for three structural modes have been
investigated. Only the pressure which is in-phase with the velocity will produce any
power output and therefore the amplitude of the velocity and the in-phase part of the
pressure are plotted for comparison in figure 2.7 for an excitation {requency corre-

sponding to kl = 1. The first, third and fifth structural modes for a simply supported
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baffled beam all produce pressure distributions whose real parts are nearly constant
along the length of the beam since the source is small compared to a wavelength at
this excitation frequency. The vibration of any odd structural mode will therefore
interact with the pressure distributions created by any other odd structural modes so

that
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Figure 2.7: Velocity distributions and in-phase pressure distributions (real part) due
to the first, third and fifth structural modes of a simply supported beam.

where poga() is the in-phase pressure distribution due to any odd structural mode
and v,q44(z) is the velocity distribution of any odd structural mode. There is also
similar interaction between all of the even structural modes. It is this interaction that
causes many of the off-diagonal terms in M to be non-zero. Although the velocity
distributions of the structural modes in this case are orthogonal to one another their

in-phase pressure distributions are not.

Figure 2.8 plots the velocity and the in-phase pressure distributions for the first three
radiation modes. In this case the in-phase part of the pressure distribution is spa-
tially similar to the velocity distribution. The velocity distributions are orthogonal

to all of the other vibration and pressure distributions. There is therefore no inter-
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action between the velocity distribution due to one radiation mode and the pressure

distribution due to another radiation mode and therefore,

Iy
/0 (07%(2)) )z = 0 if i # ]

(2.30)

where pl®d(z) is the in-phase pressure distribution due to the i*" radiation mode and

7
th

v']fad(a:) is the velocity distribution of the
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Figure 2.8: Velocity distributions and in-phase pressure distributions (real part) due

to the first, second and third radiation modes of a beam.

The inter-dependence of the radiation from structural modes implies that a reduction

in amplitude of one structural mode could cause an increase in the total sound power

radiation [43]. The reduction of individual structural mode amplitudes as a strategy

for controlling the total radiated sound power may therefore be unsuccessful. A

reduction in the amplitude of a radiation mode, however, guarantees a reduction in

the total sound power output. A more detailed comparison of active control strategies

wiil be presented in chapter 5.
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2.3.4 Radiation efficiencies as a function of frequency

In section 2.2.4 it was demonstrated that the self- and mutual-radiation resistances
(the matrix M) of the structural modes could be calculated from the matrix R of
specific acoustic transfer impedances and the matrix of structural mode shapes @.
The coefficients in the matrix R (and hence those in the matrix M) 'are a function
of frequency and therefore the efficiencies with which structural modes and radiation
modes radiate sound can be plotted as a function of non-dimensional frequency. The
efficiency is defined to be the ratio of the acoustic power output to the mean squared
surface velocity. For a velocity distribution v(z,y) the radiation efficiency o will

therefore be given by,

~ W,
" vz, y)dedy

where W, is the sound power due to the velocity v(z,y). If the radiator is approxi-

(2.31)

o
mated using a number of finite elements the radiation efficiency can be conveniently
calculated from the vectors v and R by,

v Ry
o= —
S.ufv

where S, is the surface area of an element. Some of the examples used in this chapter
and chapter 3 describe the radiation of sound from one-dimensional structures. For
such cases it is not possible to calculate an absolute value of efficiency without as-
suming a finite source width (i.e. S, is difficult to define). In these cases the efficiency
plots will be in arbitrary units.

The self- and mutual-radiation resistances My, Myy, Mzsz, Mz, Mys and My, for a
simply supported baffled beam are plotted in figure 2.9. The radiation resistances
are proportional to the efficiencies with which the structural modes radiate sound
although the mutual radiation resistance terms relate the efficiency with which two
structural modes radiate or absorb sound power when operating together. The odd-
odd coefficients are the most efficient radiators of sound at low frequencies and have
a 6dB per octave rise in efficiency with frequency which is similar to the efficiency

of a monopole source. The even-even coefficients have a 12dB per octave rise in
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efficiency with frequency at low frequencies which is the same as a dipole source
[67]. To estimate the sound power radiated from a baffled beam at low frequencies
the amplitudes of all of the significantly excited odd structural modes would have
to be known. At higher frequencies it is only the self-radiation resistances that are
important since in this frequency range the structural modes begin to radiate sound

independently.

|Radiation resistancel

-7 1 i
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Figure 2.9: Radiation resistances of the structural modes of a baffied beam as a
function of frequency.

The radiation efficiencies of the radiation modes as a function of frequency are plotted
in figure 2.10 and show that only the first radiation mode is dominant in the radiation
of sound at low frequencies. Higher order radiation modes become progressively
poorer at radiating sound at lower frequencies. This implies that at low frequencies
the amplitude of the first radiation mode will act as a good estimate of the total
radiated sound power in most cases. The amplitude of the first radiation mode
(figure 2.8) is almost proportional to the volume velocity of the beam. Therefore
at low frequencies a reduction in the volume velocity of a structure, which may be
achieved using an active control system, will in most cases lead to a reduction in
sound power radiation [52, 53, 54]. Cunefare [24] and Burdisso and Fuller [11] have
suggested using an active control system to drive the vibration of a structure such

~

that it matches the shape of a higher order (poorly efficient) radiation mode. This
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would have a similar effect to using an active control system to cancel the amplitude

of the lower order (efficiently radiating) radiation modes.
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Figure 2.10: Radiation efficiencies of the first three radiation modes as a function of
frequency.

2.3.5 Radiation mode shapes as a function of frequency

Unlike structural modes the shapes of the radiation modes are a function of frequency.
Figure 2.11 shows the shapes of the first three radiation modes for a baffled beam

where the non-dimensional frequency (k{) is varied from 1 to 10.

The shapes of the lower order radiation modes are the first to alter as the frequency
is increased. However, in the low frequency region where the radiation from the
first radiation mode is dominant (i.e. 15dB greater than the radiation efficiency of
the second radiation mode for kI < 1), the lower order radiation mode shapes remain
reasonably constant. The shape of the first radiation mode at kI = 1 varies by 0.015%

from the shape of the first radiation mode as kl = 0.

The shapes and efficiencies of the radiation modes of a finite beam as a function of

frequency have also been presented by Naghshineh and Koopman [70].

The shapes of the radiation modes are a function of frequency and therefore any

active control system which cancels the volume velocity of a panel, for example, will
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Figure 2.11: The first three radiation mode shapes for a baffled beam calculated from
the elemental radiator approach (ki = 1,5,10).

be cancelling an approzimation to the first radiation mode. Figure 2.12 shows the
radiation efficiencies of three fixed velocity distributions which are equal to the first
three radiation mode shapes at very low frequency (k! =-0). The interaction between
the first and third modes, resulting in the term Mjs, produces a radiation efficiency
comparable with the efficiency of the second mode. It would, in principle, be possible
to create an active control system which cancelled the outputs of a number of sensors
which measured the true amplitudes of a number of radiation modes. The spatial

sensitivity of these sensors would then have to be a function of frequency.

Using fixed shaped sensors the outputs would only be exactly equal to the radiation
mode amplitudes at a single frequency. After cancelling the volume velocity, for ex-
ample (the approximation to the first radiation mode), there would remain a residual
first radiation mode component which would radiate a similar amount of sound power
to that from the higher order radiation modes. This implies that cancelling the out-
put of many fixed shaped sensors may not achieve significant increases in attenuation
over cancelling a single sensor output for frequencies where kl is close to unity. For
frequencies where kl is much smaller than unity it is only necessary to cancel the
amplitude of the first radiation mode to achieve large reductions in the sound power

radiation and hence higher order radiation mode sensors are not required.
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Figure 2.12: Radiation efficiencies of three modes whose shapes correspond to the
first three radiation modes at very low frequency. The dotted line represents the
efficiency due to the interaction of the first and third modes.

2.3.6 Multipoles

The radiation of sound from a number of spatially separated sources or by a vibrating
surface can be represented by an equivalent set of multipoles (monopoles, dipoles,
quadrupoles etc.) acting at a single point [57, 71]. This technique should not be
confused with the decomposition of the vibration of a surface into radiation modes.
Multipoles do not radiate sound power independently. For example, the radiation
of sound power from a monopole and a quadrupole is coupled which can be very
casily demonstrated by considering at the real part of the pressure field created by
a quadrupole source which is placed close to a monopole source (figure 2.13). If the
real part of the pressure created by the quadrupole source is non-zero at the position
of the monopole then the radiation of sound power from the monopole must be due
in part to the amplitude of the quadrupole source. If the quadrupole and monopole
sources are placed coincidentally (on top of one another) then the real part of the

pressure at the position of the monopole due to the quadrupole is given in the free

field by,
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Figure 2.13: A monopole and a longitudinal quadrupole source.

Rip} = (l — sin(kd)) Zog B (2.33)

where d is distance between the sources of the quadrupole and Z, = w?pS?/2nc.
Unless kd = nw, where n is an integer, then the real part of the pressure is non zero

and the radiation is coupled.

The equivalent multipole strengths which represent the radiation from a vanishingly

thin beam can be calculated using the equation [57, 71],

l, 1% o
Qn = n_y, -, v(@)(z = z0) "da (2.34)

where (), is the n** multipole’s source strength, zo is the position of the multipole,
I, is the length of the beam which is positioned between (/2 and —I;/2, [, is the
width of the beam and v(z) describes the velocity along the length of the beam. It
should be noted that there is only a single n* order multipole for this one dimensional
source distribution. To calculate the multipole strengths the velocity distribution v(z)
multiplied by the relevant term (z — z)" " is integrated over the length of the beam.

If for instance zo = 0 then these terms form a set of functions (1, z, 2% 2%, ...).

The equivalent multipole expansions which represents the radiation from the radiation
mode shapes of a baffled vanishingly thin beam, where the multipole expansion is
taken at the centre of the beam, are shown in figure 2.14. The multipole source which
is equivalent to the first radiation mode (volumetric mode) has even-pole strengths

i.e. monopole, quadrupole etc.) which are constant with frequency but decreasin
» 9 q y g
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Figure 2.14: The first six equivalent multipole source strengths which represent the
radiation from the first six radiation modes for a vanishingly thin beam.

with multipole order. Similarly the second radiation mode will have equivalent odd-
pole source strengths which are constant with frequency but decreasing with multipole
order. The equivalent multipole to the third radiation mode has a monopole strength
which increases with frequency and the amplitude of the other even-poles remain
relatively constant. Higher order radiation modes, for example the fifth radiation
mode, have equivalent lower order multipole source strengths that roll off at different

rates with the lowest order multipole source strength rolling off at the fastest rate.

The first radiation mode contributes to all of the even multipole source strengths but
is the only significant contributor to the monopole source strength at low frequencies.
The second radiation mode will contribute significantly to all of the odd multipole
strengths but is the only significant contributor to the dipole source strength at low
frequencies. To accurately calculate the source strengths of the first n multipoles
at low frequencies it would thus only be necessary to consider the first n radiation

modes.

Nelson et al. calculated the minimum power output for a single monopole source radi-



ating into free space which was actively controlled by a number of secondary sources
[72]. One of the examples taken was a configuration very similar to a longitudinal
quadrupole source, where the source in the centre acted as a primary source and the
two outer sources acted as secondary sources. The minimum power output of this
configuration, W,,;,, was found to be substantially less than the power output of
a longitudinal quadrupole source, W,.qa. At low frequencies the ratio of minimum
power output of the array to the power radiated by the monopole source alone, W, 0,
was calculated as Wi/ Wimono = (kd)*/45. The ratio of the power radiated by the
quadrupole source to the power radiated by the monopole source however was calcu-
lated as Wuad/Winono = (kd)*/20 where d is defined in figure 2.13 and it is assumed

that d is very small compared to a wavelength.

The radiation mode shapes and efficiencies for this three-source configuration can be
calculated by performing an eigenvector/eigenvalue decomposition on the three by
three matrix of transfer impedances R, which is calculated using equation 2.13. The
amplitudes of the radiation modes and the sound power radiation from each mode
can then be calculated for a given source strength distribution. There are only three
radiation modes and if the amplitudes of these modes are denoted yy, y2 and ys then

the total radiated power can be written as (equation 2.28),

W= Mlylf + Aalyl; + Aalyls (2.35)

where A;, Ay and A3 are the radiation efliciencies of the radiation modes, which are
plotted in figure 2.15 as a function of kd. At low values of kd the radiation efficiencies
vary as (kd)** where n is the mode order. From figure 2.15 it is observed that at
low frequencies the radiation efficiency of the third radiation mode is related to the

radiation efliciency of the first radiation mode by the expression,

2 ‘
As = ——(kd)* ) 2.36
3 405( ) A (2.36)

From the shapes of the radiation modes it is possible to calculate the contribution of
a given source strength distribution to the three radiation mode components. If the
source in the centre has a source strength denoted ¢, and the two outer sources have

identical source strengths given by gs1 = ¢s2 = ¢, then it is found that the amplitude
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Figure 2.15: Radiation efficiencies of the three radiation modes of a three source
configuration as a function of non-dimensional frequency.

of the first radiation mode can be approximated, for small values of kd, by,

G (kd)? 25 |, (kd)*
yjm\/g{l,+ 3 }—{—ﬁ[] T } (2.37)

For a source strength distribution which corresponds to a monopole source, i.e. g5 = 0,
the power radiated is dominated by the first radiation mode component. At low values
of kd the amplitude of the first radiation mode component can be approximated by
Yimons = % since higher order terms in kd can be ignored (equation 2.37). Irom
equation 2.35 the power output can then be calculated as W, pn, = A—"—gﬂz—

For a source strength distribution which corresponds to a quadrupole source, i.e.
gs = —q,/2, the second radiation mode component has an amplitude of zero since
the source distribution is symmetric. The amplitude of the third radiation mode
component is a constant for low values of kd and is given by y3 = \/gqp. Using
equation 2.37 the amplitude of the first radiation mode component for the quadrupole
source can be calculated as i, = %qp. The power output of the quadrupole source
can therefore be written in terms of the power radiated by its first radiation mode

component (W) plus the power radiated by its third radiation mode component (Ws)

and these are given by,
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kd)* ,  (kd)? N
VV] = )\]7}]12 = <—16§-/\} (]p‘z = T‘/Vmono (23?})
and using equation 2.36,
kd)* (kd)*
Wy = A 2:( A = mono X
3 3Y3 135 19| 45 W, (2.39)
such that,
)4
Wiiaa = Wi + Wy = (kd) W ono (2.40)

It should be noted that the numbers quoted in the equations above are all limiting

values for kd = 0.

In the limit of kd = 0 the power radiated by the third radiation mode component of
the quadrupole source (equation 2.39) is the same as the power radiated by the source
distribution for which the power output is minimized. The fact that Wy, = W3
implies that the action of the secondary sources is to cancel the amplitude of the first
radiation mode component. Nelson et al. calculated the optimal secondary source
strengths ¢s, which minimize the sound power output due to the primary source

strength ¢, in the limit of kd = 0, as,

1 kd)*
(]SO: _qp {3—{—%} (241)

r4

By setting ¢, equal to ¢s, and substituting into equation 2.37 it can be shown that the
amplitude of the first radiation mode is zero to order (kd)* and therefore it is only the
third radiation mode component that radiates sound for this source distribution as
kd = 0. In the limit of kd = 0 the distribution of source strengths which minimizes
the total radiated sound power is thus equivalent to the third radiation mode for this

source configuration.

2.3.7 Wavenumber expansions

The radiation of sound from a vibrating surface into an adjacent fluid can also be

considered in terms of wave propagation. A structural wave travelling along the
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surface of the structure will create a velocity distribution in the fluid which travels
parallel to the surface at the same speed as the structural wave (figure 2.16). The
acoustic and the structural wave are therefore matched at the surface of the structure
and the angle at which the acoustic wave propagates is dependent upon the speed
of sound in air and the speed of the structural wave. If the structural wave on an
infinite structure travels slower than the speed of sound in the fluid then there will
be no sound radiated into the far-field because there is no angle at which the acoustic
wave and the structural wave are matched and only a near-field disturbance will be
created. Structural waves which travel faster than the speed of sound in the fluid are
said to be supersonic and those which travel slower than the speed of sound in the

fluid are said to be subsonic.

Acoustic wave
propagation

Structural wave
propagation

Structural wavelength

Structure

Figure 2.16: A structural wave radiating into a fluid where the structural wavespeed
¢, is faster than the speed of sound in the fluid c.

For a given surface velocity distribution v(z) the wavenumber components F'(k) can

be calculated by using a Fourier integral [38].

F(k) = /M o(z)e" i dz (2.42)

iaie o)

The Fourier integral of a harmonic structural wave travelling on an infinite surface

will produce a single delta function in the wavenumber domain. If the surface is
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finite then, in effect, a rectangular window is placed over the function and this has
the effect of spreading the spectrum of the signal in the wavenumber domain. This
causes waves which travel subsonically on an infinite surface and therefore radiate no
sound, to produce supersonic components when the surface is finite i.e. the signal is

windowed.

Figure 2.17 shows the wavenumber transform for the first six structural modes of a
simply supported beam of length [ and having vanishingly small width. For a given
frequency of vibration w there will be a cut-on wavenumber ko = % below which all
of the wavenumber components are supersonic and will radiate sound. In the low
wavenumber region, kl < 1 for example, the odd ordered structural modes have a
significant wavenumber content and therefore all radiate sound to a similar degree.
The wavenumber content of the even modes falls off at low values of k and therefore
become increasingly inefficient at radiating sound at low frequencies. Figure 2.18
shows the wavenumber content of the first five radiation modes for kol = 0.3 and as

shown the wavenumber amplitudes become increasingly lower as the radiation mode

order increases.

1 (1

Amplitude

\ L L I L

! !
0 0.2 0.4 0.6 0.8 i 1.2 1.4 1.6 1.8 2
Wavenumber (111}

Figure 2.17: The wavenumber transform for the first six structural modes of a simply

supported beam.

The shapes of the radiation modes remain reasonably constant for all kol < 1, as

described in section 2.3.5, and therefore their wavenumber spectra will also be sim-
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Figure 2.18: The wavenumber transform for the first five radiation modes of a baffled
beam where kgl = 0.3.

ilar. As kgl becomes very small and so ky < 1/ the only radiation mode with a
significant supersonic component will be the first. The wavenumber spectrum of the
first radiation mode is a sinc function if kgl < 1 but the first zero of this function is

beyond the range of k plotted in figure 2.18.

2.4 Conclusions

In this chapter an analysis of the radiation of sound from vibrating surfaces has
been presented. Both near-field and far-field method for calculating the sound power
radiation have been described. The near-field method for calculating the sound power
radiation provides a straight forward way of numerically calculating radiated power.
The integration of the pressure squared levels in the far-field does not often yield an
analytical solution and it is generally necessary to employ numerical methods which

can be more complicated than those using the near-field method.

It is convenient to describe the vibration of structures as a combination of a set of
structural modes. In terms of the vibration, each structural mode responds almost

independently and the vibrational energy in each mode in separated. The convenience
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of viewing the vibration of a structure in terms of structural modes does not carry
over to the radiation of sound. The acoustic radiation from each structural mode
is coupled to the radiation of other structural modes. To interpret the radiation of
sound, the engineer must not only consider the amplitudes of all of the structural
modes but must also consider their inter-relationships. Alternatively, the vibration
of a structure can be viewed in terms of a set of radiation modes which radiate
sound independently. The shapes of the radiation modes can be derived from the
structural mode shapes or more fundamentally from an elemental radiator approach.
The properties of the radiation modes are unaffected by the structural properties of
the system and are only dependent upon the geometry of the surface and the acoustic

environment into which they radiate.

Radiation modes can also be viewed in terms of their multipole expansions. At low
frequencies, the first radiation mode has the only significant monopole strength, the
first and third radiation modes have the only significant quadrupole strengths etc.
This is also true for the even modes where the second radiation mode is the dominant
contributor to the dipole moment. Therefore, the amplitudes of the first n multipoles

will be accurately described by the first n radiation modes at low frequencies.

At low frequencies where the source is considerably smaller than an acoustic wave-
length the first radiation mode is much more efficient at radiating sound than the
higher order radiation modes. Many structural modes however, will radiate sound
with similar efficiencies and with large inter-modal coupling. For example, all of the
odd modes of a simply supported beam have significant wavenumber amplitudes at
low values of k. However the radiation modes exhibit progressively smaller wavenum-
ber amplitudes at low values of k as the radiation mode order increases. In the low
frequency region the amplitude of the first radiation mode is well approximated by
the volume velocity of the structure and by reducing the level of the volume velocity
and hence the first radiation mode, large reductions in the sound power radiation
could be achieved. Volume velocity cancellation as a technique for controlling sound
power radiation will be developed more fully in chapter 5 of this thesis. Attempting
to reduce the sound power radiation by measuring and altering the amplitudes of the

structural modes is a far more complex undertaking.

Radiation modes can be useful in designing both active and passive methods for
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reducing the sound radiation from vibrating structures. Naghshineh showed that
secondary actuators could be used to control the efficiently radiating radiation modes
and therefore reduce the sound radiated from a beam [69, 70]. Snyder and Tanaka
[80] suggested creating radiation mode sensors which would directly measure the
amplitude of a radiation mode and could be used as error sensors in an active control
system. Active control of the output of a distributed volume velocity sensor can
thus be considered as the limiting case of Snyder and Tanaka’s strategy. In terms
of passive control, Naghshineh et al. [68] showed that a beam could be tailored to
have a structural mode shape that corresponded to the shape of a poorly efficient
radiation mode. This was achieved by changing the cross-sectional area of the beam
as a function of distance along the beam. Therefore, a beam could be designed such
that the structural modes of the beam would correspond to poorly rédiating radiation

modes and hence be inherently “weak radiators” of sound.
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Chapter 3

Properties of radiation modes

3.1 Introduction

In this chapter the properties of radiation modes are investigated, for radiation from
various types of sources into various types of acoustic field. The complexity of an
active control system which achieves good attenuation in sound power radiation from
a source, is dependent upon the number of significantly radiating radiation modes.
It is therefore important to examine various radiation conditions to determine the
number of efficiently radiating radiation modes and to calculate their dependence on

frequency.

3.2 Radiation modes and radiation into infinite

spaces

3.2.1 Radiation into one-dimensional fields

Consider the radiation of sound into an infinite duct which 1s assumed to have a van-
ishingly small cross-sectional area such that the acoustic field acts one-dimensionally
(figure 3.1). The excitation is assumed to be harmonic and the time dependence term
eIt will be suppressed in the following equations. The complex pressure field created

by the radiation from a compact vibrating element placed in a duct is given by [71],
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PoCVSe . .
(’1?) = ——92“5;{:-6 ik (31)

po is the density of the acoustic fluid, ¢ is the speed of sound, v is the complex velocity
of the source, S, is the surface area of the elemental source, Sy is the cross-sectional
area of the duct, k is the wavenumber and the pressure in the duct p(:z:) is a function
of » which is the distance between the source and the observer at z. The pressure
does not reduce with distance as it does in the free-field case because the field is

contained and there is no spherical or circular spreading.

Infinite duct

Plane wave in - v(x) _)Plane wave in
negative X | . positive X
direction direction

Line radiator

9 0 12

Figure 3.1: A line source radiating into a one-dimensional duct.

Consider a line source of length [ radiating into the duct at a single frequency. If this
source is approximated using a finite number [ of equally sized and spaced elements

then the coefficients of the impedance matrix Z (equation 2.10) can be calculated as,

r pOCAgg _k . <
Zij = 8T 3.2

where r;; is the distance between the i** and j** elements. The coefficients of the
radiation resistance matrix R, which is the real part of the impedance matrix Z

(equation 2.11), can then be written as,

R;; = </)0C:S'C> COS(:IW’M) (33)
J 25({ .

The radiation mode shapes and efliciencies can then be calculated from the eigen-
value/eigenvector decomposition of R. The radiation of sound into an infinite one-
dimensional duct at a single frequency is a unique case because the pressure in the
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far-field (i.e. at the ends of the duct) can be completely described using only two
wave amplitudes. Therefore only two independent sources are necessary to create
any desired far-field condition. The matrix R has rank 2 in this case and therefore
only two radiation modes exist. The efficiencies of these two modes, as a function of
frequency, are shown in figure 3.2. The efficiency of the radiator is dependent on the
cross-sectional area of the duct and for convenience the area is adjusted such that the

efliciencies of the radiation modes tends to unity at high frequencies.

Radiation efficiency {(units)
S

;
10” 10° 10
Non-dimensional frequency

Figure 3.2: Radiation efficiencies of the two radiation modes for a line source (one
dimensional beam) radiating into a duct as a function of non-dimensional frequency.

The shapes of the two radiation modes, when kl is equal to 0.1, are shown in figure 3.3
and correspond to a piston source, which generates two in-phase pressure waves in
both directions along the infinite duct, and a “dipole” type source which generates
two out of phase plane waves but much less efficiently. The radiation mode shapes
for the high frequency case where kl = 7 are shown in figure 3.4 The shapes of the
two radiation modes are found to have the form cos(kz) and sin(kz) and this can be
shown analytically. The real part of the pressure R(p(z)) for a line source (R denotes

the real part of) is given by,
n
Rip(z)) =C /j v(z") cos(k(z — 2'))dz’ (3.4)
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Figure 3.3: The shapes of the two radiation modes where ki = 0.1.
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where v(2') is a general velocity distribution and C = pocl,, /254 where 1, is the width
of the source. Two solutions are assumed for the radiation mode shapes such that
vi(z') = acos(ka’) and vy(2') = fsin(kz’). The mode shape vy is substituted into
equation 3.4 to obtain the in-phase pressure distribution due to the first radiation
mode.

R(pi(z)) = aC [~ cos(ka')cos(k(z — z"))da’ (3.5)

“JIL 0]~

This integral can be divided into two separate parts by using the trigonometric re-
lationship 2 cos(A)cos(B) = cos(A + B) + cos(A — B). The resulting integral then

becomes,

Ripi(2)) = {iijzﬂﬁ} oC cos(kz) (3.6)
As has been shown in section 2.3.3, the real part of the pressure distribution due to a
radiation mode must have the same spatial dependency as the velocity distribution.
Equation 3.6 shows that the real part of the pressure varies spatially with a cos(kz)
dependence. It is therefore spatially similar to the velocity distribution v(x) and
must be an eigenfunction (or radiation mode) of equation 3.4. The ratio of the real
part of the pressure to the velocity is a constant for a given frequency (eigenvalue)

and is proportional to the radiation efficiency. This ratio is given by,

Ripi(z)) . |kl sin(kl)
it (37)

This ratio tends to Cl at low values of £ and to C1/2 at high values of k.

The above calculation can be undertaken for the second velocity distribution ve(z')

and the resulting ratio (eigenvalue) is given by,

Ripz(z)) |kl —sin(kl) .
vo(z) ¢ [ 2k } (3:8)

As k tends to zero the pressure/velocity ratio for the second radiation mode becomes,

R(p(z) _ o, {W} (3.9

v2(w)



This ratio accounts for the poor radiation efficiency of the second radiation mode
where kI is small, as seen in figure 4. At high values of k& this pressure/velocity ratio

also tends to C1/2.

In principle, the total sound power output of any source radiating into an infinite
duct can be reduced to zero using a two channel active control system. 'If the primary
source is small compared to an acoustic wavelength and has a significant monopole
component then a single secondary monopole source placed very close to the primary

will be able to achieve large attenuations in the sound power radiation.

3.2.2 Radiation into two-dimensional fields

Consider the radiation from a source into an infinite two-dimensional field so that
the acoustic wave created by a point source spreads outwards as a circle of increasing
radius (figure 3.5). Such a point source will create a harmonic pressure field which

has an in-phase component of the form [84],

Rip(r)} = AlJo(kr)]v (3.10)

where the time dependence e?“* has again been suppressed, Jy is a zeroth order bessel
function of the first kind, r is the distance between the observer and the source, v
is the velocity at the source’s surface and A is a constant that is dependent on the
particular physical example. Examples of such two-dimensional acoustic fields are the
radiation from a source in very shallow water of constant depth [84], the radiation
from a source in a plane parallel waveguide [84] and the radiation from an infinitely
long pulsating cylinder [67].

Similarly, an infinite plate which has a surface velocity due to bending waves travelling
in two-dimensions has an in-phase component of the surface velocity due to a point

force of the form [47],

Riv(r)} = BlJo(kr)] [ (3.11)

where B is a constant and v is the velocity of the surface due to the force f. The

radiation modes for this example have been investigated by Bardou et al. [5, 6] and
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Figure 3.5: Radiation into a two dimensional field.

are similar to those for the acoustic case.

The radiation of sound/vibration into a two-dimensional field due to a distributed
source can be approximated by a number of point sources. A matrix /2 which rep-
resents the real part of the transfer impedances between these point sources will be

given by,

Rij = AlJo(krij)] (3.12)

where r;; is the distance between the ¢ and j™* elements and A is a constant.
The radiation mode shapes and efficiencies can then be calculated from the eigen-

value/eigenvector decomposition of the matrix R.

A line radiator

In this section the radiation from a number of elemental sources which are arranged in
a line on the two dimensional plane shown in figure 3.5 are investigated. The matrix
R can be calculated for a number of frequencies and the radiation efficiencies of the

radiation modes can be derived.

The radiation efficiencies of the first four radiation modes as a function of frequency
are shown in figure 3.6. Fifty equaliy sized and equally spaced elements were used
to approximate the radiation from the line radiator. For this configuration there
are fifty radiation modes which at low frequencies become increasingly less efficient

at radiating sound as the mode order increases. The first radiation mode has a
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Figure 3.6: The radiation efficiencies of the first four radiation modes for a line source
radiating into a two-dimensional field.
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Figure 3.7: The radiation mode shapes of the first four radiation modes for a line
source radiating into a two-dimensional field.
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radiation efficiency which is proportional to (kl)* at low frequencies and higher order
radiation modes have an efficiency which is proportional to higher order terms i.e.
(k)*, (k1)S...(kl)>™ where n is the mode order. There are in principle an infinite
number of radiation modes for a continuous source but only the first fifty can be
calculated by modelling the radiation using fifty elements. The shapes of the first
four radiation modes for kl = 0.1 are shown in figure 3.7. At low frequencies the first
radiation mode is by far the most significant radiator of sound and its amplitude is
well approximated by the volume velocity of the structure. In most cases, a reduction
in the volume velocity of the structure will, in the low frequency region, cause a
large reduction in the sound power radiation. A multichannel control system could
in principle use additional secondary sources to control additional radiation modes.
For this example where each higher order radiation mode is signiﬁcz;ntly less efficient
than the lower order radiation modes (figure 3.6) each additional secondary source

should achieve significant additional attenuation.

A rectangular radiator

All real sources have a finite width and the radiation from a one-dimensional line
source defines the limiting case for a very long thin radiator. A more realistic source
is a rectangular radiator, which can be approximated using a number of elements and
for the results presented here a 12 x 12 grid of elements was used. The rectangle had
a width to length ratio of 0.89. The radiation efficiencies of the first seven radiation

modes as a function of non-dimensional frequency are shown in figure 3.8.

With the exception of the first mode, the radiation modes are grouped into sets of
two. These sets of modes become increasingly inefficient at radiating sound as the
frequency decreases. At low frequencies the first radiation mode is again by far the
most efficient radiator of sound. The first radiation mode has a radiation efliciency
which is proportional to (kl)? at low frequencies and higher order radiation modes
have an efficiency which is proportional to higher order termsi.e. (kl)*, (kl)°... (k[)*"
where n is the mode order. The shapes of the first four radiation modes are shown
in figure 3.9 where the first radiation mode is a piston type mode at low frequencies
and therefore its amplitude is well approximated by the volume velocity of the source.

The next two modes, which are of the same order, are rocking modes (dipole type)
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Figure 3.8: The radiation efliciencies of the first seven radiation modes for a rectan-
gular source radiating into a two-dimensional field.

followed by a quadrupole type mode. At high frequencies, where the source becomes
large compared to a wavelength, many of the radiation modes begin to radiate sound
efliciently.

The efficiencies of the radiation from two radiation modes of the same order are
slightly different due to the radiator being non-square. As the length to width ratio
becomes larger the separation between the efficiencies of two modes of the same order
increases. In the limit of the ratio tending to infinity the efficiencies become those of
a line radiator.

For this example an additional control channel in a multichannel control system will
not necessarily lead to a significant increase in attenuation. If a two channel control
system were used to cancel the first two radiation modes then the third radiation
mode, which has a similar efficiency to the second radiation mode, would dominate
the sound power radiation from the structure. It would require a three channel
control system to cancel both of the second order radiation modes and lead to a
significant increase in attenuation. Additional increases in attenuation would require

two additional channels in the control system.
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Figure 3.9: The radiation mode shapes of the first four radiation modes for a rectan-
gular source radiating into a two-dimensional field.

3.2.3 Radiation into three-dimensional fields

This section will look at the radiation of sound into an infinite three-dimensional
field. The theory used to calculate the radiation modes for sources radiating into

three-dimensional space is given in section 2.2.3 of this thesis.

A line radiator

The radiation from a line source into a three-dimensional field has been covered briefly
in chapter 2 but will be repeated here. The shapes of the first four radiation modes for
a line source (e.g. a baffled beam, which is of vanishingly small width) are calculated
by modelling the source using fifty elements. The resulting shapes, where the non-
dimensional frequency kl equals 0.1, and are shown in figure 3.10 [25, 33]. The shape
of the first radiation mode at low frequencies is almost uniform across the radiator
and hence the amplitude of the first radiation mode is very nearly proportional to the
net volume velocity of the beam. The sccond mode is a rocking mode (dipole type)
followed by higher order modes. These are very similar to the radiation mode shapes

for a line radiator radiating into a two-dimensional field (figure 3.6).

The radiation efficiencies of the first 4 radiation modes as a function of frequency



are shown in figure 3.11 with each higher order mode have a larger rate of change of

efficiency with frequency i.e. (kl)*™ where n is the mode order.
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Figure 3.10: The first four radiation mode shapes for

three-dimensional free-field(kl = 0.1).
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Figure 3.11: The radiation efficiencies for the first four radiation modes for a line
source radiating into a three-dimensional field.

52



A rectangular radiator

In this section the radiation from a baffled rectangular radiator into a three-dimensional
hemisphere is considered. The radiator is approximated by a 12 x 12 grid of elemental
radiators whose width to length ratio is 0.89. Figure 3.12 shown the radiation efficien-
cies of the first ten radiation modes for a rectangular surface radiating i'nto free space.
The radiation modes are grouped into sets with the same rate of change of efficiency
with respect to frequency when kl < 1 i.e. are of the same order. These groups are
of increasing size 1,2,3,4, ... with each larger set becoming increasingly ineflicient at
radiating sound at low frequencies i.e. (k[)*" where n is the mode order. A mul-
tichannel control system will in this example require progressively larger additional

numbers of secondary sources to achieve each additional increase in attenuation.
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Figure 3.12: The radiation efficiencies of the first ten radiation modes for a rectangular
source radiating into a three-dimensional free-field.

The shapes of the first six radiation modes are shown in figure 3.13. Most of these
mode shapes look similar to the radiation mode shapes for a rectangular radiator
radiating into a two-dimensional field (figure 3.9) with the exception of mode shape
6 which does not exist for the case of the two-dimensional field. The existence of

this and other additional modes for the three dimensional case will be considered in

section 3.3.



Currey and Cunefare [27] have calculated radiation mode shapes for baffled rectan-
gular panels using boundary element techniques and their work closely supports the

results presented here.

It should be noted that the radiation from a baffled source on a plane into a hemi-
spherical space is of exactly the same form as that of an unbaffled source into a full

three-dimensional spherical space if the velocity on either side of the source is identical

and opposite.
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Figure 3.13: The radiation mode shapes of the first six radiation modes for a rectan-
gular source radiating into a three-dimensional free-field.

A transparent cuboid radiator

A transparent cuboid radiator is used as an example of a three-dimensional radi-
ator and 1s approximated by using a 6 x 6 x 6 grid of elemental radiators. The
length:width:height ratio is 1:0.89:0.82. For simplicity the radiator is assumed to
be transparent and therefore the pressure at one element due to the radiation from
another element is considered to be the same as if the two elements were in a free
field. This allows easy calculation of the impedance matrix Z. The radiation effi-
ciencies of the first nine radiation modes for this three-dimensional radiator radiating

into free space is shown in figure 3.14. The radiation modes are arranged in to sets



of increasing size such that each higher order set contains two additional modes (i.e.
1,3,5,7,...). Asimple graphical representation of the first four radiation mode shapes
at low frequency is given in figure 3.15. The first mode is a monopole type source

with the next three modes being dipole type sources.
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Figure 3.14: The radiation efficiencies of the first nine radiation modes for a trans-
parent cuboid source radiating into a three-dimensional free-field.
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Figure 3.15: The first four radiation mode shapes for a transparent cuboid radiator
radiating into free space at low frequency.

For this example it would require three additional secondary sources to gain a sig-
nificant increase in_attenuation over a single channel control system. An additional

increase in attenuation would then require five more secondary sources to cancel all

of the five third order radiation modes.
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3.3 Directivity properties and intensity fields

The number of radiation modes with the same order is dependent on both the di-
mension of the radiator and the dimension of the acoustic (or vibration) field. In
an attempt to understand the reasons for this behaviour some of the properties of

radiation modes will be developed in more detail.

The time-average intensity fields created by the radiation of sound from a vibrating
beam are shown in figure 3.16 where the non-dimensional frequency (kl) is equal to
one [39]. The top lefthand graph shows the intensity field for the radiation from the
first structural mode of a simply supported beam. At this frequency the power output
at every point on the surface is greater than or equal to zero. However, for the third
structural mode (top righthand graph) the centre third of the surface is absorbing
energy, even though the output of the two sides is positive, and there is circulation in
the intensity field. The sound power which reaches the far field perpendicular to the
surface will have been radiated by two spatially separated areas on the surface of the
beam. The bottom lefthand and bottom righthand graphs in figure 3.16 shown the
radiation from the first and third radiation modes where the sound power radiated
by every part of the surface is greater than or equal to zero for both modes and
there is no circulation in the intensity field. This property appears to be true for all
radiation modes. In section 2.3.3 it was shown that the in-phase part of the acoustic
pressure due to a radiation mode had the same spatial variation as the velocity of the
surface due to that radiation mode. This implies that the acoustic power radiated by
every part of the surface must be greater than or equal to zero. Therefore there is no
absorption of acoustic energy by any part of the surface for a radiation mode. The
acoustic energy thus appears to flow directly outwards from the surface into the far-
field without any circulation in the intensity field. Since there is no circulation in the
intensity field the number of lobes in the far-field directivity pattern for a radiation
mode must be the same as the number of sections in the radiation mode shape which
are divided by points of zero velocity (stationary points). This is clearly not the case
for structural modes since, as shown in the top righthand graph of figure 3.16, there
are two stationary points on the surface but there is only a single lobe in the far-field

directivity pattern.
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Figure 3.16: The intensity fields produced by the radiation from the first and third
structural modes of a simply supported beam and the first and third radiation modes
for a beam.

The radiation mode order for a two-dimensional radiator is defined by the number
of stationary lines in the radiation mode shape where the stationary lines are lines
of zero velocity on the radiator surface. Figure 3.17 shows the stationary lines for
the sixth radiation mode of a rectangular radiator, radiating into an infinite three-
dimensional space and also the far field directivity pattern for this mode. There are
only two stationary lines for this mode, one on the top face and one on the bottom
face and hence there are only three lobes. This radiation mode does not exist for
the radiation of a rectangular radiator into a two-dimensional field because the third

dimension is necessary to allow energy to flow from the top and bottom of the baffled

surface.

For the radiation modes of a three-dimensional source stationary planes have to be
considered instead of stationary lines. The radiation modes for a three-dimensional
source are grouped into larger sets because we can include stationary planes along
the z — y axes. Figure 3.18 shows the far-field radiation directivity from the fourth
radiation mode for a transparent cuboid radiator which is of order 2 and shown in
figure 3.15. This mode cannot exist for a two-dimensional baffled radiator placed in

the  — y plane because the generation of this mode requires that elements on the top
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Figure 3.17: The stationary lines and the far-field directivity of the sixth radiation
mode of a rectangular radiator radiating into free-space.
and bottom of the plane act out of phase with each other to generate a dipole type

source in the z direction.

3.4 Radiation modes and radiation into enclosures

All of the earlier sections in this chapter have dealt with the radiation of sound into
infinite spaces. However, many noise problems occur in enclosed spaces and this

section will deal with the radiation of sound into enclosures.

3.4.1 General theory

The pressure field in an enclosure at low {requencies can be approximated by the
summation of a finite number N of acoustic modes. These modes have defined spatial
variations that are fixed and are not a function of frequency for a locally reacting
boundary whose properties do not change with frequency. It is assumed that the
radiation of sound from a source at the enclosure boundary can be approximated,
as in the free-field case, by a number of elemental radiators. The pressure at the i*"

elemental position will be defined as,

o
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Figure 3.18: The far-field directivity pattern of the fourth radiation mode for a trans-
parent cuboid radiator radiating into free space.

N-1
P = Z bnz/}n<17i7yi>zi> (3~13)
n=0
where z;,y;, z; define the spatial position of the ¢** element, b, is the complex ampli-

h

tude of the n* mode and 1, is the n* acoustic mode shape of the enclosure.

If the sound in the enclosure is due purely to the I elemental sources which are

assumed small compared to a wavelength, then the amplitude of the n'* acoustic

mode can be approximated as,

I
by = Ap Y n(mis yiy zi)vi = Aptplo (3.14)
=1

where ¥, is an I-length vector of the pressures due to the n'* mode at the I elemental
positions, v; is the velocity of the i** element, v is an I length vector of elemental
velocities and A% is the complex resonance term for the n** acoustic mode and is a

function of frequency. The complex resonance term is given by [71],

wSepoc?
A® = 3.15
"V RCrionw — (w2 — w2)] (3.15)

1

where w is the frequency of excitation, w, is the resonant frequency of the n** mode,

=
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S. is the elemental area and ¢, is the damping ratio for the n** mode. If the excitation
frequency is close to the resonant frequency of the mode, then the complex resonance

term will be large and real.

The complex resonance term quoted above is not used to model the zeroth order
acoustic mode because the natural frequency of the zeroth order mode is zero (wg = 0)
and hence the damping would also be zero. To make the response at low frequencies
more realistic this mode is given a damping equal to half the damping of the first

resonant mode 1.e.

wSepoc?

Al = (3.16)

V{(wiw — jw?]
where (; is the damping ratio for the first resonant mode and w; is the natural
frequency of the first resonant mode.

Equation 3.13 and equation 3.14 can be combined in matrix form to calculate the

vector of pressures p at the I elemental positions due to the velocity of the elements.

p=Wb=WAYTy (3.17)

The vector b defines the amplitudes of the N modes, the I by N real matrix ¥ defines
the pressures due to the N modes at the [ elemental positions and A® is an N by N

diagonal matrix of complex resonance terms.

The total power output is given by equation 2.9 and can be rewritten as,

W = g—R(va) = g—vHBPR(A“)WTv (3.18)

The radiation mode shapes can be calculated by the eigenvector/eigenvalue decom-
position of WR(A*)¥T. The coefficients in A* will determine how the shapes of the
radiation modes will vary with frequency. If a single mode dominates at a single
frequency then the radiation mode shapes will be largely determined by the shape of

that acoustic mode at the surface of the source.

60



3.4.2 Finite ducts

Consider the radiation of sound into a finite duct by a line source which is placed
along a section of a duct (figure 3.19). For this example the ratio of the source length
to duct length is chosen to be 0.2 where the total length of the duct is L and the

source is placed between z = 0.3/L and z = 0.5/ L.

Finite duct

- l i
v(x)
- Line source
E .' f % > X
0 0.3/L 0.5/L L

Figure 3.19: A line source of length [ = 0.2 radiating into a finite duct.

As was show in section 3.1 an infinite duct has only two radiation modes and the far
field pressures can be totally described using only two source strengths. By making the
duct finite, the enclosure becomes an infinite degree of freedom system and an infinite
number of acoustic modes are required to perfectly describe the internal sound field.
An infinite number of radiation modes would also be required to perfectly describe

the radiation from a distributed source placed in the finite duct.

Figure 3.20 shows the radiation efficiencies of the first five radiation modes for the
line source placed in the duct as a function of non-dimensional frequency kI. The
radiation efficiencies of the radiation modes in this case, unlike all of the free-field
cases, vary at the same rate (with respect to frequency) at low frequencies except for
the first radiation mode. This is due to the dominance of the zeroth order acoustic
mode, which is a special case since it is the compliant mode whose amplitude is
entirely due to the change in the volume of the enclosure. At low frequencies the
higher order radiation modes do not have any volumetric component and therefore

cannot couple into the zeroth order acoustic mode.

For an enclosure, the variation of pressure with distance is specified by the shapes of

the acoustic modes which are independent of frequency. Any velocity distribution will
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couple into the acoustic mode shapes to the same extent regardless of the frequency i.e.
¥Ty = constant. The only variable factor is due to the complex resonance terms A°.
If the shapes of two higher order radiation modes remain reasonably constant at low
frequencies then their coupling with the acoustic modes will also remain reasonably
constant and their radiation efficiencies will both fall off at the same rate as the

complex resonance terms i.e. proportional to (kl)*.
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Figure 3.20: The radiation efficiency of the first five radiation modes as a function of
frequency for a line source of length [ = 0.2L in a finite duct of length L.

The efficiency of the first radiation mode at higher frequency is highly dependent
on the resonances in the duct. Equation 3.18 and equation 3.15 show that close to a
resonant frequency the matrix A* will be dominated by a single large coeflicient. The
shape of the first radiation mode when the excitation frequency is close to a resonant
frequency of the mode in the duct is therefore dependent upon the shape of this
dominant mode. This is demonstrated by comparing the shape of the first radiation
mode at a resonant frequency with the pressure distribution over the surface of the
source due to that resonant mode. The shape of the first radiation mode at the
first three resonances is shown in figure 3.21 (top graphs) and closely match the
pressure distributions (bottom graphs) due to the first, second and third acoustic

modes respectively.
The shapes of the first four radiation modes are shown in figure 3.22 where Al = 1

62



1st resonance 2nd resonance 3rd resonance

0.4 0 0
-0.05
0.3
= = ~0.1 2»0.1
802 £-0.15 3
2 2 2
-0.2 -0.2
0.1
-0.25
0 -0.3
0.3 0.4 0.5 0.3 0.4 0.5 0.3 0.4 0.5
X X X
1st acoustic mode 2nd acoustic mode 3rd acoustic mode
0.6 0 ]
-0.2 -0.2
Fo) 0.4 [0 @
= 5-04 5 -04
X = -0.6 = -0.6
Ty o o
~0.8 ~0.8
0 -1 -1
0.3 0.4 0.5 0.3 0.4 0.5 0.3 0.4 0.5
X X X

Figure 3.21: The shape of the first radiation mode for a source radiating into a
duct at excitation frequencies corresponding to the first three resonances of the duct,
compared with the pressure in the first three acoustic mode shapes of the enclosure
over the source.

which corresponds to a non-resonant frequency. The radiation mode shapes are not

dissimilar to those for the radiation by a line source radiating into an infinite two or

three-dimensional field.

The difference in the radiation efficiencies of the radiation modes at a single frequency
is dependent upon the size of the source. To investigate the efficiency of the radiation
modes as a function of source size, sources of varying size, whose centres are placed at
2 = 0.4L, are examined. Figure 3.23 shows the efficiencies of the first five radiation
modes where kL = 5 (L being the length of the duct) and the length of the source,
[, is varied from 0.005L to 0.5L. The radiation efficiency of the first radiation mode
becomes more dominant when the source size is small. If the size of the source is
halved then the relative efficiency of the second radiation mode falls by 6dB. This
implies that the cancellation of the first radiation mode of a source will be more

effective if the source size is small compared to the size of the duct.
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Figure 3.22: The radiation mode shapes of the first four radiation modes for a 0.2m
source in a finite duct of 1m length (kl = 1).
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Figure 3.23: The radiation efficiencies of the first five radiation modes for a source
whose center is placed at z = 0.4L and whose length, [, varies from 0.005L to 0.5L
(i.e. kl varies from 0.025 to 2.5) where kL = 5.
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3.4.3 Three-dimensional enclosures

The radiation modes for a rectangular panel radiating into a three-dimensional cuboid
(box) enclosure are calculated in this section. The enclosure is of dimensions 6m x
2.2m x 2m and the source has dimensions 0.2m x 0.2m (figure 324).. The radiation
efficiencies of the first six radiation modes for this source are plotted against frequency
in figure 3.25. The radiation efficiencies of the radiation modes are affected by the
acoustic resonances of the enclosure such that certain radiation modes may have
increased efficiency close to an acoustic resonance. The overall trend is similar to
the finite duct case at low frequencies with the radiation efficiencies of the radiation
modes all falling off at the same rate with the exception of the first order mode. At
higher frequencies, however, the enclosure becomes diffuse and the response at any
one frequency is due to the action of a large number of acoustic modes. In this region
the radiation modes group into sets whose efficiencies exhibit a frequency dependency
of the form (kl)?, (kl)*.... This behaviour is very similar to the radiation modes for a
baffled panel radiating into free space (section 3.2.3). Figure 3.26 shows the radiation
mode shapes for an excitation frequency corresponding to kl = 0.6 where [ is the

dimension of the source.

Three-dimensional enclosure
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Figure 3.24: A rectangular source radiating into a three dimensional enclosure.

The ratios between the efliciencies of the higher order radiation modes and the effi-
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Figure 3.25: The variation of the radiation efficiencies of the first six radiation modes
with excitation frequency for a 0.2m by 0.2m source in a rectangular enclosure of
dimension 2m by 2.2m by 6m ([ = 0.2m).
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Figure 3.26: The radiation mode shapes of the first six radiation modes for a 0.2m by
0.2m source in a rectangular enclosure of dimension 2m by 2.2m by 6m (kl = 0.6).
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ciency of the first radiation mode are a function of the size of the source (Figure 3.27).
The radiation modes are grouped into sets of increasing size (1,2,3,...) with each
higher order set of radiation modes having an efficiency which is proportional to a
higher order term i.e. (kl)*™ where n is the mode order. This is very similar to
the radiation modes produced by a rectangular baffled source radiating into a three-
dimensional infinite field. If the excitation frequency is low then the enclosure can
begin to lose its three-dimensional characteristics and the radiation modes will no
longer group into the same sets. This is particularly true for enclosures with one
dimension significantly smaller than the other two dimensions such that there is a

frequency range in which the enclosure acts two-dimensionally.
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Figure 3.27: The radiation efficiencies of the first six radiation modes for a source
whose center is placed at (z = 0.3, y = 0, z = 1.9) and whose size varies from 0.006m
to 0.6m and where the frequency equals 200H z.

3.5 Conclusions

To actively control the sound radiation from a vibrating surface it is necessary to
have a number of sensors which can accurately measure the sound power radiation.
Secondary actuators can then be driven to minimize the measured sound power radi-

ation. There are two mechanisms by which the sound power radiation from structures
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may be reduced: (i) the vibration levels are reduced or (ii) the vibrational behaviour
is altered such that the radiation efficiency is reduced. It is often difficult in practice
to measure the sound power radiation from a structure directly using microphones
and as an alternative, structural mode sensors may be used in an attempt to reduce
the vibration levels on the structure (strategy (i)). Alternatively, the amplitudes of
the radiation modes could be measured using radiation mode sensors and the levels
of these could be reduced using secondary actuators (strategy (ii)). The number of
significantly excited structural modes, at a given frequency, will determine the num-
ber of independent secondary sources required to ensure a significant reduction in
the vibration levels on the structure. The number of significantly radiating radiation
modes, at a single frequency, will determine the number of indepgndent secondary
sources required to ensure that the radiation efliciency is significantly reduced. The
mechanisms of active control have been discussed more thoroughly by Johnson and
Elliott [53] and will be covered in more detail in chapter 5. By determining at a par-
ticular frequency the number of efficiently radiating radiation modes and the number
of significantly excited structural modes, the engineer can determine the likely success
of using either structural mode reduction or radiation mode reduction strategies for

controlling the radiated sound power from a vibrating structure.

It has been demonstrated that at low frequencies the radiation modes are grouped
into sets with a similar rate of change of radiation efficiency with frequency. The size
of these sets is determined by both the dimension of the radiator and the dimension
of the field into which the radiator is radiating. The sizes of these sets for the cases
of radiation into infinite spaces, considered in section 3.2, are shown in table 3.1.
It should be noted that the grouping behaviour of radiation modes is due to the
dimensionality of the source and the acoustic field but not their shapes. For instance,
the radiation modes for a randomly shaped two-dimensional source will exhibit the

same grouping behaviour as a rectangular source.

By using a single secondary source to cancel the amplitude of the first radiation mode
at low frequency, good attenuations will be achieved in nearly all circumstances. To
achieve further reductions the outputs of a number of higher order radiation modes
will also have to be cancelled and this implies that for the more complex case of a

three-dimensional radiator radiating into a three-dimensional field, three additional
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Dimension of radiator

1 2 3

Dimension | 1 1,1 - -

of 211,11 ] 1,2,2,2... -
field 311,1,1... | 1,2.34... | 1,3,5,7...

Table 3.1: The number of radiation modes in groups with similar rates of change of
radiation efficiency with frequency at low frequencies (same mode order) as a function
of source and field dimension.

secondary sources will be required to achieve a significant increase in the attenuation.
For the simpler case of a line source radiating into a two or three-dimensional field
only a single additional secondary source is required to achieve a significant increase

in the attenuation.

The radiation of sound into enclosures has also been investigated. For a fixed source
and enclosure geometry the rate of change of the radiation efficiencies of the radiation
modes with frequency is the same (approximately) for all of the radiation modes
except the first. The relative efficiencies of the radiation modes is dependent on
the size of the source in relation to the size of the enclosure. Small source sizes
produce large differences in the efficiency of the radiation modes with respect to one
another. The rate of change of efficiency of the radiation modes with source size
shows a similarity to the behaviour of the radiation modes in a free-field. At high
frequencies, when the number of acoustic modes becomes very large, the enclosure
becomes “diffuse” and the radiation modes appear to act similarly to the free-field
case. The main conclusion is that the active control of the amplitude of the first
radiation mode of a panel radiating into an enclosure will achieve better performance

for panels that are small compared to the enclosure.
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Chapter 4

Distributed piezoelectric

transducers

4.1 Introduction to piezoelectric transducers

Piezoelectric materials produce an electric polarization when mechanically stressed
(piezoelectric effect) and, reciprocally, produce a mechanical strain when an elec-
trical field is applied (inverse piezoelectric effect) [92]. The piezoelectric effect was
first noted in natural crystals by Pierre and Jacques Curie over a century ago [26],
and modern piezoelectric materials are widely used as transducers in active control

systems.

The work presented in this chapter will concentrate on the use of piezoelectric mate-
rials as distributed sensors, but many of the ideas presented in this chapter can be

applied to other types of strain sensors.

Most of the strongly piezoelectric materials have crystalline structures and so are
brittle and difficult to manufacture into arbitrary shapes. Piezoelectric ceramics are
a set of piezoelectric materials that are more versatile than natural crystals as they can
be manufactured into a variety of shapes and sizes. They are however brittle, heavy
and difficult to manipulate after manufacture. Piezoelectric ceramics are often used as
structural actuators because of their high stiffness. They are particularly effective in
high frequency applications (acoustic or structural) where only small displacements

are necessary. Polyvinylidene fluoride (PVDF), which is a polymer, was found to
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have strong piezoelectric properties [56] and also had other useful physical properties.
PVDF is lightweight, flexible, can be manufactured into very thin sheets (or films)
and can be easily cut into different shapes. Because of these properties, a PVDF sheet
can easily be applied to a structure as a surface mounted sensor which measures some

distributed function of the surface strain.

Electrical strain gauges, piezoelectric materials and fibre optic refraction gratings
[28] can all be used as strain sensors because their physical properties change when
a strain is induced in them. Piezoelectric transducers produce a charge, electrical
strain gauges change their electrical resistance and fibre optic gauges reflect light of
varying frequencies (glass fibres can also be used as strain gauges by measuring the
time taken for a beam of light to travel the length of the fibre). ‘All of these effects
occur over some finite spatial distance or area. It is often desired that the strain be
known at a point on a structure and therefore many of these sensors are designed
to be as small as possible. In some applications the desired measurement is of a
distributed quantity, for example the amplitude of a structural mode. The amplitude
of a structural mode can be approximately measured by processing the outputs of
a number of point sensors, but for some applications the number of measurements
required becomes prohibitively large. If a system uses a large number of point sensors
to measure a distributed quantity all of the sensors must be maiched and this adds
further complexity and cost. It is in these applications that distributed sensors, which

measure the integral of the strain over a large area of the structure, may become useful.

Polyvinylidene Fluoride (PVDF) has been widely used to create distributed sensors
and actuators for vibration control and structural acoustic control [3, 15, 16, 18, 21,
44, 45, 81]. Many of the earliest applications of PVDF as distributed transducers were
for the control of structural vibration. Bailey and Hubbard [3] used a rectangular strip
of PVDF as a distributed actuator for the vibration control of a cantilevered beam.
The integrated output of an accelerometer positioned at the tip of the beam was used
to drive the PVDF actuator in a feedback control system. Using this control system

an increase in the damping of the beam was achieved.

Lee [62] developed a “theory of laminated piezoelectric plates for the design of dis-
tributed sensors and actuators”. This paper is probably the single most important

piece of work on distributed piezoelectric transducers. Lee considered most of the
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physical possibilities, “bending, torsion, shearing, shrinking and stretching,” for a
flexible plate and developed the electromechanical relationships for distributed piezo-
electric materials under these conditions. Lee also showed that there is a reciprocal
relationship for a piezoelectric transducer used as a sensor or an actuator and that
this property is “a generic feature of all piezoelectric laminates.” Lee and Moon [63]
used this theory to design modal sensors/actuators for a cantilevered beam using
PVDF film. However, the sensor designed to measure the first structural mode was
found in practice to also have a significant sensitivity to the second structural mode

of the beam.

Clark and Fuller [18] used two rectangular strips of PVDF in an attempt to sense the
odd-odd modes of a plate which are the most efficient radiators of sound. The PVDF
sensors were used as error signals in a single frequency feedforward active control
system. In the cases presented by these authors, the control system using PVDF

sensors produced considerable attenuation on and off resonance.

Gu et al. [44] designed PVDF structural modal sensors to measure “a family” of
structural modes, for example the amplitudes of the (3,%) structural modes where *
is an integer. By using a pair of these modal family sensors, one oriented in each
direction, a single mode, for example the (3,1) mode, could be measured. The sensor

was, however, shown also to be sensitive to other structural modes.

Guigou, Berry and Charette [45, 16] also suggested a method for designing volume
velocity sensors for beams and plates using PVDF. The structural modes of the plate
are measured experimentally and the sensor is designed to measure the modes of the
plate in proportion to their individual contribution to the volume velocity. The sensor
was constructed using two shaped strips of PVDF tape, one along each axis. The
necessity of experimental modal identification makes this design very “application
specific” and sensitive to changes in the plate’s behaviour. Snyder et al. [81] also
created sensors using two strips of PVDF film to measure “transformed modes” or
radiation modes. These sensors were also based on a knowledge of the structural

mode shapes, although these were calculated analytically.

Distributed piezoelectric transducers can be used both as sensors or actuators and

the spatial sensitivity of the transducer remains the same regardless of whether it is
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being used to sense or actuate [62, 63]. Most of this chapter will be discussing the
production of a volume displacement sensor but in principle such a transducer could
also be used as an actuator in which case it would generate a constant force across

the surface to which it was attached [53].

4.2 General theory of piezoelectric transducers

For the purposes of this thesis the discussion will be restricted to the use of distributed
sensors on thin plates and beams. The relationship between the electrical output of
a piezoelectric material and the mechanical strain it undergoes has been thoroughly

developed by Lee [62] with a view to the design of distributed sensors and actuators.

All piezoelectric materials have a number of piezoelectric constants which define the
relationships between the compressional or shearing strains of the piezoelectric ma-
terial and an electric field placed (or induced) across any of the three axes. Standard
notation uses axes numbered 1,2 and 3 and the 3 axis is taken as the axis across
which the piezoelectric material is poled. For this work the 3 axis of the piezoelectric

will always be taken to be the same as the z axis for the plate or beam (figure 4.1).

Qrientation of plate and piezoelectric

Piezoelectric
film

2h
Film axes

Figure 4.1: The orientation and axes for the plate and the piezoelectric film.

The piezoelectric effect implies that the piezoelectric material can be used to measure
strain or, when driven by an electrical voltage, create stresses. The relationship
between the electric field and the strain in the material is dependent upon the physical
and electrical constraints of the material and therefore the stress levels in the material

must also be considered. One form of the constitutive equations is given by [62],
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T =c%S —eE (4.1)

D =eS+¢elb (4.2)

The stresses along the three axes and the three shear stresses are représented by the
vector T' which is equal to the 6 by 6 matrix of elastic stiffnesses ¢¥ times the six
strains in § minus the 3 by 6 matrix of piezoelectric stress/charge constants e times
the electric field intensities across the threes axes E. The 3 electric displacements
D (charges per unit area) are a function of the vector of strains, the piezoelectric
stress/charge constants, the electric field intensities and the 3 by 3 permitivity matrix

€.

If a strip of piezoelectric material is attached to the surface of a structure the induced
strain in the piezoelectric material can be deduced by measuring the electric displace-
ment across the surface electrodes. In general the electric displacement across the
3-axis of the piezoelectric material is measured to deduce the strain induced along
the 1 and 2 axes. The electric field intensities in the 1 and 2 directions will be as-
sumed to be zero. Also due to the geometry of the beam or plate (figure 4.1) the
stress/strain in the 3-direction is assumed to be negligible and hence equation 4.2 can

be simplified to,

D3 = e33F5 + €3151 + €325 + €365 (4.3)

where €31, esy and esg are piezoelectric constants (coefficients in the matrix e), €33 is
the permitivity and Es is the electric field intensity across the z-axis of the film. The
subscript 6 on the strain component Sg refers to shear in the 1 — 2 plane. Typical

values of the piezoelectric constants for PVDF film are given in table 4.1 [2].

By relating the displacement of the surface of the plate/beam to the strain on the
surface the electric displacement due to a given surface displacement can be calcu-
lated. Consider a thin rectangular isotropic piate {or beam) having dimensions I,
and [, oriented in the z-y plane which has an out of plane displacement w (in the z
direction) and inplane displacements u and v in the = and y directions respectively.

Consider a piece of piezofilm which is attached to the surface of the plate and covers



the entire surface. The piezofilm is oriented such that the 1 axis of the film is the
same as the z axis of the plate. If the film is attached to a charge amplifier, which
measures the charge flow while effectively short circuiting the film’s electrodes, the
contribution due to the £ component will be removed. The total charge output (¢)
of the film, which is the integral over the surface of the electric displacement, can now

be written as, [62]

/Zy/ (2.9) e 8U+e dv be Ou v
q = ) 318 326 36 8 (?7

2 2 2
0w 0w 0w } dzdy (4.4)

h€32 2]1635

Jz? 0y? dz0y

——}2631

where h is the film-neutral axis separation and S(z,y) is the spatial sensitivity of the
film. The variables u, v and w are all functions of z and y but for simplicity these
will not be explicitly expressed in all of the equations. The above equation can be

split into two components.

The first component of the charge output is due to the strain caused by the stretching
of the midplane of the plate (g;’, iz, gz and 8“) If the plate is fixed, then there may

be a contribution due to the elongation of the plate when some modes are excited,

but this is very small in comparison to the other terms and is generally ignored [63].

The second component is due to the strain caused by the bending of the plate (i.e.
0%w/0z* and 0%w/dy*) and is dependent on the distance h between the film and the
neutral axis of the plate. Given these conditions and the fact that the value of ess
quoted by the manufactures is zero [2] (table 4.1), the equation for the closed circuit

charge output ¢ can be simplified to,

Iy rls 0%w 0*w
qg= /0 /0 ~hS(z,y) [emﬁ + 632@} dzdy (4.5)

The spatial sensitivity of the film S(z,y) has previously been designed to measure
some distributed quantity such as one of the plate’s structural modes. The following
section will describe the spatial sensitivities required to measure the volume velocity

of a plate or beam with fixed boundary conditions.



e31(N/Vm) 5.2 x 1072
es2(N/Vm) 2.1 x 1072
636(N/V77”L) 0
Young’s modulus Y(Nm™?) 2 x 10°
Poisson’s ratio v 0.29
Relative permitivity ess/¢o 12
Max. operating field (@ a.c.) (V/um) 30

Table 4.1: Constants for PVDF film.

4.3 Volume velocity sensors

It was concluded from the work presented in chapters 2 and 3 that the first radiation
mode of a vibrating structure will be the dominant radiator of sound at low frequen-
cies, where the size of the structure is small compared with the acoustic wavelength.
It was also shown that the amplitude of the first radiation mode is well approximated
by the volume velocity of the source under these conditions. By actively controlling
the net volume velocity of a structure it is possible to reduce the level of the the first
radiation mode and hence reduce the total sound radiation from the structure at low

frequencies.

The sensors described in this section are designed to measure the net volume displace-
ment of a structure, but the volume velocity can be easily inferred by differentiating

the output of the volume displacement sensor.

The net volume displacement can be defined as,

» ly rla
U::/O /0 w(z,y)dzdy (4.6)

4.3.1 A volume velocity sensor for a beam with fixed ends

To begin, the measurement of the volume velocity of a beam which has fixed ends
will be considered. If the beam does not have fixed ends then whole body displace-
ments can occur and these do not cause any surface strain. Therefore, whole body
displacements cannot be measured using a strain sensor and hence additional sensors

will be required if the ends are not fixed.
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I'or a beam with fixed edges (i.e. pinned or clamped) the displacement w is purely
a function of z as there is no bending along the y axis of the beam (I, > [,). By

making this assumption equation 4.5 can be further simplified to,

s 92,
¢ = —hlyes: /O S(z) a:;d:c ' (4.7)

It is unnecessary for the sensitivity function S(z) to vary with y since the displacement

w is independent of y. By integrating by parts equation 4.7 can be re-expressed as,

a Iy )S Iy Iz 82‘ "

0 0
The sensitivity S(z) is defined to be quadratic in the z-direction such that S(z) equals
zero when =0 and z=[,. This sensitivity was first suggested by Rex [78, 79] and is

given by,

S(z) = alyz — %) (4.9)

where « is a constant. Since S(z) has been defined to be zero at =0 and z=[, then
the first term in equation 4.8 must be zero. Secondly, if the ends of the beam are fixed
then the displacement w(z) is zero when =0 and z=I[, and therefore the second term
in equation 4.8 must also be zero. By substituting equation 4.9 into equation 4.8 the

charge output can be written as,

L 92, I
q= —»hlye;ﬂ/ %w(m)dx = Qthegla/ w(z)dz = 2hez all (4.10)
0 ; 0

By choosing a sensitivity that varies quadratically along the beam the sensor output ¢
is thus directly proportional to the net volume displacement of the beam. If the ends
of the beam were not fixed then two additional sensors would be required to measure
the whole body displacements at the ends of the beam. This would then allow the

calculation of the total voluine displacement with arbitrary boundary conditions.
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4.3.2 A volume velocity sensor for a clamped plate

Consider a rectangular plate with clamped edges. The plate has variations in its out of
plane displacement in the z and y directions and both bending terms in equation 4.5

must be considered.

Equation 4.5 can be separated into two components one describing the charge output
due to bending in the z-direction ¢, and one describing the output due to bending
in the y-direction ¢, such that the total charge output ¢ is equal to ¢, + ¢, [49, 50]

where,

ly Iy 2
(]ac:/g /o —f15($7y)631%d$(1y o (4.11)
o fls d*w |

= - Avﬁ T Y4 ‘<2
aw=[" S (2, y)en s dudy (419)

The inner integral of equation 4.11 can be integrated by parts to arrive at,

ly < lr la: la: 32 O
Gz = 71633[) [“ {S(x,y)%} + {Mw} ‘./0 Q—-‘S—(wwdl} dy  (4.13)

2
Jdz o Jz 0 Jzx

S(z,y) is defined to be quadratic in the z-direction such that S(z,y) equals zero when

z=0 and z=I[, and that S(z,y) is independent of y.

S(z,y) = al,z — 2?) (4.14)

where « is a constant. Since S(z,y) = 0 at the edges of the plate where z = 0 and
¢ = [, the first component of equation 4.13 is eliminated. If the plate is fixed at
the edges (clamped or pinned), w(l,,y) and w(0,y) will equal zero and therefore the
second term in equation 4.13 will also equal zero. The spatial sensitivity given in
equation 4.14 can be substituted into equation 4.13 to arrive at an expression for the

closed circuit charge output due to bending in the z-direction.

Ay ple
Gr = 2]16310/ ! / w(z,y)dedy = 2hesyal (4.15)
o Jo

The output due to bending in the z-direction is therefore proportional to the inte-

grated displacement of the whole surface. It is clear that it is necessary for the output
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due to bending in the y-direction (¢, in equation 4.12) to be zero in order for the sen-
sor to measure the integrated displacement of the surface. After some manipulation

equation 4.12 can be written, with S(z,y) given by equation 4.14, as [54],

dw(z,ly)  Odw(z,0)

Iz
Gy = —/zegga/O S(z,y) { 77 de (4.16)

dy
The charge output due to bending in the y direction is therefore dependent on the
gradients at the edges of the plate where y = 0 and y = [,. For a clamped plate
the gradients at these edges (i.e. dw(z,!,)/dy and dw(z,0)/dy) are equal to zero
and therefore ¢, is also zero. The total charge output from the distributed sensor,
equation 4.4, will thus be equal to ¢, and hence proportional to the integrated dis-

placement of the plate.

4.3.3 A volume velocity sensor for a simply supported plate

For the case of a simply supported plate the gradients at the edges of the plate
(i.e. dw(x,l,)/0y and dw(z,0)/0y) are non-zero and the ¢, component of the charge
output must be taken into account. The ¢, component can be eliminated by using
a matched pair of distributed sensors, the second of which is identical to the first
with the exception that the piezoelectric axes are swapped such that the 1 axis of the
piezoelectric corresponds to the y axis of the plate (figure 4.2) [49, 50]. The sensitivity
functions are the same on both sensors with the same orientation with respect to the
z and y axes. Carey and Stulen [15] have also suggested using two PVDF sensors to
create a single isotropic sensor. They essentially use the same technique as is being
suggested in this section but their objective was to make the sensor equally sensitive
to bending in the z and y directions. Our objective is to remove the sensitivity of the

sensors to bending in the y direction.

The output of the first sensor ¢;, has a component g, which is proportional to the
integrated volume displacement (equation 4.15) and a second component ¢, (equa-

tion 4.16) which it is necessary to eliminate. The output of the second sensor g; will

be given by,
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Sensor 1

Sensor2 - s T T T T T T :.ES::

Figure 4.2: The orientation and axes for the sensor configuration required to eliminate
the g, component and hence measure the volume velocity of a simply supported plate.

by rle 0w 0*w -
q2 :/o /0 —hS(z,y) [632 D22 + es1 ayQ} dzdy (4.17)

This equation is the same as equation 4.5 but with the piezoelectric constants changed
around. Using the definitions of ¢, and ¢, in equations 4.15 and 4.16 the charge output

of the second sensor can be written as,

€3 e
0= g+ g, (4.18)
€33 €32

If the ratio of the two piezoelectric constants €3y and e3; are known then the outputs
of the two sensors can be combined to eliminate the sensitivity to bending in the y

direction.

e €32\ 2
o=q——2¢=q <1 - (#32> ) (4.19)
€31

€31
where o is the total output of the two sensors and es/es; is typically 0.4 (2, 50, 62] so
that go ~ 0.84¢,. For this method to be successful the ratio of piezoelectric constants
must be accurately known and the two sensors must be fixed to the plate such that

they are equally sensitive to any strain on the surface of the plate.



4.3.4 A volume velocity sensor for a plate with arbitrary

boundary conditions

The sensors described in the proceeding three sections are designed to measure the
volume displacement due to bending. If the boundaries of the plate are not fixed then
additional sensors will be required to measure the movement of the boundaries. The
second term in equation 4.13 will be non-zero if the edges of the plate at 2 = 0 and z =
[, have displacements that are non-zero. The volume displacement sensor described
in section 4.3.3 measures the volume displacement relative to these two boundaries.
Two one-dimensional volume velocity sensors (section 4.3.1) could be used to measure
the volume displacement along these boundaries relative to the corners of the plate.
Four accelerometers would then also be required to measure the disﬁlacement at the
corners of the plate as required to compensate for the second term in equation 4.8. To
measure the net volume displacement of a panel with arbitrary boundary conditions

using this technique would therefore require seven sensors which would have to be

calibrated relative to each other.

The accelerometers could, however, be made from a patch of the same piezoelectric
material as the distributed sensor but with a proof mass integrated onto the side not
bonded to the plate. Strain effects could be compensated for by using a dummy patch
very close to the accelerometer patch. It may also be possible to build distributed
accelerometers which measure the average acceleration along an edge of the plate.
Using such techniques, would reduce the total number of sensors required to three.
Unfortunately the outputs from these accelerometers must still be integrated twice
before they can be added to the output of the strain sensor. Iven if all transducers
could be based on the same piece of piezoelectric film some additional electronics
would thus still be required to produce a signal proportional to the volume velocity

due to both bending and whole body motion.

4.4 Matched actuators and sensors

In this section some important properties of the transfer response between a dis-

tributed actuator and a matched distributed sensor will be derived. Matched sensor-
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actuator pairs are those in which the spatial distribution of the force input to the
structure due to the actuator is the same as that of the spatial sensitivity of the
response from the structure at the sensor. Lee [62] showed that there is a reciprocal
relationship for any piezoelectric transducer used as a sensor or an actuator. If the

closed circuit charge output of a tranducer ¢ is given by,

q= //n(a:,y)w(x,7 Ydzdy (4.20)

where n(z,y) is the spatial sensitivity to displacement, then the tranducer, when
driven by an input voltage u, will excite the structure (which is assumed to have

clamped boundary conditions) with a force distribution which is equivalent to,

J(2.y) x n(z,y)u (4.21)

where f(z,y) is the equivalent force distribution. Since a single distributed piezoelec-
tric transducer can be operated as either an actuator or a sensor, an identical pair
of piezoelectric transducers mounted on either side of the structure would be a good
approximation to a matched pair. Alternatively a single piezoelectric actuator can,
in principle, be arranged to act simultaneously as both an actuator and a sensor as
discussed by Anderson et al. [1], Dosch et al. [29] and Clark [22], and if such a device
could be made to work reliably over a wide range of frequencies it would form an

ideal matched actuator-sensor pair.

The complex transverse displacement of a two dimensional structure, w(z,y,w), sub-
ject to a harmonic excitation at frequency w, can be represented as a summation of

the responses of the structural modes,

wle,y,0) = 3 afew)dile,y) (1.22)

1=1
where ¢y(z,y) is the i mode shape and a;(w) is the amplitude of the ¢ mode. If
the structare is driven by a distributed actuator producing a force distribution on
the structure proportional to n(z,y), and having an input voltage u(w), the resulting

amplitude of the :** mode can be written as,

oo
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ai(w) = u(w)Ax(w) [ [ iz, u)n(,y)dady (4.23)

where Af(w) is a second order resonance term, which has a maximum response at the

natural frequency of the :** mode and is given by,

1
A = .24
= G (W — @) — jw D] (4:24)

where p, is the density of the plate, % is half the thickness of the plate, wy,, is
the natural frequency of the mn®* structural mode and D,,, is the damping of the

mnt" mode and is given by D = 2fw,,,. It is assumed that a distributed sensor is
implemented whose sensitivity to transverse displacement is identical to that of the

distributed actuator. The complex output of this sensor, ¢g(w), will then be,

// z,y,w)n(z,y)dedy (4.25)

and using equations 4.22 and equation 4.23 this output can be written as [34, 33],

23 ) [[ [ aointevyteas] (1.20)

The term in squared brackets must be real and positive for all of the structural
modes and can be written as C;. The transfer response between the actuator and the

matched sensor can thus be written,

G(w) :-Q—Z— i (4.27)

The phase of each of the modal contributions to the transfer response will thus be
equal at their respective natural frequencies. Another way of expressing this property,
in the Laplace domain, is that between each of the poles of the transfer response due
to the structural modes, there must be zeros [83]. The consequence of this pole-
zero structure in the transfer response is that there is no accurnulation of phase with
increasing frequency. Because all of the zeros of the transfer response are also on
the left hand half of the s-plane [83] the response is minimum phase [12]. If the

output of the transducer is differentiated to give a velocity response, the phase of the
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transfer response between the matched transducers will lie between +90° and —90°,
and thus the real part of the response will be entirely positive. The implications of
this minimum phase property in the design of active control systems will be discussed

in section 5.4.5.

The fact that the transfer response of a pair of matched distributed transducers
can be made to have an entirely real response is a generalization of the properties of
co-located point transducers described by Balas [4], and shares the property of uncon-
ditional stability when implemented in a feedback loop. In practice the performance
is always limited by the presence of some additional transducer dynamics. It should
be finally noted that a whole family of such transducer pairs could be implemented,
for example, to measure structural modes. In this case the shaping function of the
** mode shape would be n;(z,y) = ¢:(x,y), the transfer response would be propor-
tional to Af(w) and only the i*" sensor would, in principle, would respond to the 7"
actuator, if the modes were orthogonal. Alternatively a set of matched transducer
pairs could be implemented to measure the radiation modes of a structure [33]. In
this case however, each sensor would not only respond to its corresponding matched
actuator, but in general, would also respond to other actuators. This interaction is
not expected to be large however, and it may still be possible to implement stable

independent feedback control loops around each actuator/sensor pair.

4.5 Creating an etched piezoelectric film sensor

The design of a two dimensional volume velocity sensor requires a quadratically
weighted piezoelectric film. This section is concerned with exploring the practical
methods of achieving a quadratically weighted sensitivity. Potentially, spatial weight-
ing could be achieved by varying the distance between the film and the neutral axis of
the beam or plate during manufacture. Varying the sensitivity can also be achieved
by doping or mixing PZT powder with the PVDF matrix [63] or by varying the poling
voltage during manufacture. To accomplish these tasks after manufacture, however,
is much more difficult but was required here since only commercial uniform sensitivity

film was available.

The easiest method for creating a spatial weighting is to cut or etch shapes or strips
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into the piezoelectric film. Piezoelectric film is covered with a thin layer of metal
which acts as an electrode. The piezoelectric material by its nature has a very high
impedance and hence the electrical output will be due purely to areas that are covered
by the metal electrode. The electrode can be etched away to produce shaped strips
which change the area over which the film is sensitive. To approximate a continuous
spatial weighting some of the electrode can be removed where low sensitivity is re-
quired and left intact where high sensitivity is required. This in effect keeps S(z,y)

constant and instead varies the area over which the integral operates (equation 4.5).

S(y ) Approximately constant variation with (y)

Quadratic S(x)' ;
strip
Quadratic
variation
with (x)

Y Electrode Remaining
etched away electrode

Figure 4.3: A number of quadratically shaped strips etched into the electrode of a
piece of piezoelectric film.

To approximate a quadratic sensitivity in the @ direction a number of strips whose
width varies quadratically with z can be etched into the surface electrode of the film
(figure 4.3). If the strips have a sufficiently small width then they will not experience a
large change in displacement from one side of the strip to the other. If the wavelength
of a structural mode is large compared to the width of the strip this assertion will hold.
It is therefore necessary to produce thinner strips to accurately measure higher order
modes. This configuration will approximate a quadratically weighted sensitivity in the
z-direction while maintaining a constant sensitivity in the y-direction. A quadratic
function in the z direction can also be approximated by dividing the surface into a
Jarge number of small rectangular strips which could be etched away such that the

density of these strips in the x direction varies quadratically (figure 4.4).
To create a reasonably accurate template with which to etch the piezofilm a laser
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Figure 4.4: A number of rectangular strips etched into the electrode of a piece of
piezoelectric film.

printer can be used to print the required image. This image can then be enlarged
or reduced, to the required dimensions, onto a transparency. This transparency can
then be used as a positive template with which to etch the film using standard circuit
board etching techniques. Usually film with copper/nickel metallization is used for
etching. It should be noted that the layer of metallization on the film is very much
thinner than that covering a circuit board and hence diluted etching solutions should

be used.

4.6 Error analysis

The shaping of the electrode surface to create a piezofilm sensor will inevitably pro-
duce errors which will affect the performance of the sensor. It is important before
manufacture to investigate the sensitivity of the sensor’s performance to certain types
of error in the manufacture of the sensor. This will allow performance targets to be
set for the accuracy of etching required to produce a suitable sensor. It may also be
possible to formulate a design which is robust to errors in manufacture and to avoid
highly sensitive designs. It is interesting to compare the likely performance errors
of a shaped PVDF sensor with the errors to be produced by using an array of point
sensors [49, 50]. Some work has been done very recently by Burke et al. on transducer

tolerance which supports much of the work presented here [13, 14].
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The sensitivity of a distributed sensor to errors in design, manufacture, etc. is very
case-specific as it depends heavily on the type of structure, the required sensitivity
and the definition of “error” that is used. In this section errors in the sensitivity of a

volume velocity sensor will be examined but a general theory of transducer sensitivity

will not be attempted.

The design of a volume velocity sensor is qualitatively different from many of the
distributed modal sensors that have been suggested [15, 63] in that it does not make
any assumptions about the structural mode shapes or of the structural properties of
the plate. This is important, because experimentally many structural mode sensors
have been found to be inaccurate [63, 44, 16] and this may be due to the actual mode
shape being significantly different than the theoretical mode shape rather than due
to design or etching errors. Because the volume velocity sensor does not assume any
particular mode shapes then the errors may be less sensitive to altering structural
characteristics. This is borne out experimentally as described in chapter 7.

To quantify the sensor “error” due to etching approximations or other implementation
errors it is first necessary to define an error criterion. For a distributed sensor there
are a number of different valid error criteria and the definition of the sensing error

must reflect the conditions under which the sensor is likely to be applied.

It is assumed that the volume velocity sensor is bonded to a simply supported rect-
angular plate whose surface displacement can be represented by a modal summation

given by,

w(z,y) =Y D dumbom (4.28)

n=0 m=0
where a,,, is the amplitude of the nm!* structural mode whose eigenfunction @, is

given by,

G, = SIN <n7r:c> sin <m77ry> (4.29)

[, 1
where the plate has dimensions [, and [,. Assuming the frequency of oscillation w
is known, the volume velocity can be calculated from the spatially averaged surface

displacement given by,



nm ly fl=
T = / / bomdady (4.30)
Ily, Jo Jo

th structural

where W,,,,, is the space averaged displacement of the plate due to the nm
mode. This is the quantity we would ideally like to measure (volume displacement).
The volume displacement of any even mode will be zero since half of their surface
areas will be oscillating out of phase with the other half. Tor odd-odd modes (n

and m are both odd), the spaced averaged displacement W is the sum of the modal

contributions given by,

2 e 4da
— e
W = g n and m are odd . (4.31)
o) , .
ne0 g Tnm

since the integral of displacement over an odd-odd mode shape (equation 4.30) is
4/7inm.

The ideal sensor will therefore only measure the odd-odd modes such that the response
to each mode is proportional to the mode amplitude divided by nm. The error can be
considered as the deviation of a sensor’s response from the ideal response. How this
deviation is calculated may depend on the particular application considered. Certain
modes in a particular application may be unimportant and hence measurement errors
of that mode may also be of little significance. The ideal response, equation 4.31,
considers the response to an infinite number of structural modes when practically,
only a finite number can be considered. For this application the response of a given
design will be compafed with the ideal response to the structural modes up to and
including n = 7 and m = 7. The sensor responds to a large number of modes and
it is possible to have two measurement errors that cancel each other depending on
the relative excitation of the structural modes. It is important at this stage not
to assume specific structural mode amplitudes and the error will be defined as the
standard deviation of the sensor’s response from the ideal response. The sensor’s
response is normalized such that the sensitivity to the first structural mode is the
same as the ideal sensor response. What is important in any specific application is to
be able to measure the relative volume velocity contributions from the contributing
modes. If the relative volume velocity contributions from forty nine modes, all excited

to the same extent, can be accurately measured then the sensor should be able to
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accurately measure the volume velocity due to any combination of modes likely to
be encountered in practice, assuming the amplitudes of high order modes are low.
Therefore, this method tests the sensor in a worse case scenario. The normalized

sensor response is given by ¢, and the normalized error F is given as,

1 N M . 571/2
{NM~1 Zn:l m=1 ((]onm - wnm) J

o=
) N M 1/2
[anl m=1 qum}

(4.32)

where Wy, is the spaced averaged displacement of the nm™ structural mode, Gonm 18
the normalized sensor response to the nm™ mode and N = M = 7. When considering
specific applications, this error calculation method may or may not be very useful.
The intention here is to explore the possibility of accurately sensing the volume veloc-
ity of a large number of structural modes and to provide an understanding of design

sensitivity to errors.

4.6.1 Errors in the rectangular strip method

The rectangular strip design produces the desired sensitivity in the y-direction and
malkes all of its approximations in the z-direction. Unlike the quadratic strip method
the rectangular strip method does not have a well-defined mathematical shape that is
to be approximated. The accuracy of this design is due to the number of rectangular
strips that can be used and the designs have to be carefully chosen. It is assumed
that there are a fixed number of uniform elemental strips which can each be active
or inactive so that broader strips are generated by activating a number of adjacent
elements. There can easily be an astronomical number of combinations of activated
and deactivated strips (a hundred elements gives the possibility of 2!°° different de-
signs) and the selection of a suitable design can be difficult. The design is selected
to match a suitable error criterion. Figure 4.5 shows the sensitivity of a sensor op-
timized to accurately measure the volume displacement of the structural modes up
to and including those of seventh order. This graph shows the sensor’s response to
the (n,1) mode where n is varied from one to fifteen. The sensor’s sensitivity to
modes not included in the optimization process is very large. To solve this problem

larger numbers of modes must be included in the optimization process but this will
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inevitably effect the accuracy of the sensor [50]. These findings have been supported
in a recent paper by Burke and Sullivan [13]. Because of the sensitivity of this method
this design was considered unsuitable and further error analysis will concentrate on

the quadratic strip design.

Sensor responsa

0 & @ - [::] o 4 & =+ b

& 5
0 K 10 15
Structural mode number

Figure 4.5: The ideal (4) and actual (o) response of a sensor using a rectangular strip
design with 240 elements and optimized to measure the volume displacement of the
structural modes up to and including those of seventh order.

4.6.2 Errors in the quadratic strip design

The sensitivity of the quadratic strip sensor to four possible sources of error will be

considered,

The error caused by approximating a smooth quadratic curve with a matrix of

digitized points.

Errors due to etching mistakes.

The error inherent in the design i.e. a finite number of strips.

Errors due to the ill positioning of the sensor on the plate.
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Errors due to digitization

The ideal quadratic strip has a width that varies quadratically with z. To produce a
template for etching the piezofilm sensor a laser printed approximation to this ideal
shape was used. Initially it is assumed that there are a very large number of strips
and that there is perfect positioning and perfect etching. Therefore; any errors in
sensing will be due to the digitization of the quadratic shape (figure 4.6). Figure 4.7
shows the sensing error F due to a variation in the number of elements in the y-
direction from ten to one thousand. The number of elements in the z-direction will
be in practice be much larger than the number of elements in the y-direction and
it is therefore the number of elements in the y-direction that will be the significant
source of error. Because the error criterion only considers a finite number of modes
there is some variability in the error as a function of the number of elements but
the overall trend is linear. For a design which uses twenty five strips and covers an
A4 piece of paper (210mm by 190mm design was used in this work) the number of
elements across a single strip using a laser printer is about 200 for a 600dpi printer.

This corresponds to a sensing error of the order of 6 x 107%.

Digitised approximation
to quadratic strip

Quantised
levels

I |
L T

Quantised levels

Figure 4.6: The digitized approximation to a continuous quadratic strip.

Errors due to etching mistakes

The errors due to etching mistakes is clearly the most difficult to assess. There is the
possibility of the electrode being etched away in positions that it is not supposed to
be and the reverse case may also occur. However, if a small area of electrode that is
supposed to be etched is not etched, then it will not contribute to the sensor output

unless it is electrically connected. Therefore isolated unetched areas of electrode will
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Figure 4.7: The sensing error E due to the digitization of the quadratic strip as a
function of the number of elements across each strip. The dotted line shows the error
for a design using 200 elements.

not contribute to the sensing error. It is only at the edges of the quadratic strips that

remaining electrode areas will be a problem.

The removal of etched areas where they are supposed to remain is a more likely source
of sensing error. The erroneous removal of electrode area is most likely to occur at
the edges of the quadratic strip. The sensing errors due to this are similar in nature
to the errors due to the digitization of the strips. The difference being that the errors
occur randomly and are different on every strip. It is difficult to formulate a clear
definition of the etching errors for simulation purposes and for this work it is assumed
that the etching errors act essentially like digitization errors. For the simple etching
technique used for this work an accuracy of up to 0.1mm is quoted in the instruction
leaflet for RS Positive Photoresist and that is equivalent (for a 250mm wide sensor)
to an error to length ratio of 4 x 10~*. This corresponds to the error due to a design
using 100 elements per strip as shown in figure 4.7. A 600dpi laser printer has an
error to length ratio that is smaller than this (107*) and therefore it is assumed that
the etching errors will be the limiting factor which, from figure 4.7 will in‘oduce a

worst case sensing error of about 2 x 1072,

92



Errors due to the number of strips used

The error due to the number of strips used is essentially a sampling problem. The
structural waves are “sampled” at a number of points and this produces a sensing
error. Aliasing should not be a problem as long as the number of strips used is sig-
nificantly larger than the highest mode order. Because the strips ha;/e finite width
and do not act as “points” the error calculated by considering them to act as points
produces an over-estimate of the error. The results can therefore be considered con-
servative. Figure 4.8 shows the sensing error F as a function of the number of strips
used. By using 25 strips in the design it can be ensured that the sensing error, due to
there being a finite number of strips, is smaller (& 2 x 107*) than the other sources

of error.

Sensing error (E)

Number of strips

Figure 4.8: The sensing error E as a function of the number of quadratic strips used.
The dotted line shows the error for a design using 25 strips.

Errors due to ill-positioning of sensor

The sensing errors due to ill-positioning of the sensor in the z and y directions on
to the plate are shown in figure 4.9 and it is assumed that the sensor is the same
size as the plate. The sensor seems to be reasonably tolerant to positioning errors
with comparatively small sensing errors occurring for positioning errors of up to one

hundredth the length of the sensor. If the sensor is position within one percent of the
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total length of the sensor (i.e. +/- 2.5mm) then the errors due to positioning should

be small in comparison to other sources of error.

{it-positioning in the x—direction

Sensing error (E}

o(
&

Position error/total sensor length
ll-positioning in the y-direction

Sensing error (E)

Position error/total sensor length

Figure 4.9: The sensing error I/ as a function of the positioning errors in the z and
y-directions. The positioning errors are quoted as a {raction of the total sensor length.

If a sensor was larger than the vibrating surface of a clamped plate, such that the
edges of the sensor were positioned under the clamp, then the sensor would not be
affected by small changes in position. However, the clamping of piezoelectric film can
damage the sensor and for this reason the sensor was designed to be the same size as

the exposed vibrating surface of the plate.

4.7 Conclusions

Piezoelectric material and in particular PVDF film can be used as distributed trans-
ducers to measure the integral of some distributed quantity (i.e. strain, displacement).
By shaping the surface electrode of the film any desired spatial sensitivity can be ap-
proximated. A sensor which has a spatial sensitivity that varies quadratically along
one of the principle axes will measure the volume displacement of the plate or beam
to which it is attached, assuming the plate/beam has fixed edges. For the case of
a simply supported plate the design requires two films with different alignments of
the piezoelectric axes to produce a true volume displacement sensor. The design of

a volume displacement sensor does not make any assumptions about the physical

94



properties of the plate/beam that is being considered and this property suggests that
the sensor will be very robust to changes in the structural properties of the panel.
Structural mode sensors are designed to measure some specific mode shape and are
therefore very sensitive to any change in the mode shape which may occur due to
changes in structure properties or boundary conditions. A volume displacement sen-
sor has the advantage of measuring a quantity that has contributions from many
structural modes and is not designed to measure a specific structural mode shape.
A change in structural mode shape may change a structural mode’s contribution to
the volume displacement but does not necessarily alter the accuracy with which the

volume displacement is measured.

Two basic designs for shaping the surface electrode have been investigated with the
quadratic strip method being chosen over the rectangular strip method on the basis
of sensitivity to implementation errors. The errors due to etching mistakes have been
shown to be the most likely to effect the overall sensor accuracy. The assessment of
the sensing error was intended to give an indication of the sensor’s performance over
a broad range of applications. The expected accuracy of the sensor (sensing error
of 2 x 1072 as defined by equation 4.32) is equivalent to the accuracy that would
be expected using an 8§ x 8 array of matched transducers. If the etching accuracy
could be improved such that the limiting error was the digitization of the template
then an 11 x 11 array of matched sensors would be required to produce an equivalent
accuracy. Large numbers of matched sensors could be expensive and require a large

processing capability.

The volume velocity of a surface, which can be easily inferred from the volume dis-
placement of a surface, is responsible for the majority of the sound power radiation
from that surface at low frequencies and therefore by eliminating this quantity the
sound power radiation should be reduced. In an active control system a volume ve-
locity sensor could be used as an error sensor for the active reduction of sound power

radiation from panels at low frequencies.

The reciprocal nature of the piezoelectric effect allows a transducer designed as a vol-
ume velocity sensor to be used as a distributed actuator which will create a uniform
force over the surface of the plate. A matched pair of transducers (i.e. a volume

velocity sensor and a uniform force actuator) will exhibit minimum phase character-



istics which would, in principle, allow an arbitrarily large feedback gain to be used
in a negative gain feedback system without causing instability. The acoustic perfor-
mance of volume velocity cancellation, with compact and constant force actuators is

discussed in chapter 5.
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Chapter 5

A theoretical comparison of

various active control strategies

5.1 Introduction

The purpose of this chapter is to examine various active control strategies for the re-
duction of sound transmission through a flexible panel. In particular, the cancellation
of volume velocity as an active control strategy for reducing the sound transmission
will be investigated. The intention is to actively drive a secondary actuator, which
is placed on the structure, to thereby alter the structure’s vibrational behaviour such
that there is a reduction in the radiated sound power. Cancellation of volume velocity
has been suggested as a simple control strategy that would achieve good attenuations

in the low frequency region without requiring a complex control system [45, 49].

For the analysis of the control strategies considered here the radiation of sound will
be explained in terms of radiation modes [33] (chapter 2). The net volume velocity of
a panel is a good estimate of the amplitude of the lowest-order radiation mode which
in the low frequency region accounts for the majority of the sound power radiated.
Volume velocity can be measured using a single distributed transducer (chapter 4)
[45, 49, 54, 80] which can be used as an error sensor in a single chanuel feedforward
active control system for controlling the sound radiation from a vibrating surface.
The advantages of this technique are that: (i) only a single surface mounted error

sensor is required instead of a number of microphones placed in the acoustic field
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[17, 18, 43] and (ii) the control strategy does not need to be tailored specifically for

cach application.

For the purposes of comparing various control strategies, the radiation from a thin
rectangular panel mounted on a baffle and excited by a harmonic plane wave is mod-
elled using computer simulations. Both the sound radiation by the panel into free
space and the sound radiation by the panel into enclosures will be considered. A
small piezoelectric actuator, placed on the panel, acts as a secondary source which
will be adjusted according to four control strategies: (i) to drive the volume velocity
of the panel to zero, (ii) to minimize the sound power radiation (optimal strategy),
(iii) to minimize the vibration at a point and (iv) to minimize the total kinetic energy
of the structure. The second strategy, which is difficult to implement practically, will
act as a benchmark against which the performance of the other strategies can be
viewed. It is also important to consider the effects of actively controlling the sound
transmission through the panel on the sound levels in the near field of the panel and
on the structural vibration levels. An increase in the near field sound pressure level
could affect an observer positioned near the panel and an increase in the vibration
level could increase the fatiguing of the structure and could also cause the structure

to exhibit non-linear behaviour.

5.2 Theory

In this section the theory of sound transmission through a thin panel will be devel-
oped. The theoretical models of plate excitation by various sources will be described
(acoustic and structural sources) as will the model for calculating the sound power

radiated by a vibrating plate and the control strategies used to effect control.

5.2.1 Plate excitation due to an incident plane wave

The excitation of a plate due to an incident plane wave can be calculated analytically.
The analysis presented here will follow the work of Wang and Fuller [88]. Figure 5.1
shows the co-ordinate system used and the various dimensions and angles used in

the analysis. A harmonic plane wave incident on a rigid plate at angles 6 and ¢ will

98



create a pressure field p; in the plane of the plate given by,

Incoming plane
wave

Piezoelectric
ceramic

Figure 5.1: The plate configuration used in the numerical experiments

pila,y, 1) = 2P/ ke i) (5.1)

where P; is the amplitude of the incident plane wave which has a wavenumber in
the z-direction given by k, = —ksin(6) cos(¢) and a wavenumber in the y-direction
given by k, = —ksin(0)sin(¢) where k is the wavenumber. For simplicity it will be
assumed that the dynamics of the plate do not affect the forcing due to the incident

wave and that the pressure on the plate’s surface is the same as that for a rigid plate.

“or a harmonically excited simply supported panel the displacement of the surface

w(z,y) can be described as a sum of modes with sinusoidal mode shapes [89].

w@,y) = D > mn sin(m;m) Sm(n;ry

m=1 n=1

) (5.2)

Yy

where the amplitude of the mn!* mode is given by a,,,, and [, and [, are the dimensions
p g y

of the panel in the z and y directions.

The amplitude of a particular mode a,,, will be determined by to two main factors:
(i) the forcing of the mode I, due the geometric coupling between the acoustic and
structural waves multiplied by the amplitude of the acoustic wave and (ii) the complex

resonance term A’ which takes into account the frequency of excitation and will be
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a maximum where the frequency of excitation matches the natural frequency of the

mode. The mode amplitude can therefore be written as

N L (5.3)

The complex resonance term is given by,

1
A 5.
™= S (@A = ) = jo D] (54)

mm

where Wy, is the natural frequency of the mn'® mode, p, is the density of the plate
material, h is half the thickness of the plate and Dy, is the damping of the mn'* mode
and is given by D = 2{w,,,, (where £ is the damping ratio). The natural frequencies
of the plate, Wy, can be calculated using standard plate theory [89].

Al

The forcing term for the mn'* mode due to an incident wave, F | is given by,

Fi  =8PI,.1, (5.

(24
Ut
S’

where [,, and I, are due to the geometric coupling between the plane wave and the

m and n modes. I,, is given by [88],

mi {1 _ (_Ume—jsinocow(wzx/c)]

= (5.6)

[m]? — [sin 0 cos p(wl,/c)]”
If mr = +sinfcos p(wl,/c) the numerator and denominator of the above equation

become zero and [, in this case will be given by,

Ly = Zz—sgn(sin 6 cos ) (5.7)

where sgn denotes the sign of the bracketed quantity (i.e. +1 or —1). Similarly, 7,

is given by,

" [1 — (_] )ne—jsin(?sirup(wly/c)]

[nr]? — [sin 0 sin p(wl,/c)]?

n:

and if nm = £ sinfsine(wl,/¢),
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I, = %.sgn(sin@singo) (5.9)

Fa

These terms can be collected together to determine the mode amplitudes due to the

. . N 1
incident wave da,,,

a = A F (5.10)

mmn mnT mn

For the simulations carried out in section 5.4 of this chapter eighty one modes (m =
1 to9, n=1to9) were used in the modal summation. This gave a reasonable

approximation of the behaviour of the plate over the frequency range of interest.

For the results presented in section 5.4 of this chapter only a sih.gfle acoustic plane
wave was used as a primary excitation. Other more complex acoustic excitations
can be created by summing together the contributions from a number of incident
plane waves. For example, diffuse acoustic fields comprising a large number of plane
waves each with random angles of incidence, amplitudes and phases have been used

as primary excitations. The results however are not dissimilar to those where a single

incident plane wave has been used.

5.2.2 Plate excitation due to a piezoelectric actuator

A piezoelectric patch placed with edges defined by the lines x4, @4, y1 and y, as shown
in figure 5.1, was used as a control source. The strain at the surface of a thin, flat,
isotropic plate is proportional to the second derivative of displacement (out of plane)
with respect to z and y [49]. The forcing of each mode is therefore due to the integral,

over the area of the piezoelectric, of the second derivative of the displacement due to

that mode (chapter 4).

The resulting modal forcing co-efficients F¢,, are given by [88],

Fe. = Cu [(m/mi;(n/zw?)}
cos(mel) - cos(mzxz)} [cos(nzyl) — cos(mlryy2 )} (5.11)
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where u is the complex input signal to the piezoelectric and C' is a constant which is
a function of the material properties of the plate and the piezoelectric, the thickness
of the plate and the piezoelectric and the piezoelectric constant of the piezoelectric
material. A more complete analysis of the behavior of piezoelectric transducers is

given in chapter 4 and by Lee [62].

The total forcing of the structure and hence the structural vibration, will be a super-
position of the forcing due to the incoming plane wave (equation 5.5) and the forcing
due to the secondary actuator (equation 5.11) i.e. F, = Fi + F¢ . In an attempt
to achieve some desired response the control system varies the input voltage to the

secondary actuator such that some cost function is minimized.

5.2.3 Radiation of sound from a vibrating plate using a near

field approach

The radiation of sound from a vibrating plate mounted on an infinite rigid baffle can
be calculated by integrating over the far field the superposition of the acoustic fields
radiated by each of the structural modes [88]. This process is mathematically tedious
and a near field approach was adopted for this work. The vibration of the surface
was approximated by a finite number of elements whose sound power radiation can
be calculated using a matrix of acoustic transfer impedances (equation 2.11). The
far field method is also an approximation since it requires the summation of a finite
number of structural modes. If a sufficiently large number of elements are taken in
the near field model then the accuracy will be comparable to that of the far field
approach (section 5.4.1). The near field elemental model is also easier to interpret
and allows simple calculation of near field pressure levels and optimal control values

(section 5.3).

The power radiated by a vibrating panel can be expressed in terms of the velocities
of a number of elemental radiators as outlined in chapter 2. In particular equa-
tion 2.11 provides a convenient way of calculating radiated power if the acoustic
transfer impedances between elements are known. For sources mounted on an infinite
baffle in free space the transfer impedance between two elements Z;; is given in equa-

tion 2.12. For a specific planar source geometry all of the inter-elemental distances r;;
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can be calculated and the acoustic resistance matrix /2 can thus be calculated using

equation 2.13.

The elemental velocities v can be calculated using a summation of a finite number of
structural modes whose amplitudes are determined by the contributions from both
th

the primary and secondary sources. The mode amplitude of the mn*” mode due to

both primary and secondary sources will be given by,

If the velocity of an elemental source is taken to be the plate velocity at the centre
of the corresponding element then the elemental velocity can be derived by substi-
tuting the co-ordinates of the elemental position into the equation for displacement

(equation 5.2) and multiplying by jw to convert displacement to velocity,

M N . .
b= oo 30 3 ansin T sin U5 (513
Y

m=1n=1 z

where z; and y; are the co-ordinates of the ith element and M and N are the number
of modes used in the modal summation (M = N =9 in the simulations carried out
in this chapter). It is also possible to define a set of elemental velocities due only to
the incident plane wave v' and due to the secondary control force v¢ by using the
individual mode amplitudes @', and a¢,, instead of a,., in the above equation. These

velocity vectors can then be used to calculate the power radiation due to any source

acting on its own.

5.2.4 Radiation into enclosures

The radiation of sound power into an enclosure due to a vibrating surface is dependent
on the mode shapes and the natural frequencies of the acoustic modes of the enclosure

(section 3.4.1). The amplitudes of the acoustic modes b is given by,

b= Aa!pT’U (514)
where the elemental velocities are given by the vector v, the mode shapes over the
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radiating surface are represented by the matrix ¥ and A® is a diagonal matrix of
complex resonance terms (equation 3.14 and equation 3.15). If the natural frequencies
and the acoustic mode shapes are known then the excitation of the acoustic modes
due to any surface velocity vector v can be calculated. From the acoustic mode

amplitudes the total acoustic potential energy in the enclosure can be determined.

The acoustic potential energy in the enclosure £, is the integral of the pressure

squared levels throughout the entire enclosure and is given as,

1
4poc?

By =——; [ Ip(@)?av (5.15)

If the acoustic mode shapes are orthogonal and have been normalized such that for

the n** mode,

/ P2V =V (5.16)
Vv

then the total acoustic potential energy can be expressed as,

1

4’[)06

E, = b7b (5.17)

2

The total acoustic potential energy is is thus proportional to the sum of the squared

acoustic mode amplitudes [71].

5.2.5 Vibration and near field pressure levels

In attempting to control the sound power radiated by a vibrating panel the vibration
levels and near field pressure levels on the panel can be increased. In this section a
measure of the total kinetic energy in the structure and a measure of the near field

pressure levels will be defined.

The sum of the squared velocities of the elemental radiators can be written as,

V =ovHv (5.18)
this is approximately proportional to the total kinetic energy of the structure and will
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be used as a relative measure of the space averaged surface velocity. This parameter
can then be calculated before and after control to determine the effects of control on

vibration (section 5.4).

A measure of the space averaged mean square acoustic pressure in the near field
of the panel can be defined by summing the modulus squared pressure at each of
the elemental positions. Since p = Zwv is the vector of pressures at the elemental
positions, the sum of the squared near field pressures which is written as pp, is

given by,

N =v82"Zv (5.19)

N is a measure of the acoustic potential energy present in the near field of the panel
and the effects of active control on N are considered in section 5.4. 1t should be noted
that the imaginary part of the elemental self-impedance Z;;, given by equation 2.12,
goes to infinity since r; = 0. This is because the elements are modelled as point
sources. To deal with this problem in equation 5.19 the self-impedance of any element
is taken to be the self-impedance of a baffled pulsating hemisphere of similar surface

area where the element is small compared to a wavelength.

5.2.6 Power transmission

Many of the results quoted in the following sections will be expressed in terms of a
power transmission ratio. This is defined as the sound power radiated by the panel
divided by the sound power incident on the plate if the plate were rigid. The power

incident on the plate area if it were rigid (W?) can be written as [88],

W* = | P, cos(0)/2poc (5.20)

Where P; is the incident pressure in equation 5.1. If the sound power radiated by
the other side of the plate is W, then the sound transmission ratio (1') can then be

written as,

T=W"/Ww (5.

jo)

|1

ot
~—

105



T is the inverse of the transmission loss which is the form in which results in other
publications have often been expressed [88], but the results presented here are pre-

sented in terms of 1" since this is a convenient normalized form of the radiated power.

5.3 Cost functions

In this section four control strategies are presented. The control strategies are: (i)
the minimization of total radiated sound power, which is the optimal control strategy
for radiation into a free field, (ii) cancellation of volume velocity, (iii) minimization

of the sum of the squared velocities and (iv) cancellation of the velocity at a point.

5.3.1 Minimization of total radiated power

As discussed in section 5.2.3, the velocity distribution due to an incident plane wave
can be calculated and is represented by the vector v*. Similarly, the velocity distri-
bution due to the secondary control input can be defined as v°. The forcing of the
structure by the control force is linearly dependent on the input signal to the source
and the velocity distribution v is considered to be a combination of the velocity due

to a unit input voltage g times some complex control signal w.

c

v° = gu (5.22)

The total velocity of the structure v can now be written as,

v = v + gu (5.23)
and by substituting equation 5.23 into equation 2.11 the sound power radiation can
be written as,

W = (v +gu)” R(v'+ gu)
= (v')" Rv' + (v') Rgu + u*g" Rv' 4+ u"g" Rgu (5.24)

This equation has a Hermitian quadratic form and can be rewritten in terms of u,

the control signal, as,
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W= wAu+ b+ bu+c (5.25)

where A = g Rg, b = g Rv' and ¢ = (v))? Rv'. Given that R is positive definite
this function will have a unique minimum value when v = u,, = —A~1b for which
the minimum power Wi, = ¢ — b A=1b [71]. This analysis can readiiy be extended
to multichannel systems where there is more than one secondary source present.
It should be emphasized that minimization is being performed at a single known
excitation frequency and thus represents the best performance that could be obtained

using a feedforward control system.

5.3.2 Cancellation of volume velocity

The cancellation of volume velocity will be tested as a strategy for the control of
sound power radiation and compared with the results of power minimization. The net
complex volume velocity ) of the structure is, within the accuracy of this calculation,
given by the sum of the complex velocities at each of the elemental positions and can

be written in terms of the velocity vector,

Q=q"v (5.26)

where qlT is a I-length vector (I being the total number of elements) in which every
element is unity. If the total velocity of the surface is defined to be a combination of

contributions from the primary and secondary sources then the volume velocity can

be expressed as,

Q= q'v' + q'gu (5.27)

primary  secondary

The optimal secondary source strength wu,, which cancels the volume velocity by

setting @ to zero [52] can thus be written as,




It should be emphasized that this control strategy does not necessarily drive the
velocity of the structure to zero at any point but drives its average velocity to zero,

so that there is no volumetric contribution from its motion.
If this control strategy were used in a practical control system the optimal secondary
source strength u,, could be approached using a steepest decent algorithm to minimize

the output of the error sensor squared (i.e. Q?).

5.3.3 Minimization of the sum of the squared velocities

The minimization of the sum of the squared velocities at the elemental positions is
effectively minimizing an estimate of the total kinetic energy of the plate (V). If the
vector of velocities at the [ elements is given by equation 5.23 the sum of the squared

velocities V' can be expressed using equation 5.18, as,

V = (v' + gu)? (vt + gu) = (v)Hv + (v) gu + v g v’ + u*g¥ gu (5.29)

This equation also has a Hermitian quadratic form and can be rewritten in terms of

u, the control signal, as,

V=u"Au+ub+bu+c (5.30)

where now A = g'g, b = g"v' and ¢ = (v')#v'. This function will have a unique
minimum value when u = ug;, = —A~'b for which the minimum value of the sum of

the squared velocities Vi = ¢ — BT A71H [71].

5.3.4 Cancellation of the velocity at a point

This is the control strategy which would be implemented by a simple active vibration
control system with a single error sensor on the panel. If the velocity at the ith
element due to the primary source v! and the velocity at this element due to a unit
input voltage to the secondary source g; are known, then the complex control signal

wyer Tequired to cancel the velocity of the 7™ element is given by,
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ot

Upel = - (5.31
P 5.31)

where g¢; is equivalent to the complex transfer impedance between the input to the
secondary actuator and the output of a velocity measuring device at the 1** position

on the plate.

5.4 A comparison of active control strategies

In this section a number of different computer simulations are presented all of which
involve the active control of sound radiation from a rectangular panel mounted on
an infinite baflle, excited by an incoming harmonic plane wave anci radiating into a
semi-infinite space. The plate thickness and the secondary actuator are changed to

demonstrate various features of the control approaches considered here.

The intention is to compare the effects of the minimization of sound power radiation,
the cancellation of volume velocity, the cancellation of the velocity at a point on the
panel and the minimization of vibrational energy, on the total acoustic power output
of the panel, the vibration levels on the panel and the near field acoustic pressure

levels. Acoustic and vibration control will be investigated in terms of radiation modes.

5.4.1 A comparison of results: Near field vs Far field

Wang et al. demonstrated [88] that a secondary actuator (or a number of them)
could in principle be used to reduce the amount of sound transmitted through a plate
mounted on a baflle. They considered the transmission through a 2mm thick steel
plate, having dimensions [, = 380mm and [, = 300mm, and used the far field integral
approach to calculate the radiated sound power. The physical constants assumed by
these authors are given in table 5.1. A similar simulation for a steel plate using the
near field approach (section 5.2.3) was carried out and the results compared with
those of Wang et al. The primary source was assumed to be a plane wave incident
on the plate at § = 45° and ¢ = 0° (figure 5.1) and the secondary input was supplied
by a small centrally positioned piezoelectric actuator. In the model used by Wang

et al. plate damping is not considered, but in the results presented here a small
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amount of damping has been added (¢ = 0.002) to make the on-resonance response
of the system more realistic. The attenuations predicted here achieved using a single
centrally located piezoelectric control source adjusted to minimize radiated sound

power are within one decibel of the results quoted in the paper by Wang et al. [88].

Density (p) | Poisson’s ratio (v) | Young’s Modulus (E)
Steel 7870(kg/m?) 0.292 207 x 10°(N/m?)
Aluminium | 2720(kg/m?) 0.33 71 x 10°(N/m?)

‘able 5.1: The physical constants for the plate materials used in the simulations.

Figure 5.2 shows the power transmission through the plate before control (solid line),
after minimization of the radiated power (dashed line) and after cancelling the vol-
ume velocity (dotted line). The strategy of volume velocity cancellation achieves
good reductions in sound power transmission especially at low frequencies and these
reductions are very similar to those achieved using the optimal control strategy of
sound power minimization, except for a frequency region between 400H z and 450H z.

The reasons for this will be dealt with in the following section.

Power transmission ratio (T)

] . i i i 1 i
0 100 200 300 400 500 600 700
Frequency (H2)

Figure 5.2: The sound power transmission through a 380mm x 300mm x 2mm steel
plate before control (solid), after minimization of radiated sound power (dashed) and
after cancellation of volume velocity (dotted) as a function of excitation frequency.
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5.4.2 Sound power minimization and volume velocity cancel-

lation

To explore the mechanisms involved in the minimization of sound power radiation,
a simulation was carried out in which the modal density was considerably higher
than the modal density of the plate considered in the section above. A 1mm thick
aluminium plate, with dimensions [, and [, as above, was assumed. Therefore, at
a given frequency this plate has a higher modal density than the 2mm steel plate
considered in the section above. The plate was then excited by a plane wave incident
at 0 = 45° and ¢ = 45°. Since ¢ # 0, all of the n = even plate modes were
excited (equation 5.8) which further increases the number of modes excited by the
primary field in the frequency range considered. A small (25mm by !25mm) centrally
positioned piezoelectric patch was used as a secondary actuator. The resulting sound
transmission ratios before and after control when using the strategies of minimization
of sound power radiation and cancellation volume velocity are shown in Figure 5.3. It
is again clear that significant attenuations in sound power radiation are possible up
to about 500H z, which corresponds to kl, = 3.5, and that up to this frequency there
is, in general, little difference between the attenuations achieved using sound power
minimization or volume velocity cancellation, apart from very narrow frequency bands

at about 220H 2 and 410H .

To help explain the mechanisms of control the active control of the transmission for
a specific excitation frequency of 350Hz (kI = 2.45, as shown in figure 5.3) will
be analysed in more detail. The minimization of the sound power radiation using a
single secondary source achieves a 12.5d B reduction in the sound transmission ratio at
this frequency (figure 5.3). The changes in the structural mode content which cause
this large decrease in the sound power radiation will be examined in more detail.
Figure 5.4 shows the relative kinetic energies of the first fifty structural modes, before
and after the minimization of radiated sound power where 0dB represents the total
kinetic energy of the panel before control. The values of the modal integers m and n
corresponding to the ordering used in figure 5.4 are listed in table 5.2. Both before
and after control there are a large number of well excited structural modes but there is

a significant increase in structural vibration after control. This data is also displayed
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Figure 5.3: The sound power transmission through a 380mm x 300mm x lmm
aluminium plate before control (solid), after minimization of radiated sound power
(dashed) and after cancellation of volume velocity (dotted) as a function of frequency.
in figure 5.5, which illustrates more clearly that paradoxically it is the amplitudes of

the efficiently radiating odd-odd structural modes (e.g. the (3,3) mode) which are

increased by the action of the secondary source.

m

1 2 3 4 5 6 7T 8 9
1 2 5 8 12 18 26 35 43
3 4 6 10 16 22 28 37 46
79 11 15 19 25 33 41 -
13 14 17 21 27 31 39 49 -

20 23 24 29 34 40 48 - -
30 32 36 38 45 50 - - -
42 44 47 - - - - - -

B
~N O U B WO DN

Table 5.2: The structural mode numbers as shown in figure 5.4 as a function of their
individual modal integers m and n.

When minimizing the total sound power radiation the secondary source alters the
amplitudes and phases of the structural modes so that their net radiation efficiency
is low. This process is often termed modal restructuring [18]. The effect of modal
restructuring is to cause the acoustic pressures in the far field due to the individual

structural modes to largely cancel each other. In an early paper by Fuller [43] where
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Figure 5.4: The kinetic energy contained in each of the first fifty structural modes
of the panel at 350H z, before control (top diagram) and after the minimization of
sound power radiation (bottom diagram).

he used point forces to control the sound radiation from a circular panel he states that
the reductions in acoustic level are due to “the control source modifying the plate
source characteristics...” producing a “...lower radiation efficiency.” The mechanism
by which this is achieved is not immediately obvious. The interaction of not only the
amplitudes but also the phases of each of these structural modes must be considered
to achieve an understanding of the radiation of the sound. The total power radiated
by the structure can be considered as a combination of the power radiated by each
of the structural modes. However, the power radiated by any one structural mode is
dependent on the amplitudes and phases of all of the other structural modes since
their radiation is inter-independent (equation 2.15). It is very difficult to gain a clear
understanding of how the structural mode content should be altered to reduce the
total sound power radiation. Any attempt to control the sound power radiation by
controlling the amplitude of a specific structural mode is only likely to be successful

near to the resonant frequency of that mode.

If, however, the vibration of the plate is viewed in terms of a sum of radiation modes,
instead of structural modes, the problem is greatly simplified. Figure 5.6 shows the

sound power radiated by each of the radiation modes before and after the mini-
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Figure 5.5: The kinetic energy contained in the structural modes of the panel at
350H z, (a) before control and (b) after the minimization of sound power radiation.
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mization of total radiated sound power, where 0dB represents the total sound power
radiated by the panel before control. Since the radiation from any single radiation
mode is independent of the amplitudes of any other radiation mode their individual
contribution to the total power radiated can be easily calculated. At 350H = the first
radiation mode accounts for 95.6% of the total sound power radiated with no control
and the net effect of driving the secondary actuator to minimize the radiated sound
power is to substantially reduce the amplitude of the first radiation mode. Although
the higher order radiation modes are then also well excited, their radiation efficiencies
at 350H z (kl=2.45) (as shown in chapter 2) are very low. The amplitudes of the 5%
and 6" radiation modes, in particular, are increased after control but because of their
very low radiation efficiencies they do not significantly contribute to the total sound
power radiated. The effect of modal restructuring is thus to shift thé contribution of
the structural modes from well radiating low order radiation modes to higher order

poorly radiating radiation modes.
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Figure 5.6: The sound power radiated by the first eight radiation modes at 350 z,
before control (top diagram) and after the minimization of radiated sound power
(bottom diagram).

If there are a large number of well excited structural modes present, the ability of
the secondary actuator to achieve significant attenuations in sound power radiation

can be most readily explained in terms of radiation mode amplitudes. For excitation
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frequencies at which the first radiation mode is far more efficiently radiating than the
other higher order radiation modes, good control should be possible using a single
secondary source. If a number of sensibly placed secondary sources operating at
higher excitation frequencies are used, then it is likely that at least that number
of radiation modes will be controlled and the ability to achieve good attenuations
is dependent on there being an equal or smaller number of well radiating radiation
modes than secondary sources. Conversely, for a very stiff plate, where even at high
kl values their are relatively few significantly excited structural modes, the ability to
achieve significant attenuations is dependent upon the number of significantly excited
structural modes compared with the number of control forces. At high frequencies
the radiation from structural modes becomes almost independent apd it is thus only
in the low frequency region that the radiation mode approach is uéeful, particularly

for flexible structures.

As has been shown in chapter 2, the volume velocity of a structure is a good ap-
proximation to the amplitude of the first radiation mode at low frequencies. Given
also that at low frequencies the first radiation mode is responsible for the majority
of the sound power radiation, volume velocity will act as a good measure of sound
power radiation from a vibrating surface. For the example quoted above in which
the excitation frequency was 350H z, the reduction in the sound transmission ratio
due to volume velocity cancellation was 11.3d B which compares well with the 12.5d 5
of attenuation achieved by using the optimal control strategy of sound power min-
imization. Although volume velocity cancellation is slightly less effective than the
minimization of sound power radiation in attenuating the sound power transmission
at low frequencies, the simplifications in the required sensing are enormous. The
volume velocity of a plate can be measured using a single distributed sensor whose
design is independent of the material properties of the plate and does not have to
take into account the exact excitation frequencies or structural mode content of the
plate [54] (chapter 4). To measure the sound power radiation from a vibrating panel
would potentially require large numbers of matched vibration or acoustic sensors.
Volume velocity cancellation is a simple, robust and effective technique for the active
control of sound power transmission at low frequencies which only requires a single

distributed sensor on the structure.
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There are frequencies at which the cancellation of volume velocity can lead to signif-
icant increases in the radiated sound power (e.g. 220H z in figure 5.3). This effect is
due to the secondary source being unable to efficiently drive the first radiation mode
at this frequency. The secondary source excites the structural modes, which in turn
contribute to the amplitudes of the radiation modes. Structural modes.can be excited
by the secondary actuator such that their phases can either lead or lag the phase of
the input to the secondary source (equations 5.4 and 5.11). It is possible that a set
of structural modes which contribute to the amplitude of the first radiation mode are
excited out-of-phase with another set of structural modes which also contribute to the
amplitude of the first radiation mode such that their contributions largely cancel each
other. Under these circumstances the secondary source will drive extremely hard in
an attempt to cancel the amplitude of the first radiation mode and asv a result strongly
excite higher order radiation modes which will begin to radiate significant amounts of
sound power. Using the strategy of volume velocity cancellation the control system
has no means of detecting the radiation from higher order radiation modes and hence
increases in sound power radiation can occur but only appear to be significant in nar-
row frequency ranges if k[ is small. This can be clearly demonstrated by looking at
the frequency response between the input to the secondary source and the output of
the volume velocity sensor (figure 5.7). The frequency regions in which the frequency
response is very small correspond to the frequency regions in which the secondary
source has to drive hard to cancel the volume velocity and so excites the higher order
radiation modes and causes an increase in the radiated sound. The increase in radi-
ated power at these frequencies can be controlled by adjusting the secondary source
to minimize a cost function which includes both control effort (mean square control

signal |u|?) as well as mean square volume velocity such as,

J=1QP + Bluf? (5.32)

Small values of the parameter § give attenuations in the volume velocity and hence
radiated sound power which are almost the same as those shown in figure 5.3 but

reduce the amplifications around the problem frequencies of 2201 z and 410H z.

Another way of ensuring that the volume velocity is controllable at every frequency is

to use more than one secondary source [32] or a secondary source which couples more
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Figure 5.7: The modulus of the frequency response between the input to the piezo-
electric actuator and the output of the volume velocity sensor.

effectively to the volume velocity at all frequencies. The design of such a secondary

source will be returned to in section 5.4.5.

5.4.3 Other effects: Vibration and near field pressure levels

In attempting to control the sound power transmitted through a panel with the
secondary actuator other effects may occur which may not be desirable. For example,
significant and often large increases in vibration [60] and near field pressure levels can
be generated. Figure 5.8 shows the sum of the squared velocities (V' calculated in
equation 5.18) for the panel before and after control of both sound power radiation
and volume velocity. There can be large increases in the levels of vibration after
control, except at very low frequencies where the first structural mode dominates the
vibration and the strategies of sound power minimization and minimizing the sum
of the squared velocities are equivalent. By minimizing the sound power radiation
at 350H z the average level of vibration is increased by 9.9dB. Although the average
level of vibration has increased, the efficiency with which the panel radiates sound
power is so significantly decreased that there is still an 12.5d B reduction in the sound

power radiation. The increase in vibration after control can be thought of as being
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due to strong excitation of the higher order radiation modes (as seen in figure 5.6)
whose radiation efficiencies at this frequency are still very small in comparison to the

radiation efficiency of the first radiation mode.

Sum of the squared velocities (V)
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Figure 5.8: The sum of the squared velocities of the elemental radiators before control
(solid), after minimization of radiated sound power (dashed) and after cancellation
of volume velocity (dotted) as a function of frequency.

As well as the increases in vibration levels there can also be increases in the pressure
levels observed near the surface of the panel. This may be undesirable if there is a
possibility of an observer close to the surface as well as in the far field. Figure 5.9
shows the mean squared pressure levels at the surface of the panel, calculated using
equation 5.19, before and after control using the two control strategies. It is only
at low frequencies that the minimization of radiated sound power leads to a large
reduction in the sum of the squared pressure (N) and again in some frequency regions

large increases can be observed.

The frequency regions where the increases in vibration levels and pressure levels are
greatest correspond to frequencies at which the secondary source is incapable of effec-
tively coupling into the first radiation mode. At these frequencies the contrpl system
is unable to achieve any significant reductions in sound power radiation using either
minimization of sound power radiation or volume velocity cancellation (figure 5.3).

It should be noted that there is an increase in the vibration and near-field pressure,

119



Sum of the squared pressures (N)

9 L L § . i 2 X
0 100 200 300 400 500 600 700
Frequency (Hz)

Figure 5.9: The sum of the squared near-field pressures (V) before control (solid),
after minimization of radiated sound power (dashed) and after cancellation of volume
velocity (dotted) as a function of frequency.

at these frequencies, even when the optimal strategy of sound power minimization is
used. This supports the conclusion that it is the secondary actuator which is causing

the problem rather than the strategy of volume velocity cancellation.

5.4.4 Vibration control

To further demonstrate that the main mechanism of acoustic control in not always
vibration reduction, computer simulations were carried out in which either the vibra-
tion at the centre of the plate was cancelled or the kinetic energy of the plate was
minimized by the action of the secondary source. The plate configuration used is

exactly the same as in the former sections.

Figure 5.10 shows the resulting vibration levels before and after control using these
two control strategies. The cancellation of the vibration at the centre of the plate
causes increases in the total vibration levels in many frequency regions. The mini-
mization of the sum of the squared velocities of all of the elements results in useful
reductions in vibration level up to 300H z but has little or no effect above 400H z. For

this example, where there is a high structural modal density at low frequencies but
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few efficient radiation modes, control of vibration level is significantly more difficult

than reductions in the acoustic power output.

Sum of the squared velocities (V)

1. 1 1. i i vi
0 100 200 300 400 500 600 700
Frequency (Hz)

Figure 5.10: The sum of the squared velocities of the elemental radiators before
control (solid), after minimization of the sum of the squared velocities (dashed) and
after cancellation the vibration in the centre of the plate (dotted) as a function of
frequency.

The resulting acoustic power transmission ratios for the two vibration control strate-
gies are shown in figure 5.11 and can be contrasted with the performance of the
other control strategies as shown in figure 5.3. The cancellation of the vibration
at the centre of the plate is ineffective in controlling the acoustic power transmission
through the plate with the exception of a few narrow frequency regions corresponding
to the natural frequencies of low order structural modes. Cancellation of the vibra-
tion at the centre of the panel pins the centre of the panel and therefore alters the
resonant frequencies of the odd-odd structural modes without altering the resonant
frequency of any odd-even or even-even structural modes. At very low frequencies,
where the plate’s response is dominated by the first structural mode, minimization of
the sum of the squared velocities produces significant reductions in the acoustic power
transmission ratio. Reductions in the transmission ratio are also possible close to a
structural mode resonance where the response in dominated by a single structural
mode. Over most of the frequency range the minimization of the sum of the squared

velocities is ineflective as a technique for controlling the acoustic transmission ratio
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for this panel. It does not however produce any significant increases in the acoustic

transmission ratio.

Power fransmission ratio (T)
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Figure 5.11: The sound power transmission through a 380mm x 300mm x lmm
aluminium plate before control (solid), after minimization of the sum of the squared
velocities (dashed) and after cancellation of the vibration at the centre of the plate
(dotted) as a function of frequency.

5.4.5 Reducing control spillover

The increases in vibration and near field pressure levels shown in figures 5.8 and 5.9
are due to the secondary actuator causing control spillover [17, 43]. Control spillover is
conventionally understood in terms of structural modes, where the secondary actuator
excites structural modes that are weakly excited by the primary source in its attempt
to control the structural modes which the primary source strongly excites. In the
context of sound radiation control, control spillover can be most readily understood

in terms of the spillover of radiation modes.

The amount of control spillover is determined by the type and size of the control
actuator. If the size of the centrally located piezoelectric actuator used in the simu-
lations is varied, it is found that the amount of control spillover does not vary to a
large extent if the size of the actuator is considerably smaller than a structural wave-

length. If a point force actuator is used instead of a small piezoelectric actuator (in
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the same position) the control spillover is found to occur into lower order structural
modes but the extent of the spillover is similar. Piezoelectric actuators are in general
more efficient at exciting higher order structural modes (equation 5.11). In general,
however, there appears to be no clear preference for either a small piezoelectric or
point force actuator and in a given application the relative amounts of spillover from

the two types of actuator will be very dependent on the excitation frequency.

If a pair of discrete sensors and actuators are co-located on a structure they will
observe and excite the structure in a similar manner [4, 12]. This property also carries
over to distributed actuators and sensors (section 4.4). A reciprocal transducer,
originally designed as a volume velocity sensor, will generate a uniform force over
the surface of the panel when driven by a voltage. If a volume velocity sensor and
a uniform-force actuator are used as a sensor/actuator pair to control the sound
power radiation, the cancellation of the volume velocity can be achieved without
causing increases in the vibration and near field pressure levels. Figure 5.12 shows the
sound power transmission before and after control when using a distributed uniform-
force actuator. The use of a uniform-force actuator instead of a piezoelectric patch
increases the useful frequency range of control to above 600Hz and also increases
the attenuations possible over the entire frequency range. The control strategies of
minimizing sound power and cancelling volume velocity produce extremely similar
results in this case. Without any control spillover the vibration (figure 5.13) and the
near field pressure (figure 5.14) are not adversely effected by control, and for most of

the frequency range significant reductions in these quantities are also observed.

Having matched transducers (for example, a volume velocity sensor and a uniform
force actuator) also implies that the transfer function between these transducers is
minimum phase (section 4.4). The frequency response of a minimum phase system
can always, in principle, be exactly compensated for to give an overall response with
no delay [71]. In an adaptive feedforward control system the speed of convergence is
always limited by the delays in the system under control [71], and so this arrangement

of actuator and sensor could result in a very fast acting controller.

The possibility of a feedback controller can also be contemplated in which the output
of the volume velocity sensor is fed back to the uniform pressure actuator as shown

in figure 5.15a. The equivalent block diagram is shown in figure 5.15b and the overall
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Figure 5.12: The sound power transmission through the panel, using a uniform-force
actuator, before control (solid), after minimization of radiated sound power (dashed)
and after cancellation of volume velocity (dotted) as a function of frequency.
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Figure 5.13: The sum of the squared velocities of the elemental radiators before control
(solid), after minimization of radiated sound power (dashed) and after cancellation
of volume velocity (dotted) when using a uniform-force actuator.
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Figure 5.14: The sum of the squared near-field pressures (V) before control (solid),
after minimization of radiated sound power (dashed) and after cancellation of volume
velocity (dotted) when using a uniform-force actuator.

frequency response from the primary disturbance to the error signal is given by,

w

) =TT 933
If the system under control, G(jw), is minimum phase then in principle its response
can be perfectly compensated for by the controller H(jw), which can also incorporate
a large feedback gain such that 1+ G(jw)H (jw) is always entirely real and very large.
Under these circumstances e(jw)/d(jw) is very small and so the performance of the
feedback system is the same as the feedforward one. The advantage of a feedback
system is that no reference signal is necessary and therefore broadband noise as well
as harmonic disturbances can be controlled. Feedback control will be considered in

more detail in chapter 8 of this thesis.

5.5 Control of radiation into finite enclosures

The control of sound levels in enclosures is an important application for active control,

in particular for cars and aircraft [71]. In this section the effectiveness of cancelling
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Figure 5.15: A feedback control system using (a) a volume velocity sensor and a
uniform-force actuator matched pair and (b) the equivalent block diagram.

the volume velocity of a vibrating panel when it is radiating sound into an enclosed

space will be investigated.

The radiation of sound into enclosures differs from the radiation of sound into free
space in that the acoustic impedance between two points on a vibrating surface is
determined by the acoustic modes in the enclosure and not simply by the distance

between the points (equation 3.17).

Power vs Energy

In this thesis the radiation of sound has been dealt with in terms of acoustic power
output. HoWever, most of the active control systems used to control the sound in
enclosures, attempt to minimize the acoustic potential energy in the enclosure. The
acoustic potential energy in an enclosure will depend upon the acoustic power input
to the enclosure and the level of acoustic damping in the enclosure. The minimization
of acoustic power output is therefore subtly different from the minimization of the
acoustic potential energy in that the minimization of acoustic potential energy places
more emphasis on controlling the acoustic modes which have low damping [48]. At
a single frequency the acoustic resonances which are well excited will in general have
similar natural frequencies and similar acoustic damping. The damping model used
in this work, equation 3.15, assumes the damping of a mode to be proportional to its

natural frequency (i.e. 26wy, where ¢ is the damping ratio). This implies that the
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largest discrepancy between the minimization of sound power and the minimization
of acoustic potential energy will occur at low frequencies where there can be a large
relative change in the natural frequency of consecutive modes or if the sound absorbing
material in the enclosure is distributed such that adjacent modes have a very different
damping ratios. The discrepancy between these two methods will alsoe increase with
higher levels of damping. In general however, it is found that these two methods

produce near identical results and for practical purposes they can in most cases be

considered to be the same [48].

To be consistent with earlier work [71], the results given in this section will be pre-

sented in terms of the change in the acoustic potential energy in the enclosure .

5.5.1 Control of radiation into a finite duct

The control of a simply supported beam radiating sound into a finite duct is taken
as the first and simplest example of the active control of sound transmission into an
enclosure (figure 5.16). The internal acoustic response due to an externally incident

acoustic plane wave will be affected by the natural resonances of both the beam and

the acoustic enclosure.

nd transmission into a fini ct
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Figure 5.16: The transmission of sound into a finite duct through a single simply

supported beam.

Consider a single simply supported 0.5mm thick aluminium beam (positioned at
¢ =0.3/L tox =05/Lie [ =0.2L) as the only source of sound in a finite duct
of length L = Im (figure 5.16). The damping ratios for the acoustic medes and the

beam’s structural modes are both taken to be 0.02. The sound in the enclosure is
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due to the vibration of the beam which is in turn excited by an incoming plane wave
angled at 45° to the duct. The beam is controlled using a single point force actuator
located at the centre of the beam. The acoustic potential energy in the duct after the
minimization of the sound power radiation of the beam into the duct and after the
cancellation of the beam’s volume velocity is shown in figure 5.17 in- terms of non-
dimensional frequency kl. Up to kl = 1 the cancellation of volume velocity produces
similar reductions in the internal acoustic energy levels as the optimal strategy of
minimization of sound power radiation. At higher frequencies the first radiation
mode does not dominate the radiation from the beam and little attenuation in the

radiated power can be achieved using a single secondary source (section 3.4.2).

Acoustic potential energy (arbitrary units)

-12 ! il i L 1 i i 1 H 1
0 0.5 1 1.5 2 25 3 35 4 4.5 5
Non-dimensional frequency (ki)

Figure 5.17: The acoustic potential energy in a finite duct due to the primary source
(solid), the minimization of the sound power output (dotted) and the cancellation of
the volume velocity of the beam (dashed) using a single centrally placed point force
actuator as a secondary source.

5.5.2 Control of radiation into a cuboid enclosure

The radiation of sound into a three dimensional cuboid enclosure is a more realistic
scenario for the application of an active control system. Figure 5.18 shows the sys-
tem configuration for the control of sound power into two cuboid enclosures having

dimensions 2.2m x 2.0m x 6.0m and 2.2m x 1.0m x 0.8m. The only acoustic source in
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the enclosure is considered to be a rectangular simply supported aluminium plate of
Imm thickness whose centre is positioned at y = 0.19m, z = 1.95m for enclosure (a)
and y = 0.19m, z = 0.55m for enclosure (b). The plate has dimensions [, = 0.38m
and [, = 0.3m with a damping ratio of 0.002 which is the same as for the plate used
in the active control simulations described in section 5.4.2. The plate is excited by
an incoming plane wave angled at § = 45° and ¢ = 45° (figure 5.1). The secondary
control source is a small piezoelectric actuator positioned at the centre of the plate.

The damping ratio for the acoustic modes in the enclosure is taken to be 0.02.

Radiation from a simply supported panel
into a cuboid enclosure

(a)
(b)
e
27
2z :
. Simply supported N .
L — rectangular panel : I e . 1 0m
N 3ot « .
2.0m
a
2.2m

2.2m

Figure 5.18: A 0.38m x 0.3m rectangular simply supported panel radiating into a
three dimensional enclosure of dimensions 2.2m x 2.0m x 6.0m for enclosure (a) and
2.2m x 1.0m x 0.8m for enclosure (b).

The reductions in the internal acoustic energy levels are very similar in this case for
both the minimization of sound power radiation and for the cancellation of volume
velocity (figure 5.19 and figure 5.20). Very good reductions are possible at low {re-
quencies and even at relatively high frequencies significant reductions are still possible
for both enclosures (over 12dB at 350H z kl, = 2.45 in both cases by cancelling volume
velocity). The size of the enclosure does not seem to greatly affect the performance of
the system. For both enclosures the resonant behaviour of the acoustic potential en-
ergy in the enclosure at higher frequencies is principally due to the structural modes
of the plate and not the acoustic modes of the enclosure and this can be seen by

comparing figures 5.19 and 5.20 with the case where the plate is radiating into free
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space shown if figure 5.3. This is because at any one frequency in this region there
are a large number of acoustic modes which are significantly excited which tends to

flatten the response of the enclosure.

Acoustic potential energy
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Frequency (Hz)

Figure 5.19: The acoustic potential energy in enclosure (a) due to the primary source
(solid), the minimization of the sound power output (dotted) and the cancellation of
the volume velocity of the plate (dashed) using a single centrally placed piezoelectric
actuator as a secondary source.

The acoustic modal overlap factor [71], which is a measure of the number of acoustic
resonances which are likely to be present within the 3d B bandwidth of a single reso-
nance, increases very rapidly for a three-dimensional enclosure. If the modal overlap
factor is large it is unlikely that effects which are due to the dominance of a single
mode will be observed and the performance of the system will be due to the combined
action of a large number of modes. The modal overlap factor is generally defined to
be three at the Schroeder frequency where the enclosure begins to act as a diffuse
field [71]. The Schroeder frequency for enclosure (a) is 178 Hz and for enclosure (b)
is 440Hz. Tt is known that the average behaviour of an active control system acting
in a diffuse field is similar to that in a free field [71]. For the example of a duct,
the modal overlap factor does not increase rapidly and therefore the radiation mode

shapes are more likely to be dominated by a single acoustic mode.
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Acoustic potential energy
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Figure 5.20: The acoustic potential energy in enclosure (b) due to the primary source
(solid), the minimization of the sound power output (dotted) and the cancellation of
the volume velocity of the plate (dashed) using a single centrally placed piezoelectric
actuator as a secondary source.

5.6 Conclusions

The active control of sound power radiation and the active cancellation of volume
velocity has been investigated analytically. A series of computer simulations have
been carried out in which a panel was excited by a single incident harmonic plane wave
and a secondary piezoceramic actuator on the panel is driven to cancel the volume
velocity of the panel. For comparison, other control strategies such as minimization
of total power output, vibration cancellation at a point and minimization of total
kinetic energy, have also been investigated. Both the radiation from a panel mounted
on to an infinite baffle radiating into free space and a beam or plate radiating into an
enclosure have been investigated to determine the likely performance of these control

strategies in various circumstances.

The active control of sound radiation from a panel has previously been formulated in
terms of the radiation from a set of structural modes. The radiation of sound from
each structural mode, however, is dependent not only on the amplitude of this mode
but also on the amplitudes of many of the other structural modes. The interdepen-

dence of the acoustic radiation from structural modes makes it difficult to determine
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what the basic mechanisms of radiation are, and this in turn makes it difficult to
formulate active control strategies. Alternatively, the radiation of sound power can
be viewed in terms of a set of orthogonal, independently radiating velocity distribu-
tions which are termed radiation modes. It has been shown that the first radiation
mode is the dominant radiator of sound power at low frequencies and that by re-
ducing the amplitude of the first radiation mode, large reductions in radiated sound
power can be achieved. At low frequencies the amplitude of the first radiation mode
is well approximated by the net volume velocity of the panel and therefore the can-
cellation of volume velocity is a very good strategy for the reduction of sound power
transmission at low frequencies. This conclusion has been supported by the results
of the simulations carried out here, in which the strategies of ca,r;cgllation of volume
velocity and minimization of radiated sound power are compared. The minimization
of radiated sound power defines the physical limitations of the control system but
is difficult to implement in practice. It has been shown that at low frequencies the
cancellation of volume velocity achieves very similar attenuations to that of sound

power minimization.

The usefulness of the cancellation of volume velocity as a control strategy carries over
to the radiation of sound into finite enclosures which has been investigated for a single
panel radiating into different size enclosures. In the one-dimensional duct the modal
overlap factor remains low over a large frequency range and hence the response of
the system at most frequencies is dominated by a single acoustic mode. This implies
that the volume velocity is a poor estimate of the amplitude of the first radiation
mode since the shape of the first radiation mode is determined to a large extent
by the shape of a single acoustic mode (section 3.4.2). This also implies that there
are many frequencies at which the secondary source is poorly coupled to the internal
acoustic field and therefore very little control can be achieved regardless of the control
strategy used. In three-dimensional enclosures there are a larger number of acoustic
modes at high frequencies and on average the control system behaves as if it were in
a free field, particularly for the larger enclosure. The radiation mode shapes in this
case are similar to those for radiation into a free field (section 3.4.3) and hence the
cancellation of volume velocity produces a large reduction in the amplitude of the first

radiation mode and therefore a significant reduction in the sound power radiation.
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These results suggest that if the panels that form the boundaries of an enclosure (e.g.
an aircraft cabin) are controlled locally to cancel the volume velocity, then significant
reductions in the overall sound levels can be achieved. If the enclosure has a high
acoustic modal density, direct control of the sound field is more difficult and 1t is more
likely that the cancellation of the volume velocity of individual panels.will be a more

successful strategy for reducing the overall sound pressure levels.

The action of the secondary source in minimizing the sound power radiation from a
plate can in many cases cause an increase in the plate’s vibration levels and also lead
to increases in the plate’s near field pressure levels due to control spillover. By using
a volume velocity sensor and a uniform-force actuator as a matched actuator/sensor
pair, control spillover can be greatly reduced. The control system can then achieve
large attenuations in the sound power radiation at low frequencies whilst also reducing

the levels of vibration and the near field pressure levels.

The use of a matched pair of transducers can also have additional benefits when
used in a feedback control system. The transfer function between a matched ac-
tuator/sensor pair will be minimum phase and therefore will not accumulate phase
with increasing frequency. This suggests that a perfect actuator/sensor matched pair
could be used in a feedback system which had an arbitrarily large feedback gain.
This feedback system would therefore achieve the same attenuations possible as with
a feedforward control system but would require no reference signal and be able to

accommodate any type of disturbance, random, transient or harmonic.
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Chapter 6

The active control of sound

transmission into a cylinder

6.1 Introduction

This chapter is concerned with computer and laboratory experiments on the active
control of sound transmission into an enclosed cylinder. The motivation for this
work derives from problems experienced in the space industry where payloads may
be damaged during launch by the high levels of noise from the engines. Passive
noise reduction usually has a large weight penalty associated with it, especially at
low frequencies. It is clear that weight is of the utmost importance in the design of
launch vehicles and the active reduction of the noise transmission using secondary
actuators is potentially a light weight solution. For the purposes of this investigation
piezoelectric transducers are used as actuators although it may also be possible to use
other types of actuators. Piezoelectric actuators are useful for this application because
they produce an excitation without requiring an inertial mass against which to react.
In this study a simple single channel feedforward control system is used to reduce
the sound transmission into the cylinder from an external harmonic disturbance.
Although this disturbance is not a realistic model of the stochastic noise produced by
a launcher engine it will serve to demonstrate the potential for controlling the internal
noise levels using an active noise control system. The production of a realistic system

would require further development and some suggestions will be made regarding the
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direction of further work necessary to produce such a system.

The investigation into the feasibility of controlling the sound transmission into a

cylinder is undertaken in three progressive steps.

e A simplified mathematical computer model of the real system is’constructed to
determine the general feasibility for control and to pinpoint the main control

1ssues.

e Frequency response measurements of the real system are taken and used in

computer simulation to predict the performance of the system.

e A control system is implemented on the structure to measure the system per-

formance and to verify the results of the computer prediction using real data.

This general investigative procedure will also be used in chapters 7 and 8.

6.2 Theory

To access the feasibility of actively controlling sound transmission into an enclosed
cylinder, a simple computer model was set up. Rather than providing an exact predic-
tion of the control possible in a practical experiment, the model allowed the general
features of the interaction between the structural vibration and the acoustics to be
investigated. Circumstances which would facilitate good attenuation using active
control methods could then be identified. The natural frequencies of the structural
and acoustic modes were taken from the computer model PROXMODE written for

an ESA contract undertaken by ISVR Consultancy services in 1987 [75].

The computer model includes the excitation of the structure due to an incoming plane
wave and a secondary piezoelectric actuator. By altering the structural vibration, the

secondary source can cause a reduction in the noise levels inside the cylinder.



6.2.1 The forcing of the structure due to an incident plane

wave

To model the forcing effect of an incoming plane wave on the cylinder, a simple
numerical model was constructed. It was assumed that the acoustic field at the
surface of the cylinder was unchanged by the presence of the cylinder. Although this
assumption may not be realistic in some circumstances (high frequencies for example),
it is a useful approximation in the context of this work. The primary concern of
this investigation was the active control of acoustic transmission from any general
external acoustic field into the cylinder. So although this model does not realistically
represent the excitation due to an incoming plane wave, it provided a reasonable

primary excitation for which possibilities of active control could be explored.

The structural modes (figure 6.1) of a cylinder fitted with two stiff end plates (i.e.

acting as simple supports) are given by,

mmnx COSs

b, 0) = sin < il ) (nf) (6.1)
l SIn

where ¢, is the mode shape of the mn'* structural mode for a simply supported

cylinder with m being the axial mode number and n being circumferential mode

number, [ is the length of the cylinder and @ describes the angle around the cylinder.

The circumferential mode shapes are combinations of sin and cos terms.

In the simulations results presented in this chapter the modes m =1 to 5 and n =0
to 6 were considered. The surface of the cylinder was divided up into 20 elements
along its length and 24 elements circumferentially. Therefore, at any one frequency
the complex pressures at each elemental position due to an incoming plane wave could
be calculated. A generalized forcing function for the mn'* structural mode can be

calculated by,

Frn = ¢,P' (6.2)

where the generalized forcing function FY, of the mn' mode due to the incident

plane wave is approximated by the product of the pressures p' at the elemental
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Figure 6.1: The cylinder used for the computer simulations. The m = 2, n = 2 mode
shape is shown as an example.
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positions and the value of the mn** mode shape ¢,.,, at the elemental positions. The
absolute pressures at the elemental positions are dependent upon the amplitude of the
incoming plane wave. However, it is the relative values of the complex pressure at the
surface of the cylinder that is of primary importance and therefore it is assumed that
there is some arbitrary amplitude which produces the pressures p'. Throughout this
chapter the constants which are necessary for the calculation of the absolute levels of
excitation will not be explicitly stated as they are unimportant in the context of this
preliminary study. The relationship given in equation 6.2 can be extended to include

all of the modes considered i.e.

Fi=&Tp (6.3)

where F* is a complex vector of forcing coefficients and @ is a matrix describing all of
the mode shape values of the structural modes considered at the elemental positions.
To calculate the excitation of each structural mode, the forcing functions need to
be multiplied by their respective complex resonance terms. The complex resonance
terms are dependent on the natural frequency of the mode considered, the {frequency
of excitation and the damping of the structure. The complex resonance term for the

mnt* structural mode is given by,
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w

A (w) =

mn

(6.4)

Dy = j (w5, — w?)
where D,,, is the damping of the mn'® mode and is given by Dyn = 2w, (where
¢ is the damping ratio), AZ,, is the complex resonance term for the mn'® structural
mode when the forcing frequency is given by w and wy,, is the natural frequency of

the mntt

structural mode. The diagonal matrix A° is a collection of these terms such
that the (7,7) term in the matrix represents the complex resonance term for the 7"
structural mode of the cylinder. The complex resonance term given here is slightly
different to the complex resonance term shown in equation 5.4 since it includes a jw
term to account for the structural modes being expressed in terms of surface velocity
instead of surface displacement. The complex resonance term giveh here also excludes
any constants which are not frequency dependent as they are unimportant for this

work. The excitation of the structural modes due to the forcing functions and the

complex resonance terms is described by,

a'= BIA°F" (6.5)

Where a* is a complex vector of structural mode amplitudes due to the primary
incident plane wave and B” is a constant which relates the forcing of the mode to
the excitation. B will be a function of the structural properties of the cylinder i.e.

stiflness, density etc.

6.2.2 The forcing of the structure due to the secondary piezo-

electric

The calculation of the forcing of the structure by the piezoelectric actuator follows
the approach of Lester and Lefebvre [64]. This approach models the effect of two
piezoelectric ceramic patches placed on opposite sides of the cylinder walls and driven
out of phase with one another. This actuator arrangement minimizes the in-plane
forces (in-plane forces due to the two actuators tend to cancel) and produces a bending
moment. In the experiment presented in section 6.4 only a single piezoelectric patch

was used and the in-plane forces produced by the single actuator were not considered.
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In a more complete and accurate model these forces would have to be taken into

account.

The structural mode shapes given by equation 6.1 can be broken into two parts, one
to deal with the sin term and one to deal with the cos term. The centre of the
piezoelectric is positioned at (z.,0,.) and its dimensions are defined as (Ax, AG). The
equations which define their excitation will also be dependent on the value of n. If

n = 0 the modal forcing terms are given by,

[Ccos — BPEmAG _: mrAz : M,
Freos = =152 sin ( P5FE ) sin ( 27

(6.6)

Fsin = ()
Ffees is the forcing coefficient regarding the cos term and F&ir is related to the sin
term. BP7 is a constant which relates a unit input to the piezoelectric to the forcing
of the modes and is a function of the piezoelectric properties of the ceramic as well
as the structural properties of the ceramic, the bonding material and the cylinder. If

n is greater than zero then the equations are given by,

Fesos = G BPmAD (Sjn (%) sin (%) sin (?—‘23—9—> cos(n@c))

(6.7)
Foin = G, BPmAG (sin (—m—’;?—&i> sin (@) sin (%ﬁ) sin(nﬁc)>
where G,,, is a weighting coefficient given by,
m nl?
Gon = — + 5 (6.8)

n  mrir§

and 7o is the radius of the cylinder. The terms Ffo and FSi» can be combined to
produce a vector of forcing terms F° for all of the structural modes considered. The
vector of structural mode amplitudes due to a unit input to the piezoelectric actuator

(es) will be dependent upon the forcing vector and the vector of complex resonance

terms.

¢, = BIASF¢ (6.9)
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Because the forcing of the structural modes due to the secondary source is a function
of a complex control signal u, which can be altered to affect control (as in section

5.3), the total structural mode amplitudes can be expressed as,
a=a'+ csu ' (6.10)

6.2.3 Radiation from structural modes into the acoustic cav-
ity

The radiation from the vibrating cylinder into the inner cavity can be described by
the coupling between the structural modes and the acoustic modes of the cylindrical

cavity. The acoustic mode shapes are given by,

Vntpme(2,0,7) = (ko) cos <m 7r:1:) o8 (n'0) (6.11)

L sin

where J,, is an n'*" order Bessel function and k, is the radial wavenumber determined
by the zero normal-particle wall boundary condition as solutions of the equation

Jor(kyr) = 0 when r = rg the cylinder radius [38].

To calculate the coupling between a structural mode and an acoustic mode the prod-
uct of the two mode shapes is integrated at the cylinder wall (surface area S) and

multiplied by the complex resonance term for the acoustic mode i.e.

Cmn,n'pm' = Azfpm'Lwn'pm'($907r)¢mn(w70>ds (612)

where Crynnipms 15 the coupling factor between the mnt* structural mode and the
n'pm/** acoustic mode and A%, . is the complex resonance term for the acoustic
modes taking the same form as that of equation 3.15. The coupling factors for all
of the combinations of structural and acoustic modes can then be represented as a
matrix of coupling factors C. The coupling matrix C is calculated numerically and

can be calculated as,

C = AU (6.13)
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where A% is a diagonal matrix of complex resonance terms for the acoustic modes and
¥ is a matrix of pressures due to the acoustic mode shapes at the elemental positions

on the inner surface of the cylinder.

The acoustic modes considered for these simulations were; n’ = 0to 6, p = 0 to 2 and

m’ = 0 to 4. The total excitation of each of the acoustic modes is then given by the

vector,

b="b+c,u (6.14)
where,

bt = B*Ca’ (6.15)
and

¢, = B"Ce;, (6.16)

where b' is a complex vector of acoustic mode amplitudes due to the primary excita-
tion (incident plane wave) and ¢, is the complex vector of acoustic mode amplitudes
due to the secondary piezoelectric source acting with unit excitation. B®? is a con-
stant which relates the vibration of the structure to the amplitude of the acoustic

modes and is a function of the properties of the fluid i.e. density, speed of sound etc.

6.2.4 Minimization of acoustic potential energy
The total acoustic potential energy in the enclosure is proportional to the sum of the
squared acoustic mode amplitudes (section 5.2.4).

E, x bb = (b' 4 cou)" (b + cqu) (6.17)

which is minimized if the secondary source strength is given by u = u,,, where,

Uopr = — (€l ea) 7 (e} a’) (6.18)

a
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By substituting this optimal secondary source strength into the equation for the total
acoustic potential energy (equation 6.17) the attenuation of this parameter can be
calculated. Tor the purposes of calculating the optimal secondary source strength
the constants B/ and B®? are unimportant since they affect both the acoustic mode

amplitudes b* and ¢, to the same extent and therefore cancel in equation 6.18.

6.3 Results of computer simulations

The computer simulations carried out were intended to give an idea of the effectiveness
of an active control system in controlling the acoustic transmission into an enclosed
cylinder. The results shown here are examples of the very large number of possible
permutations of source position, frequency range, structural characteristics etc. This
section will therefore examine configurations similar to those tested experimentally

using a composite cylinder previously used for sound transmission experiments [75].

For the results shown here the cylinder length was taken to be 0.94m, the radius to be
0.45m, the structural damping factor to be 0.02 and the acoustic damping factor to
be 0.005. Thirty five structural modes and one hundred and five acoustic modes are
considered in these simulations. The centre of the piezoelectric actuator was placed at
z = 0.3m and § = 7, and was assumed to be 100mm long (in z direction) and 45mm
wide (circumferentially). The mechanical properties of the cylinder are only used in
the calculation of the natural frequencies of the structural modes and are not necessary
for the calculation of the optimal secondary source strengths (equation 6.18), if the
natural frequencies are provided. The properties of the model cylinder and the natural

frequencies of the structural and acoustic modes are taken from [75] and tabulated in

tables 6.1 to 6.3.

6.3.1 Case 1: Plane wave incident at 45°

The plane wave primary field in this example was assumed to be incident on the
cylinder at an angle of ¢ = 45° to the z axis and at an angle of ¢ = 0°. The acous-
tic energy levels before and after control with the optimally adjusted piezoelectric

actuator are shown in figure 6.2.
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Parameter Value
Face Plates (CFRP, common)
Thickness (mm) 1.0
Density 10°(kg/m®) 1.6
Elastic mod. 10°(N/m?)
Tensile axial 26.2
Tensile circumf. 69.5
Shear in plane 19.3
Core (aluminium honeycomb)
Thickness (mm) 5
Density (kg/m?) 48
Shear mod.108(N/m?)
Axial 240
Circumf. 150
Wall
Length (m) 0.94
Diameter (m) 0.9
Mass/area (kg/m?) 4.0

Table 6.1: Properties and dimensions of the cylinder used in the active control ex-
periments.

Structural mode (m,n) | Natural frequency (Hz)
(1,4) 268

) 278
5) 353
2) 467
6) 478
5)
4)
6)

535
586
592

Table 6.2: Predicted natural frequencies of the first few structural modes.
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Acoustic mode (n',p,m’) | Natural frequency (Hz)
0

)

) 182

) 293

) 288

) 365

) 370
2,0,1) 413

)

)

)

)

)

428
465
499
510
520

Table 6.3: Predicted natural frequencies of the first few acoustic modes.

Plane wave incident at 45 deg.
v T T

Acoustic Energy
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Frequency (Hz)

Figure 6.2: The acoustic energy present in the cylindrical cavity before (solid) and
after control (dashed) when controlling the transmission due to an incoming plane

wave incident at 45°.

144



These results show that the control system has the ability in most cases to reduce the
acoustic energy due to resonant behaviour. At resonance the response is dominated
by a single structural and/or acoustic mode and a single channel system which can
couple into this mode will in general be able to achieve good attenuations. What is
more interesting is the cases where off-resonant control is achieved. This occurs in two
regions in the frequency range considered: (i) 350 —500H z and (ii) 550 — 700 H 2. The
off-resonant response of a system inevitably involves more than one mode. Therefore
a single channel control system will generally be unable to achieve good attenuations
off-resonance. However, the response of the system is determined by the interaction
of two sets of modes, and although the off-resonant acoustic behavior may be due to
a number of acoustic modes they may all be excited to the largest extent by a single
structural mode even though there are other structural modes excited to a significant
extent. The reduction of this structural mode amplitude will therefore produce good
off-resonant attenunation. This observation has also been made in connection with
sound transmission into a cylinder by Fuller and Jones [42]. The above scenario
could equally occur where a single acoustic mode is being excited by a number of
structural modes. In this case the actuator could minimize the net contribution to

that acoustic mode to achieve good off-resonant control.

In the case considered here there are a number of structural and acoustic resonances
present in the 350 — 500H 2 frequency range. The important factor is the coupling
between the structural and acoustic modes. A single structural mode will not couple
into the majority of the acoustic modes because they are not matched geometrically.
It is therefore possible for numerous structural resonances and acoustic resonances to
occur within a frequency range and the coupling to be dominated by the interaction
of a single structural mode with a single acoustic mode. In this simulation the n = 2,
m = 1 structural resonance (467Hz) has a natural frequency which is fairly close
to the n’ = 2, p = 0, m' = 0 acoustic mode (370Hz). These two modes couple
very well geometrically , and most of the other structural and acoustic modes in
this frequency range do not couple at all. It is therefore possible amongst a large
number of individual resonances to achieve good off-resonant attenuation using a
single channel control system. Similarly the control in the 550 — 700/ z range is due

to good geometric coupling between the n = 4, m = 2 structural mode (586 z) and
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the n’ = 4, p = 0, m’ = 1 acoustic mode (671 Hz).

To demonstrate the importance of the n = 2, m = 1 structural mode in the transmis-
sion of sound in the 350 — 500H z frequency range the simulation was repeated with
the amplitude of the n = 2, m = 1 structural mode set to zero. The resulting sound

transmission is greatly reduced over this frequency range as shown in figure 6.3.

Effect of removing the m=1, n=2 structural mode
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Figure 6.2: The acoustic energy levels due to an incoming plane wave incident at 45°
(solid) and with the m =1, n = 2 structural mode removed.

6.3.2 Case 2: Plane wave incident at 90°

The second case considered was to some extent simpler than Case 1. The incident
plane wave was angled at ¢ = 90° to the cylinder and therefore the even number
longitudinal structural modes were not excited (i.e. m = 2,4,6...). The attenuations
predicted after control with the secondary piezoelectric ceramic optimally adjusted
are shown in figure 6.4. In this case there are again significant attenuations possible
in the 250 — 450 H z frequency range but there is no attenuation in the 550 — 7G0H =

range since the m = 2, n = 4 mode is not excited by the primary excitation.
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Plane wave incident at 90 deg.
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Figure 6.4: The acoustic energy present in the cylindrical cavity before (solid) and
after control (dashed) when controlling the transmission due to an incoming plane

wave incident at 90°.

6.4 Experiment

6.4.1 Experimental arrangement

The experimental work was carried out on a model cylinder which was originally con-
structed as a 1/6 scale model of an Ariane 5 fairing and used in earlier experiments
[75]. The cylinder was of dimension [ = 0.94m and ro = 0.45m (figure 6.5.) and
constructed of thin aluminium honeycomb covered by carbon fibre re-enforced plas-
tic. The end caps were made of 8mm steel to provide stiff (simply supported) end
conditions. The cylinder was suspended from the ceiling of a large anechoic chamber

by steel cables connected to the end caps.

The primary sound field for the experiment was generated by an 8 inch loudspeaker.
The secondary actuator used was a 100mm x 45mm x 2mm piezoelectric ceramic plate
which was driven via a 1 to 128 step-up transfornier to produce high drive voltages
from low voltage amplifiers. The actuator can be driven with voltages of over 1000
volts but for the purposes of this experiment it was only necessary to use between

50 and 200 volts. The piezoelectric ceramic was fixed to the cylinder using epoxy
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Experimental layout
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Figure 6.5: The experimental layout of the cylinder showing the microphone locations,
the secondary actuator’s position and the two primary source positions.

glue and this involved attaching the flat piezoelectric surface to the curved cylinder.
Therefore, an epoxy base was cast to producé a flat surface onto which the actuator
could be glued. This is probably an undesirable arrangement for high excitation levels
and to remedy this problem bases could be made of stiffer material (i.e. metal) or
the actuators themselves could be manufactured curved. It may also be possible to

integrate the actuators into the face plate construction of the fairing sandwich wall.

To observe the sound pressure inside the cavity, five electret microphones were placed
in the positions shown in figure 6.5. A single accelerometer was moved to a number
points on the external structure to measure the vibration levels and to detect the

structural modes present at various frequencies.

6.4.2 Accelerometer results

The frequency response between the primary or secondary source and an accelerom-
eter placed on the cylinder was measured for various accelerometer locations (fig-

ure 6.6).
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Accelerometer positions
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Figure 6.6: The eight accelerometer positions on the cylinder.

These measurements allowed the identification of the structural mode order and a
comparison between the measured and predicted natural frequen‘cies. The mode
order was deduced from the shape of the measured axial acceleration and the relative
phases of the acceleration circumferentially. This was sufficient to identify the first
few modes. Figure 6.7, for example, shows the frequency response between the input

to the piezoelectric actuator and the accelerometer at position 1.
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Figure 6.7: The frequency response of accelerometer 1 to the piezoelectric actuator.

The observed natural frequencies of the first few modes fall within 4 percent of the

natural frequencies previously predicted (table 6.4). Some of the measured responses

149



have double peaks (probably due to asymmetries within the cylinder) and therefore

both peak frequencies are quoted.

Mode (m,n) | Predicted | Measured
(1.4) 268 959
(1,5) 252 245 or 2523
(1,2) 467 461
(2,5) 535 | 522 or 521

Table 6.4: Predicted and measured natural frequencies of the first few structural
modes in Hz.

6.4.3 Broadband frequency response measurements

The frequency responses between the input to the primary source and the five micro-
phones and the frequency responses between the input to the secondary source and
the five microphones was measured over the 0 — 800H z frequency range using the

apparatus shown in figure 6.8.
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Figure 6.8: The equipment layout used for the frequency response measurements of
pp- The measurement of z involves driving the piezoelectric instead of the loudspeaker

(dashed line).

This was carried out for the two primary source locations P1 and P2 which generated

primary fields incident on the cylinder at approximately 45° and 90° for comparison
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with the theory in section 6.2. At a single frequency the pressures at the five micro-
phone locations are represented by the five element vector p,. By driving the primary
source with white noise the vector p, could be measured over a range of frequencies
and acted as an example of a primary disturbance. The frequency responses between
the secondary source and the five microphones was also measured and.at a single fre-
quency the pressures due to a unit input to the secondary source are represented by a
complex vector z. The pressures at the microphones due to the secondary source are
therefore given by p, = zu, where u is the complex secondary source strength. The
sum of the mean squared pressures at the microphone positions, which is an estimate
of the total acoustic potential energy, can then be calculated at a given frequency for

any secondary source strength,

J=(p,+ zu)H(pp + zu) (6.19)

where J is the sum of the mean squared pressures at the microphone positions. This
equation is very similar to equation 5.29 which describes the kinetic energy in a plate
and there is a unique secondary source strength u,..; which minimizes this function.

This is given by,

Upres = —(27 2)7 21 p, (6.20)

By substituting the optimal secondary source strength calculated from the measured
data back into the equation for the sum of the squared pressures (equation 6.19) and
dividing by the original pressure (i.e. before control) the ratio of the sum of the

squared pressures before and after optimal control can be calculated,

S _ | PI2",

T (6.21)
Jprim ZHZP,I){PP

The sum of the mean squared pressures J,,;, is obtained when the secondary source
strength is set to the optimal value uppes and Jprim 18 the sum of the mean squared
pressures when u = 0 and is given by Jprim = pfpp.

The primary disturbance was taken as the sound pressure measured by five micro-

phones when the primary source was driven with white noise. The disturbance there-



fore incorporates the frequency responses of the primary loudspeaker, the microphones
and some electronics. These responses will affect the absolute pressure levels before

and after control but will not affect the predicted attenuations.

6.4.4 Attenuation prediction

The frequency responses between the primary source P1 (at 45°) and the five micro-
phones, is used to produce the solid line graph in figure 6.9, which represents the sum
of the squared pressures measured at the microphone positions due to the primary
source alone. The dashed line represents the sum of the squared pressures at the

microphone positions after optimal control (equation 6.21).

Predicted attenuations (P1)
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Figure 6.9: The sum of the squared pressures measured at the five microphone po-
sitions without control (solid) and the levels predicted after control (dashed) for the
primary source P1.

The primary field displays many sharp resonances across the frequency range which
all seem to be attenuated to some extent by the control system (between 2 and 5d5).
There are also two regions of significant off resonant control, the first being between
200 — 450 H 2 and the second between 670 — 720H 2. This corresponds very well to the

regions of attenuation predicted by the computer model in section 6.2 (figure 6.2).



The predicted attenuations using the frequency response measurements with the pri-
mary source P2 (90°) are shown in figure 6.10. It is encouraging to see that the
frequency regions of attenuation again corresponded well to those predicted from the
computer simulations (figure 6.4). The resonance occurring at 695Hz (n = 4, m = 2)
is not nearly as strongly excited as in figure 6.9, and therefore less attenuation is
possible. The computer simulation predicted that this mode would not be excited at
all if the primary source was in this location but some excitation of every mode can be
expected in any practical situation. It this case the attenuations predicted are even
larger than with the primary source P1 in the 200 — 450/ z range with reductions at

some frequencies exceeding 20d5.
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Figure 6.10: The sum of the 5 squared pressures measured at the microphone positions
without control (solid) and the levels predicted after control (dashed) for the primary

source S2.

6.4.5 Single channel control

By taking frequency response measurements (sections 4.2 and 4.2) the attenuation due
to the action of the secondary actuator, over a range of frequencies, can be predicted.
To ensure that these predicted attenuations could be achieved in practice, active

control experiments were carried out at two frequencies. The control was carried out



manually by altering the phase and amplitude of the input to the secondary source
while monitoring the response of the microphones (figure 6.11) when the cylinder was

excited by the primary source P1 (figure 6.5).

Single channel control

_____ Loudspeaker
Two-phase Chly- Two channel
oscillator Ch2 amplifier
l \_</

C‘Osi lloscope ‘ \___/

Qutput from five
microphones

Figure 6.11: The equipment layout used for the active control of sound into the
cylinder.

Although this adaption method is crude the results can be directly compared with

the predicted attenuations (section 6.4.4) at two frequencies.

6.4.6 Results of single channel control

The control was carried out at two frequencies 2359Hz and 415Hz (60Hz and 69H =
full scale). The resulting reductions in mean squared pressure levels measured at the
microphone positions after manual control were 10dB and 7dB respectively. This
corresponded very well to the 10.6dB and 5.2dB in attenuation predicted by the

frequency response measurements at these frequencies (figure 6.9).

6.5 Conclusions and discussion

A simple theoretical model has been constructed to determine the acoustic excitation

inside a cylinder due to an external plane acoustic wave as a primary source and
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a piezoelectric actuator bonded to the cylinder as the secondary source. This has
enabled predictions to be made of the attenuations in the total acoustic potential
energy inside the cylinder using a single channel feedforward control system operating

at a single frequency.

The predicted attenuations are significant (10 — 20dB) in the two frequency regions
for which, with the cylinder considered here, the sound transmission into the cylinder
is dominated by the interaction between a single structural mode and a single acoustic

mode.

Experiments were conducted on a 0.94m long by 0.9m diameter honeycomb cylinder
with rigid end caps which is a 1/6 scale model of an Ariane 5 payload fairing. The
pressure was measured with 5 microphones inside the cylinder when excited by an
external loudspeaker, representing the primary source, and a 100mm x 45mm x 2mm
piezoceramic patch glued to the cylinder as the secondary source. The potential
reductions in the sum of the squared pressures were calculated for pure tone excitation
at frequencies up to 800H z, and these reductions were similar to those predicted by

the theoretical model.

Finally, some single channel active control experiments were conducted at two dis-
crete frequencies in which the internal pressures due to the external loudspeaker were
reduced by adjusting the amplitude and phase of the pure tone signal fed to the
secondary actuator. Reductions in the sum of the squared internal pressures of 7dB
and 10dB were measured, which compares well with the reductions predicted. These

reductions were achieved at 259H z and 415H z corresponding to 60 Hz and 69H z full

scale.

This work demonstrates that although the precise calculation of every feature of
sound transmission into a cylinder cannot be represented using a simple theoretical
model the important physical aspects which determine the overall performance of an
active control system can be easily represented. For the cylinder considered here it
was generally the interaction between specific structural and acoustic modes which
determined the performance. It has also been demonstrated that these potential

reductions can be achieved in practice for a pure tone primary excitation.

This work was carried out on a 1/6 scale model and therefore scaling effects must be
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considered. The scaling of the natural frequencies of the acoustic modes is linear but
this is not the case for the structural modes and therefore a change in scale will also
change the interaction between these two sets of modes. This scale model was designed
with this scaling effect in mind and scaling effects would have been partially taken
into account. However, given that in this case the attenuations achieved were due to
the interaction between the structural and acoustic modes it would be important to
repeat the current exercise using data for the full scale model, initially using computer

simulations with some experimental verification.

It would also be useful to investigate the additional attenuations achievable by using
multiple secondary sources. This would be relatively easy to carry out with a com-
puter simulation. In the experiments presented in this chapter the secondary source
was deliberately positioned such that it coupled into the circumferential modes in a
similar way to the primary source. This will not be possible in practice and at least
two secondary sources will be required to ensure that the control system can couple

into a circumferential mode in a similar way to the primary source.

It has been shown that much of the sound transmission over a frequency range can be
dominated by a single structural mode. The cancellation of this mode could therefore
significantly reduce the sound transmission over that range. A distributed modal
sensor has an output which is purely a measure of the amplitude of a specific structural
mode and could be used as an error sensor in a feedback control system to reduce
that modal amplitude. A modal actuator is the reciprocal of a modal sensor, forcing
only a specific mode and not largely affecting the amplitudes of the other structural
modes. The problem with the use of modal sensors without modal actuators is that
the reduction in the amplitude of one mode will in general be accompanied by an
increase in the amplitudes of other modes. However, a modal sensor/actuator pair
would have the ability to remove the desired structural mode without altering the
amplitudes of the other modes. Modal sensors and actuators can be approximated by
a number of individual transducers in an array or can be made of distributed material
i.e. piezoelectric film. A perfect feedback control system, with a modal actuator and
sensor for the m = 1, n = 2 mode would produce the attenuation shown in figure 6.2.
These attenuations would in principle be possible for any primary excitation whether

it was random or deterministic.



The largest and most difficult extension of this work will be to control random signals
rather than harmonic signals. Potentially there are two approaches which can be

taken: (i) a feedforward approach or (ii) a feedback approach.

Feedforward control implies that the primary disturbance can be measured ahead of
time. This requires that the disturbance is measured before it reaches the fairing.
This would be very difficult in practice because the pathways between the engine
exhaust and the fairing are very complex. These pathways are also dynamic and as
conditions change (i.e. speed of launcher, distance from ground, speed of sound etc.)
these pathways will vary. It is unlikely that a sufficiently accurate reference signal

could be obtained for this application.

Feedback control, however, does not require prior information about the primary
signal. A system could be developed that uses feedback control to reduce the sound
transmission into the payload bay. The smaller the time delay between the output
of the secondary actuator and the control sensor, the better the performance of a
feedback system [71]. The time delay due to an acoustic signal travelling from a
secondary source to a microphone in the payload bay will generally be larger than
that for an actuator/sensor combination placed on the structure. It is therefore likely
that a realistic feedback system will involve the use of modal sensors and actuators
designed to sense and force specific structural modes or some weighted combination

of structural modes.

It has been recently demonstrated that feedback control systems can in principle be
used to suppress narrow-band disturbances [27]. Physical performance limitations
of such a system can be determined before any experimental work is undertaken.
The relatively narrow-band character of the pressure spectrum inside the cylinder
(figures 6.9 and 6.10) suggests that a feedback controller could potentially have a
high performance. The subject of feedback control and its application to the active
control of sound transmission will be dealt with more thoroughly in chapter 8 of this

thesis.



Chapter 7

Active control of sound power
radiation using a volume velocity

Se1nsor

7.1 Introduction

It was shown in chapter 2 that the volume velocity of a surface is responsible for the
majority of the sound power radiation at low frequencies i.e. where the dimensions of
the surface are not large compared with a wavelength. It has therefore been suggested
that at these frequencies the cancellation of volume velocity is an appropriate strategy
for reducing the sound power radiation from vibrating surfaces and this is supported
by the results of the computer simulations presented in chapter 5. In order to actively
cancel the volume velocity of a surface an accurate measure of the volume velocity
is required and designs for volume velocity sensors have been suggested in chapter 4
which use piezoelectric material etched or cut into specific shapes. In the experiments
described in this chapter such a sensor is tested and used to control the sound power

radiation from a rectangular aluminium panel.

A volume velocity sensor was made from PVDF filim and the procedure used to
manufacture this sensor is briefly described in the following section. This sensor
was tested to determine its ability to accurately sense the volume velocity of a thin

rectangular plate and was used as an error sensor in an active control system in an
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attempt to reduce the acoustic transmission through a plate. The procedure used in
the investigation described in this chapter is similar to that used in chapter 6 where
predictions are made using measured frequency responses and then real time control

is carried out at a number of discrete frequencies.

7.2 Experiments

7.2.1 Apparatus

The piezofilm sensor was tested on a aluminium plate of dimensions (278mm x
247mm x 1mm). This plate was rigidly clamped to the top of a small rigid box
which was placed into a larger box of dry sand (figure 7.1). The clamped boundary
conditions removed the sensitivity to bending in the y-direction and allowed the
sensor to be manufactured using a single piece of PVDF film (section 4.2.2). A small
loudspeaker was placed inside of the box and used to generate a primary disturbance.
The rigidity of the inner box and the damping and mass provided by the outer box
of sand ensured that the only significant path for the internal sound to travel to the
outside was through the clamped aluminium plate. A small piezoceramic actuator
(25mm x 25mm) was fixed centrally to the lower side of the plate and used as a
secondary actuator. A very small loudspeaker acting as an inertial actuator was used
as an alternative secondary source in a separate series of experiments. The piezofilm
sensor covered the entire surface of the plate and was fixed to the plate using M

Spray Mount adhesive which allowed for some repositioning of the sensor.

7.2.2 Sensor design

The spatial sensitivity required to produce a volume velocity sensor is derived in
section 4.2.2. and was achieved in practice using a number of quadratically shaped
strips, as shown in figure 4.2. For the frequency range of interest the modal density
of the plate was such that 25 quadratic strips were considered to be sufficient to
accurately sample the strain on the panel. If the modal density were higher then

more strips may have been necessary.
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Figure 7.1: The controlled acoustic source used in the experiments.

7.2.3 Sensor construction

To create a reasonably accurate template with which to etch the piezofilm, a 600dp:
laser printer was used to print the required image. A reduced version of this template
is shown in figure 7.2. This image was then enlarged and transferred onto a trans-
parency (final dimensions 278mm x 247mm). This transparency could then be used
as a positive template with which to etch the film using standard circuit board etching
techniques. It should be noted that the layer of metallization on the film is very much
thinner than that covering a circuit board and hence diluted etching solutions should
be used. The film used was a 52um piezofilm with copper/nickel metallization. A
digitized photograph of the apparatus is shown in figure 7.2 (without the outer box

of sand).

7.2.4 Volume velocity measurements

To verify that the sensor was accurately measuring volume velocity a laser vibrometer
was used to measure the velocity at a number of points on the surface of the panel over
a seven by seven grid. These measurements were taken when the panel was excited
first by the primary source and then by the secondary source. The mneasured complex
velocities at the 49 positions were added together at each frequency to produce an
estimate of the total volume velocity of the panel which could then be compared

with the output of the piezofilm sensor. If higher order modes of the panel are well
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Figure 7.2: Template used to create volume velocity sensor

Figure 7.3: A photograph of the piezofilm sensor attached to the clamped plate
and attached to a closed box. The reflective tape used for the 49 laser vibrometer
measurements can be clearly seen.
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excited, the volume velocity estimated by the laser vibrometer measurements will
become inaccurate due to spatial aliasing. Above 1000Hz the mode order on the
plate becomes too high for the laser vibrometer measurements to be useful. For a
panel of this size 1000 H z corresponds to a kl, value of 5.1 where k is the wavenumber
and [, is the largest dimension of the plate. Since the cancellation of volume velocity
is a more useful strategy at low frequencies it was unlikely that large attenuations

would be possible using this technique at frequencies above 1000H .
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Figure 7.4: The volume velocity estimated using 49 laser vibrometer measurements
(dashed) and the output of the piezofilm sensor (solid) when the panel was excited
using the primary source.

In figure 7.4 the output of the piezofilm sensor and the volume velocity estimated by
the laser vibrometer measurements are compared. The piezofilm sensor was designed
to measure volume displacement and therefore the measured output was differentiated
to produce the results presented here. Since the piezofilm sensor is uncalibrated the
signals are normalized such that they are equal at 550Hz. It can be seen from
figure 7.4 that the output of the distributed sensor closely matches the estimate of
the volume velocity, measured by the 49 point sensors, over most of the frequency

range.

This procedure was repeated using the secondary actuator to excite the plate. The

output of the sensor was again compared with the sum of the velocities at 49 points
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on the surface of the panel, as shown in figure 7.5 and was normalized such that the
responses were equal at 550Hz. Again there is good agreement between the volume
velocity estimate using the laser vibrometer measurements and the output of the

piezoelectric sensor.

Response (dB)

0 100 200 300 400 500 600 700 800 900 1000
Frequency (Hz)

Figure 7.5: The volume velocity estimated using 49 laser vibrometer measurements
(dashed) and the output of the piezofilm sensor (solid) when the panel was excited
using the secondary source.

1t should be noted that the first structural mode is very poorly excited by the sec-
ondary source and as this has consequences for control at low frequencies it will be

discussed in more detail in section 7.2.5.

7.2.5 Reductions in sound power, predicted using measured

freque ncy responses

If the panel is excited by the primary source, acting at a single frequency, then the
amplitude and phase of the secondary source, acting at the same frequency, can be
adjusted such that the output of the film senser is set to zero. This implies that a
signal from the primary source (i.e. a reference signal) is fed forward via a controller
to the secondary source. In many applications the primary noise source would be an

engine (propeller or automobile engine) from which a reference signal could be easily
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obtained using a tachometer.

By cancelling the output of the piezofilm sensor it is expected that the sound power
radiation would in general be reduced. To measure the potential reductions which
could be achieved over a broad frequency range, the frequency responses between
the input to the primary source (i.e. the loudspeaker) and ten microphones placed
around the panel, and the frequency responses between the secondary source (i.e.
the piezoceramic actuator) and the ten microphones, were measured in an anechoic
environment. These frequency responses can be manipulated to give predicted reduc-
tions in the sum of the squared pressures at the microphone positions, as described in
chapter 6. The microphone positions used are illustrated in figure 7.6 and are taken
from the ISO 3745 standard for measuring the acoustic power output from a source
[46]. Also measured were the frequency responses between the input to the primary
source and the output of the piezofilm sensor and the input to the secondary source
and the output of the piezofilm sensor. If the secondary source were used to cancel
the output of the piezofilm sensor, the effect at the ten microphone positions could
be predicted using these measurements. Although the prediction of the performance
of the control system using measured {requency responses is an approximate tech-
nique, it is an efficient method of calculating the performance at a large number of
frequencies without having to actually carry out the control at each frequency. The
optimal control possible at the ten microphones using the secondary actuator can also
be predicted from the frequency response measurements and can be compared with

the cancellation of the output of the piezofilm sensor.

At any one frequency the complex output of the ten microphones due to a unit input to
the primary source can be expressed as a ten element complex vector p,. The output
of the ten microphones due to the piezoceramic actuator, driven with a complex
amplitude u, can be expressed as zu where z is also a ten element complex vector.
The vector of total output signals from the ten microphones, when the primary source
has a unitary input and the secondary source is driven with a complex amplitude u,
is therefore given by p, + zu. The frequency response measurements described above
were used to define the elements of the vectors p, and z for a large number of discrete
frequencies across the frequency range considered. The sum of the squared pressures

J at a single frequency due to the action of both the primary and the secondary
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Figure 7.6: Microphone positions used in the active control experiment.

sources is therefore given by,

J=(py, + zu')H(pp + zu) (7.1)

The sum of the squared pressures at the ten microphone positions due to the primary

source alone (i.e. u = 0) is given by,

J’prim = pfpp (72)

The output of the the piezofilm sensor due to a unit input to the primary source at
a single frequency is given by the complex number d and the output of the piezofilm
sensor due to the piezoceramic actuator driven with a complex amplitude u 1s given
by cu where ¢ is a complex scalar. The total piezofilm sensor output is therefore given
by ¢ = d + cu. The secondary source strength u,e,s which cancels the output of the

piezofilm sensor is thus given by,

Usens =

- (7.3)

If the secondary source is adjusted such that the output of the piezofilm sensor is
zero (i.e. amplitude ugens) the sum of the squared pressures at the ten microphone
positions Jyens can be calculated by substituting the secondary source strength wsens

into equation 7.1.
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The frequency response measurements (p, and z) can also be used to predict the opti-
mal secondary source strength necessary to minimize the sum of the squared pressures
at some or all of the microphones (as in section 6.4.3). The optimal secondary source

strength will then be given by,

tpres = —(272)7'27p, (7.4)

By substituting the optimal value for the complex secondary source strength into the
equation for the total sum of the squared pressures (equation 7.1) the optimal sum

of the squared pressures J,.i, can be calculated.

The values of Jprim, Jsens and Jiin can then be compared to determine whether any
significant reductions in the sound at the ten microphone positions can be achieved
and whether the minimization of the output of the piezofilm sensor gives results which

are comparable to the optimal strategy.

Sum of the squared pressures
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Figure 7.7: The sum of the squared pressures at ten microphone positions before
control (solid), the predicted pressure squared levels after minimization of the sum of
the squared pressures (dashed) and cancellation of sensor output (dotted) using the
piezoelectric actuator as a secondary source.

Figure 7.7 shows the predicted sum of the squared pressures at the ten microphones
before and after control using both the optimal strategy, of minimizing the sum

of the squared pressures and cancellation of the sensor output. These results were
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calculated using measured estimates of p,, z, d and c. At very low frequencies (below
70H z) the strategy of cancelling the output of the sensor produces increases in the
pressure squared levels. This is due to high levels of noise in the frequency response
measurements at these frequencies. In this frequency range the vector z is heavily
contaminated by noise because the secondary source is very ineflicient at exciting the
panel, and the radiation efficiency of the panel is very low. This is demonstrated
by the fact that the strategy of minimization of the sum of the squared pressures
also does not achieve any attenuation in this frequency range. In principle, large
attenuations would be possible in this range if a suitable secondary source was used.
By cancelling the output of the piezofilm sensor large reductions in the sound power
(up to 25dB at certain {requencies) are achieved at frequencies between 70Hz and
700H z and significant reductions are achieved at some frequencies él)ove this. These
experimental results support the conclusions of the computer simulations in chapter
5 by demonstrating that the cancellation of volume velocity is a useful strategy in
the control of sound radiation up to excitation frequencies for which &kl ~ 3.5 (700H =
in this case). For most of the frequency range the optimal control strategy achieves
somewhat higher attenuations than the cancellation of the output of the volume
velocity sensor. This is probably due to errors in the estimation of volume velocity by
the sensor, since even a small residual level of volume velocity after control would limit
the attenuation in the radiated sound. It should be emphasized that the minimization
of the sum of the squared pressures requires ten remote error sensors compared with
volume velocity cancellation which only requires a single integrated error sensor, and

is thus a far more practical control strategy to implement.

At 850H z there is an increase in the sum of the squared pressures at the ten micro-
phones of about 9dB after cancellation of the piezofilm sensor output. The secondary
source and the piezofilm sensor are very poorly coupled at this frequency (figure 7.5)
and this causes the secondary source to drive very hard in an attempt to cancel the
output of the sensor and therefore strongly excites higher order radiation modes which

at this frequency begin to radiate sound efficiently.

Because of the positioning of the primary and secondary sources used in the above
experiment, the even modes on the plate are always poorly excited. This implies that

non-volumetric modes (i.e. not measured by the volume velocity sensor) will not be
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Jargely excited when cancelling the volume velocity. To provide a more challenging
test of the robustness of cancellation of the piezofilm’s output as an active control
strategy, a further experiment was conducted using an inertial actuator as the sec-
ondary source. This was positioned off-centre on the plate so that both even and odd
modes were excited. The inertial actuator used was a small loudspeaker whose mylar
diaphram was attached to the plate using plasticine so that the magnet acted as the
inertial mass. The off-centre mass loading provided by the inertial actuator also in-
creases the excitation of the even modes by the primary source. If the volume velocity
is actively cancelled using the inertial actuator the level of even mode excitation on
the plate will be much larger than in the earlier case. This implies that at higher
frequencies, where the radiation efficiency of the non-volumetric m_odes becomes high,
the control system will not be able to achieve good attenuations. Af low frequencies,
however, the control system is still expected to achieve good attenuations since the

non-volumetric modes are very ineflicient at radiating sound in this frequency region.

The sum of the squared pressures at four microphones (Nos. 1, 4, 7 and 10) before
and after the cancellation of the output of the film sensor are shown in figure 7.8.
The dynamics of the plate are changed by the presence of the inertial actuator and
therefore the pressure spectrum before control is altered somewhat. The attenuation
is still poor below 70H z, for the reasons detailed above, but large attenuations are still
predicted in the frequency regions 100-250H = and 450-600H z. As expected there are
now frequency regions where there are significant increases in the sound levels after
cancellation of the piezofilm sensor output and this is due to the large excitation of
even modes which have little volumetric contribution. The two modes with even order
components (n=1, m=2) and (n=2, m=1) which both have natural frequencies at
about 300H z account for the increased level after control at this frequency. In general
however the predicted sum of the squared pressure levels after control are significantly
less after cancellation of the output of the distributed sensor and compare favorably

with the optimal control strategy of minimization of the sum of the squared pressures.
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Figure 7.8: The sum of the squared pressures at four microphone positions before
control (solid), the predicted pressure squared levels after minimization of the sum of
the squared pressures (dashed) and cancellation of sensor output (dotted) using an
inertial actuator as a secondary source.

7.2.6 Real time control at single frequencies

The active control results shown in the previous section are all predicted from indi-
vidually measured frequency responses. To confirm that the predicted attenuations
were attainable, a manual control system was used to cancel the output of the volume
velocity sensor at a number of discrete {requencies and the observed attenuations were
compared with the predicted reductions. To cancel the output of the piezofilm sensor
the primary and secondary sources were driven with a two phase oscillator at a single
frequency (in a similar arrangement to that shown in figure 6.11). The amplitude
and phase of the secondary source was altered until the output of the piezofilm sen-
sor was cancelled (i.e. reduced by at least 40dB in practice). The pressure levels
at the microphones could then be measured before and after control to determine
the attenuation in the sound pressure level. Figure 7.9 shows the predicted attenua-
tions at the microphone in position No.9 (figure 7.6), calculated from the frequency
response measurements, as compared with the reductions in pressure level observed
when the output of the piezofilm sensor was cancelled manually. The manual control

experiment was carried out at eight different frequencies and the results are shown
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as crosses in figure 7.9. The results correspond extremely well with the predicted
attenuations and in most cases the attenuations achieved by the manual controller
are greater than those predicted from the frequency response measurements. This is
probably due to noise in the frequency response measurements which on average tend

to reduce the predicted attenuations.
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Figure 7.9: The predicted attenuation in pressure squared level at microphone 9
(solid line) and the measured attenuations in pressure squared level at eight different
frequencies (crosses).

7.3 Conclusions

The development of distributed sensors allows active structural acoustic control to
be achieved over a wide frequency region, using only a single sensor. Cancellation
of volume velocity has been shown to be a very useful strategy in achieving active
structural acoustic control and compares favorably with the more sophisticated strat-
egy of minimization of the sum of the squared pressures at a number of points in
the far field. Previous attempts to use distributed modal sensors have been partially
successful in achieving acoustic control but tended to be specific to a particular struc-
ture and were only able to achieve attenuations over a very limited frequency range.

The design of the sensor developed for use in these experiments was not dependent
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on the dynamic properties of the plate used. This was demonstrated by achieving
significant reductions in the sound pressure levels after the dynamic properties of the
plate were altered by the attachment of an inertial actuator. This shows that the
piezofilm sensor is robust to changes in the plate behavior. It has also been shown
that over a wide frequency range the attenuations in the far field pressure can be

adequately predicted using individually measured frequency responses.
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Chapter 8

Feedback control

8.1 Introduction

The active control of sound power radiation from a flexible rectangular panel using
feedback control will be investigated in this chapter. Feedback control can be used
to cancel broadband disturbances i.e. random or transient, when no reference signal
is available. This is in contrast to feedforward control which is most widely used to
control harmonic disturbances since it is for these disturbances that reference signals
are most commonly available. The results of computer simulations using purely the-
oretical data and also using measured responses will be presented. This chapter will
also present the results of experiments conducted on the plate configuration used in

the experiments carried out in chapter 7 of this thesis.

The control systems considered in the previous chapters of this thesis have all been
single channel feedforward. This implies that a suitably accurate reference signal is
available which can be used to feed the controller (figure 8.1a). There are many cir-
cumstances in which no suitable reference signal is available and it becomes necessary

to use feedback controllers (figure 8.1b).

To achieve good attenuation, a feedback controller used to control a system with a
finite delay must be able to predict the disturbance signal in the immediate future.
If future disturbance signals can be predicted, then the secondary source can be
driven so that it produces an equal and opposite signal to the primary disturbance

at the error sensor and therefore the error signal can be greatly attenuated. If the



disturbance signal is periodic then its future behaviour is perfectly predictable and in
principle, the error signal can be driven to zero. In the case of a feedforward control
system, where the disturbance is non-periodic, prediction is possible if a reference
signal is taken sufficiently “upstream” of the error sensor and the reference signal
is well correlated with the disturbance signal. Feedback control systems however,
act solely on past error signals and rely on the disturbance being correlated in time.
Unless the signal is white noise, the future behaviour of a signal will always depend to
some extent on the past behaviour of the signal and therefore a degree of prediction

can be achieved.
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»
Primary . : E
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Figure 8.1: Feedforward and feedback control.

8.2 Theory

8.2.1 Analogue feedback

To begin with, a single channel analogue feedback system, whose block diagram is
shown in figure 8.2, will be considered. The error signal at the sensor e(jw) is com-
prised of a disturbance due to the primary source, d(jw), and the output of the
control system y(jw). A phase inversion at the error sensor has been assumed (to

ensure a negative feedback system) as this will be consistent with the majority of
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the control literature. If y(jw) is similar to d(jw) then large attenuations in e(jw)
will be achieved. The error signal is first fed through an electronic controller and the
output of the controller is used to drive the plant. The plant represents the transfer
function of the path between the output of the controller and the error sensor. The
plant will in general include electrical components (amplifiers etc.) and acoustic com-
ponents (for example, the radiation from the secondary loudspeaker and the acoustic

propagation). Assuming the feedback system is stable, the error can be described by,

e(jw) = d(jw) = y(jw) = d(jw) = G(jw) H (jw)e(jw) (8.1)

The contribution of the control system to the error signal, y(jw), is given by the error
signal itself, e(jw), filtered by the plant response G(jw) and the controller H(jw).
The above equation can be rearranged to give the transfer function of the entire

system.

e(jw) 1
o)~ T+ GGG (82

Unlike fixed feedforward control systems a feedback control system can become un-
stable if, for example, the denominator in the above equation becomes zero at any
frequency. The controller must therefore be carefully specified such that good perfor-
mance is achieved without causing instability. The stability of the feedback system is
more generally assessed using the Nyquist criterion [41]. This implies that there will

be a tradeofl between stability and control performance.
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+
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Plant - Error

Controller
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Figure 8.2: Analogue feedback control.



8.2.2 Digital feedback and internal model control

Digital control filters may be used instead of analogue filters because of their flexibil-
ity. The use of sampled signals allows the computation of the optimal control filter
coefficients and the promise of optimal performance. Digital filter coefficients can also
be easily updated to produce real time adaptive systems and the cor;trol algorithm
can be altered with only a change in software.

A time domain approach to the design of the control filter will be adopted in this

!'is a unit delay (i.e. one

section. The ¢ operator notation will be used where ¢~
sample) such that g7 'z(n) = z(n—1). The block diagram for a digital feedback control
system is given in figure 8.3. The sampled error is given by e(n), the disturbance by
d(n) and the control system’s contribution to the error signal by y(n) In operator
notation e(n) = d(n)—G(q)H(q)e(n) where the plant’s response can be approximated
by an arbitrary length FIR filter G(q) such that G(q) = go + g1¢”™" + g2¢™* + ... and

the controller’s response is assumed to be an FIR filter H(q) with I coeflicients such

that H(q) = ho + hig™' + hog™? + ...+ hr_1g* L.

d(n) Disturbance

+
G(q) &)
Plant Y Error
Controller
H(q)

Figure 8.3: Digital feedback control system.

Internal model control

The calculation of the optimal stable control filter H(g) is often a difficult task espe-
cially if the controller is required to be adaptive. The internal model control approach
[66] is a method of transforming a feedback control system into a system resembling
a feedforward control system. The control filter can then be adaptively optimized in

real time to produce fully adaptive feedback controllers that are easy to understand

and interpret [35, 36, 37, 76, 77].



Figure 8.4a shows the block diagram for an internal model control system. The con-
troller H contains a model of the plant, G(q), which compensates for the contribution
of real plant G(q) to the error signal, so that the input to the control filter, W(q), is
an estimate of the disturbance d rather than of the error e. If the estimate of the plant
is good, that is G(q) = (#(q), then the feedback control system can be considered to

act as a purely feedforward system, as shown in figure 8.4b.

(a) d(n) Disturbance

G(q)

Estimate of plant

Controller

d(n) Disturbance

(b)
+
din) —W(q) > G(q) (n)‘ e(n)
Controller Plant Error
(c) d(n) Disturbance
r(n) +
d(n) —— G(Q) W(CI) y(n_ e(n)
Plant Controller Error

Figure 8.4: Internal model control digital feedback system (a), the equivalent feed-
forward system (b) and an alternative form of the feedforward system (c).

Under these conditions the error can be expressed as,

e(n) = [1 = W(g)G(q)ld(n) (8.3)

The feedforward system can be rearranged, as shown in figure 8.4¢c, to produce an

equivalent system where the disturbance is first filtered by the controller G(q) to

produce a signal r(n).

The error can now be written as,



e(n) = d(n) — W(g)r(n) = d(n) — ]5: w;r(n —1) (8.4)

where r(n) = G(q)d(n) is the disturbance signal filtered by the plant response and
wo to wy_y are the I coefficients of the FIR filter W(g). The expected value of the
error squared (i.e. E[e?(n)]) is taken as the cost function which the control system
attempts to minimize. This is equivalent to the minimization of the total power of the
signal. Other error criteria may be specified but this is the most common criterion for
the active control of acoustic disturbances. If the controller coefficients are optimally
adjusted then the error will be totally uncorrelated with the filtered reference signal

for the number of samples (1) corresponding to the length of the control filter.

Ele(n)r(n—=k)]=0 for0<k<I—1 (8.5)

[n other words, if W{(q) is optimized, all of the information in the current distur-
bance signal d(n) which is correlated to the previous I — 1 samples of the filtered
reference signal will be removed, so that the resulting error e(n) is uncorrelated with
the last I — 1 samples of the fiitered reference signal. Equation 8.5 and equation 8.4
can be combined to produce an expression which includes the optimal control filter

coefficients w;(opt).

I-1
Eld(n)r(n — k)] — Z:wi(opt)E[r(n —i)r(n—k)] =0 for0<k</lI—1 (86)

The first term in the above equation is the expected value of the present disturbance
d(n) multiplied by the (n— k)% filtered reference signal r(n—k). To include all values
of k, this term is represented by an I length vector p which is the cross-correlation

function between d(n) and r(n).

p = | E[d{n)r(n)] Eld(n)r(n—1) ... Eld(n)rin —1I+1)] (8.7)

The expectation value in the second term in equation 8.6 can be represented as an
I x I auto-correlation matrix R fori =0to [ — 1 and k=0 to [ — 1 which is given

by,
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[ E[r(n)r(n)] Elr(n)r(n —1)] o Elr(n)r(n — I 4 1)]
oo Efr(n — 1)r(n)] Elr(n — 1)r(n — 1)) Elr(n — D)r(n — I + 1)]
| Elr(n =1+ 1)r(n)] Elr(n—=I+1)r(n—1)] ... Elr(n—=1+1)r(n—1+1)]
(8.8)
If the vector of controller coefficients w is given by,
T
0=l w o w (8.9)

then equation 8.6 can be expressed in matrix form to include all of the values of & = 0

tok=1-1.

p— Rw,, =0 (8.10)

The optimal Wiener control filter coefficients can now be directly calculated from the

cross-correlation vector and the auto-correlation matrix.

Wy = R7'p (8.11)

A direct solution to this equation is possible if the matrix R is positive definite
which is assumed if the filtered reference signal persistently excites the control filter
w [35]. Given the disturbance signal and the plant response G(g) it is thus possible

to calculate the optimal filter coefficients and to calculate the resulting error signal.

If the plant’s response (& is minimum phase then an arbitrarily long filter W can be
specified which perfectly compensates for the plant’s response and drives the error to
zero. However, if the plant has a delay in it equivalent to K samples, then r(n) is
delayed by K samples with respect to d(n), so that the cross-correlation vector p will
not include all of the correlated information since E[d(n)r(n +1)] to E[d(n)r(n+ K]
will be non-zero. Therefore, the ability of the control system to cancel the output
of the error sensor is adversely affected by any delay in the plant. It is therefore
desirable in the design of any feedback control system to minimize the delay in the

plant.
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Adaptive filters: the filtered-z LMS algorithm

The internal model control approach is useful because it allows feedforward adaptive
filtering techniques, such as the filtered-2 LMS algorithm, to be applied to feedback
control systems. The LMS algorithm as developed by Widrow and Hoff [90] is con-
cerned with updating the coeflicients in an FIR control filter such that' they converge
to the optimal filter w,,;. The error surface associated with an IR control filter is
quadratic with a unique minimum solution. A gradient decent algorithm is there-
fore guaranteed to converge to the optimal solution. The LMS algorithm uses the
instantaneous estimate of the gradient, which is given by the most recent error sam-
ple multiplied by the previous [ reference signals, to update the coefficients of the [
length control filter. The ** filter coefficient at the n + 1 sample (i.e. w;(n + 1)) is

thus adjusted according to the equation,

wi(n + 1) = w;(n) + ae(n)z(n — 1) (8.12)
Disturbance
\ id(n)
x(n)
z
Reference W(q) et Iei(r’r%r
signal signal
)

Figure 8.5: An adaptive control system for optimization of the filter W(q).

where z(n — 1) is the (n — ¢)*" sample of the reference signal, and « is a convergence
coefficient which determines the rate of convergence. This adaptation process is
illustrated in figure 8.5. In an active control system for the reduction of sound or
vibration, there is generally a plant G(q) through which the output of the filter must
travel before it is summed with the disturbance (e.g. as in figure 8.4b) and therefore
the reference signal must also be filtered by a model of the plant G’(q) in order to
produce an unbiased estimate of the gradient. This is known as the filtered-z LMS

algorithm [91] and is shown in figure 8.6. The update equation then becomes,
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wi(n 4+ 1) = wi(n) + ae(n)r(n — 1) (8.13)

Disturbance

}d(zz)
x(n) \
W(q) 1 G(9) —e(n)

Reference Error
signal signal

G(q)

r(n) &

Figure 8.6: An adaptive control system for optimization of the filler W(q) using a
reference signal filtered by a model of the plant G(q).

where r(n — 1) is the filtered reference signal given by filtering the signal z(n) by a

J order FIR estimate of the true plant response G/(q).

r(n) = G(q)x(n) = goz(n) + g1z(n — 1) + gox(n — 2) + ...gyya(n — J + 1) (8.14)

8.2.3 Feedback control to minimize remote sensors

It is also possible to use a local feedback system to minimize the outputs from a
set of remote sensors (figure 8.7a). If the error signal from the local sensor e; is
correlated with the error signals e, then it is possible to achieve some level of control
at the remote error sensors using a local feedback system. The equivalent feedforward

system using internal model control is shown in figure 8.7b.

If the remote error sensors e, were used to directly feed the controller large time delays
would be introduced which would adversely affect the performance of the control
system. By using a local error signal e; this time delay can be kept to a minimum
but the controller can still be adjusted to minimize the remote error signals. This
assumes that the local plant response (&7 has a smaller time delay than the remote
plant responses GG,. The system as a whole will only be effective if the additional

time delay in G, is comparable to the time taken for the disturbance to travel from
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Figure 8.7: An internal model control system used to minimize the errors at a set of
remote sensors.

the local error sensor to the remote error sensors. This implies that the local feedback
system must be upstream of the remote error sensors. If dy, d, and G,(¢) are known
then the optimal filter coefficients can be calculated and the resulting error computed.
An example of a feedback control system on a structure used to minimize the output
of a number of remote microphones is presented by Elliott et al. [37]. Although this
method could be used to adjust any local feedback loop to minimize sound radiation,
the direct minimization of an error signal obtained from a sensor whose mean square
output is designed to be proportional to radiated sound power, will be investigated

here.

8.2.4 Stability

It is not within the scope of this thesis to give anything but a brief discussion on
the stability of feedback control systems. The internal model control architecture,
assuming a perfect plant model (i.e. G = (), will always produce a stable system as

long as the control filter W is stable. In any realistic system however some variation
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in the plant response will occur and this allows some of the control system’s output
y(n) to be fed back into the input of the controller thus reinstating a “feedback”
path. It is therefore necessary to build a control system whose stability is robust to
small changes in the plant response. Methods of achieving a robust internal model
control system have been developed and are discussed in a number of publications
[36, 35, 76, 77]. In an adaptive controller the robustness can be increased by including

a leakage term [91] in the update algorithm for the control filter [36].

8.3 Simulation results

In this section the results of a simulation of feedback control are presented in which
the plant response is derived from a computer model of a piezoelectric actuator driving
a vibrating plate whose motion is measured by a distributed sensor. The same panel

will be used here as was used in the computer simulations presented in chapter 5.

These simulations are designed to determine the upper limit of the performance of a
feedback control system designed to control the radiation of broadband noise from a

vibrating panel with these actuators and sensors.

8.3.1 Minimization of the output of a volume velocity sensor

Consider a 380mm by 300mm by lmm aluminium panel with a damping ratio of
0.002 excited by an incoming white noise signal travelling as a plane wave with angles
0 = 45° and ¢ = 45° in an arrangement as shown in figure 5.1. The output of a volume
velocity sensor is assumed to be minimized using a internal model control feedback
system which drives a centrally placed piezoelectric actuator. The reductions in the
output of the volume velocity sensor and the resulting changes in the total sound

power radiation can then be calculated.

Feedback control systems attenuate the error signal in certain frequency regions at
the expense of increasing the signal in other frequency regions [30]. If the intention
is to reduce the perceived noise level then an “A-weighting” could be used to filter
the error signal before it is minimized by the controller. When using the output

of a volume velocity sensor as a broadband error signal, the radiation efficiency of
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the structure as a function of frequency must also be taken into account. The error
signal in this case should thus be weighted by a radiation efficiency term and an
A-weighting term to produce a good estimate of the perceived radiated sound, which
can then be minimized by adjusting the controller coefficients. Iigure 8.8a shows
the weighting filter B(q) used in the simulations which includes an A-weighting term
and a radiation efficiency term. An equivalent control system is shown in figure 8.8b
which weights the disturbance and the reference signals instead of the error signal.
The modulus of the frequency response of B(q) used in these simulations is shown in
figure 8.9. To calculate the optimal control filter which minimizes the weighted error
eo(n) equation 8.11 is used with the vector p representing the cross-correlation terms
between the weighted disturbance do(n) and the weighted disturbance filtered by the

plant ro(n) and the matrix R representing the auto correlation terms of ro(n).

(a) Disturbance
d(n)
+
i) ——W(q) ——Glg) = T Bg) |5
y(n) = Error Weighted
Controller Plant erTor

Disturbance * d(n)

(b) Weighted B(q)
disturbance dy(n)
dy(n) ry(n) _HL e(n)
d(n) —— B(q) > G(q) " Wi(g) y(n) Error
Plant Controller

Figure 8.8: (a) An active control system which uses a filter B(g) to the weight the er-
ror. (b) An equivalent control system which weights the disturbance and the reference
signal instead of the error.

Figure 8.10 shows the power spectral density of the output of the volume velocity
sensor, weighted by a radiation efficiency term and an A-weighting term, before and
after control. The controller was a 200 coefficient FIR filter with a sample rate
of 1400H 2. Large reductions in the resonant behaviour of the panel are achieved
with a total reduction in the error signal of 7.4dB. These results define the upper
performance limit for this control system minimizing this cost function. Time delays

due to anti-aliasing filters would inevitably reduce performance. In principle, if very
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Figure 8.9: The modulus of the frequency response of the filter B(q) used to com-
pensate for the radiation efficiency of the panel and to add an A-weighting term.

fast processing were available, the sample rate of the controller could be made high

enough for the delays due to anti-aliasing filters to be negligible.

Although the plane wave incident on the plate was assumed to have a flat spectrum,
the vibration of the plate and hence the output of the volume velocity sensor shows
resonances due to the plate’s modal behaviour. It is this resonant response which is
controlled by the feedback system. It should be noted that compared with the mul-
tiple single frequency results presented in chapter 5 (e.g. figure 5.3) the A-weighted
broadband response shown in figure 8.10 is less dominated by the lowest order plate

mode.

Figure 8.11 shows the attenuation of the error signal by the control system as a
function of the time delay added to the plant response for two cases, where the
damping ratio of the plate was 0.002 and 0.007. If the plate is lightly damped the
disturbance exhibits more resonant behaviour (i.e. increased predictability) and hence
performance is less likely to be affected by delays. With zero delay the attenuation
is finite which implies that the plant’s response in this case is non-minimum phase
and the causal controller cannot perfectly compensate for the plant’s response. Even

though the overall level of attenuation is lower for the plate with £ = 0.007, the fall

184



~ -t

Sensor response (dB)

4 i i 1 1 il
100 200 300 400 500 600 700
Frequency (Hz) !

Figure 8.10: The output of a volume velocity sensor on a rectangular simply supported
panel which is excited by an acoustic plane wave, before control (solid) and after
feedback control using a internal model control approach (dashed).

off in the attenuation with plant delay is similar to that for the plate with ¢ = 0.002.
The relatively small reductions in attenuation shown in figure 8.11, even for 25ms
of plant delay, are in contrast to the results presented for a purely acoustic feedback
control system [36, 37] in which the plant has no resonant response and very little

attenuation was possible with plant delays of more than a few milliseconds.

Figure 8.12 shows the A-weighted sound power radiated from the panel before and
after control. As expected the A-weighted sound power is very similar to the output
of the weighted volume velocity sensor at low frequencies (figure 8.10) although at
higher frequencies (e.g. at 640H z) even-order structural modes which are not detected
by the volume velocity sensor begin to radiate significantly. These results show that
significant attenuation of the resonant radiation of the panel can be achieved. The
resulting residual spectrum is relatively flat, which implies that the residual error is
closer to being white noise. This result is to be expected since the feedback controller
removes the predictability from the disturbance signal. The net reduction in the A-
weighted sound power radiation is 3.4dB. In the frequency range 180H = to 500H = the
noise reduction is 6.9dB. The increase of 1dB in the noise level in the 500H z to T00H z

region, however, accounts for the overall reduction in performance as compared with
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Figure 8.11: The attenuation of the error signal as a function of time delay in the
plant for the case of a panel with a damping ratio of 0.002 (solid) and 0.007 (dashed).

the attenuation of the output of the volume velocity sensor, which was 7.4dB overall.
In circumstances where the higher frequency noise was more highly attenuated by

passive absorbers this problem would be reduced.

8.4 Negative-gain feedback on the experimental

plate

In this section the possibility of using an analogue, negative-gain, feedback system to
control the output of the volume velocity sensor described in chapter 7 is investigated.
Figure 8.13 shows a simple analogue negative gain control system whose maximum
stable gain is determined by the characteristics of the plant G(jw) and the low pass

filter L(jw).

The frequency response was measured between the input to the piezoelectric ceramic
actuator on the rectangular plate and the output of the volume velocity sensor de-
scribed in chapter 7. This “plant” response could be used to determine the maximum
stable feedback gain possible and hence the maximum achievable attenuations. To

improve the performance of the control system at low frequencies a low pass filter
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Figure 8.12: The A-weighted sound power radiation from a rectangular simply sup-
ported panel which is excited by an acoustic plane wave, before control (solid) and
after feedback control using a internal model control approach (dashed).
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Figure 8.13: A negative gain feedback system with a low pass filter and a loop gain
A.



L{jw) could be used to roll off the high frequency response of the system and prevent
high frequency instabilities. This allows the loop gain to be increased, which results
in increased attenuations at low frequencies. A simple second order butterworth filter

at 1000H z will be used in the results presented here.

The distributed piezoelectric sensor used in the experiments presented in chapter
7, was designed to measure volume displacement. For the case of controlling single
frequency sound the cancellation of volume displacement is equivalent to the cancel-
lation of volume velocity. For the control of broadband disturbances this is not the
case and the output of the sensor must be differentiated. This was done using the

circuit shown in figure 8.14 [73].

Q C R I R m
8 - Load Impedance of
I PR resistor measurement
Capacitance amplifier
of PVDF
sensor

Figure 8.14: The circuit used to measure and differentiate the output of a distributed
piezoelectric sensor designed to measure volume displacement.

The capacitance of the sensor was measured as 92nF'. A 2.2k load resistor was used
so that the cut-off frequency of the circuit was T90H =z (fo = 1/(27 RC)). Below this
frequency, the charge from the sensor ) flows almost entirely through the load resistor
R, and hence the output voltage, which is proportional to the current through this
resistor, is proportional to d@)/d¢. The measurement amplifier is assumed to have a

very high impedance (i.e. R, > R)).

The transfer response of the feedback system shown in figure 8.13 is given by,

c(w) 1
d(jw) 1+ AGGw)L(jw) (8.15)

where A is the gain. To ensured that the system is stable the Nyquist plot for the
open-loop response G(jw)L(jw) times the gain A, must not enclose the minus one

point. The maximum performance for the system will be achieved if the loop gain A is

188



increased until the polar plot for the system is very near the Nyquist point although
this does not allow any margin for change in the plant response. The frequency
response for the system with maximum stable loop gain will determine the maximum

attenuation possible.

The magnitude and phase of the frequency response AG(jw)L(jw) are shown in fig-
ure 8.15 when the gain is chosen such that the polar plot of the frequency response
(figure 8.16) comes close to but does not enclose the Nyquist point. For this system

the gain margin is 4.6dB and the phase margin is 36°.
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Figure 8.15: The measured magnitude and phase of the open loop response of a
control system designed to cancel the output of a volume velocity sensor.

The introduction of a low pass filter reduces the level of the response at high fre-
quencies at the expense of introducing a phase shift at low frequencies. This phase
shift, which increases with higher order filters, causes the polar plot to rotate and can

potentially cause lower frequency resonances to enclose the Nyquist point and send
the system unstable.

The output of the sensor when the plate was acoustically excited by the loudspeaker
inside the box (chapter 7) was measured and used as an example of a disturbance
signal. This disturbance signal was weighted by the filter B(q) shown in figure 8.8

and figure 8.9 so that it resembled the percieved noise level. The weighted error
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Figure 8.16: The polar plot of the open loop frequency response of the system which
includes the plant, the gain and the low pass filter.

before and after control, calculated from equation 8.15, are shown in figure 8.17.
The attenuations as a whole are not very large but attenuations of up to 6dB are
observed at the resonances (e.g. 420Hz). There can also be large increases, up to
10dB in the error at some frequencies. This control method has the advantage of
having a simple controller but the attenuations are not very large. Any real control
system would probably include a larger gain and phase margin which would reduce

the attenuations even {urther.

8.5 Experimental results

In this section the results of an experiment using an adaptive internal model control
system to minimize the output of a structural sensor designed to measure volume
velocity are presented. The control system used a TMS320 C30 processor on a PC

and the control algorithm was programed by Boaz Rafaely.

The control experiment was conducted on the experimental setup described in chapter
7. The acoustic primary source was driven with white noise that was filtered by a

high-pass filter with a cut-on frequency of 300H z. It was not possible to include an A-
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Figure 8.17: The weighted error before (solid) and after control (dotted) when the
plate is excited using an acoustic source.

weighting and radiation efficiency weighting term to the error in the filtered-x LMS
algorithm and therefore filtering of the disturbance was used to produce a similar
effect. Much of the low frequency content of the error signal is unimportant because
the radiation efficiency of the panel at these {requencies is very low and the human
sensitivity to these frequencies is also low. The sampling frequency used was 6000Hz
with an anti-aliasing filter (on the controller output only) set at 3000Hz. An anti-
aliasing filter was not required on the input since the disturbance had a natural high
frequency roll-off. Anti-aliasing filters produce delay which degrades performance
and therefore their unnecessary use was avoided. No leakage term was used in the
adaption algorithm for the controller since it was found that the converged system
without any leakage factor was stable for up to 100 percent changes in the plant
response in this case. Figure 8.18 shows the measured power spectrum of the error
at the sensor before and after control. Reductions of up to 12dB are measured at

certain frequencies with a total reduction in the signal of 6d5.

Figure 8.19 shows the spectrum of the acoustic pressure at a microphone placed close
to the panel before and after control. For these experiments the plate was housed in a
laboratory which exhibited a complex acoustic response. Therefore, these results do

not allow any generalized conclusions to be drawn about the total reductions in the
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Figure 8.18: The measured spectrum of the error signal before (solid) and after control
(dashed) using a real time adaptive internal model control system.

acoustic radiation from the plate but serve as an example of the acoustic reductions

which are possible using such a system.

8.6 Conclusions

It this chapter the feedback control of sound radiation from a vibrating panel, excited
by a broadband disturbance, using a volume velocity sensor, has been examined. The
active control of sound transmission through flexible panels using feedback control
systems has also been investigated by other authors [65, 82] but in general these sys-
tems have required relatively complex control systems with multiple point sensors. It
is suggested here that the use of volume velocity sensors may allow some simplification

in the control system without a large loss in performance.

Computer simulations have been used to show that in principle the volume velocity
of a plate could be controlled using an adaptive internal model control system. The
resonant behaviour of the error from the volume velocity sensor could be controller
to produce a “whitened” response. Additional time delay in the plant’s response was

shown to degrade the performance of the system but not dramatically so. The pos-
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Figure 8.19: The measured spectrum of a microphone error signal before (solid) and
after control (dashed) using a real time adaptive internal model control system.

sibility of using a simple negative-gain feedback control system was also investigated
using the measured open loop frequency response of the feedback path which included
a piezoelectric actuator mounted on a rectangular panel and a volume velocity sensor.
It was found that some attenuations were possible at resonant frequencies, although,

in this case these attenuations were not very large.

An adaptive internal model control system was also implemented on the panel using
the piezoelectric actuator and the volume velocity sensor. Significant attenuations in
the sensor output were achieved. The attenuations in the output of the sensor also

produced a reduction in the sound pressure levels at a microphone near to the panel.

Significant reductions of broadband noise radiated from a rectangular panel can thus
be achieved using a feedback control system. The internal model control feedback
system has the ability to reduce the level of the resonant frequencies in the error
signal and can be applied to any broadband disturbance that is filtered by a resonant
(lightly damped) system such as a light panel. A number of these active panels could
potentially be used to control the radiation of broadband sound in small enclosures

(e.g. aerodynamic noise into aircraft cabins).

It is believed that a volume velocity sensor acting with a matched constant force
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actuator will exhibit minimum phase characteristics and will greatly improve the

performance of an analogue or a digital control system.
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Chapter 9

Conclusions and recommendations

for future work

The work presented in this thesis falls under two main categories: (1) radiation mode
theory and (ii) distributed transducers. Recommendations will first be made for
further study in these two areas and then a more general discussion on the future of

research into the active control of sound transmission into an enclosure will be given.

9.1 Conclusions and recommendations for future

work on radiation mode theory

It has been shown that the acoustic radiation from a vibrating surface can be de-
composed into an orthogonal set of independently radiating velocity distributions or
radiation modes (chapter 2). The acoustic power radiated by a vibrating surface into
the far-field can be described purely as a function of the normal velocity at the surface
and a radiation matrix R. The eigenvalues of the matrix R describe the efficiency
with which the radiation modes transfer energy from the surface of the structure into
the far-field. To some extent the complexity of the energy transfer mechanism from
the vibrating surface to the acoustic far-field is determined by the eigenvalues of the
matrix K. If there are only a few significant eigenvalues then the mechanism is less
complex than if there are many significant eigenvalues. For active control purposes

the level of complexity will determine the complexity of the control system required
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to reduce the energy transfer to the far-field. In the work carried out in this thesis
the values of these eigenvectors as a function of frequency have been calculated under
a number of different circumstances (chapter 3). It was shown that at low frequencies
the eigenvalues associated with the radiation of sound from baffled surfaces tended
to change at a constant rate with respect to frequency. This rate of change is similar
to the rate of change of efficiency associated with the radiation of sound from spher-
ical harmonics. Spherical harmonics are themselves a special set of radiation modes
for spherical radiators and it may be possible to link the rate of change of radiation
efficiency for the radiation modes of arbitrarily shaped sources to the rate of change

of radiation efficiency for spherical harmonics.

Although the radiation modes derived in this thesis concern the acoustic radiation
from vibrating surfaces, this theory could be used to describe the transfer of energy
from any section of a system to any another section of a system. The radiation of
sound from a baffled source is a convenient example because the boundary between
the two sections is well defined and the matrix of transfer impedances can be easily
calculated. The generalization of this theory to include the transfer of energy in more
complex structural and/or acoustic systems could potentially facilitate reductions in
the complexity of the control systems required for control by allowing distributed

sensors, equivalent to radiation mode sensors, to be used in the control system.

9.2 Conclusions and recommendations for future

work on distributed transducers

In this thesis the design of a distributed transducer for measuring volume velocity
is tested both theoretically and experimentally (chapters 4 and 7). It has also been
shown that the cancellation of volume velocity is a useful strategy for the control of
sound power radiation from a vibrating structure at low frequencies (chapters 5 and
7). If a volume velocity sensor and its reciprocal transducer, i.e. a constant force
actuator, are used as an actuator/sensor pair then there will potentially be a number

of useful effects:
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e the levels of attenuation will increase and the system will continue to be effective

at higher frequencies

e it will reduce control spillover and hence reduce undesirable side effects such as

increased vibration levels and increased near field pressure levels

e the resulting plant response will be minimum phase and hence a simple ana-
logue feedback control system could be used to achieve similar reductions in
the control of broadband disturbances as those achieved using a single channel

feedforward control system in the control of tonal disturbances.

In principle, the design of a constant force actuator is similar to that of a volume
velocity sensor. Unfortunately when being used as an actuator t}‘le" thin PVDF film
used here cannot generate sufficient force to produce a practical system. The pro-
duction of piezoelectric materials which can be etched or cut into shapes but are
stiffer and more sensitive than a thin sheet of PVDF will potentially solve this prob-
lem. Recently, composite materials which are made from piezoelectric ceramic powder
fixed in a polymer matrix have come into production and these materials should be

investigated to determine if they are suitable for this application.

The etching techniques which have been used to produce a single distributed sensor
with a spatially weighted sensitivity could also be used to produce large numbers
of point sensors on a single sheet of piezoelectric material. The large number of
electrical connections required to connect all of these sensors could also be etched
into the surface of the film electrode to produce a simple junction at which the
external cables could be connected. A large number of such sensors could be used as
error sensors in a feedforward control system or an equivalent internal model control
feedback system (chapter 8). The control system could use these sensors to monitor
performance and could in principle scan through these error sensors sequentially to
achieve slow adaptive control if a separate sensor was used to detect the primary
disturbance. These error sensors could also be connected to an analogue weighting
network to produce, for example, a volume velocity sensor or a higher order radiation
mode sensor. The output of the analogue weighting filter could then be used directly
as a reference signal or an error signal depending on the application. This allows some

flexibility, since the weighting filter (or filters) could be changed without changing the
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physical film sensor.

9.3 Conclusions and recommendations for future

work on the active control of sound transmis-
sion

There are a number of systems in commercial production for the feedforward active
control of low frequency tonal noise. Active control of the transmission of low fre-
quency broadband disturbances into enclosures is a major subject for future active
control research. The sources of broadband noise, such as acrodynamic flow, are often
distributed. Therefore, for most broadband disturbances, unless they are contained
in an environment such as a duct, it is difficult to obtain a suitable reference signal to
use in a feedforward active control system. It is likely that feedback control systems

will be required in many cases to control the transmission of broadband noise into

enclosures.

The case of the transmission of broadband noise into a cylinder is a good example on
which some ideas about the active coutrol of broadband disturbances can be explored.
The use of acoustic sources and error microphones is unlikely to be effective in a
feedback system since they would introduce large delays and hence heavily degrade
the performance of any feedback control system. It is therefore likely that structural

sensors and actuators would be required to reduce the delays in the system.

In a multichannel control system it is generally necessary, as it is in an internal model
control system, to filter a number of reference signals with models of the multiple
paths in the plant in real time. For a system with an equal number of sensors and
actuators the number of plant models required increases with the square of the number
of control signals. This implies that multichannel internal model control systems will
require large processing power and there will be a need to restrict the number of
channels required to a minimum. If processing power were not a constraint then a
large multichannel internal model control system could be used to minimize the sum of
the squared pressures at a number of remote microphones inside the cylinder (chapter

8). This could potentially remove most of the resonant behaviour of the system. In
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any realistic system where the processing power is likely to be very limited it may
be necessary to use distributed sensors and actuators in an attempt to reduce the
complexity of the control system. A system using structural modal sensor/actuator
pairs each with an independent analogue feedback control system could be used to
dampen the response of certain structural modes (chapter 6). For this system to be
successful the output of the modal actuators must be poorly coupled to all of the
other modal sensors and if the structural modes are orthogonal then this is likely to
be the case. It would be also possible to use structural modal sensor/actuator pairs
in an internal model control system designed to minimize the sum of the squared

pressures at a number of microphones inside the cylinder.

The restrictions imposed by different applications will determine the choice and suc-
cess of a given control system. For the aerospace application described in chapter 6,
large weight restrictions will be placed on the system but less financial restrictions
will probably be made. The aerospace structure however is likely to be more sim-
ple than an aircraft structure and there is a possibility of a successful system being
produced using current technology. As processing power becomes faster and cheaper
those applications in which performance increases rapidly with an increase in pro-
cessing power will become more viable and more likely to be topics of active control
research. Radiation mode theory provides a convenient method of quantifying the
complexity of the energy transfer mechanism between a source and a receiver and
therefore the complexity of the control system required to significantly reduce this
energy transfer. A slow rate of change in the complexity of the energy transfer mech-

anism with frequency will identify the applications which will benefit most from an

increase in processing power.
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