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This study was motivated by the need to decrease the noise radiation and vibration of
pipework in power plants, particularly at elevated temperature.

A thin circular cylindrical shell has been studied theoretically. The exact solutions for
natural frequencies of the symmetrical and anti-symmetrical modes for cylindrical shell
vibration have been derived in matrix form. Using this theory, numerical results for
natural frequencies and mode shapes with free-free, clamped-free and clamped-clamped
boundary conditions have been evaluated.

Based upon studies of the thin cylindrical shell theory and the physical phenomenon of
air film damping of two parallel plates, the theory for predicting the loss factor of an
annular double pipe damping system with a very small air gap has been developed.
Fliigge's thin shell equations of motion and the Navier-Stokes equation for viscous
fluid were employed in the analysis. The fluid motion was expressed in terms of shell
displacement by using a travelling wave type solution. The solutions gave the fluid
velocity profiles and stresses in the clearance between two cylindrical, concentric
shells. “According to the definition of energy dissipated in the fluid, an equation was
derived for predicting the loss factor of the whole damping system. Based on the
principle of similarity, an optimum design for a system generating squeeze film
damping in pipes has been made. The theory was then extended to study the damping
caused by various kinds of viscous fluid in the gap between the two annular structures.
Experiments have been carried out to investigate the loss factor of the double pipe
system with in-phase and out-of-phase modes of vibration.

Friction damping has been studied experimentally on a thin-walled pipe with a coiled
steel spring or wire rope attached or with a mineral wool wrapping. Flexural vibration
was examined in the experiments.

This study included an experimental investigation of reduction of internally generated
high level noise through a pipe wall, and the sound transmission losses of pipes with a
coiled spring friction damper or wire rope and conventional lagging were measured.
The transmission losses of a double pipe system with air or oil in the gap were also
measured.
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CHAPTER 1. GENERAL INTRODUCTION.

1.1 DEFINITION OF THE PROBLEM.

In electrical power stations, large machinery installations such as turbo alternator sets
are composed of an assembly of machine elements, including, for example pumps, etc.
The pipework forms a set of transmission paths by which vibration is carried from
sources to areas where unacceptable vibration levels are produced or noise is radiated.
In addition to high pipe wall vibration levels and subsequent acoustic radiation, these
vibrations often excite attached structures. In some instances this can result in
component failure which is both costly and hazardous. As this type of pipework
generally carries a mixture of high temperature water and steam, there are limitations
when applying damping treatments or noise absorbing materials, which should be
capable of working at high temperature. Suitable damping treatment and noise reduction
systems for pipework are needed for reasons of safety and legislation.

1.2 VIBRATION OF A THIN CYLINDRICAL SHELL AND ITS
DAMPING TREATMENT.

When unwanted energy is transmitted along a pipe in the form of random structural
vibration resulting from random exitation, the vibrational response of the piping system
is dominated by the responses of the structural modes. To control the vibration and
noise level radiated from a pipe system, it is essential to study the dynamic response of
thin circular cylindrical shells which represent the types of pipes used in power
stations. Calculation of the free vibration characteristics of circular cylindrical shells of
finite length has been of interest to engineers and scientists for a long time. An excellent
survey and discussion of the literature on the free vibration of cylindrical shells has
been given by Leissa in reference [1], which contains approximately 1000 references
on this topic. The theory of vibration of thin cylindrical shells included the study of free
vibration of finite shells with various boundaries (2. 3.4] , and the study of forced
vibration of finite shells with structural damping [5). Experimental studies on the
vibration of a circular cylindrical shell have been published which concerned
measurements of mode shape and resonance frequency (6.

Damping treatments are a conventional means for reducing mechanical vibration levels
by the removal of energy from a system. The role of damping controlling structural
response has been examined (7] and quantitive studies of the damping of beams have



been made by a number of investigators (891, In study of vibration damping, the loss
factor is a important parameter which is a ratio of energy dissipated to total energy of
the structure. Two experimental methods have been applied to determine loss factors of
pipe, they are an energy method and the decay method [10, 11], Using the decay
method, loss factors of pipe can be measured within a frequency band at high
frequencies or at a single frequency associated with response in a dominant mode.

Surface damping treatments are often used to solve a variety of resonant noise and
vibration problems, especially those associated with vibration of structures made of thin
sheet metal. Such treatments can easily be applied to existing structures and provide
high damping capability over wide temperature and frequency ranges. The surface
damping treatments are usually classified in one of two categories, according to
whether the damping material is subjected to extensional or shear deformation [12]. One
of the most commonly used surface damping treatments is extensional damping.
Sometimes this method is referred to as the unconstrained or free layer damping
treatment. The treatment is coated on one or both sides of a structure, the damping
material will be subjected to tension-compression deformation [13], The dependence of
the free-layer damping treatment performance on temperature is very significant.
However, the shear type of damping treatment or constrained damping (141 [15] is more
efficient than the unconstrained-layer damping treatment. This efficiency is balanced by
great complication in analysis and application. The constrained damping treatment is
similar to the unconstrained layer, except that the viscoelastic material is constrained by
a metal layer. Therefore, whenever the structure is subjected to cyclic bending, the
metal layer will constrain the viscoelastic material and force it to deform in shear. Shear
deformation is the mechanism by which the energy is dissipated. Both unconstrained
and constrained damping are a function of temperature. Low damping is usually found
at high temperature.

1.3 VIBRATION CONTROL IN DOUBLE-PLATE OR DOUBLE PIPE
SYSTEMS.

One possible method for increasing the damping of a pipe is to make a system which
consists of two concentric circular cylindrical shells with a very narrow annulus. A
damping study is needed for this kind of double pipe system for assessing both
vibration and noise radiation characteristics.

The transmission of vibration and structural damping are topics which have been
studied over the years at the ISVR (Institute of Sound and Vibration Research). The



damping of machine structures has been studied with the ultimate objective of reducing
radiated noise; double plate arrangements have been examined [21] and have been
shown to be relatively economical and robust sources of damping. The damping arises
due to air pumping in the gap between the plates. The important advantage of this
approach is its possible application at high temperature working conditions. Therefore,
to increase damping of pipework, the principle of "air pumping” will be adopted, for
which a double pipe system is designed. The double pipe system consists of two
coaxial thin-walled pipes with air or oil in the gap between them.

The initial discovery of ‘air pumping' loss came from the investigation of damping in
joints which started in 1962 as a continuing effort to refine methods for prediction and
control of structural vibration [16] [17). Maidanik (18] attempted to find a gas pumping
mechanism which would lead to damping values that agree in order of magnitude with
those observed in experiments. In Maidanik's research, an expression for the loss
factor associated with the dissipation in the gas was derived. It has shown that the loss
factor was a function of the vibration frequency and ambient pressure. Following this
initial work, the phenomena of gas or liquid pumping were studied in the vibration of
double plate systems and coaxial cylindrical shells.

1) Damping of double plates.

Mbser [19] carried out research on the influence of the viscosity of a gas or fluid-like layer
between two plates on structure borne sound. The analysis involved the determination of
the wave number of the system. From this analysis the frequency variation of the damping
was found and the dependence of the losses on the thickness of the layer and on the mass
loading of the plates became evident. More recently, Trochidis [20] has developed a
theoretical model for predicting loss factors of double plate systems and it was assumed
that the fluid in between was incompressible. Comparisons of predicted values with
experimental results were only given at frequencies well below the excited plate critical
frequency. Chow [21] carried out experiments to measure loss factors of plates separated
by a fluid layer. Attached plates were used in Chow’s work, one was a perforated plate
with equally spaced circular holes and the other was a flexible plate. The damping due to
squeeze film motion of gas between two plates was predicted. An impedance approach was
used to calculate the loss factor of the vibration system. Theoretical and experimental
results showed a very low damping level. It was claimed that the ratio of the dynamic
viscosity of the fluid to its density was the controlling parameter. This ratio was favourable
with gas but not for liquid. However, high loss factors can still be achieved if the viscosity
can be increased significantly. Although the impedance method can be used to predict



energy loss in a vibrating system either for squeeze film damping or material damping, the
contribution of gas pumping in the modes of coupled plate systems is unknown. In other
words, concerning fluid dynamics the motion of fluid caused by the vibration of a double
plate system was not evaluated in the theory. The velocity distribution of squeezed flow has
to be assumed for impedance calculation.

From previous studies, it is understood that the mechanism of so called "squeeze film
damping" has not been adequately theoretically modelled. For example, how do the mode
shapes and vibration coupling of two plates affect the air pumping and system damping?
The object of this study was trying to develop the mathematical modelling to describe the
phenomena of air or oil squeeze film damping in a double pipe system and to predict the
damping level or loss factor of this system. Some relevant experiments are carried out to
prove the theory. Furthermore, the squeeze flow in double pipe system vibration is
deduced from the equation of motion of pipe vibration and theory of fluid dynamics. The
energy dissipated in the squeezed fluid is also calculated.

2) Dynamics of a cylindrical shell system coupled by a viscous fluid.

Chen [22:23.24] in his research, attempted to find the expression for the natural frequencies
of two coaxial cylindrical shells containing fluid, in which a rod vibrating in a static or
flowing fluid annulus was considered. The beam-like vibration of a fluid-structural system
including a cylindrical shell was used in the theory. It was found that, because of the
increase in the added mass due to the boundary constraint, the natural frequencies and
critical flow velocity (maximum fluid velocity within annulus) for a rod vibrating in a
flowing fluid annulus were smaller than those of an isolated rod surrounded by an axial
flow. The increase of added mass depends on the ratio of the wavelength to the rod radius
and the ratio of the pipe wall thickness to the rod radius. In the study of structural modes,
acoustic modes and coupled structural-acoustic modes, it was found that the fluid inertia
effect was always very large in out-of-phase modes. In the study of hydrodynamic effects
on two body motions with fluid coupling, Frits [25] presented an expression for
hydrodynamic mass in a long cylindrical annulus of a finite length as well as for various
shapes of vibrating body.

The first study of the breathing vibrations of two thin-walled cylinders in a fluid initially at
rest was made by Levin [26], It was found that the lowest resonance frequencies of
combined structures were always associated with the out-of-phase modes. Au-Yang [27.28]
also studied the virtual mass in free vibration of fluid coupled coaxial cylindrical shells of



different lengths, where the uncoupled modes were used, in which a cylinder vibrates with
the other being rigid.

Yeh and Chen [29:301, in order to design the thermal shield inside a reactor and other system
components to avoid detrimental flow induced vibrations, analyzed the dynamics of a
cylindrical shell system coupled by a viscous fluid. In the theory, Fliigge's shell equation
and the Navier-Stokes equation for a viscous fluid were employed by using a travelling
wave type and beam mode solution. Natural frequencies for coupled and uncoupled
systems with a rigid inner or outer shell, or both vibrating, were discussed. The effects of a
water fluid gap on damping ratio were examined in their experiments.

Based on the fluid forces, lumped added mass and linear dashpot, modelling of an annular
gap support was employed by Mulcahy 311 to predict the fundamental natural frequency
and modal damping, of a type of structure typically found in nuclear reactors. Fox [32]
suggested in a theoretical and experimental investigation that thin layer of gas trapped
between surfaces of a structure might contribute to damping of structural vibrations. Brown
[33] showed that the three-dimensional computation of fluid effects was difficult for finite
length cylinders with complex boundary conditions, but the finite element method was
easier to apply than classical methods in modelling the physical boundary conditions.
Modal damping was also studied by Dowell [34] and Chung [35), where a cylindrical shell
vibrating in fluid was analysed. Garner [36] found that for short lengths or higher modes,
the effect of the fluid on the cylinder motion diminishes compared to that for the infinite
cylinder case.

Heckl 371 studied the special case of a double-pipe system, where two pipes were made
together with a very narrow air gap. This air gap was controlled by high air pressure (about
4 atm) in the inner pipe. Natural frequencies and mode shapes were studied theoretically.
An interesting phenomenon observed was that when the air gap was very small and the
inner pressure was varied, the system loss factor appeared to remain unchanged.

3) Friction damping and its role in vibration control.

Friction between contacting interfaces which undergo relative vibrating motion is known to
dissipate the energy of vibration, resulting in damped oscillations. The phenomenon of
friction between contacting surfaces is probably the most elusive physical mechanism that
defies clear comprehension.

There are many friction phenomena existing in vibrating machinery structures and other
engineering systems. In some instances, artificial devices are designed and introduced into



the structural system with the sole purpose of developing friction forces leading to vibration
damping.

Many efforts have been made to understand the dry friction damping mechanism in the area
of surface science and characterization of friction forces at mating surfaces and to develop
damping technology.

In principle, the friction force is determined by the normal load and the coefficient of
friction and so is the energy dissipation. Friction occurs because surfaces of real
components used in engineering practice are never ideally smooth, so that when they come
into contact with each other, the contact cannot be continuous and only certain parts of the
surface will carry the applied load. Thus, the true contact area is the sum of those parts of
the surfaces where the interaction between the bodies is strong. This true contact area could
be determined on the basis of measurement of electrical conductivity [38] which changes in
direct proportion to the normal load N. A theoretical study was carried out by Zhuravlev
[39] 1o calculate the true surface area in elastic contact of two rough bodies. The
relationships of modulus of elasticity and Poisson's ratio with this true surface were also
concerned [40],

The characteristics of friction forces have been discussed in many references previously. A
great variety of phenomena occur in rubbing contact between surfaces of structural
components. The apparent simplicity of the relationship is that the friction force induced at
a point on an interface is proportional to the normal load. In addition to the problem of
obtaining a reliable estimate of the constant of proportionality, i.e. the coefficient of friction
H, the representation F=uN led to computational complications even when applied to the
study of a single degree freedom system by Den Hartog [41], However, this simplicity of
approach has been the primary reason for its use in most studies of dry friction, and
continuing attempts have been made to use modifications of this basic model, such as a
single degree of freedom spring-mass system with viscous damping and Coulomb friction
(42, 431, application of Fourier series to represent the friction force [44] and mathematical
modelling of an unknown force dependent on the prescribed displacement 45, 46] a5 well as
the exact solutions for a two degree freedom system with friction damping.

There have been very few studies to calculate the coefficient of dry friction since it has
usually been considered as a constant dependent only on the natures of the material and
contacting surfaces, as discussed in chapter 5. There are also only very few published
experimental data which may be used to estimate coefficients of friction, such as
Srinivasan's research on turbojet engine blade damping [47], Most theories discussed above
were mainly concerned with forced response of a vibrating structure. To determine



coefficients of friction as a function of loadin g and through the frequency range of vibrating
structures is a most difficult problem.

Dry friction damping technology has been divided into two aspects. One is investigation or
prediction of friction damping which occurs in a substructure of a vibrating body. For
example, the friction damping and energy dissipation have been predicted for joints in the
cases of riveted and bolted plates [48], or rotational slip [49). Another aspect is the "added
friction damper" to minimize the vibration of a structure. This was based on creating an
extra friction damping source on the vibrating structure. One such design was applied to
limit a particular resonant amplitude of a compressor blade [50). A useful application of
friction damping was the silencing treatments to reduce rock drilling noise carried out at the
ISVR, University of Southampton a few years ago 131, In this study, a compression
spring like a steel coil was wound around a drill bit to give friction damping when driven
by a pneumatic or hydraulic drill. It was found that damped drill rod noise was reduced to
below 100 dBA compared with that from an undamped drill of 115 dBA. No theoretical
work was carried out for this design and there has been little previous research on friction
damping created by use of springs, although the internal damping of helical springs has
been studied using hysteretic and viscous models [52]. A wire rope damper has also been
used in vibration isolation [531,

1.4 THE EFFECTS OF CLADDING/DAMPING MATERIAL ON SOUND
TRANSMISSION THROUGH PIPE WALLS.

Pipe systems in power stations are often covered with cladding which consists of absorbent
or thermal protecting material for the purpose of both noise control and thermal protection.

Damping is normally created when cladding is clamped on a pipe system. For air-borne
sound inside the pipe, the portion of the propagating sound energy, which is transmitted
through the pipe wall, depends on the nature of the internal sound field, the acoustical
properties of the internal and external fluids, the geometry of the pipe, and the acoustical
and damping properties of the pipe material [54].

When added damping of the pipe system is large compared with radiation losses, structural
damping will affect the acoustical transmission loss. Sound transmission loss can be
expected to exhibit 3 dB decrease per doubling of structural loss factor according to
Manning and the experimental data of others [S51 [56]. Some other research also showed
that the acoustical transmission loss below the rin g frequency was unaffected by the change
in loss factor [54],



A layer of porous material as wrapping is typically applied to noisy pipes and to the interior
of aircraft fuselages to attenuate noise [57). A porous material, when used as a sound-
attenuating layer, attenuates a sound wave partly by acting as a reflecting surface ( as does a
solid wall), and partly by conversion of the acoustical energy that penetrates the material to
heat by viscous losses in the interstices [58]. Most applications of wrappings or cladding
consist of a porous layer and added metal plate to enhance the noise reduction [591.

Sound transmission into a thin cylindrical shell has been studied by many researchers.
Much of the work involved study of sound transmission through cylindrical shells in the
mass-law controlled region, the regions above the ring frequency and the critical frequency
(601, However, only very few studies have been carried out on noise reduction through
double walled pipes or cylinders. Balena's studies [61] gave a double-wall fuselage design
which provides a highly efficient treatment for reducing the transmission of propeller noise
to the interior of propfan aircraft. A prediction method was given for noise reduction of
single-walled and double-walled cylinders.

Acoustical transmission loss (TL) measurement is an important approach used to study the
above problem. Fahy (621 in a recently published book "Sound Intensity” introduced a new
technique for sound intensity measurement, fully describing the physical processes
involved.

1.5 THE IMPORTANCE OF PREDICTING THE NATURAL
FREQUENCIES OF A CIRCULAR CYLINDRICAL SHELL.

The type of pipe studied in this project belongs to a type of structure classified as a thin
cylindrical shell, which is the kind of pipe used in most power stations. Free-free boundary
conditions were used for convenience in the experimental work and it is therefore essential
to be able to evaluate natural frequencies and mode shapes of a thin walled shell in these
conditions. The Rayleigh-Ritz method or other approximate methods have been used in
most previous studies. Few examples of calculations for the free-free pipe were found.
Thus, there were few suitable data available for use in this study. The exact theory was
found in reference [2], where an approximate solution was also deduced to compute natural
frequencies for clamped end conditions and the Rayleigh-Ritz method was used for free-
free end conditions of a thin-walled cylindrical shell.



1.6 THE OBJECTIVES OF THE INVESTIGATION.

1). Studies of a thin walled cylindrical shell. squeeze film damping-theory and associated
experiments.

In the present research, a thin-walled isotropic, circular cylindrical shell is of interest.
The primary objective is to produce the equations from the exact theory to predict the
natural frequencies and mode shapes of a thin-walled pipe. The theory would then be a
basis for further study of vibration of a double pipe system.

The vibration characteristics of thin-walled cylindrical shells are studied in chapter 2.
Based on Fliigge's differential operator, the exact solutions for natural frequencies and
mode shapes of a thin-walled pipe with free-free, free-clamped and clamped-clamped
boundary conditions have been derived in matrix form. The difference between the
approach used here and previous work is that all the computed results are derived from
exact theory and no approximate procedures have been applied. Computer programmes
were developed to perform the numerical calculations. In a study of the natural
frequency and mode shape data of thin-walled pipes with free-free boundary
conditions, the Rayleigh and Love inextensional modes are discussed.

To increase damping of pipework, the principle of "air pumping" is adopted, for which
a double pipe system is required. The double pipe system consists of two coaxial thin-
walled pipes with air or oil in the gap between them.

From previous studies, it is understood that the mechanism of so called "squeeze film
damping" is not so clear. For example, how do the mode shapes and vibration coupling
of two plates affect the air pumping and system damping? The object of the present
study was to develop theoretical models required to describe the phenomena of air or oil
squeeze film damping in the double pipe system and to predict the damping level or loss
factor in this system. Experimental work is obviously also required to substantiate the
theory.

Based on the study of the thin cylindrical shell theory and investigation of the physical
phenomenon of squeeze film damping between two parallel plates, the theory for
predicting the loss factor of a double pipe system, which consists of two thin-walled
cylindrical shells with an air filled annulus, has been developed in chapter 3. In this
theory, the fluid-solid interaction is concerned. The velocity profile and stresses in the
gas between the two pipes are derived. Then, the energy dissipated in the damping



system can be calculated. The principle of an optimum design for maximum damping is
deduced from the theory.

Both "air pumping" and "oil pumping"” have also been examined experimentally in a
coaxial double pipe system in chapter 4. In the theory and experimental work, the
effects of the squeezed fluid motion in in-phase and out-of-phase modes on the
damping are discussed.

2). Friction damping.

Friction damping has been examined experimentally in chapter 5 though there was not the
time to develop suitable theory within the scope of this project. Two kinds of additive
damping devices were developed. Two damping approaches are

a. a pipe wrapped with coiled spring,

b. a pipe wrapped with wire rope.

Experiments have also been carried out to measure the loss factor of a pipe with constrained
and unconstrained mineral wool laggings.

3). Sound transmission loss through a pipe wall.

Vibration damping has been studied by means of squeeze film damping and friction
damping. Concerning the acoustical properties, can these added damping devices affect or
control the acoustical radiation from pipes? An investigation has been carried out for a pipe
with internal acoustical excitation. This is so called "air borne sound". Acoustical
transmission loss may be obtained from the measured sound pressure inside a pipe and
sound intensity outside the pipe. Investigations of acoustical transmission loss versus
frequency were made for pipes in the following arrangements:

a. a plain pipe,

b a double pipe system with an air or oil-filled annulus,

C. a pipe wrapped with coiled springs or wire ropes,

d a industrial pipe with cladding which consists of mineral wool lagging and a steel
sheet cover, as it would be useful to compare acoustical properties achieved by a
double pipe system or a pipe with an added friction device to those of a practical
pipe with cladding.
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CHAPTER 2.
THE STUDY OF NATURAL FREQUENCIES AND MODE SHAPES OF
THIN-WALLED ISOTROPIC, CIRCULAR CYLINDRICAL SHELLS.

2.1 INTRODUCTION.

To study natural frequencies and mode shapes of the thin-walled pipes, which are used in
the experiments on added damping and acoustic radiation, equations for natural frequency
and mode shape are derived in this chapter. The natural frequency and mode shape are
important factors in the analysis of damping treatments and prediction of acoustic radiation
from a pipe. The deduced equations of motion form the basis of the theory required to
analyse a double pipe system, in which the mechanism of 'squeeze film' damping is
employed.

Shell theories are usually classified into thick-walled and thin-walled circular cylindrical
shell theories according to the ratio of radius to thickness of the shell. In thin shell theory,
the radius to thickness ratio is greater than 20 while in thick shell theory the radius to
thickness ratio is less than 20 and three dimensional elasticity theory is used. The following
assumptions are made in the thin shell theory: the material is assumed to be linearly elastic,
isotropic and homogeneous; displacements are assumed to be small, shear deformation and
rotary inertia effects are neglected, and the thickness is taken to be constant. The
deformation of a thin shell will be completely determined by the displacements of its middle
surface.

In the present research, the difference from previous studies is that natural frequencies and
mode shapes of a thin-walled pipe with various boundary conditions are computed directly
from deduced exact theory and there is no approximate procedure applied during the
computation.

2.1.1 Thin-Walled Circular Cylindrical Shell Theory.

Many studies in earlier work have summarised the basic theory. The standard or classical
theories of thin shells are governed by eighth order systems of differential equations. The
Donell-Mushtari theory [63] has been commonly used to model the vibrational behaviour of
circular cylindrical shells. A "modifying" differential operator which alters the Donnell-
Mushtari operator yields another shell theory. There are various modifying theories
described by the differential operators. Many researchers have used the Fliigge operator

11



[64], Rayleigh and Love [65, 66] assumed that the bending rigidity of a shell is negligible
at every point, thus the‘differential equation of motion can be reduced to fourth order. The
natural frequency equation and mode shapes of a finite length of shell can be deduced by an
exact theory which is based upon the assumption of functions in the solution which satisfy
the boundary conditions. Another method is the Rayleigh-Ritz method or energy method
which uses beam functions and equates the maximum strain energy stored in the undamped
shell during vibration to the maximum kinetic energy.

The importance of studying the free-free pipe in damping studies has been stated earlier.
Very few previous researches have concerned the free-free pipe though many references
yield results for pipes with various end conditions. There was no direct equation or data
available to meet the above requirements. To obtain solutions for natural frequencies, the
Rayleigh-Ritz method or other approximate methods were applied in previous work. In this
chapter, the equations of motion from exact theory are used to obtain solutions for natural
frequencies and mode shapes, by use of Warburton's [21 method. The basic equation is
then used later for describing structural vibration of pipes in the study of a double pipe
system. Equations for natural frequencies and mode shapes are written in matrix form. No
approximate procedure is applied in the theory. A "half interval search" method is
employed for obtaining the roots of the natural frequency equation via computing with high
resolution.

2.1.2 Mode Shapes and Rayleigh and Love's Inextensional Theory.

For studying the vibration characteristics of free-free shells, several parameters can be
varied which are

(1) Number of axial waves, m.

(2) Number of circumferential waves, n.

(3) Thickness / radius ratio, B.

(4) Length / radius ratio.

(5) Material.

In an early study [65], Rayleigh studied the relationship between bending and stretching
energy to describe the deformation and vibration of thin shells of revolution. The
kinematics of deformation in this theory require that the middle surface of the shell deforms
without stretching. Rayleigh claimed that, if the shell were sufficiently thin and vibrating in
one of its lower modes, the middle surface behaves as if it is inextensible. Rayleigh applied
the theory to the circular cylindrical shell; this theory consists of two sets of vibration
modes for the shells. According to Rayleigh, the first set is characterized by displacements,

12



u=0

v = C sin nf cos wt 2.1

w = C cos n6 cos wt
where u,v,w are displacements in the longitudinal, tangential and radial directions (see
figure 2.1), C is a constant, 8 the angular co-ordinate and ® the natural circular frequency.

These functions were assumed to be applicable to a long shell. Setting the maximum strain
energy stored in a shell during vibration equal to the maximum kinetic energy, Rayleigh

obtained
2(n2-1)2
2 _pn2@2-1)
PP e

where Q2 is nondimensional frequency and P the ratio of thickness to radius. The

expressions of Q and J are
Q =p R(1-v2)w/E,
B=h/R,
n = circumferential wave number,

E = Young’s modulus,
v = Poisson’s ratio.

The second set, more applicable to shells of arbitrary length, assumed displacements of the
following form:

R
u=_— C cos nB cos ot

v = xC sin n6 cos mt 2.3)
w = nxC cos n8 cos wt
where R is radius and x the length coordinate measured from the centre section of the shell.

Using this set of mode shapes, Love [66] obtained the following natural frequency
formula:
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n2(n2-1)2  1+24(1-v)R2/n2L.2
n2+1  1+1202L2/n2(n2+1)L.2

Q2= (2.4)

where v is Poisson's ratio, L the length of shell. When L/R — <o, equation (2.4) is equal
to (2.2), so equation (2.4) is a modified form of (2.2). Rayleigh and Love mode shapes are
shown in figure 2.2, which indicates the constant radial movement of the Rayleigh mode as
in equation (2.1) and linear movement of the Love mode as in equation (2.3) at a
circumferential mode. The first three circumferential modes are shown in figure 2.3.

2.2 EQUATIONS OF MOTION OF A THIN CIRCULAR CYLINDRICAL
SHELL.

In the present study, a uniform thin cylindrical shell of length L, mean radius R and
thickness h has been considered. The shell coordinates to be used are x and 8 shown in

figure 2.1. A point in the middle surface of the shell is defined by the axial co-ordinate x
and angular co-ordinate 6. The components of displacement u,v, and w at any point (x,9),
are each function of x, 6 and time t. The mode is defined by the number of circumferential
waves (n) and the number of axial waves (m) or nodes, as shown in figure 2.3.

The equations of motion for thin circular cylindrical shells can be written in matrix form as

[D]{uy;}={0} (2.5)

where { uj } is the displacement vector,
u
{ui}=9v (2.6)

wW

u,v, and w are the components of displacement in the axial, tangential and radial directions,
respectively.

Solutions are assumed to be of the form
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u = Uy cos nf exp( ox/R) cos wt
v = V| sin n8 exp( ax/R) cos ot Q.7
w = Wy cos nf exp( ax/R) cos wt

where o is the circular frequency, Uy, V5, Wy the amplitudes of u,v, and w and o is the

frequency function coefficient. [ D ] is a matrix differential operator which can be treated as
the sum of two operators;

[D]=[Dg.m1+ Bl Dmod] (2.8)

where [ Dq.my, ] is the differential operator according to the Donnell-Mushtari theory [2],
[(Dmod] a "modifying" operator which alters the D-M operator to yield another shell theory,
and B the nondimensional thickness parameter defined by

B=h2/12R2 (2.9)

B is normally very small for a thin shell. For the various shell theories the modifying
operators are simple in some cases and complicated in others. Here the Fliigge-Byrne-

Lurye operator is used according to Warburton's shell theory. The differential operators
[D3.m 1 and [Dpyo4] are

92 (1-v) 92 92 (1+n) 92
29% .02 9% U+n) o g
R 2 062 230 2 3x00 RY 3
(1+v) 92 (1-v)_,02 92 _, 32 0
[Dd-m]= R—— —— R2——t——-Q2 —
d-m] 2 3x0 R 202 502 00
P 9 4,292
i Rv % o [1+BV4+Q at2]__
(2.10)
2 2
where V4 = V2V2 V2 = Rza%-é- + 5%5’ Q2 = pR2(1-v2)w?/E, E is Young's modulus, v the

Poisson's ratio, p the density of material,

15



(1-v) 2 3 83 (v 33

2 e 0 a2 R Gom
[Pmod 1= 0 %Rz(l-v) aaxzz -(3£V>R7axize+;:2
'R?Ea;f(l;)Raa; '(BQV)R?axa;ae 1+Za_ae%2" i
(2.11)
equation (2.5) becomes
[Dd-m 1 {uj} + B[ Dymoql {vj} = 0. (2.12)
The three equations of motion become
a2-0.5(1+v)(1+B)n2+Q2 0.5(1+V)no -Ba3+[v-0.5(1-v)n2p]a Uop
-0.5(1+v)no 0.5(1-v)(1+3B)2-n2+Q2 0.5(3-v)Bno2-n Vo

-Bod+[v-0.5(1-v)Bn2joc  -0.5(3-v)Bno2+y Bort-2Bn202+1+B(1-2n2)-Q2+f8n4 | \W,
=0

(2.13)
or

a3 ayp 2137 (Up
a1 ap M3 |y Yo r =0 (2.14)
a3y ayp azz | Wy

For free vibration and free-free boundary conditions

Up 0
V() #40
W 0

so that
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d1] 417 a3
az] a2 a3 | =0 (2.15)
a3 azp asz

where a; j 18 shown in appendix 2.
This is the characteristic determinant or characteristic equation. Eigenvalues are the roots of
the corresponding equation (2. 15). By developing equation (2. 15), a polynomial of eighth
degree in o, the characteristic polynomial, is obtained. That is

AI(XS +A20c6+A3a4 +A4(12+A5=O (216)
where
Ay = 0.58(1-v)(1+3B)(1-B)

A2 = BQ2-n)(1-B)+0.25B(1-v)(1+3B)[4(v-n2)-(1-v)(1+3B)n2+2Q2]
+[0.5Bn(3-v)12-0.2582v2(1-v)(3~v)+0.25Bn2(1+v)2

Az = 2B(Q2-n2)[v~0.5Bn2( 1-v)-n2]+0.5(1-v)(1+3[3){[1+[3(n2—1)-Q2]~[v—0.5[3n2
(1-v)]7-}+O.5[3n2(1+v)[2+(3-v)(V~O.5ﬁn2)]-0.5{32n4(1+v)2—[3n2(3—v)~[0.5
n2(1-v)(1+8)-Q2][(Q2-n2)B-(1-v)( 1+3B)Bn2+0.25(Bn)2(3-v)2]

Ay =[0.5n2(1-v)(1+B)-Q2] {2Bn2(Q2-n2)-0.5(1-v)(14+3B)[1+B(n2-1 )2-Q2)
+(3-v)Bn2}-0.5n2(1+v){v-0.5 Bn2(1 -V)-0.5(1+v)[1+B(n2-1)2-Q2]}
-[v-o.5n2(1-v)]{o.5n2(1+v)+(§22-n2)[v-0.5;3n2(1-v)]}+(Q2-n2)
[1+B(n2-1)2-Q2]+n2

As = -[0.5n2(1-v)(14+8)+Q2] { (Q2-n2)[1+B(n2-1)2-02]+n2)

For the real values of A; (i=1,2...5) equation (2.16) has two real roots, one positive and
one negative, two imaginary roots and four complex roots, according to reference [2].
That is

o = oy, Zjoy, togtjoy

where j2 = -1.
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Thus the complete solution for the radial component of displacement is

w = W(x) (cos n cos wt)

with

8
W)= X Bexp(ayx/R)
r=1

where B, (r=1, 2 ... 8) is a constant.

Equation (2.14) is then rewritten in the following form

[ ajp ap } {UO/WO} _ [313}
ag; ayp | (Vo/Wy a3

where
UyW a13 ajp a11 412
0 = -
a3 apy a1 axy
_ 450273 - 213899
411422 - 2124y
and
VW d11 a3 a1 41
0=-
a1 ax a1 4
_ 213321 - 217873
a11a22 - 41989y
equation (2.7) becomes
u Up/Wo cos nb
8
V= 3By Vo/'Wo rexp(ox/R) { sin n® [cos ot
r=1
w 1 cos n@

If the definitions are made as
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K1=U0/WO and K2=V0/WO when o = 0

-Ky =Uy/Wy Ky =Vo/Wy oL = -0y

K3 =Up/Wy K4=Vo/Wp o = jon

-K3=UyW K4 =Vy/Wy 0o = -jOlp

K5+ Kg =Up/Wp K7+jKg=Vo/Wy oy =03+ joy (2.20)
Ks - Kg =Upy/Wy K7-jKg=Voy/Wy  or=03-joy

-Ks5 - Kg =Uy/W K7+Kg=Vo/Wy 0 =-03-joy

K5 + Kg =Uy/Wy K7-iKg=Vo/Wy o =-03+joy

Using (2.19) and (2.16), equation (2.17) can be rewritten in another form, after some
manipulation, as

U(x) = CyKjcosh ayx/R + C1Kjsinh oy x/R + C4K3c08 0tpx/R - C3K3sin opx/R +
Ccos (X4X/R[(C6K5+C7K6)COSh (X3X/R + (C5K5+C8K6)Sinh (X3X/R)] +
sin otyx/R[(CgKs-CsKg)cosh azx/R + (C7K5-CgKe)sinh 03%x/R)]
(2.21a)

V(x) = C;Kycosh o3 x/R + CyKpsinh ayx/R + C3K4c0s 0x%/R - C4Kysin ayx/R +
cos (X4X/R[(C5K7+C8K8)Cosh (13X/R + (C6K7+C7K8)Sinh (X3X/R)] +
sin (X4X/R[(C7K7-C6K8)Cosh o3x/R + (CgK7-CsKg)sinh 0o3x/R)]

(2.21b)

W(x) = Cicosh ax/R + Cysinh ot;x/R + C5c0s arx/R + C4K3sin ayx/R +

cos 04x/R(Cscosh a3x/R + Cgsinh 03x/R) +

sin ayx/R(Cycosh azx/R + Cgsinh 03x/R) (2.21¢)

G, (i=1,2 -+ 8) = constant

or written in a matrix form

U(x) A1l A ... Agg g;

Vx) ¢ =] A1 Ap ... Ay (2.22)

W(x) Ast Ay .. A (¢
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where A, j is written in appendix 2. All deductions of equation (2.21) are also shown in

appendix 2.

Equation (2.22) is the solution of the equation of motion for a thin circular cylindrical shell,

the constant C; is determined by the boundary conditions of the shell.

2.3 NATURAL FREQUENCIES OF A THIN CYLINDRICAL SHELL

WITH VARIOUS BOUNDARY CONDITIONS.

2.3.1 Boundary Conditions.

According to Fliigge's theory [1], free boundary conditions in terms of displacement are

axial force Ny =0 ;
axial moment My =0
shear force Nyg=0;
Kirchhoff force S =0 .

So they are,
du/ox + v/R (av/98 - w) + BRIZ2w/0x2 = 0
02w/0x2 + v/R (9v/06 + 02w/962) + 1/R du/dx = 0
1/R 9u/d8 + dv/dx + b(Av/ox + 0Zw/0xd8) = 0

d3w/0x3 + 1/R 92u/0x2 + (3 - v)/2R2 92v/0xd8 + (2 - v)/R2
03w/0x062 - (1 - v)/2R3 92u/062 = 0

The clamped conditions are

20

(2.23 a)
(2.23b)
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(2.23 d)
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(2.24 b)
(224 ¢)
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2.3.2 Equations for Natural Frequencies with Free-free Boundary
Conditions.

There are four mathematical expressions to indicate the boundary condition at each of the
two ends of a cylindrical shell, x = - L/2 and x = L/2. Substituting free-free boundary
conditions into equation (2.22) leads to an eighth order matrix;
[Bj1{Cj} = {0} (2.25)
i=1,2.8 , j=1,2..8

because matrix {Cj} # {0}, then

IBjjl =0 (2.26)

For a cylindrical shell of length L, the only unknown is the frequency @ or non-

dimensional frequency ; equation (2.26) is the frequency equation, where operator B;is

given in appendix 2.

By taking the origin of x in the middle section of the cylinder, symmetrical and
antisymmetrical characteristics are used in the determinant. The boundaries are at x=-1/2
and x=L/2. Substituting x=-1/2, L/2 for x=0, L in the determinant of equation (2.26) by
using

cosx =cos(-X) , coshx = cosh(- x)
sinx = - sin(-x) , sinhx = - sinh(- x) 2.27)

A following relation is found as;
B11=B21, B12=-B22, B13=B23, B14=-B24 ... and etc.

Equation (2.26) is rewritten at x=-L/2 and x=L/2 as
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Bi1 Bi2 B3z Bis Bis Big By7 Big
Bi1 -B12 By3 -B1s Bis -Byg -B17 Big
B3; B3y . . ) . . . =0
B3; -B3p

and via this rearrangement, we obtain the determinant for the symmetrical or even modes
and antisymmetrical or odd modes as

B11 B3 Bis Big
B31 B33z B3s Bsg
Bs1 Bs3 Bss Bsg
B71 B73 B7s Byg

............. =0 (2.28)
B2 Bis4 Bjg By

B32 B34 B3g B3y
Bs, Bs4 Bsg Bsy
B72 B74 B¢ By

T S e e e o e o

That is

Anti-symmetrical
mode

2.3.3 Equations for Natural Frequencies with Clamped-clamped Boundary
Conditions.

Substituting clamped-clamped boundary conditions for equation (2.22), equation (2.26)
becomes
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By; Bis Bis Big
Bj1 B3 Bas Bog

1
i
i 0

B3 Biz B3s Big |

B41 B4z Bys Bag |

.............. SO (2.29)
! Bia Bis Bis Byy
I By Bog B B
0 | By Bag Byg By

! B32 B3g4 B3g B3y

i Ba42 Bas B4g Byy
I

where B; j clamped-clamped condition is in appendix 2.

2.3.4 Equation for Natural Frequencies with Clamped-Free Boundary
Conditions.

Substituting clamped-free boundary conditions into equation (2.22) withx =-1L/2 and x =
L/2, The natural frequency equation is

IDjjl =0 (2.30)
where
Djj = Bjjof (2.29) wheni=1,2,3,4 , 1=1,2,3,..8
when i > 4, expression of D; ;j 18 stated in appendix 2.
2.4 MODE SHAPES OF THE CYLINDRICAL SHELLS.
2.4.1 Free-Free Ends.
The shapes of the symmetrical and antisymmetrical modes are studied separately. For the

symmetrical modes of equation (2.28), there is a matrix similar to equation (2.25), as
follows
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B11 Biz Bys Big] (Cy
B31 B33 B3s Bsg | | C3
Bsi Bss Bss Bsg | | Cs
B71 B73 Bys Byg- \Cg

=0 (2.31)

Let Cg = 1, then equation (2.31) can be written as

B11 Bi3z B1s 7 (Ch Big
B3; B33 Bss {C3 =—[B38 (2.32)

Bs; Bs3 BssJ (Cs Bsg

Solving for Cj, C3, Cs, gives

-B1g B13 Bis
-B3g B33 B3s

-Bsg Bs3 Bss
Bi1 B13 Bis

B3; B33 Bss
Bs; Bs3z Bss

Ci = , and so on.

Then use the same method to obtain C3, Cs and the antisymmetric modes. Therefore, the
equations of motion can be written as the following forms

SYMMETRIC MODES
U(X)) T A1l A13 Ars Agg gl
VO =1 Axt Ags Ags Agg |4 (2.33)
W(x) Az1 Asz Aszs Asg

ANTISYMMETRIC MODES
U(x) A2 A4 A1 A1z gi
V() r=| Ay Ap A An7 Cs (2.34)
W(x) Az A3q Azg A3y 1

Using equations (2.23,_ ), (2.25) and (2.28), equations in Ny, M,, Nyg and S, can be
written directly,
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SYMMETRIC MODES

Ny B11 Bi3 Bis Big ] (Ci
M B31 B33 B3s B3 C
x { _| B31 B33 B3s Bsg 3 (2.35)
Nyo Bs1 Bs3z Bss Bsg | | Cs
Sy B71 B73 Bys Byg - \Cyg
ANTISYMMETRIC MODES
Ny B12 Bi4 Big B177] (2
M B B34 B3 B Cq
x | _| B32 B34 Bys By (2.36)
Nyo Bsy Bsa Bsg Bsy | | Ce
Sy B72 B74 B7s B77 ] LC7

2.4.2 Clamped-Clamped Ends.

The same procedure described in 2.4.1 is used for calculating the mode shapes with
clamped-clamped boundary conditions. Again, for symmetrical form, using the equation
(2.29), there is an equation which satisfies clamped-clamped boundaries as

Bi1 B13 Bis Big [ Cy
B21 B3 Bas Bog || O
B31 B3z B3s B3g || C3
B41 B43 Bgs Byg JLCy

=0 (2.37)

Let Cg = 1, then equation (2.35) can be written as

B11 Bi3 BisrCy Big
B21 B3 Bys || Ca|=-|Bog (2.38)
B3; B33z B35 1LC3 Big

Solving for C1, Cp, C3 gives
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-Big B13 Bis
-Byg B23 Bys

-B3g B33 Bis
C1= , and so on.
1=B11 B13 Bis

Bz1 B3 Bas
B31 B33 Bs3s

Then using equations (2.33) and (2.34), equations of the antisymmetrical mode shapes can
be obtained.
2.4.3 Clamped-Free Ends.
The equation of motion for a shell with clamped-free ends is

[Djjl {Ci} =0 (2.39)
i=1,2,.8 , j=1,2 .8
Let Cg = 1, then equation (2.37) can be written as

[Di-1-1] {Ci-1} = - [Di-1 8] (2.40)
Solving for Cj.1,

Cit= %k_’ (2.41)

where IDk! is the determinant obtained from IDI by replacing the kth column with the
column having elements of - Di.1 8.

Then the mode shapes are
U(x)
{ V(x) } =[Ag] {C} (2.42)
W)
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2.5 NUMERICAL RESULTS

To examine the theory derived above, the natural frequencies and the mode shapes of an
aluminium alloy cylindrical shell, under free-free, free-clamped and clamped-clamped
boundary conditions, were calculated. To compare with published experimental and
numerical results, the data and dimensions used were as follows:

Young's modulus E = 68.9 x 109 N/m2
Density of material p = 2720 kg/m3
Poisson's ratio v=0.3

Clamped-Clamped Clamped-Free Free-Free

Length L (mm) 610.7 625.3 637.4
Radius R (mm) 242.4 242.4 242.4
Thickness h (mm) 0.648 0.648 0.648

2.5.1. Natural Frequencies and Mode Shapes.

To evaluate the theory, the data given above were used for computing natural frequencies
and mode shapes of a thin-walled pipe. Then comparisons were made between theory and
published experimental results. Further evaluations and comparisons are made in the
following chapters.

Table 2.1 shows the natural frequencies of the first four axial wave numbers for various
circurnferential wave numbers n with free-free boundary conditions.

Figure 2.4 shows the comparison of theoretical results for natural frequencies of free-free
modes to experimental data from reference [67], where the data were results from
experiments and numerical results from approximate theory. Comparing the theoretical
natural frequencies of the first three axial modes (m =1, 2 and 3) with data from reference
[67] in figure 2.4, it is found that curves for theoretical results from this work and
reference data agree quite well. The interesting phenomenon is that the axial mode numbers
are different in the theoretical results and reference data although their curves of frequencies
versus circumferential wave number are similar. It is found that theoretically predicted
natural frequencies in the axial wave mode m =1 coincide with the frequencies of Rayleigh
and Love modes which were believed to be lower than that of the mode with m =],
according to some previous work. In figure 2.4, theoretical frequencies in mode m = 2
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coincide with that of published data with m = 1, theoretical frequencies in wave mode m =
3 coincide with that of published data with m = 2, and so on. To verify the mode shapes in
the present theory, mode shapes at relevant frequencies have been computed.

The mode shapes for the first three axial waves are given in figures 2.5, 2.6 and 2.7. By
studying the mode shapes of figure 2.5 - 2.7, it can be seen that radial displacement in a
vibrating shell is the largest compared with tangential and axial motions, so that radial
displacement predominantly governs shell vibration. The radial displacement mode is
similar to that of a beam in bending.

The natural frequencies and mode shapes with free-clamped and clamped-clamped
boundary conditions are also given in figures 2.8 and 2.9. The first three axial mode
shapes at relevant frequencies are shown in figures 2.10 to 2.15.

2.5.2. Further Study of Rayleigh and Love's Inextensional Theory.

Frequencies of Rayleigh and Love modes have been calculated by use of equations (2.2)
and (2.4), and compared with theoretical results, which are shown in table 2.2. Similar
results are found as stated above that theoretically predicted natural frequencies in the first
axial wave mode m =1 coincide with the frequencies of Rayleigh and Love modes. Further
comparisons are given in figure 2.16, where theoretical natural frequencies and frequencies
of Rayleigh and Love modes are computed versus ratio of length to mean radius of pipe.
Comparisons are made between natural frequencies of the first axial mode (m = 1) with two
circumferential modes (n = 2, 3 ) and the frequencies of Rayleigh or Love modes. It is
found from these figures that coincidences of frequencies of the first axial mode with those
of Rayleigh and Love modes could occur only if the ratio of length to mean radius of pipe
is very large.

It may be concluded that Rayleigh and Love modes may be simply and quickly estimated
for a free-free shell but they may not be independent modes compared with the first axial
mode (m=1).

An assumption may be made that when the length of a shell is large enough, the first axial
wave mode becomes the Rayleigh mode approximately, in which the dynamic displacement
is essentially parallel movement. When the length is short enough, the differential equation
of motion may not be satisfied and the Love mode may be a modified mode in which the
behaviour is similar to that of a ring in rigid movement. So that the Rayleigh or Love mode
might be treated as a special case of the first axial wave mode but not an independent mode.
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2.6 CONCLUSIONS.

(1) The exact theory of circular, cylindrical, thin-walled shells gives the natural frequencies
and mode shapes of symmetrical and antisymmetical modes in matrix form. The results
agree quite well with published data. Results for natural frequencies and mode shapes with
free-free, clamped-clamped and clamped-free boundaries have been presented.

(2) Examination of the numerical results suggest that Rayleigh and Love modes might not
be independent modes. They could be considered as a special case of the first axial wave
mode of shell vibration when the shell is either very long or very short.
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Table 2.1 Numerical result of natural frequencies of a free-free cylindrical shell.
Material is aluminum; length = 637.4 mm, mean radius = 242.4 mm,
thickness = 0.648 mm.

Frequency (Hz) m=1 m=2 =3 m=4
n=2 1176.40 2052.40 2645.60
3 730.71 1143.30 2057.30
4 37.08 490.76 1048.20 1599.20
5 62.58 352.08 787.88 1259.70
6 92.66 273.12 613.63 1011.60
7 127.50 235.98 498.16 830.28
8 167.68 231.44 426.82 702.67
9 213.19 251.38 391.56 615.76
10 263.23 288.28 386.59 564.36
11 320.27 336.87 406.07 543.94
12 381.84 394.16 44424 550.11
13 448.76 458.59 496.40 578.22
14 521.04 529.35 559.29 623.81
15 598.66 606.02 630.83 683.19

16 681.63 679.78 709.76 753.62



Table 2.2 Comparison of frequencies of Rayleigh and Love modes and natural
frequencies of a cylindrical shell with first axial wave mode (m=1).
All frequencies are computed with various circumferential wave modes.

Material is aluminum; length = 637.4 mm, mean radius = 242.4 mm,
thickness = 0.648 mm.

n = circumferential wave mode, frayleigh = frequency of Rayleigh mode,
flove = frequency of Love mode, f =1 = frequency of first axial mode.

=

fRayleigh®2)  fLove(H2) fn-1(Hz)  Difference %
(fray.-fm=1/fRay.)

1

2 2.42 3.58

3 20.51 25.31

4 39.32 45.00 37.08 6.00
5 63.58 69.57 62.58 1.60
6 93.28 99.45 92.66 0.66
7 128.38 134.65 127.50 0.69
8 168.90 175.24 167.68 0.72
9 214.80 221.19 213.19 0.75
10 266.15 272.57 263.23 1.10
11 322.89 329.34 320.27 0.81
12 385.02 391.48 381.84 0.83
13 452.57 459.05 448.76 0.84
14 525.50 531.99 521.04 0.85
15 603.87 610.37 598.66 0.86
16 687.62 694.13 681.63 0.87



Figure 2.1 Circular cylindrical shell and coordinate system.



RAYLEIGH LOVE m =1

Figure 2.2 Rayleigh, Love mode shapes and the first axial mode shape
of a free-free circular cylindrical shell.
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Figure 2.3 Some mode shapes and nodal patterns of a circular cylindrical

shell with free-free boundary conditions.
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Figure 2.5 Mode shape of a free-free shell, m=1, n=4.
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Figure 2.6 Mode shape of a free-free shell, m=2, n=2.
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Figure 2.7 Mode shape of a free-free shell, m=3, n=4.
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Figure 2.8 Theoretical results for natural frequencies of
clamped-clamped cylindrical shell.
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Figure 2.9 Theoretical results for natural frequencies of
clamped-free cylindrical shell.
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Figure 2.11 Mode shape of a clamped-clamped cylindrical shell.
m=2, n=8, natural frequency=437.0 Hz.
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Figure 2.13 Mode shape of a free-clamped cylindrical shell.
m=1, n=6, natural frequency= 154.6 Hz.
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Figure 2.14 Mode shape of a free-clamped cylindrical shell.
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CHAPTER 3. PREDICTION OF PIPE DAMPING DUE TO SQUEEZE FILM
DAMPING.

3.1 INTRODUCTION.

It was stated in the introduction of this thesis that an objective of the work was to increase
the damping of pipes using robust methods which would create high loss factors through a
wide temperature and frequency range. One possible method is to have concentric thin-
walled pipes with an air or fluid-filled annular gap between. The inner pipe must, of
course, be of sufficient dimensions to carry the contained fluid at the required flow rate and
pressure. The outer pipe could be of different material and wall thickness. It is probable
that if such a system is to generate high damping, then the gap between the two pipes will
be small. This chapter is therefore concerned with theoretical analysis of a concentric
double pipe system and complementary experimental work is described in Chapter 4.

Gas or fluid pumping in the annulus is studied. From knowledge of the pumping
mechanism and the mode shapes established in Chapter 2, it is possible to calculate the loss
factor of the system - neglecting initial dissipation in the structural materials of the pipes
which will generally be small. Work has already been carried out on damping due to gas
pumping and this is examined first before proceeding to the concentric pipe problem.

In the present study, the theory for predicting the loss factor of a double pipe system,
which consists of two thin cylindrical shells with an air filled annulus, is developed. In this
theory, the fluid-solid interaction is considered; the velocity profile and stresses in the gas
between the two pipes are derived; then the energy dissipated in the system can be
calculated. Finally, an optimum design for maximum damping is deduced from the theory.
The theory can be extended to study the damping with various kinds of viscous fluid in the
gap between the two annular structures.

3.2 PRINCIPLE OF SQUEEZE-FILM DAMPING.
3.2.1 Characteristics of Gas.

A.  Newtonian fluid.

Viscosity controls the ability of a fluid to flow freely. A real fluid, gas or liquid, has its
viscous resistance. The coefficient of viscosity indicates its ability to flow or the property
of resistance. Mathematically, the coefficient of viscosity is the ratio of applied stress to the
resulting strain in the fluid. A simple and widely used example of a fluid sheared between
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two plates is shown in figure 3.1, where an ideal linear velocity profile is displayed for
viscous fluid flow when one plate is moving and the other is fixed. The assumption is
made for the above viscous flow model that there is no slip or movement between fluid and
solid boundaries. For simple fluids such as water, oil or gases, there is a linear relationship
between stress T,y and strain Exy a$

dv
Txyzzufsxy:“'a'}',‘ (3.1)

where W is dynamic viscosity and V is fluid velocity; this is called Newtonian flow.
Nonnewtonian fluids have a nonlinear relationship between Txy and &y,.

B.  Viscosity as a function of temperature and pressure.

The coefficient of viscosity of a Newtonian fluid is directly related to molecular interactions
and thus it may be considered as a thermodynamic property in the macrosopic sense,
varying with temperature and pressure. From previous studies the following statements
can be made:

1. The viscosity of liquids decreases rapidly with increasing temperature.

2. The viscosity of low pressure gases increases with increasing temperature.

3. The viscosity of liquids and gases always increases with increasing pressure.

Since the pressure dependence of gas viscosity needs only to be considered at pressure
above 2 atm, it is common in aerodynamics to ignore the pressure dependence of gas
viscosity and consider only the temperature variations. The properties of gas viscosity
discussed above may have the advantage of generating viscous damping in a squeeze film
and giving high damping at high temperatures.

3.2.2 Mechanism of Damping by Air Pumping.
A. Energy dissipation in a boundary layer.

In a Newtonian fluid, the viscous stress depends linearly on velocity gradient. For a flow
of air or other gases the effect of viscosity is normally neglected as the coefficient of
viscosity is very small; gases are usually treated as the perfect or ideal gas and it is often
assumed that no energy is dissipated in the flowing fluid.

To describe flow conditions, the Reynolds number is used, which is the ratio of inertia

force to viscous force, that is
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Re=+t_l__F'™~2 Yo (3.2)

where p = density of fluid,
Vv = li/p = kinematical viscosity,
L = characteristic length.

Large Reynolds number means that the viscous force is relatively small. The boundary
conditions for an ideal fluid require only that the normal component of velocity should
vanish; but for a viscous fluid, however, the velocity at a solid wall must vanish entirely.
When the Reynolds number is relatively large, e.g. Re >> 1, the decrease of velocity to
zero occurs almost exclusively in a thin layer adjoining the wall. In this situation there are
two flow regions to be considered:

1. A very thin layer exists in the immediate neighbourhood of the body within which the
velocity gradient normal to the wall, dV/dy, is very large. It is called the boundary layer. In
this region, the very small viscosity i of the fluid exerts an essential influence as the
shearing stress T = L(dV/dy) may assume large values.

2. In the remaining region no such large velocity gradients occur and the influence of
viscosity is relatively unimportant.

The flow in the boundary layer may be either laminar or turbulent. The rapid decrease of
velocity at the boundary is due to the viscosity. It cannot be neglected even if Re is large. In

fact velocity gradients in boundary layers are usually large, and therefore the viscous force
is large even if v is small. Then most energy dissipation occurs in the boundary layer.

B. Air pumping in the double plate and double pipe system

Figure 3.2 shows air pumping by double plate and double pipe systems. In principle, the

air between the structures is squeezed by structural vibration. As energy is dissipated by

air viscosity, the structural vibrations are damped. It is immediately apparent that:

1. Mode shapes are important in the air pumping process.

2. The gap size is important: a small gap will produce a large pumping effect.

3. In a double plate system, the structure can be modelled by using beam mode shape
functions. However in a double pipe system, vibration is more complex than that
occurring with a pair of plates.
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3.3. THEORETICAL PREDICTION OF THE LOSS FACTOR OF A
DOUBLE PIPE DAMPING SYSTEM.

3.3.1 Mathematical modelling

A double pipe damping system is shown in Figure 3.3, which is considered as two
concentric circular cylindrical shells separated by an annulus filled with a viscous fluid.

The motion of the shell is described by the followin g Fliigge's shell equation:
[Dg-m]{ujj} + Bj [Dmodl{ujj} = {P;;} (3.1)

i=123 j=1.2

ujj = (u,v,w);,
the components of displacements are in the z, © and r (longitudinal, tangential and radial)
directions, respectively; j = 1 indicates the inner pipe and j = 2 indicates the outer pipe,

Bj = hjZ/12R;2,

hj = thickness of the pipe,

h=ry-11,

Rj = mean radius,

Pjj = surface loading components per unit area Pz, Pg;,Pyj) in the longitudinal,

tangential and radial directions.
[Dg.m] and [Dyoq] = differential operators shown in appendix 3.1, are the same as that
in chapter 2.

For a non-steady, small amplitude oscillatory motion, the equation for a contained viscous
gas can be expressed as:

(i) Continuity equation

D
~———]§a +paV.V=0
apa Gy
or 5=+ V.(paV) =0 (3.2)

where pj is the density of gas

Pa=pPo+p
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Po = density of gas at atmosphere or ambient pressure
p =change of density which relates to the change in volume of the compressed fluid

So,

STHPoV.V=0 (3.3)

V=(V2,Ve,Vy)
V2,0, = flow velocity in the z, 0, r directions

(ii) Equation of motion of a viscous fluid

%——:-—I—Vp+voV2\7+(vb+%vo)VV.\_/
Po
or
a\_’ ot e 1 V VAT 1 VV'-
—3~t—+(V.V)V=-;- p+voV V+(vb+§vo) vV (3.4)
(8]
where

Vo = /o is dynamic viscosity coefficient
Vb = bulk viscosity
p = change of pressure due to flow.

(iii) Equation of state

.a_E_=C02
op

Co = velocity of sound

The bulk viscosity or second viscosity is usually of the same order of magnitude as vy. As
is known, the bulk viscosity appears in processes which are accompanied by a change in
volume (or density) of the fluid. In compression or expansion, the processes increase

entropy and therefore involve energy dissipation.
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In order to consider whether it is necessary to take into account the compressibility of a gas
in problems of fluid flow, it is required to consider if the changes in pressure brought about
by motion of the fluid cause large changes in volume or density. The density changes
according to

ée,,l(l)z
Po 2{Go

(3.5)

where Mach number M = V/C,
V =mean velocity of flow
Co = velocity of sound

According to the theory of fluid dynamics, when

Ap

= -21- M2 << 1, compressibility can be neglected.
Po

The following assumptions are made for solving the above equation:

(1) For many applications, the length of the pipe is much larger than the radius R;. A
fluid field in the gap can then be considered to be two dimensional, that is, the axial motion
of the fluid is neglected.

2) The fluid is incompressible at the low Mach number involved, and no bulk
viscosity effect is included in the equations.

3) In the structural vibration of cylindrical shells, longitudinal vibration is neglected as
it contributes little to the fluid flow, and the effect due to longitudinal vibration is relatively
small compared with those due to radial and tangential vibration.

(4)  In theory, for the circumferential modes of the two pipes, only modes with the
same mode number n can couple, shown in figure 3.4, while the contributions from
different circumferential modes of the two pipes are neglected. Only identical axial modes
of the two pipes are concerned in the theory.
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From the above assumptions, p = constant. For a non-steady and small amplitude
oscillation the equations of motion (Navier-Stokes equation) and continuity of fluid are

V.V=0 (3.6)
N TV =L Vpav, 27 3.7)
Po

Due to the condition of incompressibility, the stream function y(r,0) can be introduced,
which satisfies the continuity equation accordin gto

_loy
Vi= T 3 (3.8)
Vo=- oy (3.9)
or
Now introduce the vector of vorticity, curl Q,
Q=-Viy (3.10)
Equation (3.7) can be rewritten as the vorticity transfer equation,
Q
"DISE' = v, V20 (3.11)
Because of (V.V) << aV/at ('seeing Appendix 3.2),
%‘2’ = Vo V2Q
by L9 v
or V\{I-——&'V =0 (3.12)
Vo
using the travelling wave type solution in two cylindrical shells as
vi = vj sin (n6) exp [j(wt - k,Z)] (3.13a)
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wi = wj cos (n8) exp [j(ot - k,Z)] (3.13b)

where
Vi = tangential displacement of pipe wall,
wj =radial displacement of pipe wall,
Vi ,Wj = amplitudes of displacements of v; and w; respectively,
i=1, 2 denote inner and outer pipes,
n = circumferential mode number for both inner and outer pipes,
k, = axial wave number
m

=5
m = axial mode number,

L =length of pipe (both pipes have same length),
-2 —
j#=-1

Let
W = y(r) sin (n8) exp [j(ot - k,Z)] (3.14)

and using cylindrical coordinates,

1 02 19 32

V2=—ai+———-——+—- + =
ar2 1292 ror 972

equation (3.11) becomes

vavav- L2y g (3.15)

Vo
The solution is (Appendix 3.2),
Y(1) = A + Br? + Clp(kr) + DKp(kr) (3.16)

where A, B, C,D are constants, n = circumferential mode number,
In(kr), Kn(kr) = modified first and second order Bessel functions,
k2 =1k,2+j /v,
k, = axial wave number,
o = circular frequency.
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At the interfaces between the shells and fluid, the following conditions must be satisfied:

ow;j
Vr|i=r; = 3¢ (3.17)
a .
Velr:ri =5 (3.18)
that is
Vr = \:Vi, Ve = ‘;i’ arr =,

where W; = radial velocity of pipe wall, v; = tangential velocity of pipe wall.
By using equations (3.8), (3.9) and (3.16), fluid velocities are

V; = V(1) cos (n6) exp [j(wt - k,Z2)]

Vg = Vg(r) sin (n6) exp [j(cwt - k,7)]
or

Vr= _rfl [Ar? + Br1 + C Ip(kr) + D Ky(kr)] (3.19a)

Vg=-nr1 A + pr-(m+1) B . g I'ntkr) C - k K'y(kr) D (3.19b)

where the terms cos (n6) exp [j(ot - k,Z)] and sin (n@) exp [i(wt - k,Z)] are omitted in
writing, only the amplitude terms being given.

Substituting equations (3.13) and (3.19) into (3.17) and (3.18), the relation of structural
vibration and fluid flow becomes

A A A a AT g ]
a1 ... ... Ay B . Wy
= jo _ (3.20)
C vy
e A4] e eee Yy - =D S
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where,

ayy =-nry"-1
ayp = -nry(0+1)
n
a3 = 'H In(kr1) - k Tnyq(kry)

ajy = —;“; Kn(kr1) + k Kpo1(kry)

agy =nr ™1
a22 = nrl'(n""l)

a3 = - (k)

n
a=1 Kn(kry)

azy = —nrz“‘l

233 = Tn(kr2) - k Tng 1 (k)

agy = ~;’-‘2— Kn(kr2) + k Kpy1(krp)

341 = nrzn“l
a42 — nrz—(n‘i‘l)

a3 = In(kro)
244 = 1 Kn(kry)

The derivitation of the Bessel function is

alélz(z) = _le In(z) + In+1(2)

@_I_%HE(Z_) = le. Kn(2) - Kn+1(2)

The matrix of constants can be written as
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[~ A -

Vi
B V_VI
=jo[aij ]| J (3.21)
C va k
—D- L wy

where the inverse of matrix [aj;] is a function of ry/rp, I,(kr), Kn(kr) and n.
Let velocities v; and w; have the form of

Vi =j® v, sin(nb) exp[j(cwt-k,z)] (3.22a)

Wi =j® wy cos(nB) explj(wt-k,z)] (3.22b)
by using

Poi =119 l I=Ti> (3.23a)

Prj = Trrl r=ri» (3.23b)

where the fluid stresses are

Tr=-p+2U %Xr[ (3.24a)

Vo Vo 10V
‘r9=“(§“a76‘ Yo, ;_..e_r) (3.24b)

equation (3.1) can be rewritten in the following form by using equations (3.19), (3.21),
(3.23) and (3.24):

- Au A12 0 0 ;1 ] -Pg17]
Ay A 0 0 ;1 (I—Viz) Ri2 Pr1
_ =5 hn (3.25)
0 0 Aj Ay vy 14 -Pgo
= 0 0 Ay Ayl wy —-Prp—

or
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V] A
w B
[Aij]] ' [=[Bij][Cy] .
V2
L wy -
=[Bij][Cij][aij ]
where
B 1 ]
0
[Bj]-| "
0 +Yy
e -’Yz ek
and

_BO-vi)RZ
i=—gh (0,

E; = Young's modulus of the i th pipe,
Vi = Poisson's ratio of the i th pipe
=V if both pipes are of the same material,

App =-n2- 0.5k,2R 2(1-v)(1+3B)) + Q,2
Az =-n[1+0.5k,2R;2(3-v)B,]

Ag1 =n+0.5nk,2R;2(3-v)B;

Agy = 1+ By (1+k,*R 2404202k, 2R | 2) - Q2

where
Q2 = pR(1-v2)w?/E,,
Bi = hi2/12R2,
h; = thickness of the shell wall,
k, = mn/L.
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The expressions for As3, Azy, Ays, Ay are similar to those for A11, A1z, Agp, Agy and
can be obtained by replacing Q;, B, py, Ry and E1 with Q,, B2, P2, Ry ans E,.

And
Cy1 = -2n(n-Dry0-2,
Cig = -2n(n+1)ry-(1+2),
Cy3 = [nry 2(1-2n)+ary 1 T(k 1) + K[1-Q20+1) 11 Ty q(erp) - K21, ok ),
Cua = Inry2(1-20)4nry 1] Kyl 1) + K[@0+1) 1170 -1] Kk 1y) - K2 K, ok 1),

Ca1 = 2021172 + jpgry™,

Cpz = -202r) ™D+ japyr

Cp3=2n%r12X(k 1) + 21y k Iy g (k1) + joopg Ik 1),
Coa=2n2r "2 Ky(k 1y) - 2nry-1 k Ky, (k 1) + joopg K (k 7).

The expression of Cjj for i=3 & 4 can be obtained by replacing r; with ry.
Rewriting equation (3.26) gives

{[Ay] - BZIICyllal 1} v, wT=0
or [Gy][ v, w]T=0 (3.27)
where [ is equal to 1 or 2 and the matrix G;j is a function of frequency, r;, R; and .
3.3.2 Vibration Mode Shapes of a Double Pipe System.

Let w1—1 and from equation (3.27), vibration mode shapes are vy/ w1, vy/ wi,
w2/ W1, or ratios of velocities v1/wy, vo/w; and Wy/W; can be derived, where

= tangential velocity of pipe wall,
w; = radial velocity of pipe wall,
i =1, 2 denote inner and outer pipes,
\.71/ V'VI = Hl/ H,
vo/wy = HyH, (3.28)

wof; = HyH,
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and

Gi1 Giz Gy

H= | G21 G23 G4
G31 G33 Gag

-G12 Gz Gy

Hy= | G2 G2 G
-G32 G33 Ga4

G11 Gi3 -Gpp

H; = | G211 O3 -G
G31 G33 -G3p

By the same method, V,, Vy, 1, and Trg can be calculated by use of equations (3.19),
(3.21) and (3.24). The expressions of V1, Vg, the velocities of squeeze flow in radial and
tangential directions, are

Vi
n n
\Y nrf-1 nrn-1 =71, (kr) = Kp(kr) W
[ v J= ! ! [aij ]y (3.29)
0 - nro-1 pr-(n+1) I'n(kr) -k K'p(kr) V'vz
2

where
Vi = jov; sin (n6) exp [j(wt - k,Z)]

Wi = jo wj cos (nB) exp [j(ot - k,Z)]

43



3.3.3 Expression of the Loss Factor in the Double Pipe System.

Neglecting energy dissipation in the pipes, the definition of loss factor in the double pipe
system in steady state harmonic vibration is

Energy dissipated in the viscous gas in a cycle *

n= 2n(Maximum total energy stored in the pipes + energy stored in the gas)

_ Edissipated

. (3.30)
27 Etotal

Energy dissipated is

ry (2@ L (2n
Edissipated = ° j f 1[2(er+epg?) + £r92] dtdz rdOdr (3.30 a)
0

where € = %\{;I

eoo - 1Va, Vi

T ae T
____1_8Vr dVe Ve
R SEY tor T

The total energy in the system is

Etotal =5 p jL ?‘% hiR; [(%‘ﬁ) + (%‘—t’“—l)z] dzd®
00

2 L2x
+ % Po | [ [(Ve?+Vi2)1d6 drdz (3.30 b)

oo

* Loss factor is defined as the equivalent loss factor which is not a hysteretic mechanism.
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where the energy dissipated in the pipes is neglected and energy is dissipated in the
squeezed gas only by conversion into thermal energy. The details of this analysis are in
Appendix 3.

The energy dissipated depends upon the velocity gradient created by air pumping. Itis a
function of the frequency (), the thickness of the layer of squeezed liquid or gas (h), the
viscosity (i), the circumferential mode number (n) , temperature (T) and ratio of radii of
pipes (rp/ry). That is

Edissipated =f(w,bh,n,n, T, rp/ry...)

It is also a function of Reynolds number Re, where

\Y
Re = Yol (3.31)
Vo

Simple estimation Reynolds number of laminar flow for air pumping can be made by the
following equation:

Vo=fwat (3.32)

where f = frequency of oscillation of inner pipe,
w = radial displacement of inner pipe,

T T .
7 = a quarter of circumference for beam mode n = 1.

In this estimation tangential velocity Vg, the squeezed flow is created by a radial
displacement of the inner pipe while the outer pipe is considered to be fixed; the largest
velocity occurs within a distance of 1/4 of the first circumference. If an air filled annulus is
chosen and f is chosen as 5000 Hz,-lr; as 100 and w as 10x10-6 (as an example), v, as

17.9 x 10 -6 m?/sec, h = 1 mm, it can be shown that the Reynolds number will be in a
range within laminar flow (Vg = 7.8 m/sec and Re= 439 ) as will be the case for the
frequency range of interest. It was also found that the Mach number (Vo/C) is less than

0.03 in this estimation, thus the flow is considered to be incompressible and laminar.
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Loss factors of a double pipe system with gas or liquid in the annulus can be calculated by
use of equations (3.29), (3.30 a,b) and relevant equations (3.19), (3.20) and (3. 28)
deduced above. Its deduction can be seen in Appendix 3.

3.3.4. Velocity Profile of Pumping Flow.

From equation (3.19), it can be seen that the velocity profile of pumping flow between two
pipes is described by Bessel functions. To simplify numerical calculation, Bessel functions
can be expended by using Taylor's theorem at the point r =r; (see figure 3.4). Modified
first and second order Bessel functions become

Ik r) = Ik ) H,(y)+kI,, 1k 1y) Hy(y)+k2L,, 5 (k 1p) Hj(y) (3.32a)
Kntk 1) = K (k I) H, (y)-kK, . (k I) Hz(y)+k2Kn+2(k 1) Hy(y) (3.32b)
where

H,(y) = 14n ;Yl— +0.5n(n-1) (3’;)2
Hy(y) = y[1+0.5(2n+1) ;Yl—]

Hy(y) = 0.5 y2
y=0toh,and h/r; « 1.

(151,669 Eneoes |

(@ "\/‘— 822 31 (82)3 (3.33)
_ (§ DEY  E-DENE-25)
Kn(2) {1 M TR Ty (3.34)
where £E=4n2
Z=Kr.

From this expression the Bessel function becomes a function of y when other coefficients
are fixed. Deduction of velocity is given in Appendix 3.3.
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Based on these velocity expressions, the gradient of the velocity of squeeze flow and the
relevant energy dissipated in equation (3.29) and (3.30) can be easily estimated
numerically.

3.3.5 Effect of Thickness of Boundary Layer.

According to theory of fluid mechanics, the boundary layer thickness of squeezed flow
between two vibrating plates [68] is expressed as

5 Vo (3.35)
(O]

According to boundary layer theory, there is large velocity gradient in the thickness of the
boundary layer, hence energy is dissipated. The ratio of the air gap to the boundary
thickness associated with the oscillating air flow is an important parameter controlling the
damping of the whole system. This ratio is

“h A /_60_ (3.36)
2\’0

The results from the previous study suggest that the smaller the volume h/S, the larger the

O

damping. From equation (3.35) the thickness of the boundary layer will vary with
frequency, being thin at high frequency.

34 OPTIMUM DESIGN FOR MAXIMUM LOSS FACTOR OF A
DOUBLE PIPE SYSTEM.

3.4.1. Loss Factor Associated with In-phase and Out-of-phase Modes.

From previous research, it is known that narrow clearance in the gas filled annulus yields
high damping and that the mode shapes of the vibrating pipes are also important influences
on damping. For the double pipe system the squeeze gas effect is most pronounced for the
out-of-phase modes as shown in figure 3.5; the effect of fluid viscosity is very small and in
fact it could be negligible for the in-phase mode.
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Figure 3.5 has also given a example of circumferential mode (n) and axial mode (m)ina
double pipe system, where either the circumferential mode or the axial mode has the same
number for both inner and outer pipes in this study.

When the gap clearance becomes zero, there can only be in-phase modes of vibration and
no energy is dissipated in the gas. Therefore there is must an optimum clearance for the

gas, where the damping is a maximum. It could be supposed that the mode shape ratio
v'vz/v'v1 is a function of h/8. When h =0, \i/zlvifl= 1, and the loss factor is zero.

3.4.2. Dependence of the Kinematic Viscosity on Separation Distance.
In previous research on gas pumping [18], it has been stated that when the gap h is as small
as the mean free path of the molecules of the gas, the kinematical viscosity will depend
upon the separation distance h.
The coefficient of kinematical viscosity can be expressed as [18]

Vo=0.5 ch(S+hA-1)1 (3.37)
where

A = the mean free path of the molecules of gas,

c= average speed of the molecules of gas,

S = 30.

The kinematical viscosity decreases rapidly as h decreases, so that less energy is dissipated
in the gas when h is small.

3.4.3. The Theory of Similarity.

To apply particular theoretical or experimental results in a general study, the law of
similarity is often used, which describes numerous groups of phenomena by a number of
nondimensional parameters. For instance Reynold's number can denote similar flow
conditions for a set of parameters. Using the theory of similarity, it is possible to apply
theory and experiment in studying the phenomenon at large dimensions; for example a
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model test on pipe damping in a laboratory can be used for the purpose of studying large
pipes in industrial plant.

3.5. PREDICTION OF LOSS FACTOR FOR AIR DAMPING.
3.5.1. Prediction of Velocity Profile of Pumping Flow.

In the principle of squeeze film damping, the velocity gradient of squeeze flow between the
vibrating bodies plays an important role in the energy dissipated from the vibrating system.
Because of this, the velocity profile of flow between the two pipes has been calculated. The
squeeze damping of the whole system may then be easily derived from equations (3.28),
(3.29) and (3.30). Appendix 3.4 gives the flow chart of the program procedure for
predicting the loss factor of a double pipe system.

From the mathematical modelling, the squeezed flow has been assumed to be only in the
tangential and radial directions. Figures 3.6 to 3.10 showed the theoretical results of
tangential and radial velocity profiles of air pumping with various ratios of Wo/Wy, air gap h
and circumferential mode number n when other parameters are fixed. In figure 3.6, it can
be clearly seen that the tangential velocity is determined by the ratio of Wy/Wy; when wy/v,
= 1 for in-phase motion there is no pumping velocity and when Wwo/W; < 1 or <0 for out-
of-phase modes, the pumping velocity becomes greater. A narrow air gap always produces
a high velocity gradient as shown in figure 3.7.

Results from further studies of the tangential velocity with various circumferential mode
numbers are shown in figure 3.8; it is found that the first circumferential mode number
gives the largest contribution to the air pumping. The larger the circumferential mode
number, the less the contribution to the air pumping. The vibration modes have been
discussed in previous sections, 3.3.1, 3.4.1, and figure 3.5.

The radial velocity profile of air flow with ratios of Wo/W1 in figure 3.9 and with various
air gap clearances in figure 3.10 indicate that the relative velocity of air flow in the radial
direction is much smaller than that in the tangential direction. The radial velocity will be less
important in the air pumping characteristics of the system.

3.5.2. Prediction of Loss Factor with Various Circumferential mode
Numbers and In-phase or Out-of-phase Modes.
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From the results in section 3.5.1., it is understood that damping in a double pipe system
will be controlled by the mode shapes of the components of the vibrating system. So that
circumferential mode number and in-phase or out-of-phase mode conditions are the most
important.

Figure 3.11 gives a predicted loss factor for the first three circumferential mode numbers
(n=1, 2 & 3). In the figure it is shown that the loss factor has the greatest magnitude when
n=1 and the loss factor becomes negligible when n is greater then 3. The effect of in-phase
and out-of-phase modes can also be seen in the figure 3.11. The minima in the loss factor
curves denote the loss factors at frequencies where in-phase modes occur.

The loss factor with n=1 and theoretical in-phase and out-of-phase modes are demonstrated
in figure 3.12. The two minima in the loss factor curves for a circumferential mode number
n=1, corresponding to the two peaks in the lower plot, show that when in-phase modes
occur the loss factor is very low.

3.5.3. Prediction of Loss Factor with Variation of Thickness and Radii
of Pipes.

To understand how the dimensions of pipes will affect the loss factor of the system, the
loss factors with various dimensions of the pipes were investigated by varying the relative
dimensions of the pipe wall thickness, diameters and gap. The parameters used were: (1)
the ratio of radius of the inner pipe to air gap thickness, (2) the ratio of inner and outer wall
thicknesses of the pipes.

The numerical results presented in figures 3.13 to 3.16 denote the following characteristics:

(a) Effect of the ratio R/h on loss factor.

When the radius of the inner pipe is relatively large compared with the air gap (see figure
3.13), the loss factor increases because the air pumping effect increases. When Ry — oo

(figure 3.14) the damping system becomes a double plate system and the loss factor has its
maximum value for a given air gap h. This may explain why a double plate system has
higher damping than a double pipe system.

(b) Effect of the ratio hy/h; on loss factor.
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The loss factor increases at low frequency as the ratio hy/h; decreases (see figure 3.15).
When the wall thickness of the outer pipe is relatively very large, e.g. the outer pipe tends
to be fixed, the pumping effect decreases and, of course, alarge weight penalty occurs. At
high frequencies, the squeeze air effect of the pipes is quite weak, so that the loss factor at
high frequencies is insensitive to changes in the ratio hy/hy (see figure 3.16).

3.5.4. Prediction of Loss Factor with Various Air Gap Clearances.

There is an optimum air gap hope at which the loss factor is maximum at a given frequency.

The reason for this has already been discussed in sections 3.4.1 and 3.4.2. It is supposed
that the optimum air gap should occur at twice the thickness of the boundary layer §,

=2 2vy (3.38)

Figure 3.17 is a three dimensional plot of predicted loss factor versus air gap h and
frequency. It can be clearly seen that when the air gap h is small to a certain level, the loss
factor will reach its maximum value and further reduction in h then causes the loss factor to
decrease, though the equation of hopt = 26 may not be proved at this stage of theoretical
study.

3.5.5. Prediction of Loss Factor due to Air Pumping as a Function of
Temperature.

The dynamic viscosity and density of air are functions of temperature and pressure, as
shown in figures 3.18 and 3.19. The loss factor in an air filled annulus of a double pipe
system will slightly increase with increasing temperature as shown in figure 3.20. This is
due to the fact that the kinematical viscosity of the air will increase at high temperature.

3.5.6. Comparison of Predicted Loss Factors with Air, Water and Qil
in the Annulus of a Double Pipe System.

The magnitude of the loss factor depends not only on the viscosity coefficient but also on
the characteristics of the fluid within the annulus. As an example, the loss factors of a
double pipe system with air, water and oil in the annulus respectively are given in figure
3.21. There is a high loss factor with oil, but low loss factor with water as water has low
kinematical viscosity, although the dynamic viscosity of water is higher than that of air.
The data used in computing are
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air water oil

density p (kg/m3) 1.2 1000 890
dynamic viscosity v (kg/m.sec) 18.2x106  0.001 0.041
kinematical viscosity W (m2/sec) 15.17x106  1x10-6 46.1x10-6.

Comparing above data, it can be seen that 1 > Nair > Nwater 04 Koit > Wair > Hyyarer- The
loss factor of double pipe system depends on kinematical viscosity, high damping is
created by a fluid of high viscosity.

The frequencies with in-phase modes, at low loss factors points in figure 3.21,are natural
frequencies of double pipe system with various liquid or gas filled annulus. The added
mass effect is not obvious in the theory, the frequencies of the first in-phase mode points
are listed below,

air water oil

frequency (Hz) 758 752 753

at in-phase point

There is little added mass effect on natural frequencies in the present theory, more
discussion of added mass effects in double pipe systems can be found in reference [24].

3.6. CONCLUSIONS.

(a) High damping may be achieved by air pumping in a double pipe system. The energy
dissipated by viscous forces is related to the velocity gradients caused by air flow
between the two vibrating pipes.

(b) Atlow frequency, the velocity gradient is low and so is the energy dissipation. At high
frequency the air has little time to move, and behaves as a stiff spring, resulting in low
energy dissipation. At intermediate frequencies, the velocity profile is capable of
maximising the damping.

(c) The velocity profile of air pumping is of parabolic-like shape. The velocity gradient is
high at low circumferential mode numbers.
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(d) Only the first few circumferential modes of vibrating pipes will contribute significantly
to the damping according to the theory.

(e) The loss factor is high at large ratios of pipe radius to air gap since the air pumping
effect is greater in this regime.

(f) Loss factors are improved at low frequency when the ratio of thickness of inner pipe to
that of the outer pipe is large.

(8) Generally, loss factors are high for out-of-phase modes and low for in-phase modes.

(h) At high temperatures, the loss factor due to air pumping increases a little as the
kinematical viscosity increases.

() If a liquid, such as oil, with high kinematical viscosity is used in the gap, the double
pipe system has high damping; but loss factor decreases with increasing temperature.

() The assumptions were made in the theory that the squeeze fluid was considered to be
two dimensional, and fluid motion along the pipe was neglected. The squeeze film damping
was contributed to only by the modes where both pipes had the same circumferential mode
shapes. If the length of the pipes is very short or the two pipes are made of different
materials and thicknesses of the pipe walls are much different, the damping affected by
axial motion of flow and different mode shapes between the two pipes may not be
neglected.

53



*ded pinyy jo ssouyoryp = Oy
‘aerd Suraouwr Jo A1100[oA = A

"sarerd oM} usamIaq pareays pinyy jo uonejussordar sgidwis v 1°¢ amgiyg

dI'1S-ON
IV \ (01102
X 0 aaxu [ N M aqaxu

L0 ALDOTIA INEIV Y “

i :

£ “ ™~ og| 0
A H d
N\

dI'IS-ON



N~

¢ —p air

-~ N

(a) (b)

Figure 3.2 Air pumping by (a) double pipe, (b) double plate.
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Figure 3.4 Coordinates of a double pipe system for Taylor's series.
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Figure 3.5 Mode shapes of double pipe vibration.
(a) In-phase modes.
(b) Out-of-phase modes.



Inner and outer pipes have same
circumferential mode number n
and axial mode number m.

Figure 3.6 Tangent1a1 velocity profile of the air pumpmg with various
ratios of wo/wy.

1 = radial velocity of inner pipe.
w, = radial velocity of outer pipe.
V, = tangential velocity of air.
n =1, m =1. h = thickness of air gap.
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Figure 3.7 Tangential velocity profile of the air pumping with various air

clearance h, n=1,m=1, w2/wl1=-0.2.
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Figure 3.8 Tangential velocity profile of the air pumping with various
circumferential wave numbers n.

w, = radial velocity of inner pipe.
Vg = tangential velocity of air.
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Figure 3.9 Radial velocity (Vg) profile of the air purnping with various
ratios of wy/Ww, .

W, = radial velocity of inner pipe.
w, = radial velocity of outer pipe.
V., = radial velocity of air.
h=2mm, m=1,n=1.
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Figure 3.10 Radial velocity (V) profile of the air pumping with various
air gap clearances.

w, = radial velocity of inner pipe.

V., = radial velocity of air.

h = thickness of air gap clearance
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v1/v, = tangential velocities of inner and outer pipes.



LOSS FACTOR

10

L L i1l

[ 5]

10

w

100

i 1 lllllll

iia

10

10

fmend l]lllltJ‘ Lt 1 11111

(o,8

10- T T T L ™ T T Y T T T T
10000

2
g

FREQUENCY (Hz)

>‘<

outer pipe wall

Inner and outer pipes have same
1 ho circumferential mode number n
" h and axial mode number m.

inner pipe wall

Figure 3.11 Loss factor with various circumferential mode numbers n.

r;= 53 mm, h; = 2.2 mm, h, = 2 mm,
h=1.0mm, T =200 C.



—t
O,
ot

LOSS FACTOR
) ) s
A W (S

p—t
<
w

o
[an]
e
w
i
P —

L LAy

ol

rrod ol

M NEITI

In-phase f

. /_——" Out-of-phase }

L 1 H ¥ L ¥ L] ' L . 1 ¥ T i L 1 ¥

100 1000 10000
FREQUENCY (Hz)
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Figure 3.15 Predicted loss factor with various ratios of inner and
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Figure 3.18 Relationship between dynamic viscosity of air and
temperature at 1 atm pressure.
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Figure 3.19 Relationship between density of air and
temperature at 1 atm pressure.
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CHAPTER 4. MEASUREMENT OF THE LOSS FACTORS OF A DOUBLE
PIPE SYSTEM.

4.1 INTRODUCTION.

This chapter describes the measurements of loss factors of a double pipe system and
intends to experimentally verify the theoretical predictions made in chapter 3.

As the initial energy dissipation in the structural materials of the pipes was neglected in the
theory of chapter 3, the loss factor of a single pipe needs to be measured and compared
with the loss factor of the double pipe system with an air or oil filled gap. To prove the
squeeze film damping phenomena, loss factors were measured at reduced air pressure
conditions.

Resonance frequencies and mode shapes play important roles in damping of a double pipe
system. Natural frequencies of pipes are examined and in-phase and out-of-phase modes
are verified experimentally.

42  METHOD USED FOR DAMPING MEASUREMENT.

The decay time method was chosen to measure the loss factor as it is simple to use and
generally yields more accurate results than other methods. For decay measurements, the
decay of the vibrations is observed after the exitation suddenly ceased. Energy decay is
described by the function e-not, By measuring the reverberation time T, the loss factor is
determined from the relation,

_In106 2.2
0] TGO f TGO

(4.1)

where
f = the measured individual resonance frequency.
Tgp = the reverberation time which is the duration for the response to decay 60 dB.

4.3. INSTRUMENTATION.

The time decay method was used in the experiment to measure the loss factor of a single
pipe and a double pipe system with an air or oil filled annular gap. The single or double
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pipes studied here were all thin-walled cylindrical shells. The loss factor was determined
according to equation 4.1.

The pipes to be tested were suspended to represent free-free boundary conditions as shown
in figure 4.1. The inner pipe was excited in flexural vibration by a coil-magnet system
driven by a random signal generator (for the purpose of transfer function measurement) or
a sine wave generator ( for loss factor measurement) via a power amplifer.

The vibration was detected by an accelerometer attached at the other end of the outer pipe.
The acceleration signal was amplified to achieve the voltage level required by the computer,
as shown in figure 4.2. The signal was acquired by an analogue to digital converter, the
data could then be analysed by computer. For measuring the decay of the acceleration, the
exciter was disconnected from the power amplifer and the computer was triggered to
acquire data. Figure 4.2 shows the instrumentation for the loss factor measurements.

The computer was used for data processing; the acceleration waveform was converted toa
logarithmic scale and then drawn into a decay curve. The decay time Tgo was read from the
decay curve and then loss factor was calculated. Accelerance (acceleration (w)/force (w))
could also be calculated from the acquired acceleration and force signals when a random
signal was used as the excitation. Figure 4.3 shows an example of measured decay curve
for a pipe.

4.4 MEASUREMENT OF LOSS FACTOR DUE TO AIR PUMPING IN A
DOUBLE PIPE SYSTEM.

To measure the loss factors of a double pipe system, the three steel pipes used had the

following dimensions:

L (mm) d (mm) D (mm) R (mm) h (mm)
Pipe 1 1000 91 95 46.5 2
Pipe2 1000 98 102.3 50.075 2.15
Pipe 3 1000 104 108 53 2
where

L = length,
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d = inner diameter,

D = outer diameter,

R = mean radius,

h = thickness of pipe wall

4.4.1. Natural frequencies compared with shell theory and beam theory.

As loss factors were measured at resonance frequencies, and accelerances could also be
plotted, the opportunity was taken to compare measured resonance frequencies and
predicted natural frequencies. From measured transfer function of the three pipes shown in
figure 4.4, natural frequencies were obtained. The results were compared with natural
frequencies computed from the theory in chapter 2 and beam theory,

Natural frequency in Hz

Experiment Shell theory (n,m) Difference(—&%é%e—o—rﬂ) %
Pipe 1 571 551 (1,2) 3.5
596 601 (2,1) 0.8
640 638 (2,2) 0.3
806 791 (2,3) 0.6
1162 1142 (2,4) 1.7
1440 1374 (1,3) 4.5
Beam theory 605
Pipe 2 527 536 (1,2) 1.7
571 570 (2,1) 0.2
615 601 (2,2) 2.3
776 786 (2,3) 1.3
1176 1170 (2,4) 0.5
1440 1436 (1,3) 0.3
Beam theory 651
Pipe 3 464 495 (2,1) 6
522 537 (2,2) 2.9
640 609 (1,2) 4.8
752 755 (2,3) 0.4
1191 1177 (2,4) 1.2
Beam theory 690
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where (n,m) = (circumferential mode, axial mode).
Experimental results and verification of mode shapes will be discussed further in chapter 5.
The equation for natural frequencies according to beam theory 691 s

cos BL cosh BL =1

where
B4 =m w2 /EI
m = mass per length
Ww=2xf
f = frequency
E = Young's modulus
I = second moment of area of the cross-section.

Predicted natural frequencies from the theory of thin-walled cylindrical shells in chapter 2
agree quite well with experimental data.

4.4.2 Measurement of the loss factors of a double pipe system for a range
of air pressure.

To establish whether or not the damping observed was due to air damping, a double pipe
system was suspended in a vacuum chamber shown in figure 4.5. Loss factors of the
double pipe system were measured at various air pressures. The double pipe system
consisted of two pipes (Pipe 1+2), pipe 1 was the inner pipe and pipe 2 the outer pipe, with
a 1.5 mm air gap. The two pipes were separated by silicon rubber at both ends, as shown
in figure 4.6

Loss factors of the double pipe with 1.5 mm air gap were measured at air pressures of 1
atm (780 mmHg), 0.43 atm (335.6 mmHg) and 0.166 atm (127 mmHg) respectively. The
results, shown in figure 4.7, indicate that loss factors decreased with decreasing air
pressure. Thus, it is proved that damping can be created by the air gap of a double pipe
system.

The measured loss factor is low at the first distinct in-phase mode shown in figure 4.7.
This result is consistent with the theoretical prediction in chapter 3 that the loss factor is low
at the frequencies where in-phase modes occur. The experimental results also indicated that
the loss factor at the in-phase mode condition is little dependent upon air pressure, which
means that there is less effect of air pumping at the in-phase condition, as would be
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expected. The effect of the squeeze air film on resonance frequency can also be observed
from transfer functions (accelerance) of the double pipe system at two air pressures as
shown in figure 4.8, where the frequencies are slightly shifted to higher frequency with
low air pressure.

4.5 COMPARISON OF MEASURED LOSS FACTORS OF THE DOUBLE
PIPE SYSTEM WITH THEORETICAL VALUES.

4.5.1 Theoretical and experimental loss factors of a double pipe system
with 1.5 mm and 0.85 mm air gaps.

Two double pipe systems were used in the study, Pipes 1+2 with 1.5 mm air gap and
Pipes 2+3 with 0.85 mm air gap. Again, free-free boundary conditions were used. The
measured loss factors of a double pipe system (pipes 1+2) are compared with those of a
single pipe (pipe 2) in figure 4.9. The results show increase of loss factors from 2x10-3 to
1x10-2 achieved by squeeze air film damping. Figures 4.10 and 4.11 show measured and
theoretical loss factors of Pipes 1+2 and 2+3 respectively. The comparison of results
shows that the theoretical results agree with experimental values fairly well. Thus, it may
be concluded from the trends observed that loss factor in a double pipe system is low at
low frequencies because of low air pumping velocities created and the loss factor is high in
the mid-frequency range but low again at high frequencies since the frequency becomes too
high to allow air flow and less energy is dissipated by the air in the gap..

4.5.2  Detecting of in phase and out-of-phase modes.

It is necessary to know whether the pipes are moving in-phase or out-of-phase, because
there is no air pumping flow at the in-phase condition according to the theory in chapter 3.
For measuring relative phase, two accelerometers were fixed at the ends of the pipes as
shown in figure 4.6. Two measured responses of in-phase and out-of phase modes are
shown in figure 4.12 (a) and (b), from which the vibration behaviour of the double pipe
system can be seen clearly. (Note the relative orientation of the accelerometers in fig 4.6)

4.5.3 Theoretical and experimental loss factors due to oil damping.

To investigate the loss factor due to liquid damping in a double pipe system, the
experimental loss factor measurement was extended to oil damping. The double pipe

58



system with oil in the annulus was used, composed of pipes 2+3 with 0.85 mm oil annulus
gap. The oil in the gap between the pipes was Shell Oil (SEA 15W/40). The oil data are,

400 C 1000 C
Kinematical viscosity (106 m2/sec) 116.6 14.4
Density (Kg/m3) 890 890

where kinematical viscosity was from data supplied by Shell [70], density was measured at
250 C temperature on presumption that the density of the oil would be constant up to
1000C.

The oil was sealed in the annulus by thin rubber film or by silicon rubber seals as shown in
figure 4.13. Measured loss factors are shown in figures 4.14 and 4.15. Figure 4.14 gives
the loss factors with the gap sealed by silicon rubber and figure 4.15 is the loss factor of
thin rubber film sealed double pipes. Both sets of experimental data were measured at
normal room temperature (approximately 200 C). The measured loss factors are compared
with the theoretical results, which were calculated for oil at 40° C and 100° C respectively
(the data for shell oil at 200 C were not available during the study). It can be seen that the
measured loss factors are quite close to the predicted values. Because the double pipe
system with oil gap sealed by thin “rubber film” had less mechanical linkage between the
inner and outer pipes, the loss factors are slightly larger than these for the system sealed by
“silicone rubber . Measured loss factors of the squeeze oil damped pipes were of the order
of 10-2. These are higher than the loss factors measured for the squeeze air damped pipe.
Although measured values of loss factors with oil damping at high temperature were not
obtained in this study, it can stated from the theory and principle of damping discussed
above that the viscosity of oil is strongly affected by temperature, and so is the loss factor.
The damping caused by the silicon rubber seals was very small compared with the oil
damping. The damping created by the seal can be neglected. This can be proved by
reference to figure 4.7, where the diameter of inner pipe and the seal material were the same
as in the oil damped pipe system. The damping from the silicon rubber seal must be less
than that from the air damped pipe system where silicon rubber was used.

Comparing the loss factors measured for an industrial pipe (see figure 5.14), where loss
factors were below 2x10-3 except at frequencies below 400 Hz, with those measured for air
or oil damped pipes, it is clear that damping created by air and oil in the double pipe system
is significant. Loss factors are the order of 6x10-3 to 1.5x10-2 for air damping and the
order of 7x10-3 to 3x10-2 for oil damping at most measured frequency points.
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4.6 CONCLUSIONS.
From the results of the experiments, the following points can be made:

1). The squeeze film damping mechanism was verified by the measurement of the loss
factor of a double pipe system in reduced air pressures.

2). Measured loss factors associated with air damping in the double pipe system agreed
quite well with predicted values. It was also found, as predicted that damping is low at the
conditions where the two pipes vibrate in-phase.

3).  Although data were only measured for the oil damping system at 200 C, the plot of
measured loss factors versus frequency was very similar in shape to theoretically predicted
curves for higher temperatures.
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Figure 4.3 Decay curves of acceleration.
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CHAPTER 5. PIPE DAMPING DUE TO FRICTION DEVICES AND
LAGGING.

5.1 INTRODUCTION.

To meet the requirement of increasing damping by a robust method which may be used at
high temperatures, another approach, dry friction damping, was employed to decrease
vibration and noise radiation from a pipe system.

The design of the friction devices follows from reference [51], where a metal spring was
used to decrease the noise radiation from a mining drill. To damp the pipe vibration in this
study, various size of wire rope and a coiled steel spring were used to act as friction
damping devices on a pipe. The aim of experimental investigation here was to study the
friction damping characteristics of the two types of device when applied to a pipe.

Most previous researches in the field of friction damping have been following three
quantitative relations of friction force which express the magnitude of the friction force as a
function of the principal macroscipically observable variables, namely the applied load, the
size of the region of contact and sliding velocity. The three quantitative relations are:

1). The friction force is proportional to the normal force N, that is F=;1 N , where L is the
coefficient of friction.

2). The friction force is independent of the apparent area of contact A,. Thus large and
small objects have the same coefficient of friction.

3). The friction force is independent of the sliding velocity v. This implies that the force re-
quired to initiate sliding will be the same as the force required to maintain sliding at any
specified velocity.

However, in Rabinowicz and Kragelskii's researches [71, 721, it was stated that the third
principle might not be obeyed in some circumstance as friction coefficient is a function of
velocity or a frequency dependent factor. This will be discussed in this chapter.

In this study, a series of experiments were carried out to investigate the loss factors from
carefully arranged friction devices on a pipe and the variation of loss factor with frequency
and normal load. Although theoretical work is not available within the scope of this chapter
because of limited time for this project, a general discussion of friction damping is given
for these kinds of damping devices.
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5.2 FRICTION DAMPING OF A PIPE IN FLEXURAL VIBRATION
WITH WRAPPED COILED STEEL SPRINGS AND WIRE ROPES.

The need for a robust damping mechanism which can operate at high temperatures has
already been stated and the successful applications of coiled spring around rods in noise
reduction lead to this investigation of the two types of device shown in figure 5.1.

The coiled steel spring is supposed to vibrate independently when a pipe is in vibration.
Friction forces occur between the contacting surfaces of pipe and spring, then energy is
dissipated by friction. The wire rope consists of a group of thin wires. Energy is dissipated
either by friction between the wire rope and the pipe or by friction among those wires
within the wire rope, i.e., there is “internal dissipation” within the rope and not in the
“spring”.

5.2.1 Description of the coiled spring damping system.

1). Dimensions of coiled spring.
The coiled steel spring was made of thin steel wire as shown in figure 5.1(a). Three sizes

of spring were used in the experiment. The dimensions of coiled springs used in
experiments are

Dg(mm)  dg(mm) I (mm)
spring 1 12 1.6 7.1
spring 2 8.0 1.6 6.0
spring 3 7.5 1.1 3.8

where
Dy = diameter of spring coil,
dg = diameter of spring wire,
I s = spacing between two spring coils.

2). A pipe with coiled steel spring wound around it.

A coiled steel spring was wrapped around a pipe as shown in figure 5.1(b). Both ends of
spring were attached to the ends of the pipe via two collars. The ends of the spring were
attached to the collars which could be rotated in opposite directions and then clamped to the
pipe to pretension the spring.
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5.2.2 Description of wire rope damping system.

Wire rope is simply several strands of wire twisted or wound, together. Some of the types
are commonly called "cable" and are used to carry electricity, support bridges and in many
other practical ways. In the present experiment, two wire ropes were used, description and
dimensions of which are shown in figure 5.2(a). A wire rope consists of number of strands
and every strand contains a number of steel wires. The dimensions of two wire ropes are

Dy, (mm) dy (mm) N Ny
wire rope 1 4 1.4 19 4
wire rope 2 5 1.6 19 6.

where
Dy, = diameter of wire rope,
dw = diameter of a wire,
Ns = number of strands of wire rope,
Ny, = number of wires per strand.

A wire rope was wrapped around a pipe shown in figure 5.2(b). Both ends of wire rope
were fixed onto the pipe by two collars. By this arrangement the structure of the wire rope
provided many contacting points on the pipe. It is expected that a portion of the energy
associated with relative motion of the strands of wire would be converted by friction into
thermal energy and vibrational energy would be dissipated.

5.2.3 Measurements of loss factor and accelerance.

Loss factors were measured by use of the decay time method (see equation 4.1 and figure
4.2). The approach to measurement was the same as thatin chapter 4. A steel pipe was
used in the experiments. Dimensions of pipe are: length = 1080 mm, mean radius = 50
mm, thickness of pipe wall = 2 mm. The damped pipe was suspended by nylon or rubber
string as shown in figure 5.3. Flexural vibration was excited by coil and magnet system.
Transfer accelerance was measured from the signals of exiting force and acceleration
response. The transfer accelerance is defined as

a w
Transfer Accelerance =——~99m—(——-)- (5.1
F input (@)
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where
a output (®) = acceleration,
F input (@) = force.

5.2.4 Measurement of loss factors of a wire rope damped pipe.

The characteristics of friction damping by a wire rope were investigated and the loss factors
of a wire rope damped pipe were measured. The measured loss factors are plotted versus
frequency for the pipe-rope system in figure 5.4, in which lower solid line is for a plain
pipe and the other two lines are the loss factors for 4 mm and 5 mm diameter wire ropes
respectively.

There are some interesting points which arise from the results, as follows;

1). wire rope is considerably effective in damping the vibration of a pipe. The loss factor is
improved from order of 10-3 for plain pipe to the order of 10-2 for a damped pipe.

2). Because there is no pretension added to the wire rope, the only friction force comes
from weight or gravitation of the wire rope itself, which is

2) T
UN = uggg‘—v%l—)—‘i"-—ojR sin@ d6

12Dyw2R
=ug(Pw > w°R)

when R » d (5.2)
where

N = normal force to surface of pipe wall,

K = coefficient of dry friction,

g = constant of gravitation,

Pw = density of wire rope,

Dy, = diameter of wire rope,

R =radius of pipe.

Comparing various diameter of wire ropes with the same material, it comes out clearly that
a large diameter of wire rope gives high friction force according to above description. The
friction force occurs, of course, only in the top half circle of the wire rope.



3). High friction force should normally give high damping. But the measured loss factors
of the 5 mm wire rope were low compared with those of the 4 mm wire rope within the
frequency range of about 500 ~ 2000 Hz. There may be two reasons for this contradiction.
First, vibration velocities of the pipe are low at lower frequency, so that wire rope as a
friction damper is nearly stuck, or excitation frequency is too low to overcome the static
friction or to cause slip. In this case, damping is controlled by relative slip between the
interface of the surfaces of the pipe wall and the wire rope rather than by normal force.
Thus, light wire rope is assumed to be more active or moving more quickly than a heavy
one. The second reason is that friction damping occurs among the wires of the wire rope
itself. For the same reason, at a given excitation force, light wire rope moves more rapidly,
therefore high damping is achieved.

4). In the mid frequency range (>2000 Hz), the vibration velocity for high frequency
response is high enough to cause slip, so friction force is controlling damping. In the high
frequency range the wire rope is movin g freely. In this case the loss factor for light weight
wire rope will decrease at a certain frequency, which can be seen at frequencies above 3500
Hz in figure 5.4.

5.2.5 Measurement of loss factors of a coiled spring damped pipe.

A coiled spring is supposed to undergo a strong local vibration when it is wrapped around
a pipe. Friction damping is affected mostly by the nature of the spring. When the spring
receives energy from the main vibrating structure and produces local vibration, friction
occurs at some contacting point, so energy is dissipated. In this case, friction damping does
not only depend on the weight of spring but also on the spring rate or stiffness. Normal
forces exerted on the surface of a pipe wall are from gravity and the stress in the spring
while the spring is in vibration. The spring can be either compressed or extended; the
deflection of spring can be expressed as [73]

_8EDSn
0= G dJ (5.3)

where
6 = deflection of spring,
F = force exerted on spring,
Ds = mean coil diameter of spring,

dg = diameter of spring wire,
G = modulus of rigidity of spring material,
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n = number of active coils.

The spring rate or stiffness K is

G d¢*

F
K -.=-5- 3D 1 (5.4)

S

For a given exerted force and diameter of spring wire, the spring with large mean coil
diameter of spring has low stiffness and high deflection, so high friction damping will be
produced. Figures 5.5 to 5.6 give loss factors of a pipe with coiled springs of diameter 12
mm and 8 mm which were compared with these of an undamped pipe. Loss factors of the
12 mm diameter spring system are great than those associated with the 8 mm spring, each
having the same diameter of spring wire.

To study friction damping with various pretensions of the spring, one collar to which the
end of the spring was fixed, was twisted through 1200 and 240°. The extended lengths of
the spring are

I1=0.67rRandl5=133xR.

Pretensions are equal to / 1K and /K for 1200 and 2400 respectively. As discussed in
section 5.2.4, spring with high pretension will “stick” at low frequency and move in
contact with the pipe but will yield effective friction for high frequency vibration.

Although the spring with low pretension had high friction damping in the low frequency
range, it became less effective at high frequencies because the spring lost its friction when
the vibration velocities were high. The appropriate curves in figures 5.5 and 5.6 clearly
show this effect. When the spring pretension is changed, the resonance frequency of the
pipe will change because the distribution of added mass changed. High pretension results
in more added mass and lower resonance frequency as shown in figure 5.7, which gives
measured accelerances of the pipe with various pretensions of the spring. Figure 5.8 shows
the same type of results as discussed above, where a very small diameter spring wire was
used, although the loss factor levels were low as it was less effective as a friction device.

Observing figure 5.5, 5.6 and 5.8, it was found that the loss factors were generally very
low in the frequency range 500 ~ 600 Hz and there was no friction damping at all from all
springs with high pretension. How is this effect related to a certain mode shape of the
vibrating pipe? In the next section the effect of mode shapes of the pipe will be discussed.

66



5.3 Measured Natural Frequencies and Mode Shapes of a Pipe.

To identify the first two circumferential modes of a pipe, two accelerometers were fixed at
one end of the pipe as shown in figure 5.9. Transfer functions ay/f and a,/f were measured.
The definition of transfer function is

H; (@)= Sag; (5.5)
Gaif

where
i=12,
G,a = acceleration spectral density,
Ggs = cross spectral density of acceleration and force,
a; = acceleration of lower point of inner pipe wall,
ap = acceleration of upper point of outer pipe wall.

Comparing the phase of transfer functions of inner and outer pipes (H; and Hy), the first
circumferential number n=1 can be recognized as in-phase motion occurs, the mode with
n=2 can be seen as out-of-phase. Typical results of transfer accelerance are shown in figure
5.10, where resonance frequencies and phases are given.

The measured resonance frequencies and mode shapes are compared with results from shell
theory of chapter 2 in table 5.1.

Table 5.1 Comparison of measured natural frequencies and mode shapes with
theoretical results.

Length of pipe = 1080 mm, mean radius = 50, thickness = 2 mm

n m theory (Hz) experiment (Hz) phase of Hy/H;
1 2 504 517 +

2 1 561 561 -

2 2 737 717 -

2 3 1056 1053 -

1 3 1260 1323 +
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n = circumferential mode, m = axial mode.

Measured results showed quite good agreement with theoretical values. It can be seen that
the low loss factors in figures 5.5, 5.6 and 5.7 are at 561 Hz, the frequency of the mode
with n=2 and m=1, where spring friction is supposed to be less effective.

5.4 POSSIBLE EXPLANATION OF FRICTION DAMPING ON A
PIPE BY USING SINGLE DEGREE FREEDOM SYSTEM
MODELLING.

5.4.1 Natural frequency of a helical spring.
As discussed in the previous section, independent vibration may occur in the coiled spring

of a spring damped pipe system. The lowest natural frequency of a helical spring may be
calculated according to reference {73] as

fs — _‘?_'_9_5. g.g. (5.6)
D Y 32y

where
fs = lowest natural frequency of spring,
dg = diameter of spring wire,
D = diameter of spring coil,
G = modulus of rigidity of spring material,
g = acceleration due to gravity,
Y = weight density of spring material,
n = number of active coils.

The fundamental natural frequencies of the steel springs in figure 5.1(a) were calculated as
below,

n Natural frequency f; (Hz)
Spring 1 44 90
Spring 2 52 172
Spring 3 82 85
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where the following coefficients were used
G=79.6x109 N/m2, r=y/g=7850 Kg/m3, n=the spring wound around the pipe for one
circle.

Further study on the effect of the natural frequency of a helical spring on the friction
damping of the spring damped pipe should be carried out in future research.

5.4.2 Relationship between the force normal to the surface of a pipe
and the slipping velocity of a coiled spring or wire rope.

A multi degree of freedom System representation of a spring in contact with a pipe is given
in figure 5.11 (a). A series of masses and springs with friction force is used to model a
spring or wire rope wound around a pipe. One mass and one spring represent one turn of
the spring. One turn of the spring is modelled in figure 5.11 (b), where N is the normal
force exerted on a mass. For a coiled spring N occurs due to pretension and gravity and for
a wire rope N is due to gravity only. If the driving force F > uN, relative motion of the
spring mass will take place. The sign of the frictional force varies with the sign of the
velocity y. An equation of motion of such a mass spring system is

my+Ky=F®- 1N sgn(y) (5.7)

where
y= displacement of spring mass.
K = coefficient of dry friction,
m = mass of spring
K = stiffness of spring

If v(t) is assumed to be of the form
y(t) = A cos o,

and
y(t) =- A o sin ot,

then ¥(t) = - A 02 cos at,

sgn (¥) = sgn (-Aw sinwt)
4

=-——A—sin ot + ... (5.8)

r Al
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Neglecting the higher order term, equation (5.7) becomes

my+Ky -

4_A sin ot = F cos (ot + ) (5.9)
T

A |

Substituting y (t) = A cos wt into equation (5.9), |A [can be immediately written as

A [=\/A02 - (4 a/p)?
- (1)2/(1)02 l
where
Ag =F/K,
a= U N/K.

If wy? = K/m, and the force F is applied at certain frequency o, then

Al=c1- ¢y (392 (5.10)

where

_ F
K h - (1)2/0)02 f

C

Cy=@p/m?.

Al /C; can be expressed as a function of -I;— as shown in figure 5.12, where the velocity

decreases rapidly when normal force increases.

s

K
The normal force for a coiled spring N = i Iy =1+ 9, where [ is the length of

spring.

2d2R
The normal force for a wire rope N = g—piz—~~~ , & = gravity constant.
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5.4.3 Relationship between coefficient of friction and slipping velocity.

It is well known that the force required to start sliding is usually greater than the force
required to maintain sliding, and this gives rise to the notion that there are two coefficients
of friction - static (for surface at rest) and kinetic (for surface in motion).

The kinetic friction coefficient is a function of velocity. A plot of kinetic friction coefficient
versus velocity will generally have a positive slope at low sliding velocity and a negative
slop at high sliding velocity.

The relationship between velocity and coefficient of friction can be expressed by an
empirical equation [71] as

p=(a+by)ecy+d (5.11)

where a, b, ¢ and d are constant for various materials, an example here is given in iron-iron

surface,
a=0.022,b=0.274,¢=0.59,d=0.11

Figure 5.12 shows the relationship of velocity and friction coefficient of iron-iron surfaces.
The friction between a steel spring and a steel pipe should follow the same rule.

5.4.4 Parameters which affect friction damping.

Discussion in sections 5.4.2 and 5.4.3 shows the relationships between normal force and
slipping velocity, coefficient of friction and slipping velocity respectively. The coefficient
of friction has a key role in friction damping.

Under a given excitation, the coefficient of friction is function of slipping velocity, and the
velocity depends on the normal force, which acts on the slipping mass and causes friction
damping. Hence, coefficient of friction finally depends on the normal force. A possible
optimum point exists at which the magnitude of the normal force produces the highest

friction damping.

The slipping velocity also depends on frequency of excitation as high velocities usually
occur at high frequency. There are therefore two important parameters which control
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friction. These are excitation frequency and normal force. These two factors are considered
separately here when friction damping is discussed.

1). At a given frequency.
The expression for velocity is

y= |A o cos (ot +6),
The velocity is function of normal force, from equation (5.10), as
y= constant f(N).

In the case of a wire rope damped pipe, the normal force is a function of the weight of the
wire rope, so is the friction. For a coiled spring, the normal force is either a function of the
weight of the spring or a function of pretension in the spring. For a light weight spring,
friction is controlled by pretension, but it may also be controlled by weight when the spring
is heavy.

2). At a given normal force.
Slipping velocity is controlled by excitation frequency range and so is the friction damping.

5.5 DISCUSSION.

Concerning the optimum design of a friction damping system, both the normal force
produced by spring and frequency range must be considered.

Friction damping definitely depends on the range of frequencies involved. Heavy wire rope
or a coiled spring with high pretension may not have high friction damping at low
frequencies because their slipping velocities are low from equation 5.8. Higher friction

damping may occur at high frequencies.

For a light weight wire rope or a coiled spring with low pretension, the friction damping is
low because the normal forces are low .

To design the optimum friction damping system for a pipe, a size of wire rope or coiled

spring as well as the pretension of a coiled spring can be chosen depending on the
frequency range of interest.
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5.6 FRICTION DAMPING OF AN INDUSTRIAL PIPE BY MINERAL
WOOL LAGGING.

1) Design.

Mineral wool lagging is often used at power stations to lag pipes. There is a need to
investigate damping of this type of pipe system. This is required in order to ascertain
the levels of damping present in a lagged pipe and to compare them with the loss factors
achievable by other methods investigated. Figure 5.13 is an industrial pipe with
wrapped mineral wool lagging and a 1 mm thickness steel cleading”® cover on the
outside. By adjusting the clips, which clamped the steel clearly shown in figure 5.13,
conditions approximately to constrained and unconstrained lagging can be achieved.
The experimental method and measurement  used for  investigating the damping of
this structure here as already described in chapter 4 and figures 4.1 and 4.2.

(ii) Results.

The pipe tested is practical one used in power stations and the measured loss factors are
given in figure 5.14. Data are given for the plain pipe and the pipe covered with
constrained or unconstrained lagging. Loss factors of the plain pipe varied from
1.5x10-3 ~ 5x10-3 and increased to 1x10-2 ~ 2.5x10-2 with lagging, through the
frequency range examined. Constrained lagging produced the highest loss factors.

* Cleading is a term usually used in the power industry.
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5.7 CONCLUSIONS.

1). Wire rope wrapped around a pipe can produce high damping. Damping was produced
either from friction between the surface of the wire rope and the pipe wall or from friction
between strands of rope.

2). Friction damping may depend on the weight of wire rope. The optimum loss factor will
depend on weight and frequency. It is suggested that further investigation be carried to
determine the optimum size of wire to give high loss factors in a given frequency range.

3). The level of loss factor produced by a coiled steel spring device is determined by the
size of the spring and pretension and is also frequency dependent. There is an optimum
slipping velocity of the spring, where higher coefficients of friction may be reached. This
velocity depends only on spring force normal to the surface of the pipe induced by gravity
and pretension. To determine the optimum size of a coiled spring and optimum pretension
for a given frequency range, further experiments and research are needed.

4). When a pipe vibrates in its first bending mode and the second circumferential mode,
loss factors caused by friction damping by both a wire rope or a coiled spring are very low
because of relative low slipping velocity.

At high frequency, a high pretension coiled spring produces high damping. A low
pretension coiled spring system has high a loss factor at low frequency but low loss factor

at high frequency.

5). Mineral wool lagging will increase damping on industrial pipes. Constrained lagging
will produce higher loss factors than unconstrained lagging.
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spring 1 12 1.6 7.1
spring 2 8.0 1.6 6.0
spring 3 7.5 1.1 3.8

Figure 5.1 (a) Structure and dimensions of coiled steel spring.

pery

Y

Figure 5.1 (b) A steel pipe with a wrapped steel spring.
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wire rope 1 4 1.4
wire rope 2 5 1.6

Figure 5.2(a) Structure and dimensions of wire rope.

Figure 5.2 (b) A steel pipe with a wrapped wire rope.
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CHAPTER 6. SOUND TRANSMISSION LOSS THROUGH PIPE
WALLS.

6.1 INTRODUCTION

In the previous chapters, the investigation involved studies of the vibration behaviour
of pipes and the approaches to increasing the damping of a thin cylindrical shell to
control vibration transmission and noise radiation from pipework. This type of problem
has been also referred to as the control of "structure borne sound".

The approaches explored in the present study to produce damping for vibration control
on a double pipe system included squeeze film damping by gas or liquid pumping in the
annular gap between two pipes and friction damping by attached devices such as spring
or wire rope or lagging. Further questions arise, such as, are these damping devices
also effective in reducing sound radiation and how much sound energy will be
transmitted through a pipe with those damping devices? In this chapter, acoustic
properties of the damped pipes are studied experimentally.

6.1.1 Definition of Sound Transmission Loss.

The transmission of fluid-borne sound from inside a pipe to the surroundings through
the pipe wall is of practical interest in many industrial applications. The sound is
radiated from the pipe to produce the resulting sound field in the environment. Only a
portion of the internal sound energy is transmitted through the pipe wall and the process
will depend on the nature of the internal sound field, the acoustical properties of the
internal and external fluids, the geometry ( thickness/diameter ratio) of the pipe and the
acoustical and damping properties of the pipe material.

The "transmission loss" is often used to assess the ratio of sound power transmitted
through a pipe wall. Transmission loss (TL) is conventionally defined as

TL = 10 log; ¢ (1/1) (6.1)

where 7 is the transmission coefficient

_ I(external)

"~ I(internal)

_ Acoustic intensity of transmitted wave
~ Acoustic intensity of incident wave

(6.2)
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The transmission loss of a pipe differs considerably from that of the more usual flat
plate case. For the cylindrical geometry of a pipe, it must be recognized that there are
several deviations from the often studied ideal case. First, the radiated power is
typically proportional to the surface area of the pipe while the incident power is
proportional to the cross sectional area. The transmission loss for a given specimen is
also a function of the ratio of length to diameter. Secondly, the sound field exciting the
pipe interior is certainly not isotropic in the frequency range of interest due to the
limitations of propagation within the cylindrical geometry. Third, the sound field is not
homogeneous because of attenuation due to dissipation and radiation.

The approach of defining TL on the basis of power flow rather than internal mean
square pressure has the significant virtue of obviating the need for dealing with the
singularities in the mean square internal sound pressure at the cut-off frequency, which
convey no net power down the pipe. It is appropriate at this point to denote two
important frequencies for cylindrical shells. The first is the rin g frequency, defined as

f.=Cy/nD (6.3)

where

CL = the longitudinal wave speed in the pipe wall,

D = diameter of the pipe,
the ring frequency can be thought as the upper limit for curvature effects, since it
represents the frequency at which the time for stress wave propagation becomes
sufficiently long so that the phase change around the pipe circumference is large.

The second is pipe wall critical frequency, which is defined from the flat plate equation
as

fo=(c2/2 m) (ny/B)112
~c2/1.8Crh (6.4)
where
¢ = speed of sound in the fluid,
m = mass per unit surface area of pipe wall,
B = the bending stiffness per unit width of the pipe wall,
h = the thickness of the pipe wall.
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When the adjacent fluids differ in sound speed on either side, a different critical
frequency for each side must be defined. When the critical frequency f, is computed to
be less than the ring frequency f;, the physical significance of f is questionable since

curvature of the walls will have a greater significance in determining the flexual wave
speed in the wall.

In practice, the sound transmission loss is given as
TL =10 log [ <P2> S/4poc W] (6.5)

where
<P2> = the Space-average mean square pressure in inside a pipe,
S = the sound radiation surface area,
W = the sound power transmitted through a measured surface,
po = the density of air,
¢ = sound speed of air.

The item W/S is the sound intensity. By using simple calculation referred to a reference

sound intensity level Iy = 1 x 10 -12 w/m2 and reference sound pressure level pyop =20

x 10-6 N/m2, sound transmission loss can be rewritten as

TL = <Lp> -L;-6.1 (dB) (6.6)
where

<L,> = the space-averaged sound pressure level in the pipe,

L; = the sound intensity level through a measured surface.

To measure the TL in practice, the measurements of sound pressure level Ly, inside pipe
and sound intensity level around the surface of the pipe are needed.

6.1.2 Sound Intensity and its Measurement.
Sound intensity is defined as the vector quantity pu,
I=p(t) u(t) (6.7)

where
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p(t) is the instantaneous acoustic pressure at a point, u(t) is the instantaneous
particle velocity vector.

The sound intensity level is defined as
LI =10 loglg[I/Io] dB (68)

where
I = the reference sound intensity, 10-12 Wm-2,

In practice, sound intensity can be estimated by measuring a pressure difference Ap,
which exists between points along an axis separated by a distance Ar. For time
stationary fields, the time average intensity component is given by

In= P1P2(91-92) (6.9)

1
2ppAr
where

¢1-02 = phase different of p; and P2

The frequency domain equivalent of equation (6.9) is

. (6.10)
0

where Gy,= the cross spectral density of the two pressure signals. The logarithmic
measure of I is the sound intensity level.

This measurement can be achieved by use of a sound intensity probe, which consists of
two nominally identical microphones placed Ar apart, as shown in figure 6.1.

Since sound intensity is a power flux density, practical procedures are required for
sampling the continuous normal intensity distribution over a chosen measuring surface.

There are basically two distinct sampling methods:

1). 'point sampling': a intensity probe is held stationary at discrete points on the surface
for the period of time to adequately and precisely estimate the sound intensity.

78



2). 'scanned sampling": a intensity probe is traversed or swept along a continuous path
over a portion of a measurement surface and time average estimate is obtained by this
way.

In this research, the 'scanned sampling' method was used.
6.1.3. Sound Pressure Level and its Measurement in a Pipe.

The definition of sound pressure level is

Ly =201ogo (p / Pref) (6.11)
where the sound reference pressure in air is
Pref =20 m Pa (20 x 106 Nm-2),

In the measurements, the Space-averaged and time averaged sound pressure level was
measured at the end of a closed pipe, as will be described in section 6.2.

6.2 INSTRUMENTATION AND TEST PROCEDURES.

A series of experiments were set up for investigating acoustic properties of a damped
pipe. The sound transmission loss through the wall of a damped pipe with air or ol
squeeze film damping, or friction damping was measured. An industrial pipe (a pipe
practically used in power stations) covered by an unconstrained or constrained mineral
glass fibre layer was also tested.

6.2.1 Acoustic Excitation in a Pipe.

Two sizes of pipe were used in the experiments. The pipes were acoustically excited by
a loudspeaker at one end of each pipe.

The loudspeaker consisted of a power drive unit and an acoustic horn. The power drive
unit used was model DCR 100 (100 watts power and 8§ Q resistance) and the designed
cut-off frequency is 500 Hz. To drive a damped pipe with a diameter of less than 120
mm, a plastic tube was used to connect the pipe to the loudspeaker drive unit as shown
in figure 6.2 a. The other end of the pipe was covered by a circular plastic plate.
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To drive an industrial pipe, which has large diameter (over 200 mm diameter), a homn
was designed to connect the drive unit to the pipe as shown in figure 6.2 b. The other
end of pipe was enclosed by a rigid plate, where sound pressure was measured. The
sound power is transmitted throu gh the pipe wall as shown in figure 6.3.

The radii of the horn inlet and exit govemned by the diameter of the drive unit and the
radius of the pipe. The length of the horn was designed according to the cut-off
frequency of the drive unit. The design of the acoustic horn was based upon the need to
be coupled to the end of the pipe and the consideration of the frequency range. The
design work is shown in appendix 6.1. The horn was made of polyester resin mixed
with C.S.M. (chopped strand glass fibre mat). The dimension of the horn and the

loudspeaker assembly are given in figures 6.4 and 6.5.

6.2.2 Acoustical Shield against Background Noise.

Although the in-situ intensity measurement method is practically available and has
proved to be of great advantage, extraneous noise sources may still disturb the sound
field and create serious bias errors in the sound power estimate, especially when the
extraneous noise sources are stronger than the sound source of interest. For example,
when scanning to measure sound power along a pipe wall, there are strong sound
power radiations from both the ends of the pipe, the coupler and the body of the
loudspeaker. The extraneous sound itself has a different phase compared with the
sound inside the pipe and may result in cancellation or enhancement. To solve this
problem during the TL test, an acoustical shield was placed between the loudspeaker
and the “driven” end of the pipe. The other end of the pipe was covered by thick plastic
foam to prevent sound radiation from the source to the test area via this path. The

arrangement of acoustical shield is illustrated in figure 6.6.
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6.2.3 Test Configurations.

Sound transmission loss tests were performed on the two kinds of damped pipes,

which were damped by squeeze damping and friction damping.

A double pipe system with air or oil gap

A double pipe system, which consisted of two concentric pipes, is indicated in figure

6.6, where the inner pipe was acoustically excited. The dimensions (in mm) of the

double pipe system were

Inner diameter Outer diameter Length  air or oil gap
Inner pipe 98 102.3 1080
| 0.85
Outer pipe 104 108 1000.

The two pipes were connected by two means. First, three screws were mounted in
tapped holes close to each end of the outer pipe; the screws were at 1200 to each other
and held the inner pipe relative to the outer pipe. The second connection was at the ends
of the pipes where the gaps were filled with silicone rubber compound; there were air
holes in the seal for the air gap but the ends were completely sealed for the oil filled

case. The seal and pipe spacing method are shown in figure 6.6.

The pipe damped by a coiled spring or a wire rope.

A pipe was damped either by a coiled spring or a wire rope, which were the same as

shown in figures 5.1 and 5.2, and was also excited by loudspeaker for the acoustical

measurements. The dimensions of the pipe were the same as the inner pipe above (d=
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98 mm, D = 102.3 mm, L =1080 mm). The details of the test springs and wire ropes
were:

1. a pipe with coil spring

spring 1 spring 2 spring 3
diameter of spring coil (mm) 12 8 7.5
diameter of spring wire (mm) 1.6 1.6 1.1
pitch between two coils (mm) 7 6 38

2. apipe with wire rope wound around it
wire rope 1 wire rope 2

diameters of rope (mm) 5 4

An industrial pipe wrapped with mineral wool and single or double

cladding.

A mineral wool lagging was wrapped on a pipe. The mineral wool layer was covered
by a steel cladding or double cladding with 1 mm air gap, which was rolled into a
cylindrical shape and gripped by clips. The design is shown in figure 5.13, and the
sketch of double claddings is in figure 6.7. The dimensions of the industrial pipe were
inner diameter d = 204 mm,
outer diameter D =219 mm,
length = 1583 mm.
The thickness of mineral wool = 25 mm.
The dimensions of the double cladding were

thickness of inner steel cladding: 1 mm,

thicknéss of outer steel cladding: 1 mm,

air gap between two claddings: 0.5- 1.2 mm.
The air gap between the two claddings was controlled by 1 mm thickness rubber

supports, but the gap dimensions varied according to the radii of the steel cladding,
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which was made of rolled plate. Clips around the outside of the pipe were used to
constrain the lagging system.,

6.2.4  Measurements of Sound Intensity and Sound Pressure.

(1). Sound intensity measurement;

The instrumentation for TL measurement is shown in figure 6.8. The test pipe with
loudspeaker attached was suspended by rubber cords on a frame as shown in figure
6.9. The baffle and rubber foam at the two ends of the pipe were removed for clarity,
when the photograph was taken. A random noise generator and power amplifier system
were used to drive the loudspeaker, and the radiated sound was detected by condenser
microphone from which the signals were fed to an analyser (B&K 2032 Dual Channel
Signal Analysér).

The scanning method was used to measure the sound intensity normal to the pipe wall
and the surface of the lagging materials. The route and area which was scanned by the
sound intensity probe are shown in figure 6.10a.; 400 samples were acquired in the
scanning measurement on damped pipes and on an industrial pipe.

A typical measured sound intensity around a plain pipe obtained by use of the scanning

method is shown in figure 6.11.

(2). Internal sound pressure measurement.

Sound pressure was measured at the end of the pipe. The instrumentation used for the
measurements is shown in figure 6.12. A circular plate with three holes was used as a
cover at the end of the pipe; 1500 samples were acquired from 15 points at the end of
the pipe, where the cover plate was rotated. The measurement positions are shown in
figure 6.10 b.

A typical measured sound pressure within a plain pipe is shown in figure 6.13.
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6.3. PREDICTION OF SOUND TRANSMISSION LOSS.

By computing an impedance for the pipe wall in terms of a harmonic forcing function
and relating the transmission coefficient in the form of equation (6.2) to a model of the

interior sound field [741(75], the transmission loss for a thin shell, for the frequency
range below 0.8 £, is given by

TL1 =10 Log;o(Cm/poc D) +5 Logyol(f/f) -(#6)2] + 15dB  (6.12)

where
Po = density of fluid,
M = mass per unit surface area of pipe wall,

Po ¢ = the impedance of the acoustic medium,
Cp = the longitudinal wave speed in the pipe wall,
D =diameter of the pipe.

The theory for calculating transmission loss across air gaps is based on reference [61].
for a given layer the incremental TL is

ATL =20 Logyy IP;/Pr| dB (6.13)

where Pp/ P is the ratio of incident to transmitted sound pressure for the air layer. The
transmitted pressure ratio Py / Pris

cosh [bh + coth-! (Z,/Zp)]
Py/Pr= cosh [coth-1 (Z,/Z))

(6.14)

where
b = w/co( + Nyip),
= the propagation constant of the air layer,
Co = speed of sound within the air gap,
Mair = aCOUSHC air gap loss factor,which describe the decay of a plane wave
propagating into a semi-infinite lossy medium, 0.4 is used in this study,
h = thickness of air gap,
Zy=jom +poco,
= impedance of the air gap,
j @ m = the inner wall mechanical impedance,
Poco = the impedance of the air inside the cylinder,

Zg = pgcy.
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The total sound transmission loss of a double pipe system with air gap is
TL=TL;+ATL (6.15)

A rigourous analysis is not possible within the scope of this study, however, some
possible mechanisms of TL through an air gap will be discussed in the following
paragraphs.

6.4 ACOUSTICAL CHARACTERISTICS OF THE PIPES WITH
DAMPING AND ACOUSTICAL TREATMENTS.

6.4.1. Transmission Loss of a Double Pipe System with Air or Oil in

the Annulus.

Measurements of TL were made for a double pipe system with an air or oil filled gap,
and the results are compared with the TL of plain pipe as shown in figure 6.14. TL of a
double pipe system with 0.85 mm air gap was improved 5 ~ 10 dB when the pipes
were connected by screws. The TL of the same double pipe system but sealed with
silicone rubber was improved, particularly at some frequencies in the low frequency
range (600 ~ 2000 Hz).

The TL of oil filled double pipe system improved only a little in the high frequency
range and was worse at low frequencies compared with the plain pipes. As oil may not
be as good as an acoustical isolator, the effect of oil in the £ap is to add mass to the pipe
System, and a little TL improvement can be achieved by the added mass of oil according

to 'mass law'. The sound transmission loss, “mass law” is

TL =20 Logyo (m f) - 20 Log;4(pg ¢ /) (6.16)

Sound transmission loss TL will decrease at two kinds of resonance frequencies; the

mass-air-mass resonance frequency of the double pipe system and the acoustical
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resonance frequency in the air filled pipe. The mass-air-mass resonance frequency [76]

of a double pipe system is

2
@ = [(B9=) &L o2 )]i 6.17)

where

m;, my = mass per unit area of inner and outer pipes with air gap,

Po» ¢ and h are same as in equations(6.12 - 6. 14).
The mass-air-mass resonance frequency £y is 732 Hz for the air gapped double pipe
system used here.

The acoustical resonance frequency Q is

Qnpp =" 1) (¢;/ ¢f) (6.18)
where

Q,,p = nondimensional resonance frequency of acoustical modes of n and p (see

figure 6.15),
=W/ O,

®qp = resonance frequency of acoustical modes of n and P,

®, =ring frequency,

kP = radial wave number of acoustical mode of n, p,

r =radius of pipe

¢; = speed of sound in the containing fluid (air),

¢ = longitudinal wave speed in the pipe material,
Values of (kPP r) can be found in reference [76]. The first three acoustical resonance
frequencies fnp for the inner pipe used here are

f10 =2006 Hz, f, = 3325 Hz, fo1 = 4175 Hz.
Measured sound transmission losses for a plain pipe and air gapped double pipe system

are compared with predicted values in figure 6.16 a and b. It can clearly seen that TL is
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low in the regions of the frequencies of the acoustical modes f10, fpo and £, the
lowest TL occurring at the second acoustical mode fy0. The effects of these modes on
TL by these mode are clear, both for the plain pipe and the double pipe system. At the

mass-air-mass resonance frequency (fo = 730 Hz), the effect on the TL of the double

pipe system can be clearly seen in figure 6.16 b.

The predicted transmission losses are reasonably consistent with the experimental data
in relation to the simple nature of the models used and the assumptions made, the two
sets of experimental data being very similar in nature and only slightly different in level.
The following interpretations may be useful for study of noise control by use of a

double pipe system.

(1). For the frequencies below the mass-air-mass resonance frequency, the structural
damping has negligible influence, this could explain the low values of TL at low
frequencies.

(2). At the mass-air-mass resonance frequency fo TL is minimised. At frequencies close
to fo, TL is damping controlled [76], so that TL is high at frequencies close to f; in the
experimental results and the same tendency is apparent in the predicted curve.

(3). At frequencies above f, TL is mass controlled. The increase of TL in the double

pipe system at high frequencies assumed because of the added mass of the outer pipe.

6.4.2 Sound Transmission Loss of a Pipe with Friction Damping

Treatments.

From the previous chapter it is clear that addin g the spring and cable to a pipe increased
structural damping. Experiments are carried out to ascertain any effects on the
transmission loss. Measured TL values for a pipe wrapped by 12 mm, 8 mm and 7.5

mm diameter coiled springs with various pretensions (the same as chapter 5) are shown
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in figures 6.17, 6.18 and 6.19. It is clear from these three figures that TL has been

improved in a frequency range of 500 ~ 1500 Hz and frequencies above 2000 Hz.

To control noise radiation from an acoustically excited pipe, a damping treatment is
obvious normally only effective at resonance frequencies [59]. For the convenience of
study, the first a few vibration resonance frequencies of the pipe in figure 5.1 are re-
listed here; 504 (1,2), 561(2,1), 737 (2,3), 1056 (2,4) Hz ..., where the numbers in
parentheses (n,m) indicate the modal behaviours in the circumferential direction (n) and
the axial direction (m) of the pipe. At frequencies below the lowest resonance
frequency, mass and damping are not important as this is the stiffness controlled
region. At the first few resonance frequencies, damping became important in
controlling the sound radiation. This is indicated in the results shown in figures 6.17 to
6.19. Above the first few resonance frequencies, the mass generally became most
influential. It must be emphasised here that

(a). it can not be concluded that for all frequencies above the first few resonance
frequencies, the TL of pipe is always mass controlled.

(b). high damping does not necessarily produce high TL, it may enhance the sound

radiation.

There is no improvement in sound transmission loss ATL at 2000 Hz. It could be
assumed that there may be a coincidence frequency of a structural mode and an
acoustical mode in this region. Above 2000 Hz, TL is mass controlled and ATL is
about 20 dB. The mass controlled region extends up to the ‘critical frequency’, this is

not discussed here.
The effect of spring pretension is variable below the first acoustical mode. Above this

frequency, the various pretensions were found to have little effect on TL in these

experiments.
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Similar conclusions can be drawn from the results of the tests on the wire rope damped
pipes, which are shown in figure 6.20. At the first acoustical mode, ATL is very small
for 5 mm and 4 mm wire rope damped pipes. ATL varies below this frequency. Above
the first acoustical mode, TL is assumed to be as mass controlled, and TL gradually
increases with increasing frequency as for the coiled spring damped pipe. The increase
of TL with increasing frequency is in accordance with the theory of the mass law of

acoustical transmission loss.

6.4.3 Sound Transmission Loss through an Industrial Pipe with

Mineral Wool Covered by Single or Double Partitions.

The TL of a plain industrial pipe was measured. The results were compared with the
prediction shown in figure 6.21 and table 6.1. The measured and predicted values of

TL, are fairly close in the frequency range above 1000 Hz.

To study the effects of the resonance frequencies of structural and acoustical modes on
TL and their possible coincidence point, the structural and acoustical resonance

frequencies of the plain pipe are listed as follows,

Resonance frequencies:
structure

n m theory (Hz) experiment (Hz)

1 2 456 439
2 1 460 503
2 2 482 —_

2 3 646 679
2 4 943 918
1 3 1069 1055
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acoustic (theory)

fio=1000Hz,  fo;=2082Hz,  f;,=2807Hz, f5=2282 Hz.

At the first structural resonance frequency, TL is low. At the first two acoustical
resonance frequencies, TL appeared lower than that in the low frequency range. At

frequencies above fy( and fg; TL obeys the mass law.

When the plain pipe was wrapped with mineral wool and single wall cladding, TL
increased by 5 ~ 25 dB as shown in figure 6.22. Above 1000 Hz, the increment ATL

was greater according to the mass law effect.

However, for a pipe wrapped with mineral wool and covered by double wall cladding
(which had a 1 mm air clearance), the TL generally increased by less than 5 dB for

most of the frequency range compared that with sin gle wall cladding.

There was no obvious increment of TL when constraint was applied to both the single
wall and double wall covered mineral wool layers; the results are shown in figures 6.22
and 6.23. A general comparison of results for the plain pipe, and the pipe with mineral

wool constrained by double and single wall cleading can be seen in figure 6.24.
6.5 DISCUSSIONS
6.5.1 Sound Intensity Measurement.

Bccause sound intensity is a vector quantity, measurement can be carried out in normal
noise environment. The reason is that when a certain area is chosen for scanning
measurement, the average incident sound intensity will be cancelled by reflected sound
intensity from the surface. This means that in a measurement close to a non-sound-
source body, sound intensity should be zero. In the experiments reported upon here, it

was found that if the external sound intensity of the noise source was not stronger than
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that radiated from the measuring surface, the measured results would only be slightly
affected by noise. Furthermore, even a strong noise source could only affect the sound
intensity measurement in the low frequency range (e.g. < 1000 Hz). In the
experiments, reliable results could be achieved by simply covering the loudspeaker with
plastic foam or using a wooden plate having twice the area of the end of the pipe as a

baffle to isolate the noise radiated externally from the source.

6.5.2 Coupling between structural modes and acoustical modes.

The acoustical coupling between the fluid contained in a pipe and the structure is very
much dependent upon the relative axial phase speeds ( or axial wave numbers) of the
wave guide modes in the two media. In the cases of coupling between a metal pipe and
low pressure gases, the coupling modes may be assumed to retain their uncoupled
characteristics. It was stated in a previous study [76] that the only waves of equal
circumferential order n may couple. In most practical cases, coincidence between the
lower order shell modes and the acoustical modes of low radial order p occurs at

frequencies close to the acoustical mode cut off frequency.

A high density of coincidences appears around the ring frequency and at the frequencies

of coincidence a reduction in transmission loss can be observed.

6.5.3 The relationship between transmission loss and damping for a

double pipe system.

From this study, it was shown that TL is increased with added damping only at the first
few structural resonance frequencies. The double pipe system with oil or air in the gap
exhibited increased damping. The double partitions effect is also important in producing
the mass-air-mass resonance effect but this, of course, did not occur with oil filling.
The air gap double partitions effect did produce some effect on the lagged pipe where

5~10 dB extra transmission loss occurred at high frequencies.
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6.5.4 Transmission loss of a mineral wool covered pipe.

Mineral wool, normally with metal cover, is used in industry to reduce noise radiation
from pipes. The mechanism of increasing TL within mineral wool is that it absorbs the
sound energy during the multiple reflection of sound between two metal surfaces,
within which the mineral wool layer is sandwiched. Using a double partition cover,
instead of single partition, does not enhance the sound absorbing effect. Mineral wool

is effective only at high frequencies.

6.6 CONCLUSIONS.

(1). A double pipe system with an air gap may improve sound transmission loss by 5 ~
10 dB but an oil filled gap is less effective for minimising acoustical energy

transmission through the wall of a pipe.

(2). Friction damping is effective for increasing TL but only at the first few structural

resonance frequencies. At high frequencies, the TL obeys the mass law effect.

(3). Mineral wool with a steel sheet cover (cladding) increases sound transmission loss

by 5 ~ 10 dB at lower frequencies and about 25 dB at high frequencies. Double

partitions will not greatly enhance the sound absorbing effect.
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Table 6.1 Sound pressure and transmission loss of a plain pipe.

f (Hz) 500 | 630 | 800 | 1000 | 1250 | 1600 | 2000 | 2500 | 3150 | 4000 | 5000

<Lp> 126.5]126.81128.0]126.5}124.9]121.01129.9124.5{121.0{122.8119.4

Lwl 70.5 | 60.5 | 64.5 | 64.3 | 66.1 | 69.6 | 68.9 | 69.7 | 65.4 | 65.1 | 60.0
Lw2 69.2 | 59.5 | 63.4 | 66.4 | 655|707 | 68.9 | 68.4 | 65.1 | 64.7 | 60.1
Lw3 71.6 | 63.8 | 62.8 | 659 | 68.8 | 68.5 | 69.9 | 69.7 | 66.1 | 64.8 | 60.0
Lw4 66.4 1 60.7 | 61.0 | 60.1 | 64.8 | 67.2 | 68.9 | 69.8 | 64.4 | 64.4 | 60.1

TL1 50.4 1 60.7 | 57.9 | 56.6 | 53.2 | 45.8 | 55.4 1 49.2 | 50.0 | 52.1 | 53.8
TL2 51.7 | 61.7 | 59.0 | 54.5 | 53.8 | 44.7 | 55.4 | 50.5 | 50.3 | 52.5 | 53.7
TL3 49.3 | 57.4 | 59.6 | 55.0 | 50.5 | 46.9 | 54.4 | 49.2 | 49.3 | 52.4 | 53.8
TLA 54.5 1 60.5 | 61.4 | 60.8 | 54.5 | 48.2 | 55.5 | 49.1 | 51.0 | 52.8 | 53.7

<Lp>> = the space average sound pressure level in the pipe (dB).
Lyi = theith test of sound intensity level (dB).
TL; =the ith test of sound transmission loss (dB).
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P1(t), Po(t) = the measured sound pressure level,
U(t) = the particle velocity,
Ar = the distance between two microphones.

Figure 6.1 Principle of two-microphone sound intensity
measurement.
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Figure 6.2  Acoustic excitation in a pipe.

(a) Loudspeaker connected to a small pipe.
(b) Loudspeaker connected to a large pipe.
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Figure 6.3 Power of sound transmitted through the pipe.
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Figure 6.4 Cross section view of a horn.

Material: Polyester resin mixed with C.S.M.
(chopped strand mat).
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Noise control shield

Double pipes connected by rubber seal

Double pipes connected by three screws

Figure 6.6 Acoustically excited double pipe system with
air or oil annular gap.



Sound wave from a source ) ) )

Figure 6.7  Structure of a pipe with wrapped porous acoustical
material and double cladding.

1. Vibrating pipe

2. Acoustic porous material
3. Layers of rolled steel plates
4. Air gap
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Figure 6.8 Sound Intensity Measurement
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Figure 6.10a External scanning route for sound intensity measurement.

Figure 6.10b Positions for internal sound pressure measurement.
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Loudspeaker 1/2" condencer microphone
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Figure 6.12 Sound Pressure measurement.
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SOUND TRANSMISSION LOSS
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Figure 6.14 Measured sound transmission loss a plain pipe and
double pipe system with air or oil in the annular gap.
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Figure 6.15 Cross-sectional distribution of pressure phase and nodal
surfaces of acoustical modes of a pipe.
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Figure 6.16 Comparison of predicted and measured sound transmission
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losses of a plain pipe and double pipe with air gap.

plain pipe. (b) double pipe with air gap.

f10 = 2006 Hz, f5 = 3325 Hz, fo; = 4175 Hz.
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Figure 6.17 Measured sound transmission loss of a plain pipe and
a pipe wrapped with a coiled spring.

T1= the extended length of spring is 0.67 = R,

To= the extended length of spring is 1.33 R,
R = mean radius of pipe, diameter of spring 1 = 12 mm.
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Figure 6.18 Measured sound transmission loss of a plain pipe and

a pipe wrapped with a coiled spring.

T= the extended length of spring is 0.67 T R,

T»= the extended length of spring is 1.33 T R,
R = mean radius of pipe, diameter of spring-2 = 8 mm.
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Figure 6.19 Measured sound transmission loss of a plain pipe and

a pipe wrapped with a coiled spring.

T= the extended length of spring is 0.67 T R,

To= the extended length of spring is 1.33 T R,
R = mean radius of pipe, diameter of spring 3 = 7.5 mm.
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Figure 6.20 Measured sound transmission loss of a plain pipe and
a pipe wrapped with a wire spring.

Dy, = diameter of wire rope.
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Figure 6.21 Comparison of theoretical and experimental results for
sound transmission loss for a plain pipe (the “industrial

pipe”).
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Figure 6.22 Measured sound transmission loss for a pipe wrapped
with mineral wool and single wall cleading.
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Figure 6.23 Measured sound transmission loss for a pipe wrapped
with mineral wool and double wall cleading.
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CHAPTER 7. CONCLUSIONS.

Mechanical vibration, vibration transmission, noise radiation and their control in
industrial pipework have been studied for many years, both experimentally and
theoretically. Following this basis of established research, the study presented here
has sought to develop simple, robust and effective methods for increasing the
damping of industrial pipework by techniques which could be used at elevated
temperatures. Two principal techniques for increasing the structural damping of pipes
have been investigated, squeeze film damping in a concentric pipe system and the
addition of friction devices in the form of a spring or wire rope wound around the
outside of a pipe. It is clear that any such techniques should be investigated both
theoretically and experimentally at laboratory scale and the implications of the
damping levels achieved be assessed in relation to the damping levels likely to be
encountered in industrial pipework, this has been done.

A theoretical model has been developed for predicting the loss factors of a concentric,
thin-walled pipe system with gas or liquid in the annulus; this necessitated reappraisal
of methods for predicting the free vibration characteristics of thin shells. Thin shell
analysis has been extended in this thesis and the results applied to the concentric pipe
problem. Theoretical studies on friction damping were necessarily somewhat limited
in this work and the simple model was employed to study the significance of
parameters involved in the process. Experiments were carried out to validate the shell
theory, to obtain measured loss factors for comparison with theoretical predictions in
the concentric pipe damping system and the friction damping systems were
investigated experimentally. The damping values obtained have been carefully
appraised in relation to the loss factors of a plain pipe, i.e. an indication of
"improvement" by the proposed damping techniques has been obtained; the data were
also compared with experimentally determined loss factors of a section of "industrial"
pipe with various lagging systems which is used in the electrical power generation
industry. Finally, no such study would have been complete without consideration of
acoustic transmission loss of the systems discussed above, i.e. the transmission of
sound from inside a pipe to the external surrounding medium; this was done in the last

chapter of the thesis and comparisons were made.

The principal conclusions from the work carried out in this thesis are that using
improved thin shell theory it is possible to predict the lower, shell-type natural
frequencies of pipes. Subsequently, a theoretical model has been successfully
developed which enables the loss factors of a double pipe system to be predicted with
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a reasonable degree of accuracy over a wide frequency range with air or oil in the gap;
the reasonable degree of accuracy has been proven by comparison of theoretical
results with experimental data. The limited parameter studies carried out with coiled
spring and wire rope friction damping systems wound around a pipe have shown that
in limited frequency ranges these devices can improve significantly the damping of a
plain pipe; industrial lagging also increases structural damping. The relationship
between structural damping and sound radiation from pipes with internal acoustic
sources has been examined. The experimental results suggest that sound energy
radiated from the surface of a pipe can be reduced at some structural resonance
frequencies by the vibration control methods investigated in this work.
Experimentally determined sound transmission loss data for a broad frequency range
are given for all of the systems considered.

More detailed conclusions on the various aspects of the study are given below.

7.1  PREDICTION OF NATURAL FREQUENCIES AND MODE SHAPES
OF THIN-WALLED PIPES.

Using the equations of motion for a thin circular cylindrical shell, the exact solution
for natural frequencies for the symmetric and antisymmetric modes was derived in the
form of a matrix. Thus, this theoretical solution applied to prediction of the natural
frequencies and mode shapes of thin-walled pipe precisely. Numerical results for
natural frequencies and mode shapes of a thin-walled pipe with free-free, free-
clamped and clamped-clamped boundary conditions have been obtained. The
theoretical results agreed quite well with published data.

Furthermore, as was shown by the numerical results for the natural frequencies and
mode shapes, it may be suggested that Rayleigh and Love modes might not be
independent modes and could be considered as a special case of the first axial wave
mode of shell vibration with free-free boundary conditions when the shell is either

very long or very short.

7.2. SQUEEZE FILM DAMPING OF A DOUBLE PIPE SYSTEM.
The squeeze film damping mechanism has been studied theoretically and a better

understanding of the processes involved has been achieved. Damping is created in the
double pipe system mainly from the viscous property of gas or liquid which converts
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mechanical energy into thermal energy when the gas or liquid is “squeezed” and
flows between the two vibrating walls of the pipes. From the study of the fluid
dynamic properties of squeezed flow, it has been found that the kinematical viscosity
and velocity gradient within the air or liquid filled gap have key roles in the level of
loss factor achieved in a double pipe system. Kinematical viscosity depends only on
the properties of the chosen fluid at certain temperature and pressure conditions. At
normal ambient pressure conditions, temperature is the only factor to affect the
kinematical viscosity of gas or liquid. The loss factor of an air gapped double pipe
system can be increased at high temperatures because of the high kinematical
viscosity of air at high temperature. An oil gapped double pipe system, only produces
high damping at normal ambient temperature, or even lower temperatures, as the
kinematical viscosity of oil decreases at elevated temperatures.

The velocity gradient in the fluid will be strongly dependent on the size of the gap
between the two pipes, and it also strongly depends on the mode shapes of two
vibrating pipes. A narrow annular gap will create high damping. An optimum
thickness of this gap exists for the highest loss factor in the double pipe system
according to the present theoretical study.

In the experiments, the loss factors achieved were approximately 3x10-3 ~ 1x10-2 by
air damping and 4x10-3 ~ 2x10-2 by oil damping in the double pipe system.
Comparing these values with the loss factors of approximately 5~9x10-4 for a plain
pipe and 2x10-3 for an industrial pipe, indicates that the double pipe system can
reasonably increase damping. However, the measured loss factors with oil damping
were slightly low compared with the predicted values although the loss factors should
be quite high according to the theory. A high loss factor can be achieved by an
optimally designed narrow air or oil filled annular gap in the double pipe system.

Loss factors are largest with out-of-phase modal vibration. In-phase modal vibration
is less effective in modal damping. Only the first three circumferential modes
apparently contribute to squeeze film damping. The highest loss factors occur in the
first circumferential modes or bending modes. In practice it is beneficial to create a
high dami)ing in the double pipe system as the bending mode of a pipe is always
strongly excited in service.
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7.3  FRICTION DAMPING SYSTEMS USING A SPRING, WIRE ROPE OR
MINERAL WOOL LAGGING ATTACHED TO A PIPE.

Experimental studies have been carried out on friction damping of a pipe with three
different devices wrapped around it. It can be suggested that magnitudes of loss
factors achieved for a friction damped pipe depend on the coefficient of friction and
the friction force between the damping device and the pipe surface. The coefficient of
friction is normally a constant for a given pair of materials, but it is also a function of
the relative velocity between two contacting surfaces. The arrangement of friction
devices will control the friction forces. The addition to the effect of the dimensions of
a coiled spring, loss factors are affected by pretension of the spring and the mode
shapes of the vibrating pipe. High loss factors can be achieved for the pipe with a high
pretension coiled spring in a high frequency range, and with a low pretension coiled
spring in a low frequency range.

One or two of the lower circumferential and axial modes of a vibrating pipe were
found less affected by both coiled spring and wire rope friction damping. It was also
found in the experiments that the friction force of wire rope is a function of its weight.
Further investigation is needed to optimise the size of wire rope to give high loss
factors in a chosen frequency range.

Constrained mineral wool lagging produces high loss factors in industrial pipes due to
high inter-lagging material friction.

The loss factors achieved with friction damping were approximately 7x10-3 ~ 3x10-2
by the coiled spring, 2 ~3x10-2 by the wire rope and about 1 ~2x10-2 by constrained
mineral wool lagging. Therefore, the loss factors are considerably increased by the
friction damping devices comparing with those values for the plain pipe and the
industrial pipe. It also has been found that the loss factors created by the friction
damping devices are higher than those created by the double pipe system, particularly
in the higher frequency range.

74  SOUND TRANSMISSION LOSS OF THE PIPE WITH VARIOUS
DAMPING SYSTEMS.

The frequencies of interest in this study of noise reduction in pipe systems fall within

the audio frequency range, which is generally well below the ring frequency and
critical frequency of industrial pipes and the pipe system examined here. Sound
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transmission loss has been measured for a double pipe system, the friction damped
pipe and lagged pipes with acoustic excitation inside the pipe.

Noise radiation from the surface of pipe wall can only be decreased in a low
frequency range by means of structural damping, squeeze film damping and friction
damping or lagging, because only within the frequency range covering the first few
resonant structural modes, damping is controlling the response of the pipe system.
Although sound transmission loss may be achieved at high frequencies, it is not
because of structural damping treatment, but the results of acoustical treatment. For
example, sound radiation is mass controlled at high frequency for a double pipe
system and the mineral wool lagging wrapped pipe, where sound radiation is shielded
by mass "blocking" and sound energy is absorbed by the acoustical material.

The sound transmission loss produced by the means of structural damping is limited,
for example by friction damping or squeeze film damping. By the use of the mineral
wool lagging with steel sheet, the sound transmission loss through a pipe wall can be
increased by 5 ~ 10 dB at lower frequencies and over 20 dB at high frequencies. The
transmission loss levels of the lagged pipe were about 65 dB to 85 dB in the
frequency 500 to 6000 Hz compared with about 45 dB to 60 dB TL levels for a plain

pipe.
7.5  RECOMMENDATION FOR FURTHER WORK.

On the basis of the present studies, further investigations should be carried out on the
following topics.

Theoretical and experimental studies of coupled mode shapes and natural frequencies
of a double pipe system with a gas or liquid filled gap would be useful in further
investigation of squeeze film damping.

In order to achieve the highest loss factor in a double pipe system, it is necessary to
determine an optimum ratio of the thickness of the air or liquid gap to the diameter of
the inner pipe and the ratio of the thicknesses between inner and outer pipes.

On friction damping, further theoretical study is required. Practically, an optimum
size of the wire rope device for the highest loss factors at given frequency range needs
to be determined. The relationship between pretension of the spring and loss factor
from friction damping should be investigated. Furthermore, it would be very useful to
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try various materials to improve the friction damping due to constrained lagging on
an industrial pipe.

Theoretical study should also be carried out on sound transmission loss of a plain pipe

and a double pipe system or a lagged pipe based on fluid-structure interaction, where
both the structural modes and acoustic modes are concerned.
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APPENDIX 2

a. Deduction of components of displacement for circular cylindrical
shell.

The equation of motion for thin circular cylindrical shells in matrix form is

aj 212 213 |[ Vo
ag; ayp a3 || Vo |=0 (2.14)

az) asy a33 LW,
where

a11=02-[0.5(1-v)(1+B)n2-Q]
a1p=0.5(1+v)na
aj3=-po3+[v-0.5(1-v)n?B]a
ap;=-0.5(1+v)na
a99=0.5(1-v)(1+3 B)o2+(Q2-n2)
a23=0.5(3-v){3n(x2-n
a3;=-Bo3+[v-0.5(1-v)Bn2]o
a3,=-0.5(3-v)Bna2+n
az3=Pocd-2pn202+[1+B(n2-1)2-Q]

Using (2.19) and (2.16), equation (2.17) can be written as

W(x) = C; cosh 0 x/R + Cy'sinh 0iyx/R + C3'cos apx/R + Cy'sin opx/R +
exp(0t3x/R)(Cs'cos 0gx/R + Cgsin 04x/R) +
exp(-03x/R)(C7 cos ayx/R + Cg'sin 04x/R) (A2.1a)

U(x) = CyKcosh oy x/R + C1'Kysinh oyx/R + C4Kscos 0x/R - C3'K3sin opx/R +
exp(0ax/R)[(C5sKs+Ce Kg)cos 0gx/R + (CeK5-CsKg)sin 04x/R)] +
exp(-03x/R)[(Cg Kg-C7Ks)cos oyx/R - (CgK5+C7Kg)sin oyx/R)]

(A2.1b)
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V(x) = C;'Kocosh ayx/R + CoKpsinh ax/R + C3Kycos apx/R + C4Kysin apx/R +
exp(a3x/R)[(Cs K7+CgKg)cos agx/R + (CgK7-CsKg)sin ogx/R)] +
CXp(-(X3X/R)[(C7'K7—C8‘K8)COS (X4X/R + (Cg'K7+C7'K8)Sin (X4X/R)]

(A2.1¢)
where
Cl' = Bl + Bz, C3, = B3 + B4, Cs' = B5 + Bs, C7' = B7 + Bg,
C, =B - By, C4 =i(B3 - By), Cg =i(Bs - Bg), Cg =i(Bg-B7)

equation (A2.1) can be rewritten in another form

U(x) = C,K;cosh o x/R + CK;sinh ayx/R + C4K3c0s 0px/R - C3K3sin apx/R +
cos oyx/R[(C¢Ks+C7Kg)cosh ax/R + (CsK5+CgKg)sinh agx/R)] +
sin oyx/R[(CgKs-CsKg)cosh azx/R + (C7Ks-CKeg)sinh 03x/R)]
(2.21a)

V(x) = C;Kycosh o x/R + CyKosinh 0 x/R + C3K4c0s 0px/R - C4Kysin apx/R +
cos 0,4%/R[(CsK7+CgKg)cosh o3x/R + (CgKy+C7Kg)sinh a3x/R)] +
sin a4x/R[(C7K7—C6K8)cosh (X3X/R + (C8K7—C5K8)sinh (13X/R)]

(2.21b)
W(x) = Cycosh o1 x/R + Cpsinh ot1x/R + Cscos 0px/R + C4Ks3sin cpx/R +
cos a4x/R(Cscosh a3x/R + Cgsinh a3x/R) +
sin ot4x/R(Ccosh o3x/R + Cgsinh aizx/R) | (2.21¢)
where
C;=Cy, Cy=Cy, C3=C3, C4=Cy),
C5=C5‘+C7', C6=C5'-C7', C7=C6'+C8', C8=C6"C8*’

or written in matrix form
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where

U(x) A1l A1z ... Asg Cy
V&) |=| A1 A ... Axg (2.22)
W(x) A3l AR ... A8~ g

Aq1=K;sinh ax/R

A12= KICOSh (XIX/R

A13=-K3 sin OQX/R

Aq4=Kjcos opx/R

Aqs5=Kj5cos oyx/R.sinh 03x/R - K¢ sin agx/R.cosh a3x/R
A= K5 cos ogx/R.cosh o3x/R - Kg sin o4x/R.sinh a3x/R
Aq7=Kgcos agx/R.cosh a3x/R + Kg sin 04x/R.sinh o3x/R
A= Kg cos oyx/R.sinh a3x/R + Kg sin a4x/R.cosh o3x/R

As1=Kycosh oy x/R

Agy=Ksysinh ot1x/R

A23= K4 cos (XzX/R

Agys=Ky sin 0px/R

Anys= K7 cos oyx/R.cosh o3x/R - Kg sin a4x/R.sinh ot3x/R
Aqg= K cos ox/R.sinh a3x/R - Kg sin o4x/R.cosh a3x/R
Aq7=Kgcos oyx/R.sinh azx/R + K7 sin a4x/R.cosh o3x/R
Ang=Kg cos osx/R.cosh a3x/R + K7 sin 04x/R.sinh o3x/R

Az;=cosh o;x/R

A32= sinh (XIX/R

A33= Ccos (12X/R

Aszq= sin 0px/R

Azs= cos ayx/R.cosh o3x/R
Azg= cos oyx/R.sinh aizx/R
As7= sin o4x/R.cosh o3x/R
Asg=sin 04x/R.sinh a3x/R
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b. Operators of determinant B; ;.
IBjjl =0

B1j = by coshyy

B12 = bj sinhy;

Bi3=bacosys

B4 =Dbysiny

B1s = b3z cosys coshys - by siny4 sinhys
B16 = b3 cosyy siny3 - bg sin’y4 coshys
B17 = b3 siny4 coshy3 + bg cosys sinhys3
B1g = b3 sinys sinhy3 + b4 cosys coshys

Bp1 =Dy
By =0

by = [Kjo+v(nKy-1)+Bay 2)/R

by = [—K3a2+v(nK4-1)+{3a22] /R

by = [(K50i3-Kg0g)+V(K7-1)+B(0t 2-012))/R
by = [(Keo3+Ks004)+vKg+Bazog) /R

B31 =bgcoshy;

B33 = bg sinhyj

B33 = bg cosy2

B34 = bg siny

B35 = b7y cosys coshys - bg sinys sinhy3

Big = b7 cosys sinhys - bg siny4 coshys

B37 = b7 sinys coshys + bg cosys sinhys
B3g = b7 sinys sinhy3 + bg cosys coshy3

B41=bs
B4z =0
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bs = [012+vn(Kyp-n)+K 011 [/R?

b6 = [-a22+Vn(nK4-n)—K(x9j/R2

by = [(0t32-0,42)+vn(K7-n)+(K 503-Kgot4)/R?
bg = [20304+vnKg+(Kgot3+K50)/R?

Bs1 = bg sinhy

Bsy = bg coshy)

Bs3 = by siny2

Bs4 =Dbygcosyz

Bss =b11 cosys sinhys + bys sinys coshys
Bsg = b1y sinys coshys + bjs sinys sinhys
Bs7 = by sinys sinhyz - b12 cosys coshys
Bsg = b1 siny4 coshys - byo cosyy sinhys

Bg1=0

bg = [0;Ko(1+B)-n(K+Boy)I/R

b1 = [-0K4(1+B)+n(K3+Bay)]/R

by = [(a3K7—oc4Kg)(1+B)'D(K5+ﬁ°‘3)]/R
byy = [-(04K7+03Kg)(1+B)+n(Ke+Boyg))/R
B71 = b3 sinhy;

B72 = b3 coshy;

B73 = by4 siny

108



B74 = by4 cosy2

B75 = bis cosys sinhy3 + big sinys coshys
B7g = b1s sinys coshys + big sinys sinhy3
B77 = by5 sinys sinhys - big cosys coshy3
B+g = bys siny4 coshys - b1g cosys sinhys

Bg1 =0
Bgy =bj3

b3 = [0t3+K 011 2+0.5(3-v)na; Kp-(2-v)nZay +0.5(1-v)n 2K J/R3

byg = [03+K3092-0.5(3-v)na K 4+(2-v)n20p-0.5(1-v)n2K 3]/R3

bys = [a3(0t32-30042)+K 5(0r32+0t42)-2K g 03014+0.5(3-v)n(a3K7-04 K g)-(2-v)nZou3
+0.5(1-v)n2K 5]/R3

byg = [04(042-30632)-Kg(0132-0142)-2K 5013014-0.5(3-v)n (0t K7+0t3K g)+(2-v)n2ayy
-0.5(1-v)n2K¢}/R3

ol ol o3l o4l
=% - h=g  B=g > U=}

c. Equations for natural frequency with clamped-clamped boundary
conditions.

Substituting clamped-clamped boundary conditions for equation (2.22), equation (2.26)
becomes
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B11 B3 Bis Bisg
B21 B23 Bas Bag
B31 B33 B3s Bag
B41 B43 By4s Bag

- e e e de e w we

B> Bisa Bis B17
B2z Bos Bos Boy
B32 B34 B3s B3y
B4z Bag Bas Baz

. - 7o Ao — - - —
'
'
'
'
'
P
i
'
'
'
'
'
'
'
'
It
[}

where

B11 =k sinhy;

B12 =k coshy;

B13 =-k3siny;

B4 =k3 cosy

Bis = k5 cosyy sinhys - kg sinys coshys
Big = k5 cosys cosys - kg sinys sinhy3
B17 = kg cosys coshys + ks sinys sinhy3
B1g = kg cosys sinhyz + k5 sinys coshys
By1 = ko coshy;

B7o = kg sinhy;

Bo3=ky cosys

Bo4 = k4 siny

Bys = k7 cosys coshys - kg sinys sinhy;
Bog = k7 cosys sinhys - kg sinys coshy3
Bo7 = kg cosys sinhys + k7 sinys coshys
Bog = kg cosys coshyz + k7 sinys sinhy3
B3; =coshy;

B3y = sinhy;

B3z =cosy

B34 =siny;

B35 = cosys coshy3

B3g = cosys sinhy3

B37 = siny4 coshys

B3g = sinys sinhys

B41 = %1- sinhyy

By4p = %l coshyi
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-dy .
B43=_§'2'5111'YZ

By = %% cosY2
Bys = %3 cosy4 sinhys - %‘i siny4 coshys

Bag = SIR; cosys coshys - %4; sinys sinhys

B4y = % sinys sinhys + %41 cosY4 coshy3

By4g = %3 siny4 coshys + %4- cosys sinhys

o1l ool ol o4l
Yl=2R ’ 72=2R , Y3=2R ’ ’Y4=2R

d. Equation of Natural Frequency with Clamped-Free Boundary
Conditions.

Substituting clamped-free boundary condition into equation (2.23) with x = - LR2andx =
L/2, the natural frequency equation is written as

IDjjl=0 (2.30)
where

Djj = Bjjof (2.29) wheni=1,2,3,4 , j=12, 3,..8
wheni>4

D51 =dj coshy

D5y = - dy sinhyg

Ds3 =dp cosyz

Ds4 = - dp siny2

Dss = d3 cosys coshys - dg sinys sinhy3
Dsg = - d3 cosys sinhys + d4 sinys coshys
D57 = - d3 siny4 coshy3 - d4 cosy4 siny3
Dsg = d3 sinys sinhys + d4 cosys coshys
De1 = ds coshyy

Dgo = - ds sinhy;

De3 = dg cosyz

Deg4 = - dg sinyz
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Dgs = d7 cosys coshys - dg siny4 sinhys
Degg = - d7 cosys sinhyz + dg sinys coshy3
Dg7 = - d7 siny4 coshys3 - dg cosys sinhy3
Dgg = d7 sinys sinhys + dg cosys coshys
D71 = - dg sinhy;

D7, = dg coshy;

D73 =-djp siny;

D74 = - djp cosyi

D75 = - dy1 cosys sinhy3 - dj7 sinys coshys
D76 = d11 cosys cosys + di2 sinys sinhys
D77 = d11 siny4 sinhys - d12 cosys coshys
D7g = - d1j sinys coshys + dj2 cosys sinhys
Dgj = - dj3 sinhy;

Dgp = dy3 coshyy

Dg3 =-dj4 siny;

Dg4 = - d14 cosyz

Dgs = - di5 cosys sinhy; - dig sinys coshys
Dgg = di5 cosys coshys + dig sinys sinhys
Dg7 = dj5 sinys sinhy - dig cosys coshys
Dgg = - d15 siny4 coshys + djg cosys sinhys
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APPENDIX 3.1 Differential Operators Used in the Equation of Motion for
the Cylindrical Shell.

A. Mathematical Operators in Cylindrical Co-ordinates.

¢ =0(@, 9, 2),
a=af, 0, 2),
da, 1 Bae aaz
1 aa aa9 aa, Ba 1 drag da,
( — ( Z) + G50 - % z (A31.2)
_ ¢ 199, ¢
VO=3r + 1500 *a (A31.3)
Laplacian operator is
10,0, 192 92
2 -2 2 (p L AT A
B. The Components of the Stress Tensor in Cylindrical Co-ordiantes, 9, z.
=p+ 2uaa:r (A3 1.5)
ov
Org = u(r—~ +50.708 (A3 1.6)
00
Gop = -p+2 (20 ) (A3 17)
aVQ 10v,
A31.8
=R 1o, (A3 1.8)
Oz =-p+ Zu%v—z-z-, (A31.9)
czr=u(%v?z—+%‘%) (A3 1.10)
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C. Differential Operators Used in the Equation of Motion of a Pipe.

202 (V) 2,82 (1+n) 22 R
a2t 2 32 @ N2 500 RV 3
(1+v) 92 (1-v) ,92 32 532 )
[Dgm]= R+ R2 Q2 =
d-m 2 3x00 TR Y 52 26
d 3 52
i Rv 5 5 [1+ﬁv4+92‘éz§]~
(A3 1.11)

Y
where V4 = V2V2, V2 = Rzgagz + '8%5’ 02 = rR2(1-v2)w2/E, E is Young's modulus, v

the Poisson's ratio, r the density of material.

[ av) 9 3 v) 3 ]
Ao 0 -R3 A
> 862] 33" 2 X 302

_ 2 3-v)_, 33 92

[D = 3R2(1.v) 2 RELINY
mod ° UMBE T R 550 02
3 (v) 32 (-v) ., 03 )
R3 ~SAR——  ~R2Z 14+2—
a3 2 92 3x290 2 i
(A3 1.12)
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APPENDIX 3.2. Derivation of the Stream Function.

When the coefficient of viscosity of the fluid is considered constant, the Navier-Stokes

equation can be expressed in the following form,

DV
Dx

Lvp + 2 V(VV) +vV2V (A32.1)
p

for an incompressible fluid with constant viscosity, equation (A3 2.1) becomes,

—I%I-Y = --1- Vp + Vg Vv (A3 22)
p
where
%{L%}h V-V (A323)

in cylindrical coordinates, the velocity of the fluid is
V=V,r+Vg8+V,z (A32.4)

The correction term (V-V)V is second order in the fluid velocity [3-48], and therefore, if V
is small (as it often is for sound waves), equation (A3 2.3) can be expressed as its first

order of approximation,
DV_av
Dt ot

The term %\E{ is denoted as the local contribution of acceleration in non-steady flow. And

the term (V-V)V is the convective contribution due to translation. In fact, when oscillatory
motion in a viscous fluid is considered, the term (V-V)V should again be negligible. Let /

be the order of magnitude of the dimension of the oscillating body. In the case of pipe
vibrating with fluid, / is the diameter of the pipe, and / = d, where [ >> 9, and

§=V2vgo (A3 2.5)
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where d is called the depth of penetration of the wave. The amplitude of the oscillations

should be small in comparison with the dimensions of the body:

I20>vy and u<</ (A3 2.6)

where o = circular frequency,
u = amplitude of the displacement of the vibrating body.

In this case, it should be noticed, the Reynolds number need not be small. The above
inequality is obtained by estimating the magnitude of (V-V)V. The operator (V-V) denotes
differention in the direction of the velocity. Near the surface of the body, however, the
velocity is nearly in the tangential direction and the velocity changes appreciably only over
distances of the order of the dimension of the body. Hence

(V-V)V ~ VI ~u2 02/l

Since the velocity itself is of the order of uw. The derivative dV/dt, however, is of the
order of v ~ uw?2. Comparing these, it is seen that

(V-V)V << gV/ot (A32.7)
If u << I, the terms dV/ot and v V2V are then easily seen to be of the same order.
By introducing the vector of vorticity, curl Q,

Q=-V2y | (A3 2.8)

and from (A3 2.2) the pressure can be eliminated for two dimensional flow, we obtain

%2 = v, V20 (A32.9)

Considering equation (A3 2.7), we have

%‘3 = v, V20 (A3 2.10)
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or

V4w--1-§-V2w=0 (A3 2.11)
ot
Yo
10
V2(V2‘l’ - ““-'a*uf) ={ (A3 212)
Vo Ot

Equation (A3 2.12) can be expressed as

V2y =0 (A3 2.132)
v2v . Yy (A3 2.13b)
ng

To solve equation (A3 2.13a), let y have the form

Y = y(r) sin (nB) exp [j(wt - k;z)] (A3 2.14)
For two dimensional flow
o2y 10%y 19y d%y
o et A Y T Y
V=2 taym Tra T
=0 (A3 2.15)

This is the Euler equation. When n > 0, its solution is
y(r) = A + Brn (A32.16)

Equation (A3 2.13b) is the standard Bessel equation, so that the solutions of (A3 2.13a,b)
are

Y(r) = Art + Br? + Clkr) + DKj(kr) (A32.17)

where A, B, C, D are constants and n = circurnferential wave number,
In(kr), Kp(kr) = modified first and second order Bessel functions,
kZ=k;2 +j /v,
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k, = axial wavenumber,
o = circular frequency.
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APPENDIX 3.3 Deduction of the Velocity Profile between Two Pipes and
the Loss Factor of the System.

Radial and tangential velocities of pumping flow can be expressed as
Ve=Z [ A+ B+ C In(ke) + D Ky (k)] (A33.1)
=-A(nr™1) + B[nr@+D] - Ck I,/ &) - Dk K, (ko) (A33.2)
where

A,B,C,D = constants,

In, Kn = modified first and second order Bessel functions.

DE9)  E-DE9E-25
In(2) ~ —= {1- (2, ()éi)z) G ;(z&(si()é . (A33.3)
LEDE9)  E-DE9E-25)
Ky(2) ~ \[__[ 131 1. TN TR (A33.4)
where £E=4n2
z=kr.

Using Taylor's theorem as

f(z) = OZObm(Z-a)m,
m=0

1
bm = H f(m)(a)7
m = 0,1,

here , let m=2, and the function f(z) is expanded as a second order series.

if the function f(z) is a Bessel function In(z) or Kn(z) and is expanded at the point r=ry, let

z=k(r1 +y)
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then '
£(z) = fkry) + £ (krn) @) + 5 (kr))zr1)?

= f(iry) + £y + o) g2,

when r7 is fixed f(z) is the only function of y and where
y=0~h.
By using

k
In'(kz) = = In(kz) + k Ins1(k2)
. k
Kn'(kz) = 7 Kn(kz) - k Kns1(k2)

Equations (A3. 3.3) and (A3. 3.4) can be rewritten as

In(kr) = In(kry) Hi(y) + Ins1(kry) Ha(y) + Insatkrr) Ha(y)
Kn(kr) = Kn(kry) Hi(y) - Kns1(kr1) Ha(y) + Kns2(kr1) Hs(y)

where
HiG) =1 +nL+ 3ne1) 2

Ha(y) = kyll+ 5 2n+1) ()
Ha(y) =5 (ky)2.

By this expression,
In(k) Lo = I(kry),
Kp(kr) Lo = Ky(kry),

In(kr) |op = I(kry),

= In(kry) Hy(h) + Iy (ery) Hy(h) + Tnyo(kry) Ha(h),

Kp(kr) b = Ky(kry),

= Kp(kr) Hy(h) - Kpyq(kry) Hy(h) + Ky, p(kry) Ha(h),
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where

I, (krp) and K, (kry) can be written as the form of

ekry
In(kl'l) e Fn(krl),
V 27tkr1
1
Tyi(kry) = —=—=Fyi(krp),

/ T

K,(kry) = —— e-kry G, (kry),
n(kry . n(kry)
K. (kry) = A\ | —— k11 G i(krp)
n+i 1 2kr1 n+i 1/

or Inyi = q Fpaitkrp),
Ka+i = Q2 Gpaitkry),

where

E-1  EDE9  E-DENE-25)
Fockry) = {1- 8kr; T 21 8krp)2 3! (8krp)3 #ods
&1 (E-DE9)  E-DENE-25)
Gn(krl) = {1"‘ 8kr1 o (8}(]’1)2 - 31 (8krl)3 + } .

In the computing procedure, there is an ill conditioned point when using a very large value
of q; or small value of q,. To overcome this difficulty, the following deduction is used.
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The equation of motion (equation 3.26) of a double pipe system is
{1Ag)- Byl [l 1} [ vy wi vy wo]T=0 (A3. 3.10)

As Bessel functions are only in the matrices of Cij and ayj, [Cij] and [aij] are written as

a;1 a2 91213 928'14 |

[ ] a1 app Q1223 42824
aij = ’ , (A3 311)
az] asp qia'3z qoa'a4

L a4 agp 41843 2244 —

c11 12 91€'13 92¢'14 |

co1 C2 qi1€23 92€'24
[ei] = (A3. 3.12)
€31 €32 41€33 42€34

L. c41 €42 q1C'43 Q2C'44 —

where
q; ¢'ij = Cjjs
9 2% = 2jj
j=3,4, =12

in which the qyF,(kr) and q,Gp(kr) are substituted for I(kr) and K (kr).

[aij]'1 = {AU] / aij‘
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gy 1=

=q19

An=qqp

Ap2=qq

ayy
a1
azy

a4

a2

432

a1

asy

a12 41213
ay q12'23
azy q1a'33

a4 q18'43

a *

a'y3

a'y3

aj; app a'13

a4

d44

424

a'44
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qaa'14
qpa'n4
qoa'34

4oa'44

a'14

44

(A3. 3.13)

(A3. 3.14)



ap ayp a'y ay] ay a'ys
Ajiz= gy [ayy - A=-q, |ag = -
'y . 3'44 . - an43
So that
- —
An Ay ¢ Ay
Alz A22 L Y
1
”A' . 4 .
q; 13
1y 1.,
B ER Tog Al
[a:]-1= 2
ij , ™ (A3.3.15)

ad44

[ ci1c12q1¢13 q0¢ 14 7] -
AU A21 ° A41 ayy apg a'13 a'14
C21 €22 41623 42C'24 Avn Ay e e
1] 12 Ay ay;
[cii][a;] ' | / 2
€31 €32 9133 q2€ 34 A'talqp o e . .
) ; . , .. .oa
L c41 C42 q1C'43 QpClaq - A'1a/qy © ¢ Alyy/qy 44

(A3. 3.16)

The terms qq and g, are cancelled in the equation for [Cij] [%’]'1»
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Rewrite equation (3.24) of chapter 3 as
[aBCD]T=jo[a;]1[ vi w1 vz w,]T (A3. 3.17)

substitute (A3. 3.17) for (A3. 3.1) and (A3. 3.2), and let —v?q =1, then

o w
V=g, o y o [ta] [a5]7 [ ]T (A3.3.18)
Vo= [tod [ag]1 [Zo ] (43.3.19)
where

[ti] = [t1 to aites dotea]

[tet] = [tel g2 q1te3 Q2te4]

[ ] [a w1 i v2 aa?Z]T’

d w0 vpd W
a‘t"l, a‘t, 2 aYZ = velocities of pipes.

Obviously, the terms of q; and g, can be cancelled in the velocity profiles V,and V.

The stresses can also be obtained as

o=y L) (3] [a L (A3. 3.20)

o w:
Tro = [to] [2;]" [-5?*‘ Ir (A3.3.21)
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and then loss factor can be easily calculated from equation (3.33).

Loss factor
n= Egissipated
27 Eqotal

where energy dissipated is

2 L
Edissipated =fr2 J'f J J2n W2(er2+e002) + £:92] dtdz rd6dr
0
0
r1 Y0

Total energy in the system is

1 L2n 2
Eou=3p | | ThRi |

00

) + (o

1 r2L277:
+5Po [ | I(V92+V,2)rd9drdz

100

& =An(n-1) 1" 2-Bn(n+ Dr-0+2+C[ 2 1, (ar) - 1{’2— In() ]+D [ 2K, (kr)- -1?2» K, (k)]

£00 =An(n-1)r"2+Bn(n+1)r —<n+2>+c[f§ I, (kr)- -lrf I',(kr) ]+D [I%Kn(kr) - % K, (kn) ]
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€ro =An(n-D)r*2-Bn(n+1)r -(n+2)+c[»;“§ I (k)+ % I (kr)-I" (k) |

+D[ Kok + 1 Kk Ko (k)]

where
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Appendlx 3.4: Flow Chart of the Computer Program for predicting the
Loss Factor of the Double Pipe Damping System.

Begin

;

Input data:

R17 Rz,hlthah
n,m,L,P, U

Y

f=f0

-

Subroutine
Bessel Function

In(kR;), Kn(k Ry
In(k Ry, Kn(k Ry)

i Bessel Function

Y

[AA] = aij 1! - Inverse

y

N,
[Bi,j] = [ Bi,i }
AN

Y

[DC] = [Ci,j]

Y

[AAT] = [AA]T -3 Transpose of a matrix

Y

[AC] = [DC].[AA] | Multiplication

A |

[BC] = [B].[AC] > ?

v
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[AB] = [AH]-[BC]

Minus

;

| ABi,j |

Y

Determinant

V1/W1,V2/W1,W2/W1

L]

L
RGN

L
2
+So 8r()dy

Integration

Y

L 2
Srovievh) ay

|

Energy dissipated

'

Total energy

L

EDissipated
n= —————
27 E Total

Y

f=fo+Af

'

if >f max

‘ Yes

END
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APPENDIX 6. Design of an acoustic horn.

The basic equation of an acoustic horn is [29):

2 9 _ 1%
572(%+ %Eé—x{ln S6N) =55 (A 6.1)

where
p = the pressure of sound in the acoustic horn,
x = distance of axis from the throat of horn,
¢ = speed of sound,

The plane wave solution is

p= (%) eri(w/e) (xx - ct (A 6.2)

where
B = constant,
y = radius of horn at distance of x,
T = transmissibility,

. = cut off frequency,
Cy, = the flare constant,
for an exponential horn, the radius of the hom is

y =yg exp (Cy x/2) (A 6.3)

where yq = radius of throat at x = 0.

Section area is
S = §p exp (Cpx) (A 6.4)
where Sy =1t (2y)2.

Sound pressure is
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P=P, exp[-%‘—’f -5 T (ux -ct):l. (A 6.5)

Particle velocity is
v=—-l——['t —j“—’&]p " (A66)
Poc w

and resistance rate is

R = poc -\ /1 - (5"—@}2 (A 6.7)
(O]

radiated power is,

PA = %v0280poc 1 - ('%)2 (A 68)

®
If the radii of the throat and the mouth of horn are y, and y; respectively, the length of

the horn can be written as

2.y
L=xIn=— .
N n Yo (A 6.9)
and from equation (A 6.3), the profile of the horn can be determined.
For cut off frequency of 500 Hz, 2yo = 25.4 mm and 2y; = 211 mm, the designed

length of horn is 580 mm.
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