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This study investigates the performance of the active strategy of Direct Velocity Feedback control (DVFB) in 

reducing vibration transmission from a flexible vibrating base to a mounted equipment structure. The first 

objective of coupling an active controller to existing passive mounts is to attenuate the low frequency 

amplification effect generated by the passive isolation system. Passive damping can be added in the mounts to 

limit this adverse effect but this decreases the high frequency performance provided by the passive isolation. In a 

previous study, a large vibration reduction was achieved using DVFB control on a rigid piece of equipment, 

whose rigid body modes were shown to be strongly reduced despite the flexibility of the base and without any 

effect on the high frequency isolation. The main advantage of absolute velocity feedback control is the extreme 

simplicity of the technique, which provides a decentralised control with a minimum of signal processing. 

Motivated by the good results obtained for the isolation of rigid equipment structures, this study extends the 

control strategy to the isolation of large flexible structures coupled to a flexible vibrating base structure by a set 

of passive isolators. Both the equipment and base structure flexibility has to be accounted for as well as the 

multi-transmission paths created by the use of several passive mounts. The final objective is not only to estimate 

the local reduction of the control at the mount junctions on the equipment structure but to assess the global effect 

of the control on the equipment structure dynamics 

A simple rigid equipment mounted on a single mount is first considered to assess two practical methods of 

implementing the control, using either reactive or inertial actuation. An inertial actuator is shown to have 

stability limits at low frequencies, which are inherent to the actuator dynamics, whereas a reactive control force 

can provide an unconditionally stable plant to control. Inertial and reactive DVFB controls are then implemented 

on a mounted flexible composite panel at the mount junctions. Both single and multichannel controllers are 

considered in simulations and experiments. Both inertial and reactive controls exhibit low frequency instability 

that limits the maximum feedback gain. Because of the actuator dynamics, an inertial implementation appears to 

be more gain-limited than a reactive implementation, which provides strong local isolation above 100 Hz as each 

control channel then generates a skyhook damping effect. A large attenuation is thus obtained in the frequency 

range of passive isolation amplification for a reactive control, which is not destabilised by the longitudinal 

resonances occurring in the mounts. The experimental implementation of the reactive control also encounters 

stability problems at high frequencies which appear to be due to the actuator dynamics. The isolation effect of 

DVFB control is rather local but an implementation of three control channels, one at each mount junctions, 

provides global control over the equipment. 
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Chapter 1 

Introduction 

Isolating a piece of equipment or any sensitive structure from a vibrating base structure is a very 

common problem in the field of mechanical engineering. Very little can usually be done to reduce the 

vibration of the base, which is often characterised by a complex dynamics and strict design 

requirements. Mechanical engineers have, for a long time, solved the problem of vibration isolation 

by designing passive isolation systems based on compliant material, such as rubber, to decouple the 

equipment dynamics from the base dynamics. Typically the base vibration is seismic, with an 

unpredictable waveform, so that passive isolators have to deal with broad band excitation spectra. 

However, passive systems for the isolation of equipment from base vibration involve an inherent 

compromise between good high frequency isolation, which requires low values of isolator damping, 

and limited excitation of the rigid body modes, which requires high values of isolator damping [1-7]. 

This trade-off is illustrated in Figure 1.2 which shows the modulus of the transmissibility function ,T, 

as defined in equation (1.1) and derived from the single degree of freedom isolation system in Figure 

1.1. 

i + 2 X , _ a (1.1) 

W„{M) 1 - Q ' + 2 X , _ £ 2 

where 

W,. and Wh are the equipment mass and base displacement respectively, Q. = is the normalised 

excitation frequency, co = — is the resonance frequency, ^ . = is the passive damping 

ratio, c is the passive damping constant, and = 2-%/^ is the critical damping. 

As the viscous damping in the mount and therefore the damping ratio increase, the rigid body 

resonance is attenuated but the high frequency efficiency of the isolation is reduced. The high 

frequency asymptotic value of the transmissibility of equation (1.1) is given by equation (1.2), from 

which it is clear that the transmissibility is proportional to the damping ratio in this frequency region. 
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Equipment 
Structure 

Passive isolator 

Base Structure 

Figure 1.1. Single degree of freedom low frequency model of passive isolation system. 

Dampr̂  rabo * 10 % 
- Damping ratio = 30 % 

O)-10 

Normalised frequency 

Figure 1.2. Transmissibility modulus for two different values of damping ratio 

r(co —> +°°) = -
a 

(1.2) 

The adverse effect of the passive damping at high frequencies is due to the fact that it increases the 

coupling between the base and the mounted structure. The net effect of a passive isolation, as shown 

in Figure 1.2, is to amplify the vibration transmission below cô , = V2co,_ and to provide some 

attenuation above this frequency. Soft mountings are generally used since they generate low rigid-

body resonances of the mounted system and thus reduce the frequency band of vibration 

amplification. However, if the isolator mounting frequency is too low, there are potentially problems 

with static stability. Passive isolators thus provide, in general, an efficient way of reducing vibration 

transmission, but they are subject to various trade-offs when low frequency broad band excitations 

are involved. One should note that all these observations are also valid for the reciprocal situation of 

the isolation of a supporting structure from the vibration of a mounted system, although this is not the 

issue of interest in this thesis. 
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At low frequencies, where passive methods fail to be efficient, active control systems are known to 

be able to enhance the performance of many mechanical isolation systems, in structural dynamics [8, 

9] as well as in acoustics [10]. It may be possible to couple an active device to the existing passive 

isolators in order to reduce the vibration transmitted to mounted structure, especially in the low 

frequency range of vibration amplification. This study reports an investigation into the effect of the 

control strategy called Direct Velocity Feedback (DVFB) control, in enhancing the vibration 

attenuation provided by a passive isolation to a suspended structure, termed as equipment. As already 

discussed, the design of passive mounting systems for the reciprocal problem of ground isolation 

from mounted machinery vibration generally follows the same rales as the isolation of a mounted 

equipment from a vibrating base structure. It can be noticed, however, that the two isolation schemes 

start to diverge as active isolation is introduced. The excitation spectrum of mounted machinery is 

often dominated by harmonic components so that feedforward control can then be implemented in 

place of feedback control. Active isolation from mounted system vibration using feedforward 

techniques has already been largely studied [11, 12]. 

Chapter 2 explains the use of DVFB control in the active isolation of equipment and how it enables, 

in principle, the synthesise of skyhook damping at the control point. A skyhook damping effect can 

strongly reduce the rigid body resonance shown in Figure 1.2 without debasing the high frequency 

performance of the passive device. The effect of skyhook damping generated by velocity feedback is 

well known [13] and has been shown to give strong isolation improvement on mounted rigid system 

[14-16]. The second interest of DVFB control, discussed in chapter 2, is its extreme simplicity as the 

secondary control force is directly proportional to the velocity monitored at the control point. 

Moreover, an extension of DVFB control to multichannel control gives a decentralised controller 

which greatly simplifies the wiring and reduce the number of operations to be performed by the 

controller on the control signals [17, 18]. Rules for the analysis of DVFB control stability are given 

in chapter 2 for single and multichannel control. 

In chapter 2, perfect DVFB control, with an idealised control force, is presented. Chapter 3 tackles 

the practical issue of secondary force actuation, and in particular, unlike many studies on skyhook 

control [14, 19], the realistic situation of a flexible vibrating base structure is considered. No inertial 

ground is therefore available to react the secondary force off. Two ways of force actuation are then 

available in practise: a reactive actuation and an inertial actuation. Both of these methods are 

analysed in chapter 3 for the implementation of DVFB control of a rigid equipment mounted on a 

single dimension mount. The expression for the associated plant responses is derived and the stability 
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characteristics of the control are discussed for each type of actuation. Restricting the control 

implementation analysis to a rigid equipment and to a single mount passive isolation enables us: 

® to fully concentrate on the effect of the dynamics of the reactive or inertial actuator on the plant 

response and on the resulting control performance. 

» to analyse the useful and practical issue of isolating mounted rigid equipment. For instance, the 

isolation of rigid boxes containing electronics. 

The main outcome of this analysis was to demonstrate the unconditional stability of a reactive DVFB 

control system for rigid equipment mounted on a single mount, regardless of the base dynamics. 

Controlling vibration transmission to a flexible structure is a challenge addressed very early in the 

development of active systems. The objective of controlling of large flexible aircraft or satellite 

panels motivated many researches and early studies on active vibration control (AVC) [20]. This is 

also a central interest in active structural acoustic control (ASAC), which tackles the mechanism of 

sound generation and attempts to control a vibrating structure in order to decrease the radiated 

acoustic power. In the second part of the thesis, consisting of chapters 4, 5 and 6, active isolation 

using DVFB control is extended to the control of flexible equipments. These are usually large 

structures that imply, in practise, multi-mount passive systems because of static stability 

requirements. There are then several connections between the base and the equipment structures and, 

therefore, as many vibration transmission paths to the equipment, so that multichannel control will be 

necessary to achieve good isolation. 

A passive mounting system is usually designed for global attenuation of the suspended equipment. 

The strategies of DVFB control and skyhook damping are, however, local control strategies. They 

can be rather easily implemented in a global isolation scheme for rigid equipments [15, 16] but this is 

not necessary the case when flexible equipment structures are involved. The efficiency of DVFB 

control can be estimated locally on the flexible equipment at the control points, as done in chapters 4, 

5 and 6, but it is clearly not the optimal objective of an active controller if enhancement of the 

passive isolation performance is to be achieved. Local control of the equipment structure at the 

junctions with the mounts is based on the idea that control is efficient when applied at the sources of 

disturbance [21]. In order to apply global control with a direct feedback strategy, the quantity to be 

considered should, in principle, be the power at the junctions between the mount and the equipment 

structure, which does not involve only kinematic information (velocity) but also dynamic information 

(force) [21-24]. The power relative to different degrees of freedom has, moreover, to be taken into 
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account since not only axial but also rotational excitations in the mounts propagate to the equipment 

structure contributing to generate out-of-plane vibration. Gardonio showed in [25] that for a two plate 

system coupled by three passive isolators, an optimal feedforward control using a cost function of the 

square values of the velocities at the equipment plate junctions with the mounts was giving almost as 

good global vibration isolation over the equipment of harmonic disturbances as an optimal control 

using a cost function based on the input power estimation. This means that controlling only the 

velocity on the equipment at the junctions with the mounts may provide good control of the vibration 

transmission to the suspended equipment. The strategy of DVFB control does, however, not look for 

a perfect cancellation of the disturbances as a feedforward controller does but aims to add 

appropriate damping so that vibration transmission can be significantly reduced. Here lies a large 

interest of this study which is to estimate if the simple strategy of DVFB control can provide global 

out-of-plane vibration reduction over the whole suspended equipment sturcture. The existence of 

flexural waves in the mount and therefore the rotational excitation of the equipment is an extra 

challenge for the control since only axial control forces can be supplied by the secondary actuators 

used experimentally. Gardonio [25] showed that this could limit the control efficiency at high 

frequencies. 

These questions are addressed in chapters 4, 5 and 6, which consider the performance of DVFB 

control in reducing bending vibration responsible for the out-of-plane displacement of a mounted 

flexible composite panel. 

Chapter 4 presents an experimental analysis of the performance of an inertial implementation of 

DVFB control on a suspended composite panel equipment. Single-channel as well as multiple 

channel controls are investigated by control simulations based on the measurements of the 

appropriate plant responses. A real single-channel control is also implemented at one mount junction 

on the equipment panel. This chapter is largely focused on the local effect of the controller which is 

sufficient to clearly exhibit the limitations existing in the use of inertial devices to implement DVFB 

control. 

hi comparison to chapter 4, chapter 5 and chapter 6 study the performance of a reactive 

implementation of the control on a suspended composite panel equipment. Single and multiple 

channel controls are also considered. Close attention is paid to the stability of the control loop with a 

reactive implementation of the actuator, as it showed very interesting properties, as reported in 

chapter 3. 
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A model of the reactive isolation system designed for subsequent experiments is developed in chapter 

5. It enables a first estimation of the control stability and, above all, of the global performance of the 

control by calculating the input power in the mounted panel under control at the mount junctions. 

Accounting for both axial and rotational excitation in the mount, the model allows us to discriminate 

between vibration transmitted by axial or by rotational excitation. It thus offers a useful benchmark 

of the real capacities of axial control forces. 

Chapter 6 is focused on the experimental implementation of the control. The stability of different 

experimental control systems is assessed. Practical limitations on the use of high gain control are 

pointed out and analysed before implementing real single-channel controls and an equal gain 

multichannel control. The control effect is not only monitored at the mount junctions but also at five 

other locations on the equipment so that an estimate of the kinematic energy of the equipment panel 

can be obtained in order to determine the global isolation effect of the implementation of DVFB 

control on the equipment plate. 

One should keep it mind that this study is dedicated to vibration control. This means that, even 

though active isolation of a flexible panel could be used in an ASAC study, any sound radiation 

control through active isolation of the mounted panel is beyond the scope of the work presented in 

this thesis. Reduction of the vibration pattern of a system does not automatically induce a reduction 

of the radiated acoustic power, since the dominant structural modes of vibration are not necessarily 

the modes of high radiation efficiency [26, 27]. Acoustic measurements should have been performed 

to test the effect of DVFB control on the radiation characteristics of the plate so that one should not 

see an attempt of ASAC in the work carried out. 

The main contributions of this thesis are, 

1) The development of analytic models for analysing the stability of single-channel DVFB systems 

with both reactive and inertial actuators. 

2) The experimental investigation of multichannel DVFB systems with both reactive and inertial 

actuators. 

3) The analysis of the effect of equipment and base flexibility on DVFB systems and the global effect 

of local controllers in such systems. 
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Chapter 2 

Theory of Direct Velocity Feedback Control 

and the Skyhook Damping effect 

2.1. The use of feedback control 

To improve the performance of a passive isolation in reducing vibration transmission, a controller 

generally has to account for primary excitation of random type or transient disturbances. This implies 

that an active isolation system must be able to apply a broad frequency band control. The study 

reported in this thesis investigates vibration reduction on systems connected to a primary vibrating 

structure by passive mounts. The transmission paths are then clearly identified and reference 

excitation signals, at the connection points between the mounts and the vibrating base, are, in 

principle, available. The question of using a feedforward approach can therefore be addressed. A 

feedforward control system would be required to produce a model of the complete system dynamics 

in order to generate the correct secondary forces. The computation must be done digitally especially 

in the case of adaptative control. The time necessary to compute the optimal control output for a 

broad band control and the phase shifts associated with any digital system (analogue anti-aliasing and 

reconstruction filters, analogue-to-digital and digital-to-analogue converters) would quickly limit the 

optimal performance of such a controller. Finally the use of an optimal digital feedforward controller 

goes against the philosophy of keeping the control system simple. 

A feedback system offers the possibility of good broad-band control by implementing a rather basic 

analogue controller. However, feedback generates an input into the system under control, a secondary 

force, which is already the result of the system response. This close loop feature is the cause of the 

danger of instability that limits the use of feedback system. The stability of the controller is therefore 

one of the main issues which must be addressed in this study when estimating the performance of the 

different control systems. 
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2.2. Single-channel skyhook damping 

2.2.1. Single-channel feedback control 

Figure 2.1 shows the block diagram of a typical single channel feedback control system for 

disturbance rejection. 

Primary 
disturbance 

Secondary 
actuator signal 

Feedback controUa^ 

Figure 2.1. Electrical block diagram of single channel feedback control system. 

The frequency response at the sensor output of the given equipment to a control force in the absence 

of any primary base excitation is that of the system under control, commonly termed the "plant". It is 

convenient, in practise, to include the control actuator and the control sensor dynamics in the plant so 

G is now the transfer function between the signal input in the control actuator u and the output of the 

control sensor, y. The total response e of the system under control, also termed the error, is therefore 

the addition of the response to a secondary output, y with the contribution due the primary excitation 

acting on the base structure, also termed the primary disturbance, cL The total system output, e, is 

then fed back to the actuator input via a controller, defined by its frequency response, / / ( / C O ) . The 

negative sign in Figure 2.1 accounts for the negative feedback. For a stable system, the performance 

of such a feedback controller can be estimated using the sensitivity function defined in the frequency 

domain as the ratio between the control system response, e and initial disturbance, d. 

1 (2.1) 

As discussed in many books on control [8, 28], if at a frequency CO the open loop frequency response 

G(j(sS) / / ( / C O ) has little phase shift and simultaneously a large enough gain so that. 

(2.2) 
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then 

d(;co) 
« 1 or « k(7(o) 

At this frequency m, the response of the mechanical system is then greatly reduced when the 

controller is acting. It is clear, on the other hand, that the system tends to instability as the open loop 

function approaches the value -1, since the denominator of the sensitivity function tends to zero. 

Another way to look at the notion of stability is to state that the control system will face some 

limitations if at one frequency the phase shift in the open loop frequency response is 180°. This 

means that the delay in the control loop is such that the controller has an effect on the system which 

is in-phase with the primary excitation and in which case 

1 (2.4) 

The gain margin GM can be defined as the gain increase (in dB), i.e. the increase in l//((Oe)l, necessary 

to cause instability. 

= 20 
G(coJ#(coJ 

(2 5) 
- 2 0 Z % J G ( ( D j / / ( c o J 

This brief description of a single-channel feedback control system demonstrates the importance of 

analysing the open loop function, since it gives a strong insight into the limitations and performance 

of a controller. The Nyquist representation is therefore a powerful experimental tool to assess the 

characteristics of a control system. It consists of plotting the real part versus the imaginary part of the 

open loop frequency response as co varies along the frequency range of interest. The Nyquist criterion 

states that for a stable open loop system the closed loop system is also stable provided the Nyquist 

contour does not enclose the unstable point (-1,0/) [29, 30]. More practically, the Nyquist 

representation allows us to estimate the frequency ranges of expected reduction and amplification of 

the system vibration under control by looking at the distance of the open loop contour to the unstable 

point. 

For DVFB control, the controller is a simple gain h so that the Nyquist analysis of the open loop 

frequency response GH can be reduced to the consideration of the plant response G considering a 

unitary control gain {h=\). The value of the maximum gain, h,„ax, can then be easily determined 

looking at the largest value, a, of the real part of the plant response as it crosses the negative real axis 
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of the Nyquist diagram. The open loop response for a pure gain control will then hit the unstable 

point (-1,0/) for a feedback gain Amajc such that 

. _ 1 

" " " " i d 

(2.6) 

2.2.2. Skyhook damping versus direct displacement and acceleration feedback 

A feedback control system requires the measurement of a quantity characterising the response of the 

system under excitation. Considering, as shown in Figure 2.2, a rigid piece of equipment of mass m 

mounted on a vibrating base via a mass less mount represented by a spring, k and a passive damper, c, 

in series, three quantities are then available for basic feedback control: the displacement, , the 

velocity, and the acceleration of the equipment, . Therefore, for a simple proportional control 

combining the three feedback possibilities, the secondary force can be defined as. 

(2.7) 

where hj, K and ha are the control gains associated with the displacement, velocity and acceleration 

control signal respectively. 

Figure 2.2. Skyhook feedback control on a SDOF isolation system 

Considering the base to be rigid, the transmissibility factor T can then be derived to assess the effect 

of each control strategies in improving the mounted mass isolation. 

From Newton's second law of motion, it can be written that, 

(2.8) 

10 
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(f) - (f)) - (f) - (r))+y; ( f ) = ( f ) (2.9) 

Since the system is linear, it can be written for an harmonic excitation of frequency co. 

(A: + (;m) - (A: + + ycm + )%, (;m) = (ym) (2.10) 

where/j has been substituted from equation (2.7), and so 

(ym) k + jcco 

(i®) k + h^+ j{c + h^)(}i-{in + )co ̂  

(2 11) 

The three strategies of displacement, velocity and acceleration feedback control leave the numerator 

in the expression for the passive transmissibility unchanged, whereas the absolute value of the 

denominator seems to increase, since the secondary force is only function of the equipment motion. 

This leads to an overall increase of the mounted system impedance for each feedback control but to 

different results in terms of performance as shown below in Figures 2.3(b), 2.4(b), 2.5(b) and 

illustrated by the representation of the mechanical effect of the controls in Figures 2.3(a), 2.4(a) and 

2.5(a). 

Direct displacement feedback: {hy, AJ=(0, 0) 

k=h. 

A 

A -

(a) 
1.5 2 2.6 
Normalised frequency 

Control off 
Control on 

Figure 2.3. Mechanical representation of diiect displacement feedback control on a SDOF isolation system (a) 

and corresponding performance compared to pure passive isolation, (b). 

11 
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This is equivalent to adding an extra spring connecting the mounted mass to a fictitious inertial 

ground. The vibration level is then reduced at low frequencies. The resonance is shifted up in 

frequency but not significantly damped as desired. Therefore the control does not enable us to obtain 

a reduction of the vibration level over the whole frequency range. Moreover for the control to have 

an effect, the feedback gain hd must be of the order of magnitude of the mount stiffness k which 

implies in practise a very high amplification of the displacement signal. 

Direct velocity feedback: {h ,̂ Ag)=(0, 0) 

(a) 

Control off 
Control on 

i a 2 2 5 
Normalised frequency 

Figure 2.4. Mechanical repiesentation of direct velocity feedback control on a SDOF isolation system (a) and 

corresponding performance compared to pure passive isolation, (b). 

This is equivalent to connect the mounted mass to an inertial ground with a passive dashpot of 

damping constant h .̂ This control is then called skyhook damping. It allows us to damp efficiently 

the resonance due to the passive isolation without debasing the high frequency performance of the 

passive isolator, unlike passive damping, since the secondary force is independent of the base 

velocity, . The main drawback of the passive isolation performance is thus suppressed and the 

good high frequency performance of the passive isolation remains unaltered. An equivalent active 

damping ratio can then be defined as 

K (2 12) 
2-\lkm 

Direct acceleration feedback control: {h ,̂ Ay)=(0, 0) 

This is equivalent to adding a mass ha on top of the system. The already-good high frequency 

performance of the passive isolation is thus strongly improved. Moreover rather low feedback gains 

12 
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are required for the control to be effective. However the resonance is shifting down in frequency with 

an increasing amplitude since the global damping ratio decreases as the effective mass increases 

(2.11). Acceleration feedback does not enable to remove the limitation of a passive isolator since it 

does not attenuate the mounted system resonance. 

A 

A ' . 

(a) 

Control on 
Control on 

^ 2 
Normalised frequency 

Figure 2.5. Mechanical representation of direct acceleration feedback control on a SDOF isolation system (a) 

and corresponding performance compared to pure passive isolation, (b). 

2.2.3. Velocity feedback stability 

It clearly appears that only direct velocity feedback (DVFB) enables us to attenuate efficiently and 

even to cancel the resonance of the mounted system which is what limits the efficiency of passive 

isolators. This good performance of DVFB can be easily understood looking at Figure 2.6 which 

shows the Nyquist plots of the plant responses for displacement, velocity or acceleration feedback. 

This is equivalent to look at the Nyquist plots of the corresponding open loop frequency responses 

with a gain factor, h ,̂ hy or /z„, as discussed in section 2.2.1. In Figure 2.6(b), the whole Nyquist 

contour is located in the positive real part of the plane. Therefore as the gain hy increases, the contour 

expands in the same half plane and each of its points goes further from the unstable point (-1,0/), thus 

providing disturbance attenuation at all frequencies. This positive real feature is characteristic of the 

input mobility function of a structure regardless of the system considered. The plant response Gy for 

the lumped mass-isolator system in Figure 2.4 given in equation (2.13) is clearly an input mobility as 

the velocity response is collocated with the secondary force. 

1 (2.13) 

13 
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Therefore its phase response is known to be between ± y , which guarantees the open loop 

frequency response to be on the right hand side of the Nyquist plot. The control system is thus 

unconditionally stable and vibration reduction are expected at all frequencies, which explains the 

large disturbance reduction observed in Figure 2.4(b). This is not the case for displacement and 

acceleration feedback controls, for which part of the plant response contour lays in the negative real 

part half plane as shown in Figure 2.6 and expressed in equations (2.14) and (2.16). 

(2.14) 

n 
— rotation of the Nyquist plot of Gy so that 

-;r < < 0 (2 15) 

and 

(2.16) 

Y rotation of the Nyquist plot of and 

0 < Z G . < # (2 17) 

^ 

l m ( Q ) 

Fle(Gj / Re(G,.) * 

(^ ^) (^ 

Figure 2.6. Standard shape of Nyquist plot of plant response for displacement (a), velocity (b), and acceleration 

(c) feedback on SDOF isolation system. 

Direct displacement and acceleration feedback controls are still unconditionally stable when there is 

passive damping in the system, as the Nyquist contours do not cross the negative real axis. However, 

they generate vibration amplifications at high frequencies for displacement feedback and at low 

frequencies for acceleration feedback. Another interesting observation can be made on velocity 
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feedback using this simple analysis of the different Nyquist plots. An extra phase shift 

can be added to the plant response G„ without it crossing the negative real part axis. This means that 

velocity feedback is very robust to any unmodelled delays in the feedback control loop, usually due 

to the actuator, sensor dynamics or to the time required by the controller to process the control signal. 

The robustness of velocity feedback is discussed more mathematically by Fuller et al. [8]. 

2.2.4. Soft mounting 

As noted in the previous section, skyhook damping is effectively applied in parallel with passive 

isolation, as the secondary force is directly applied on the mounted equipment. Such an active 

enhancement of the passive isolation is called soft mounting. Beard et al. [19] discussed the use of a 

secondary actuator in series with the passive mount. Such a control system is described as having a 

hard mounting. This involves the control of an intermediate mass situated below the passive isolator 

which renders the control less dependent on uncertain payload dynamics and thus provides a better 

system to control. For such a control system, however, the actuators require a large stiffness and are 

then typically made from piezoelectric materials. Their maximum displacement is of the order of 10 

jam for a 1 cm long actuator which does not afford a sufficient throw to control the amplitude of the 

seismic vibration considered in this study for which electrodynamical devices are used. 

2.3. Multichannel skyhook damping control 

2.3.1. Decentralised DVFB control and skyhook damping 

In the case of multi-mount isolation systems, either for flexible or rigid equipment control, several 

secondary forces are necessary for good control and therefore a multichannel controller is required. 

An equal gain decentralised collocated control is the most straightforward multichannel approach that 

can be designed. The implementation of such a controller is originally motivated by simplicity, rather 

than on the optimisation of performance. Keeping the controller simple allows us to fully concentrate 

on the mechanics of the system and the potential of the chosen control strategy. If strong vibration 

attenuation can be achieved with decentralised direct velocity feedback (DVFB) control, further 

reductions may then be possible using standard signal processing techniques on the sensor signals. 
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Considering a vibrating flexible structure acted on by inertially-reacted force actuators, Balas [31] 

showed that there were no stability limitations for decentralised collocated control using direct 

velocity feedback provided, 

(0 equal number of collocated actuators and control sensors are used, 

(ii) the actuators do not excite the modes associated with zero frequency (rigid body modes). 

Since this study deals with the isolation of suspended structures, any rigid body modes of the 

mounted structure are controlled by the stiffness of the passive mounts. This prevents any zero-

frequency modes from being present and thus condition (ii) is always satisfied. 

A stable vibrating system controlled by N independent channel using DVFB control is considered. At 

a time to, the plant dynamics are characterised by a kinetic energy Ej,{to). When an extra control loop 

is operating at a point c, the control sensor monitors a velocity v^^to) and the secondary actuator 

applies an ideal secondary f o r c e s u c h that, 

the power input in the system is then, 

and 

(4 ) )=^ (f„ )|' j = ) | 
A f . ( ^ - 2 0 ) 

2 

Equation (2.20) shows that the power input on the control system at any time to is negative and the 

resulting kinetic energy of the system is thus reduced by the effect of the extra loop. This discussion 

gives an insight into the stable properties of collocated DVFB, implementing perfect skyhook 

damping at each control point as represented in Figure 2.7 which illustrates the passive effect and 

therefore the stability of collocated multichannel DVFB control. 
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Figure 2.7. Equivalent mechanical effect of collocated multichannel DVFB control. 

The complete proof of the control stability given by Balas is based on the assumption of perfect 

skyhook dampers, i.e. perfect control forces reacting off an infinite impedance ground as in Figure 

2.7. Such a rigid ground is often not available in practise. The secondary forces must therefore react 

off another system, which may have significant dynamics, as considered in this study. Strictly 

speaking, the control is no longer collocated because of the contribution to the sensor output from 

this reactive force, and the control stability is not guaranteed. A large part of the implementation of 

DVFB control on the isolation systems presented in this thesis is dedicated to the analysis of the 

control stability. 

2.3.2. Stability assessment for multichannel feedback control 

Pdmary 
disturbance 

Feedback controller 

Figure 2.8. Electrical block diagram of multichannel feedback control system 

For multichannel control, in the absence of primary excitation, the control signal at one point i, y, is 

the results of N secondary actuators driven by the input signals Uj so that: 

(2.21) 

j=i 

The plant response of the system is now defined by a matrix G of transfer functions between the 

points of control actuation and control sensing as 
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y = ( ; u 

where y is the vector of the control signals at the sensor outputs in the absence of primary disturbance 

and u is the vector of secondary shaker input voltages. The controller operations are also defined by a 

matrix H relating the control sensor signals to the actuator driving voltages. The multichannel 

sensitivity function can then be written as 

e = (I + GH)"'d (2.23) 

where e and d are the control system response vector and the primary disturbance vector respectively. 

The stability criterion can then be generalised such that the locus of the determinant A must not 

enclose the origin, where 

A(;(D) = + G(;(o)H(;m)) (2.24) 

Using the eigenvalue decomposition method, equation (2.24) can be written as 

][[ (2.25) 

where the X°" (jco) are the N frequency dependent eigenvalues of the open loop frequency response 

GH [30] which must each not encircle the (-1 jO) point for stability. 

Multichannel DVFB control is a decentralised control strategy which means that one sensor is 

associated with one actuator such that the controller is composed of N independent control loops. In 

other words, the controller does not couple the control loops and H is a diagonal matrix. Equal 

control gains were implemented in the experimental control systems so that the controller can be 

simply expressed as 

H = M (2.26) 

and so 

G H = AG (2.27) 
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The eigenvalues of the plant response matrix 1° are related to the eigenvalues of the open loop 

response by 

The stability assessment is then reduced to the analysis of the frequency dependent eigenvalues of the 

plant matrix G, as if N independent single-channel control systems were considered. The control gain 

is then limited by the eigenvalue associated with the most stringent stability condition. 
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Chapter 3 

Reactive actuation and Inertial actuation 

3.1. Introduction 

As presented in chapter 2, absolute velocity feedback theoretically offers good control by adding 

active damping to a vibrating system. It is particularly useful in applications for the isolation of 

mounted systems, since it can provide a strong reduction and even cancellation of the extra 

resonances created by the insertion of passive mounts, without affecting the high frequency 

performance of the passive isolation. However, skyhook damping is an ideal implementation of 

DVFB control since it assumes, according to Newton's principle of force reaction, an extra structure 

with infinite impedance off which the secondary force can react, as shown in Figure 3.1(a). Perfect 

skyhook damping is therefore encountered in practise when DVFB control is implemented in parallel 

with the passive mounts, i.e. in a reactive way, to isolate a mounted system from a rigid vibrating 

base structure, as shown in Figure 3.1(b). 

Inertial ground 

/. gain gam < 

Equipment Equipment 
A 

Mount /; 
A 

Mount 
A 

Rigid base structure 

Figure 3.1. Schematic of theoretical (a) and practical (b) conditions for perfect skyhook damping. 

This can be extended to the control of systems with base impedance much greater than the impedance 

of the equipment coupled to the passive mounts. The assumption of perfect skyhook damping for the 

use of reactive actuator may, however, be less and less satisfied as the frequency increases since 

resonances with significant magnitude can appear in the base structure whose dynamics must then be 

taken into account. Moreover, for a wide class of practical problems, the base structure has also a 

significant effect on the system dynamics at low frequencies, in the range of the blocked mounted 

equipment resonances. Therefore, the control study developed and summarised in this thesis has 
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considered the realistic case of a flexible vibrating base structure in order to encompass all practical 

isolation system configurations. 

Since an ideal inertial ground as shown in Figure 3.1(a) is not generally available, another support 

has to be found to react a control force off. There are two obvious practical methods of implementing 

the control in order to apply a secondary force on the suspended equipment. 

Reactive control: The control force/« is inserted between the base and the equipment in parallel 

with the passive isolation. A secondary force/„ is thus generated on the equipment by reaction off 

the base structure as shown in Figure 3.2(a). This is known to provide perfect skyhook damping 

in the case of a rigid base as already discussed. 

Inertial control: An extra mass is mounted on the equipment to provide an inertial body, of mass 

Ma, on which the control actuator force, fa, can react off. This generates a secondary force on 

the equipment which is different from/a 

\Gain/ 
i 

Equipment 

f . 
4 V 

* 

Mount 
A 

A 

A ^ n A Base structure 

Reacting mas 

Actuator 
Suspension 

Equipment 

Mount 

Base structure 

Figure 3.2, Principle schematic of direct velocity feedback control implementation using a reactive actuator (a) 

or an inertial actuator (b). 

Unlike the perfect inertial ground, the flexible base as well as the actuator reacting mass are 

characterised by their own dynamics, which are going to modify the perfect plant response in 

equation (2.13). The stability and the performance of skyhook damping discussed by Balas has 

therefore to be reconsidered. This chapter is thus focused on the determination of the physical plant 

response for the two cases of reactive and inertial control implementation. We will consider here a 

single degree of freedom isolation problem in vertical translation since active controllers of 
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suspended equipments are usually concerned with translational directions, as in the experimental 

works carried out in this thesis. Some of this work has also been reported by Elliott et al [32]. 

3.2. Reactive actuator for skyhook damping 

This practical problem differs from theoretical skyhook control since the base is now considered 

flexible. The mounted equipment undergoes a primary disturbance generated by some excitation on 

the base structure. The secondary force reaction off the base can now be regarded as a second source 

of disturbance, since it will generate base vibration. This extra disturbance is transmitted through the 

mount to the mounted equipment, whose velocity is measured and then fedback to the controller. 

This mechanical feedback in the control will modify the plant response G given in equation (2.13) 

and is potentially a source of instability. In other words, the plant under control is not the same as 

that considered above since the base dynamics is now accounted for. There is therefore the need to 

estimate the new plant response in order to assess the stability pattern of the control. 

3.2.1. Analysis of the plant response expression for isolation of rigid equipments 

The physical system is modelled as in Figure 3.3. The three elements; equipment, mount and base are 

connected together and using the mobility formulation when the two axial f o r c e s a n d / j , operate, the 

velocity of the equipment can be written as, 

v, (3-1) 

where Mce is the input mobility of the equipment when coupled to the rest of the system and is 

the transfer mobility from the force on the base, ̂  to the equipment velocity, Vg when the system is 

coupled. 

Expressions for Mee and Mhe can be derived using the three following quantities: 

Me, the input mobility of the unconnected equipment at location of the mount connection. 

Mh, the input mobility of the unconnected mounted base at location of the mount connection. 

Z,„, the impedance of the mount which characterises the mount properties. An unique quantity is 

sufficient since no resonances in the mount are taken into account. In other words, the mount is 

considered massless and thus modelled by a spring, k and a damper, c, in parallel as shown in Figure 
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3.4. This assumption is correct in the low frequency range assuming that the passive isolation is very 

efficient and no controller effect is expected by the time resonances occur in the mount. 

Equipment 
M 

f 
Jmount^ 

Mounf 

Figure 3.3. General block diagram for the isolation system representing the unconnected system elements. 

When/ft = 0, it can be written from equation (3.1), 

Moreover 

I'. = + A...,] = )] 

(3.2) 

(3.3) 

and for the base 

(3.4) 

V], can be written in term of v, using equation (3.4) and substituted in equation (3.3) so that from 

expression (3.2), 

' I + Z . K + M J 

(3.5) 
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Similarly, for/^ = 0, using equation (3.1) it can be written that, 

now 

and 

So that 

fh 

- ^efmount " ^e^rni^b ^e) 

(3.6) 

(3.7) 

(3.8) 

(3.9) 

As shown in Figure 3.4, a control actuator reacting between the equipment and the base structure 

generates a control force/„ so that 

A = A and = -y;, (3.10, 3.11) 

Equipment 

Figure 3.4. Principle schematic of the plant with massless mount using reactive actuator. 

From equations (3.1) and (3.10, 3.11), the total effective mobility function from actuator force 

fa to equipment velocity is calculated as 

(3.12) 
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And then using equations (3.5) and (3.9) giving the expressions for the mobilities and 

respectively, 

1 + Z, .(M,+M„) 

Since is proportional to the plant response G denned in chapter 2 as the transfer function 

between secondary actuator input signal and control sensor output signal, expression (3.13) can be 

analysed to assess the stability of DVFB control using reactive actuator. 

The total mobility function M,„tai can be re-expressed thanks to equation (3.5) as. 

^lolal -
/ 1 ^ (3^4) 

M 
1 + " 

For a rigid base; i.e. perfect skyhook control, Mj, = 0, and then Mtotal is equal to Mgg. This bears out 

the fact that skyhook damping control is stable since Mee is an input mobility and thus fully passive 

which means that its phase is comprised between -nil and nl2. Expression (3.14) thus shows how the 

base dynamics affect a perfect skyhook control as considered in section 2, by adding an extra 

multiplicative term to the plant response. 

No assumption on the base or the equipment structure has been made so far. However, a first 

category of problems to consider is the isolation of rigid equipment or stiff equipment which can be 

regarded as flexible only at high frequencies where the passive isolation is extremely efficient. A 

mounted box enclosing vibration sensitive electronic devices is a practical illustration of this class of 

isolation problems. Restricting the analysis to the simplest isolation problem possible also enables a 

strict assessment of the potentials of the actuation. A rigid system behaves as a masses m so that at 

frequency CO, 

/com 

Using the lumped modelling of the mount as illustrated in Figure 3.4, 

(3.16) 
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The actuator suspension can also be accounted for in the stiffness term k and the damping term c if its 

characteristics can not be neglected compared to the one of the passive mount. For the special case of 

a rigid equipment, the expression of the total mobility (3.13) can be rewritten as 

1 (3J^ ) 

+ + [YjiB + ̂)(' + ) 

A phase analysis of expression (3.17) can now be carried out in order to investigate the stability of 

the control as discussed in chapter 2. Noticing that Mb is an input mobility, i.e. fully passive then, 

<3.18) 

2 2 

therefore 

0 < Z(l + < 71 (3.19) 

strictly since damping is accounted for in the base structure. Moreover, 

+ 
\ n (3^0) 

2 

So that 

2 

+ + (3 21) 

The first term of the denominator in expression (3.17), jcom, does not modify the phase limit of 

equation (3.21) and then, 

% , 1 (3.22) 
— ^ T Z 
2 

The phase of the total mobility is then bounded as 
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The absolute value of the phase of the total mobility, is never greater than Therefore, the 

Nyquist plot of never crosses the negative real axis. Since is, in principle, proportional to 

the plant response G and the controller is a simple feedback gain, equation (3.23) is equivalent to the 

condition 

Im(GH) 

^Re(GH) 

Figure 3.5. Possible region for the Nyquist plot of the plant using a reactive actuator. 

Therefore, DVFB control of a rigid equipment mounted on a single mount is in principle 

unconditionally stable regardless of the dynamics of the base. This is an important result since it 

allows us to generalise the use of skyhook damping strategy to flexible and even very flexible base 

structure. 

Even if the control is guaranteed to be stable, vibration amplifications may arise under the controller 

action since the phase of and then of the plant response G could, in principle, get close to -n. 

This does not occur in practise. Assuming no damping in the mount, c = 0, equation (3.13) becomes 

-

1 (3.25) 

Once again, going through the same process of phase analysis and noticing that Mi, in an input 

mobility it turns out that 

TT 7t when c = 0 
(3.26) 

When there is no damping in the mount, the control is fully passive which means that vibration 

reduction on the equipment is achieved at all frequencies, as already discussed in chapter 2. In 

practise, this statement is also satisfied at low frequencies since 
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e « A P-27) 
CO 

and then 

& (3.28) 

./M 

So that only vibration reduction is expected at low frequencies for any value of control gain. 

Base vibration under equipment control 

When control is applied three forces acting on the base can be identified: the primary excitation fo, 

the action of the passive mount reacting off and the reactive control force, (-/„) so that, 

^6 = (A - - X, ) 

Assuming the control is stable, the equipment velocity is driven to 0 as the gain increases to infinity, 

so that the sum of the forces acting on the rigid equipment is zero. 

(3 JO) 

Equation (3.29) becomes 

T/t = (3.31) 

The only contribution to the motion of the base structure is thus the primary excitation fo. For an 

infinite gain control the base responds only to the primary force/o as if it was uncoupled from the rest 

of the system. 

3.2.2. Experimental implementation 

An experimental rig was designed to validate the theoretical conclusions drawn in the previous 

section on the stability of reactive implementation of DVFB control for the isolation of a SDOF rigid 

equipment. 
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Experimental set up 

The experimental isolation system consists of a unit called "the active isolator system", which was 

designed by Gardonio [33], set on a flexible rectangular steel plate [16]. The active isolator system, 

shown in Figure 3.6, is composed of the equipment to be isolated and both the passive and the active 

isolation elements gathered in two identical active mounts. Each active mount is made of a hollow 

rubber cylinder bounded by two aluminium discs; this constitutes the passive isolation. Inside each 

rubber cylinder a steel rod connects the moving part of the control shaker, set on top of the thick 

mounted plate, with the bottom disc of the piece of rubber; this constitutes the active isolation. A 

reactive force can thus be generated in parallel of the passive isolation as shown in Figure 3.6(b). The 

suspended equipment gathers the suspended plate which is a thick aluminium plate and the two 

control shakers bolted to it. The whole system is symmetrical. 

V 

Contml 
rngmk 

StBcIrod 

(b) 

— & -

Control 
ghakom 

Thick equipment 
plate 

Rubber 
Cylinders 
(Mounts) 

Figure 3.6. Photograph (a) and corresponding schematic (b) of the active isolator system 

Once the active isolator system is set on a vibrating structure, the motion of the piece of equipment 

can be described as a combination of a heave motion (translation along z-axis) and a pitching motion 

(rotation around j-axis). The associated modes are very low in frequency compared to the first 
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flexible modes of the equipment which is very stiff. It can then be regarded as a two degrees of 

freedom rigid body in the frequency range of interest for active isolation. Similarly the first 

resonances in the mount occur at high frequencies in comparison with the mounted rigid body 

resonance frequencies [33], at which the passive isolation is supposed to be very efficient. The rubber 

cylinders can then be modelled as lumped systems so that the global isolation device is simply 

modelled by the 2 DOF system shown in Figure 3.7. 

Equipment: Aluminium 
plate and control shakers 

Active mount Active mount 
Flexible base plate 

Figure 3.7. Low frequency model of the active isolator system. 

Tables 3.1 and 3.2 give the physical and geometrical characteristics of the active isolator system 

according to the model presented in Figure 3.7. These values are the ones used in the simulations 

presented in this section. 

PARAMETER VALUE 

Equipment plate dimensions 200x100x18 mm 

Density 2700 Kg/m^ 

Mass of the aluminium plate 1.08 Kg 

Mass of the control shakers 2x0.91 Kg 

Total mass of the equipment m = 2.9 Kg 

Moment of inertia of the 

equipment aiound j-axis 

4x10"̂  Kg.m^ 

Distance between mounts 134 mm 

PARAMETER ACTIVE MOUNT 

external diameter 60 mm 

internal diameter 40 mm 

height 60 mm 

axial stiffness k = 24000 N/m 

including shaker 

suspension 

= 3900 N/m) 

total viscous damping c = 18 Ns/m 

Table 3.1. Geometrical and physical characteristics of 
the equipment. 

Table 3.2. Main characteristics of one rubber 

mount. 
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The active isolator system was set on a 2 mm thick steel plate clamped on two opposite edges 

(dimension 700 mm) and free at the others (500 mm). This plate constitutes the vibrating base 

stracture and was excited by a primary shaker. For the purpose of running simulations before any 

control implementation, the base structure has been modelled using a modal decomposition according 

to Warburton's expressions for beam mode shapes and rectangular plate resonances [34]. Details of 

the modelling are given in [16]. An experimental analysis was conducted to validate the plate model. 

The first base plate resonances was measured at 32.5 Hz and predicted at 44.8 Hz. The discrepancies 

at low frequencies between the model and the measurements are due to the boundary conditions 

which do not behave as perfect clamped boundary at low frequencies. Better matching is observed for 

higher modes. The blocked heave resonance of the active isolator is calculated to be 20.5 Hz and 

measured at 19.1 Hz. The first base resonance and the mounted system resonance thus lie close to 

each other and so the base structure is regarded as flexible in the frequency range of active control 

efficiency. 

To recover a single degree of freedom isolation system, the primary shaker was placed at the centre 

of the base structure so that only symmetrical modes of the base plate were excited. The active 

isolator system was then glued symmetrically at the centre of the base structure so that only the 

symmetrical modes of the base structure couple with the heave motion of the active isolator system. 

Furthermore the control sensor was positioned at the centre of gravity of the suspended equipment to 

avoid to monitor any potential residual pitching contribution in the control signal. The system can 

then be regarded as a single mount, single channel control system provided the control actuators are 

driven in phase. 

Control loop 

FA^-HV, 

Charge Poi 
amplifier 
Integrator 

amplifier 

Vibrating base plate 

Pnmary 
shaker 

Analyser 

Figure 3.8. Experimental control setting and feedback loop. 
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The control sensor monitors the acceleration on the equipment. The sensor is a standard 

accelerometer B&K type 4375 connected to a charge ampliHer which performs an analogue 

integration to obtain a signal proportional to the system velocity. The signal is then amplified through 

a power amplifier and fedback in both secondary actuators driven in phase, thus implementing DVFB 

control. (In Figure 3.8, the accelerometer and the charge amplifier are assumed to create a perfect 

velocity sensor). 

Plant response measurement 

The measured plant response is the frequency response from the secondary actuator driving signal to 

the output signal of the charge amplifier. It was scaled by the gain factor applied by the charge 

amplifier on the velocity signal v, and by the efficiency of the secondary shakers; quantity defined in 

Newtons per volt (N/v), to obtain a corrected plant response that could be compared to Mmfgy. Myofg,, 

the total mobility, is the simulated plant response which does not take the sensor and actuator 

behaviours into account. 

Z 

E 

CO •o 

Simulation 
Measurement 

40 60 80 100 120 
Frequency (Hz) 

200 

80 100 120 140 160 
Frequency (Hz) 

180 200 

Figure 3.9. Magnitude and phase of the simulated and measured plant response for reactive control of rigid 

equipment. 
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(b) 

Figure 3.10. Nyquist plots of the simulated (a) and measured (b) plant responses for reactive control of rigid 

equipment. 

Figure 3.9 compares the magnitude and phase of the simulated and measured plant response and 

Figure 3.10 presents the associated simulated, (a), and measured, (b), Nyquist plots. A rather good 

agreement is observed between the two contours mainly characterised by the large loop due to the 

mounted equipment resonance. Smaller loops can be noticed close to the origin. These are the effects 

of the base plate resonances on the mounted equipment. Almost the whole counter lies in the real part 

half plane. Not only does this satisfy the stability condition, but the system under control appears to 

be almost passive. It is in fact not fully passive unlike perfect skyhook damping, as observed in 

Figure 3.11(b). Moreover, ideal skyhook damping would offer a better control since the mounted 

equipment resonance loop is larger as shown in Figure 3.11(a). 

Figure 3.11. Simulated plant responses for rigid equipment control using reactive actuation (—) and perfect 

skyhook damping (—). Global Nyquist plot (a), zoom around the origin (b). 
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Going back to the general expression of the total mobility of the system under control, equation 

(3.17) can be rewritten as 

jCD7« + ^ 0 ) + c + kniMf̂  + jcamcM,^ 

The phase response can only be significantly greater than -nil if the denominator of equation (3.32) 

is dominated by the term jcamcM,̂  and provided the base structure is mass controlled so that 

K 

and then 

X:, (3.34) 
M 

where /c/, is the equivalent modal stiffness of the base structure. Equation (3.34) also implies that the 

third term in the denominator, kmMi,, is negligible compared to jcumcM,^, which is equivalent to 

A: (3.35) 
a ) » 

c 

In practice, equation (3.35) is satisfied at rather high frequencies, where the first term in the 

denominator of equation (3.32), jcom, has then a large effect on the plant response so that equation 

(3.34) is not satisfied anymore. 

This brief analysis explains why, in practise, the phase of the plant response does not approach -37r/2 

closely, as noticed experimentally and shown in Figure 3.11(b). This prevents any strong control 

amplification. This conclusion must be balanced by the fact that no modal overlap in the base 

structure is taken into account in this analysis. 

Control performance 

Thanks to the very stable characteristics of the control system, very high gains have been applied in 

the practical control implementation. The maximum experimental physical gain h„iax used was equal 

to 1800. This enables to achieve huge vibration reduction over the whole frequency range of interest 

as shown in Figures 3.12(a) and 3.12(b) for three values of control gain. The higher the control gain. 
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Figure 3.12. Simulated (a) and measured (b) velocity of the equipment per unit primary force for heave control 

using reactive actuators. Results are shown for the passive system (control off) (bold line) and three values of 

physical control gain h (faint line): 55, 278 and 1800, which give progressively lower values of response. 

the larger the vibration attenuation. The gain values are listed in Table 3.3 with the corresponding 

equivalent active damping ratio that defines the control damping effect. 

C = - C 
3 ocf a 

(3 .36) 

where is the passive damping ratio of the heave mode of the active isolator system and is equal 

to 4.8 %. 
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Feedback gain h Active damping ratio 

55 14.6% 

280 74.7 % 

1800 480.0 % 

Table 3.3. Values of the control gain and equivalent active damping ratios for reactive actuator. 

In order to obtain a good estimation of the control performance, Figure 3.12 shows the controlled 

equipment velocity normalised by the primary excitation /o, which was almost unaffected by the 

controller, unlike the base velocity v;„ since the primary shaker impedance is very large. The main 

objective of DVFB control is well achieved since the resonance of the mounted rigid system is 

attenuated by up to 40 dB at 15 Hz. As expected from the theory and the plant response 

measurement, the control shows some efficiency at higher frequencies and allows attenuation of the 

disturbances generated by the base resonances; by up to 6 dB for the first mode and 14 dB for the 

third base structure mode. The control effect decreases uniformly with frequency as the passive 

isolation becomes more efficient, but no amplification is observed which is in agreement with the 

previous discussion on the plant response. 

In practise, velocity is a difficult quantity to monitor at low frequencies. The charge amplifier 

associated with the accelerometer does not perform a perfect integration and therefore the low 

frequency velocity is badly estimated. This is due to the low-pass filtering operation of the integrator 

which adds phase shift in the close loop response. The power amplifier also presents a roll off 

frequency which creates an extra phase shift at low frequencies. Therefore, in practise, the 

electronics involved in the control drives the control system to instability for the use of very high 

control gains. This is not obvious in Figure 3.12(b) since it occurs at very low frequencies. However, 

strong equipment vibration reductions can be obtained before any significant vibration amplifications 

are noticed. 

The experimental implementation of DVFB control on a SDOF system using reactive actuator bears 

out the theory developed in section 3.2.1, that the control is mechanically unconditionally stable in 

case of rigid equipment isolation on a single mount. The Nyquist plot of the plant response does not 

significantly enter the negative real part half plane and very large improvements of the passive 
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isolation can then be obtained. The practical consideration of phase shift in the control loop at low 

frequencies prevents the use of infinite gains and sets a limitation on the overall vibration reduction 

achievable. 

3.3. Inertial actuator for skyhook damping 

3.3.1. Analysis of the plant response expression 

The use of an inertial actuator for control allows us to decouple the secondary force from the flexible 

base structure as it reacts off the suspended inertial mass of the actuator, /«„, as shown in Figure 3.13. 

The total secondary force / , applied on the equipment in the upwards direction is now the 

combination of the force due to the actuator/, and that due to the actuator suspension so that 

(3.37) 

where is the impedance of the actuator suspension, v„ is the actuator mass velocity and v, is the 

velocity of the equipment, as shown in Figure 3.13. The negative sign in front of/a comes from the 

convention that a positive actuator force/, is associated with an expansion of the free shaker. 

Applying Newton's second law on the moving actuator mass at frequency 

(0 it can be written that, 

Equipment 

M 
(3.38) 

so that 

V = A + 
(3.39) 

Figure 3.13. Schematic of 
inertial control. 

Substituting equation (3.39) in expression (3.37), the secondary force / on the system can now be 

expressed as a function o f / , and v, as, 
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fs X, 
(3.40) 

If the equipment is fixed, v,, = 0, the transmissibility function relating the secondary force/, to an 

actuation force/„ can be defined by 

-r __ /i JfOnZn (3/11) 

J . 

This transmissibility term is the blocked force response of the actuator and is illustrated in Figure 

3.14. For an actuator suspension equivalent to a spring of stiffness ka in parallel with a damper of 

constant c„, then 

co'm,, (3.42) 

+ ,/COĉ^ — 

The amplitude of the secondary force is therefore equal to the force ̂  generated by the actuator for 

frequencies co well above the blocked actuator resonance %. Then = —1, where the minus sign 

account for the convention that a positive actuator input voltage and thus a positive feedback force/„ 

will push the equipment downwards. At high frequencies, the secondary fo rce / is thus independent 

of the actuator dynamics. The control can then produce perfect skyhook damping. Equation (3.42) 

can be written as 

O' (3.43) 
J = 2 

where = ®/®„ , C. = are the normalised frequency, resonance 

frequency and damping ratio of the actuator. 

Equation (3.40) can now be re-expressed as, 

(3 44) 

where 

jcoMi Z (3.45) 
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is the input impedance of the inertial actuator as seen from the bottom of the suspension at the 

connection with the equipment. 

When the isolation system shown in Figure 3.13 is excited by the actuator with a f o r c e i t creates 

on the mounted equipment a secondary force/,, such as the equipment responds with a velocity v,, 

such as, 

V, = Af.jF (3 4()) 

where is the input mobility of the equipment coupled to base structure via the mounting system 

as already defined in section 3.2.1. The secondary force/, on the mounted equipment is then, from 

equation (3.44), 

_ 7;, f (3.47) 

The equipment velocity response v, per unit actuator force which is proportional to the plant 

response is now obtained, combining equation (3.44) and (3.47). 

V, _ (3 48) 

As already mentioned, a positive force fa is assumed to be a negative force contribution on the 

equipment, which already accounts for the minus sign in the control loop. A minus sign in front of 

the blocked transmissibility term is therefore added to be consistent with the equivalent expression 

derived in section 3.2.1 and with the control theory presented in chapter 2. The expression for the 

total mobility response is then, 

where 

VW (3.50) 

l + ZM 

is the input mobility at the top of the equipment for the full coupled system with base, mount, 

equipment and inertial actuator as shown in Figure 3.14. 
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A 

Equipment /h 

M, 

V. Blocked actuator 
response 

Coupled system 
input mobility 

Equipment 

M.... = 

Figure 3.14. Schematic of the plant response decomposition for inertial control. 

The phase analysis of the total plant response can be deduced from equation 3.49. First of all, is 

an input mobility and is therefore fully passive, i.e. with a real part always positive so that 

(3 51) 

strictly since passive damping is considered in the system. The perturbation in the plant response is 

introduced by the transmissibility term since, 

o < z - 7 : = • < n 
(3.52) 

which adds a significant phase shift below the resonance of the blocked actuator (Oa as shown in 

Figure 3.15 for a typical response of blocked actuator and therefore. 
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3;R (3.53) 

^ 2 2̂  3 &5 4 5̂ 5 
N o r m a j i s e d f r e q u e n c y 

N o r m a l i s e d f r e q u e n c y 

Figure 3,15. Magnitude and phase of ( -TJ for a typical inertial actuator. 

It is known that reacting a force off a mass is very difficult at low frequencies as the mass is 

characterised by a small impedance The energy provided by the actuator is then mainly transformed 

into a motion of the inertial mass which explains the small amplitude of the actuator response in 

Figure 3.15 at low frequencies and therefore of the secondary force/, . At the actuator resonance COa, 

the absolute value of the blocked actuator response is large and a large control force can be applied 

on the equipment. However, there is still an associated phase shift of nil and the DVFB control is 

then equivalent to a perfect acceleration feedback control of the coupled isolation system with 

inertial mount on top. Above (»„, no instability can occur in the system since 

o < z ( - 7 : ) < 71 (3.54) 

and then 

(3.55) 

Far above the blocked actuator resonance —T = 1, so that. 

(3.56) 
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M,„tai is then passive and only reduction of the equipment vibration can be expected when DVFB 

control is implemented. This is because the inertial mass mobility becomes so large that the actuator 

force/„ seems to react off a rigid ground as represented in Figure 3.16. 

Equipment ^ 

Figure 3.16. High frequency model of the plant with inertial actuator. 

To illustrate the effect of the actuator dynamics on the plant response, a simple system consisting of a 

rigid mass mounted on a vibrating base is considered. For simplification, the base is assumed to be 

rigid as shown on Figure 3.17 so that its dynamics can be neglected. This does not restrict the 

analysis since M ĉ is still an input mobility with a phase oscillating between ±Td2, even if the problem 

can now be regarded as 2 DOF system. 

m 

i 

L 

1 ^ 

M c 

Figure 3.17. Simplified isolation system on a rigid base using inertial actuator. 

The characteristics of the actuator, and A;„, are adjusted so that the blocked actuator resonance is 

half of the mounted equipment resonance cô  = .JkJm . Figure 3.18 shows the magnitude, phase and 

Nyquist plot of the total mobility function (mechanical plant response). The first resonance of the 

coupled system, around 20 Hz, is mainly related to the inertial mass motion whereas the second one 
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at 60 Hz can be called the equipment resonance even if it is different from the uncoupled resonance 

(Og which is equal to 50 Hz. This is not true if (»„ is much closer to cô , since the two mass motions are 

then strongly coupled. 

0.025 

^ ^ frequency (Hz) 180 200 

0.005 

-0.015 

Frequency (Hz) 
180 200 

Figure 3.18. Magnitude and phase (a) and Nyquist plot (b) of the plant response for inertial control of a 

suspended mass mounted on a rigid vibrating base structure. 

Above 40 Hz, as the system dynamics is dominated by the mounted equipment dynamics, the phase 

of the total mobility varies from Till to -Jd2 asymptotically, as shown in Figure 3.18(a). In the Nyquist 

contour, this is responsible for the large loop in the positive real part half plane. Good control is thus 

expected at high frequencies. However, when the system motion is controlled by the actuator 

behaviour, below 30 Hz, the actuator resonance being not separated from the equipment resonance by 

an anti-resonance, an extra phase shift is introduced into the mobility response so that the phase now 

varies from 3tiI2 to Till at low frequencies. This is represented in the Nyquist plot in Figure 3.18(b) 

by the extra smaller loop in the left hand side of the plane, which induces a stability limitation in the 

control as the contour crosses the negative imaginary axis. Direct velocity feedback (DVFB) control 

is therefore gain limited when an inertial actuator is used. 

3.3.2. Maximum control gain and maximum attenuation 

Under certain assumptions, which are usually satisfied in practise, a simple analytical expression for 

the maximum physical gain h„u,x can be derived as well as for the corresponding maximum 

attenuation. 

The phase response of the total mobility will be n very close to cô  if the actuator dynamics is 

well decoupled from the isolation system, i.e. C0a«CD(,, where co, is the first resonance of the mounted 
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equipment for the general isolation case illustrated in Figure 3.13. Under this condition and provided 

the actuator is significantly damped, it can be shown that 

Assuming the first resonance of the mounted equipment (Og does not significantly overlap with the 

higher order resonances of the mounted equipment then, below and around cô  = -yjkjm , 

(3.58) 
— — 

where is the passive damping ratio associated with the first resonance of the isolation system. lUe 

and k, are the corresponding modal mass and modal stiffness. They can often be, in practise, regarded 

as the mass of the mounted equipment m and the passive mount stiffness k but not in case of a very 

flexible base or equipment structure. Then, 

and from equation (3.57) 

It is also clear, from equation (3.43), that 

7:(mJ = l /2X, (3.61) 

Assuming perfect actuator and sensor, the open loop response can be expressed in term of the total 

mobility and the physical control gain as 

Off = (3-62) 

As already discussed, providing (B„«(Be, instability in the system will arise at a frequency close to co,, 

so that, according to equation (3.62), the maximum gain /Zmwu that can be applied to the system is, 

1 (3.63) 
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and using equation (3.49), 

(3.64) 

now using equations (3.60) and (3.61) 

, or & 
"ma, " 

CO,, k. 

(3.65) 

The maximum attenuation will in practice occur around the first mounted equipment resonance m,. 

Mgg is then damping controlled in which case, since (m ,) = M̂ ,̂ , (co^,), 

1 ' 

and 7], ) = 1. The maximal attenuation in dB is defined as 

and 

so that 

Att(dB) = -20 log 

(3.66) 

(3.67) 

C3.68) 

(3.69) 

The two expressions for the maximum control gain and the maximum vibration attenuation show that 

in order to obtain a large gain margin and therefore good control of the mounted equipment, the 

actuator must be significantly damped and its blocked resonance must be much smaller than the first 

mounted equipment resonance 00̂ . A small actuator resonance also allows us to reduce the low 

frequency range of control amplification. 

3.3.3. Experimental implementation 

Experimental setting 

The conclusions drawn from the theoretical analysis in the previous two sections were validated on a 

modified form of the experimental setting already used for the reactive implementation of direct 

velocity feedback control in section 3.2. The two electrodynamic control shakers used to apply a 
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reactive secondary force were disconnected so that the rigid equipment was only the thick aluminium 

receiving plate. One of these shakers was then put on top of the centre of the rigid receiver, as shown 

on Figure 3.19, so that its mass acts as the inertial mass m„. 

Control 
sensor 

a : 

Control 
shaker 

^ Equipment: thick 
aluminium plate 

Rubber 
Cylinders 
(Mounts) 

Flexible base 

Figure 3.19. Schematic of the experimental isolator system with the inertial actuator. 

Simulations were also performed using the same model as developed for the study of reactive 

feedback control. The passive mount parameters were slightly changed by the removal of the reactive 

actuators and the parameters Q and ka of the suspended actuator were added to the model, as 

presented in Figure 3.20. The new parameter values are listed in Table 3.4. 

V.A 
m. 

m 

Control 
shaker 

Equipment: thick 
aluminium plate 

Figure 3.20. Low frequency model of the experimental isolator system with the inertial actuator. 

As for the experimental implementation of reactive control, the base structure was excited by a 

primary shaker generating a force /o at the centre of the base plate so that the mounted equipment 

could only be excited in vertical translation. The control sensor was also positioned at the centre of 

gravity of the equipment, as seen in Figure 3.19 to avoid any strong residual pitching motional 

component. The control loop is similar to the one described in the reactive control setting except that 

only one secondary actuator is now fed with the control signal. 
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Parameters Equipment mounted plate Blocked inertial actuator 

mass m = 1.08 Kg = 0.91 Kg 

total stiffness 2 A: = 40 000 N/m = 3900 N/m 

viscous damping 2 c = l % 7 N ^ m Cu = 5.8 Ns/m 

natural frequency 0),, = 23.5 Hz co„ = 10.4 Hz 

damping ratio & = 2 ^ % 4.8 % 

Table 3.4. Characteristics of the experimental isolator system and inertial actuator. 

Plant response measurement 

The measured plant response is the frequency response between the output signal of the charge 

amplifier and the signal input in the secondary actuator. It was then scaled as previously described in 

section 3.2 to be compared to the simulated mobility function Figure 3.21 shows the magnitude 

and phase of the simulated and scaled measured plant responses whereas Figure 3.22 presents the 

associated Nyquist plots. The model exhibits good agreements with the experimental results so that 

the measured gain margin of the control can be checked by the simulations. 

• -40 

m -o 

Simulation 
Measurement 

80 100 120 
Frequency (Hz) 

200 

20 40 60 80 100 120 140 160 180 200 
Frequency (Hz) 

Figure 3.21. Magnitude and phase of the simulated and measured plant responses for inertial control 

The magnitude of the measured plant response exhibits two main peaks. The first one at 9.5 Hz is the 

mounted actuator resonance which is very close to the value of the blocked actuator resonance. This 

means that the actuator dynamics can be regarded as reasonably well decoupled from the mounted 
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equipment. The second peak occurs at 23.5 Hz on the measured plot, 2 Hz lower than the simulation. 

It is due to the mounted mass heave resonance and is therefore mainly associated with a motion of the 

mass m. The measurement offers a very poor coherence at low frequencies because of a low SNR but 

the phase response does clearly show the extra ;r phase shift induced by the actuator dynamics which 

leads to a first phase jump from 3;z/2 to ;!/2. As the frequency increases, the mounted equipment 

dynamics become of primary influence and generate a second phase jump from Till to -Ttll. Other 

phase variations are noticed above (0̂ , as the result of the base plate resonances, but do not fall below 

-71/2 and thus do not threaten either the stability or the efficiency of the control, as already discussed 

in the theoretical analysis. The higher order resonances due to the plate dynamics seem to be filtered 

out at relatively low frequencies in the plant response, at around 80 Hz. This illustrates the 

characteristic of inertial control which decouples quite efficiently the control force from the base 

structure dynamics. 

0.06 r 

0.04 

0.02 

-0 .02 

-0.04 

- 0 . 0 6 ' -
-0.04 

Simulation 
Measurement 

0.02 0 .04 
Real 

Figure 3.22. Nyquist plot of the simulated (M,,,,,,/) and measured plant responses for inertial control. 

In term of the Nyquist representation, the contour of the plant draws a clear loop inside the negative 

real part half plane as the actuator mass resonates on top of the equipment as shown in Figure 3.22. A 

pure gain control is thus clearly limited. The second plant phase jump associated with the main 

equipment resonance is represented by a large loop in the stable half plane. Smaller resonant loops 

can also be noticed as the base plate resonances affect the equipment vibration. As discussed in the 

theoretical development of the plant response, an inertial implementation of velocity feedback offers 

a very clean plant to control at high frequencies but is gain limited because of the low frequency 

behaviour of the coupled secondary actuator. 
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Control performance 

The experimental and simulation performance are presented in Figure 3.23(a) and 3.23(b) when the 

controller is not running and for two values of feedback gain: h = 11 and about equal to 36 in 

the experiment and to 30 in the simulation. 

Frequency (Hz) 

- 2 0 

30 40 50 
Frequency (Hz) 

Figure 3.23. Simulated (a) and measured (b) equipment velocity per unit primary base excitation force. Results 

are shown for the passive system (control off) (bold line) and for two values of control gain (dashed and faint 

line) for which the higher gain (faint line) is close to instability. 
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When control is implemented, significant attenuation of the first mounted system resonance is 

obtained at 23.5 Hz. This good result is balanced by an amplification of the equipment vibration 

below 14 Hz and by a net increase at the actuator resonance around 9.5 Hz, since the contour of the 

open loop response starts to approach the unstable point as the control gain is gradually increased. 

Onset of instability is experimentally observed for an experimental gain of 36 which provides about 

15 dB attenuation of the main equipment resonance, 13 dB according to the simulations whereas the 

predicted value of maximum attenuation given by equation (3.69) is 16 dB. No further reduction can 

be achieved. The attenuation is rather small at high frequencies since the feedback gain is limited and 

therefore the controller does not have enough control power to improve the isolation provided by the 

passive mounts. The results in Figure 3.23 are thus presented on a more restricted frequency range 

than these in Figure 3.12 for reactive control. 

3.4. Conclusions 

Since in practice no inertial ground is available to react a secondary force off, there exist two obvious 

practical ways of implementing absolute velocity feedback control on mounted systems, which have 

been detailed in this chapter: the reactive implementation, where the secondary force reacts off the 

flexible vibrating base structure and the inertial implementation, requiring an extra suspended mass 

to react the secondary force off. Restricting the study to single degree of freedom isolation systems, 

the first strategy was proved to be unconditionally stable in the special but realistic case of rigid 

equipment control. In practise, the low frequency phase shift in the control loop and especially in the 

transducer conditioning electronics drives the system to instability for very high control gains. In this 

rather academic exercise, the interest was however focused on the mechanical response of the control 

system in order to assess its potential. It appeared that a reactive implementation of velocity feedback 

provided very large enhancements of the passive isolation, cancelling the low frequency 

amplification caused by the passive isolators. 

Not so good performance were obtained by the inertial controller which was proved to be gain 

limited. Expressions for the maximum control gain and maximum attenuation were derived. They 

show that to be efficient, the natural frequency of the inertial actuator has to be low in comparison 

with the dynamics of the suspended system and it should have a rather large internal damping. Under 

these conditions, high frequency reduction can be expected but vibration amplification will still be 

observed at the vicinity of the secondary actuator resonance. The actuator resonance can be reduced 

by increasing the inertial mass or setting a very soft suspension but this is likely to induce static 

limitations and design problems. Inertial actuation must, however, be considered since it can easily 
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be set on top of a mounted structure in a self-contained control unit whereas a reactive actuator must 

be integrated into the passive mount which is technologically challenging. Moreover, inertial 

actuation does not require us to identify a passive transmission path and can be used on any vibrating 

structure independently of mounting systems. This is illustrated mathematically by expression (3.49) 

which is independent of the passive isolation since Mcc only has to be an input mobility. Finally, the 

use of electronic compensators should be investigated at low frequencies as they could increase the 

gain margin of the inertial controller. 

51 



Chapter 4: Inertial control 

Chapter 4 

Inertial implementation of DVFB control 

on a mounted flexible equipment 

4.1. Introduction 

As outlined in the introduction chapter, the objective of this chapter is now to extend the principle of 

DVFB to the control of mounted flexible equipment structure. In practice this means we have to deal 

with multi-mount systems and therefore with multi-structural transmission path problems. Both the 

equipment and the base structures are considered flexible so that no assumption is made on the main 

system elements unlike in chapter 3. This analysis is therefore a strong assessment of the potentials 

of inertial DVFB in controlling vibration transmission to suspended structures. The use of DVFB 

control for active isolation of mounted structures is based on two ideas, as outlined in chapter 1; 

• DVFB control can implement skyhook damping under certain conditions, which is known to 

strongly reduce vibration at the control location. 

9 The source of disturbances, i.e. the connections of the equipment structure with the passive 

isolation, is a sensible location for local control. 

This very simple control strategy differs, however, from an optimal active isolation which would 

consider: 

» The power input in the equipment structure at the mount junctions as the control quantity. This 

would require us to take into account both velocity and input force at the mount junctions to 

insure a global control of the equipment. 

» the possibility of centralised or internal model control to take full advantage of the different 

control channels and to guarantee the stability of the controller. 

In this study, vibration control is first attempted at the control locations but a local vibration 

reduction at the mount junctions does not guarantee an overall reduction of the dynamics of the 

equipment structure. A global reduction of the equipment structure vibration is however desired. 
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Therefore, in this chapter, as in chapters 5 and 6, the different analysis attempt to estimate the global 

isolation effect of a DVFB control implemented on the equipment structure at the mount junctions. 

hi this chapter, an inertial implementation of the control is experimentally investigated using an 

experimental arrangement lent by the Aero-Structures Department at DERA Farnborough. This rig 

was designed with reference to an aircraft fuselage, where passive isolation is inserted between the 

external metallic fuselage, subject to vibration excitation, and the internal shell. This was done to 

assess the extend to which local active control at the junctions with the passive isolation could reduce 

the structural sound transmission through this double panel system; from the external fuselage to the 

internal panel inside the aircraft body. The analysis reported here is not an ASAC study however, 

since it only considers vibration isolation. The test rig should thus strictly be regarded as two flexible 

structures coupled by passive isolators. The acoustic power radiated by the mounted panel is not 

estimated and any noticeable reduction of the radiated sound may be considered as a bonus. The 

experimental test rig, based on a practical application offers, however, a relevant framework for an 

experimental analysis. 

This chapter first presents the inertial control test rig and the main expected effects of the inertial 

actuators on the system dynamics. Simulations for single channel control based on measured plant 

responses are then produced and discussed. The results for real time implementation of a single-

channel control system are also presented. Finally simulations for a multichannel controller based on 

the measured plant response are performed and the limitations of DVFB control using inertial 

actuators is addressed. 

4.2. The experimental test rig 

The fuselage of a civil aircraft is a double shell system. The external skin is an aluminium shell 

stiffened by a longitudinal set of elements, the stringers, and a transversal set of elements, the frames. 

Light honeycomb composite panels or trim panels constitute the equipment structure, in our terms, 

which has to be isolated from the external excitation generated on the aluminium shell by flow 

turbulence or engine noise. The disturbance is propagated along the stiffeners and through a set of 

rubber mounts which is inserted to isolate the internal composite shell from the external metallic 

structure vibration. The primary disturbances can be considered directly applied on the stringers and 

the experimental test rig is therefore composed of three main elements: an aluminium U-shape beam 

or stringer for the base structure, 3 rubber mounts for the passive isolation and a rectangular 
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composite panel or trim panel for the equipment structure. The material and dimensions of the three 

different elements constituting the isolation system are listed in Table 4.1. 

Inertial actuator j 

____ 
Point 2 Point 3 

t 
Primary 
excitation^ 

Figure 4.1. Schematic of the experimental test rig. 

Equipment: 
Composite panel 

Passive 
mount > 

z 

Base: U-beam 

Main dimensions 

(in mm along X and y) 

Height 
(in mm) 

Thickness 
(in mm) 

Material 

Equipment panel 756x556 * * 4 Composite 

U-beam 756x23 23 1.5 Aluminium 

1 mount 0 = 30 30 * * Hard rubber 

Table 4.1. Main characteristics of passive elements in the coupled isolation system. 

Point Position {x,y) in mm 

1 (278,125) 

2 (278,377) 

3 (278,630) 

Table 4.2. Positions of the mount/actuator junctions on the equipment panel. 

Figure 4.2. Photograph of the three inertial control actuators on the centre line of the composite panel. 
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Figure 4.3. The connection between actuator and mount through the composite panel. 

Three inertial shakers are bolted on the equipment composite trim panel at the vertical of the 

junctions with the rubber mounts, as shown in Figures 4.1 and 4.3. The coordinates of the 

mount/actuator junctions on the panel are given in Table 4.2. 

Magnetic circuit 
doubles as the 
inertial mass 

Rare earth magnet 

Light weight 
outer case 

Simple suspension 

Accelerometer 
incorporated in the 
actuator 

Fixing stud 

Figure 4.4. Sketch of the internal design of the inertial actuator 

Figure 4.4 shows a sketch of the internal design of one inertial actuator. The permanent magnet is 

suspended by an elastomeric suspension so that it is centred on top of the coil which is fixed to the 

body of the actuator. Current in the coil moves the magnet up and down which also acts as the 

inertial mass and therefore is able to generate an axial control force. The inertial mass, is equal to 

77 g and the actuator suspension can be characterised by a static axial stiffness, k„, which was 

estimated to be equal to 23 kN/m. An embedded accelerometer positioned on the actuator body 

enables the measurement of the local response of the system at the control location. Accounting for 

viscous damping in the secondary control actuator, the global system can then be represented as 

shown in Figure 4.5, where the shaker suspension is modelled as a spring in parallel with a viscous 

damper and the actuator body by a point mass on the equipment panel which has an effect on the 

system dynamics as the frequency increases. This low frequency model of the secondary actuation 

devices is good enough in the frequency band of interest. 
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Inertia! mass on 
actuator suspension 

Composite panel 

Embedded 
accelerometer Actuator 

body mass 

- Rubber 
mount 

Stringer Primary shaker 

Figure 4.5. Schematic of the global isolation system with modelled representation of the control actuators. 

4.3. Expected performance and control limitations 

4.3.1. Effect of rotation excitation 

As already mentioned in chapter 1, the inertial controller can only apply a vertical control force in the 

z-direction whereas both axial displacement w and rotation and 6y around x and y occurs along the 

U-beam, generating axial but also rotational excitation at the bottom of the mounts. In principle, 

perfect control of the vibration transmission would also require secondary actuators able to generate 

rotational excitations by applying two control moments M x̂ and M,y. Gardonio [25] illustrated the 

effects of the rotation on the vibration transmission in the case of two aluminium plates connected by 

a set of three rubber mounts. He showed by simulations that, for the system he considered, such 

rotational effects were small at low frequencies but increased with frequency. The implementation of 

only an axial control system was sufficient to give good reductions in vibration transmission since the 

role of an active controller is to supplement the unsatisfactory low frequency performance of a 

passive isolation. At higher frequencies, around 1 kHz, the rotational excitation in the mount limited 

the control performance obtained by Gardonio, but the passive isolation was significant in this 

frequency range. 

For the system considered in this study, however, a strong extra rotational excitation 6̂  is likely to 

arise since the primary excitation applied at the centre of the bottom flange of the U-beam will tend 

to twist the beam around the %-axis, as shown in Figure 4.6. Even if the high frequency effect of 

rotational excitation is compensated by the efficiency of the passive isolation, this could constitutes a 

limitation to the performance of the active control. 

56 



Chapter 4: Inertial control 

\ 

z 

fo 

Figure 4.6. Twisting effect of the primary excitation on the base structure. 

However, since any rotational excitation is coupled with vertical displacement over the panel, an 

axial control force directly proportional to the axial velocity of the system at the control point may 

have a control effect on the rotational excitation undergone by the equipment panel. Moreover, two 

control forces due to two control actuators acting on the equipment can apply a control moment and 

may thus have a control authority on the rotational vibration provided the distance between the two 

control actuators is smaller that half the wavelength in the mounted equipment panel. This short 

discussion on the coupling between translation and rotation in the system illustrates the complexity of 

designing a perfect full control for vibration transmission to a mounted system. In the low frequency 

range [0-1 kHz], which is going to be considered here, an axial actuation is however expected to be 

efficient enough to proceed to the analysis of DVFB control. 

4.3.2. The secondary actuator dynamics 

The plant response for a single channel DVFB control using an inertial shaker is proportional to the 

total mobility M,„,ai derived in chapter 3 and given by equation (4.1). 

=--7:A4L. 04.1) 

where M ĉ is the input mobility of the isolation system coupled with the inertial actuator at the control 

location and 7^ is the blocked actuator response. Such a control system is, in a way, independent of 

the different elements of the mechanical system, since the only assumption made in the stability 

discussion in chapter 3 is that M ĉ is an input mobility. Equation (4.1) is therefore valid for a single 

channel DVFB inertial control in the case of vibration isolation of a flexible structure as it would be 

valid for any mechanical system. Therefore, as discussed in chapter 3, the secondary actuator 

dynamics will set the boundary between the low frequency band of control amplification and the high 

frequency band of control vibration reduction. A first estimation of the control capacities for a single 

channel but also for a multichannel implementation can then be drawn from the measurement of the 

blocked actuator response 7̂ . 7 ,̂ as defined in chapter 3, is the ratio between the force generated by 

the blocked actuator on the reacting mass, /,„ and the effective secondary force applied on the 
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blocking frame,Similar ly, the experimental transmissibility T'̂  is defined as the ratio between the 

voltage input in the current amplifier which drives the secondary actuator, v,„, and the resulting 

blocked secondary force 

(4.2) f 
J' = Jj-

This quantity is convenient since it is easy to measure and allows us to include the current amplifier 

and the whole electro-mechanical behaviour of the actuator in the plant response. Further details are 

given in section 4.4, describing the experimental control loop and providing the full definition of the 

experimental plant response. 

r ' was measured by fixing one inertial actuator to a rigid frame. The input voltage v,„ is easy to 

monitor whereas the resulting force was estimated by measuring the acceleration of the inertial mass 

with a B&K accelerometer, type 4375, and using the relation 

the mass of the accelerometer being negligible compared to the inertial mass m„. 

(4.3) 
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Figure 4.7. Blocked actuator force response per unit voltage input in the driving current amplifier. 

Figure 4.7 shows the measured transmissibility (-7^)- As expected from the actuator modelling in 

section 4.2, the inertial shaker appears to behave as a SDOF mechanical system, characterised by one 

main peak at 88 Hz which is the resonance of the inertial mass on its suspension, since the actuator is 
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driven by a constant current and so is unaffected by the back e.m.f effect. Belov/ this frequency, the 

control force is small as a result of the small impedance of the inertial mass. It also presents a phase 

shift compared to the secondary force required for perfect skyhook damping which is given by the 

phase response of As discussed in chapter 3, the low frequency dynamics of the actuator is 

going to limit the control gain by introducing instability in the control system. Amplifications are 

expected below 100 Hz. Above about 150 Hz the inertial mass motion becomes very small and the 

actuator can apply perfect secondary force, independent of frequency and without phase shift with 

the actuator input signal. The phase of the actuator response seems however to drop slightly below 0° 

as the frequency increases. This will not affect the system stability in the frequency range of control 

but will slightly change the control force in comparison with the perfect skyhook force expected from 

the system mechanics. This phase drop may be due to the increase of the actuator electrical 

impedance as the inductance of the coil starts to have an effect on the actuator response at high 

frequencies or to phase shifts in the driving amplifier. 

The actuator dynamics appear more likely to induce control limitation than the rotational excitation 

from the base structure discussed above. 

4.3.3. Initial passive analysis 

The system was hung vertically using soft elastic strings attached to the equipment composite plate to 

obtain free boundary conditions, as shown in Figure 4.8. 

Figure 4.8. The experimental isolation system excited by an axial primary force. 
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Figure 4.9. shows the measured velocity response at the point 1 on the equipment panel for the global 

isolation system per unit primary excitation /o applied on the U-beam, as shown in Figures 4.5 and 

4.8. 
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Figure 4.9. Disturbance at point 1. Passive velocity response per unit primary excitation. 

The static stiffness of one of the rubber mount was measured to be equal to 57 kN./m which is too 

large to create an obvious mass-spring-mass resonance effect between the base beam, mounts and 

composite panel, since the equipment panel and the base structure behave as rigid bodies only at very 

low frequencies. The passive mounts appear, however, to provide passive isolation above 600 Hz as 

the vibration level at point 1 goes down by almost 40 dB from 600 Hz to 1 kHz. Further isolation 

improvement from the active controller is therefore very unlikely above 1 kHz. The passive response 

is low below 40 Hz. Several resonances are observed below the measured inertial actuator resonance, 

amongst which two strong ones are apparent at 46.5 Hz and 55.5 Hz. The mobility M ĉ at the control 

point 1 is likely to be characterised by these two resonances. At any resonance, the input mobility M ĉ 

is damping controlled and has a small phase shift, so that, if the expression for the experimental plant 

response for single-channel control is 

(4.4) 

the phase response of the plant at 46.5 Hz and 55.5 Hz is such that 

ZG = z - r TV 04 5) 
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A more detailed analysis of the stability for the three single-channel control systems studied is 

provided in the following section. However, equation (4.5) illustrates that the resonances in the 

passive system below the actuator resonance (Og, as well as the resonance (0̂  itself, are one of the 

main threat to the stability of inertial DVFB control. A simple measurement of the passive response 

of the system can thus tell us a lot about the problems and limitations that the controller is likely to 

encounter. 

Figure 4.10 shows the input mobility measured at one random position on the composite panel 

uncoupled from the rest of the system. The measurement position was chosen so as to avoid any 

obvious nodal lines, so that most of the low frequency modes in the panel response would be 

measured. Figure 4.11 shows the velocity response at mount junction 1 on the base beam, uncoupled 

from the rest of the system, per unit excitation/o applied at the driving point as shown in Figure 4.5. 

"9-40 
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Figure 4.10. Measured random input mobility on the equipment composite panel. 
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4.11. Measured transfer mobility at point 1 on the uncoupled U-beam per unit excitation/q. 

61 



Chapter 4: Inertial control 

Both systems are characterised by several low frequency resonances. The panel is very flexible with 

a first resonance for the mode (1,1) as low as 23.5 Hz and with little damping in the low frequency 

modes. This would suggest that the two sharp peaks observed in the system passive response in 

Figure 4.9 at 46.5 Hz and 55.5 Hz are directly associated with the panel dynamics. The base beam 

also presents a relatively dense modal distribution at low frequencies which first appears surprising 

with respect to the apparent rigidity of the aluminium beam in bending. The high frequency modal 

distribution also looks less dense than at low frequencies which is an other unexpected results for 

beam vibration in bending. The first modes in the beam are in fact probably due to the rotation of the 

beam around the x-axis as already discussed in section 4.3.1 and illustrated in Figure 4.6. The large 

flexibility of the U-beam in torsion is easily noticed by exerting a torsional effort at the two ends of 

the beam. 

The flexible characteristics of the equipment and base structures explain the low frequency 

resonances observed in the passive response of the system below the inertial actuator resonance cOg. 

One should note that a significant number of modes of the equipment panel may not have a large 

effect in the measured response of the control system, since the mounts are connected along the 

centre line in the x-direction, which is a principal nodal line of the plate. These modes may however 

be slightly excited by the mount rotations. They are not, however, controllable by the axial actuator 

devices available and can not be monitored at the mount junctions. 

Finally, resonances in mounts should not affect the system dynamics in the frequency range of 

interest since the first longitudinal resonance of the mbber mounts has been calculated to be 2730 Hz 

and the first flexural resonance around 6000 Hz according to the model detailed in chapter 5. The 

mounts can thus be regarded as lumped springs and dashpots in the frequency range of interest. 

It appears from this brief passive analysis of the elements involved in the control system that a simple 

DVFB control using inertial actuators is going to hit two major limitations. The first one, developed 

in chapter 3, is the actuator resonance itself which will generate a peak in the plant response 

associated with an undesired phase shift. The second one comes from the system element flexibility 

which generates resonance maxima in the low frequency range of expected control amplification. 

One could also add the rotational excitation of the beam as a third limitation since it seems to be 

significant and uncontrollable with axial actuation devices. 
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4.4. Control loop description 

4.4.1. General presentation 

Each control accelerometer is wired to its associated control shaker through the same control loop. 

Figure 4.12 shows the structure of one control channel and Figure 4.13 presents a photograph of 

different elements of the control loop. 

Accelerometer 

Inertial 

Current 
amp. 

Controller box 

Coupler unit 

Inertial 
actuator 

Figure 4.12. Schematic of one experimental control channel. 

Figure 4.13. Photograph of one control channel. 

The equipment panel response is monitored by the embedded accelerometer (1) whose signal is 

fed to a coupler unit, the endevco coupler box (2), which acts as a charge amplifier and provides 

phantom power necessary for the accelerometer operation. This unit can deal with 24 independent 

channels and is thus common to the three control channels. The voltage output, ideally proportional 

to the panel acceleration for a flat frequency response of the accelerometer with coupler unit, is then 

fed to a control box (3) which has a double action of integration and amplification. The amplitude of 

63 



Chapter 4; Inertial control 

the resulting signal can be modulated to provide different control gain. Finally, the control box output 

is fed to a constant current amplifier which drives the control shaker. 

4.4.2. Controller box 

The control box is composed of four different sets of three connections, constituting three 

independent channels with two inputs and two outputs each. Only one set of inputs, "acceleration 

input" and one set of outputs were used in this investigation. Details for one channel electronical 

circuit is shown in Figure 4.14. The circuit in Figure 4.14 can be divided into two sub-circuits. 

C, 11 lOnF 

Acceleration 
input Q. 

lOOuF 

Figure 4.14. Electronical circuit for one channel of the controller box. 

The first sub-circuit can be defined by the electrical transfer function 

t: = 1 

v,„ C, l + ;/?,C,co 

0*6) 

where v,„ and v,„, are the input voltage and intermediate voltage respectively. This can be re-expressed 

as, 

1 1 7® (4.7) 
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Sub-circuit 1 acts as an integrator circuit. The integration is effective at frequencies above the roll-off 

frequency, coi, of the high-pass filter defined by the third ratio in the expression of Ti {C0i=l/RiCi 

equal to 10.6 Hz). The integration is associated with a scaling factor l//?iC2. The sub-circuit also acts 

as an invertor so that the negative feedback required by the DVFB control can be implemented. At 

low frequencies, because of the equivalent high-pass filter, no integration effect can be expected and 

the circuit just multiplies the input voltage by a negative factor. This is likely to generate the same 

low frequency phase shift effect as already pointed out in chapter 3. 

Similarly the second sub-circuit is defined by the electrical transfer function 

r _ _ 1 , V&Qm 
J — — J - j 

where v„„, is the controller output voltage. 

This second circuit is the control gain stage. Above 10 Hz, a high frequency simplification can be 

made so that 

Z = 
019) 

R. 

The second sub-circuit acts as a simple constant gain amplifier. The gain can be adjusted, within a 

dynamic range of 30 dB, by changing the value of the resistor R4. 

Above 10 Hz, the global electrical transfer function of the controller is therefore, 

#4 1 ^ (4^0) 

J® c 

The controller box can then be regarded as an integrator associated with: 

an invertor allowing negative feedback. 

a amplifier of adjustable gain K = ^ ^ ^ of dynamic range equal to 30 dB 

a high-pass filter of cut -off frequency equal to 10.6 Hz whose characteristics are shown in Figure 

4^5. 
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Figure 4.15. Magnitude and phase response of the low-pass filtering operation of the controller box. 

The control loop represented in Figure 4.12 can now be redrawn as shown in Figure 4.16. 
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Figure 4.16. Schematic of one experimental control channel with detailed controller box effects. 

In order to perform control simulation based on the measured plant response using the Nyquist 

method discussed in chapter 2, the experimental plant response has to be defined so that the 

controller has a pure amplification effect. The output of the coupler unit can then be numerically 

integrated and divided by the sensitivity S of the accelerometer, to give a signal, y, differing from the 

exact velocity of the system only by the normalised frequency response of the accelerometer coupled 

to the endevco box. The sensitivity S can then be applied at the control stage as an extra gain factor. 

The low-pass filtering operation caused by the non-perfect integration of the acceleration signal can 

also be integrated in the plant as part of a new fictitious velocity sensor. This manipulation is 

equivalent to a change in the position of the different operations performed by the controller box and 

to account for the accelerometer sensitivity at the sensing stage. This is valid since all the elements in 

the loop behave linearly. The effective control loop is then as shown in Figure 4.17. 
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Figure 4.17. Schematic of one rearranged experimental control channel. 

This rearrangement allows us to define a meaningful and convenient plant response G for single 

channel control. 

(? = 2 (4.11) 

u 

where y can be regarded as the output voltage of a velocity sensor and where the controller is a pure 

amplification gain as discussed in the block diagram for DVFB control. G, as defined in (4.11) is also 

convenient for easy experimental estimation since it includes the sensor, actuator dynamics and the 

current amplifier. Expression (4.11) defines the general expression for the different plant responses 

analysed and assessed in this study. 

4.5. Single channel control 

4.5.1. Experimental control quantities 

In the Laplace domain, the response Xu of the system under control at the control point is estimated 

by the sensitivity function, as derived in chapter 2, 

1 + G„WA, 

0L12) 
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where A, is the control gain which is equal to ^5' and is the primary disturbance measured at 

point i. Gjiis) is the transfer function, as defined in equation (4.11), between an excitation at i and a 

response at j. In this special case, i=j and Gu(s) is the plant response for control at position i. Since 

three accelerometers are available, it is possible to calculate the effect of the single-channel control 

on the output of the two other sensors. For a control at p o i n t t h e response of the system at point ̂  

under linear behaviour is, 

(4 .13 ) 

where Xyis) is the system response at point j under control at point i and Ui(s) is the voltage output 

from the controller feedback to the plant so that, 

(4.14) 

and therefore using equation (4.12) 

^ X,,(^) (4.15) 

Equation (4.15) is a general expression for the performance of a single-channel controller at the three 

sensor location / and for i=j, equation (4.15) is identical to equation (4.12). Control simulations thus 

only require us to measure the passive response of the system under primary excitation at the mount 

junctions on the composite panel and the nine different transfer functions Gji(s) (strictly speaking, 

only 6 of them if the reciprocity principle was used, assuming identical actuators and sensors) which 

will also be necessary for the analysis of the multichannel controller. Only the three plant responses 

Gii(s) are, however, necessary to assess the stability of the different single channel controls. 

Equations (4.12) and (4.15) are derived according to the formulation of the experimental plant 

response in equation (4.11) so that the quantities X take into account the low frequency filtering 

effect of the controller box. In practice, the measured velocity responses are obtained by integrating 

and scaling by S the output of the coupler unit. Equations (4.12) and (4.15) can then be expressed in 

more physical terms as 

E„( f )_ 1 (4.16) 

D (s) 1 + G.. {s)h. 
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and 
(4.17) 

where is ± e velocity response at point y under control at z and D,{f) is the primary velocity 

disturbance at points They are the quantities used in the analysis of the control performance. 

4.5.2. Plant responses and stability analysis 

The experimental plant responses have been defined so that the controller acts as a perfect amplifier. 

As discussed in chapter 2, the stability for a single channel DVFB control at point i can then now be 

assessed by simply analysing the Nyquist plot of the measured plant response G„. The stability of the 

three single-channel control systems, implemented subsequently at each mount junction, is discussed 

below using the Nyquist method. 

Control at point 1 

Figure 4.18 shows the modulus and phase of the plant response for a control implementation at point 

], Gil. 
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Figure 4.18. Magnitude and phase of the measured plant response for a single channel-control at point 1. 

Below 40 Hz, the amplitude of the plant response is very low as observed in Figure 4.9 for the 

passive analysis of the system. The low mechanical response of the system is moreover accentuated 
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by the low-pass filtering operation mentioned in the previous section. The secondary excitation then 

has two sharp resonances at 46.5 Hz and 55.5 Hz, which were also clearly seen in the passive study 

of the system. They are associated with a phase almost equal to k and give rise to the two main loops 

located in the unstable half plane of the Nyquist plot in Figure 4.19. 
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Figure 4.19. Nyquist plot of the measured plant response for a single-channel control at point 1. 

The amplitude of the loop centred around the 55.5 Hz resonance as it crosses the negative real axis is 

the largest of the two and will induce instability in the system for a control gain larger than 52.5. The 

phase of the plant response is also equal to n at 90 Hz, as the inertial actuator resonates, which may 

constitute another threat for the control stability. In this case, however, the amplitude of the plant 

response at 90 Hz is much smaller than at 55.5 Hz and therefore the inertial actuator resonance does 

not directly limit the control gain. It is interesting to note the large influence of the simple actuator 

dynamics on the control, as discussed in section 4.3. Below 90 Hz, the phase of the plant response is 

greater than Till so that the Nyquist locus is almost entirely located in the negative real part half plane 

of the Nyquist diagram. Above 90 Hz, the phase decreases very quickly with frequency and oscillates 

between -Till and nil, so that the Nyquist plot is located in the positive real part half plane. The plant 

response is largest in the frequency band [250-350 Hz] as the passive isolation amplifies the vibration 

of the mounted equipment. The resonance at 280 Hz gives rise to large loop in the positive real part 

half plane of the Nyquist diagram, so that feedback control is expected to have a significant 

attenuation effect here. Above 300 Hz, the magnitude of the plant response drops regularly with 

frequency as the passive isolation becomes more and more efficient. The control effect will then be 

reduced at high frequencies as the passive isolation offers increasing vibration attenuation since the 
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secondary force is proportional to the measured control velocity. Therefore no further large reduction 

is expected from the active isolation. 

Control at point 2 

Figure 4.20. shows the magnitude and phase of the plant response G22 when a single-channel DVFB 

control is implemented at point 2 and Figure 4.21. shows its Nyquist representation. 
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Figure 4.20. Magnitude and phase of the measured plant response for a single-channel control at point 2. 
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Figure 4.21. Nyquist plot of the measured plant response for a single-channel control at point 2. 
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G22 presents the same main characteristics as observed in the analysis of Gu since the control 

stability strongly relies on the secondary actuator dynamics. The phase of the plant response is such 

that above 90 Hz the Nyquist contour lies in the stable half plane whereas below 90 Hz it is located in 

the unstable one. Two large loops cross the negative real axis of the Nyquist plot at 90 Hz and 55.5 

Hz. The largest one is related to the resonance of the inertial actuator which, in this case, is going to 

limit the control gain to a maximum value of 17. This low value of gain is partly due to the rather 

large dynamics at the centre of the composite panel where point 2 is located. The second loop is 

associated with the sharp resonance at 52.5 Hz, clearly shown in Figure 4.20. This is likely to be the 

same resonance as the mode observed at 55.5 Hz in Gn, which looked shifted as the result of a 

cancellation effect with the 46.5 Hz resonance. This would mean that the 46.5 Hz resonance is not 

picked up by the second control accelerometer, which is very likely since point 2 is located at the 

intersection of the two central nodal lines of the uncoupled equipment panel where a larger number 

of modes than at point 1 are neither observable nor excited by an axial force. As noticed for Gn, the 

magnitude of the plant response decreases at high frequencies and below 40 Hz, where no real 

control effect is then to be expected. 

Control at point 3 

Figure 4.22. shows the magnitude and phase of the plant response G33 when a single-channel DVFB 

control is implemented at point 3 and Figure 4.23. shows its Nyquist representation. 
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Figure 4.22. Magnitude and phase of the measured plant response for a single-channel control at point 3. 
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Figure 4,23. Nyquist plot of the measured plant response for a single channel-control at point 3. 

Because of the system symmetry, the plant response G33 presents some similarities with Gn. For a 

perfect symmetrical system with identical actuators and sensors and neglecting the mechanical 

impedance of the primary shaker, G,, and G33 would be identical. It thus exhibits the same sharp 

resonances at 46.5 Hz and 55.5 Hz. As for a control at point 1, the resonance of the secondary 

actuator is not the direct cause of instability, which will be first introduced by the amplification of the 

resonance at 55.5 Hz, which limits the feedback gain to a maximum value of 48. The inertial actuator 

dynamics have still the effect of defining the low frequency range, below 90 Hz, as the band of 

expected vibration amplification and the high frequency band as the range of expected vibration 

reduction. As for the two other control implementations, the greatest attenuation will be obtained in 

the frequency band [250 Hz - 350 Hz] where the passive isolation has an adverse influence on the 

equipment vibration. It is represented on the Nyquist plot in Figure 4.23 by the large loop in the 

stable half plane, of almost same radius as for Gn and G22. 

The different single-channel control loops appear to be strongly gain limited, especially at point 2 

where the control accelerometer is blind to numerous modes of the system that may still be excited 

by the rotation of the mount. As a control gain is applied, the control is either limited by the rapid 

increase of a system resonance located below cOg or by the increase of the secondary actuator 

resonance itself. In either case, however, the inertial actuator dynamics dictate the general phase 

pattern of the different plant responses, as discussed in chapter 3 and in section 4.3. The response at 

the control points will thus generally be amplified below % and attenuated above cOy. 
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4.5.3 Control performance 

For each single-channel control at point i, the response at the three accelerometer locations j has been 

computed according to equation 4.17 and using the nine measured transfer functions G,,. Nine force 

normalised velocity response spectra Vyijoi) has thus been defined as. 

where is the system velocity response at point j for a control implementation at point i. FqC/co) 

is the frequency response of the primary force excitation used to normalised the velocity response 

such as to obtain a reliable estimate to be compared to the normalised passive response of the system 

at point y, defined as, 

This two quantities enable us to estimate the control performance of each single-channel controller 

not only at the control location but also at the location of the two other control accelerometers. The 

nine plots of the system responses V,-,- are shown below in the faint line, overlaid with the 

corresponding passive response Vq/ plotted in bold line. The control results are shown for a maximum 

value of control gain to provide a benchmark of the maximum attenuation achievable in the reduction 

frequency band. 

Control at point 1 

The system responses at point 1, 2 and 3 are simulated for a maximum control gain at point 1 only of 

52.5. The response at the control point Vn over the whole frequency of interest is shown in Figure 

4.24. It is dominated by the two spikes at 46.5 Hz and 55.5 Hz. Already predominant in the passive 

response, they are strongly amplified by feedback control, as shown in the zoomed picture in Figure 

4.25, and eventually drive the system to instability. The control can then be regarded as dangerous for 

the overall system, but interesting observations on inertial control are, however, provided by a further 

analysis of the controller effects over the whole frequency range. 

74 



Chapter 4: Inertial control 

Control off 
Control on 

400 500 600 
Frequency (Hz) 

800 900 1000 

Figure 4.24. Measured passive response Vqi and simulated controlled velocity response V,, at the control point 

for a control at point 1. 
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Figure 4.25. Zoomed picture of the passive response 
Vol and of the simulated controlled response Vn 
showing the onset of instability. 
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Figure 4.26. Zoomed picture of the passive response 
Wo, and of the simulated controlled response ^,1 
around the secondary actuator resonance. 

Figure 4.26 illustrates very clearly the importance of the inertial actuator resonance on the controller 

performance. Below 94 Hz, the vibration level at the control point is amplified, whereas only 

vibration reductions are achieved above this frequency, as the control starts implementing perfect 

skyhook damping. The control does not have any significant effect above 550 Hz, as expected from 

the plant response analysis, since the passive isolation starts to be efficient and dominates the effect 

of the control system which is relatively small under the double effect of small control gain and small 

amplitude of the plant response at high frequencies. For the same reasons the system response is 

unaffected by feedback control below 40 Hz. Maximum broad band attenuation is observed in the 
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frequency range [250 Hz -300 Hz], as expected from the plant response analysis, with a 7 dB 

reduction at 280 Hz. 
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Figure 4.27. Passive and simulated controlled Figure 4.28. Passive and simulated controlled 
responses at point 2 for control at point 1, V02 and responses at point 3 for control at point 1, V03 and 

1̂2- 1̂3-

Figures 4.27 and 4.28 show the effect of a control at point 1 at the two other accelerometer locations, 

at points 2 and 3. Results are given for a reduced frequency band since no significant control effect 

can be noticed above 500 Hz. Apart from the large increases at 46.5 Hz and 55.5 Hz due to the onset 

of instability, no significant effect of the control is noticed on the equipment panel at points 2 and 3, 

even in the frequency range [250 Hz - 300 Hz]. Some control effect at point 3 could have, however, 

been expected, since, from their symmetrical locations, points 1 and 3 tend to have a similar response 

to the modes of the isolation system. Attenuation of a resonance at point 1 (270 Hz for instance) thus 

does not seem to induce a reduction of the associated mode over the system, since no such reduction 

is observed at point 3. This single-channel control system appears to generate a strict local reduction 

in the velocity of the composite panel. 

Control at point 2 

Figure 4.29 presents the force normalised velocity V22 simulated for a maximum control gain equal to 

17, as determined from the plant response analysis. Because of this very small gain, the range 

displayed is limited to 500 Hz, as no further isolation improvements were noticed above this 

frequency. As for a control implementation at point 1, the controller has no effect on the system 

below 50 Hz. 
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Figure 4.29. Measured passive velocity response V02 and simulated controlled velocity response V22 at the 

control point for a control at point 2. 

The main point to be observed is the large increase due to being close to instability; in this case at 90 

Hz because of the inertial actuator effect. A sharp increase is also observed at 52.5 Hz as pointed by 

the Nyquist plot of the plant response G22. Figure 4.29 illustrates once more the effect of the 

dynamics of the inertial actuator, as above 100 Hz, only vibration reduction is achieved. The 

reductions are limited by the very low gain due to the very reactive dynamics of the system at 90 Hz 

and only 2-3 dB attenuation are obtained in a frequency range centred around 150 Hz. The largest 

vibration reduction again occurs around 270 Hz as the vibration level goes down by 4-5 dB. 
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Figure 4.30. Passive and simulated controlled Figure 4.31. Passive and simulated controlled 
responses at point 1 for control at point 2, Vqi and Vai- responses at point 3 for control at point 2, V03 and V23. 
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Figures 4.30 and 4.31 show the response at points 1 and 3 for a maximum gAin control at point 2. 

Apart from the unstable features, the control seems to have some effect at point 1, unlike the previous 

single channel control implementation. The vibration level thus goes down by up to 3-4 dB at 270 Hz 

and small vibration attenuation is observed between 250 Hz and 300 Hz. Small amplification is also 

noticed around 150 Hz but without real consequences on the system vibration. Very small attenuation 

is observed in the range [250 Hz - 300 Hz] at point 3 so that the control at point 2 appears to 

generate, to a certain extend, a global reduction of the system vibration in this band. 

Control at point 3 

Figure 4.32 presents the force normalised velocity V33 simulated for a maximum control gain of 48. 

The main effects of a control at point 3 are similar to the ones observed in the two other control 

implementations. 

Control off 
Control on 
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Figure 4.32. Measured passive velocity response V03 and simulated controlled velocity response ¥33 at the 

control point for a control at point 3. 

As for control at point 1, instability arises in the system through the fast increase of the 55.5 Hz 

resonance. A large amplification also occurs at 46.5 Hz. The control shows attenuation effects above 

the secondary actuator resonance CO,, with significant reduction in the band [230 Hz - 350 Hz], up to 

10 dB at 270 Hz. No real control benefit can be recovered above 500 Hz for the same reasons of low 

control gain and decreasing plant response magnitude already discussed. 
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Apart from the onset of instability at 55.5 Hz and the large increase at 46.5 Hz, control at point 3 as a 

little effect at point 1 as shown in Figure 4.33. 1-2 dB reduction are observed between 130 Hz and 

270 Hz. and vibration amplification arises around 120 Hz. 
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Figure 4.33. Passive and simulated controlled Figure 4.34. Passive and simulated controlled 
responses at point 1 for control at point 3, Vqi and Vg,. responses at point 2 for control at point 3, V02 and 1̂ 32. 

At point 2, the control generates small vibration amplifications and reductions in the frequency band 

[70 Hz - 300 Hz] but does not significantly affects the global velocity response above 60 Hz, as 

shown in Figure 4.34. 

4.5.4. Summary of single-channel implementation of inertial DVFB control 

Similar characteristics come out of the analysis of the three different single-channel controls. The 

three sets of simulations illustrate the strong limitation induces by an inertial actuator, that sets an 

inherent limit in term of feedback gain. Below the inertial actuator resonance %, only vibration 

amplification is expected, and any low frequency resonance of the system is strongly increased and 

can threatened the system stability. If no resonances occur in the system below GOg, instability will 

still appear at as shown in chapter 3 for rigid equipment isolation. An inertial implementation of 

DVFB control ensures, however, vibration reduction at high frequencies at the control point, since it 

tends to implement skyhook damping. The performance of an inertial DVFB control can therefore be 

characterised as a control strategy which is rather independent of the passive system dynamics. 

The vibration reduction observed at the control point seem to generate, to some extend, vibration 

reduction at the two other mount connections on the equipment plate. However the small amplitude 

of the attenuation and, in general, the small control effect observed at the uncontrolled points do not 
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enable us to draw definite conclusions on the response of the whole equipment panel to a single-

channel control implementation. It appeared that the three single-channel controllers had only a local 

efficiency which seems reasonable since DVFB control is a local control strategy, unlike a control 

based on the input power which seeks to minimise the global equipment vibration. To help in the 

analysis of the "cross effect" of one controller, the attenuation above 100 Hz has been estimated in 

term of vibration energy at each accelerometer position j for each control implementation at point i, 

using the numerical version of the following expression, 

A r f / % j = 100* 
iKi # 

/ = 1 0 ( ) / / z 

(4.20) 

where / i s the frequency (in Hz). The system response is only taken into account above 100 Hz to 

avoid the instability effect that would corrupt the estimation. Results are shown in Table 4.3. 

Measured at 1 Measured at 2 Measured at 3 

Control at 1 38.4% 12.8% 1.4% 

Control at 2 6.0% 46.7% 2.9% 

Control at 3 13.4% 12.2% 23.5% 

Table 4,3. Percentage of vibration kinetic energy attenuation at the mount junctions on the composite panel in 

the band [100 Hz - 1 kHz] for the three single-channel control systems. 

Table 4.3 provides interesting information on the net attenuation effect of the different control 

systems. The diagonal terms of the table are the largest since they represent the attenuation at the 

control points. It appears that good local control is achieved at point 2 whereas, amongst the three 

control implementations, a control at point 2 tolerates the smallest feedback gain. Control at point 2 

appeared, from the plots, to have a larger effect at the uncontrolled points than a control 

implementation at point 1, but the net isolation effect at points 1 and 3 of a control at 2 is in fact very 

small. The reason is that not only reductions but also vibration amplifications were observed above 

100 Hz at these points which is connected with the fact that several panel modes do not contribute 

strongly to the response at point 2. Control at point 3 does give significant performance at points 1 

and 2. 
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4.5.5. Experimental implementation of single-channel control at point 1 

Real single-channel control was experimentally implemented at point 1. Results are only shown at 

the control point in Figure 4.35 for two values of gains: /2=54, which is close to 52.5, the estimated 

maximum gain, and /2,„„=110, which is the largest experimental gain applied before the onset of 

instability. This unexpected large gain value seems to be the consequence of non linearity in the 

current source driving the control shaker or in the controller box which may saturate as the sensor 

output becomes too large. This enables us to apply a gain that is twice that expected and therefore 

larger vibration attenuation is achieved above 100 Hz. As seen from the simulations, the band of 

larger reduction is [250 Hz - 300 Hz]. The vibration level is reduced by 16 dB at 280 Hz for a gain of 

110 and by 10 dB for a gain of 54, which is 3 dB better than estimated by the simulations for a 

maximum gain of 52.5. Significant reductions are also observed at 400 Hz where the control provides 

8 dB and 4 dB attenuation for these two gains respectively. Isolation enhancements are also noticed 

up to 1 kHz. If the maximum gain is different from the one estimated, the general features of the 

control commented in section 4.5.4 are reproduced in practice. Vibration attenuation is achieved 

above 100 Hz and sharp amplification occurs below 100 Hz. Only the amplitude of vibration 

attenuation is changed by this unexpected value of maximum control gain. 

Control off 
Control gain = 54 
Control gain = 110 

E - 4 0 

0 100 200 300 400 500 600 700 800 900 1000 
Frequency (Hz) 

Figure 4.35. Measured passive velocity response Vqi and measured controlled velocity response Vu at control 

point 1 for two values of control gain. 
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Over the range [100 Hz - 1000 Hz], the vibration energy is thus attenuated by 64.3% at the control 

point for a maximum gain of 110 and by 47.9% for a gain of 54 whereas it was estimated at 38.4% 

for a control gain of 52.5. 

4.6. Multichannel control 

4.6.1. Plant response and stability analysis 

Simulations are now performed for a three-channel decentralised control system, in which all the 

control loops studied in the previous section are closed simultaneously. The objective is here to 

assess the performance of a local control based on DVFB operating at each mount connection. The 

nine transfer functions G/, measured for the analysis of the single channel controllers are now 

required in the stability analysis, since the plant response is now the matrix G made of the G,, transfer 

functions, as presented in chapter 2. 
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Figure 4.36. Magnitude of the elements of the measured matrix plant response. 
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Figure 4.37. Phase of the elements of the measured matrix plant response. 

In this case of a three channel-controller, 

(̂ 12 
G = G,, G23 (4.21) 

Gs, G32 (̂ 33. 

where the frequency dependence of these quantities are not made explicit for simplification of the 

notation. 

Figure 4.36 shows the plots of the magnitude of the elements constituting the plant response matrix 

G. Figure 4.37 shows the different phase responses of the plant matrix whose cross-plots illustrate 

the mechanical delay between sensors and actuators as one control sensor is not located at the same 

position as one of the secondary actuators. 
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As discussed in chapter 2, the system stability can be studied by evaluating the frequency dependent 

eigenvalues of the open loop GH and applying the Nyquist method. For constant gain control, 

identical for each loop so that H is diagonal and time invariant, the Nyquist method is very 

convenient since it was shown to simplify to the determination of the eigenvalues of the plant matrix 

G alone. If the magnitude each diagonal term G,, in Figure 4.36 is much larger than the magnitude of 

the two cross terms of the same row, at each frequency, the control channels are mechanically weakly 

coupled and the eigenvalues of G are almost equal to the corresponding single-channel control plant 

responses G,„ so that the maximum gain values estimated for the single-channel control systems can 

be used for the three-channel control implementation without any risk of instability. For the system 

considered, it appears, however, from Figure 4.36 that below 500 Hz, the cross terms of the plant 

response matrix can not be neglected and have to be taken into account in the stability assessment of 

the multichannel control. This mechanical coupling between the control channels was already 

pointed in the previous study by the discussion on the effect of a single-channel control at the two 

other sensor locations. 

Figures 4.38, 4.39 and 4.40 show the Nyquist plots of the three eigenvalues ?ii, I2 and Each of this 

eigenvalues are in principle more or less associated with the plant response G,,- of one of the three 

single-channel control systems and common features between the two corresponding quantities are 

therefore expected. However, because of the mechanical coupling existing between the three 

channels and the noise in the measurement, it is difficult to track the eigenvalue A,, that corresponds to 

G„ and the Nyquist plots in Figures 4.38, 4.39 and 4.40 thus exhibit some discontinuities as one 

eigenvalue seems to switch to another one as the frequency changes. This does not corrupt the 

stability analysis for equal gain control, however, and the maximum feedback gain tolerated can still 

be properly estimated. 

0.02 0.04 
Real 

Figure 4.38. Nyquist plot of the eigenvalue 1, of the plant response G 
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Figure 4.39. Nyquist plot of the eigenvalue of the plant response G. 

- 0 . 0 1 
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Figure 4.40. Nyquist plot of the eigenvalue A,) of the plant response G. 

The Nyquist plot of the first eigenvalue in Figure 4.38 presents clear similarities with the Nyquist 

plot of G|i as two large loops cross the negative real axis at 46.5 Hz and 55.5 Hz. The whole locus is 

however much larger than for G\\ since the other control loops and specially the third one also 

contribute to the whole response X]. The Nyquist plot of X3 also presents a large loop in the unstable 

half plane which crosses the negative real axis around 53 Hz. However, for an equal gain control, the 

gain limitation is to be found in the Nyquist plot of X2 which exhibits a loop crossing the negative 

real axis at 90 Hz, at the inertial actuator resonance, as already observed in the analysis of G22. The 

inertial actuator dynamics are directly involved here and the overall gain is limited to a maximum 

value of 13.4. 
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4.6.2. Control performance 

Figures 4.41, 4.42 and 4.43 present the force-normalised velocity at the three control points, similarly 

defined as for single-channel control, when three-channel equal gain control is simulated for a 

maximum gain of 13.4. The control responses are compared with the corresponding passive 

responses as for single-channel control. 
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Control on 
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Figure 4.41. Measured passive velocity response Vgi and simulated controlled velocity response at point 1 for 

maximum gain multichannel control. 
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Figure 4.42. Measured passive velocity response V02 and simulated controlled velocity response at point 2 for 

maximum gain multichannel control. 
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Figure 4.43. Measured passive velocity response V03 and simulated controlled velocity response at point 3 for 

maximum gain multichannel control. 

The first thing which is clear from these figures is the significant amplifications in the disturbance 

which occur at about 90 Hz, which is the frequency at which the system would go unstable if the 

feedback gain was slightly higher. The three-channel controller prevents any vibration amplification 

at high frequencies at the control points where only vibration attenuation is observed above 120 Hz. 

The control is then very likely to generate a global attenuation of the composite panel vibration at 

high frequencies. The vibration reduction is, however, strongly limited by the small feedback gain 

applied to the control system. Results are thus only displayed for the frequency range [0 - 500 Hz] as 

no significant control improvements are noticed above 500 Hz. As expected from the previous 

analysis, the attenuation is maximum in the band [250 Hz - 300 Hz]. At 270 Hz, 2 dB attenuation is 

achieved at point 1, 7 dB at point 2 and 6 dB at point 3. As for the single-channel controller study, 

the vibration energy attenuation above 100 Hz has been calculated at the three control locations to 

help in the estimation of the high frequency efficiency of the equal gain multichannel controller. The 

results are listed in Table 4.4. 

Point 1 Point 2 Point 3 

Attenuation 28.4% 42.9% 20.5% 

Table 4.4. Percentage of vibration kinetic energy attenuation at the mount junctions on the composite panel in 

the band [100 Hz - 1 kHz] for maximum gain multichannel control. 
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Again the attenuation is maximum at point 2. One should note that the attenuation at point 3 goes up 

to 36.0% when it is estimated from 120 Hz. It would, however, be impossible to use these 

attenuations in practice because of the amplification at 90 Hz. 

4.7. Conclusions 

The analysis of the different control systems simulated and implemented in this chapter bears out the 

conclusion reached in chapter 3, that instability and therefore gain limitation are inherent to the use 

of inertial device in DVFB control. This first appears obvious since it is well know to be difficult to 

generate a force, at low frequencies, by reaction against a free mass. Section 3.3, however, clearly 

defined the dominant role of the secondary actuator in the plant response and this chapter extends 

this conclusion to the general case of flexible structure on multi-mount system. It also illustrates very 

clearly how the inertial devices split the frequency range into two distinct regions. The low frequency 

band, below cOa, is the band of control amplification and, above CO,,, the control is expected to enhance 

the passive isolation performance. The smaller the inertial actuator damping, the more this statement 

is satisfied and the quicker the control will implement perfect skyhook damping at high frequencies. 

As the control becomes efficient, at high frequencies, a simple velocity feedback loop seems not only 

to apply local control but also to lead, to a certain extend, to an overall reduction of the vibration 

level of the equipment panel, even if no reduction of a specific mode of the mounted equipment panel 

has been observed. This suggestion would need to be checked by estimating the control effect at 

other positions on the equipment panel or the power input in the panel at the mount junctions. 

Such a control implementation could be damaging to the suspended system because of the large 

increase of the low frequency vibration. One can then think of increasing the gain margin by lowering 

the resonance co„ but this may induce an unreasonable addition of weight in the inertial actuator. The 

inertial implementation of DVFB control thus faces strong low frequency limitations, even though 

such an active isolation is designed to supplement the poor performance of passive isolations at low 

frequencies. For many practical cases, an inertial implementation of DVFB control does not appear to 

be the right strategy when passive/active isolation has to be designed. It offers, however, a greater 

potential in reducing high frequency vibration on structures not connected to any passive isolation 

since it can easily be built as a self-contained control unit to be positioned at any location on a 

vibrating structure in order to apply local control. It must be highlighted, moreover, than only a rather 

crude and basic control system has been considered here, in which no place is allocated for any 

operation on the control signal. The use of appropriate compensators to modify the phase response of 

the plant at low frequencies could thus be considered and may partly remove the control limitations 
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to the expense of reduction of the attenuation at higher frequencies. This would, however, lead to an 

increase of the gain margin and possibly to an overall enhancement of the control system 

performance. This is not within the direct scope of the present study which is focused on the 

mechanical aspect of DVFB control, but it does offer an interesting suggestion for further work and 

developments. 
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Chapter 5 

Reactive implementation of DVFB control 

on a mounted flexible equipment: Simulations 

5.1. Introduction 

It has been seen that DVFB using inertial actuation leads to enhancement of the vibration at low 

frequencies compared with that provided by an existing passive isolation. In chapter 3, a reactive 

control force was shown, however, to give very robust control and high degree of vibration isolation 

when implemented to a rigid suspended equipment, even though the base structure was considered to 

be flexible. The final two chapters will thus focus on a reactive implementation of the strategy of 

DVFB control, extended to a multi-mount system for the isolation of a flexible suspended equipment. 

This study will enable a assessment of the performance of reactive DVFB control, faced with a 

practical system in which no simplifying assumption can be made. The test rig designed to carry out 

this study is similar to the one presented in chapter 4, and so comparisons will be possible between 

reactive and inertial actuation for the strategy of DVFB control. Prior to any real implementation of 

the control, a full model of the experimental isolation system has been developed in parallel with 

passive measurements. Chapter 5 is thus focused on the model description and on the performance of 

the control resulting from pure simulations whereas chapter 6 will show the results obtained from an 

experimental implementation of DVFB for both single and multichannel controls. Before discussing 

the model, this chapter gives a brief description of the test rig. It is followed by a discussion on the 

general expression of the plant response for reactive control of a flexible equipment panel mounted 

on a single passive isolator. The structure of the model is then developed and validated by a set of 

passive measurements carried out on the experimental rig. The performance of the different single-

channel controls and of the decentralised multichannel control obtained by the model are finally 

discussed, setting an useful framework for a safe implementation and a good understanding of the 

experimental control results. 

The objective of the control is to improve the efficiency of a passive mounting system in reducing the 

equipment out-of-plane vibration due to flexural bending waves transmitted to the supported structure 

90 



Chapter 5: Reactive control - simulations 

by the rubber mounts. A reactive implementation of DVFB control was shown in chapter 3 to be 

unconditionally stable and thus to provide very promising performance. However, the control is now 

faced to four main changes. 

a- The equipment structure is no longer rigid and thus does not simply behave as a suspended mass. 

This modifies the expression of M, defined in section 3.2. The question of the effect of the 

equipment flexibility on the expression of the plant response is addressed in section 5.2. 

b- The equipment structure is connected to the base structure by several mounts. In the case of an 

inertial secondary actuation, this does not really affect the plant response compared to a single-

mount connection. However, a secondary force reacting in parallel with the mount generates a 

disturbance in the flexible base which is transmitted back to junction i on the equipment via the 

other mounts. This mechanical feedback introduces an extra delay in the plant which is an extra 

factor for plant destabilisation. 

c- Resonances in the mount now have to be taken into account in the frequency range covered by 

the active control analysis. The mounts can not be simply modelled by the single impedance 

term Z,„. This may also constitute a factor of control destabilisation. 

d- Not only axial but also rotational excitations 8^ and 0,, in the mount are transmitted to the 

equipment. These excitations can not be tackled by an axial active force device such as the 

reactive actuators used. This limits the control to one of the three components responsible for 

equipment bending vibration. This may, however, not be exactly true as these three components 

(1 translation and 2 rotations) are coupled together. 

5.2. Effect of the equipment flexibility on the plant response 

The effect of the equipment flexibility can be approached by going back to equation (3.13), which 

gives the general expression of the total mobility for a single channel DVFB control using a reactive 

secondary force in parallel with a single massless isolator. The dynamics of the flexible base and 

equipment are modelled by the uncoupled input mobility at the mount junction M;, and M, 

respectively, as defined in chapter 3. The equipment structure, like the base structure, can now be 

described as a linear combination of structural modes defined by their modal stiffness, damping and 

mass: respectively k̂ n, Ce„ and m„ for the /i"' mode. Similarly, for the base structure, kh,„ is the modal 

stiffness, Cj,„, is the modal damping and /w/,,,, is the modal mass of the m* mode. 
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The dynamics of the mounted equipment can thus, in principle, display three types of behaviour. It 

can be mass controlled, damping controlled or stiffness controlled. 

5.2.1 Mass controlled equipment 

If the equipment is mass controlled, the mobility M, can be approximated by. 

This comes back to the case of rigid body control, which was proved to be unconditionally stable 

(section 3.2.1). 

5.2.2. Damping controlled equipment 

If the equipment is damping controlled, the mobility M, can be approximated by, 

= = - ^ -

c 

The expression for in equation (3.13) is now using Z = c + , 
7® 

-

(5.3) 

As already performed for the analysis of rigid equipment control, and noting that M;, is an input 

mobility, it can be written that 

so that using expression (3.20) 

% (5^) 
-TT < Z < 

2 

The first damping term q,,, in the denominator of equation (5.3) does not modify the phase limits and 

then, 
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The control system is still, in principle, unconditionally stable when the equipment is damping 

controlled 

5.2.3. Stiffness controlled equipment 

If the equipment is stiffness controlled, the mobility can be approximated by, 

and equation (3.13) is now 

M = ! ( 5^ ) 

No direct conclusion comes out of this expression unless assumptions on the base dynamics are 

made. 

Stiffness controlled base 

If the base is stiffness controlled, 

K. 

and then equation (5.8) is now 

= 
(5.10) 

k 
+ + /A:, 

Going through the process of phase analysis it turns out that, 

1 < Z ^ < 0 
2 

and SO 
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0 < ZM < 71 (5.12) 

which shows that the control is fully passive and thus unconditionally stable when both equipment 

and base structures are stiffness controlled. In this configuration, only vibration reduction is then 

achieved. 

Mass controlled base 

If the base is mass controlled, 

(5^3) 

and equation (5.8) can be rewritten as, 

- ' 

1+ " 
Am? y 

(5.14) 

so that 

. 

;co (;co) 

(5^5) 

The phase of the total mobility is now such as 

< -
371 (5.16) 

In this configuration, the system is potentially unstable and therefore gain limited when the following 

two relationships are satisfied: 

(5.17,5.18) 

Using equation (3.13), these two expressions can be shown to be equivalent to 

( j O < a n d CO: 

(5.19,5.20) 

7M, .(I' + K.) 
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Equation (5.19) is automatically satisfied if equation (5.20) is satisfied. Under the conditions that the 

equipment structure is stiffness controlled and the base structure is mass controlled, the control of a 

suspended flexible structure can only lead to instability at frequencies given by equation (5.20). In 

practice, the modal stiffness k,,„ becomes rapidly much larger than the mount stiffness k as the modal 

order n increases. Expression (5.20) quickly tends to for higher modes. For an uniform 

plate in bending, CO,, is a constant, as the modal mass is constant, independent of the modal order so 

that instability can only occur at rather low frequencies. 

Assuming the control is gain limited so that equation (5.20) is satisfied, using equation (5.14) it can 

be calculated that when the phase of Mf,,,,,/ is equal to n. 

The higher the modal order of the equipment structure resonance, the smaller the loop crossing the 

negative real axis of the Nyquist plot and the larger the maximum feedback gain tolerated by the 

control system. 

Damping controlled base 

If the base is damping controlled, 

1 
(5.22) 

and equation (5.8) can be rewritten as 

" K./ J.^k/ ](,^K 

(5.23) 

,,to + (<̂  + / 0 - 4 " + /jcoc,.. 

A phase analysis of equation (5.23) shows that 

0 < 

The control is then, once again, unconditionally stable. It is interesting to note that as the frequency 

increases, the wavelength in the base structure becomes small compared to the dimensions of the base 

which starts to behave as an infinite structure. The base dynamics is therefore damping-like and its 
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input mobility is purely real and frequency dependent. For example, the input mobility of an infinite 

plate in bending is equal to l /8^Dph ' , where D is the bending stiffness, p is the density and h' is 

the thickness of the plate. This shows that a reactive implementation of DVFB control does not 

present any sign of high frequency instability. This observation can also be extended to the case of 

multi-mount systems since the mechanical coupling between two control channels, due to the multi-

transmission paths, decreases with frequency as the spacing between two mounts becomes much 

larger than the wavelength in the base or in the equipment structure. 

Even though reactive DVFB control is not unconditionally stable when applied on a flexible structure 

mounted on a single mount, this discussion on the phase response of the total mobility function 

presents the reactive actuation as a strategy with good potentials for DVFB control. Instability can 

only occur at low frequencies as the base structure is mass controlled and the equipment is stiffness 

controlled. This must, however, be balanced since it comes from the analysis of perfect mass-like, 

damping-like or spring-like behaviour of the elements composing the isolation system, whereas a 

combination of the three types of behaviour should be theoretically investigated. Moreover, modal 

overlap is observed in practise. Finally, this short analysis does not include the other hypothesis 

pointed in points b, c and d in the introduction. 

5.3. Isolation system description 

The experimental test rig is similar to the one investigated in chapter 4, except that the inertial 

actuators have been replaced by reactive actuators. The rig is composed of a composite equipment 

panel set on three rubber mounts which provide passive isolation from the vibrating flexible base. 

The equipment panel is a composite honeycomb plate of the same structure as the one in chapter 4. 

The mounts are cylindrical pieces of rubber. To help in deriving an analytical model of the base 

structure, the U-beam has been replaced by a long aluminium plate on which the reactive actuators 

are bolted to. Figure 5.1 shows a schematic and a photograph of the global system and Table 5.1 lists 

the main geometrical and physical parameters of the main three elements of the rig. Like in the 

system investigated for the implementation of inertial control, both the equipment panel and the base 

plate present free-free boundary conditions. 
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Equipment: 
Composite panel 

Passive 
mount -

Point 1 Po in t ! Point 3 lii 

- > 

Primary 
excitation 

Base: 
Aluminium plate 

Reactive actuator 

(b) 

Figure 5.1. Photograph (a) and schematic (b) of the experimental test rig for reactive control. 

Main dimensions (mm) Material 

Equipment panel 710 X 500 X 4 Composite fibre 

Base plate 803x 100x3 Aluminium 

3 mounts 0 e x t = 3 0 , 0 i n = 1 0 , A - 3 0 Soft rubber 

Table 5.1. Main characteristics of the elements of the isolation system. 

The main differences with the inertial control test rig are due to the type of secondary actuation. The 

inertial shakers have been removed and replaced by three secondary shakers bolted on the aluminium 

base plate. They are rather powerful force generators relative to the dynamics of the system under 

control. They can thus easily generate the control force required but their mass, of 0.91 Kg each, 

strongly affect the dynamics of the base plate, whose mobility is significantly lowered. This does not 

completely remove, however, the hypothesis of a flexible base structure, since it still presents 

97 



Chapter 5: Reactive control - simulations 

significant dynamics with very low frequency resonances as shown in the passive analysis of the 

system below. Referring to the practical example of the double shell fuselage of a standard civil 

aircraft, the external aluminium shell, coupled to different sets of stiffeners, has a high impedance in 

comparison with the internal composite panel. The difference in impedance may not be as large as 

the one encountered in the system under investigation, but many other practical situations present 

such a mobility difference between the base and the equipment structures. 

In order to apply reactive secondary forces as in chapter 3, the mounts have been moulded as hollow 

cylinders to insert a thin metallic stinger which can transmit the axial force generated by one control 

shaker to the top disc of each rubber mount which is rigidly connected to the composite panel. The 

stinger, as shown in Figure 5.2, is made of a wire, very flexible in rotation, to prevent any 

transmission of moment excitation due to rotation at the tips of the mount. The secondary actuation 

can thus only transmit axial efforts. Acting in parallel with the passive isolation, the stiffness of the 

actuator suspension can be neglected compared to the axial static stiffness of the mounts. The mounts 

are made of a rubber material, which are easy to mould at relatively low temperature. They are 

therefore soft in comparison with the isolators generally used in the aeronautic industry. A strip of 

tape has then be wrapped around each of them to increase their axial stiffness to 42 kN/m. A soft 

mounting can make the control more challenging for a reactive implementation of DVFB since it 

gives rise to rather low frequency resonances in the mounts. 

Top aluminiuni, 
disc 

IMMIMII 
-> 

TTTTTT 

f 

TTTT < Equipment 
panel 

Steel stinger 

< Base plate 

<- Control actuator 

Figure 5.2. Schematic of one active mount 

The experimental rig has been designed to avoid any symmetry that could condition the control 

system. The spacing between two consecutive control actuators is not the same and the three mounts, 
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aligned along the x-direction, are connected to the equipment panel off the centre line and off the 

main nodal lines of the equipment panel, so that all the low frequency modes of the equipment panel 

can be excited. The primary excitation/o, represented in Figure 5.1, is located off the centre line of 

the base structure so that a maximum base dynamics, including rotational excitation around the y-

axis, can be obtained. Table 5.2 lists the positions of the mount junctions on the base plate and on the 

equipment panel relative to a local reference position whose axis are shown on Figure 5.1. 

Point Position {x,y) in mm on 

the base 

Position (x,y) in mm on 

the equipment 

1 (160,50) (120.220) 

2 (350,50) (310,220) 

3 (680,50) (640,220) 

Table 5.2. Mount positions on the base plate and on the equipment composite panel. 

5.4. The model 

5.4.1. Global modelling 

The purpose of modelling the mechanical system under control is to enable an estimation of the 

whole equipment dynamics by calculating, at each frequency, the power input by the mounts into the 

equipment. Performing this calculation when the system only undergoes a primary excitation and 

when the controller is running thus provides a global performance of the controller in reducing the 

whole equipment out-of-plane vibration. Experimentally, using conventional accelerometers and no 

force or moment sensors, only a rough estimation of the kinetic energy of the equipment can be 

achieved by monitoring the response at different locations. 

The model is based on a mobility-impedance formulation. It is to a large extend a modified version of 

the model developed and discussed by Gardonio [25] in the study of active transmission reduction 

between two flexible plates mounted on multiple isolators. 

At each junction j with the mounting system, the velocity and force related to the six degrees of 

freedom on the base and the equipment structures can be gathered respectively in a kinematic vector 

V/ and in a dynamic vector fj as. 
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V. = V , w , ^ 8 , /} f ; M, (5.25, 5.26) 

where ii., v. and vv. are the complex amplitudes of the linear velocities respectively along the x, y 

and z-axis, 8^., 8^ , 8^ are the complex amplitudes of the angular velocities respectively around the 

y and z-axis, are the complex amplitudes of the forces respectively in the a:, y and z-

directions and finally My,- and Myj are the complex amplitudes of the moment referred 

respectively to the y and z-axis. 

Only the out-of-plane motion resulting from bending vibration in the base and equipment structures 

are considered so that the vectors V; and f; can be reduced to 

e , 9 , } ""d f ' K M, « , „ } (5.27, 5.28) 

since only the rotation 8^, 8,, and therefore the moments Mc and My are coupled to the resulting out-

of-piane motion w;. 

Vf/sj/ teZ'l- VfZ 

I- f/ii27 tn22^ 

h 4 
moLinlin^ 
system 

frn i Vo, f, V« 

t 

1 V — excitation 
vector f« fw. 

% ̂ fii2n 
prnnaiy Kcondoiy | 

excitation _ 
^ 4- ̂ mli! 

i VfM ft V6 

Figure 5.3. Scheme of a general isolating system for base vibration. 

As suggested by the notation in Figure 5.3, the different force and velocity vectors can be grouped 

into a base velocity vector v,, and in a base force vector f,, and similarly for the equipment where v,, is 

the equipment velocity vector and is the equipment force vector. Considering 3 mounts, 

' 4 / 
4 = ^ ' V, • f . = - f a V =. 

.^3 , A.. 

(5.29, 5.30) 
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where V/,, is the 3x1 velocity vector on the base structure at the junction with the mount as defined 

in equation (5.27), f*y is the 3x1 force vector on the base structure at the junction with the j* mount as 

defined in equation (5.28) and similarly for Vg and fg. 

A similar dynamic description can be obtained for the velocity and force components at the two ends 

of each passive mount so that, 

v : = { v ; „ v ; „ vL, v : , v ; „ } 

O K , f,L c , , f,:., c c , } (5.32) 

where . and . represent the 3x1 velocity and force vectors of t h e / ' mount at the junction with 

the base structure and v^^j.and represent the 3x1 velocity and force vectors of the mount at 

the junction with the equipment structure. 

Considering a primary excitation vector fo acting on the base structure, the velocity and force vectors 

of the base can be related to each other using the mobility matrix approach by 

(5.33) 

where M;,; is the matrix of the mobilities between the different junction locations on the base and 

Mh2 is the matrix of mobilities between the excitation points and the response at the mount junctions 

on the base structure. Similarly for the velocity and force vectors of the equipment structure. 

V, (5.34) 

where is the matrix of mobilities between the different mount junctions on the equipment 

structure. 

Each elements of these matrices, M;,y, M/,2, are themselves 3 by 3 matrices of mobility functions 

accounting for the three coupled degrees of freedom considered. More details can be found in section 

5.4.2, which is focused on the plate dynamics modelling. The base and equipment structure equations 

in expressions (5.33) and (5.34) can then be grouped in an unique equation as, 

(5.35) 
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where the global mobility matrix associated to an excitation at the mounting junctions on the 

base and equipment structures and Mt,2, the global mobility matrix between the primary excitation 

locations on the base structure and the response at the mounting junctions on the base and equipment 

structures are defined as, 

M,. 
0 

M , 
and M, (5.36, 5.37) 

and the global junction velocity and force vectors are given by 

(5.38, 5.39) 

The dynamics of the mountings are expressed using an impedance approach. The reactive secondary 

forces acting in parallel with the passive isolators can also be defined at this stage so that, 

f = Z V +f (5.40) 

where Z,„ is the mount impedance matrix, detailed in section 5.4.5 and f, is the secondary force vector 

which, for DVFB control, is 

(5.41) 

where K is the control gain matrix. 

When the three component, base, isolators and equipment are coupled together, the velocity 

continuity condition and the force equilibrium principle at each junction impose the conditions that 

v,. = and + L = 0 (5.42, 5.43) 

so that equation (5.40) becomes 

- -(Zm + K)v,, (5.44) 

Combining equations (5.44) with (5.35), 
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or 

v , . = - M , ^ , ( Z . + K X + M ^ , f » (5.45) 

Vk :=(! + Nik. (2%,, 4-It))"' (5.4(5) 

and the global force vector can now be calculated using equation (5.44) 

f,, = -(2%. 4-]{)(l + 4 - ] % ) ) - ' ( 5 1̂7) 

Knowing both the velocity and force vectors at each mount junction on the equipment structure, it is 

easy to determine the global power input in the equipment, P„„ by the axial and rotational excitations 

from the mounts. 

This also enables us to discriminate between the "axial power" and the "rotational power" and to 

evaluate the control effect on each of this quantities so that a global performance of DVFB in 

limiting vibration transmission through a passive isolation can be estimated. 

Knowing f^, it is simple to compute a mobility matrix M, between the mount junctions on the 

equipment structure regarded as excitation points and other points on the equipment structure to 

calculate the out-of-plane velocity at desired locations. 

Vr = CS.'IQ) 

where v,. is the velocity response vector at the points of interest on the equipment structure. 

5.4.2. Plate mobility matrices 

As already mentioned, each element constituting the different equipment and base mobility matrices 

presented above, for example M , a r e themselves sub-matrices relating a point of excitation k 

to a response at Z for the three degrees of freedom considered in the model so that, 
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M l M l , M l 
M*' M*' 

OdVz evMi 
M."' M"' 

ByMt 

(5.50) 

the different mobility terms in equation (5.50) illustrated in Figure 5.4, are calculated using an usual 

modal decomposition for thin isotropic plate based on Warburton's theory [34] and using the Bishop 

and Johnson mode shape functions [35] as detailed in [25] and already used in [16]. 

Iffy / 

Point k 

i ^ 

Point 1 

Figure 5.4. Notation of the displacement w at positions P, and at point I, and of the rotations 8%, and 8y, at point I 

when a plate is excited in flexure by a point force N, and point moments M^, and My, at position k. 

Assuming the harmonic motion with time dependence of the form expijat) the individual mobility 

terms are given by the following modal formulae. 

M*' 

(™) - ^ ^ ™ ™ (^) 

Mat(m) 

vim (04).., (^) 

if ^ (1 + /n) — ] 

^ 1 v—"! 

, i 

= 70)%% 

mm] f?=l 

(™) .'=1 "=I A [(0 (1 + /Tl) - (0 ̂  ] 

(5.51) 

(5.52) 

(5.53) 

(5.54) 

(5.55) 

(5.56) 
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where co„,„ is the resonance frequency of the mode {m,n), is the axial mode shape function of the 

mode (m,n) used to derive and the rotational mode shape functions associated with 6 .̂ and 

6 , . in and n are the modal indices related to the number of nodal lines in the x and y-directions 

respectively, r] is the hysteretic damping coefficient identical for all the modes and A„,„ is the modal 

normilsation factor of the mode (m, »). 

5.4.3. The equipment modelling 

A modal decomposition of isotropic systems implies to define global parameters such as Young 

modulus E (stiffness), Poisson's ratio v, density p (mass) and damping coefficient (which has been 

assumed to be of hysteretic type for both the base and the equipment modelling). Although the modal 

decomposition of the base plate using the well known characteristics of aluminium is straightforward, 

the honeycomb equipment panel, however, has not an homogeneous structure. An equivalent Young 

modulus, global density and Poisson ratio have then to be defined provided the composite panel 

behaves as an isotropic system undergoing flexural vibration in the low frequency range of interest. 

Fahy discussed the propagation of transverse waves [36] in similar sandwich materials where the 

core, the central honeycomb layer, is thick compared to the face plates. At low frequencies, the 

transverse wave propagation is controlled by the whole bending stiffness of the panel, whose 

behaviour can then be approximated to the one of a uniform plate in bending. At intermediate 

frequencies, the transverse wave propagation is controlled by the shear stiffness of the core, which 

means that the shear deformation in the material is significant and at very high frequencies, the 

propagation is controlled by the bending stiffness of the individual face plates. In other words, at very 

high frequencies, the two thin composite face plates encompassing the honeycomb layer bend as two 

independent systems coupled by the core. A modal decomposition of the equipment panel using 

flexural modes with suitable global parameters is thus only reliable in the low frequency region. 

The dispersion curve for transverse wave propagation has been measured on a strip of honeycomb 

material similar to the one constituting the equipment plate. It has been placed in between two 
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anechoic terminations made of foam, as shown in Figure 5.5, in the attempt to avoid any reflection at 

the tips of the strip so that, in principle, a single outgoing wave propagating from the excitation point 

towards to tips of the composite strip can be considered. 

Two accelerometers have been positioned on the strip, separated by a distance A,, to evaluate the 

phase delay (pn between two sensor positions caused by the wave propagating in the material. For an 

harmonic excitation of frequency (0, 

(Pl2 

and then 

k. = or c = • 
CO A, 

(5.60) 

(5.61, 5.62) 

' A (p. 

where k, is the transverse wave number and c, is the phase speed of the transversal wave. One should 

note that equations (5.61) and (5.62) do not assume anything about the nature of the wave 

propagating in the material. 

i 

Figure 5.5. Experimental setting for the characterisation of the dispersion of transverse wave in a strip of 

composite material. 

Figure 5.6 shows the experimental dispersion curve obtained using the setting described above. In the 

low frequency region, below 4 kHz, the curve follows reasonably well the theoretical dispersion 

curve of pure bending wave in an uniform beam. Then it starts to increase linearly with frequency in 

a similar way as shear waves in a beam. Even though the equipment panel is not made of exactly the 

same material as the one considered here, it appears from this experiment to be reasonable to attempt 

to model the equipment plate in the frequency range of interest [0-1 kHz] by a standard modal 

description of the flexural vibration. 
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Figure 5.6. Dispersion curve for transverse wave propagation in a composite material beam. 

The Young modulus, E ,̂ Poisson's ratio Vg and density of the equipment panel have been estimated 

experimentally. The density has been obtained by simply measuring the mass of the equipment panel. 

This implies an uniform mass distribution as well as the modal decomposition implies an uniform 

stiffness distribution, which is satisfied at low frequencies. Moreover, one should note that the mass 

per surface unit is constant over the equipment. Vg and E^ were obtained by measuring the response of 

the equipment panel to an out-of-plane excitation. The first bending mode of the equipment panel 

was identified to be the mode (1,1) and the second one to be the mode (2,0). Using Warburton's 

expression for rectangular plate resonance frequencies, it appears that the ratio between two 

resonance frequencies does not depend on the Young' modulus, neither on the density of the material 

but only on the Poisson ratio and the modal order (in,n). The equivalent Poisson ratio Vg has thus 

been estimated to be equal to 0.56. This rather large value is not surprising for an honeycomb 

structure material [37]. The Young's modulus has then be calculated to fit the first measured 

resonance of the equipment plate. Finally a constant modal hysteretic damping coefficient of 0.05 as 

been considered. These global parameters being defined, it was possible to model the low frequency 

dynamics of the composite panel in bending by a simple modal decomposition. 

5.4.4. Base modelling 

The base structure dynamics in bending was described by a standard modal decomposition for thin 

isotropic plate. The control shakers are bolted to the plate by four screws, one at each corner of the 

shaker, separated by 60 mm. In the frequency range of interest, they tend to clamp the plate surface 

between the four connection points. The effective length of the base in the model as therefore been 

reduced in the %-direction to a value of 623 mm. The control shakers are then modelled as extra point 
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masses located at the mount junctions, each of them being characterised by its mass and its 

moments of inertia and It is in fact easy to account for the local inertial effect of the control 

actuators in the modelling, since it turns out that the inertia effect due to and simply 

has to be added to the value of the input impedance of each mount at the junction with the base 

structure, as shown in section 5.4.5. 

5.4.5. Mount modelling 

To account for resonances in the mounting system, the rubber isolators have been modelled as one 

dimensional distributed elements in which longitudinal and flexural waves can propagate. The 

elements of the matrix Z„, are then themselves impedance sub-matrices since three forms of 

propagation in the mount are considered: due to the axial force N, and to the two moment and My. 

Considering a single mount as represented in Figure 5.7 

and 

Z... = 
'Z„ 

Z 
where Z 

Z-'' 0 0 

0 y;' 0 (5.63, 5.64) 

0 0 z-'' 

(m) = 

8 y / H 

(5.65) 

(5.66) 

(5.67) 

The impedance elements in equation (5.64) are based on the Euler-Bernoulli model for second order 

and fourth order equations of longitudinal and flexural waves propagation in a beam [38]. In 

principle, the impedance matrix Z,„ is a 12 x 12 matrix as, ideally, six kinematic parameters and six 

dynamic parameters at each mount junction should be accounted for. In the special case of neglecting 

3 of the 6 degrees of freedom related to in -plane vibration as explained in 5.4.1, Z,„ becomes a 6 x 6 

impedance matrix whose terms can not generally be directly extracted from the 12 x 12 impedance 

matrix since some of the impedance terms in the 6 x 6 impedance matrix are coupled with the 

neglected degrees of freedom unlike in the 12 x 12 matrix. 
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equipment 
junction 

^2 ^ 

a "̂̂ 12 8_nM 

y 8_, M 
base 

junction 

Figure 5.7. Notation of the displacement w and rotations 8.. and 9^, point force and point moments and My 

at the top and bottom junctions of one mount of the modelled isolation system. 

The statement of "neglecting three degrees of freedom" can cover two physical interpretations: 

either m = v = 0, = 0 and ^ 0, N^, / 0, M, 0 , in which pinned boundary conditions at the ends 

of the mount are assumed. 

or iV,. = M, = 0 and ^ 0 , in which free boundary conditions at the ends of the 

mount are assumed. 

This type of boundary conditions does not affect the expression of the impedance terms related to the 

longitudinal waves in equation (5.65) and 

Z l ( m ) = z : X m ) = 
C5.68) 

Z L ((o) = ((o) = -
A, 

(5.69) 

where is the Young's modulus of elasticity, A„, is the mount cross sectional area. 

= ( o / c ^ - ( q / i s the longitudinal wave number, c;„, is the phase velocity of longitudinal 

waves and p,„ is the density of the rabber material, and X2 are given by 

A, and (5.70, 5.71) 

109 



Chapter 5: Reactive control - Simulations 

However, the other impedance terms are not the same for pinned or free boundary conditions. 

Referring to the results obtained by Gardonio [25], it was decided to chose free-free mount boundary 

conditions on both ends of the mount. The 6 x 6 impedance matrix can then be obtained by inversion 

of the corresponding 6 x 6 mobility matrix whose terms are, in this special case, equal to the 

corresponding terms of the 12 x 12 mobility matrix, since the mobility terms are all defined 

considering the dynamic vector to be equal to zero. Expressions for these impedance terms related to 

the rotations are given below. A more detailed discussion on the modelling of distributed mounts can 

be found in [25]. 

1 (5-72) 

(o)) = (m) - (m) = (m) = _ 73) 

where 

(Pg - I (5.74) 

96 = c o f ( 5 . 7 5 ) 

(p, (5.76) 

and = co/ĉ „, = m'jB is the flexural wave number, = -sfaijB/m' is the phase velocity of 

flexural waves, B = the bending stiffness of one mount, /„ - =/,,,, - n a l j A is the area 

moment of inertia of the circular mount cross section with radius a, m'= is the density per unit 

area of the material. 

The mounts in the experimental test rig are as wide as they are high and therefore the Timoshenko 

beam model should have ideally been used. However, it was assumed that such a Euler-Bernoulli 

modelling was sufficient to perform a meaningful assessment of the control effects on the system. 

As mentioned in section 5.4.4, the inertial effect of each control actuator has been accounted for in 

the mount bottom input impedance. It can be shown that the inertia effect of a mass at on end of the 

mount can be simply modelled by adding to the corresponding mount input impedance the additive 
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inertial terms. The input impedance terms of each mount at the junction with the base can then be 

written as 

Z,.„, = 0 

0 

0 

0 

0 

0 

+ 7(0/ 

C5.77) 

The small inertia effect of the aluminium disc fixing the shaker stinger between the top of each 

mount to the composite panel was similarly accounted for in Z„,22-

5.4.6. Summary of the system element properties 

Table 5.3 summarises the physical parameters used in the simulations, for each element constituting 

the isolation system. 

Base plate Equipment panel Mount 

Young's modulus (N/nr) 7J^10 ].27e9 1 . 9 3 G 5 

Poisson's ratio & 3 3 0 . 5 6 0 3 3 

Density (Kg/m^) 2 : 7 9 8 1 7 0 9 0 9 

Hysteretic modal damping coefficient 0 . 0 1 5 0 . 0 5 0 ^ 5 

Table 5.3. Summary of the main physical parameters of the isolation system elements. 

5.5 Passive analysis of the system 

Simulations of the passive response of the isolation system are performed first. In order to estimate 

properly any passive isolation effect of the rubber mounts and to be able to carry on a full analysis of 

the control performance, it is useful to look at the dynamics of the base and of the equipment 

structure when uncoupled from the global system. Figure 5.8 shows an axial input mobility 

simulated at a point of coordinate (0.094,0.078) on the composite panel. The corresponding 

measurement is also displayed as a measure of the model reliability. 
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Figure 5.8. Composite panel input mobility at point (0.094,0.078). 

The first observation to be made is to notice the good agreement between the two curves at low 

frequencies where the simulated and measured resonances match very well together. Above 200 Hz, 

the simulation manages to track the global trend of the measured plate response which is, however, 

more damped than that in the simulation. If the hysteretic modal damping is replaced by a viscous 

effect, the improvement in the modelling is not significant. This suggests that a non-constant modal 

damping should ideally be considered. Unmodelled shear effects may also start to contribute to the 

out-of-plane plate vibration at frequencies as low as 1 kHz. The model globally gives a satisfactory 

representation of the plate dynamics up to 1 kHz. The first modes in the equipment plate occur at 20 

Hz, 30 Hz and 48 Hz according to both the model and the measurements. The equipment system is a 

very light and resonant system which fully fits the requirements of the design of a very flexible 

mounted structure in the scope of a full assessment of DVFB control. Above 500 Hz, the plate modes 

are less distinct because of modal overlapping and the composite panel starts to behave as an infinite 

structure. 

Figure 5.9 shows a transfer mobility measured and simulated on the base structure between the 

point of primary excitation/o and the location of the 3"" rubber mount junction. Once again a good 

agreement between the simulation and the experiment is achieved, especially at low frequencies 

where the simulated resonances match the measured ones. Because of the large inertial loading 

caused by the control shakers, the first base resonances occur at very low frequencies: 16 Hz, 42 Hz, 

68 Hz for the first three modes. Two large resonances around 270 Hz and 660 Hz dominate the base 

structure response in the intermediate frequency range. 
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Figure 5.9. Mobility function on the base structure at point 3 for an excitation/o at point 0. 

The modal density is rather low as the width of the aluminium base plate is very small compared to 

its length so that the base structure can be regarded as a beam at low frequencies. Despite the low 

frequency resonances, the base dynamics are limited as the mass of the control shakers significantly 

increases the base impedance. The overall value of the base mobility in Figure 5.9 is 30 dB lower 

than the composite panel mobility presented in Figure 5.8, such that in some frequency bands, the 

base structure can almost be considered as rigid compared to the equipment panel. This partly 

removes the assumption of a flexible base and brings back to the well known case of perfect velocity 

control and its skyhook effect as the secondary force can react against a rigid ground. The base 

mobility is, however, not negligible over the whole frequency range [0-1 kHz]. Moreover, even in the 

frequency range in which there is a large difference between the base and the equipment panel 

mobilities, the interest of estimating the performance of a local DVFB control implementation over 

the whole equipment panel remains unchanged. 

The full coupled system is now considered and Figure 5.10 shows the velocity response on the 

composite equipment panel at point 1 per unit primary excitation /o on base plate. Using control 

terminology, this quantities is called the force normalised disturbance, D], Once again, the 

corresponding measured quantity is overlaid to the simulation which exhibits good agreement with 

the experimental check. This implies a good modelling of the passive isolators which seems to have 

the typical vibration amplification effect expected from a passive isolation located around 300 Hz. 

Figure 5.10 is however not sufficient to draw definite conclusion about the passive mount effects as 

both the base and the composite panel dynamics are large in the band [250 Hz - 300 Hz], Apart from 
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illustrating the satisfactory passive results of the model, Figure 5.10 shows that the system response 

on the equipment is dictated to a large extend by the base dynamics. Because of its large impedance, 

the base tends to drive the mounted panel: the peak observed at 255 Hz is related to the large base 

plate resonance observed on Figure 5.9. This also true for the resonances at 16 Hz and to a less 

extend at 660 Hz which is more significantly noticed in the response at points 2 and 3 as shown in 

Figure 5.11. 

Simulation 
Measurement 

0) - 8 0 

D) - 9 0 

- 1 2 0 

100 200 300 400 500 600 700 800 900 1000 
Frequency (Hz) 

Figure 5.10. Velocity response on the coupled equipment panel at point 1 per unit primary excitation/q. 

In order to estimate the true impact of the passive mounts on the equipment panel isolation, Figure 

5.11 shows the simulated force normalised velocity responses on the equipment and on the base 

structure at the three mount junctions 1 (a), 2 (b) and 3 (c) respectively. This representation is 

preferred to a dimensionless ratio between the base and equipment structure velocities at one mount 

location since the flexibility of the base does not allow to define a proper transmissibility term. Such 

plots, however, give an insight into the effect of the passive isolation on the equipment vibration. 

The passive isolation effect is obvious at point 1 on Figure 5.11(a) as the vibration transmission is 

greatly amplified from 120 Hz to 400 Hz / 500 Hz. This is much less noticeable at point 2 and 3 as 

the equipment motion appears to be mainly dictated by the base plate motion, as already pointed out. 

The importance of the base plate dynamics can also be observed by comparing the base plate 

response in Figure 5.11(c) to the base plate response in Figure 5.9 when uncoupled from the rest of 

the system. Both curves are very similar which means that, at point 3, the coupled equipment 

structure has very little effect on the base structure. This is the consequence of the large impedance 
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of the base structure. No real vibration attenuation is observed below 1 kHz, even at point 1. 

Simulations were thus performed up to 5 kHz in order to identify more clearly the attenuation effect 

of the passive mounts. 
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Figure 5.11. 

(b) and 3 (c) 

Simulated velocity responses on the equipment and the base structures at mount junctions 1 (a), 2 

per unit primary excitation/o-

Figure 5.12 shows the same quantities as Figure 5.11 but for the extended frequency range [0-5 kHz]. 

No vibration amplification is generated by the passive isolation above 500 Hz. The passive isolation 

is efficient above 1 kHz as the base motion at the mount junctions gets much larger than on the 

equipment structure with increasing frequency. Above 1 kHz, the equipment velocity at the mount 

junctions significantly decreases with frequency so that [0-1 kHz] appears to be the frequency band 

in which the controller can make a significant contribution to reducing the composite panel vibration. 

It can also be deduced from the simulations on the passive system that the power input in the 

equipment was largely due, over the whole frequency range [0-1 kHz], to the axial excitation from 

the mounts, so that no real control limitations caused by a large rotational excitation of the suspended 

panel are expected which answers point d discussed in the introduction. 
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Figure 5.12. Simulated velocity responses on the equipment and the base structures at mount junctions 1 (a), 2 

(b) and 3 (c) per unit primary excitation 

5.6. Simulations for single-channel control 

5.6.1. Plant responses and stability analysis 

Referring to the mechanical system under investigation, three different single-channel controllers can 

be implemented by closing one of the three control loops acting in parallel with each passive isolator. 

The simulation model was first used to derive the plant response of each of the three-single channel 

controllers in order to assess the stability and the expected performance of each control system. The 

control stability is studied over the frequency range of interest defined in the passive analysis of the 

mechanical system as [0-1 kHz]. Figure 5.13 (a), 5.14 (a) and 5.15 (a) show the magnitude and phase 

of the three simulated plant responses Gn, G22 and G33 over the whole frequency range [0-1 kHz] and 

Figure 5.13 (b), 5.14 (b) and 5.15(b) show the corresponding Nyquist plots. 
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Figure 5.13, Magnitude and phase responses (a) and Nyquist plot (b) of the simulated plant response Gn. 
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Figure 5.14. Magnitude and phase responses (a) and Nyquist plot (b) of the simulated plant response Gji-
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Figure 5.15. Magnitude and phase responses (a) and Nyquist plot (b) of the simulated plant response G33. 
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The global characteristics of the three plant responses are very similar. The three control loops first 

appear to be very stable as shown on the different Nyquist diagrams as the plots almost fully lie in the 

positive real part half plane, except at low frequencies as discussed below. The plant responses are 

dominated by the frequencies range [100 Hz - 400 Hz] as the passive isolation increases the vibration 

transmission to the equipment. In this frequency band, the trend of the phase responses is shifted 

from nil to - idl as the passive mount amplification effect starts to give place to the high frequency 

attenuation characterising passive isolations. The dynamics of the base plate and composite panel 

generate some fluctuations on the global variation but without threatening the control stability. The 

largest vibration reduction is therefore expected in the frequency band [100 Hz - 400 Hz]. Around 

850 Hz, the magnitude and phase responses of the plant significantly increase again. This is the result 

of the first longitudinal mount resonance. The effect of the longitudinal mount resonances are clearly 

represented in Figure 5.16 showing the magnitude and phase of the plant response Gn up to 5 kHz. 

0 500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
Frequency 

0 500 1000 1500 2000 2500 3000 3500 4000 4500 5000 
Frequency 

Figure 5.16. Magnitude and phase of the simulated plant response G,, for a control at point 1. 

Referring to the mount modelling presented in section 5.4.5 and assuming that each single mount 

boundaries are clamped by the base and the equipment structures loading effect, the expression for 

the longitudinal resonances is given by Bishop and Johnson [35] as 

(5 .78 ) 

where n is the modal order of the resonance. 
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Modal order Frequency (Hz) 

1 794 

2 1589 

3 2383 

4 3178 

5 3972 

6 4767 

Table 5.4. First six longitudinal mount resonances assuming clamped boundary conditions. 

The first six mount longitudinal resonances according to equation (5.78) are listed in Table 5.4 These 

resonances appear quite clearly in Figure 5.16 and are very close to the values calculated using the 

simple expression in equation (5.78). If resonances in the mount generate an increase of the 

equipment response, they do not destabilise the control, as the phase is pushed back in the stable 

region. This can be explained by decomposing the reacting secondary force in two individual 

components as done in chapter 3. The control velocity is therefore the summation of two 

contributions: the force acting on the composite panel and the force acting on the base plate. As the 

frequency increases, the contribution of the force acting on the base plate becomes much smaller than 

the effect of the collocated force on the composite panel so that, at high frequencies, the control can 

be approximated to a collocated control which is known to be fully passive. The longitudinal 

resonances in the mount occurring sufficiently high in frequency, they do not threaten the control 

whose collocated characteristics provide very good stability properties. 

The favourable characteristics of the control systems are, however, somewhat debased by the low 

frequency behaviour of the plants. In order to identify the low frequency control limitations. Figures 

5.17, 5.18 and 5.19 zoom on the magnitude, phase and Nyquist plots of the three plant responses Gu, 

G22 and G33. Several sharp peaks comes out of the magnitude plots at low frequencies. The first one 

occurs at very low frequency around 0.5 Hz and is the largest one, for all the three single channel 

controls. It is associated with a phase shift of ;r which causes the Nyquist plot of G22 and G33 to cross 

the negative real axis and thus sets the maximum control gain to an approximate value of 165 and 

140 for control at point 2 and 3 respectively. However, it does not destabilise the control at point 1 

which is unconditionally stable. This sharp resonance is probably due to the pitching mode around 

the y-axis of the base and equipment structures behaving as rigid masses. The very low bending 

stiffness of the mounts and the large moment of inertia created by the reactive shakers around the y-

axis explain the very low value of the resonance. 
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Figure 5.17. Zoom of the magnitude and phase responses (a) and Nyquist plot (b) of the simulated plant 

response Gji. 
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Figure 5.18. Zoom of the magnitude and phase responses (a) and Nyquist plot (b) of the simulated plant 

response G22. 
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Figure 5.19. Zoom of the magnitude and phase responses (a) and Nyquist plot (b) of the simulated plant 

response G33. 
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A second sharp peak is noticed at 16.5 Hz on each magnitude plot. It is associated with an increase of 

the phase response which brings the phase of G22 close to K. This local peak is represented on the 

three Nyquist plots by a small loop in the unstable half plane which does not cross the negative real 

axis of the Nyquist diagrams. This 16.5 Hz peak is not a resonance but may correspond to a 

configuration of the system discussed in section 5.2.3. where the base structure is mass controlled 

and the equipment panel stiffness controlled. This is what happens at 16.5 Hz as the first resonances 

of the base and equipment structures are respectively equal to 16 Hz and 20 Hz. This occurs in 

conjunction with the fact that the dynamics of the base plate is significant compared to the dynamics 

of the composite panel at this frequency. This illustrates that the base structure does not act as a rigid 

base at any frequency and that its dynamics has to be considered even if it is globally much smaller 

than the one of the composite panel. If it does not constitute a direct limitation to the control gain, 

large amplifications can be expected from the controller around 16 Hz, especially for a control 

implementation at point 2. Moreover, any additive delay in a real control loop caused by the 

electronics, as observed in chapter 3, may destabilise the control. The same phenomenon appears to 

cause the maximum noticed at 67.5 Hz on G22 and very weakly on Gn and G33. This is not observed 

higher in frequencies as expected from the analysis of the expression of the plant response in section 

5.2.3. A small peak also appears at 7 Hz. It seems to be the result of the rotational excitation of the 

equipment. 

For each single channel controller, the performance is limited at low frequencies whereas, at high 

frequencies, the reactive actuators seem to implement collocated control and therefore skyhook 

damping control. The gain is strongly limited for a control at point 2 and at point 3 whereas an 

implementation at point 1 is, in principle, unconditionally stable. However, vibration amplification is 

expected around 7 Hz and 16 Hz from any of the three controllers. This analysis demonstrates that 

the stability of a reactive implementation of DVFB is strongly related to the dynamics of the elements 

constituting the system unlike for an inertial implementation whose performance was shown to rely 

on the actuator dynamics instead of on the isolation system dynamics. 
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5.6.2. Control performance 

For each single-channel controllers, the control results are simulated for two values of control gain h 

as listed in Table 5.5. The second control gain hi has been arbitrarily chosen in order to be of the 

order of magnitude of the maximum gain for a control at point 2, h2max, and at point 3, ĥ âx-

Control location r ' control gain 2"'̂  control gain 

Point 1 40 150 

Point 2 40 h2mtix 160 

Point 3 40 = 140 

Table 5.5. Control gains for simulation of the implementation of reactive single-channel controllers. 

The performance resulting from each control implementation is presented under three different 

forms. 

a- The simulated control results on the equipment are shown at the control point and at the two other 

mount junctions using the force normalised velocity spectra Vy compared to the passive response Vo; 

as defined in chapter 4 (i is the location of control and j is the location of measurement). This allows 

us to estimate the local effect of the control at the mount junctions on the equipment. 

h- The total (axial and also rotational) power input in the equipment is estimated over the range [0-1 

kHz]. This provides the exact estimation of the controller effect over the whole equipment panel. 

Using the standard expression of the power, 

(5 .79) 

the power related to a specific degree of freedom, or to one mount could also be easily obtained. 

c- For a control at point i, a frequency dependent estimation of the energy over the equipment panel, 

Ei, is derived using the velocity responses Vy at five randomly chosen locations on the equipment 

panel (points 4, 5, 6, 7 and 8). It is compared to the same quantity when the controller is turned off. 

The location of the five points listed in Table 5.6 correspond to the 5 measurement points on the test 

rig where the control results were also experimentally monitored. This energy estimate is defined as 
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1 ' (5.80) 

Point Position (x,y) in mm 

4 (100,100) 

5 (220,350) 

6 (540,420) 

7 (500,170) 

8 (660,50) 

Table 5.6. Location of response points on the equipment for energy estimation. 

The estimate of the energy, Ej, is based on force normalised velocity responses so that it is itself 

normalised by the primary excitation. Five points are probably not sufficient to precisely assess the 

controller effect over the whole composite panel, unlike the power estimation presented above. 

However, if good agreement can be observed on the control performance between the simulated 

energy estimation and the calculated input power, it will be possible to extend the observation made 

on the energy estimate determined experimentally to an interpretation of the global effect of the 

experimental control on the equipment panel. This can thus be very useful since such a power 

quantity can not be obtained using the test rig available, since it would require to monitor the force 

and moments at the mount junctions on the equipment. 

Control point I 

The local effect of the single channel control at point 1 is shown in Figure 5.20. Only vibration 

reduction is obtained over the frequency range of interest except at 16.5 Hz where the velocity 

response is amplified by 1 dB. Large attenuation are still observed at 1000 Hz. The larger the control 

gain, the larger the attenuation. The peak of the system response at 255 Hz goes down by 25 dB. 

Further reduction could be obtained by increasing the feedback gain as the control is unconditionally 

stable but, as expected from the stability analysis, a larger increase could occur at 16.5 Hz where the 

response is already relatively large. The control effect at points 2 and 3 is very small as shown in 

Figures 5.21 and 5.22, especially at point 3. The 255 Hz maximum is reduced by 5 dB at point 2 and 

by 3 dB at point 3 which is the main significant effect of the control, together with the 8 dB reduction 

of the 0.5 Hz resonance. The influence of the control on the 0.5 Hz resonance at the other mount 

junctions tends to emphasise that it is a rigid body mode of the mounted composite panel. A 2 dB 
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attenuation is also obtained at 885 Hz as the result of the first mount longitudinal resonance. The 

small amplification noticed at 16.5 Hz is also observed at points 2 and 3. 

Control off 
Gain=40 
Gain=150 

0 100 200 300 400 500 600 700 800 900 1000 
Frequency (Hz) 

Figure 5.20. Simulated velocity at point 1 per unit primary force for a control at point 1. 
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Figure 5.21. Simulated velocity at point 2 per unit Figure 5.22. Simulated velocity at point 3 per unit 
primary force for a control at point 1. primary force for a control at point I. 

The local effect of the control is born out by the spectrum of the energy estimate in Figure 5.23 and 

also by the total input power spectrum in Figure 5.24 which illustrates that the reduction of the very 

low resonance and of the 255 Hz peak by 6 dB are the only global effect of the control with the 

amplification at 16.5 Hz. Reduction around 900 Hz is also observed in the power spectrum. 
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Figure 5.23. Simulated energy estimate for a control at Figure 5.24. Simulated power input in the equipment 
point 1. panel for a control at point 1. 

The control is only very efficient at the control location, as it provides very high reduction of the 

velocity at point I. The small 16.5 Hz increase, however, may balance this conclusion if the feedback 

gain was set too high as any control reduction appears to be very local whereas any sharp control 

amplification is spread all over the equipment structure. The energy estimate seems to provide results 

relatively similar to the input power which shows it as a good quantity for the assessment of the 

equipment dynamics. 

Control at point 2 

The local effect of the control is shown in Figure 5.25. As for a single-channel control at point 1, 

large reduction is observed over the frequency range except at 0.5 Hz and 16.5 Hz where the level is 

increased by 4 dB and 5 dB respectively for a gain of 160. A maximum reduction of 25 dB is 

achieved at 255 Hz and a 12 dB is till observed at 1000 Hz. The effect of the control at point 1 and 3 

are now relatively significant, especially at point 1 which is quite close to point 2. The fact that no 

further reduction at point 1 is observed above 500 Hz tends to demonstrate again the local effect of 

the control which can be recovered at location not too distant f rom the control point compared to a 

structural wavelength in the composite panel. 
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Figure 5.25. Simulated velocity at point 2 per unit primary force for a control at point 2. 
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Figure 5.26. Simulated velocity at point 1 per unit Figure 5.27. Simulated velocity at point 3 per unit 
primary force for a control at point 2. primary force for a control at point 2. 

As shown on the input power spectrum in Figure 5.29, the control seems to generate some reduction 

over the equipment plate even if the reduction in the range [300 Hz - 600 Hz] will not have any 

significant effect on the global composite panel vibration as the passive level is already low. The 

peak at 255 Hz is attenuated by up to 8 dB on both the energy and the power spectra. Both 

amplification at 0.5 Hz and 16.5 Hz are observed in the energy and power quantities which balances 

the efficiency of the control as the associated passive level is already high at these frequencies. 
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Figure 5.28. Simulated energy estimate for a control Figure 5.29. Simulated power input in the equipment 
at point 2. for a control at point 2. 

Control at point 3 

The control provides again very large local broad band attenuation over the band [0-1 kHz] which is 

balanced by the possibility of instability at 0.5 Hz and small amplification at 16.5 Hz, which sets the 

low frequency range to high vibration level as already observed for a control at point 2. These two 

amplifications are general to the whole equipment dynamics as they are noticed at the other mount 

junctions and on the energy and input power spectra as shown in Figures 5.33 and 5.34. Even though 

4 dB reduction are obtained at 255 Hz at point 1 and 2 and for the energy and power quantity, 

isolation is again only obtained locally. 
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Figure 5.30. Simulated velocity at point 3 per unit primary force for a control at point 3. 
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Figure 5.31. Simulated velocity at point 1 per unit Figure 5.32. Simulated velocity at point 2 per unit 
primary force for a control at point 3. primary force for a control at point 3. 
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Figure 5.33. Simulated energy estimate for a control at point 3 over the range [0-1 kHz] (a) and zoom picture 

(b). 
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Figure 5.34. Simulated power input in the equipment for a control at point 3 over the range [0-1 kHz] (a) and 

zoom picture (b). 
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Conclusions 

At the control point, the implementation of the single channel controllers provides large broad band 

vibration attenuation. As the frequency increases, the plant appears to become very stable as the 

bottom component of the reacting force become negligible compared to the top one, thus 

implementing collocated control and therefore skyhook damping. Several low frequency peaks, 

whose velocity magnitude is already high, are, however, strongly amplified and for a control at point 

2 and 3, the system is close to instability for the maximum gains used. This cancels the benefit 

brought by the control at higher frequencies as these amplifications are spread over the equipment 

structure unlike the isolation effect which appears to be local. To be really efficient, the control loops 

would require some signal processing at low frequencies or the estimation of an optimal gain limiting 

the low frequency amplification. 

The similarities observed between the energy and power quantities demonstrate that the energy 

estimate provides good information on the dynamics of the whole equipment structure. The energy 

estimate used experimentally in chapter 6 can thus be expected to be a reliable parameter to measure 

the global performance of the experimental controllers. 

5.7. Multichannel control 

5.7.1. Plant response and stability analysis 

The objective is now to implement three decentralised control channels, closing simultaneously the 

three control loops discussed in section 5.6 in order to recover the maximum isolation performance 

over the whole equipment panel. Considering equal gain control, the stability of the multichannel 

controller requires us to apply the Nyquist method to the frequency dependent eigenvalues of G, the 

matrix of the plant response. This method is detailed in chapter 2 and has already been used in 

chapter 4. Figures 5.35, 5.36 and 5.37 show the magnitude and phase responses and the Nyquist plot 

of the three frequency dependent eigenvalues of G, ?ii, I2 and X3 for the frequency range [0-1 kHz]. 

No risk of control amplification are instability is expected above [ 0 - 1 kHz] as the eigenvalues are all 

in the positive real side of the complex plane. 
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Figure 5.35. Magnitude and phase responses (a) and Nyquist plot (b) of estimated from the simulated data. 
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Figure 5.36. Magnitude and phase responses (a) and Nyquist plot (b) of Xi estimated from the simulated data. 
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Figure 5.37. Magnitude and phase responses (a) and Nyquist plot (b) of A.3 estimated from the simulated data. 
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The three eigenvalues first display very stable characteristics. No sign of instability or even 

amplification is to be found at high frequencies where strong reduction can be expected thanks to the 

first mount longitudinal resonance which increases the level of the plant response around 850 Hz. As 

noticed in the simulations of the single-channel control implementations, the maximum reduction is 

expected in the range [100 Hz - 400 Hz] where the control will attenuate the adverse effect of the 

passive isolation. Instability is, however, present in the multichannel control, again, at low 

frequencies as seen in Xj in Figure 5.36. Figure 5.38 is a zoom on the low frequency range [0 - 100 

Hz] to display more accurately the behaviour of I2. The Nyquist plot crosses the negative real axis 

for a frequency of 16.5 Hz. This is the only frequency that is able to generate instability in the 

system. Vibration amplification was already noticed in the single-channel control analysis at 16.5 Hz 

and was explained to be caused by the fact that the base structure is mass controlled whereas the 

equipment panel is stiffness controlled. No stability problem is noticed for multichannel control at 

0.5 Hz, which was identified as a rigid body mode of pitching of the global system. Control at 

channel 1 was not subject to stability issue at 0.5 Hz, and it may be that the whole system is stabilised 

as the three loops are closed simultaneously. The gain is therefore limited to a maximum value of 

230. Vibration amplification is also expected at 7 Hz as a small loop inside the unstable half plane is 

noticed in the Nyquist plot of X, in Figure 5.39. 

0.015 

0.005 

Figure 5.38. Nyquist plot of for the range [0-100 Figure 5.39. Nyquist plot of for the range [0 - 100 
Hz] estimated from simulated data. Hz] estimated f rom simulated data. 

5.7.2. Control performance 

The performance of the multichannel equal gain control are simulated for the maximum value of 

control gain tolerated by the system, 230 and for an intermediate value, 40. The different responses of 

the control system are normalised by the primary force excitation and compared to the equivalent 
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passive quantities. The local effect of the control is first shown in Figures 5.40, 5.41 and 5.42 giving 

the force normalised velocity responses at points 1, 2 and 3, in a similar way to the analysis of the 

single-channel controllers. 
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Figure 5.40. Simulated velocity at point 1 per unit primary force when no control is applied and for two values 

of feedback gain with a decentralised multichannel control system. 
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Figure 5.41. Simulated velocity at point 2 per unit primary force when no control is applied and for two values 

of feedback gain with a decentralised multichannel control system. 
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Figure 5,42. Simulated velocity at point 3 per unit primary force when no control is applied and for two values 

of feedback gain with a decentralised multichannel control system. 

Except from the amplification noticed at 16.5 Hz, the control generates very large reduction of the 

vibration level at the control locations over the whole frequency range of interest. The most 

significant results are obtained in the frequency range [100 Hz - 450 Hz] where the vibration level 

goes down by 10 dB to up to 40 dB for a gain of 230. The maximum equipment response at 255 Hz is 

attenuated by up to 27 dB at point 2, 20 dB at point 3 and even 45 dB at point 1. 15 dB to 20 dB 

reduction are still observed at 885 Hz so that the effect of the first longitudinal resonance in the 

mount is strongly attenuated. The local maximum at 600 Hz, which is generated by a resonance of the 

base plate, is also damped. The attenuation is especially large at point 1 which was shown in the 

passive analysis to be the junction that is the most subject to the amplification from the passive 

isolation in the range [100 Hz - 500 Hz]. 

Figure 5.43 shows the estimate of the kinetic energy over the equipment plate as defined in section 

5.6 and Figure 5.44 shows the total power input in the composite panel by the active mounts. In this 

multichannel case, the good isolation performance observed locally appears to be generalised to the 

whole equipment. At 255 Hz, the power is reduced by 25 dB and the energy estimate by 20 dB. The 

local reduction obtained with a single-channel control was shown above to generate only small 

reduction of the total input power. Distributing several control loops over the equipment plate 

provides local reduction at each mounting position, which are able to generate a global reduction of 
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the suspended structure vibration. The large isolation effect of the control can also be explained by 

the fact that such a multichannel control applies a local correction at each of the disturbance paths 

implementing a control at the sources of the disturbance. 
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Figure 5.43. Simulated energy estimate when no control is applied and for two values of feedback gain with a 

decentralised multichannel control system. 
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Figure 5.44. Simulated power input in the equipment when no control is applied and for two values of feedback 

gain with a decentralised multichannel control system. 

The onset of instability is, however, largely noticed locally in Figure 5.45, and spreads to the whole 

equipment structure as shown in the zoomed spectrum of the input power in Figure 5.46. The sharp 

increase generated at 16.5 Hz prevents the use of a control gain value close to the maximum gain as it 

may cancel all the benefit obtained at higher frequencies by the control. No other significant 

amplifications are noticed at low frequencies. 
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Figure 5.45. Simulated velocity at point 1 per unit primary force when no control is applied and for two values 

of feedback gain with a decentralised multichannel control system. Zoomed picture. 
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Figure 5.46. Simulated power input in the equipment when no control is applied and for two values of feedback 

gain with a decentralised multichannel control system. Zoomed picture. 

The control limitation is again centred at low frequencies. It may be possible to design appropriate 

filters in order to balance the large increase observed at 16.5 Hz.. 
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Chapter 6 

Reactive implementation of DVFB control 

on a mounted flexible structure: Experiments 

6.1. Introduction 

This chapter presents the results obtained from the experimental implementation of the single 

channel controllers and of the multichannel controller whose simulations have been presented in 

chapter 5. The main mechanical characteristics of the system have been identified and discussed in 

chapter 5. The model, however, is based on simplification and extra unmodelled mechanical features 

are likely to partly modify the conclusions reached from the simulations. The simulated control 

results also assumed a perfect control loop and the use of perfect control sensors and actuators. In 

this chapter, the question of the limitations encountered by the electronics involved in the control 

channels is addressed and their effects on the control performance are discussed. In a first part, the 

description of one experimental control loop is given. The control results obtained on the test rig by 

the experimental implementation of the control systems simulated in chapter 5 are then presented. 

This involves three single-channel control systems, one at each of the mount junctions and the equal 

gain decentralised multichannel control system. 

6.2. The experimental test rig 

The whole isolation system was suspended by very soft elastic strings connected to light sticks of 

wood supporting the rig from the base as shown in Figure 5.1. The extra inertial effect of the 

supporting pieces of wood were also accounted for in the model. Such a setting satisfies rather well 

the conditions of free boundary conditions and should not affect the dynamics of the base plate. The 

passive analysis of the system has been partly carried out in chapter 5, in which the passive system 

response at point 1, as well as the uncoupled equipment and plate response calculated by the model, 

were compared to the equivalent simulated quantities. Figure 6.1 shows the out-of-plane velocity per 

unit primary excitation/o measured at the mount junctions 1, 2 and 3 on the base structure and on the 

equipment structure. This enables us to estimate the effect of the passive isolation and therefore to 

have an insight into the frequency range where the control is likely to be effective and useful. 
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Figure 6.1. Measured velocity responses on the equipment and base structures at mount junction 1 (a), 2 (b) and 

3 (c) per unit primary excitation. 
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The passive isolation effect is obvious from these three plots. As observed from the simulated results, 

no real isolation improvement is provided by the passive isolators below 1 kHz. The vibration level is 

strongly amplified in the range [100 Hz - 400 Hz] at points 1 and 2 but not at point 3, whose motion 

is dictated by the base dynamics. No real ampliAcation effect was noticed either at point 3 in the 

simulations. From 300 Hz the vibration level on the equipment decreases rapidly with frequency so 

that, above 3 kHz, the measurements start to be slightly corrupted by noise. The base velocity 

response is however rather constant with frequency. Above 2000 Hz the vibration level on the base is 

much greater than on the equipment, especially at point 2 and 3 so that the control is very unlikely to 

have any extra isolation effect on the equipment above this frequency. As determined from the 

simulations in chapter 5, the frequency band in which addition control is required appears to be [0-1 

kHz] particularly in the range [100 Hz - 400 Hz]. 

6.3. The experimental control loop 

Since the multichannel control implemented is a decentralised control, the discussion of the effect of 

the electrical devices in the control loop on the experimental plant responses can be carried out both 

single and multichannel controls looking simply at a single independent control channel. 

As already presented in chapter 2, the plant response for single-channel control tends to be defined as 

the transfer function between the input electrical signal in the control actuator, u and the response at 

the output of the control sensor, y. This allows us to consider the control force device and the sensor 

as part of the plant. For a perfect actuator and a perfect sensor, with flat frequency responses, the 

plant response G is therefore proportional to the total mobility, the quantity relating the control force 

to the velocity response of the mechanical system at the control location. Usually, however, the 

dynamics of the actuator and the response of the control sensor can not be neglected and have a 

significant effect on the control system. 

Each control loop of the experimental control is composed as shown in Figure 6.3. The velocity 

signal is obtained by measuring the acceleration at the control point using a small accelerometer, 

B&K type 4375, whose signal is integrated through a charge amplifier B&K type 2635 to obtain a 

velocity signal. The equivalent velocity sensor to consider as part of the plant is therefore the 

accelerometer coupled to the charge amplifier. If the frequency response of the accelerometer is very 

flat down to very low frequency, the integration implies a low frequency filtering process which add 

a phase shift to the sensor response at low frequencies. This is the results of the difficulty in 

measuring the velocity at low frequencies, as already discussed in chapter 3. 
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Figure 6.2. Photograph of the mechanical setting for a single control channel. 
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panel 

Charge amplifier 

Base plate 

• • 

Figure 6.3. Schematic of one experimental control loop. 

Not only the plant but also the controller is subject to the non-perfect response of the electronics 

involved in the control. The power amplifier used in the loop cannot provide a perfect gain constant 

with frequency. Figure 6.4 shows the response of one channel of one of the two power amplifiers 

used, from which it is clear that extra phase shift is introduced into the control loop at low 

frequencies. The gain response of the power amplifier as well as the response of the control actuator 

and sensor have been included in the expression of the measured plant response so that, as in chapter 

4, the controller can be regarded as a perfect amplifier of constant gain h. 
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Figure 6.4. Normalised transfer function of one power amplifier channel. 

6.4. Single channel control 

6.4.1. Plant responses and stability analysis 

Control at point 1 

Figure 6.5 shows the experimental plant response G\\ in the frequency range of interest for the 

control. 
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Figure 6.5, Magnitude and phase of the measured plant response Gn. 

140 



Chapter 6: Reactive control - Experiments 

It looks very similar to the simulated one but with a different magnitude as the input quantity is now 

the control shaker input voltage. The plant response has a maximum in the range [100 Hz - 400 Hz] 

as the result of the passive isolation amplification effect. It slightly increases again around 700 Hz as 

the first longitudinal resonance occurs in the mount as noticed at 850 Hz in the simulations. The 

phase globally varies from idl to -Tdl under the passive mount effect so that the Nyquist plot in 

Figure 6.6 largely lies in the stable half plane. 
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Figure 6.6. Nyquist plot of the measured plant response Gn, 

Looking closer at the low frequencies range in Figure 6.7, a very low resonance can be noticed 

around 4 Hz. This is likely to be due to the rigid body pitching mode of the ensemble identified in the 

simulation, but the attenuation caused by the charge amplifier and power amplifier responses, the 

poor resolution and therefore the low coherence means that it is not possible to precisely diagnose the 

low frequency behaviour of the system. This resonance does not seem to be able to destabilise the 

system by itself but the phase shifts introduced at low frequencies by both the charge amplifier and 

the power amplifier in the control loop make the Nyquist plot to cross the negative real axis of the 

Nyquist diagram as shown in Figure 6.8. Some of the small jumps in amplitude and phase observed 

in the simulations at 7 Hz, 16.5 Hz or 67.5 Hz are also noticeable but do not appear to be a threat to 

the control stability. 

A danger of instability was also to be found at higher frequencies, however. It first appeared that the 

phase response was gradually falling off below -TZI2 in Figure 6.5 as the result of the frequency 

dependent electrical impedance of the control shaker, Z,. 
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Figure 6.7, Zoomed picture of the magnitude and Figure 6.8. Nyquist plot of the measured plant 
phase of the measured plant response G,i. response G],. Zoomed picture around the origin. 

•Zj, — + jCOZy, (6.1) 

As the frequency becomes higher the inductance termjCoLc increases so that the control force is no 

longer proportional to the control voltage. The early effect of this phase shift can be observed around 

1 kHz on the Nyquist plot in Figure 6.8. Figure 6.9 shows the measured electrical impedance of the 

unloaded control shaker. 
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Figure 6.9. Measured electrical impedance of the unloaded control shaker. 

It was therefore decided to investigate the plant response up to 5 kHz in order to determinate any 

instability even if control was restricted to the range [0-1 kHz]. The dashed line curve in Figure 6.10 

shows the plant response obtained as the control accelerometer was located on the top panel of the 

composite plate as shown in Figure 6.3. Two large resonances at 2600 Hz and 4500 Hz drive the 

phase response down through two consecutive 7i phase shifts. Since the first resonance at 2600 Hz 
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was quite large, this constituted a direct threat to the control system, setting the maximum control 

gain to a rather low value. This resonance was found to be caused by a mass/spring effect of the 

accelerometer on the axial stiffness of the core of the composite plate. A hole was therefore made on 

the plate to glue the accelerometer on the top disc of the mount, so that the control sensor is 

collocated with the top component of the reactive force. The new plant response is shown as the solid 

line in Figure 6.10. This modification to the system did not remove the second resonance, which may 

be due to a longitudinal resonance in the steel stinger transmitting the reactive control force from the 

shaker or to a rocking mode in the aluminium top disc between the isolator and the composite panel. 

It is significantly amplified by the modification performed to reduce the first resonance. 
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Figure 6.10. Magnitude and phase of the measured plant response Gn up to 5 kHz before and after modification 

of the sensor location. 

The Nyquist plot of the modified plant response is shown in Figure 6.11 in the range [ 0 - 5 kHz]. The 

maximum control gain is estimated to be 118, which is limited at high frequency by the 4500 Hz 

resonance, which is represented in the Nyquist plot by the larger loop in the unstable half plane. 

Setting the charge amplifier cut-off frequency to 3 kHz appeared to be another means of increasing 

the control stability. The Nyquist plot of this new plant response in Figure 6.12 shows that the 

undesired loop is significantly shrunk as the filtering process attenuates the 4500 Hz resonance. 
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Figure 6.11. Nyquist plot of the measured plant response after modifications up to 5 kHz 
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Figure 6.12. Nyquist plot of the measured plant response Gu up to 5 kHz after modification and with the cut-off 

frequency of the charge amplifier set to 3 kHz. 

It is now difficult to discriminate whether it is the very low frequency response or the high frequency 

response that is going to generate instability. The control gain can, however, be increased rather 

safely to values around 300, even if it is difficult to draw definite conclusions at low frequencies 

because of the poor resoiution and coherence of the measurements. Moreover, at high frequencies, 

the amplitude of the resonance at 4500 Hz appeared to be sensitive to small change such as a small 

modification of the control sensor location. 

The plant is very stable all over the range [70 Hz- 1000 Hz] and large attenuation are expected in the 

range [100 Hz- 400 Hz]. 
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Control at point 2 

The same general observation made in the analysis of G,, can be made for the analysis of the plant 

response G21 shown in Figure 6.13 and 6.14 for the frequency range [0-1 kHz]. 
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Figure 6.13. Magnitude and phase of the measured plant response Goi-
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Figure 6,14. Nyquist plot of the measured plant response G22. 
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The passive mounts generate a maximum response in the band [100 Hz - 400 Hz], The same high 

frequency resonances were observed at 2000 Hz and 4500 Hz and the same modification was carried 

out to suppress the first one. The second one sets the maximum control gain to a value of 159. The 

only difference come at low frequencies where the "jumps" at 7 Hz, 16.5 Hz and 67.5 Hz are larger 

than in G\\. The sharp response at 67.5 Hz is represented in Figure 6.14 by a small loop in the 

unstable half plane which does not seem to cross the negative real axis. However, as already noticed 

in the simulations, it may cause large amplifications but the frequency resolution renders difficult the 

extraction of any clear features. 
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Figure 6.15. Nyquist plot of the plant response G22 up to 5 kHz with the cut-off frequency of the charge 

ampliGer set to 3 kHz. 

The high frequency resonance can be attenuated by again setting the charge amplifier cut-off 

frequency to 3 kHz. Figure 6.15 shows the Nyquist plot of the new plant response. Again this allows 

to increase the maximum gain tolerated by the control system to value greater than 300 but it again 

appears difficult from figure 6.15 to know if the low or high frequency region is going to set the 

control limitation. 

Control at point 3 

The plant response G33 is, once again, very similar to Gn. The passive isolation generates the same 

global trend with an amplitude maximum in the range [100 Hz - 400 Hz] where good control is 

expected. The Nyqnist plot in Figure 6.17 crosses the negative real part axis at very low frequencies 

but this is associated with a very low level, as already explained, so that the control limitation once 
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again first appears to be due to the 4500 Hz resonance which is also observed at point 3 after 

performing similar modification as at the two other control points. The maximum control gain is then 

estimated to be equal to 170 and is improved approximately to 390 as the high cut-off frequency of 

the charge amplifier is set to 3 kHz. 
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Figure 6.16. Magnitude and phase of the measured plant response G33. 
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Figure 6.17. Nyquist plot of the measured plant response G33. 
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Figure 6,18 shows the Nyquist plot for such a setting. Again, no clear evidence on the frequency 

region limiting the control can be extracted comparing Figure 6.17 to Figure 6.18 as the frequency 

resolution is not high enough. 
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Figure 6.18. Nyquist plot of the measured plant response G33 up to 5 kHz with the cut-off frequency of the 

charge amplifier set to 3 kHz. 

Conclusions 

Good local performance is expected in the frequency range [100 Hz - 400 Hz] for any of the three 

single-channel control systems, which is the first objective of the control implementation. The 

control effect at higher frequencies will have, however, to be carefully monitored up to 5 kHz in the 

experimental implementation as well as in the low frequency region where the bad coherence does 

not allow to make a clear prediction of the control system behaviour. The low frequency resonance 

observed in chapter 5 from the model at point 2 and 3 may have an unexpected amplification effect 

hidden to the plant response measurements. 

6.4.2. Single-channel control performance 

A single-channel system control was experimentally implemented at each of the three mount 

junctions individually. For each of them, the composite panel response was monitored at the three 

mount junctions. The equipment response was also monitored at the five points mentioned in chapter 

5 for the estimation of the plate energy, but only for an implementation of the control at point 3 
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which seemed to tolerate, from the stability analysis, the larger control gain. The estimate of the plate 

energy was therefore only obtained for a control at point 3, assuming, from the simulations carried 

out, that it would provide general results on the effect of an experimental single-channel controller 

over the mounted composite panel. 

The local effect of the controls is again given in terms of the out-of-plane velocity normalised by the 

primary force excitation, as performed in the simulation in chapter 5 and also in chapter 4. The 

quantities Vy when control is applied are thus compared to the primary disturbances Vo/ in the 

different plots presented below. 

During the experimental implementation of the different controls, the high cut-off frequency of the 

charge amplifier was set to 3 kHz in the attempt to recover maximum values of control gain. 

Single-channel control implementation at point 3 

The maximum gain tolerated by the system in the experiment is equal to 240. Figure 6.19 shows the 

effect of the control at the control point over the frequency range [0-1 kHz] for two values of 

feedback gain. Significant broad-band attenuation is achieved from 20 Hz to 1000 Hz with maximum 

reduction in the range [100 Hz - 400 Hz], as clearly predicted from the plant response analysis. The 

peak at 230 Hz is attenuated by 12 dB for a gain of 240 and reduction greater than 20 dB is obtained 

around 200 Hz. 
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Figure 6.19. Measured velocity at point 3 per unit primary force for experimental control at point 3. 
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Looking at Figure 6.20, the control isolation efficiency appears to stop at 1500 Hz. Above this 

frequency, the controller with the maximum gain generates large vibration amplification in the band 

[2 k H z - 4 kHz]. 
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Figure 6.20. Measured velocity at point 3 per unit primary force for experimental control at point 3 over the 

range [0-5 kHz]. 

It is difficult to make any conclusion on the nature of the instability experienced as it does not clearly 

come out of the two plots in Figures 6.19 and 6.20. The plant response was found to be very sensitive 

to the position of the accelerometer, which could thus significantly modify the value of the maximum 

control gain tolerated by the system. The gain could, moreover, only be increased by steps, so that the 

sign of instability could be missed. Finally, it is difficult to draw any interpretation of the system 

response at low frequencies, below 20 Hz, where the local vibration level first appears unchanged by 

the control as the plant response magnitude is very low at these frequencies. A small 1 dB increase is 

observed at 16.5 Hz. The poor coherence at these frequencies may hide some important information 

on the system stability. 

Figures 6.21 and 6.22 show the effect of the control at point 2 and 3 up to 1 kHz for the maximum 

value of control gain, 240. As already observed in chapters 4 and 5, the control seems only to have a 

local effect, and even if the level is reduced somewhat in the range [100 Hz - 400 Hz] at point 2 and 

3, the passive responses are not significantly modified under the action of the controller. 5 dB 
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attenuation is obtained at 230 Hz at point 1 and 2 dB at point 2. No real amplification which could 

give information on the onset of instability can be observed on these two plots. 
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Figure 6.21. Measured velocity at point 1 per unit Figure 6.22. Measured velocity at point 2 per unit 
primary force for experimental control at point 3. primary force for experimental control at point 3. 

The plot of the energy estimate in Figure 6.23 provides useful information on the control effect on 

the whole equipment panel. The attenuation appears to be relatively small, as noticed at point 1 and 

2. Although attenuation is observed in the range [100 Hz - 300 Hz] and a 3 dB attenuation is seen at 

230 Hz, it does not seem to have a large effect on the global system vibration. Again, the equipment 

panel dynamics under control seem to be unchanged at very low frequencies but the poor quality of 

the measurement limits the observation. Any small amplification of the low frequency composite 

panel vibration could generate a large global amplification of the system response. 
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Figure 6,23. Estimate of the kinetic energy obtained from measurements for experimental control at point 3. 
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The control provides large vibration reduction at the control location even if it is significantly gain 

limited. The amplification observed at higher frequencies do not appear to debase this isolation 

improvement too much. However, instability was experienced so that even if it has not been 

identified by the measurement, the optimistic conclusions on the control efficiency at the control 

point must be balanced. Single-channel DVFB control appears, once again, to generate only a local 

isolation effect. 

Single-channel control implementation at point 1 

Figure 6.24 shows the control result at point 1 for two values of control gain; the maximum gain 

value implemented experimentally, 348 and an intermediate value of 94. As for a control at point 3, 

large reduction are obtained over the range displayed and especially in the band [100 Hz - 400 Hz] of 

amplification effect of the passive isolators where the level goes down by 10 to more than 20 dB for 

the use of the maximum gain. 18 dB reduction is achieved at the 230 Hz peak. As the frequency 

increases, the reductions are less significant. The controller starts to generate amplification around 

2000 Hz as shown in Figure 6.25 and as predicted from the plant response analysis, but no clear sign 

of instability appears on the plot even though it was experienced. A 5 dB amplification occurs at very 

low frequencies, around 4 Hz but, once again, any interpretation is difficult in this frequency region. 
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Figure 6,24. Measured velocity at point 1 per unit primary force for experimental control at point 1. 
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Figure 6.25. Measured velocity at point 1 per unit primary force for experimental control at point 1 over the 

range [0-5 kHz]. 

The control does not seem to affect the vibration level at the two other mount junctions where the 

level is either weakly reduced or weakly amplified along the band [0-1 kHz] as shown in Figures 6.26 

and 6.27. The control effect is slightly more obvious at point 2 with a 5 dB reduction at 230 Hz for a 

2 dB reduction at point 3. Point 2 being closer from point 1 than point 3, this can be explained by the 

local effect of the control. The increase noticed at the control point at very low frequencies is not 

observed in Figures 6.27 and 6.28 so that it is unlikely to be associated with a stability issue, which 

may be introduced around 2600 Hz. This would suggest that the instability really occurs at high 

frequencies which is consistent with the fact that the experimental gain value is close to the one 

estimated in the analysis of the plant response. Moreover, the simulation in chapter 5 did not 

identified any stability limitation at very low frequencies for a single-channel control at point 1. 
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Figure 6.26. Measured velocity at point 2 per unit Figure 6.27. Measured velocity at point 3 per unit 
primary force for experimental control at point 1. primary force for experimental control at point 1. 
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Single-channel control implementation at point 2 

Figure 6.28 shows the control result at point 2 for two values of control gain: the maximum gain 

value implemented experimentally, 225 and an intermediate value of 45. 
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Figure 6.28. Measured velocity at point 2 per unit primary force for experimental control at point 2. 
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Figure 6.29. Measured velocity at point 2 per unit primary force for experimental control at point 2 over the 

range [0-5 kHz]. 
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Similarly at the two other control implementations, large reduction is achieved at the control point in 

the range [0-1 kHz]. The level is reduced by up to 17 dB at 230 Hz and by up to 25 dB around 300 

Hz. A small amplification is noticed at 37.5 Hz which was partly anticipated by the analysis of the 

plant response. The plate is also subject to vibration amplification at higher frequencies in the band 

[1 kHz - 3 kHz] as seen in Figure 6.29 but the amplitude of the increase does not suggest high 

frequency instability. The low frequency domain is here more likely to be the reason of the instability 

encountered in the experimental implementation of the control. This would bear out the conclusion 

drawn in the interpretations of the simulated results. 

It appears from Figure 6.30 that a control at point 2 leads to significant change in the response at 

point 1. This agrees with the characteristics of local efficiency of a single channel DVFB control as 

point 1 is located only 190 mm away from point 2. Vibration reduction is thus observed between 200 

Hz and 300 Hz with a 8 dB improvement at 230 Hz. A small but sharp amplification is noticed at 

67.5 Hz at point 1, but also at point 3, as well as other very small amplifications at low frequencies 

which are difficult to interpret but may imply a low frequency limitation of the control. This would 

be reasonable as the maximum experimental feedback gain is significantly lower than the one 

estimated from the plant response analysis. As for the two other single-channel control systems, if 

any higher gains than the ones applied were used, the fuses in the control shaker quickly blew. 
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Figure 6.30. Measured velocity at point 2 per unit Figure 6.31, Measured velocity at point 3 per unit 
primary force for experimental control at point 1. primary force for experimental control at point 1. 
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Conclusions 

The three different control implementations exhibited very similar characteristics providing relatively 

strong attenuation in the frequency range of interest [0-1 kHz] balanced by the onset of instability. 

The instability has not been clearly identified but seems to be caused by the high frequency 

behaviour of the system at point 1 and by the low frequency behaviour of the system at 2 and 3, as 

suggested by the simulations. Appropriate low frequency or high frequency filtering could therefore, 

in principle, increase the stability and thus the local efficiency of the controllers. The reduction that 

can be obtained by single channel DVFB seems to give some benefit in the region near the control 

point. This local efficiency of DVFB control has already been outlined in the simulations presented 

in chapter 6. 

6.5. Experimental implementation of multichannel control 

6.5.1. Plant response and stability analysis 

The three control loops are closed to implement a three-channel decentralised control. Using equal 

gains, the control stability is investigated by applying the Nyquist method to the frequency dependent 

eigenvalues of the measured plant response matrix G. Figures 6.32, 6.33 and 6.34 display the 

magnitude and phase and the associated Nyquist plot of each of the eigenvalues up to a 5 kHz with 

the high cut-off frequency of the charge amplifier set to 3 kHz. They look very similar to each others 

and also very similar to the plant responses for single-channel control, especially at high frequencies 

since, above 1 kHz, the cross terms of G are very small compared to the diagonal terms. It appears 

from these three figures that the control will be quite efficient in the frequency range of interest ([0-1 

kHz]) but once more limited by the resonance at 4500 Hz, even though it is attenuated by the low-

pags filter of the charge amplifier. 

Concentrating the analysis in the range [0-1 kHz], the first eigenvalue A,, in Figure 6.35 shows a 

rather strong peak at 67.5 Hz associated with a sharp increase of the phase, already noticed in the 

single channel control analysis. This is represented on the Nyquist plot by a small loop which is 

truncated by the insufficient frequency resolution and should be slightly larger than it appears. This 

seems to set the real limit to the control gain to an approximate value of 150/200. The response of the 

system at 7 Hz and at very low frequencies may also cause some amplifications. This was mentioned 

in the simulations but did not give rise to any significant amplification. The measurement coherence 

at these frequencies again prevents any accurate analysis. 
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Figure 6.32. Magnitude and phase responses (a) and Nyquist plot (b) of the first eigenvalue Xj for a charge 

amplifier cut-off frequency set to 3 kHz estimated from the measured plant response. 
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Figure 6.33. Magnitude and phase responses (a) and Nyquist plot (b) of the second eigenvalue for a charge 

amplifier cut-off frequency set to 3 kHz estimated from the measured plant response. 
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Figure 6.34. Magnitude and phase responses (a) and Nyquist plot (b) of the third eigenvalue I3 for a charge 

amplifier cut-off frequency set to 3 kHz estimated from the measured plant response. 
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Figure 6.35. Magnitude and phase responses (a) and Nyquist plot (b) of the first eigenvalue 1, up to 1 kHz for a 

charge amplifier cut-off frequency set to 3 kHz estimated from the measured plant response. 

6.5.2. Multichannel control performance 

The local performance of the multichannel control system is presented at points 1, 2 and 3, up to 1 

kHz for the maximum experimental gain value implemented, 127 and an intermediate gain value 

equal to 93 by comparison with the associated passive responses in Figures 6.36, 6.37 and 6.38 

respectively. 
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Figure 6.36. Measured velocity at point 1 per unit primary force for experimental multichannel control. 
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Figure 6.37. Measured velocity at point 2 per unit primary force for experimental multichannel control. 
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Figure 6.38. Measured velocity at point 3 per unit primary force for multichannel control. 

[0-1 kHz] is clearly the range of control efficiency which decreases gradually up to 1 kHz where no 

more real attenuation is observed. The control provides large local reduction in the band [100 Hz -
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400 Hz] as noticed for the experimental implementation of single-channel control systems and in the 

simulations. The onset of instability is here very clear at 67.5 Hz. The peak at 230 Hz is reduced by 

up to 25 dB at point 1, 12 dB at point 2 but only 3 dB at point 3. Attenuation in the band [100 Hz -

400 Hz] goes roughly from 5 dB to 15 dB at each point and up to 20 dB at point 1, which shows the 

greater vibration reduction as already noticed in the simulation. This can be explained by the 

proximity of point 2, so that two local isolation effects are generated in the vicinity of point 1 and 2. 

It is also explained by the fact that the amplification due to the passive isolation in [100 Hz - 400 Hz] 

is very large at point 1, as mentioned in the passive analysis of the system. The control does not have 

much effect at low frequencies. It generates some small amplifications or reductions without 

incidence on the system vibration except at point I where a 8 dB amplification is noticed at 3 Hz for 

a gain equal to 93. It does not give any sign of instability but may affect the system response as the 

passive dynamics of the equipment panel is already quite large at low frequencies. 
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Figure 6.39. Measured velocity at point 1 per unit primary force for experimental multichannel control. 

Figure 6.39 displays the control results at point 1 up to 5 kHz. No extra control benefit is recovered 

above 1 kHz but the response is slightly amplified in the range [2 kHz - 4 kHz], but the amplitude of 

the amplification is now very small compared with the one encountered for the implementation of 

single-channel controllers. This bears out the conclusion that the multichannel control is not limited 

by the high frequency response of the system. These amplifications have no effect on the response at 

point I, as the passive isolation keeps them to a small level. A similar response is observed at points 

2 and 3 so that the high frequency range above 1 kHz does not have to be considered in any 

interpretation of the multichannel control efficiency. 
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Figure 6.40 shows the spectrum of the kinetic energy estimate calculated using the system responses 

at the five measurement points presented in Table 5.6. 

Control off 
~ Gain=93 

Maximum gain 

P - 5 0 

100 200 300 400 500 600 700 800 900 1000 
Frequency (Hz) 

Figure 6.40. Estimate of the kinetic energy obtained from measurements for multichannel control. 

It shows that the control has a global isolation effect in the frequency range [80 Hz - 350 Hz] where 

attenuations of up to 15 dB are observed. The level at 230 Hz goes down by only 6 dB for both 

control gains as this peak is due to a base structure resonance and not only to an amplification effect 

of the passive isolation. The same observation can be made at 430 Hz or 600 Hz where the composite 

panel motion is dictated by the base plate resonances. No more real improvement is recovered above 

500 Hz. The onset of instability which is spread to the whole system is clear at 67.5 Hz. The 

attenuation of the energy estimate seems however to be slightly smaller than the improvement 

recovered at the control points. Above a certain frequency limit, as the independent control loops do 

not appear to be able to destabilise each other, global control can be achieved by positioning several 

local control loops, whose local effect can spread to a certain extend over the whole equipment panel. 

It is, moreover, sensible to apply such a control strategy at the sources of disturbance, here at the 

mount junctions. 
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6.6. Summary of the local performance of the experimental control systems 

As already performed in chapter 4 for the inertial implementation of DVFB control, the reductions 

generated by a reactive implementation of DVFB have been estimated control in term of the 

attenuation of the local vibration kinetic energy in the frequency range [100 Hz - 1 kHz]. This was 

calculated at the three mount junctions on the composite panel according to equation (4.20), for the 

three different single-channel control systems and for the equal gain decentralised multichannel 

control system, considering, for each control, the largest experimental feedback gain applied. The 

percentages of local attenuation are listed in Table 6.1, which provides a summary of the effects of 

each control systems at the three different mount junctions. 

Vibration 
attenuation 

Control at 1 Control at 2 Control at 3 Multichannel control 

at point 1 98.7% 75.5% 56.5% 99.1% 

at point 2 62.6% 96.5% 30.4% 93.5% 

at point 3 12.0% -59.2% 92.5% 72.8% 

Table 6.1. Percentage of vibration kinetic energy attenuation at the mount junctions on the composite panel in 

the band [100 Hz - 1 kHz] for the different control systems implemented experimentally. 

For a single-channel control, the diagonal terms in Table 6.1 are dominant as the result of the local 

efficiency of the strategy of DVFB control. They show very large local attenuations. The cross-terms 

are rather significant, as a good isolation effect from one single-channel control can be recovered at 

the other mount junctions. This is not clear from the different velocity response spectra discussed. 

These attenuations are largely due to the reduction of the 230 Hz peak which dominates the response 

of the composite panel in the band [100 Hz - 1 kHz] and whose small reduction at the three mount 

junctions is the only significant global effect of single-channel control systems as noticed in the 

analysis of the different plots. This reduction effect is particularly large at point 2 for a control at 

point 1 and reciprocally, at point 1 for a control at point 2, which highlights again the local effect of 

DVFB control. The rather small amplification of the 230 Hz peak at point 3 for a control at point 2 

generates a global amplification of the vibration at point 3 as noticed by the negative value quoted in 

Table 6.1. 

The implementation of a multichannel control generates very large vibration reduction at the three 

mount junctions in the range [100 Hz - 1 kHz]. As for the single-channel control systems, point 3 
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exhibits the smallest control performance since the response at point 3 on the equipment panel is 

particularly dictated by the motion of the base structure, especially by the two base resonances at 230 

Hz and 600 Hz. Point 3 is also rather distant from the two other control locations. 

According to Table 6.1, a reactive implementation of DVFB control offers larger vibration 

attenuation of the response of the composite panel at the three mount junctions than the inertial 

implementation discussed in chapter 4 (Tables 4.3 and 4.4).. It would, however be impossible to use 

these attenuations in practice because of the amplifications at low frequencies. 
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Chapter 7 

Conclusions 

7.1. Conclusions 

The work presented in this thesis has investigated the real potential of the strategy of Direct Velocity 

Feedback control in enhancing the performance of passive isolations. This study was motivated by 

the simplicity offered by such a control strategy, which had demonstrated very strong broad band 

isolation effect on the control of rigid body modes of suspended systems [14-16].Other feedback 

strategies for broad-band control, such as internal model control, require much more complicated 

controllers, whose design involves system identifications and signal processing techniques. In order 

to carry out a clear and strict assessment of the potentials of DVFB control, the analysis was focused 

only on the dynamics of the different systems, without considering any signal processing treatment 

which could have been easily coupled to the control loops. The different controls implemented were 

thus kept as simple as possible without any low frequency filtering process which could have 

increased the stability of the control system. Similarly, in order to retain control simplicity, 

multichannel control was implemented using decentralised controllers with identical feedback gain in 

each channel. DVFB control has thus been tested through both simulations and experiments to 

assess: 

» The conditions under which skyhook damping effect could be obtained. 

• The effect of local skyhook damping on the global dynamics of the equipment. 

This was performed for both rigid and flexible mounted equipments. 

DVFB applied to rigid pieces of equipment 

The implementation of DVFB control on a mass mounted on a single mount allowed us first to 

concentrate on the types of actuation available in practise to implement the control: an inertial 

actuation where the secondary force reacts against a suspended extra mass and a reactive actuation 

where the secondary force reacts against the vibrating base. The inertial control was shown to be 

strongly limited in term of control gain because of the low frequency dynamics of the actuator that 

can not provide a reliable secondary effort. However, above the actuator resonance frequency, an 
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inertial device can implement perfect skyhook damping. The interest in DVFB, however, is generally 

to act at low frequencies to supplement the bad characteristics of passive isolators. 

Unlike inertial control, a reactive control provides a plant response which is very dependent on the 

dynamics of the system under control, as derived in equation (3.13). For a single-mount system and a 

rigid equipment structure, a reactive control is, however, unconditionally stable and generates very 

strong local vibration reduction regardless of the base dynamics. In the case of a rigid equipment, the 

local effect of the control can easily give global control of the suspended equipment vibration. It thus 

appears to be a very promising practical control implementation for the reduction of the rigid body 

modes of mounted equipment, even if attention should be paid in case of multi-mount isolation 

system if the base structure presents large dynamics. 

DVFB applied to flexible equipment 

Generalised to the multi-mount system for the isolation of flexible equipment, the experimental 

implementation of an inertial control showed the same characteristics of instability as the single-

mount system for isolation of a rigid structure, since the stability of the control is not dependent on 

the mechanics of the system involved but on the actuator dynamics. This presents, however, the 

interesting features of a control system which is almost fully predictable from the analysis of the 

actuator dynamic. 

Much larger attenuation was obtained using a reactive control of the flexible equipment plate. The 

rotational excitation from the mount did not appear to have a large effect on the out-of-plane 

response of the composite plate so that an axial control force was sufficient to have a good control 

authority on the system. However, unlike for the implementation on a rigid equipment mounted on a 

single mount, it was possible for the control system to become unstable at low frequencies and the 

feedback gain was significantly limited. These low frequency instabilities are generated by two 

different phenomena. The first can occur in a specific configuration where the equipment behave as a 

stiffness and the base as a mass. Then the base does not offer a safe ground for the secondary force to 

react off. This direct effect of the bottom component of the reactive secondary force is discussed in 

chapter 5 and decreases with frequency. The second reason for low frequency instability is the 

multiple transmission paths created by an isolation system made of several mounts. The excitation of 

the base generated by one reactive secondary force can propagate through another mount back to the 

control sensor, creating a mechanical feedback that may be able to destabilise the system. This threat 

also gradually disappears with frequency as the structural wavelengths in the equipment and base 
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structures get smaller so that the bottom component of the reactive force becomes negligible 

compared to the collocated one. It thus appears that, like inertial control, a reactive implementation of 

DVFB tend to implement, in principle, perfect skyhook damping at high frequencies. For both types 

of actuation the control encounters mechanical limitations at lovy frequencies but provides a very 

healthy plant to control as the frequency increases. 

The other threats to the control stability come from the sensor and the actuator. The actuator sets a 

high frequency limitation to the control efficiency since it is not to able to generate a force perfectly 

in phase with the input voltage as the frequency increases. The sensor sets a very low frequency 

limitation since velocity is a quantity which is difficult to monitor at low frequencies, and this gives 

rise to phase shifts in the integrators used with the practical accelerometers. 

Global isolation effect of local DVFB control 

Both the simulations and the experiments showed that the vibration reduction obtained from the 

implementation of a control loop at a mount junction had a large local attenuation effect above 100 

Hz. Small corresponding attenuation could be observed in the input power and also in the energy 

estimate but to a much smaller extent than at the control points. The multichannel reactive control 

offered, however, significant global vibration isolation as the result of the addition of the different 

local benefits provided by each channel. This was also largely achieved by the fact that the control 

was operating at the mount junction, which were the sources of the disturbance to the equipment 

panel. This suggests that, providing the independent control loops do not significantly destabilise 

each others, global control can be obtained from a proper distribution of several control loops over 

the mounted equipment structure. A reactive implementation of the control is, however, mainly 

restricted to the location of the mounts, but an inertia! controller can be positioned anywhere on the 

suspended structure to generate local control. 

7.2. Further work 

The maximum feedback gain of the control loops were reduced by the operation of integration and 

amplification of the accelerometer signal. The stability limitations were shown to be concentrated at 

low frequencies, well below the range of maximum vibration amplification caused by the passive 

isolation, for both reactive and inertial implementations. There is therefore a good framework for 
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further work, consisting in analysing the improvements achievable by operating appropriate signal 

processing to the original control loops. 

Referring to the need of low frequency isolation, an inertial control does not seem to be appropriate 

to supplement the performance of a passive isolation. It is, however, very easy to implement on any 

system, regardless of the dynamics of the system to control which makes it very attractive in practice. 

The use of inertial DVFB control is therefore to be sought for high frequency problems. This would 

require to design proper compensators in order to modify the low frequency response of the actuator. 

Such a filtering process could increase very significantly the gain margin of the control and thus the 

performance of inertial DVFB control. 

As far as the reactive control is concerned, modification could be carried out on the test rig to 

perform extra sets of measurements. 

® Lighter reactive actuators, more appropriate to the system under control, should be designed. The 

control actuators used experimentally had a too large effect on the global system dynamics. 

® The composite panel could be replaced by an aluminium plate to test the different controllers on 

an uniform and isotropic system. 

« Acoustic measurement could also be performed to determine the influence of the control on the 

sound radiation. 
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