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ABSTRACT 

FACULTY OF ENGINEERING AID APPLIED SCIENCE 

INSTITUTE OF SOUND AND VIBRATION RESEARCH 

Doctor of Philosophy 

Origins of Noise and Vibration in Vee Form Diesel Engines with Emphasis 

on Piston Slap 

by Sulaiman David Haddad 

The investigations described in this thesis deal with Vee engine vibration 

and noise characteristics induced by combustion and piston impact forces in 

both conventional and low noise engine structures. 

It has been shown that the bank to bank mode of Vee engine vibration is 

basically due to piston slap excitation while the conical mode, mainly 

resulting from combustion, is accentuated by piston to bore oil film pressure. 

These modes were also seen to persist on specifically designed low noise 

engine structures. Cylinder block- vibration, and the resultant noise 

radiated, is mainly due to piston slap. 

Simulations of piston slap on an experimental rig and an analogue computer 

have illustrated that the rate of rise of the piston sideways force is the 

most important parameter controlling the resultant cylinder block vibration. 

Block vibration acceleration is proportional to the logarithm of the rate 

of rise of the side force. 

Oscillographic and change of parameter studies have shown that piston 

slap can be as important a source of noise as combustion. Up to 3 dBA 

reduction of the overall engine noise, in the frequency range from 1000 Hz 

upwards, is practicable in existing engines by minimising piston slap. 

Study of piston behaviour in a running engine has shown that piston 

movement in the bore initiates dynamic pressures which are due to both 

squeeze film and hydrodynamic effects. The impulsive squeeze film pressure 
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predominates over combustion excitation for most engine conditions and 

therefore can control the vibration characteristics of engine structure. 

Comparison of measured and calculated piston movements has stressed the 

importance of the oil film in the evaluation of piston behaviour. 
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CHAPTER 1 

INTRODUCTION 

In the commercial field, in order to meet the legislated power to 

weight ratio, vehicles with more powerful engines are required. To increase 

the power output, the engine can be made larger or can run faster or its 

specific load can be increased. Generally until recently, the parameter 

chosen for increasing the power output of an engine has been the speed, which 

also unfortunately, increases the noise (ref. 1.1). The result is that 

automotive diesel engine noise has increased by about 6 to 8 dBA over the 

past 20 years. The introduction of the high speed diesel engine, however, 

has offered very great economic advantages since the same power output has 

been possible from a physically smaller and lighter unit. 

The combustion process in the diesel engine has always been identified 

by subjective impressions of the resultant noise. This characteristic 

noise of diesel combustion is generally known as 'diesel knock' which 

distinguishes it from the smoother combustion of the spark ignition petrol 

engine. At the same time, noises of mechanical origin can also be recognised 

such as 'piston slap', gear noise, tappet noise and bearing imoact noise. 

These mechanical noises can be of such a high level that, no difference is 

observed between the noise of the engine when motoring and running. 

The forces producing these distinctive noises are of widely different 

character. The gas force resulting from combustion may be assumed to be 

the direct exciting force of the engine, while the mechanical impacts are 

the indirect forces which are dependent on the direct exciting forces in 

some non-linear manner. 

In recent years there has been great pollution awareness in most parts 

of the industrialised world. Road transport is considered to be a main 

contributor and public concern is forcing engine manufacturers to produce 

1. 



engines with lower exhaust emissions. A comprehensive account by Pischinger 

and Cartellieri (ref. 1.2) shows that reductions of emissions are feasible 

to meet the projected world-wide standards. Gaseous emissions, smoke and 

noise are, to a great extent, independent: an understanding of their 

basic relationships is therefore of value. 

When the basic relationships between carbon monoxide, hydrocarbon, 

oxides of nitrogen, smoke, specific fuel consumption and noise with 

injection timing for a given fuel injection system are considered, only 

the noise and oxides of nitrogen reduce with retarded timing while all the 

other parameters tend to increase. In practice therefore a compromise 

between the two groups of parameters has to be carefully considered. It 

can be observed, however, that methods used to control the formation of 

oxides of nitrogen in a diesel engine also tend to reduce the combustion 

induced noise. 

It is mainly the control of oxides of nitrogen that has dictated new 

approaches to combustion system design. For this reason Indirect 

Injection (I.D.I.) combustion systems, where the smoke reduces with re-

tarded timing, are again being considered for larger capacity engines. 

In D.I. engines it has been found that retarded timing can be acceptable 

provided at the same time the engine is turbocharged. Turbocharging 

effectively cleans the smoke and also reduces the carbon monoxide and 

hydrocarbon emissions. Turbocharging is also one of the most effective 

methods for reducing the combustion noise of the engine which is achieved 

even with a substantially greater engine output (refs. 1.3, 1.4). 

The pressure diagrams of the pressure charged engine closely resemble 

that of a petrol engine. The reduction of combustion induced noise 

(cylinder pressure level) in comparison with the normally aspirated engines 

is of the order of 6 to 8 dB. 
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From investigations on a number of turbocharged engines of different 

make it has been found that the reduction of noise is considerably smaller 

than the reduction of the cylinder pressure level. The reductions of the 

overall noise of the engines are between 2 to 4 dBA or the noise can even 

be greater. This suggests that noises of mechanical origin are becoming 

more predominant in smoother combustion turbocharged engines. 

In any reciprocating engine certain clearances must be maintained between 

the running parts. This applies to the piston in the bore, journal in 

bearings and mating gears. In all these moving parts the gas forces which 

act on the piston are modified by alternating forces generated in the crank 

mechanism, the result being that the force between the two moving parts, or 

between moving and stationary parts, changes its direction (or "sign"). 

During the operation of the engine the moving parts are accelerated across 

the clearances, thus causing either mechanical impacts or impulsive hydraulic 

forces in the lubricating oil film. 

There are three major sources of mechanical noise in the reciprocating 

engine. 

(i) Piston slap - either mechanical impact or impulsive oil 

film force. 

(ii) Bearing impacts - impulsive oil film force. 

(iii) Timing gear impacts - mechanical impact force. 

Any of these sources can be the cause of the predominant noise of the 

engine. 

The piston slap is generally a prominent source in a diesel engine 

unless expansion controlled or crosshead pistons are used. Elimination of 

piston slap usually gives up to 3 dBA reduction of engine noise. 

So far the bearing noise, because of the predominance of the direct 

combustion induced noise, has been less significant in diesel engines. In 



petrol engines, however, there is evidence to suggest that the predominant 

high frequency noise (1000-3000 Hz) is primarily induced by the impulsive 

lubricating oil film pressures (ref. 1.5). The same phenomena are now being 

observed in some small h i ^ speed diesel engines. 

If the timing gear system is located at the front of the engine the 

gears are subjected to fluctuating tangential forces causing impacts between 

the gear teeth. Front gear systems are invariably responsible for pre-

dominating frontal noise which is largely influenced by gear clearance. 

Experiments involving replacing the gears with a chain or locating the gears 

at the rear of the engine generally show some 4-6 dBA reduction of noise 

from the front and up to 3 dBA reduction of noise from the sides. 

The intensity of the noise generated by the impacting parts of the 

engine depends on the characteristics of the force which accelerates the 

moving part across the clearance and thus depends on the characteristics of 

the applied force and its final kinetic energy at impact. 

In the turbocharged engines, despite the very smooth cylinder pressure 

development the rate of side force and its peak value is markedly increased 

compared to the normally aspirated engine. This is a result of high 

cylinder pressures persisting during the initial part of the expansion 

stroke. 

The considerations therefore indicate that with the introduction of 

pressure charged engines the problem of diesel engine noise will lie in 

better understanding of mechanical sources of noise. 

The investigation presented in this thesis describes a study of a 

high speed vee-form automotive engine noise, its origins, characteristics 

of structure and structure design and the relationship between the 

combustion and piston slap induced noise. 
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The Vee engine has been chosen for this study because a far greater 

proportion of vibration of its radiation area (cylinder banks) is caused 

by piston slap. 

Particular attention is being paid to the fundamental origins and 

the parameters which control piston slap. 

Most of the work was carried out on the Cummins 'Vale' V8 it70 diesel 

engine (Engine SA) and its low noise versions (LNA and LNB) except where 

stated otherwise. 
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CHAPTER 2 

REVIEW OF LITERATURE 

Serious attempts to understand the origins of diesel engine noise are 

relatively recent. One of the first comprehensive accounts was published 

by Bradbury (ref. 2.1). He listed that the main sources of noise from a 

diesel engine are piston slap, firing impulse (combustion impulse), valve 

gear, fuel injection equipment and crankshaft torsional vibration. Mercy 

(ref. 2.2) classified various sources of noise and determined their relative 

magnitudes as percentage contributors to the total engine noise. 

Austin and Priede (ref. 2.3) presented results on engine noise and 

its origins. They showed that noise output from a diesel engine is constant 

3 
with load, that the sound intensity increases with (speed) and that noise 

1.33 

output increases with engine (size) ' . Theoretical relationships were 

used to estimate the structural attenuation and the sound radiated from 

the engine surfaces. The overall attenuation (structural-acoustical 

attenuation) that exists between the cylinder pressure and the sound pressure 

measured at 3 feet from the engine was established. 

Priede (ref. 2.4) evaluated some of the most important origins of 

noise and vibration of reciprocating engines and showed that, particularly 

in a diesel engine, the combustion constitutes the major source of 

excitation producing the noise. 

The other sources of noise in the diesel engine have been investigated 

by various researchers with particular attention to piston slap. Studies 

of the phenomenon of piston slap have been either experimentally or 

theoretically biased. In the former, the parameters investigated were 

somewhat limited. In the latter, due to complexity of the theory, 

researchers had to assume minor simplifications for solving the problem. 
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Meier (ref. 2.5) was the first to measure piston sideways movement 

in a running engine. He outlined the cycle events in which piston slap 

occurs and described experiments designed to minimise piston slap by off-

setting the gudgeon pin. From his theoretical analyses and experimental 

results he gave further recommendations regarding piston design to minimise 

piston slap. He concluded by discussing the effect of the piston to bore 

oil film. 

Zinchenko (ref. 2.6) developed expressions for the impulse resulting 

from piston impact by calculating the net lateral force acting on the piston 

and solving the resulting equations of motion. He distinguished between 

impacts occurring at top dead centre (T.D.C.), where the gas forces are 

high, and impacts occurring elsewhere, where inertia forces dominate the 

net lateral force. However, in his analysis he did not consider separately 

connecting rod inertia effects but accounted for these by assigning an 

equivalent inertia increase to the piston. 

Crane (ref. 2.7) gave more comprehensive theoretical treatment to 

the problem. He used a computer to evaluate piston slap impact velocities 

as a function of piston-cylinder clearance and engine geometry for several 

engines. 

Hempel (ref. 2.8) presented even more extensive analytical treatment. 

He subdivided the motion of the piston across the cylinder clearance into 

various stages. The parameters used were non-dimensional and some simpli-

fications made which, although quite valid if used to give a clearer 

insight into the phenomenon, were not really justified if used as a basis 

for a detailed experimental analysis of a particular engine. 

Priede (ref. 2.9), though having established the importance of 

combustion excitation in diesel engines, records in a more recent work an 

investigation of the piston slap contribution to the overall noise level. 



The method he used depended on comparison of the spectra of the gas force 

and the forces associated with piston slap. From this he concluded that 

piston slap is likely to predominate only when combustion is relatively 

smooth, and even then over a limited frequency range above 800 Hz. 

Fielding and Skorecki (ref. 2.10) also presented a comprehensive 

study with excellent theoretical analysis by deriving equations for the 

transverse motion of the piston in a similar way to Hempel. They verified 

these results experimentally by varying some of the engine parameters such 

as piston-cylinder clearance, gudgeon pin offset, and piston lubrication, 

but this work was limited to a study on a single cylinder engine. 

Most of the investigations considered above have been carried out 

on single cylinder units and therefore are not fully representative of 

multi cylinder automotive engines. 

Others used similar techniques. These include Ungar and Ross, Heldt, 

Smith, Bolt, Beranek, Griffiths, Skobtsove, Haasler, Burrel, Butler and 

Lightowlers. 

Westbrook and Munro (ref. 2.11) stress that a full understanding of 

piston slap can only be achieved by the study of piston behaviour in a 

running engine. They present a reliable method of telemetering information 

continuously over the whole working cycle on piston movement, temperature 

and strain from a running engine. In addition to specifying the transducer 

detail, they also compare•piston movement with engine block vibration 

acceleration. 

Laws, Parker and Turner (ref. 2.12) have used this technique success-

fully to measure the cyclic incidence and intensity of piston to cylinder 

impact as a function of engine temperature, load and speed. These results 

are also compared with measurements of cylinder block vibration. 

Parker, Laws and Turner (ref. 2.13) also present a well developed 



theoretical computation to calculate piston movement, impact velocities 

and side forces showing reasonable correlation with the measured values. 

At ISVR, Automotive Engineering Group (ref. 2.14), research is 

pursued on multi-cylinder diesel engines which included realistic simulation 

of piston slap in a non-running engine using sideways force generators. 
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CHAPTER 3 

CHARACTERISTICS OF VEE FORM ENGINE VIBRATION AND NOISE 

AND ITS CONTROL BY STRUCTURE DESIGN 

A number of vee form automotive diesel engines have been studied. A 

typical installation of an engine on a test bed is shown in figure 3.1 with 

the engine on resilient mountings. The crankshaft axis is about three feet 

above the floor to enable the radiation of noise to be measured from the lower 

part of the engine. The engine is coupled to a dynamometer via a gearbox. 

All tests were carried out in test cells lined with foam wedges or perfor-

ated sound absorbing tiles. To ensure that only the engine contribution 

to noise is evaluated, the inlet and exhaust ducts are piped away to the 

outside of the test cubicle. Bruel and Kjaer equipment was used for the 

noise and vibration measurements. It was found that the repeatability of 

noise tests was reasonable, but certain variations were noted as illustrated 

for a V8 engine in figure 3.2. It was therefore considered that before 

attempting a fundamental investigation into particular sources of noise, 

such as piston slap, a much better control and understanding of the causes 

of variations were essential. 

3.1 Effect of Operating Parameters and Measurement Techniques on Noise 
and Vibration 

Variations are expected due to various reasons. 

(a) Acoustic conditions. 

(b) Engine operating conditions, such as inlet air temperature and water 

and lubricating oil temperatures. 

3.1.1 Acoustic conditions 

Figure 3.3a illustrates the variation of overall sound pressure level 

when moving the microphcne along the length of the engine and at constant 
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distance away from the engine. As can be seen, there are variations of 

noise. The total fluctuations are within 2 dBA. This is considered small, 

but it does suggest that it is important to place the microphone precisely 

at the same position for each test. There is also some fluctuation of 

noise with distance from the engine. Figure 3.3b shows this effect along 

a line to the side of the engine. In general, noise decays following the 

inverse square law up to 3 feet. Beyond 3 feet, other factors distort the char-

acteristics of decay. It can be concluded that precision must be adhered 

to in the positioning of the microphone from the engine. 

3.1.2 Operating conditions 

In the initial stages of the investigation considerable discrepancy 

existed between the noise data from engines of the same type when tested at 

ISVR, the United States and Germany. The differences were significant, 

being of the order of 3 dBA. It was thought that these variations could be 

due to either the operating conditions in the test cells or the quality of 

the fuel. 

One of the operating conditions which was found to have a pronounced 

effect was the temperature of the lubricating oil, since generally it was 

observed that when starting from cold the engine appeared to be considerably 

noisier. Controlled tests showed that some engines are more sensitive than 

others to varying operating conditions. Oil temperature effects were found 

more pronounced in engines with shallow combustion chambers. 

3.1.2.1 Effect of lubricating oil temperature on the noise, vibration 
and combustion 

To enable the control of the oil temperatures, an external oil cooler 

was installed. A thermostat was also set on the cooling water outlet to 

control the water temperatures at fixed values throughout the investigation 

(inlet at 65 + 2°C, outlet at 75 + 2°C). 



The introduction of the external oil cooler served two purposes 

1. To control the oil temperature at a constant level when measuring 

the cylinder pressure spectra and noise for various speeds and 

loads. 

2. To enable the oil temperature to be varied at constant speed and 

load (i.e., to enable the cylinder pressure spectra to be varied). 

This external oil cooler was not of sufficient capacity to control the 

oil temperature in the lower range (i.e., below 85°C) for long enough time 

to obtain a complete spectrum. 

In order to overcome this difficulty, the automatic recording facility 

of the B & K equipment was utilised to obtain the continuous variation in 

cylinder pressure level in a particular 1/3 octave band over the oil 

temperature range. This procedure was repeated for all 1/3 octave bands 

enabling 1/3 octave spectra at particular oil temperatures to be built up. 

Typical results of the variation of overall noise levels (dB(A)) with 

oil temperature is shown in Fig. 3.4. Figure 3.5 shows the variation of 

overall noise levels with speed at oil temperatures of 70° and 110°C giving 

slopes of 23 dBA/decade and 30 dBA/decade respectively, indicating some 

change in the mechanism of excitation with temperature 

Fig. 3.6 shows photographic recordings of cylinder pressure diagrams 

at oil temperatures of 68, 80, 94 and 115°C which were taken to study the 

mechanism of the effect of oil temperature on the cylinder pressure spectrum. 

These diagrams were analysed and the tabulated results are shown in Fig. 3.7. 

It is observed that a reduction of oil temperature increases the delay 

period (assuming the dynamic timing is unchanged at constant speed) and 

gives a greater initial rate of pressure rise which can produce higher 

cylinder pressure and noise levels. A similar effect has been shown by 
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other researchers in the context of cooling water temperatures (refs. 3.1, 

3.2). The higher peak pressures at higher oil temperatures are the result 

of reduced heat loss as the piston crown temperature is increased. 

Figure 3.8 shows the variation of cylinder pressure and noise spectra 

for oil temperatures of 68, 94 and 115°C at 3000 revs/min full load. It is 

clear that the oil temperature is affecting the cylinder pressure and 

consequently the noise. However, the amounts by which the cylinder pressure 

level and sound pressure level vary do not exactly correspond, lliis indi-

cates that even at full load other sources of excitation are also affecting 

the noise level. Approximate calculations indicate that the excitation 

from both combustion and mechanical sources is of similar magnitude. It 

is clear, therefore, that the way in which the cylinder pressure spectrum 

varies with oil temperature is a useful tool for determining the level of 

mechanically excited noise. Cylinder pressure and sound pressure levels 

at various frequencies plotted against log (oil temperature C) in Fig. 

3.9a-d) follow average straight lines with different slopes. Since the 

slope of the SPL is lower than that of the cylinder pressure level in 

certain frequency bands (frequencies 1000, 1250, 3000, 3150 Hz), it suggests 

that with increasing oil temperature the combustion induced noise is 

reduced where the piston slap noise is increased. Fig. 3.10 shows the 

overall noise levels plotted against log (oil temperature) for 3300, 3000, 

2000 rev/min full load. It can be seen that an approximate straight line 

relationship exists enabling the following approximate correction formula 

to be derived for a given speed: 

(dBA) ^ ^ = (dBA) , ^ + A dB 
corrected to measured at 
90°C temp. t°C 

where A dB - 12.5 log^^t - 24.4 

taking 90°C as average operating oil temperature. 
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This relationship will enable noise levels taken at different temperatures 

to be correlated. 

It was also found that the oil temperature affected the structure 

vibration and in particular the axial crankshaft vibration (indicating 

crankshaft bending). The latter was measured at various temperatures using 

a special probe shown in figure 3.11a, which has the calibration correction 

shoivn in figure 3.11b. Figure 3.11c shows relative axial crankshaft 

vibration acceleration spectra at 1500 revs/min full load at various oil 

temperatures. All the spectra show strong components at the fundamental 

firing frequency (100 Hz) and up to the fourth harmonic. The effect of oil 

temperature here may be explained in different ways: 

a - Change in crankshaft damping 

Starkman (ref. 3.3) has sho\m that crankshaft main bearing damping 

decreases with reduction in oil viscosity, i.e., with increased temperature. 

Figure 3.lid shows that in the high frequency range (4000 Hz) the reduction 

of damping is the dominant mechanism controlling noise and vibration with 

increasing oil temperature. 

b - Change in combustion 

As mentioned earlier, raising the oil temperature decreases the severity 

of combustion significantly affecting the cylinder pressure spectrum between 

300 Hz and 4000 Hz. 

c - Change in piston slap 

At higher temperatures the viscosity of the oil between the piston 

and the cylinder liner will be lower augmenting piston slap effects. These 

could also affect the damping of the block structure. 

These studies indicate the necessity for careful control of operating 
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conditions and suggest that piston slap and bearing impacts can be 

seriously affected. In addition, the fuel quality (cetane number) has 

been found to affect the resultant emitted noise of the engine investigated 

within a 3 dB(A) range. 

3.2 Early Noise and Combustion Studies Showing the Importance of 

Mechanically Induced Noise 

It is generally found that if the combustion excitation is predominant 

over other sources then any increase in combustion will give a corresponding 

increase in engine noise. If combustion changes have no effect, then 

other sources predominate. 

3.2.1 Full load with speed 

Fig. 3.12 shows the cylinder pressure spectra and noise for the engine 

at 3300, 3000 and 2000 rev/min full load at normal operating temperatures. 

The figure shows that although, in general, the noise increases with 

cyliner pressure level over most of the frequency range, the increments do not 

exactly correspond. Figure 3.13 is derived from Fig. 3.12 to clarify 

this effect. From this figure it can be seen that at full load conditions, 

the engine noise increases nearly at the same rate as cylinder pressure 

level over most of the frequency range and is therefore combustion cont-

rolled. 

3.2.2 Full load versus no load 

Fig. 3.14 shows the comparison of cylinder pressure and noise spectra 

for full load and no load conditions at 3000 rev/min. It is observed 

that there is a marked difference of cylinder pressure level beti/een the 

two conditions especially in the higher frequency range where initial rate 

of pressure rise is the controlling factor. Fig. 3.15 shows the structural-

acoustical attenuation (cylinder pressure level minus sound pressure level 
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.. Ref. 2.4) of the engine at operating temperatures for full and no load 

conditions. From this graph it will be seen that the structurai-acoustical 

attenuation at no load is lower than at full load. If combustion were the 

predominant excitation in both cases, the curves could be identical as the 

level of attenuation is independent of the level of excitation. The fact 

that the attenuation is low at no load conditions indicates that some factor 

other than cylinder pressure is having a significant effect. It can be 

concluded therefore that mechanical excitation is much more significant at 

no load than at full load conditions. These mechanical sources of excitation 

include piston slap, bearing noise and gear noise. 

It is clear from the above discussion that although mechanical excitation 

is probably predominant at no load conditions, its effect at full load is 

less marked. 

3.3 Vee Form Engine Vibration and Emitted Noise 

All conventionally designed reciprocating engines are basically similar 

in construction. In-line engines consist of a box divided into compartments. 

The top of this box is closed by the cylinder head, which is comparatively 

stiff, and the bottom is closed by a relatively flexible oil sump. Also at 

the top and about halfway down are horizontal decks that support the 

cylinders. Although these decks are quite thick, their stiffness is 

lessened by the cylinder bores. Such a structure is flexible in torsion 

about an axis parallel to the crankshaft, mainly because the oil sump is not 

stiff enough to "close the box" effectively. Considered as a beam, the 

engine is much stiffer in bending in the vertical plane than in the horizontal 

plane. 

If such structures are excited by a sinusoidally varying force of 

constant magnitude over a range of frequencies, the vibration amplitude 
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measured at a point will show many resonant peaks. At the frequency 

corresponding to each peak, the structure will take up a different vibration 

pattern or mode shape. 

In general the first mode of vibration occurs at a few hundred Hertz 

and consists of a torsional motion about an axis parallel to the crankshaft. 

At higher frequencies, say up to 1000 Hz, the engine starts to bend along 

its length like a homogeneous beam. Above this frequency the structure 

ceases to behave as a solid body and the panels forming the sides of the bays 

begin to vibrate independently. 

At the higher frequencies these modes tend to fall into groups. Each 

individual mode in a group has the same basic characteristics, but differs 

in detail from the others. This phenomenon is demonstrated in Figure 3.16, 

which shows results of a finite element analysis of a 6-cylinder, in-line 

engine crankcase. In this group there are 12 versions of a particular type 

of panel mode. The natural frequencies are very close, with only 233 Hz 

total separation (ref. 3.4). 

rr 
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Fig. 3.16= Panel modes of a six-bay crankcase. 

The Vee engine, which is a compact unit, has been developed to give much 

greater horse power than an in-line engine of the same length. Vee form 

engines consist basically of tv7o "Siamesed" in-line engines although in 

this case there is little difference between the horizontal and vertical 
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stiffnesses. 

For this reason most of the vibration modes associated with in-line 

engines are also present with the vee engine. However, the fact that there 

are now two cylinder banks introduces another mode which consists of bodily 

motion of one bank relative to the other. 

On several vee engines it has been found that the two most acoustically 

important modes of structure vibration are the bank-to-bank and conical as 

shown in figures 3.17 and 3.18, respectively. 

Fig. 3.17, Idealised displacement of the bank-to-bank mode on one side 
of a V8 engine (~ 1250 Hz for SA). 

Fig. 3.18. Idealised displacement of the conical mode on one side of a 
VB engine (- 2500 tlz for SA) . 

The bank-to-bank frequency of a V engine block structure can be 

calculated from the empirical formula: 

Hz (Reference 3.5) 

where d = perpendicular distance between crankshaft axis and the top face 

of the cylinder block in metres. 
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The frequency of the conical mode of the block structure can be 

calculated from the empirical formula: 

^c Hz (Reference 3.5) 

where £ is the crankcase/block length in metres. 

3.3.1 Design details of low noise Vee form research engine 

There are three basic ways of reducing the noise radiated by the main 

engine structure: (1) stiffening, (2) damping, and (3) reducing the 

radiating area. 

Control by stiffening. Radiated noise from the engine structure results 

from bending of the whole block in the low-frequency range and bending of 

the individual panels in the high frequency range. For a constant force 

input with frequency, the vibration amplitude at resonance is inversely 

proportional to the natural frequency, and therefore stiffening is effective 

only to the extent that the natural frequency is increased. Increasing the 

natural frequency can also be an advantage if it then falls within a range 

where the exciting forces are less. The forces from combustion tend to 

decrease with frequency at the rate of 30 dB/decade, as shown by the typical 

combustion force spectrum in Figure 3.19. Ideally, if a natural frequency 

is increased by a factor of two, the level of excitation would be reduced 

by 9 dB. 

Although some improvement can be expected by the addition of webs and 

heavy ribbing, with only a small weight gain, it is difficult to increase 

significantly the whole range of natural frequencies. This can be achieved 

only by a general increase of thickness. 

A fundamental requirement for the control of noise through increased 

bending stiffness is a material that makes the increase of natural frequencies 

possible without increasing weight. 

2-i-
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Fig, 3.19. Reduction of excitation by increase in frequency. 

The frequency of plates in bending is, to a first approximation, 

proportional to thickness for all structural materials. 

By using a low-density metal structure of the same weight as a cast 

iron structure, the greater thickness of the walls would make them much 

stiffer, and therefore the vibration amplitude for a given force would be 

much lower. Moreover, the natural frequency would be increased inversely 

to its density. This principle has been adopted in the experimental mag-

nesium engine (ref. 3.6) in which wall thicknesses have been increased by 

a factor of 4 to 5. 

Low-frequency modes of engine vibration depend on the overall bending 

stiffness of the engine structure. This stiffness is mainly controlled 

by the cylinder block and head. The crankcase is relatively weak because 

its general form is that of an open box. It has been found experimentally 

that an integral bearing assembly (Ref. 3.7) can increase the crankcase 

bending stiffness with only a small weight increase. This arrangement also 

has the advantage of restraining the end faces of the engine. 

Control by damping. Control of engine noise by use of structural 

material with higher inherent damping properties is often considered. 

Although such materials are available, it is doubtful whether any real ad-

vantage could be gained by their use. Even with a highly resonant structure. 
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such as steel or cast iron, enormous damping is introduced by friction 

between mating and sliding surfaces. Measurements on a bare engine cast-

ing showed the dynamic magnification factor Q of over 200, but the same 

crankcase in a fully assembled engine showed a Q as low as 16. For further 

reduction to be worthwhile, additional damping of the same magnitude must 

be introduced into the structure. This cannot be achieved practically by 

attention to the basic load-carrying framework, but significant improvement 

can be made to individual outer panels. 

One such possibility is the replacement of these outer panels with 

highly damped members. The feasibility of this method was illustrated 

by the skeleton frame engine (ref. 3.7), where a considerable reduction of 

high-frequency noise was obtained, by using plates of damped construction 

screwed to a welded steel framework. 

Control by reducing the radiating area. Since it is much easier to 

control the noise from the covers than from the basic structure, there is 

a considerable advantage in redesigning the engine so that covers constitute 

a great percentage of the total area. It has been shown that crankcase 

walls are often the main noise-radiating surfaces of the basic structure, 

and therefore their removal holds a potential advantage. Tiie main functions 

of the crankcase walls are to help support the crankshaft bearings, retain 

oil, and provide a location for the oil sump. If the crankcase walls are 

removed, a bearing beam arrangement can be made to support the bearings, 

and a deeper oil sump can be assembled to the bottom deck of the cylinder 

block to retain oil. This larger oil sump will then be attached to a 

stiff structural member with lower vibration levels than the normal position. 
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3.3.1.1 Practical low noise engine design 

The basic principles of low-noise design have been indicated. By 

using these in conjunction with the choice of an optimum speed and bore, 

an entirely new engine could be constructed to take advantage of all 

these principles. Such an engine must satisfy other constraints such as 

maximum piston speed, size, weight and, of course, the required engine 

power. 

An alternative to the complete redesign of an engine is to limit the 

redesign to the basic structure of an existing engine. This takes advantage 

of standard production parts such as cylinder head, crankshaft, rods, 

pistons, liners, camshaft, valve train and fuel-injection equipment. 

A number of experimental in-line and Vee-form low noise engines were 

built at ISVR to demonstrate the worthwhile reductions of noise possible 

with the use of practical manufacturing techniques and conventional 

materials. To do this all major noise radiating surfaces had to be dealt 

with and the basic modes of the structural vibration controlled, necessitat-

ing entirely new main engine structures. 

3.3.1.2 Low noise Vee form engine design 

On the standard engine on which this design was based, the frequency 

of the bank-to-bank mode falls in a range which is both sensitive to the 

ear and where levels of excitation from combustion and mechanical origins 

are high. 

As a major reduction of engine noise was envisaged it was decided to 

aim at a design giving reduced amplitude of bank-to-bank vibration by 

stiffening the roots of the banks. Such a design would be expected to 

result in a nominal increase in mass accompanied by a small increase in 

natural frequency. 

A major weakness in the standard design is at the camshaft bearings. 
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The section between the banks, which can be considered as a flat plate 

of I inch in thickness, is subjected to both compressive and tensile loads 

and buckling moments when the banks vibrate. Apart from the bearing 

annuli and the end bulkheads, this thin plate is the only tie between the 

banks at the top of the engine. Moreover, its effectiveness is consider-

ably offset by general weakening in this area provided by the tappet guide 

bores which are closely spaced. 

On the experimental engine (Figure 3.20a) this plate is of substantial 

thickness and extends to the full depth of the fuel pump fixing bosses. 

Although this section is solid for the sake of expediency it could be 

cored to reduce weight. The banks are further stiffned by a tie below the 

camshaft. However, this does not extend the full length of the engine as 

provision is made to insert the bearing bushes. 

A tie is also provided between the banks at the front end of the 

engine. This consists of a rigid cast section joining the banks together 

at top deck level. This cast tie is cored and utilised as a water transfer 

duct between the banks. Ideally a similar tie is desirable at the rear of 

the engine but this would necessitate considerable redesign of the pump 

drive details. 

To avoid a bending moment the bosses for the cylinder head fixing 

studs are extended from the top to the bottom deck of the cylinder block 

thus ensuring a direct tensile load. 

On the standard engine frontal noise was mainly due to flexural 

vibration of the front bulkhead partly as a result of bank-to-bank motion. 

This was controlled by increasing the thickness of the section. 

The crankcase walls on the normal engine are cantilevered from the 

bottom deck of the cylinder block and in general vibration increases from 

this point to the sump fixing flange. The centre three bulkheads forming 

the crankshaft bearings restrain the amplitude of vibration of these walls 
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but their effectiveness is offset by the relative displacement of the 

bores in the two banks which causes a bending moment at the bearing. 

It was not possible to significantly increase the section of these 

bulkheads to restrain crankcase wall movement because of the compactness 

of the engine design. To increase the thickness of the crankcase walls 

is also not practicable without a /•i"% weight increase. It was 

therefore considered that for a low noise engine design the crankcase walls 

should be removed. 

The lower decks of the cylinder blocks on the low noise design were 

extended so that they were cut by the horizontal crankshaft plane thus 

forming rigid attachment points for the sump (also cylinder block side 

wall covers) where vibration levels would be low. An integral bearing 

beam was fitted to replace the support previously given to the main bearing 

caps by the crankcase walls (Figure 3.20a). 

Suitable covers were developed to replace those on the standard design. 

The combined effect of all modifications reduced noise over the entire high 

frequency range as shown in Figure 3.20b. An overall reduction of 9 dBA 

was obtained (ref. 3.4). 

3.3.1.3 Design of engine covers 

Two basic principles were applied to the cover designs: these were 

application of damping and isolation of vibration. 

(a) Oil sump: details are shown in figure 3.21a. It was made of 

two sheets of 25 SWG steel bonded with thick rubber based adhesive. This 

sump gave a noise reduction of 2 dBA. 

(b) Valve cover (figure 3.21b). This was of similar construction 

using aluminium sheets, giving a noise reduction of 2| dBA. 

(c) Exhaust manifold (figure 3.22). The standard iron manifold was 

shielded with a casing of 26 SWG steel sheet lined with ceramic fibre, 

giving a noise reduction of I5 to 2 dBA. 
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(d) Push rod covers (see sketch): These covers were made of double 

skin panels spot welded together. 

PUSH ROD COVERS 

-WATER JACKET COVERS 
(e) Water jacket covers (see sketch). These were made of double 

skin damped panels bonded together at the fixing flange, thus also providing 

vibration isolation. 

(f) Inlet manifold: Vibration isolation was employed by slitting 

the manifold at the base and bonding together with silicon rubber. 

These covers on the low noise engine consitute about 70% of total 

radiating area. 

3.3.2 Test results on the low noise Vee form research engine 

The engine was initially designed with an integral bearing beam to 

increase bending stiffness and to provide axial restraint to the bearing 

caps normally given by bolting through the crankcase skirt. Various 

crankshaft supports, illustrated in figures 3.23 and 3.24, were tested as 

follows: 

a Integral bearing beam 

6 Divided bearing beam 

Y Ladder frame 

6 Separate bearing caps 

The noise spectra of the low noise engine with these crankshaft supports 

were taken and are compared with the integral beam (fig. 3.23a). 

The results of these comparisons are shown in figures 3.25-3.28 for 

engine speeds of 3300, 3000, 2000 and 1500 revs/min full load. Generally 

the ladder frame is marginally better than the others at all speeds. 
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Tlie study of the vibration characteristics of low noise engines shows 

that the effect of combustion is substantially reduced in relation to piston 

slap induced noise. This is due to the basic principle of the low noise 

engine design mainly because the crankcase has been eliminated (the crank-

case is in general the radiating area which emits combustion induced noise), 

while the cylinder blocks of this engine form the major radiating area. 

This can be seen from vibration modes of the low noise engine as shown in 

figure 3.29 for 1250 and 2500 Hz. Appreciable amplitude levels of 

vibration only exist on cylinder blocks. 

The rate of increase of noise and vibration with engine speed usually 

identifies the characteristics of the source of excitation. For example, 

combustion excitation gives an average of 30 dB/decade slope, while 20 dB/ 

decade characterises the piston/line^" impacts. Figure 3.30 shows that the 

overall noise of the low noise engine varies with speed at an average rate 

of 20 dB/decade and the standard engine at 30 dB/decade, suggesting that 

a different mechanism of excitation controls the resultant noise of low 

noise engines which is piston slap. Therefore greater emphasis has been 

given to the study of this phenomenon. 

3.4 Conclusions 

(1) Acoustic conditions and engine operating parameters are shown to 

affect the resultant engine noise, vibration and combustion and 

therefore should be carefully controlled. 

(2) Lubricating oil temperature and fuel quality can affect the 

overall engine noise by 2-3 dBA. 

(3) Reduction of noise by about 9 dBA can be produced by a new form 

of Vee engine load carrying structure design eliminating the 

crankcase and incorporating damped and isolated covers. 
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This engine design has a greater effect on controlling combustion 

noise, which is predominantly radiated from the lower part of the structure, 

than piston slap noise which is mainly radiated from the upper part, there-

fore enhancing the relative level of mechanical noise. 
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Table I 

Analysis of the pressure diagrams of the SA engine at 3000 r.pm full load of Fig. 3.6 

Oil temperature 

' C 

Initial rate of 

pressure rise 

p.si. /» 

Amplitude of initial 

pressure r ise 

R S.I. 

Initial pressure r ise 

s t a r t s at PSI. -

® before TD.C 

Peak pressure in 

cy l inder P.S.I. 

1 
68 164 2 8 5 6 0 0 at 8° before TD.C. 1265 

8 0 152 235 5 8 0 at 9° before T.D.C 1265 

94 * 12 6 190 535 at 10-5°before I D C 1280 

115 122 165 525 at 11.5°beforc TD.C. 1300 

* Operat ing tempera tu res 

FIG. 3.7 

94"C Lub. oil t empera tu re 

Cooling w a t e r inlet = G5t 2''C 

Cooling water outlet = 75±2°C 
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FIG. 3.21 a A new modified Sump 

FIG. 3.21b A double skinned valve cover 



FIG. 3.22 a Exhaust manifold steel cover 

FIG. 3.22 b showing the exhaust manifold steel cover and 
Kao wool underneath 



N. 

F I G . 3 . 2 3 a THE INTEGRAL BEARING BEAM ( « ) 

F I G . 3 . 2 3 b THE TWIN BEARING BEAM ( ) 



FIG. 3.24a THE LADDER FRAME ( 5 ) 

a 

<- ; : . . S 

F I G . 3 . 2 4 b THE SEPARATE BEARING CAPS ( (5) 



kQ 
O. 
CQ 

-oiwest i 

LNB 

L N B 

L N B : e SIC 

LNB ,'5 10QL»dBA(!f,: : 

I; • I >1 - t 'I III 
ywhee , nO 
ill' : ; I ,, I n I • • • i 

rb 

jsjng 

F I G . 3 . 2 5 i R H S NOISE AT 3300 rev/min FULL THROTTLE ~ 190 B.H.P. 
Freq.- Hz o 

8 



O* -vj CO 'XI — 

m 

^ 80 

A 
CO 

rligriq$l' 

d$A 

F I G . 3 . 2 6 RHS NOISE @ 3000 RPM FULL THROTTLE ^ 1 8 4 BHP 
Frequency-Hz o 



LNB 

T 
"7" 

90 

CQ 
rO 

^ 80 
w 

70 

M 

- I 

I I I ! 

"m 
I i ; " 

94 

F I G . 3 . 2 7 j NOISE @ 2000 rpm full throttle @ 1 4 o bhp 
Frequency -Hz o 

8 



A 
t/3 

I I I I 

LNB 
H ! I I I I I i i 

LNB 

F I G . 3 . 2 8 RHS NOISE @ 15 00 RPM FULL THROTTLE » 106 BHP 
Frequency-. Hz 

8 
o 



SCALE; Large Division = 1 ^ 9 

at 1250 HZ 

"RHS and front" 

"RHS and front" 

FIG. 3.29 
ENGINE VIBRATION MODES (EXCLUDING IVC) O F L N B 

AT 1500r.p.m. FULL THROTTLE (106B.H.P.) 



3 , 0 d B / d e c a d e ---
I - I I ' , 

j :in±T ENGINE SA 

, ^ - » - 2 0 d B / d e c a d 
t u , ' I ' ^ HOC E N G I N E - L N A 

I/) 90 

3000 ENGINE SPEED ^ R PM (fHl It + r 

FIG. 3.30 COMPARISON OF STANDARD AND LOW NOISE ENGINE AT FULL LOAD 



CHAPTER 4 

IDENTIFICATION OF PISTON SLAP IN A RUNNING VEE FORM 

DIESEL ENGINE 

4.1 Introduction 

Piston slap is initiated whenever the side-thrust force changes 

direction. This occurs under two conditions: when the force in the connect-

ing rod changes sign, i.e., changes from tension to compression or vice versa, 

or when the component of the connecting rod force normal to the cylinder axis 

changes direction as a result of changes in the sign of the angle between 

the connecting rod and cylinder axis . llie latter condition always occurs 

at top and bottom dead centres; the former condition is realised when the 

total inertia-force contribution to side thrust just balances that resulting 

from the gas force. 

In conventional diesel or reciprocating engines it is always found 

that piston slap occurs at or near the top and bottom dead centre, while 

mid-stroke slaps may be suppressed at some low-speed operating conditions 

where the aforementioned force balance cannot be attained. 

Apart from the effect on engine noise piston slap has received con-

siderable attention because of its effect on cavitation erosion. 

In the running engine it is difficult to identify the noise produced by 

piston slap. The reasons are that both combustion and piston slap noise 

characteristics are similar and the resultant induced transient vibrations 

of the structure occur at close instants in time. Unless the pressure rise 

resulting from combustion is before T.D.C., the identification of the 

piston slap is almost impossible. The contribution to the noise and 

vibration, however, can be assessed by the introduction of relevant modifi-

cations to the piston system in order to significantly change the piston 
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impact characteristics (ref. 2.14). 

The well known techniques employed for reduction of piston slap are 

summarised below: 

(1) Lateral displacement of the gudgeon pin by around 3% of the 

piston diameter towards the thrust side and redistributing the piston weight. 

Similar results can also be obtained by offsetting the crankshaft from the 

cylinder centre line. 

(2) Lengthening the piston skirt to minimise the inclination of the 

piston in the bore. 

(3) Use of pistons with minimal piston-to-bore clearances, such as 

bimetallic, expansion restricted pistons and use of bearing pads. 

(4) Use of overall small clearances for the piston pin. 

(5) Obtain the maximum rigidity of liner to limit deformation. 

(6) Isolation of the cylinder liner from the engine block and possibly 

increasing the damping of the liner. 

(7) By suitable control of coolant so that liner expansion is more 

even down the length of the bore. 

(8) Oil cushions between the piston and the cylinder wall (ref. 4.1). 

(9) Reduction of ratio of crank radius to connecting rod length. 

To limit piston slap noise on an existing engine only a limited number of 

these techniques can be applied. The possibility of oil cushioning on the 

engine was investigated but proved to be unpracticable because of the short 

skirt pistons in the oversquare engine investigated. Therefore it was 

decided to employ thermally controlled pistons with very small clearance 

together with careful assembly of the liners to ensure the true roundness 

of the bore. 
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4.2 General Instrumentation 

The engine investigated was installed as outlined in Chapter 3 with 

acoustic conditions and operating parameters being carefully controlled. 

Engine performance was also monitored throughout the tests. All noise 

measurements were taken at the standard microphone position (3 ft or 0.9m 

from engine level with exhaust manifolds). For engine surface vibration, 

the accelerometer was rigidly attached by small studs cemented in position 

at points forming a complete grid over the engine surface as shown in 

figure 4.1. Cylinder pressure levels were taken using a quartz transducer 

installed in cylinder no. 1. This was positioned such that the diaphragm 

was flush with the surface of the combustion chamber. The signal being 

fed through a charge amplifier into a Muirhead Pametrada frequency analyser 

(Type D489-EM) set to "in-tune high" selectivity. The pressure transducer 

was statically calibrated before and after engine running. 

In order to separate the individual events in the engine cycle, an 

oscillographic technique is employed. In this, three signals are usually 

displayed: 

(1) degree marks to locate the sequence of firing cylinders. For 

this a degree marker disc with magnetic pick up was fitted to the front 

of the crankshaft to indicate crankshaft positions at 10° intervals and 

T.D.C. position of No. 1 cylinder. The degree marker signal was fed into 

one channel of a Tektronix oscilloscope. 

(2) A pressure diagram to locate the reference firing cylinder. For 

this the signal from the quartz transducer out of the amplifier is fed 

into a second channel of the oscilloscope. 

(3) Vibration signal (or noise) . The accelerometer (or microphone) 

signal is fed through a spectrometer set on the dBA weighting network into 

a third channel of the oscilloscope. The dBA scale was found most repre-

sentative for the present comparative study. 
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Photographic recordings were made using a Southern Instrument Drum 

Camera and fitted with a continuous film feed mechanism. 

4.3 Test Results 

The engine was tested under two conditions; 

(a) with standard pistons having radial cold clearance of .012 in; 

(b) with special expansion restricted 'Autothermatik' pistons having 

radial cold clearance of .002 in. 

The 'Autothermatik' pistons were designed and developed especially for 

the V8 engine investigated by Mahle K.G. Ltd., of Germany. They have four 

steel inserts to control the expansion of the skirt. Extra care had to be 

taken when assembling these pistons in the engine due to the inherent 

ovality of the wet liners. The liners therefore were honed insitu to 

obtain true roundness. 

The ttjo radial clearances give representative limits for the study of 

the effect of clearance on piston slap. 

In the following discussion of results these two pistons will be 

referred to as "standard" and "Mahle" ("slapless"). 

4.3.1 Noise due to piston slap 

Figures 4.2-4.5 compare noise spectra for the engine fitted with 

standard and Mahle pistons at the right hand side running at full load 

speeds of 3300, 3000, 2000 and 1500 revs/min. Table i+.i summarises the 

overall noise levels (dBA) for RHS, LHS, front and top. 

In general, the Mahle pistons reduce the overall noise by an average 

of 2 dBA. There is however, a tendency for the difference in noise levels 

to increase with increasing engine speed, though it is not systematic and 

is observed to reverse in some cases, for example, at the top of the 

engine (at 3 ft from centre line of inlet manifold). 
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These tv7o trends can be explained as follows: 

1. With increasing speed, the piston approach velocity should increase 

and so piston slap impulse must increase. This would account for the 

increase in noise at higher speeds. 

2. However, with increasing speed, the effect of the oil film between 

the piston and liner would increase in proportion to the sliding speed of 

the adjacent surface following the hydrodynamic theory of lubrication. This 

could result in decreased piston slap noise with speed. 

The actual behaviour, however, is more complicated through the inter-

action of other varying factors which nullify the effect of each other 

resulting in a non-systematic relationship. 

Table ̂ '^Isummarises the general trends in various frequency bands. 

As can be seen, piston slap affects the broad frequency range from 

800-8000 Hz but is most apparent in the third octave bands of 1000, 1250, 

2000, 2500 and 5000 Hz where levels are affected by as much as 5 dB or more. 

4.3.2 Vibration due to piston slap 

Noise is generated by the normal component of the motion of a vibrating 

surface. When the surface is large in relation to the wavelength of sound 

and all points of the surface are moving in phase, the sound pressure 

generated is directly proportional to the normal component of the velocity 

of the vibrating surface. If the vibrating surfaces are small in comparison 

with the wavelength of the sound, and air can move easily between back and 

front of the emitting surface, then a parameter more directly proportional 

to the sound pressure is acceleration (ref. 4.2). For that reason the 

vibration acceleration has been used in the assessment of piston induced 

vibration. 

Figures 4.6-4.8 compare vibration acceleration spectra for standard 

and Mahle pistons at selected points of the engine surface. Table 
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summarises the general trends of vibration for both pistons in various 

frequency bands for all vibration measuring positions. 

As can be seen, piston slap influences the vibration of the whole 

engine surface in the frequency bands 1000, 1250, 2000, 2500, 3150 and 5000Hz. 

It tends to be more marked, however, on the engine block. Comparison of 

Table ^'II(noise data) and Table ^"III(vibration data) indicates that noise 

is closely related to the engine vibration. 

4.3.3 Oscillographic identification of piston slap 

In order to separate the individual events in the engine cycle an 

oscillographic study was carried out with both standard and Mahle pistons 

fitted in the engine. For this test three signals were displayed and recorded 

photographically using a drum camera. The degree marker signal locates the 

sequence of firing cylinders, the pressure diagram locates the reference 

firing cylinder and the third signal is that of either noise or vibration 

of engine structure (dBA weighted). 

Figures 4.9 and 4.10 show typical oscillographs for the same point on 

the engine for No. 1 cylinder firing for engine fitted in turn with both 

standard and Mahle pistons. Vibration (and subsequently noise) is induced 

by the rapid pressure rise resulting from combustion, and this vibration 

impulse is followed closely by another impulse which is attributed to piston 

slap. The precise time at which piston impact takes place can be calculated 

theoretically, and correlated with the actual incidence in the oscillographs. 

The two signals are so close to each other that in most cases it is 

extremely difficult to separate them. 

Figure 4.11 shows vibration oscillographic records along the line 

extending from the top of the engine cylinder head to the bottom of the oil 

sump parallel to the centre line of cylinder No, 5. From these records it 

was found that vibration at point gives the best position on the engine 

to detect the contributions of combustion and piston slap originated 

36. 



vibration. This position would seem to be logical as piston slap should 

be seen more clearly at a point on the block opposite the slapping piston. 

Figure 4.12 shows oscillographic records at a point between the centre 

lines of two adjacent cylinders. As expected, such a point tends to exhibit 

the contributions from both cylinders and renders this position useless for 

identification of pulses due to individual firing. 

Therefore it was established that the top of the engine block and 

more specifically the points opposite the centre lines of the cylinders 

(gg) Pg, 02*' ^4'' ^6*' Gg')' are the best places to monitor the 

separate contributions of combustion and piston slap. By measuring the 

vibration at each point opposite the centre line of the relevant cylinder, 

the contribution due to each cylinder firing can be shown accurately. An 

attempt was also made to identify the piston slap by noise oscillograms but 

this was found to be less clear. 

The following information can be obtained from the vibration oscillo-

graphs : 

1. Maximum instantaneous vibration amplitudes for 

(a) combustion contribution (full load) 

(b) compression contribution (no load) 

(c) piston slap contribution (full load and no load). 

2. Instantaneous overall vibration amplitudes at any crank angle and for 

each case of cylinder firing and therefore instantaneous engine mode 

shapes. 

3. Incidence of combustion and piston slap with relation to crank angle. 

4. Relationship between combustion and slap induced noise with engine 

speed and load. 

5. Amount and nature of cycle to cycle variations in combustion pressures 

and engine response obtained by continuous records with the drum camera. 

6. Phase relationships. 
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The maximum instantaneous vibration amplitudes (in g) have been 

extracted, and are shown plotted in Figures 4.13-4.20 for both pistons at 

engine speeds of 1500 and 3000 revs/min full and no load conditions, and 

for each cylinder firing. The plotted amplitudes of the vibration along 

the cylinder banks illustrate the instantaneous mode shapes of the block. 

It can be seen that both the combustion induced and the piston slap induced 

mode shapes are more or less identical. It can also be observed that the 

firing of the front cylinder produces a torsional type mode, while the 

middle cylinders produce a bending type mode. 

It has been shown (ref. 4.3) that at frequencies below 2000 Hz, the 

lateral modes of engine cylinder block vibration around cylinder head level 

for the engine investigated are very similar to those of a uniform free-

free beam. Assume that the deflected shape of the cylinder head is composed 

entirely of the two translational modes and the first two free-free beam 

modes as shoxra below. 

•BODILY translational 1320 HZ 

J30DILY TORSIONAL 1150 HZ 

BENDING 1 1800 HZ 

Therefore it is possible to calculate the instantaneous acceleration 

levels of each of the four assumed modes at every cylinder position using the 

general solution to the beam bending equation: 
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Y(x) = A. cosh(2Try.x) + ̂ .cos (Ziryx) 

+ £.sinh(2TriJ.x) + Dusin(2nyx) 

where x = distance from one end of block 

£ = length of block 

^2 
Bending moment = -EI — y 

dx 

Shear force = -EI — — 
dx^ 

A, B, C arid D are constants 

4 pf^A 
and y = 

Air̂ EI 

p = mass density (mass/unit vol.) 

f = frequency, c/s 

A = cross sectional area 

E = modulus of elasticity 

I = moment of inertia 

By using the "mode separation" technique* (ref. 4.3) it can be shown 

that the resultant modes obtained for the above assumed modes correspond 

well with those obtained from figures 4.13-4.20. 

From these figures, vibration response contributions due to combustion, 

compression and piston slap can be seen and compared for the standard and 

Mahle pistons. It can be determined (using 20 log -~) that with standard 

pistons fitted combustion induced vibration exceeds that due to piston slap 

by an average of 2 dBA at full load conditions over the speed range. With 

Mahle pistons fitted this figure is increased to 7 dBA. 

*"Mode separation" technique uses the fact that for any linear structure, 
at any given instant of time the deflected shape of the structure can be 
represented by the sum of certain proportions of the fundamental and normal 
modes of the structure. 
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with the Mahle pistons it was found that greater damping in the engine 

is induced giving effect to a slight reduction also in combustion induced 

vibration. 

It is of interest to observe from the oscillographic study that although 

excitation from combustion is clearly visible there is no evidence of any 

apparent excitation from injection equipment which suggests that it must be 

well below that due to combustion or piston slap. 

4.4 Effect of Piston Clearance on Combustion Characteristics 

There are indications that combustion characteristics of the engine may 

be altered when piston slap is minimised. Figures 4.21 to 4.23 show compari-

sons of cylinder pressure and spectra for the engine fitted with standard 

and Mahle pistons for 3000, 2000 and 1500 rev/min full load. Generally, 

there are little differences except in the higher frequency range where the 

cylinder pressure oscillations influence the spectra. These oscillations 

tend to be lower in magnitude (an average of 5-7 dB) for the Mahle pistons 

at around 5000 Hz but may be of equal value or even higher at around 8000 Hz. 

It must be stressed that the engine underwent no change whatsoever except 

for changing the pistons, therefore the combustion mechanism should be 

identical when testing with the standard and Mahle pistons. This is suppor-

ted by comparison of cylinder pressure spectra from two identical standard 

V8 engines at 3000 and 2000 revs/min full load in figures 4.24 and 4.25. 

As can be seen the spectra are nearly identical for each condition. This 

suggests that the differences in the spectra between the Mahle and standard 

pistons are only due to piston design changes. The following explanations 

are proposed. 

1. The cylinder pressure diagrams of the Mahle tend to show less 

fluctuations or ripples beyond the ignition point which partly explains the 

difference in the cylinder pressure spectra around 5000 Hz. 
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2. Comparing the cylinder pressure diagrams it can be seen that 

the start of combustion with the Mahle pistons occurs slightly earlier 

than on the standard pistons. 

The reason is perhaps due to the fact that with smaller piston clear-

ances, the rate of heat loss (which primarily depends on the temperature 

difference between the cylinder gases and the wall on one hand and the 

effective area exposed to the heat on the other, ref. 4.4) is smaller 

because of greater proximity than those with large clearances. Thus from 

the above explanation, the instantaneous cylinder gas temperature in the 

Mahle pistonPis higher than that with standard pistons. The higher cylinder 

temperature with the Mahle is responsible for the shorter delay period. 

Also of importance, owing to the shorter delay period, the total fuel pre-

pared prior to ignition is smaller and hence this could lead to a lower 

vibration level as confirmed by experimental results discussed earlier. 

Similar 1/3 octave cylinder pressure spectra obtained in a banger rig 

for two different piston arrangements were presented in ref. 4.5 for: 

(a) standard piston 

(b) smaller diameter piston with 0-rings. 

Though in this experiment other factors were of importance, the general 

trend of the cylinder pressure spectra in these two cases resemble very 

closely those obtained during this investigation. 

4.5 Conclusions 

(1) For the V8 engine investigated, piston slap contributes up to 

2| dBA to the overall noise level of the engine. 

(2) Piston slap appears to affect the noise and vibration of the 

engine over the acoustically important frequency range of 1000-5000 Hz. 
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(3) Changing piston to bore clearance in the engine influences the 

combustion characteristics over the frequency range from 4000-8000 Hz. 

(4) The oscillographic technique was found to be a good method of 

identifying the various sources of engine noise and vibration, especially 

that due to piston slap and combustion. In addition the oscillographic 

records give complete information of instantaneous engine modes and thus 

enable a more detailed study of engine structure response to be carried 

out. 
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Revs/Min 1500 2000 3000 3300 

Microphone 
Position 

RHS LHS Front Top EES LHS Front Top RH8 LHS Front Top RHS LHS Front Top 

5 A Engine with , 
standard pistons 98 98.5 98.8 97.5 101.5 101.5 101.4 100.2 106.5 1 0 6 . 2 106.8 103.8 107.5 107.5 107.2 103.2 

engine with 
Mahle pistons 

96 97 97.2 96.8 99.5 100.3 99.8 99 104 lOU 104.5 102 105 105.5 104.8 104 

Noise diff. 
St.-Mahle (dBA) 

2.0 1.5 1 . 6 0.7 2.0 1.2 1 . 6 1 . 2 2 . 5 2.2 2.3 1 . 8 2.5 2.0 2.4 -(L3 

TABLE 

OVERALL NOISE LEVELS (dBA) FOR THE ENGINE AT FULL THROTTLE 



ENGINE 
SPEED 
(rev/min) 

FREQUENCY 
RANGE 
(Hz) 

* 
PISTON 
SLAP 

EFFECT 
(dB) 

FREQUENCY 
RANGE 
(Ez) 

« 

PISTON 
SLAP 

EFFECT 
(dB) 

FREQUENCY 
RANGE 
(Hz) 

#• 

PISTON 
SLAP 

EFFECT 
. 

FREQUENCY BANDS (Hz) WHERE 

PISTON SLAP IS MOST EFFECTIVE 

, RHS MOISE at 3 ft 

3300 
3000 
2000 
1500 

(250-300) 
L.F. 
L.F. 
(160-^00) 

2-3 dB 
NIL 
NIL 
2-4 dB 

(630-3000) 
(50O-25OO) 
(500-2500) 
(800-1250) 

2-5dB . 
2-5dB 
2-lOdB 
2 dB 

(3000-8000) 
(kOOO-8000) 
(3000-8000) 
(2500-8000) 

4-12dB 
4-12dB 
2-12 dB 
3-10 dB 

800-2500, 5000, 6300 
630-1250, 2500, 5000, 6300 
800-1250, 2500, 5000, 6300 
1000, 25000, 5000, 6300 

FRONT NOISE at 3 ft 

3300 
3000 
2000 
1500 

L.F. 
(100-500) 
L.F. 
(100-315) 

NIL 
2-10 dB 
NIL 
1-10 dB 

(800-2500y 
(800-2500 
(1000-2000] 
(1000-2000; 

2-3dB 
2-4dB 
2-kdB 
l-3dB 

(4000-8000) 
, (4000-8000) 
(4000,6300) 

, (4000-6000) 

2-4 dB 
2-4 dB 
2-3 dB 
2-5 dB 

1000, 1250, 2500 
800-1600, 2500, 5000, 6300 
1000-1600, 4000-6300 
1000-2500, 5000, 6300 

LHS NOISE at 3 ft 

3300 
3000 
2000 
1500 

L.F. NIL (1000-2500 
(1000-2500 
(1600-2500 
(1000-2000 

1-UdB 
3-5dB 
2 dB 

0-2dB 

(4000-6300) 
(4000-6300) 
(4000-6300) 
(4000-8000) 

2-4 dB 
•3-5 dB 
1-3 dB 
1-5 dB 

1000, 2000, 2500, 5000 
1000-2500, 5000 
1000, 2000, 2500, 500G 
1000, 2000, 5000 

TOP NOISE at 3 ft 

3300 
3000 
2000 
1500 . 

L.F. 
(160-500) 
(100-500) 
(200-500) 

NIL 
2-7 dB 
3-12 OB 
1-4 dB 

(1000-1600 
(1000-2000) 
(1000-2500 
(1000-2000 

0-UdB 
1-kdB 
l-3dB 
l-2dB 

(4000-6300) 
(4000-8000) 
(4000-6300) 
(4000-6300) 

1-4 dB 
0-4 dB 
1-2 dB 
1-3 dB 

1600, 2500 
1000, 1250, 1600, 5000 
1000, 1600, 2500 
1250, 5000 

Piston slap contribution to noise 
~ dB (or reduction in noise due to 
fitting the Mahle pistons) 

TABLE^' II 

ENGINE NOISE DATA 



LOCATION OF 
VIBRATION 
ON ENGINE 
(Rows) 

FREQUENCY 
RANGE 
(Hz) 

* PISTON 
SLAP 

EFFECT 
(dB) 

FREQUENCY 
RANGE 
(Hz) 

* PISTON 
SLAP 

EFFECT 
(dB) 

FREQUENCY BANDS (Hz) 
WHERE PISTON SLAP IS 

MOST EFFECTIVE 

ISOLATED VALVE COVERS (R) 
(b) 
(c) 

L.F. 
L.F. 
L.F. 

NIL 
NIL 
NIL 

(1250-8000) 
(1250-6300) 
(1000-6300) 

1-7 dB 
1-5 dB 
1-5 dB 

2000-5000 
2000, 3150, 5000 
1000, 1250, 2500, 5000 

CYLINDER HEADS (d) 
(f) 

L.F. 
L.F. 

NIL 
NIL 

(1000-5000) 
(1000-5000) 

1-6 dB 
1-5 dB 

1000, 1250, 2500, 3150 
1000, 1250, 2500, 4000, 5000 

ENGINE BLOCK 
Inclined part 

Vertical part 

(6) 
( h ) 
((^) 

(j) 
(1) 

(200-600) 
' L.F. 
(200-500) 

1-U dB 
NIL 
1-7 dB 

(1000-4000) 
(1000-2500) 
(1250-5000) 

1-5 dB 
1-10 dB 
1-10 dB 

1000- 2500, 3150, 5000 
800-2500, 5000 -» 
1250 - 5000 

(160-500) 
L.F. 

2-15 dB 
NIL 

(1000-6300) 
(1000-4000) 

2-7 dB 
2-10 dB 

1250, 2000, 2500, 3150, 5000 
1000, 1250, 2500, Uooo 

OIL PAN (w) 

(m) 
(n) 
(p) 

L.F. 

(200-800) 
L.F. 
L.F. 

NIL 

2-5 dB 
NIL 
NIL. 

(1000-5000) 

(1000-6300) 
(1000-5000) 
(800-6300) 

1-7 dB 

2-7 'dB 
2-h dB 
2-10 dB 

1000, 1250, 1600, 2500, 31501 
5000 

1000 - 3150, 5000 
2500, 5000 
1600, 2500, 3150, 5000 

FLYWHEEL HOUSING (B) 

ENGINE FRONT (F) 

L.F. NIL (1000-5000) 2-5 dB 

(200-500) 1-5 dB (1000-6300) 1-8 dB 

1000, 1250, 2500, 3150, 5000 

250, 1250, 2500, 5000 

piston slap contribution to vibration ^ dB (or reduction in vibration due to fitting the Mahle pistons) at I5OO rev/min 
full throttle ' • • . 

TABLE^III ENGINE VIBRATION DATA 



Front RHS bank 

On gearbox 

y . c . 

Fly-
wheel 
bousing 

Exhaust manifold 

<P 

Starter 

O i l pan 

o RHS 

o LHS 

Front face 

X Top of air inlet manifold 

4- Flywheel housing 

S Bottom of oi l pan 

FIG. 4.1 VIBRATION POINTS MEASURED FOR THE S A ENGINE STRUCTURE. 
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S A ENGINE WITH STANDARD PISTONS W 12 in. clearance ) 

1500 rp.m. 

Full load 

A-WEIGHTED ACCELERATION 

u 8 

3 7 

2 6 

1 5 

No.1 CYLINDER PRESSURE 

EXHAUST 

No.1 

Combustion response 

Piston slap response 

90 

5 

180 

U 

270 
I 

360 
I 

A50 
I 

560 
I 

630 
I 

720 

Crank angle, * 

8 6 3 

Cylinder firing 

FIG. 4.9 Piston Slap Contribution to Cylinder Block Vibration IN a Running E&igine 



S A ENGINE WITH SLAPLESS PISTONS (-oo:^ in. 
1500 r p.m. cUaranca) 

Full load 

4 8 

3 7 

2 6 

1 5 

A-WEIGHTED ACCELERATION 

No.1 CYLINDER PRESSURE 

FIRE 
No. 1 

EXHAUST 
No. 1. 

I I I I I I I 
90 180 270 360 4 5 0 540 630 720 

CRANK ANGLE, ° 

5 4 8 6 3 7 2 1 
CYLINDER FIRING 

0 

1 

FIG. 4.10 Piston Slap Coojtribution to Cylinder Block Vibration in a Running Engine 
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FIG. 4.11 VIBRATION CHARACTERISTICS DOWN 

ENGINE STRUCTURE ( S A ) 



CUMMINS V 8 - A70 standard pistons 

Vibration (dBA) measured 
against a point between cylinder 
No 1. and No 2. ( C 1 1 - 2 ) 

AT 1500 r.p m. FULL LOAD AT 1500 r.p.nri. NO LOAD 

1 — s — t — t — I — I — I — r 

AT 2000 r p m . FULL LOAD AT 2000 rp.m. NO LOAD 

AT 3000 rp.m. FULL LOAD AT 3000 r p m. NO LOAD 

K. 

y-. 

FIG. 4.12 CYLINDER BLOCK V IBRATION BETWEEN 

ADJACENT CYLINDERS ( S A ) 



Scale : 1 cm — 16 g (A weighted) 
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FIG.4.13 MAXIMUM VIBRATION AMPLITUDES FOR SA ENGINE STANDARD @ 1500 r .p .m. 
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FIG. 4.14 MAXIMUM VIBRATION AMPLITUDES FOR SA ENGINE STANDARD @ 1500 r. p.m. 
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FIG. 4.15 MAXIMUM VIBRATION AMPLITUDES FOR SA ENGINE MAHLE @ T500 r . p .m . 
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FIG. 4.16 MAXIMUM VIBRATION AMPLITUDE-, FOR SA ENGINE MAHLE @ 1500 r .p . m, 
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FIG. 4.18 MAXIMUM VIBRATION AMPLITUDES SA ENGINE STANDARD @ 3000 r . p . m . 
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CHAPTER 5 

SIMULATION OF PISTON SLAP IN NON-RUNNING DIESEL ENGINES 

5.1 Introduction 

As already discussed in the previous chapter, the identification and 

investigation of the various parameters which control piston slap in the 
. 

running engine present considerable difficulties because of the presence of 

other exciting forces and their induced vibration in the engine structure. 

For that reason it was considered essential to develop a technique where 

realistic piston slap could be simulated in a non-running engine and thus 

studied in isolation from other sources. 

It was found that simulation of piston slap is possible since the 

piston sideways force can be calculated for a particular engine as the sum 

of the resultants of all the forces acting through the gudgeon pin along a 

line perpendicular to the liner and this can be reproduced by commercially 

available force generators. 

5.2 Development of Piston Slap Simulation Technique and Instrumentation 
Using an Electrcdynamic Force Generator 

Theoretical deductions indicated that the already known information 

about the piston slap event should be sufficient to develop a simulation 

technique. The first step was to test this experimentally. Ideally the 

force should be applied through the centre of the gudgeon pin. This is only 

possible by cutting a slot through the block and liner to accommodate the 

force transmitter, therefore altering the structural response of the engine. 

An in-line engine of which noise and vibration results were available was 

chosen for the preliminary tests. 

One piston was made to slap the liner using a small electrodynamic 

vibration generator via a rod connected to an extension block fitted to the 

)|1+. 



top of the piston croifn. The force in the rod was measured as near as 

possible to the piston using a Kistler 902A load washer. In this arrange-

ment the piston was given an extraneous moment and therefore a correction 

had to be applied to arrive at the correct side force actually acting through 

the gudgeon pin. Piston movement was monitored using a Wayne Kerr capacitive 

probe "C". Liner vibration, block vibration and noise were recorded for 

various forces and repetition rates. 

The photograph, fig» 5-1, shows this piston slap rig and the method of 

applying and measuring the side force, piston movement, liner and block 

vibration. 

Figure 5.2 shows the layout of the instrumentation used for the study of 

piston slap simulation on this engine. In these tests it was intended to 

simulate the major slap around T.D.C. although other minor slaps are equally 

possible to simulate. 

Starting with known cylinder pressure diagrams and physical parameters 

of the engine the side force at every condition was calculated using the 

following formula (see ref. 3.1) 

Pr 
Side force = A sin 6 — 

2 2 
+ B sin 6 I (M + m )w^r + m(k^ - ab) ^ j 

P 2& & 

2 2 
- B sin 26 | (M + m^) [ 

w^rS 
- B sin 30 (M + m ) (5.1 

P 2P.2 

2 
where A = piston area in (in ) 

2 

B = constant = w /900 x 386 

m = mass of con rod (lb) 

M = mass of piston (lb) 

m^ = equivalent mass of con. rod at small end (lb) 

i+5. 



r = crank radius (in) 

Z = connecting rod length (in) 

to = angular speed of crankshaft (rev./min) 

2 2 2 
k = (radius of gyration of con. rod) in (in ) 

6 = crank angle in degrees 

P = gas pressure corresponding to 6 (in psi) 

a = distance of C. of G. of con. rod from big end (in) 

b = distance of C. of G. of con. rod from small end (in). 

Figure 5.3 shows a typical calculated side force using this formula for 

the engine at 1000 r.p.m. full load. To translate this case to the piston 

slap rig simulation, the following points were considered: 

(a) The major slap was taken to apply around T.D.C. at the rotational 

frequency corresponding to the engine speed (ex. 1000 rpm = 16.7 Hz) 

and so the vibrator simulating this side force was made to vibrate 

at this frequency. 

(b) It can be observed that the side force around T.D.C. is very similar 

to a sawtooth waveform but for the purposes of the preliminary tests 

on this rig it was approximated to a sinusoidal force. For sinusoidal 

excitation a B & K Beat Frequency Oscillator type 1022 was used. 

(c) From the oscillographic study conducted on running engines it could be 

deduced that at any instant the contribution of piston slap can be 

identified from a specific cylinder. Therefore exciting one piston 

in the engine was considered sufficient. 

It was found that the small capacity of the vibration generator (maximum 

force of 50 Ibf) made it difficult to obtain the correct rate of rise of piston 

sideways force (K) shown in Figure 5.3. Figure 5.4 shows a typical piston 

side force variation which was possible using this set up at a repetition 

rate of 16.7 Hz corresponding to an engine speed of 1000 revs/min. It can 
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be observed that the 'slap' did not occur at the thrust side. By increasing 

the input force to the maximum available it was just possible to simulate 

the slap around T.D.C. as shown in figure 5.5, for a repetition rate of 

33.3 Hz corresponding to an engine speed of 2000 revs/min. Despite the 

various shortcomings of this simulation rig, many useful tests were carried 

out to establish some of the following important information related to piston 

slap as a source of noise and vibration. 

(a) The vibration response on the block resembles that on the running engine 

in relative frequency content as shown in figure 5.6 at a repetition 

rate of 46.7 Hz corresponding to engine speed of 2800 revs/min. 

(b) The vibration response is greatest at the top of the block coinciding 

with the centre line of the impacting piston. 

(c) The introduction of an oil film in the piston to bore clearance alters 

the engine block vibration response. 

(d) Liner vibrations are transmitted to the whole engine block and crankcase 

which subsequently radiate the noise. 

One of the disadvantages of this system was that the applied force was 

distorted due to back e.m.f. in the electrodynamic vibration generator. 

Therefore, it was concluded that a larger force generator was needed with 

minimum feedback. 

5.3 Piston Slap Simulation using a Hydraulic Force Generator 

A new piston slap simulation rig was built using a 1250 Ibf hydraulic 

force generator. In this instance a Vee engine, which already was used for 

piston slap study by oscillographic method, was employed and mounted rigidly 

on a frame as shown in figure 5.7. The hydraulic vibration generator was 

mounted on a specially fabricated beam support so that its central axis is 

perpendicular to the centre line of No. 3 cylinder. 

sideways force on the piston was applied through twin back-to-back connecting 

rods as shown in figure 5.8. In this arrangement the crankshaft acts as a 
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pivot transferring the applied force equal and opposite to the centre of 

the gudgeon pin. The force was measured using a Kistler 9331 force trans-

ducer mounted to the connecting rod as shox-m in figure 5.9. Tlie big end 

bearings of the crankshaft were packed with grease to prevent distortion of 

the applied force due to possible impacts which may occur in the plain 

bearings. 

This system therefore offers close approximation to actual conditions 

in the engine. Theoretical and experimental analyses were conducted to 

show that the inertia of the back-to-back system of connecting rods has 

little effect in modifying the force and therefore no correction was 

necessary (see Appendix A). 

Certain difficulties were experienced during the initial tests. Since 

the vibrator consists of a double acting hydraulic jack controlled by an 

electrically driven valve, in conjunction with a displacement transducer, 

the operation tends to be sluggish and drifts occur as shoxra in figure 5.10. 

It was necessary to design the force transducer fixing bolt to break before 

damaging the transducer itself. The original system of the generator and 

the driving electronics had a specially fitted force transducer with a 

feedback system ensuring the application and-balance of a constant force. 

In this instance it was necessary to adjust the equilibrium of the vibration 

generator manually through careful observation of a specially fitted pointer 

as shown in Figure 5.10. In addition, considerable effort was made towards 

improving the sensitivity of the driving electronics. 

Figure 5.11 shows some of the instrumentation used with this piston slap 

rig while figure 5.12 shows a general layout of the instrumentation and 

circuit diagram. The piston skirt was fitted with two movement transducers 

(T4 proximity gauges) and a pressure transducer (Kistler 601A) as shown in 

figure 5.8. 
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5.4 Test Results 

The calculated side forces were obtained for the V8 engine for various 

conditions using equation 5.1 • Figure 5.13a shows a typical side force for 

the Vee engine at 1000 revs/min full load. Initially, a sinusoidal approxi-

mation was used. However, it was found that to obtain the correct rate of 

rise of force with sinusoidal excitation, excessive peak forces were neces-

sary which in some cases were beyond the full capacity of the force generator 

(see Appendix B). 

An attempt was made to simulate electronically the sideways force wave-

form as shown by the dotted line in figure 5.13b. Figure 5.14 shows the 

circuit diagram of the oscillator capable of producing this idealised force 

waveform. This oscillator was originally designed by Dr. White of ISVR 

(ref. 5.1). It was slightly modified to enable certain adjustments to the 

resultant.waveform to be made, that is VR4 to vary the symmetry while VR6 

adjusts the converter input. The type of waveform obtained with this is 

shown in figure 5.13c. . 

Only one piston (Piston no. 3) was excited at T.D.C. and vibration 

response measured at the top of the block centre line of no. 3 cylinder 

(position C2g). This is considered adequate since the instantaneous response 

at position has been found to be due to the T.D.C. slap of no. 3 piston. 

At higher engine speeds there is some interference from the adjacent cylinders 

and therefore it would be preferable that two adjacent cylinders were 

excited, but this was found impossible in this case because of the non-

availability of another force generator and the driving electronics. , 

5.4.1 Comparison of running engine vibration response with the 
simulated response 

Using the special oscillator it was found difficult to simulate all 

engine conditions of speed and load using the hydraulic vibration generator. 

The orders of magnitude obtained, however, were within the practical range. 

This enabled the confirmation and correlation of the piston slap induced 
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vibration on the rig with that on the running engine. 

In the process of this study, 1/3 octave analyses of force and response 

were made. Also photographs of these were taken from a storage oscilloscope 

to obtain the detailed information of the events. Figure 5.15 is a typical 

oscillogram showing: 

(a) Force waveform where the rate of force rise (K), rates of fall and 

maximum peak values can be estimated. It is also observed that the force 

waveform is somewhat distorted because of the back-to-back system resonance. 

(b) Upper and lower piston skirt movements. As mentioned earlier, two 

inductive gauges were mounted in the piston skirt (thrust side) to record 

piston movement. 

(c) Vibration amplitude on the cylinder block (position 02^) using dBA 

weighting network of the B & K equipment. This enables one to relate 

maximum instantaneous amplitudes and structure response frequency to compare 

with that on the running engine. 

In the first instance it was necessary to establish the controlling 

parameters of the sideways force affecting piston slap response. In the 

running engine it is impossible, for example, to tailor the piston sideways 

force but the rig offers this facility. Tests were carried out to compare 

the vibration response with varying rate of rise of piston side force, rate 

of fall and peak values. It was found that the rate of force rise (K) is 

the most important controlling parameter affecting piston slap response. 

Therefore the effect of rate of side force was investigated in detail at 

repetition rates corresponding to engine speeds of 1000, 1500, 2000 and 3000 

rpm with rates of side force ranging from 10 to 500 Ibf/msec; a range of 50:1. 

In some cases even higher rates of force rise were used for short periods 

to record maximum instantaneous vibration amplitudes at position and to 

compare with the running engine conditions. The actual rates of side force 

in the running engine at no load are 190-500 Ibf/msec and at full load are 
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500-1200 Ibf/msec. At higher rates beyond 500 lb/msec, the system was 

becoming dangerously unstable due to difficulties in the manual control 

of the force generator which made it unadvisable to leave it operating at 

those conditions for the duration required for on-line analysis. Tape 

recordings were also made as an alternative and were found useful for 

later analysis. 

The effect of the rate of side force for the corresponding engine speed 

of 1500 revs/min is illustrated in figures 5.16-5.20 for K = 9, 18, 47, 60 

and 90 Ibf/msec. These tests were made with no oil film present in the 

piston to bore clearance. The figures also show the frequency analyses 

(1/3 octave using B & K equipment) of the force input which shows an 

approximate decay of force components by about 20 dB/decade. Also shown 

in these figures are the measured response spectra of the engine block at 

the position C&g. The data from these measurements are summarised in 

Table 5.1, which also includes information obtained from the relevant oscillo-

grams. Figures 5.21 and 5.22 show the plotted relationship between vibration 

response of the cyjinderblock with rate of rise of piston sideways force at 

individual third octave frequency bands. As can be seen, the vibration 

amplitude is proportional to the logarithm of the rate of side force which 

increases by about 20 dB per tenfold increase of the rate of side force (K). 

The following general relationship can be used for estimating the vibration 

response at a certain engine speed 

cc log K (5.2) 

where = engine vibration response of the cylinder block 

K = rate of rise of piston sideways force - Ibf/sec. 

Since the calculated rates of sideforce (K) at full load and no load are 

known for the running engine (see Table IB, Appendix B), it is possible by 

extrapolation of the data to obtain the vibration response at these 
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conditions for each 1/3 octave frequency band and so to derive the vibration 

levels that could be expected in the running engine. This was carried out 

for conditions corresponding to engine speeds of 1000, 1500, 2000, 3000 and 

3300 revs/min. It is worth mentioning that at no load conditions it was 

possible to obtain on-line experimental vibration spectra which agree 

reasonably with the extrapolated data. 

Figures 5.23a, b show simulated vibration spectra of the cylinder block 

compared with that measured on the running engine at 1500 rpm for full and 

no load respectively. The agreement is fairly good, especially when 

remembering that the measured spectra on the running engine include responses 

to other sources. A better agreement was obtained when comparing the 

simulated spectrum with the analysed spectrum derived from the pulses only 

due to piston slap determined from the vibration oscillograms taken on the 

running engine (see Appendix C). 

Figures 5.24-5.26 show the spectra of block vibration from the running 

engine and derived spectra from the rig test at full load speeds of 1000, 

2000 and 3000 revs/min respectively. The agreement is generally better at 

lower speed. 

5.4.2 Effect of engine speed on piston slap induced vibration 

Using the data obtained from the rig tests it is possible to establish 

the relation between piston slap induced vibration and engine speed in the 

absence of any other source. Typical results of this relationship are pre-

sented in third octave frequency bands for conditions corresponding to 

engine full load as shown in figure 5.27. The. piston slap induced vibration 

in most frequency bands increases by about 20 dB per tenfold increase of 

engine speed. 

In the running engine, the rate of side force (K) increases with 

engine speed as shown in figure 5.28. The log K factor increases by about 

16 dB per tenfold increase of engine speed. 
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From the simulated rig results it is also possible to establish the 

effect of repetition frequency (engine speed) and vibration response when 

the rate of side force K is kept constant. Figure 5.29 illustrates this 

effect for values of K = 10, 100 and 1000 Ibf/msec, at two typical 1/3 

octave frequency bands. The repetition frequency has small effect on the 

vibration response at constant rate of side force (K) . It amounts to 

about 3-5 dB per tenfold increase in repetition frequency or engine speed. 

By taking both relationships into account it will be seen that in 

general it can be expected that piston slap induced vibration in the 

engine increases by about 20 to 22 dB per tenfold increase of engine speed 

thus confirming the results obtained in the running engine. 

5.4.3 Effect of oil film on piston slap induced vibration 

Lubricating oil and gas oil were mixed in order to achieve a viscosity 

similar to that of lubricating oil at operating temperatures in a running 

engine. This oil was injected continuously at the top of cylinder no. 3 

through the injector hole. Sideways force, piston movement, and vibration 

response were measured for various conditions and compared with the corres-

ponding data obtained for the dry case as shown in Figures 5.30a, b, c, d, 

e and f. 

Some of the following observations can be made from these figures. 

The effect at 1000 revs/min is negligible. At 2000 revs/min, the oil film 

reduces the vibration response in the frequency range from 5000 Hz upwards. 

At higher speeds the reduction in vibration is seen in the frequency range 

from 800 Hz upwards. 

Figure 5.31 shows typical oscillographs corresponding to engine speeds 

of 1000 and 3000 revs/min with and without the oil film present. These 

oscillographs show that the oil film has a marked effect on the piston move-

ment. Generally it appears to delay the slap at the top of the skirt. At 
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some conditions it could also be observed to be capable of preventing 

contact with the liner. The bottom of the skirt appears to follow the 

same course as for the dry condition but rebound is somewhat attenuated. 

With the oil film the shape of the input force is slightly smoothed. 

However, the 1/3 octave analyses of force shown in Figures 5.30a-f, show 

close similarity throughout the frequency range whether wet or dry. 

The 1/3 octave analyses of the vibration response show that for the 

dry condition, the spectra exhibit marked peaks around 1250 Hz while for 

the wet condition the peaks appear both at 1250 Hz and 2500 Hz. The 

oscillographs of piston movement and block vibration response shown in 

figure 5.31 were analysed to determine the frequencies of piston rebound 

and block response. It can be seen that the rebound frequency of the piston 

lower skirt (800-1250 Hz) is of the same order as that of the first peak in 

the vibration response spectrum (= 1250 Hz). Also the peak at 2500 Hz is 

near the important natural frequency of the liner showing that the oil 

layer may act as a stiff film exciting the liner directly by hydraulic force 

(for calculated natural frequency of the liner, see Appendix D). 

The oil film effect on the piston liner response may be explained 

in greater detail as follows: 

For the Cantilevered Mode** the oil film 

acts as an auxiliary damper, as shown in 

Sketch 1, which tends to affect liner 

vibration around 2500-2900 Hz. 

liner oil film piston 

Sketch 1 

** See next page 
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For the liner Ovalling Mode ** 

(- 1700 Hz) the oil film has a more 

direct effect as shown in Sketch 2. 

This may explain the tendency for the 

components of the response spectrum 

to increase around 2500 Hz and 

piston 
l iner oil film 

Sketch 2 

decrease slightly around 1600 Hz since the oil film appears to have greater 

effect on damping the motion in the ovalling mode. 

Effect of piston to bore clearance on piston slap induced vibration 

All the previous tests on the rig have been conducted using standard 

pistons with average piston to bore clearance of .012". To investigate the 

ultimate effect of clearance, all tests were repeated using expansion con-

trolled pistons (Mahle K.G. Ltd) which enable piston to bore clearance of 

.002" to be satisfactorily maintained in the running engine. 

Figures 5.32a, b and c compare vibration response spectra at for 

the expansion controlled pistons and standard pistons at the dry condition 

both excited with the same values and forms of piston sideways force at 

repetition rates of 16.7, 25 and 50 Hz per second respectively corresponding 

to engine speeds of 1000, 1500 and 3000 revs/min. 

The expansion controlled pistons reduce the vibration response of the 

cylinder block by about 8 dB in the frequency range from 1000 Hz and 

upwards. The effect at frequencies below 1000 Hz is negligible. With 

I N PHASE ( CANTILEVERED) 

2950 HZ 

ANTI PHASE (OVALLING 
-Vi 

, n. 
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increasing engine speed the reduction becomes greater. The effect of oil 

film with these two pistons is illustrated in figures 5.33a, b and c, when 

excited by the same level and shape of side force at repetition rates of 

16.7, 25 and 50 per sec respectively. The effect is only in the higher fre-

quency range except at high speeds where the reduction in vibration response 

is somewhat smaller. 

It is also of interest to compare the reduction in block vibration 

levels obtained by using the expansion controlled pistons on the rig with 

that on the running engine derived from the oscillographic study. This is 

by comparison in terms of the maximum instantaneous vibration amplitudes 

(in g) of the cylinder block for the two pistons. The following table 

5.II summarises these values for the engine under no load conditions. 

Table 5.II 

Running Engine Piston Slap Rig Piston Slap Rig 
Dry Wet 

Engine Maximum Reduction Max. Inst. Reduction Max. Inst. Reduction 
Speed Instant- in block Vibn. Amp. in vibn. Vibn. Amp. in vibn. 
Revs/ aneous vib. vibration in g in g 
Min. amp. at C£„ 

in (g) 

St. Mahle in g in dB St. Mahle in g in dB St. Mahle in g in dB 
Pistons 

1500 27,2 12.8 14.4 6.6 37.2 10.5 16.7 11.3 23.5 10.2 13.3 7.5 

2000 32 11.2 20.8 8.8 42.7 13.5 29.2 11.5 - - - -

3000 38.4 14.4 24 9.2 52 14 31 11.6 35.5 12 23.5 9.8 

Comparing the running engine case with the wet case in the rig, it can 

be seen that there is good agreement of vibration reduction resulting from 

the use of expansion controlled pistons. This conclusion is most important, 

indicating that piston development can be carried out on the rig and so an 

estimation may be made of the effect of piston slap in the running engine. 

56. 



5.4.4 Effect of oil film viscosity 

Figures 5.34a and b present force response spectra showing the effect 

of varying oil film viscosity on the V8 rig for the standard pistons at 

repetition rates of 16.7 and 25 Hz respectively. It can be seen that, for 

the less viscous oil, the vibration levels tend to increase in the higher 

frequency range while in the low and medium frequency ranges the effect is 

less marked. This aspect of the investigation can be extended to study 

the non linear behaviour of the oil film under various conditions. 

5.4.5 Effect of piston mass 

The mass of the piston was increased by 25% by the addition of 

plasticene underneath the piston crown. This modification tended to 

increase the block response possibly due to the change of the centre of 

gravity of the piston. 

5.4.6 Effect of crank angle variation 

The crank angle at which the main impact occurred was altered by small 

steps around T.D.C. and was found to have only marginal effect on the 

response. 

5.4.7 Oil film pressure measurement on the rig 

Since the oil in the piston-to-bore clearance was shown to alter the 

force and the vibration response, it was considered relevant to study the 

pressure development in the oil film. A preliminary investigation was made 

using a Kistler 601A pressure transducer fixed in the skirt of the piston 

throu^i a special adaptor located at the centre line of the gudgeon pin 

and recessed by 0.005" from the curved surface to prevent damage to the 

transducer diaphragm at impact. Figure 5.35 presents typical oscillographs 

of the oil film pressure development obtained for one case using the set up. 

As can be seen, oil pressure of about 50 to 70 psi developed during piston 
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impact. No further study was made on the rig but the results indicated 

that it should be possible to measure the oil film pressure on a running 

engine. 

5.5 Conclusions 

(1) The technique of simulating piston slap in the non running engine 

using a force generator offers considerable advantage for the study of 

piston behaviour. The rig should help engine designers to study engine 

vibration and noise response at an early stage even before having to assemble 

and run the engine in a final form. It can also be a useful tool to, both 

improve the design parameters of pistons and liners in current production 

engines. In particular, the piston slap contribution can be estimated 

using the rig technique to establish the relevant improvements needed to 

the piston-liner arrangement. 

(2) Piston slap can be a contributory factor to the excitation of the 

bank to bank mode of a Vee engine (for the engine investigated the frequency 

of the bank to bank mode is 1250 Hz). 

(3) The conical mode of a Vee engine (around 2500 Hz for the engine 

investigated) is accentuated in the presence of an oil film in the piston-

to-bore clearance. This is influenced by the liner cantilevered natural 

frequency and so may be modified by careful choice of liner parameters 

and methods of fixing in the engine block. 

(4) The rate of rise of piston sideways force, which is related to 

combustion, inertia and oil film pressure, is one of the most important 

parameters affecting piston slap induced engine vibration and noise. In 

general it is found that 

Vibration Level due to piston ^ log (rate of rise of piston 
slap at block level sideways force, K) 

(at constant speed) 

with an average slope of 20 dB/decade. 
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Also, for constant K factor, the repetition rate or engine speed has 

small effect on cylinder block vibration response. 

Reference 
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TABLE 5.1 
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Close up of the InLina 6 Piston Slap Ris 

FIG. 5.1 



B & K 

Spectrometer 
2112 

B & K Cathode fol lower 

© — 

Junction 
box 

Wayne Kerr V ib . 
meter B731 A 

Recorder 
Probe 

"O "i-O" 

—<3 
Microphone 
B & K 4144 

Wayne Kerr proximity 
gauge C 

Accelerometers 
B & K 4335 

© = Mains 
BFO = Beat frequency oscillator (B & K) 
P.A, = Power amplifier S / N 2 (100 watts) 
A =Avometer 

Csc. = Tektronix osci Hoscoptwith 4 channels 

I 
B & K 

Level Recorder 
2305 

low pass filter^ 
100 kHz 
Balance 
Filter 

B & K jack 
direct 

B & K jack 
direct 

902AK!stl 
washer 
21 Pc/Lbf 

er oad 

Kist er Dynamic 
Shake Charge amplifie 

^ Engine 
^ block Liner ' 

Output 

Response of noise 
or vibration 
(Osc. Ch.2) 

Clearance 
(Osc.Ch.3) 

Force 
(Osc.Ch. l ) 

Load 
o— 

BFO 
1022 

B.P.O.Calibration 
(Osc.Ch.4) 

F I G 5 2 : LAYOUT OF INSTRUMENTATION AND CIRCUIT DIAGRAM FOR THE STUDY OF PISTON SLAP 
: SIMULATION O N A SIX CYLINDER IN-LINE DIESEL ENGINE 



\ 
\ 
\ 
\ 
\ 

3 w 
Q 
O Q 

•D , 
zr Q c qn 
(/I CD 

ol 
m Q. 

n 

900 

800 

700 

600 

500 

400 

300 

200 

100 

0 

100 

200 

300 

400 

500 

600 

90° 80' 70" 60" 50" 40" 30" 20" lO". 
15 10 5 

/ 

0" 10" 20" 30° 40" 50° 60" 70" 80" 90" 
10 15 

•0 - Deg. 
-T - msec. 

FIG. 5.3 CALCULATED PISTON SIDE FORCE OF ENGINE AT lOOOr.p.m. FULL LOAD 



w 
10 15 20 

30" 60 90" 120 
35 40 -msec 

Q t>^ o 

30 

20 

10 

10 

20 

30 

FIG. 5.4 : ACTUAL PISTON SIDE FORCE USED TO SIMULATE PISTON SLAP AT 16-7 Hz. 



Foicc 23 Lbt RMS 
' . 2 V, d iv ' 

•dBA' 

V ibra t ion response 

at ^ '4 ( 5 v / d t v ) 

Piston movement 

( .05 v / d i v ) 

Dry 4 msec Wet 

4 K -

5 m sec 

Force 40 Lb! RMS 

. 5 V divl 

dBA' 
Vibrat fon response 
Of 4 (1 v /d i v ) 

Piston movement 

f .05 v /d i v ) 

Dry 
I— 

4 m sec 

Force Lbf RMS 
(.2 v/div) 

'dBA' 

V ib ra t ion response 
at 4 ( 1 0 v / d i v ) 

Piston movement 

( .05 v / d i v ) 

Dry 

N-
4 m sec 

Force 23 LbfRMS 
f . 2 v /d i v ) 

'd:A' 
Vibra t ion Response 
on bearing cap of 
con rod '2 ' (10 v /d i v ) 

Piston movement 

( .05 v /d i v ) 

F I G . 5 . 5 TYPICAL OSCILLOGRAPHS S H O W I N G FORCE , V IBRATION RESPONSE A N D PISTON MOVEMENT O N THE SIX CYLINDER INLINE PISTON SLAP RIG S H O W I N G EFFECT 
•VITH STRUCTURE L O C A T I O N A N D OIL FILM AT 33 .3 Hz 2 2000 r . p . m . 



100 

- 9 0 

-80 

-70 

E N G I N E C Y L I N D E R B L O C K V I B R A T I O N 

W H E N R U N N I N G A T 2 8 0 0 R P M F.L. 

O N R I G : Sinosoicl F o r c e I n p u t = 2 7 Lbf R M S 

Vibration R e s p o n s e at B l o c k ( ) 

" Liner ( L'̂  ) 

10000 F r e q u e n c y ^ H Z 1 0 0 0 

FIG. 5.6 C O M P A R I S O N O F C Y L I N D E R B L O C K V I B R A T I O N O N T H E R U N N I N G E N G I N E A N D T H E 

IN L I N E R I G A T R E P E T I T I O N R A T E 46.7 per sec. = 2 8 0 0 R P M 

(c; R 1 



w 

FIG. 5.7 GENERAL ARRANGEMENT OF THE PISTON SLAP RIG AS 
ASSEMBLED FOR TESTING 



Ji 

V 
F I G . 5 . 8 METHOD OF APPLYING THE PISTON SIDE FORCE THROUGH 

BACK TO BACK C O N RODS IN THE V8 PISTON SLAP RIG 



Con rod 

3BSF 

AJ te rna t i vo s a f t a y y 
coupling lo stand 
max. bending moment-
of^SOFhLb. 

M12 X 1.75 

I UNC 
3 UNC 
8 

10-32 NF 

SHAKER 

85 mm 
52 mm (2 /•^2 ) 

Force Link 9331 Knurled coupling 

Clearance 
( i . e . connecting bolts on both 
sides of the link should not 
bottom as shown) 

FIG 5 9 ' DETAILS OF FORCE TRANSDUCER A N D METHOD OF CONNECTION TO MEASURE THE APPLIED 
i FORCE IN THE V 8 PISTON SLAP RIG. 



FIG. 5.10 THE HYDRAULIC SHAKER CONNECTION THROUGH THE 
BACK TO BACK CON RODS SHOWING A CASE OF BOLT 
BREAKAGE DUE TO DRIFT 



o I 

Some of the instrumentation used with the VB Piston V. • ilg. 

FIG. 5.11 



B& K 
'Spectrometer 

2112 

T_ 1. 

U,C, « Upper cleoronce ) 
L.C. • Lower clooronce J 
S.T. = Side thruit mea$ur1ng oil film prauure 

601 A Kistler pressure transducer used. 

B&K 
Level recorder 

2305 

Cathode fol tower 

Power supply OscI Motor Detector - Filter modules 

KIstlor charge 
omplifJer 566 

— 

K m l c . 4 1 4 4 
B. K.Acc. 

4535 

10 / I coble 
KIstler 

Force transducer 
9331 

Servo unit type A 
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CHAPTER 6 

ANALOGUE SIMULATION OF PISTON SLAP 

The analogue computer offers a convenient approach for the solution of 

problems where the basic equations of motion are known. It can be considered 

that piston behaviour can be described realistically by analytical equations. 

The analogue computer will therefore present the solutions which are visually 

displayed and therefore allowing observations to be made while changing the 

various parameters controlling the process. The analogue computer is also 

more economical and faster than the digital computer for solutions of second 

order differential equations and is therefore particularly suitable to 

solutions of the piston slap problem. 

6.1 The analogue simulation as an alternative to the experimental 

simulation rig 

At an early stage of the development of the experimental piston slap rig 

described in Chapter 5, many difficulties were experienced especially in the 

control of the driving electronics associated with the hydraulic force 

generator causing drifts and damage to the rig. Since it was considered 

that this problem may have been difficult to overcome, it was decided also 

to formulate the basic equations and to set up on the analogue computer a 

programme to investigate the effects of the parameters controlling piston 

slap. Although it was realised that the analogue computer cannot be 

regarded as an absolute replacement for the experimental rig, it would offer 

some of the following advantages. 

(a) No interaction between the exciter and the system, since the force in 

the analogue computer is applied through either a built-in oscillator or 

an external force generator. In both cases, the system is not affected by 

the operation of the force generator. In the experimental rig, interaction 

6o. 



is bound to interfere whatever care is taken. 

(b) The analogue computer is considerably faster, since the relevant values 

can be readily changed. 

In order to obtain realistic solutions the equations describing piston 

slap must be fully representative in the physical sense. The perfection of 

the analogue circuit may be achieved through parallel comparison with 

experimental solutions of the problem. When the experimental piston slap 

rig was made to operate reliably, the analogue circuit was continuously 

improved. The exercise of developing this method is therefore presented in 

this chapter to show its merits and possible future use. 

6.2 Analysis of the Transverse Motion of the Piston Across the Clearance 

Initially a simple model was considered where only the transverse motion 

of the piston across the clearance around top dead centre (T.D.C.) is used. 

The piston can be considered to be a rigid mass, m^, capable of one 

translation y and the liner (or cylinder) as two rigid masses, m^, on 

springs and dampers, capable of motion in two degrees of freedom x^ and 

Xg. If the total piston to bore clearance = 25, the model is as shown in 

sketch (1): 

•<1-
|m_ 

a 

P 

-•'WwvVvN— 

4 
4 } 

/ 
/ 
/ 
/ 
/ 
y 
/ 

/ 
/ 
k 

SKETCH (1). Simple Model of Piston-liner Movement Around TDC. 
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Let F(t) be the force applied to piston, 

may be written. 

The following equations 

(i) Piston m^y = F(t) (6.1) 

(ii) Liner 

m 0 
c 

0 m 

d + d 
c Y 

-d , 

—d 

d + d 
c Y 

X, 
1 

x_ 
2 

k + k -k X, 
+ c Y Y 1 

-k k + k x_ 
Y c Y 2 

= 0 (6 .2) 

where 
m 0 
c 

0 m 
is the inertia matrix 

d + d 
c Y 

-d_. d + d 
is the damping matrix 

and 

k + k ^k 
c Y T 

-k k + k 
Y c Y 

is the stiffness matrix 

(iii) Impact relation 

Let e be the coefficient of restitution of m-. to m . 
P 

m = m / ( m + m ) 
p p p c 

and 
m = m / ( m + m ) . 
c c p c 

Then for impact on the left 

y 

X, after 

m — em 
P c 

m^ (1 + e) 

m^(l + e) 

m — em 
c p oerore 
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and on the right (6 .3 ) 

y 

%2 after 

m — em 
P c 

m^(l + e) 

(1 + e) y 

m — em X 
c p 2 before 

Equations (6.1), (6.2) and (6.3) may be written as follows; 

m^y = F (t) 

m Sj 4. (d^ - - d^iij + (k_, - k^)x; -
c i ' c Y' 1 Y 

m x„ — d X + (d + d )x 
c 2 Y 1 

yj - oj-i + 

&l f -

yj - "fi * 1^21 

^2£ = 

where i = initial 

f = final 

and 

a = 
m — em 
_£ E 
m + m 
P c 

T- 2 V l + * \>''2 

g = 
(1 + e)m 

__c 
ra + m 
P c 

0 

0 

(6 .4 ) 

(6 .5 ) 

(6.6) 

(6.7) 

(6.8) 

(6 .9 ) 

(6.10) 

(j) — 
(1 + e)m 

F 
m + m 
P c 

Y = 
m - em 
_c P 
m + m 
P c 

Equations (6.4) to (6.101 may be represented on the analogue computer for 

the engine under investigation but the coefficients of the variables must be 

calculated. 

F(t) = piston sideways force where a built in or external oscillator 

may be used 

= 4.54 lb = .140 slugs 

m^ = 3,095 lb = .096 slugs. 
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It has been estimated that e - 0.4 for the piston-liner impact, therefore 

other values are as follows: 

a = .432 

3 = .565 

(p = . 830 

Y = .168 

To calculate k^, k^, and d^, impact tests were made on the engine 

described in Appendix E. As tke liner equations (6.5) and (6.6) have been 

treated as a system ifith two degrees of freedom, two basic modes have to 

be considered. These are: 

0)̂  = 1250 Hz = liner bodily motion which induces the bank to bank mode 

of the engine vibration 

°1 

^o^ = 2950 Hz = liner cantilever motion. 

For such a system 

k 

and 

oj = / — (6.11) 
°1 • "-c 

/l + 2a G'l) (6.12) 0) — CO 

°2 °1 

where a = k /k (6.13) 
Y c 

Substituting in (6.11) 

k^ = 85 X 10^ N/m = 5.8 x 10^ lb/ft. 

Substituting in (6.12) 

a = 2.3. 

Therefore from (6.13) k^ = 195.5 x 10^ N/m = 13.3 x 10^ lb/ft. 

From Appendix E the average damping ratios obtained are as follows: 

Average z = .028 
c 

Average z = .010 
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Therefore 

and 

Therefore 

d = 2z/kin (6.14) 

d = 2z -/k m = 41.7 lb.sec/ft. = 3.5 lb.sec/in (Q = 18) 
c c c c c 

d = 2z /kym = 22.6 lb.sec./ft. = 1.9 lb.sec/in (Q = 50) 
Y Y I *-

d^ + dy = 64.3 lb.sec./ft. = 5.4 lb.sec./in. 

Therefore, equations (6.4) to (6.10) may now be written for the two liner 

modes as follows: 

y - 85F(t) = 0 (6.15) 

where 

+ 692x - 244x2 + 200 X 10 x^ - 139 X lofx = 0 (6. 16) 

~ 244X^ + 692x - 139 X lO^x^ 4- 200 X lO^Xg = 0 (6. 17) 

= .432y. + .565x,. 
li 

(6. 18) 

'if ° + .168Xt. 
li 

(6. 19) 

+ . 168X2^^ (6. 20) 

y^ = .432y. + .565X2£ (6. 21) 

y. and X are in inches 

y, and Xg are in inches/sec. 

y, and %2 are in inches/sec^. 

6.3 Development of the Piston Slap Simulation Analogue Circuit 

The independent variable of the piston slap simulation equations is 

represented on the analogue computer in terms of time; the dependent 

-variables—and—fehei-r^de-ri-v a ti-ves—wî th—r̂ ^̂  

voltages. These signal voltages should never exceed the maximum allowable 

value of one machine unit (usually _+ 10 volts). Other limitations and 

instructions are documented in ref. ($.2). 
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(a) Amplitude Scaling 

Amplitude scale factor = 1/estimated maximum of variable. 

Problem variable Scale Factor Computer Variable m.u. 

y and x .010 inches — ^ = 10^ lO^y and lO^x 

y and x 100 in/sec = 10 ^ 10 ^y and 10 ^x 

= 10^ lO^y 

= 10~^ lo'^y 

= 10-6 lo'S 

-4 
= 2 X 10 

2 X 

y and x 10^ in/sec^ — ~ = 10 ^ 10 and 10 ^x 

"max 5 ^ - 2 X lo"'' ^ 

(b) Time Scaling 

If t = time required for a solution in the physical problem 

and T = time required for the same solution on the computer 

and g = dimensionless time scale factor 

then T = gt. 

In the present case the time is slowed down by a factor of 100 so that visual 

display can be readily observed. 

From information in (a) and (b), equations (6.15) to (6.21) may be 

scaled as follows: 

10~^y - 10~^.85F(t) = 0 = Pot*(Ol) - .425 

10~S - (Pg).^ X loT* F(t) = 0 

10~̂ Jt̂  IO~^(692)x, -- iq~^(2A4)x2 + lo"'^(200.10^)x^ - 10~^(139.10^)x2 = 0 

lo'^x^ + lor2(P^)x^ - 10"2(Py)&2 + lo2(P^o)x^ - lO^CP^)*^ = 0 

Therefore, 

Pg = Pot(05) = .0692 

^7 = Pot(06) = 1.39 = .139 x Gain 10 

Pg = Pot(07) = .0244 

^10 ~ Pot(08) = 2 = .2 X Gain 10 

*Pot = Potentiometer 
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loT** - 10 G(244)x + 10 G(692)&2 - 10~^(139.10^)x^ + lo"^(200.10^)x2 = 0 

loT^Xg - 10"2(P^^)x^ + ~ "*• 10^(?15)X2 " ^ 

Therefore 

= Pot(35) = .0692 

^12 " Pot(36) = 1.39 = .139 x Gain 10 

^14 = Pot(37) = .0244 

^15 ~ Pot(38) = 2 = .2 X Gain 10 

a = Pot(31) = .432 

g = Pot (32) = .565 

<}> = Pot (41) = . 83 

y = Pot (40) = .168 

The analogue circuit for equations (6.15) to (6.21) is drawn and built on 

the PACE TR 48 analogue computer as shown in drawing 6.TR48 (enclosed in 

pocket at end of thesis) with potentiometers set to the values sho\jn above. 

This drawing presents th,e final circuit which was obtained after some 

development and incorporates tae following features: 

(1) Liner impact detectors 

Comparator relays were used for the purpose of detecting the instant 

when the piston impacted on the liner so that the piston could be instructed 

to recommence the motion with a certain initial velocity. These relays 

give logic statements to feed the amplifiers with instructions to operate 

or reset as required. 

(2) Initial condition computation 

Electronic comparators are used here in the 'Track/Hold' mode to 

calculate the immediate initial conditions after each impact. These are 

fed with logic supplied from comparator and scaled down from -25V (Relay 

Volts) to 5 Volts being the acceptable input to the 'track holds' relays. 
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(3) Initial condition selector 

This is a relay used to select the initial condition as appropriate. 

(4) Restart system 

This system consists of two integrators and two potentiometers as shown 

in the drawing. It was introduced to instruct the computer to recommence 

computing when new initial conditions have been reset following an impact 

with the liner. Without this system the circuit will remain in the hold/ 

reset state indefinitely after impact. 

(5) Force on piston (input) 

The excitation force driving the piston towards the liner may be provided 

by means of internal or external inputs. For the internal input, a circuit 

may be built within the analogue computer to provide a step force, 

sinusoidal or any other shape forcing input to the piston. For the external 

input a separate oscillator may be employed to provide any shape of forcing 

waveform. 

6.4 Discussion of Some Typical Results 

The circuit shown in drawing 6.TR48 was constructed and operated on 

the Pace TR48. 

Some typical piston-liner movement results were recorded using a four 

channel chart recorder. In each case, the recordings exhibited four signals 

namely: 

1 - Piston movement 

2 - Movement of Left Hand Side of liner x, 
i 

3 - Movement of Right Hand Side of liner x 

4 - Logic signal 

The last signal is most helpful in locating the incidence of impact. 

Ritnout it, it is extremely difficult at times to locate the impact event. 



It may be seen from the chart recordings of figures 6.1-6.7 that certain 

regions are hatched to identify the times where the computer is not operating. 

These hatched regions commence at the instant that collision takes place and 

last for a period which is sufficient for the computer to calculate and set 

up the initial conditions for subsequent motion. The duration of this period 

is not related in any way to the piston/liner motion. 

It is unfortunate that the TR48 computer has no mechanism for dealing 

with the situation when the piston is continuously in contact with a liner, 

e.g., sliding smoothly in continuous contact. In these circumstances, the 

computer will spend most of its time in the non-operating mode, modelling 

the situation as a series of minute impacts. 

Therefore, and for the purpose of interpreting the chart records, the 

hatched regions are omitted to obtain modified piston-liner movements as 

shown in figure 6.8. 

Because of sluggish operation of the relays, repetitive application of 

force on the piston may saturate the computer. Therefore, to display the 

initial motion and subsequent impacts a step force was employed to send the 

piston travelling towards one side of the liner, to impact, bounce and leave 

towards the other side of the liner. 

Figure 6.1 shows typical piston/liner movement due to the application of 

a step force on the piston. It is seen that the amplitudes of vibration of 

the liners are exaggerated- relative to that of the piston. When these are 

drawn to the same scale and the hatched regions omitted, figure 6.8a is 

obtained. It can be seen from this figure that, while the liner is still 

oscillating with small amplitudes (resulting from previous impact) the 

piston impacts on one side of the liner, pushing it further to a relatively 

large amplitude after which it bounces and moves in harmony with the liner. 

The other side of the liner can be seen to move also, but with different 
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amplitude characteristics. This is because of interaction of the liner 

modes. Figure 6.8a also shows that three impacts may occur in this case 

before the piston leaves the left hand side of the liner. When the piston 

leaves one side of the liner, the whole liner is set in oscillation, exhibit-

ing its natural modes. 

Figure 6.2 shows amplified liner vibration response to facilitate a 

more accurate calculation of the liner natural frequencies. This is also 

employed to check that the circuit of the liner vibration equations are set 

correctly. It can be calculated from this figure that the natural frequencies 

of the liner are 1250 Hz and 3000 Hz. This is in very good agreement with 

the assumed natural frequencies of 1250 Hz and 2950 Hz. Figure 6.2 also 

shows the liner response characteristics due to piston impact. 

Figure 6.3 shows the effect of the application of a step force to the 

piston but reversing it momentarily before impacting one side of the liner. 

Figure 6,8b shows the redra^ra picture without the hatched parts. This is 

seen to produce a greater number of impacts taan in fig. 6.8a. This is due 

to the phasing of the initial impact with respect to the residual oscillation 

of the liner. Head-on collision in fig. 6.8(a) leads to considerable loss of 

piston momentum and causes the second impact also to be haad-un. Tliereby, 

few impacts cause reversal of piston movement. In fig. 6.8(b) the initial 

impact is gentle, as are the subsequent ones, thereby requiring numerous 

impacts to reverse the piston movement. 

Figure 6.4 shows the effect of making the stiffness and damping of the 

left hand side of the liner greater than the right hand side of the liner. 

This action tends to reduce the relative amplitudes of the two sides of the 

liner with subsequent alteration in impact behaviour. Also, the stiffer-

damper side of the liner tends to resist bulging or deformation while the 

other side responds to impact more readily. 
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Figure 6.5 shows the effect of increasing the mass of the whole liner 

so as to affect the impact only. The natural frequencies of the liners were 

left unchanged. In this case the liner amplitudes become appreciably smaller 

and the piston tends to show less bouncing and leaves each side of the liner 

quickly, even when th.e initial impact is gentle. 

Although there is no, or little, damping and stiffness between the piston 

and the block, these were introduced in the intermediate model of SKETCH (2), 

F i t ) 

% 
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/ 
/ 
/ 
/ 
/ 

/ 

SKETCH (2) 

where equation (6.1) is generalised to equation (6.22). 

The solution of this model gives some interesting hypothetical results 

which are shown in figures 6.6 and 6.7. It may be seen that there exist 

some critical values of damping and stiffness (piston to block) that can 

prevent the piston from hitting the two sides of the liner. The application 

of such an arrangement may be difficult to achieve in practice, though the 

model of SKETCH (3) presents a possibility, where d^ and k^ are optimised 
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for the system considered. The difficulty arises in assembling such a system 

to be durable, reliable and not to interfere with the operation of the crank 

mechanism. 

This example shows to some extent an advantage of the analogue system, 

since it provides the possibility of changing any parameter (alteration of 

potentiometer values). With no practical difficulties, a solution may 

emerge which may be very difficult and complicated to test in the physical 

case. The solution presented in the above model is similar to the crosshead 

piston designs which are known to minimise sideways impacts in engines. 

Although a relatively simple model has been used to obtain the typical 

results presented, the piston liner movements show reasonable agreement with 

those obtained on the physical piston slap rig simulation dealt with in the 

previous chapter. Therefore the analogue circuit may be improved through 

feedback from the rig testing. 

6.5 Possible Analogue Circuit Improvements to Obtain Better Agreement 
with the Rig Tests 

In this section an attempt is made to introduce additional controlling 

parameters to improve the analogue circuit solutions. It is envisaged that 

by doing so, certain tests may be conducted through the analogue which are 

difficult to carry out experimentally 

(a) to find the generalised masses of the piston and liner for more 

accurate mode evaluation. 

(b) to introduce further parameters into the model and to study the effect 

of their variation on dynamic response. 

(c) to determine the effect of force modifications. 

The analogue circuit shown in drawing 6.TR48 may be regarded as an 

intermediate circuit which was operated and found to give solutions agreeing 

closely with the data from the physical rig. Additional equations are 
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presented below to incorporate other equally important parameters. Some of 

these additions can be accommodated on the TR48 existing boajd. However, a 

larger computer will be needed to incorporate all equations. 

The proposed new model is shown in SKETCH (4) and has the following 

features 

- 3 -
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(i) The piston may have a small amount of stiffness (k^) and damping (d ) 

relative to the structure, and allowing for interaction forces 

P 

and 

Fg between the piston and cylinder, the equations of motion may be 

written as follows; 

Piston + d^y + k^y = F(t) - (6.22) 

Liner d + d 
c Y 

m 0 x_ c 1 
+ 

0 m 
c 2 

—d 

- d X. Y 1 

d + dY 
c 

k + k 
c Y 

-k 

k + k 
c Y 

^1 

^2 ^2 

(6 .23) 

(ii) Considering the cocking motion of the piston as shown in the sketch above, 

the following equation may be added: 

I if- = FCt).a - d - k 'ij; 
b p p (6 .24) 
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• "̂ 1 
where . ip = cocking angle = tan y/a 

a = vertical distance from gudgeon pin to centre of gravigy 

d ' = torsional damping = c^d 
P 1 P 

k ' = torsional stiffness = c„k 
P 2 p 

(iii) Oil film effect: 

- y ) + - y) 

^2 " ~ y ) + dp^Cxg - y) (6.25) 

where 

= stiffness of oil film 

dp^ = damping of oil film 

Only when all the above effects are taken into account will the simulation 

become realistic. At that stage the variation of many piston-liner para-

meters may be altered simply by changing the values of the relevant potentio-

meters. Some of these parameters are: 

(a) effect of changing the coefficient of restitution 

(b) effect of clearance 

(c) effect of mass change 

Cd) effect of stiffness and damping 

Ce) liner-piston separations 

6.6 Conclusions 

(1) Analogue simulation of the piston—liner system of an engine can be built 

to give reasonable representation of the physical problem and therefore 

offers a convenient tool to investigate the effect of changing the numerous 

controlling parameters. In some cases, unpredicted solutions are obtained 

which, if advantageous, may be made feasible in practice. However, the 

analogue computer has some limitations. 
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(2) It is basically difficult to set exact analytical treatment for 

complicated systems with clearance because of the inherent non linearity. 

Parallel feedback from the physical model should serve to improve the analogue 

circuit, and thus reduce the number of experimental rig tests necessary. 

However, the experimental rig will always be needed to check the validity 

of the analogue results, especially to check the resultant vibration and 

noise of a certain optimum condition. 

Reference: 

6.1 W.T. Thomson. "Vibration Theory and Application". Publishers: 
George Allen and Unwin Ltd., 1966. 

6.2 PACE TR48 Analogue Computer Manual and Reference Handbook. 
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CHAPTER 7 

Study of Piston Behaviour in a Running Engine to Identify Piston Slap 

Characteristics 

7.1 Introduction 

Oscillographic studies, simulation on the test rig and experimental 

investigations of various parameters, indicated the important contribution 

that piston slap can give to the resultant engine block vibration and noise. 

These various studies also made possible the establishment of the magnitude 

of the piston slap contribution relative to combustion and other sources. To 

understand fully the characteristics of piston slap, a better knowledge of 

the piston-liner behaviour in the running engine is needed. In other words, 

what is required is the instantaneous information from the actual running 

piston during the whole working cycle. This is made possible by telemetry 

techniques. 

7.2 Survey of Available Telemetry Techniques 

For long term progress in piston design, manufacturing methods and per-

formance testing, piston manufacturers found it necessary to acquire a deeper 

knowledge of the behaviour of a piston which is subjected to a complex 

environmental condition. The study of a working piston can be satisfactorily 

accomplished only with specialised instrumentation and this includes not only 

development of the relevant transducers and electrical circuitry, but also 

the means by which the information can be transmitted to the outside world. 

Over the years, many systems have been developed for this purpose, but most 

of these have had severe limitations (ref, 2.11}. They fall into four cate-

gories: (1) systems which use an arrangement in which a brief contact is made 

at the botcom of each stroke. Such a system was developed at Ricardo. It 
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consists of a berrillium-copper spring leaf fixed inside the sump and making 

contact with a terminal on the piston. This is only suitable for the 

measurement of phenomena which change at a slow rate compared with the engine 

cycle such as the mean piston temperature. 

(2) Systems using slip rings (ref. 7.1) to provide a continuous contact. 

These require one set of slip, rings at the small end bearing, and one at the 

big end bearing and a third set at one of the main bearings. This system 

has practical limitations in modern high speed engines, resulting in poor 

electrical contact. 

(3) Systems which use radio methods of transmitting information from the 

piston to a stationary aerial fixed inside the engine (ref. 7.2). These have 

been found attractive because they require minimum modification to the engine 

and its components. The transmitter can be made of small physical size which 

can accept a sufficiently wide range of transducer inputs and thus cope 

with a number of channels of information. There is, however, the possibility 

of interference arising from the severe oil sump environment. 

(4) Linkage systems which use a direct wire arrangement of some form that 

can flex with the reciprocating motion of the piston-rod assembly at one end 

and with a rigidly attached terminal at the engine crankcase. These have been 

successfully developed and are attractive especially if the modifications to 

the crankcase and oil sump are minimal. Many such linkages have been developed 

in the past, particularly in Germany and Japan, but only for relatively low 

speed engines. At AED-Cawston-UK., development over a decade has successfully 

produced a linkage system design which can operate for long periods at high 

speed with good reliability. 
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7.3 The iVED Two Beam Linkage and Associated Instrumentation 

The AED system is a two beam linkage connected to one of the big end 

bearings. This was considered as the most appropriate for the present investi-

gation. Figure 7.1 shows a drawing of the linkage assembly for the engine 

investigated. Figure 7.2 shows a photograph of the linkage as it is connected 

to the piston and connecting rod. It consists of a light-weight two-arm 

mechanism of aluminium alloy connected to the big end of the connecting rod 

and terminating at a bracket mounted on the engine crankcase. The total system 

comprises four pivot points. The three pivot bearings, except for the small 

end in the piston, are of proprietary self-aligning spherical seat type which 

are manufactured to a high strength aircraft specification. The sump of the 

engine was modified to accommodate the stationary end of the linkage housing 

the output terminals. At the piston gudgeon pin four flexible leads are 

carried over both sides by an insulated spring and guide system, as shown in 

Fig. 7.2(c). All wiring on the system is FIFE insulated and it is finally 

fixed 'along its length by epoxy resin adhesive. Two Sangamo T4 proximity 

gauges were installed in the thrust side of No. 1 piston of the engine under 

investigation. These were connected to two unscreened channels. A screened 

channel was used to transmit the signal from a Kistler 601A pressure transducer 

installed in the piston skirt (thrust side) between the proximity gauges in 

level with the gudgeon pin centre line, as shown in figure 7.39(b). The 

installation of the three gauges is the same as that used on the piston slap 

rig. Many types of screened channels were tried in the past but have generally 

failed. Since the oil film pressure measurement was considered of great 

importance in the present study, it was decided to explore the possibility of 

using the best available technique. This consists of a flexible bowden tube 

fixed at the piston which carries a special screened transducer cable. 

Figure 7.2(b) shows the connection of this cable across the big end. Figure 

7.3 shows the complete linkage assembly in the engine with the oil sump 

removed. 
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7.4 Test Results 

In addition to the two movement gauges and pressure transducer installed 

in the thrust side of No. 1 piston, a cylinder pressure transducer was also 

fitted together with a degree marker disc on the crankshaft. All the signals 

from the transducers were displayed on the screen of a Storage Oscilloscope 

and Polaroid photographs were taken for analysis of the results. It was 

possible to record measurements from the running engine up to conditions of 

3000 revs/min no load but difficulty was experienced at 3000 revs/min full 

load due to repeated transducer failure. 

7.4.1 Relation between piston-to-bore oil film pressure, piston 
velocity and piston sideways force 

The measured piston-to-bore oil film pressures (No. 1 thrust side) are 

shovm in figures 7.4-7.12, together with cylinder pressure diagrams and 

degree marks, for various engine speeds at full and no load conditions. It 

can be seen from these measurements that the lubricating oil film pressures 

must play a very important part in controlling the attitude of the piston in 

the bore and the resultant structure vibration due to impacts or sudden 

pressure pulses. The development of oil film pressure between the moving 

piston and the stationary liner agrees in principle with the well known 

lubrication theory. Piston sideways force and sliding velocity must influence 

the formation of this oil film pressure and may be studied with relation to 

figures 7.13 to 7.15 which present typical relationships with side force 

and engine speed. 

The oil film pressure increases with increasing downward piston velocity 

during the induction stroke. As the piston velocity decreases towards the 

end of the induction stroke, velocity becomes zero (piston stationary) 

resulting in a rapid drop of oil film pressure, A gradual increase of oil 

pressure will be noted also during the upward compression stroke until an 

abrupt pressure rise is produced by the main slap of the piston due to the 
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large sideways force resulting from combustion. This second peak is markedly 

wider than the peak observed during the induction stroke but it is probable 

that the second part is produced in a similar way to that of the induction 

stroke and is superimposed on the slap pressure rise, as suggested by the 

dotted lines in the figures. Assuming that the oil film pressure is acting 

2 

over an area of about 10 in it can be deduced that the hydraulic side force 

is of a magnitude of some 1000 Ibf in the induction stroke while the side 

force resulting from inertia forces is of the order of 200 Ibf. This clearly 

suggests that this pulse is due to hydrodynamic wedge action and not due to 

a minor slap occurring in that region. A minor pressure pulse starting at 

about 60° BTDC (exhaust stroke) is also seen where a minor piston slap is 

expected to occur. It is observed that hydrodynamic pulses are formed when 

the piston approaches its maximum velocity and when the piston is moving 

towards the thrust side. No such pulses are seen when the piston approaches 

the non thrust side, but they would be expected to appear if oil film measure-

ments were also made for the non thrust side. 

7.4.2 Effect of engine speed and load on the piston-to-bore oil 
film pressure 

Figures 7.14 and 7.15 show the effect of engine load and speed on the 

shape of the oil film pressure. In general the hydraulic oil pressures 

increase with engine speed. Some of the following observations may be made; 

(1) The hydrodynamic pressure pulses (shown hatched) increase rapidly with 

engine speed. At no load conditions they achieve higher peak pressures 

compared with the corresponding speeds at full load. At full load, it is 

expected that because of higher temperatures, the oil viscosity in the clearnace 

becomes lower than for the no load case and therefore will produce lower 

hydrodynamic pressures. 
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(2) The initial rate of pressure rise and timing of the oil film pressure 

pulse due to the major piston slap around TDC is little affected by variation 

of speed and load. The part of the pulse immediately following the initial 

rise could be partly due to the form of the side force at different operating 

conditions. Figures 7.16 and 7.17 present the calculated piston sideways 

forces showing the variations with load and speed. It can be seen that there 

is little difference in side force with speed for the major slap around TDC. 

On the other hand, the peak side forces around TDC are considerably higher 

at full load than at no load, which suggests that the oil film pressure pulse 

due to the major slap should increase in magnitude with increasing load. 

However, this effect may be masked because of lower oil viscosity at full 

load conditions. 

(3) A definite oil film pressure pulse is also observed starting at about 60° 

BTDC. Its magnitude tends to increase with speed but is unaffected by 

variation of load. Comparison with th.e relevant piston sideways forces will 

show that this pulse is due to a minor piston slap with a smoother rate of 

rise due to the smaller sideways force. It can also be seen that the effect 

of other minor slaps could be masked by the greater effect of hydrodynamic 

pressure pulses since they occur around the same timing as that of the maximum 

piston velocities. 

7.4.3 Piston-to-bore oil film pressure as an important source of 
excitation in the engine 

To quantify the exciting propensities of the oil film pressure, a 

frequency spectrum of the waveform is obtained (see Appendix G). Figures 

7.18 and 7.19 show the Fourier spectra of the oil film pressures obtained which 

illustrate the effect of speed and load. Because of the sharp "major slap" 

oil pressure front, the spectra decay with an average rate of 20 dB/decade. 
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Figures 7,20 to 7,22 compare spectra of the oil film pressures and combustion 

at 1000, 2000 and 3000 revs/min no load and figures 7,23 to 7.25 show the 

same comparison at 1000, 2000 and 2500 revs/min full load. At no load, it 

can be seen that the oil film pressure controls the response throughout the 

frequency range from 500 Hz upwards. At full load, the oil film excitation 

may predominate in the frequency range from 125^ Hz upwards. Also it is seen 

that the increase of engine speed tends to reduce the significance of the oil 

film pressure, but in general the oil film pressures may be considered as one 

of the major sources of engine structure excitation. In order to reduce the 

levels of the oil film pressure spectra to below those of combustion, a 

smooth oil film waveform needs to be achieved. This may be attained in some 

of the following ways: 

(1) oil cushioning: that is creating higher levels of residual hydrodynamic 

pressures to cushion any sudden rise in pressure, 

(2) Tilt the piston permanently in such a way as to create the sufficient 

hydrodynamic pressures to mask the effect of impulsive pulses. 

The impulsive oil film pressures must distort the liners, setting them in 

oscillation and subsequently vibrating the whole engine structure. This 

liner response may be considered as an exciting force in its oxm right. 

Appendix H shows analytically how this source of excitation can predominate 

over the combustion source. 

7.4.4 Piston movements and approach velocities 

Piston movements for the thrust side were also recorded at both the top 

and bottom of the skirt. Figures 7.26 to 7.29 present photographs of these 

measurements at 1000, 2000 and 2500 revs/min full and no load conditions. 

The movement traces were enlarged and transferred on to transparent 

calibrated paper. Since the proximity gauges are non linear, the traces had 

to be converted into actual displacement in inches, using the relevant 
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calibration curves (see Appendix F). Figure 7.30 shows an example of 

correlation of all the events which take place in the cylinder of the running 

engine at 1000 revs/min no load. Some observation can be made. Around TDC 

(firing) the bottom of the piston skirt approaches the thrust side of the 

liner before the top of the skirt. After impact, the bottom of the skirt 

bounces. This could be due to liner deformation or its oscillation at the 

impact. The frequency of this bouncing is of the same order of magnitude as 

that of the first overtone of the liner natural frequency and corresponds to 

the bank to bank frequency in the engine (== 1250 Hz) . It is also seen that 

the sudden piston movement around TDC generates an impulsive oil film 

pressure pulse. 

The lower piston skirt tends to remain separated from the thrust side of 

the engine, except when the skirt slaps the liner thrust side after TDC in 

the next expansion stroke. 

Figures 7.31 to 7.38 show the compensated measured movements of both the 

top and bottom of piston skirt at 1000, 1500, 2000 and 2500 revs/min for no 

and full load conditions. These figures also show the calculated movements 

using AED - Wellworthy programmes Cref, 7.3), Assuming that the piston 

skirt does not deform, it will be seen from the measured movements that the 

piston is nearly always adopting a tilted attitude. Comparison of these 

measured movements with those calculated show considerable difference which 

must be due to the effect of the oil film pressure developments which have 

not been taken into account in the calculations. At certain parts of the 

engine cycle and at some running conditions it was observed that there is a 

tendency for the top of the skirt to approach the liner before the bottom. 

A typical example is shown in figure 7.39(a). A possible explanation is 

that the gudgeon pin may develop high frictional force, with the piston 

boss, and thus influence the movements. 
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It is interesting to note here that the calculated piston movements shown 

in the figures agree closely with the corresponding movements obtained on 

the piston slap simulation rig (dry case), while the measured movements 

resemble those obtained on the rig (wet case). This illustrates that the 

simulation has been realistic. 

In some cases the piston appears to travel beyond the cold clearance 

limits, suggesting liner deformation. Therefore, monitoring the liner 

distortion together with that of the piston, should give a better understand-

ing of the piston-liner behaviour. 

Piston impact or approach velocities after TDC can be estimated from the 

calculated and measured piston movements. Tables 7.1 and 7.II summarise these 

values for engine speeds of 1000, 2000 and 3000 revs/rain. 

Table 7.1 

Piston Approach Velocities using AED Programme ~ in/sec. 

Full load 
Engine 
Speed 
RPM 

Upper clearance Lower clearance Average 
velocity Velocity skirt 

velocity 

No load 

U.C. L.C. Av. 

1000 19 27 23 15 21 18 
2000 26 39 33 19 30 25 
3000 33 51 42 25 39 32 

Table 7.II 

Piston Approach Velocities- • - Estimated from Measured Movements 'V in/sec. 

Engine Full Load No Load 
S peed U.C. L.C. Av, Measured UC L.C. Av. Measured 
RPM block block 

vib'n. vib'n 
S g 

1000 10 14 12 28 6 13 9.5 20 
2000 18 28 23 43 14 22 18 32 
3000 24 32 28 40 18 27 23 39 
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As can be seen, the measured piston impact or approach velocities are 

about half of the calculated values. The incidence of approach is also 

markedly different. This must be due to the effect of the hydraulic pressures 

developed in the piston to bore clearance. Figure 7.40(a) shows the relation-

ship between average piston skirt approach velocities and K factor. The 

average slope is about 20 dB/decade. Table 7,11 also shows the measured 

block vibration acceleration in g. 

A typical relationship between measured block vibration and piston 

approach velocities can be shovra in figure 7.40(b) with near linear relation-

ship. Therefore, it may be concluded that block vibration increases by about 

20 dB per tenfold increase in K factor which is similar to that obtained on 

the simulation test rig. 

7.5 Possible Improvements to Piston Slap Theory 

In the present investigation, the piston side forces have been calculated 

using equation 5*1 (Chapter 5) by means of a computer programme shown in 

figure 7.^1. Figure 7*^2 compares piston side forces around TDC using the 

above programme and the AED programme. As can be seen there is close agree-

ment between the two programmes. This figure also shows the effect of 

inertia on the side forces which can be neglected for low engine speeds. 

Another relatively important factor is that of offsetting the gudgeon pin 

and Figure 7*^3 shows this effect on the side forces, and also on the calcul-

ated piston approach velocities after TDC (ref. 7'3). 

None of the methods for calculating piston behaviour and side forces has 

considered the effect of the oil film which has clearly been shown to affect 

piston movements and attitudes. The form and magnitudes of the oil film 

pressures also suggest the development of appreciable shear and compressive 

forces. With better understanding of the oil film behaviour it is suggested 

that general lubrication theory (ref. 7-^) could be employed in the analysis 
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to yield, a more accurate evaluation of the force distribution along the 

piston skirt. The following general equation may, be used: 

^ 1 7 ' = ^ ' f ' = ^ ^ f > 

where h = oil film thickness 

n = absolute viscosity 

p = pressure 

X = coordinate in direction U 

y = coordinate in direction V 

= surface velocity in x direction 

The dh/dt term is known as the "squeeze film" term (ref. 7.5)• The 

greatest problem in lubrication theory is the solution of the pressure inte-

gral term. The only way to predict the oil film effect for a real situation 

is to relate the theoretical treatment to the relevant experimental data 

resulting in semi-empirical relationship. This same technique has been 

adopted by researchers of journal bearing lubrication, (refs. 7.6 and 7-7). 

Since the piston movements (h) were measured, it was possible to estimate 

piston skirt velocities (dh/dt) by evaluating the instantaneous slopes. 

Using the equation the oil film pressures were then calculated and compared 

with those measured and a marked difference was observed. This could be due 

to the variation in the oil viscosity and the variable length/diameter ratio 

of the bearing land during the cycle. However, it should be possible to 

simplify the above equation to agree reasonably well with the measured oil 

film pressures to give a semi-empirical method for calculating the oil film 

forces. 

The top and bottom of the piston skirt can also be influenced by gudgeon 

pin friction. To evaluate this effect the coefficient of friction (y) 

during the cycle must be known. An approximate technique to do this is 

suggested here. The total oil film resistance (P) may be considered as the 
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horizontal force necessary to cause slipping to impend between the gudgeon 

pin and piston boss. If the vertical force through the gudgeon pin = W, 

then, as shown in the sketch below: 

P=AJW (ref . 7.8) 

W 
P I S T O N B O S S 

Finally, the strains on the gudgeon pin, piston and connecting rod may be 

measured and related to the forces in the system with the possibility of 

giving an accurately measured piston side force (top and bottom) taking 

into account the effect of all parameters. 

7.6 Conclusions 

1. The piston to bore oil film pressure development can be a major source 

of excitation in the diesel engine and can predominate over the combustion 

induced noise in the frequency range from 1000 Hz upwards. Its effect 

is more significant at no load conditions. 

2. The oil film pressure can be described as having distinct regions of 

hydrodynamic and squeeze film effects. The former due to the piston 

sliding in the bore and the latter due to the sudden application of 

piston sideways force. The major slap at TDC produces a very impulsive 

sawtooth oil film pressure pulse which controls its frequency spectrum. 

Smoothing this impulsive front should reduce piston slap induced 

vibration and noise. 

3. The impulsive oil pressures can deform the liner. The resultant liner 

response is shown to control the cylinder block vibration, indicating 

a possibility of vibration reduction by liner or structure design. 
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4. The frictional forces at the gudgeon pin appear to influence piston 

behaviour at certain parts of the cycle, suggesting the need for 

careful design of this part of the piston.-

5. The piston side force calculations should take into account the effect 

of the oil film and gudgeon pin friction which are considered as impor-

tant parameters affecting piston behaviour. 
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L%ST(I,P) 
II8RARY(SU8GRUWPSRGP) 
lI8RA%Y(SUBGRUVPSaqS) 
PROGRAMSV05D) 

INPUT 5%CR0 
OUTPUT JsLPJ 
COMPACT DATA 
TRACE 
g ̂  Q — 

— .. - - ' —. - ' -" —— -— — - -—-fc — — - . . . 

DIMENSION THETA(?W),P(90),S(90),R1(90; 
DIMENSION Tp(<),YT(1)fXT<^) — " — 

DATA TP(i)/i2MPlST0N S^AP/ 
DATA PN/4H?'40C/ -
DATA YT(1)/LHF0RCE/,XT(1)/11HCRANK ANGLE/ 
REAL k,1,MM,MP,K2 
CALL IQP1(TP,1) 
^ ^ ^ ^ ^ ^ ^ ^ ^ ^ ^ — ' — — ——— - -- — . - - ™ - — — — - .v_~ ^ «-

P%=3.14;5?S:6 
BsPlftPI/P'OO^O/SoSjO ^ — 

READ (5,13) AfAA,08,M%,n,MP,RR,L,KZ 
^ ̂  ^ ^ 1 ̂  ̂  ^ v"̂  ^ ^ ̂  ' -'. .... — - - -. " 

DO 12 (Islj] 

READ (>,10) N 

p ; ? u a H E T M 7 w n i j , 7 . i , s ) • 

11 FOR]AT(/FO,J) 
WRITE(0,21) RR;L,A 
QA*RR/k 
DO 3 i=:,N 
T»T|{ETA(I)*P%nS0|O -
5*91N(T) 
Rl(I)''P(I)*SA*S*A*(1,0 + GA*3A*S*S/2,0 + 3,0*6A*GA*GA*6A*S*S*5*S/S,0) 
WR;TE(6,20) TMETA(I),P(I),R1<I) 
^ ^ ̂  ̂  ^ - - .-. -- -̂. — . —'— ' — --- - - . - . —' 

21 FOR]AT('OPISTUN SlAP FDRCE*APPR3X1V3F10,3//) 
20 F0R1AT(1H ,3F10,3) - - -

WRlTE(6,23) 
23 FOR1AT('OPISTUN SLAP FORCEaACCURATE') -

DO 4 1^1;N 
T=THETA(X>#PI/130,0 
X=P(I)4t*3;N(T)*RR/L 
X9XtB*W*W*SlN(r)*((1+MP)*RR4RR/2,0$1M*(K2eAA*BB))/L/L 
X=K.B*y*W*RR*KR*SIN(2.0*T>#(M+MP)/2rO/L 
R(I)BX9S*SlN(j,l*T)*d*W*RR*RR*RR*(4*MP)/2,0/l/L 
WRITE(8,20) TMETA(X),P(I),R<I> 

4 CONTINUE -
CAlL LGp5A(),u,f2U,0,eVOO,0,l503.0,12,0,8,Q,XT,2fYT;1,1) 
CALL kUp6A(THET4,H,N,d,PI) 
CAlL kOP6A(THKTA,R1,N,2,p;) 

12 CONTINUE 
GAIL LGp2 
STOP 

FIG. 7.41 ISVR COMPUTER PROGRAMME FOR CALCULATING 

AND P L O T T I N G ACCURATE AND APPROXIMATE PISTON 

SIDEWAYS FORCESFOR ENGINE SA 
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Chapter 8 

GENERAL CONCLUSIONS 

Many d e t a i l e d conclus ions have been drawn f rom t h e r e s u l t s o f i n v e s t i g a t i o n s 

presented i n t he f o rego ing chapters and these appear a t the end o f the r e l e -

vant s e c t i o n s . The more impor tan t conclus ions are summarised be low : -

1 . P i s t o n s lap e x c i t a t i o n i s , t o a g rea t e x t e n t , d i r e c t l y respons ib le 

f o r genera t ing the bank t o bank v i b r a t o r y mode o f Vee type engines. I t i s 

a lso i n d i r e c t l y respons ib le f o r the b u l g i n g o r c o n i c a l mode which i s 

accentuated by p i s t o n - t o - b o r e o i l f i l m pressure development. 

2 . O s c i l l o g r a p h i c techniques have proved t o be an e f f e c t i v e method 

i n t he i d e n t i f i c a t i o n o f the r e l a t i v e magnitudes o f t he var ious sources o f 

v i b r a t i o n on runn ing engines. 

3. The experimental piston slap rig simulation in a non-running engine 

has proved to be a useful method for the study of piston slap characteristics 

in isolation from other sources of vibration. It enables the effect of the 

controlling parameters to be ascertained. The rate of rise of piston side-

ways force (K) was found to be the most important parameter controlling 

piston slap induced cylinder block vibration. 

4. P i s t o n - t o - b o r e o i l f i l m pressures measured i n t he runn ing engine 

e x h i b i t d i s t i n c t reg ions o f squeeze and hydrodynamic e f f e c t s . The former 

be ing due t o the a p p l i c a t i o n o f p i s t o n sideways f o r c e and the l a t t e r due 

t o the s l i d i n g movement o f the p i s t o n i n the b o r e . The s a w t o o t h - l i k e 

squeeze pressure due t o the %ajor s lap a f t e r . TDC i s shown t o be a s i g n i f i -

cant source o f e x c i t a t i o n which can predominate over combustion e x c i t a t i o n 

i n the f requency range 1000 Hz upwards, 
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It is concluded that the effect of piston slap can be controlled by-

smoothing the impulsive piston to bore oil film pressure development. It 

is also suggested that the oil film forces can account for the differences 

in the calculated and measured piston movements. 
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APPENDIX A 

Inertia Effect of the Back to Back Connecting Rods 
on the Vee Piston Slap. Rig 

1. Experimental method to show that the inertia effect of the back to back 
system is small for high forces: 

Figure lA shows the back to back system. Two studs were cemented at 

points C (on the con rod) and P (on the inner surface of the piston along 

centre line of gudgeon pin). Varying forces were applied and the correspond-

ing vibration accelerations were measured at C and P. 

If = vibration acceleration at C in g 

X P in g 

and if the system has no inertia effect, then the angular acceleration about 

G should be equal, i.e., 

i . ! £ 
I 2' 

(la) 

where 2 = 6" and = 2.7 in. 

Equation (la) was applied to various conditions and was found to agree 

reasonably well especially for the application of higher forces. 

2. Calculated inertia effect of the system 

Neglecting resonances of the back to back 

sys tem 

FA = F'£ + 10 (2a) 

where I = inertia of the back to back 

system about the bearing pivot, 

F = force applied using shaker 

F' = actual force applied by piston 

on the liner. 

X. + X, 
£e = (3a) 
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,2 ,2 
d d X 

where x. = ^ and x = 
dt dt 

x^ = clearance at top of the skirt ) measured using movement 
) gauges installed in the 

Xg = clearance at bottom of the skirt) skirt. 

Therefore, substituting (3a) in (2a) 

+ *2 
F£ = F'£ + I r — -

Therefore, 
ji. + x„ 

F' = F - , ) (4a) 

* 
I ^1 ^2 

i.e., the correction due to inertia is —^ ( r ), 

ITiis was calculated for few cases to determine the order of magnitude of 

this correction. Typical calculation is presented below for a case of apply-

ing a certain force (= | max) at a repetition rate of 50 Hz, where the 

effect of inertia should be highest. 

Oscillographic pictures of the upper and lower piston movement traces 

were enlarged. As the proximity gauges are non-linear, calibration curves 

were previously obtained and used to draw the real piston movements. 

Figure 2A (x^ and x^) shows these compensated proximity plots for this 

particular case. By calculating the slopes, the velocity plots (x, and x^) 

are obtained. Repeating the same process, the acceleration plots (x^ and x^) 

are obtained as in Figure 3A. Figure 4A shows the graphical addition to 

obtain £6 required in equation (3a) above. 

Knowing £0 at any instant, the true F' can be calculated. As an 

example, calculate x for the maximum £8 from Figure 4A (where x = 
X, + x , & 
- o )• 
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Mass of piston and two con rods = 11.94 lb 

2 2 k for the back to back system about crankshaft = 17.94 in 

Therefore, I = 11.94 x 17.94 = 214.2 lb in^ 

2 2 
i = 6 in. Therefore, I = 36 in 

max. 28 = 80 in/sec^ (from Figure 4A) ' 

Therefore, 
_ ^ , 80 X — = 

Remembering that the forces applied are in the order of 500-1000 Ibf, 

it can be seen that this calculated correction is practically negligible. 
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APPENDIX B 

A computer programme was written using equation (5.1) to calculate the 

piston sideways force for any running engine condition. The following table 

(IB) presents the maximum forces and rates of rise of forces around T.D.C. 

for the stated conditions. 

TABLE IB 

Engine 
Speed 
rpm 

Full Load 

Max. Force 
X , lb f. 
peak 

Rate of force 
rise; K Ibf/ 

msec 

No Load 

Max. Force 
X , Ibf. 
peak 

Rate of force 
rise: K Ibf/ 

msec 

1000 
1500 
2000 
2500 
3000 
3300 

1055 
1010 
970 

920 

510 
700 
900 

1200 

370 
340 
320 

390 

190 
290 
350 

500 

A peak ~T 
L b f X nof 

/ ' —Simulated 
\ Side Force 

\ 

Calculated S.F 

Fig. 18 

1 2 3 

max.3 

max./ 
max. 1 

Fig. 2 8 

Figure IB shows the general shape of the piston sideways force. To 

approximate this force to a sinusoidal shape as shown, then the peak force 

of this new waveform will be higher in order to keep the original rates of 

rise (K) which was found experimentally to be the most important parameter 

in deciding the response. That is, if S.F. = A sin cot (lb) 
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d SF 
— — — = Aw cos (ot = A , .to @ 8 = 0 
dt peak 

(2b) 

Therefore, 

peak 
d SF 

/o) = K/(jj (3b) 

6=0 

where u - engine speed in rad/sec. 

K = rate of rise of piston sideways force in Ibf/sec. 

Using equation (3b) the following table (2B) is prepared showing this effect. 

TABLE 2B 

Engine 
Speed 
rpm 

Repetition 
Rate c/s 

Full 

X , Ibf 
peak 

Load 

A , Ibf 
peak ^peak 

No Load 

Ibf A , Ibf 
peak 

1000 16.7 1055 4900 370 1830 
1500 25 1010 4600 340 1720 
2000 33.3 970 4300 320 1670 
2500 41.7 - - - -

3000 50 920 3820 390 1600 
3300 55 - - - -
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APPENDIX C 

Spectral Analysis of the Piston Slap Pulses for the Running Engine 

to Compare with Simulated Response 

This exercise was conducted using the excellent facilities available 

at the Data Analysis Centre "Myriad Computer" of I.S.V.R. Vibration 

acceleration response at the top of the running engine block was recorded 

using a Kagra III one track tape recorder. The recordings were played back 

and plotted as shown in Figure IC (top trace A). The time scale could be 

adjusted to enable clear identification of the piston slap pulses. The 

computer is then instructed to select each of these piston slap response 

pulses individually to be displayed on an expanded time scale as shoxm in 

Figure IC (traces ^ and Q . These pulses are then analysed and their total 

response presented. 

The following programme was used to conduct this analysis: 

/ACQUIRE ("A", 2000, 20000, 1) 

/PLOT ("A", 20, 4, *0, ̂  0120) 

DO 2 K ^ 1, 6 

/ m m (I, J) 

/KILL ("B", "C", "D") 

/CONV ("A", "B", 2, I, J) 

/PLOT ("B", 10, 5, AO,& 0120) 

/FFTA ("B", "C") 

/MOD PHASE ("C", "D", 2) 

/F (K-1) 0, 0, 3 

/CONV ("D", "E", 4) 

GO TO 2 

3 /ARITH ("E", "E", 4, "D") 

2 CONTINUE 

/PLOT ("F", 20, 20, *1, # 3120) 

END 

9b. 



Figure 2C shows the narrow band vibration acceleration at due 

to the six slapping pulses shown in Figure IC (trace A) for the engine 

running at 2000 rpm full load. 

Figure 3C shows the simulated 1/3 octave vibration acceleration response 

at obtained on the V8 piston slap rig and corresponding to the running 

engine condition of 2000 rpm full load. This figure has been carried forward 

from Figure 5.25 to the same scale of Figure 2C for comparison purposes. 

Superimposing Figure 2C on Figure 3C shows the very close agreement in the 

two spectra. This also provides extra confidence in the validity of the 

simulation although it must be remembered that the piston slap pulses 

analysed for the running engine case may contain low levels of other 

mechanical sources. 
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APPENDIX D 

Natural Frequencies of Diesel Engine Cylinder Liners 

The liner characteristics bear a great deal of importance in relation 

to piston slap and engine vibration response. Therefore the following 

theoretical analysis has been conducted to calculate the natural frequencies 

of engine cylinder liners. 

The liner is treated as a thin walled cylinder enabling the application 

of the general Fliigge's equations (ref. D.l). 

In the present analysis the general Fliigge's equations are further 

simplified to apply to the case of freely supported thin cylinders. Using 

the concept of the equivalent wavelength factor, equations for other con-

ditions of support are derived (ref. D.2). 

For the case of k<n̂ e J - ends the following expressions for 

displacement were assumed for the component directions, X, Y and Z 

(Figure ITXâ  . 

. miTX . 
u = A cos — ^ cos n9 cos ut 

y. « hittx • , / T J \ 
v = B sin sin ncj) cos wt (Id) 

„ . miTX , 
w = C sin — — cos n6 cos tot 

£ 

where A, B and C = amplitude constants 

m = number of axial half waves (in direction X) 

m+1 = number of axial nodes 

n = number of circumferential waves (in direction <j)) 

2n = number of circumferential nodes 

£ = length of cylinder 

(jj/2it = the frequency of vibration 



It is found that equations (Id) satisfy the end conditions and are 

compatible with the strain relations. By application of the Lagrange 

equation to the derived expressions for strain energy and kinetic energy, 

constants A, B and C may be eliminated to form the following cubic equation: 

+ K,A - K = 0 (2d) 
Z 1 O 

where = |(1 - a)^(l + a)X^ + |(1 - o)g|(A^ + n^)^ - 2(4 - a^)X^n^ 

- 8X^n^ - 2n^ + 4(1 -a + 4X^n^ + n^| 

= 1(1 - a)(X^ + n^)^ + 1(3 - a - 2a^) ^ + 1(1 -a )n^ 

+ 3U(3 - a)(X^ + n^)^ + 2(1 - o)X* - (2 - a^)X^n^ f(3d) 

- 1(3 + o)n^ + 2(1 - a)X^ + n^| 

Kg = 1 + K 3 - a)(X^ + n^) + ^[(X^ + n^)^ + 2(1 - a)X^ + n^| 

where K^, and are constants for a given cylinder under a given 

nodal configuration. 

f = the vibration frequency 

a = Poisson's ratio 

a = mean radius of cylinder (inches) 

E = Young's modulus 

p = density of cylinder material 

ir = 3.141596 

g = 386 in/sec^ 

h = thickness of cylinder (inches) 

X = wavelength factor 

As some terms in the equations (3d) are small compared with others and. 
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moreover, A and K^A are small compared with the other terms of the cubic 

equation (2d), the following linear equation is found to give good approxi-

mations . 

where 

= 1(1 - 0 ) 2 ( 1 +cr + 1(1 - a) - 2n^ + n * ] 

= 1(1 - a)(x2 + n^)^ + 1(3 -a - + {{I - a)n^ 

+ 1(3 - cj)3 (X^ + 0^)3 (6d) 

and K2 = 1 + 2(3 - cr) (A^ + n^) 

Therefore the final equations used for computing the natural frequencies 

of the freely supported cylinder are (4d), (5d) and (6d). However, in actual 

engines, the cylinder liners are either cantilevered (wet liners) or fixed-

fixed (dry liners). Therefore these equations are progressed to deal with 

tliese tx̂ o specific cases. For this the concept of equivalent wavelength 

factor is used as follows: 

Equivalent Wavelength Factor = 

This concept was established through theoretical-experimental approach 

by Warburton (ref. D.2). As explained diagrammatically in Figure 2D, X^ 

refers to a fictitious non-dimensional quantity for a freely supported 

cylinder, which happens to have, under the same nodal arrangement, a frequency 

equal to that of the fixed-fixed (or cantilevered) cylinder under considera-

tion. 

In brief, Warburton's results are 

Theoretically X = (m + c) •— (7d) 
e a, 

and 

Experimentally X^ = (m 4- 0.3) for the fixed-fixed (8d) 

where he obtained C - 0.3 for the fixed-fixed case. But c was not obtained 
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for th,e cantilevered case. In the present analysis, and instead of 

obtaining an experimental c value for the cantilevered case, another 

approach was followed. It was found that another way of determining an 

equivalent wavelength factor would be to use the numbers associated with 

the successive roots of the frequency equation for uniform beams with 

appropriate end conditions - ref. D.3. 

Fixed-fixed 

Considering firstly the case of both ends fixed (Figure 3D-1) the roots 

are 4.733, 7.855, 11.000, etc. These numbers would have to replace the 

terms (m + c)it in equation (7d) above and would lead to an approximate 

equivalent wavelength factor, given by: 

A = Tra(m + 0.5)/& (9d) 
^(fixed-fixed) 

This would give slightly higher natural frequencies than the original 

wavelength factor obtained in equation (8d) but was found to give better 

results (ref. D.3) and relatively small errors. 

Fixed-free 

Considering now a cantilevered case the corresponding numbers are: 

1.876, 4.733, 7.855, etc., for the modes m = 1, 2, 3, etc. (Figure 3D-2). 

This could be approximated as follows: 

X = Tra(m + G.5)/Jl for m>> 1 
cantilevered 

and 
(lOd) 

X = 1.876a/£ for m = 1 
cantilevered 

Validity of this method 

1. If this method of the roots of the frequency equations is applied to 

cylindrical shells with /ijed ends then the correct answers are 

obtained. 
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2. Some calculations of natural frequencies of thin cantilever cylindrical 

shells were determined, directly from a solution of Flugge's equations for 

the range of values of interest in our problem (ref. D.4) and shown to be 

close to those obtained using the approximations of in equations (lOd). 

Computer Programmes for Calculating Natural Frequencies of Liners 

Having established that the above approximate equations are good for the 

particular dimensions associated with the problem, they were then used to 

write computer programmes to execute the calculation. 

Figure 4D shows a sample computer programme using equations (4d), (5d), 

(6d) and (8d) to calculate the natural frequencies of Dry liners (fixed-

fixed). Another programme using equation (9d) instead of (8d) for these 

calculations shows small difference which provides confidence in the roots 

technique compared with the Warburton's experimental method. 

Figure 5D shows a sample computer programme using equations (4d), (5d), 

(6d) and (lOd) to calculate the natural frequencies of Wet liners (canti-

levered). 

Figure 6D shows specimen results using the fa-ro computer programmes 

for the calculation of the natural frequencies of the liner investigated, 

when treated as wet and dry (in terms of fixing). The values of the wet 

liner case show that the fundamental 1st and 2nd harmonic frequencies could 

interfere with the piston impact range of frequencies and also the sensitive 

part of the noise spectrum of the engine. On the other hand, the dry liner 

has the advantage of pushing these frequencies to the rather unimportant 

part of the spectrum. 
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FIG. 1D.b SOME FORMS OF VIBRATION OF THIN CYLINDERS 



FREQUENCY / , 

= frequency of freely supported 

f2 = frequfflacy of fixed - fixed 

f = frequency of fixed - fixed 

equivalent to freely supported 

yVAVELENGTH FACTOR, ,\ 

FIG. 2 D Diagram showing the Concept of the Equivalent Wavelength Factor 

(Warbu&toKi) 

SECMS OF UNI'QKV SECTION ANO UN'FORMLY DISTRIBUTED LOAD 

ANGULAR NATURAL FREQUENCY = R A D / S E C 
' > '• 

WHERE E = YOUNG'S .MOCL'LUS, L B / I N ? 

I = AREA WOME.'JT OF INERTIA OF BEAM C R O S S SECTION." IN.' 

I = LEMGTH OF BEAM, IN. ?-

/ i = MASS PER UNIT LENGTH OF BEAM, L 3 - S E C ' / I N ? 

A = CCEFFiC iENT FROM T A B L E BELC'.V 

NODES A.=E INDICATED I.N TABLE BELOW AS A PROPO.RTION OF LEMGTri t MEASURED FRO.V LEFT END 

1 ' -
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I ( C A N T I L E V E R ) 

^ 
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-'1 \ 
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I ( C A N T I L E V E R ) A = 2 2 . 4 ( v . 7 3 ^ ' ' A = 51.7 C? . 8 5 5 ) 
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-'1 \ 
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r 
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' A = 38.3 ' 

0.25 0.50 0 7 5 0 2 0 0 4 0 0 6 0 0 80 

A = 2 4 7 

r 
;HI.N'GED-HINGED 

- { S I M P L E : 
' A = 9 . 5 7 ' ^ A . 3 9 . 5 1 

0 3 3 3 0 . 6 6 7 

' A = 38.3 ' ' A = ! 5 8 ' 

0 2 0 0 4 0 0 6 0 0 80 

A = 2 4 7 

1— 
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" : = O f . M o ) 
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F R E E - F R E E 
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A = 2 2 . 4 
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; 0 2 2 7 : 0 5 ; - : C S 4 0 
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F I X E D - H I N G E D 
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/ ; 0 2 9 4 1 0 7 6 5 

^ A = ( 7 3 i 

F I X E D - H I N G E D 

A = 4 5 . 4 A = 5 0 . 0 ' A = 1 0 4 i 

0 5 2 9 
/ ; 0 2 9 4 1 0 7 6 5 

^ A = ( 7 3 i A = 2 7 2 

H : r i G E D - F R £ E 

0 . 7 2 6 C 4 < 5 0 . 8 5 3 

! A = 5 0 . 0 

0 . 3 0 6 O.C(6 C.eSB 
0 4 7 ! 0 . 9 2 2 

0 . 2 3 5 I 0 7 0 7 ' 
c z c : . - e 3 

C . I 3 0 : 3 : S : ; 0 . \ 3 7 i 

t A = 2 7 2 ' 1 
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T ^ 
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FIG, 3 D Vibra.tion Modes of Uniform Beams. 



L I S T ( L P ) 
pr0gram(v05c) 
OUTPUT 6=LP0 
compact data 
trace 
end 

master freq3 
real l,k0,k1.k2 
R90.3 
pi"3.141596 ^ 

1=6.49 
a;2,44 
E=28500n00;0 
gp386.0 : 
SrO.284 
HF0,25 
R2sR*R - _ ^ _ 
BEsH*H/i 2,0/A/A ~ 
TAci.O-R 

.0+R " 
dc 20 m-1 ,5 
XL=(M+o;3)*P!*A/L 
x12=xl*xl 
Xl4aXl2*xL2 ~ 
DO 30 Nel ,5 

N4,rj2*N2 _ _ 
tcsxl2*n2 
tc2=tc*tc 
tc3=tc2*tc 
KUB0.5*TA*TA*TB*XL4+n75*TA*BF*(TC3*TCr8j0*XL2*N4-2r0*N2*%4+\4) 
K1s0.5*TA*TC2*U.5*(3^0-R"2.n*P2)*XL2+n.5*T&*N2+o;5#(3.0-R)*BE*TC3 
K2Bl,0+o;5*(3/0.p)*TC 
P=KD/Kl+K2#Kn*KC/Kl/Kl/Kl ' 
F=SQRT(f*G#p/S/(1.0*R2))/2;o/PI/A 
write(67101) m,n,f " " 

30 continue 
20 CONTINUE 

101 FUR1AT(1H i2I10,3Fl5;4> 
stop 
END 

FIG.4 D Computer Programme for Calculating the Natural Frequencies 

of Dry Type Engine Liners. 



LIST,LP) 
PROGRAM (VO>B> 
OUTPUT r, = LPi 
COMPACT DATA 
TRAvE 
END 

MASTER FREQZ 
REAL L,K0,Kl,K2 
R = 0.3 - : - --
PI=:-.U,59 6 
1 = 6 . 4 9 

A=2.46 
• E ~ 2 C S 0!: 0 0 ,'j 

G = 5.:..6.O 
5=0,284 
H=0.2) 

B t = n * H / i 2 . n / A / A 
• T ̂  R 
TB=.,v+R 

XL = r I *A* (fl-. S>/L 
I If \M.Fg, 1) X t. = 1 . 8?5* A / I , 

XL2 Xl#XL 
^ ^ ^ ^ ^ ^ I ^ " ' ••- — . 4 ' — 

DO -10 N=l,5 
' N2=N*N 

N4=A2*N. 
TC=XLr+N2 
TC2-^TC*TC 
TC3'TC*TCc 
KC=-.S*TA*TA*TB*XL4+n,5*TA*6E*(TC3*TC»8.0*XL2*N4"2,V*N4#N2+N4) 
K1= .5*TA*TC2*0.5*(3.n-R-RZ*2.0)*XLZ+0.5*TA*N2*U.5*(3,0'R)*dE*TC3 
K>- . u + . : . ,*(3.0-R)*TG 
P=K:/i1+KZ#Kn*KJ/Kl/Kl/Kl 
F = SQRT(fc*'3*P/S / ( 1.0 -Rc))/c.O / p I /A 

W R l T r ( 6 , l n i ) M ,N ,F 
3 u C O N T I N U , 

20 CONTINU: 
1 0 1 F O R ! : a T ( , H , < ; I 1 0 , F 1 5 . 4 ) 

STOr 
END 

FIG#5D Computer Programme for Calculating the Natural Frequencies 

of Wet Type Engine Liners, 



M N Fk w 

1 1 A 7 7 4 9 1 6 7 
1 2 4 5 8 5 2 4 C 9 / 7 2 56 
1 i 631 3 9083 
1 4 1 4 6 8 / ; 35CS 
1 5 22^26 0667 qQ-^o.l3 
2 1 1 l 8 2 n 4 2 2 6 ? / 9 7 -
2 2 • 11903 5199 
2 3 25560 531 1 / f -
2 4 4 3 5 6 9 0088 7.g O / . 3 / 
2 5 64089 8 8 9 4 /OS33 . <Z/ 
5 1 13539 3 5 8 2 / / a.66-. j - f 
3 2 23592 9510 
3 3 49610 2 3 2 6 8!^3G-
3 4 8 0 0 9 0 6257 
3 5 111730 4 7 6 8 

. 4 1 5920 5 2 7 1 
4 2 38596 4319 
4 3 7 7 2 2 6 6277 
4 4 118413 6590 
4 5 158815 0943 
5 1 19580 1 4 0 3 
5 2 55840 4 9 7 2 
5 3 105966 4076 
5 4 1 5 6 0 4 0 3647 
5 S 203999' . ' 1341 

= Frequency of the Dry Type; Liner (Hz) 

F^ = Frequency of the Wet Type Liner (Hz) 

> I 

C&ntilever Mode 

Ovalling Mode 

*A"' 

For short cylinders as at "A" , Wjj cantilever mode^ ovaJIling mode 

FiG.6D Calculated Natural Frequencies of the V8-470 Liner when treated 

as Wet (actual case) and Dry (future design). 



APPENDIX E 

Calculation of Modal Damping Ratios Using Impact Analysis 

There are variour. methods for calculating the modal damping ratios of 

structures. One such method has been developed (ref. E.l) using the 

relationship 

=1 
log^ir-

- - * (e.l) 
2irn 

where x, and x are the amplitudes of free vibration spaced (n) cycles 
i n 

apart. It can be shown that if two truncated Fourier transforms of equal 

data record lengths but with their starting points separated by time (t) arc 

t i l 

performed on the impulse response, then the damping ratio of the i mode 

is given by 

|FT(f.)I, 

I m T T i T 

1 

where f^ = the frequency of the i"^ mode. 

[FT(f^)[^ and jFTCf^)!^ are the maximum levels of the modulus spectra 

for the two successive transforms. 

This relationship is free from inherent errors caused by dynamic 

range considerations and has been shown to work for a simulated system with 

ten natural frequencies (ref. E.l). This method was used to find: 

= damping ratios between the two halves of the liner 

and = damping ratios between the liner and engine block. 

For an impulsive force was applied to one side of the liner and 

the vibration acceleration response measured of the other side and tape 

recorded. This response was then fed into a Myriad data analysis computer 

to obtain the Fourier transforms as shown in figure IE. Using equation (e.2), 

U4 . 



damping ratios were calculated for every clear mode and plotted as shown in 

figure 3E. Therefore the average damping ratio could be estimated at any 

mode of interest. 

The same procedure was followed to calculate z^, where an impulsive 

force was applied on the inner part of the liner (as near as possible to 

where the piston is expected to impact the liner around T.D.C.) and the 

vibration acceleration response on the top of the block measured and recorded, 

Fourier transforms were then obtained as shown in figure 2E and the damping 

ratios calculated using equation (e.2) and plotted as shown in figure 4E. 

Figure 4E also shows the effect of pistons on the damping characteristics 

of engine structure. 

Reference 

E.l G.C. Wright. "Dynamic behaviour of fibre reinforced materials". 
Structural Dynamics Conference, Southampton University, April, 1972. 

L05. 



i 

i l " i 
L.VX/.̂  

^ J *58 
vvsnn 
p„3 n nnnn̂ no o.onoocDo 
* t'.i'F ̂  . S330-no nwr; '»! 
YCC 9. 3330100 VITX, 

?S 1 .1973 «59 
vvynE 
WKS, n.nUOnLMQ l.l02lE-03 
•» k 9.4?ni- :i2 iw -'•1 

3 n z 

?n 1 .19/3 *G0 
VV9ME 
aar-i o.nooorno o.aooorrio 
X c 9 . 9?! rif n? "z /rr, 
T r#.g 3 n̂SgrDI Mim.'H' vcm 
I V. t 

h 
i, « /zoooo 

y Ml 
±1_2L 

-h. 

|F-mi, I-
= M, 

F . y \ 

A i 

' \/Vl'VuW\A/^v 

|FT̂ :)L 
= Mz 

^ : 

i f 

hh 
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Appendix F 

MEASUREMENT OF PISTON TO BORE CLEARANCE 

Capacitive transducers are usually used for the measurement of displace-

ment where linear calibration characteristics are desired. Such transducers 

were used in the first development of piston slap rig simulation. However, 

in the presence of lubricating oil, these transducers become unreliable. 

Also the measuring heads of these transducers are relatively large for 

installation in the skirt of a medium size piston. The recently developed 

inductive transducers are small in size and reliable in a wide range of 

environments. However they are non linear and calibration charts have to 

be prepared for each transducer. A pair of inductive Sangamo T4 proximity 

transducers were used throughout to measure the upper and lower displacements 

of the piston skirt. These were fitted in the skirt using special adaptors. 

The signals were then fed into an AE instrument comprising power supply 

module, oscillator and detector/filter modules (complete details of instru-

mentation and setting up procedure are given in ref. F.l). 

Calibration of T^ gauges used on the Vee piston slap rig simulation 

Before assembly in the piston, the gauges were calibrated using a 

precision anvil and thimble micrometer with a steel armature. Figures IF 

and 2F show the calibration curves obtained for these gauges. The figures 

also illustrate the sensitivity at three carrier frequencies set up under 

the same condition. It can be seen that the 100 kHz carrier frequency gives 

the best sensitivity and so curves 'A' were used throughout. Figure 3F shows 

movement compensation using the relevant calibration curves for a typical 

case. 

1 0 6 . 



Calibration of T4 gauges used on the running engine 

The gauges were firmly installed and cemented to the piston skirt 

using "Araldite". Because of the severe environment, the calibration of the 

gauges was checked frequently. 

A rig is shown in figure 4? which enabled this calibration to be carried 

out in situ. Figure 5F shows the average calibration curves obtained for 

the two proximity gauges installed in piston No. 1 (thrust side) in the 

running engine. 

The AET4 gauges used by AED in similar experiments were reported to 

show some change in calibration with operating temperatures (ref. 2.13). 

However, the manufe.cturers of the Sangamo T4 transducers (used in the present 

investigations) quote low sensitivity change with temperature (typically 

0.1% change of inductance per °C) - ref. F.2. 

References 

F.l Associated Engineering AET4 Instrumentation Manual. 

F.2 Sangamo Weston Controls Ltd. Inductive type transducer manual. 
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Range actually used since 
gauge was recessed at I x 10"^ 

-o 2.0 

mild steel ai-mature 
anvil and thimble micrometer used 
for calibration 
gauge on piston no.3 of piston 
s ao no 

carrier frequency 

100 KHZ 

50 KHZ 
125 KHZ 

Displacement in x^]0~3 
10 15 

F I G . I F CALIBRATION OF UPPER CLEARANCE AET 4 INDUCTIVE GAUGE 
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50 KHZ 
carrier 
frequency 

125 KHZ' 

•nlid steel armature 
anvil and thimble micrometer 
used for calibration 
gouge on piston no.3 of 
piston slap rig. 

range actually used 
since qauqe was recessed 
- 4 x 1 0 ^ in 

0 5 10 15 "20 

F I G . 2 F CALIBRATION OF LOVVER CLEARANCE AET4 INDUCTIVE GAUGE 

Displacement in x 10 
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measured proximity plots compensated proximity plots (real) 
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26 msec • 
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on exhaust 
side 

movempnt o.f piston 
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5 0 

impact speed 14 in / sec 

(in actual engine 18in / sec ) 

*26 msec 

• ~ msec 

F I G . 3 F PISTON MOVEMENT @ 16.7 HZslOOOrpm DRY CASE — PISTON SLAP RIG 



FIG. 4F RIG FOR CALIBRATING T4 GAUGES IN SITU 



upper clearance gouge recessed 
of ^ 2 X 10"^ in. /carr ier frequency 
- 100 KHZ/liner material armature 

Displacement in x 10 
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at-^3 X 10~3 in. /carr ier frequency 
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F I G . 5 F CALIBRATION CURVES OF THE TWO AET 4 PROXIMITY GAUGES INSTALLED 
IN PISTON 1 OF V 8 - 7 . 7 LITRE RUNNING ENGINE 'WITH LINKAGE" 



Appendix G 

HARMONIC MALYSIS 

For a multi degree of freedom system vibrating freely, it is common 

for vibrations of several different frequencies to exist simultaneously. 

Such vibrations result in a complex waveform which is repeated periodically. 

J. Fourier ( 1 7 6 8 - I 8 3 O ) showed that any periodic motion can be represented 

by a series of sines and cosines which are harmonically related by the 

following series: 

a 
x(t) = —^ + a^ cos oĵ t + Sg cos 2w^t + 

+ b^ sin w^t + bg sin 2w^t + (Ig) 

2IT 
where = ~ = fundamental frequency 

OR f(x) = ia -i- Y (a, cos kx + b, sin kx) 
o k k 

X{t) 

(2g) 

•X m ZV 

To determine the coefficients a^ and b^, equation (2g) is multiplied 

by cos kx and integrated over the period x (O - 2ir) 

Therefore 
2? 2ir 2T! 

I f(x) cos kx dx = a^ j" cos mx cos kx dx + b^ 

2TI 
F 

where 

ana 

2t\ f 

cos mx cos kx dx = 0 if m ^ k 

= IT if m = k 

sin mx cos kx dx - 0 for all m and k 

sin mx cos kx dx 

(3g) 

(kg) 

(5g) 

Therefore, for m = k (where m and k are integers) 
277 

cos kx dx (6g) 

1 0 8 . 



Therefore, 
217 

^ N 
f(x) cos kx dx (Tg) 

similarly, miiltiply equation (2g) "by sin kx and integrate from x = 0 to 

X = 2TT, 

2IR 
f 

Therefore, 

sin mx sin kx dx = 0 if m ^ k 

= IT if m = k 

2IR 

b, - — — 
k IT 

f(x) sin kx dx 

(8g) 

(9g) 

It may be seen that for k=0 

B^= 0 

and 2-n 

a 
O IT 

f(x)dx (lOg) 

o 

Therefore, in general terms, and for a period length T, equations 

(Tg) and (9g) may be written as follows. 

a. = 
K T / 2 

f(x) cos .̂ 2*5. ax 

o 

FT 

"k T/2 
f(x) sin ay 

(llg) 

(I2g) 

Returning to equation (ig) and examining the two terms of equations 

(llg) and (l2g) at one of the frequencies, kw^, their sum can be writtei 

as 

cos kw^t + b^ sin kw^t 

= A! * ( 

4? + 
cos kw^t + 

4 ^ * 

sin kw^t} 

c^ cos (kw^t - (fî) 
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where (l3g) 

and b 
tan (f> = — ' (llig) 

where = modulus of the harmonic 

^ = phase of the harmonic 

Thus Cĵ  and completely define the harmonic contribution of the 

periodic waveform. 

When c^ is plotted against frequency for all values of k, the result 

is a series of discrete lines at 2w^, etc. For presentation, an 

envelope passing through the peaks is usually drawn. Such a plot is called 

the Fourier spectrum of the waveform. 

Various digital computer programmes have been written to execute the 

Fourier analysis in the minimum of time (refs. G.l and G.2). At ISVR a 

relatively simple and time saving programme has been developed (ref. G.3). 

This programme employs the Simpson's Rule with a weighting function to 

evaluate the sine and cosine integrals of the repetitive function f(x). 

The programme was originally designed to Fourier analyse the cylinder pressure 

waveform. With slight modification to the hardware, it was used throughout 

for analysis of combustion force, piston sideways force, liner response and 

oil film, pressure waveforms for the running engine. 

The Saivtooth Waveform 

The sawtooth waveform is an example of a simple waveform that can be 

calculated mathematically rather than use a computer programme. Calculating 

the amplitude at the fundamental frequency and knowing that this type of 

waveform has a spectrum decaying at 20 dB/decade, the overall spectrum may 

be plotted. 
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>x 

Take a sawtooth waveform as shown: 

Since the waveform is skew-symmetrical 

about the values x = 0, x = £/2 and 

X = -£/2, the series expansion contains sine terms only (ref. G.4) and 

the following boundary conditions are satisfied, i.e. 

Therefore, 

F(X) = f(x) sin kx 

f(x) = fin - x) 

sin kx = - sin k(2 - x) 

F(X) = f(x) sin kx = f(& - x) sin k(& - x) = F(2 - x) 

Also, 

F(x)dx = 2 F(x)dx 

x=0 x=0 

(I5g) 

Hence, from equation (l2g) 

2/2 
o 

b. 
£/2 

f(x) sin dx 

-&/2 

A // ^ cos 2irkx,&/2 I 
& SIRK ' a 2TTK 

1/2 
2TR , J 

cos — kx dx> 

- i l / 2 

2 cos kfr 
^ I cos k . + 1 COS - k . ) = - — 

Therefore. 

b = r— if k is odd 
k kTT 

2 
:— if k is even 
kir 

In general 

( l6g) 

b, = ~ where A = 2 for the analysed sâ rtooth waveform 
k kir 

and 
a, = 0. k Therefore, c, = b, . 

k k 
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To calculate the sawtooth amplitude equivalent to noise level in dB 

(rms) the general relationship is used, i.e. 20 log ^ 
- R E F 

(rms) = ^ 
/2K7R 

Therefore, 

b (rins) dB = 20 log „ (l7g) 
ktr/g P _ 

ref 

where A = amplitude of waveform 

k = the harmonic number 

P „ = 2 X 10 ybar = reference S.P.L. 
rei 

Since A is usually measured in psi, then to convert to bars it must 

be divided by l4.7. 

Therefore', equation (iTg) becomes 

b- (in dB rms) = 20 log A x 10 (l8g) 
kTr/2 X 2 X 10 x lU.7 

which may be simplified to 

dB = l60 + 20 log^Q i^3k (I9g) 

Therefore, equation (l9g) may be used to calculate the Fourier spectrum 

for k = 1, 2, 3, ..., for any amplitude. Fig. IG presents the calculated 

Fourier spectra of sawtooth waveforms showing the effect of varying the 

amplitude and the fundamental frequency. 

For example, when k = 1 and A = 1000 psi, equation (l9g) gives the 

amplitude of.the spectrum as b^ - 217-6 dB at the fundamental frequency. 

That is, this value of amplitude may be shown at 8.33 Hz for engine speed 

of 1000 revs/min and at l6.7 Hz for engine speed of 2000 revs/min, and 

at 25 Hz for engine speed of 3000 revs/min. Similar relationships exist 

with varying amplitudes. 

112. 



REFERENCES 

G.l J.W. Cooley and J.W. Tuckey. 'An algorithm for the machine calculation 
of complex series". Mathematics of computation 19: 90 (April I965), 
p p . 2 9 7 - 3 0 1 . 

G.2 IEEE Trans, on Audio and Electroacoustics, Vol. AU-15, No. 2 (196T)« 
'Special Issue on Fast Fourier Transform'. 

G.3 D. Anderton. 'Spectrum Analysis of recorded pressure diagrams by 
digital method'. ISVR Report 196?• 

G.i+ R.G. Manley 'Waveform Analysis'. Chapman & Hall, London 1950. 

113. 



1000 (revs /min) 
2000 
3000 

fundamental frequency 

8.33 HZ 

16.7 HZ 

25 HZ 

/ 
o 

/ 

Frequency., HZ 

F I G . 1 G FOURIER SPECTRA OF SAWTOOTH V\/AVEFORMS SHOWING THE EFFECT OF VARYING THE AMPLITUDE A N D 
THE FUNDAMENTAL FREQUENCY 

10,00( 



Appendix H 

ESTIMATION OF ENGINE LINER RESPONSE D U E TO THE MAJOR PISTON 

IMPACT 

The impact of the piston against the engine liner can be represented 

schematically as shown in the sketch. At the 

instant of impact at A, this point acquires a 

velocity (v\). The beam or liner is then set 

in wave motion with relevant amplitudes at B, 

C, D and E. 

In such a system, the controlling factor 

determining the shape of R(t) is the ratio of: 

F( t ) 

R(t) 

duration of impulse 
2 period of the fundamental mode 

If this ratio is small, the distortion becomes large, indicating the 

advantage of isolating the liner from the engine block to reduce transmitted 

vibration. The shape and magnitude of this distortion, or liner vibration 

response due to the major impact, is estimated as follows for the V8 engine 

at 1000 rev/min no load: 

Assuming the following model to represent the piston-liner relationship 

at impact:-

F( t ) = F.e iwt 

PISTON 

M 

;. e 
X 

dt 

-iwt 

M 

-KXG + K ( X ^ 

K(X^ - X G ) 

-5- X, 

; LINER 

(Ih) 

(2h) 
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Put X = a_e Therefore x̂  = ê *̂ ^ 
1 1 1 1 

-iwt rni_ 2 -iwt 
X = a e Therefore x„ = -to a_e 
d d d , d 

Substituting in (ih) and (2h) 

-w^Mag =-'k.â  + K(a^ - a^) (3h) 

F. = K(a^ - ag) (4h) 

Rearranging (3h) and (4h) 

F. = Ka^ - Kag 

0 = a^(-K) + â C-Mo)̂  + k + K) 

Therefore, 

F^ = a (-K - Mo)̂  + k + K) 

k = F^/ag + Mo)̂  (5h) 

where 

ag = peak amplitude of piston oscillation 

F^ = peak amplitude of applied force 

M = mass of piston 

0) = exciting frequency 

k = stiffness between piston and liner at impact. 

Since the inertia force part (Mw^) is relatively small, equation (5h) 

becomes: 

F. 
k = — . (6h) 

AG 

The average value of k may be found from the applied force-proximity 

relationship obtained on the piston slap rig simulation. For this it is 

assumed that the applied force deforms the liner in the manner described by 

equation (6h). It was found that at a repetition frequency of l6.T Hz and 

applied force of 215 Ibf peak, the peak ajnplitude of piston movement = 
-k 

3 X 10 in. 
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Therefore, 

k = r- = 7.2 X 10^ Ibf/in = 8.6 X 10^ Ibf/ft. 
3 X 10" 

Figure l.K(a) shows a typical piston movement for the running V8 engine 

at 1000 revs/min no load. Using the relevant calibration curve, figure l.H 

(b) is obtained showing the actual piston movement (a^). The oscillatory 

part of this movement may be approximately regarded as the resultant liner 

deformation. Therefore, the resultant oscillatory liner response can be 

calculated as F_. = ka^ and plotted in Fig. l.H(c). Before TDC, the liner 

may be considered in relative smooth contact with the piston responding to 

the side force as shown in Fig. 2.H along ABC. At C (TDC) the piston leaves 

the minor thrust side and moves towards the major thrust side. During the 

period CD the other side of the liner does not see any force. However, at 

D, the piston has completed its movement across the piston to bore clearance 

with the application of a sudden force to the liner. The liner at this stage 

will respond to the piston sideways force with the oscillatory force super-

imposed on it. The resultant overall liner response due to piston movement 

around TDC, is shown in Figure 2.H. 

Actual records of liner response (strain measurements) were obtained 

from a diesel engine and these show close agreement with the above estimated 

trend of liner response. 

Analysis of liner response as an exciting source 

The resultant liner response may be regarded as an exciting source 

initiating cylinder block vibration. To quantify its exciting propensities, 

a frequency analysis should be obtained (Appendix G). 

Figure 3H compares the spectra of combustion and liner response for the 

V8 engine at 1000 revs/min no load. For realistic comparison both should be 

related to the same unit of pressure or force. Figure 3K shows three 

possible liner response spectra to compare with the combustion spectrum: 

LLD. 



1. Spectrum (a), where the area of contact between the piston and liner 

is small (= 1 in^). This case is very probable since the piston at impact 

tends to hit the liner at top or bottom of the'skirt with the rest of the 

piston in space. That is, the effective area may be very small indeed. 

2. Spectrum (b), where the area of contact at impact is considered as 

that subtended by an angle of 60°. This assumption is commonly adopted for 

the analysis of lubricating films between two cylindrical objects. In this 

case the area is approximately U in^, as shown in the following sketches: 

PISTO LINER 

fl-2r sin30«r2in. 

PISTOIN LINER 
/ 
/ 

^1625' 

3. Spectrum (c) represents the extreme case of referring the liner response 

to an area equivalent to that of the piston cross section (= l6.8 in^ in this 

case). 

It can be seen from Fig. 3H that the liner response in all three cases 

discussed, above predominates over the combustion force, especially in the 

frequency range from $00 Hz upwards. This indicates that the liner of a 

diesel engine can play a most important role in exciting the engine structure. 
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spectrum shift (dB) 
= 20 log ^ 

A l 
where A l = reference area 

A2: new area 

combustion 

liner response 
impoct area=1 in 2) 

12 dB 

24 5 dB 
Kner response 
(impact area&4in2) 

O 170 hner response 
(impact area « 16 8 f i2) 

& V 
35 dB decade 

, 2 0 dB /decade 

10,000 
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