Paper accepted for publication in International Journal of Rail Transportation, journal DOI:
10.1080/23248378.2022.2106599

The effect of rail shields on railway rolling noise

Xianying Zhang*! 2, David Thompson?, Jungsoo Ryue® Hongseok Jeong*, Giacomo
Squicciarini?
!College of Transportation Engineering, Tongji University, Shanghai, 201804, China

?Institute of Sound and Vibration Research, University of Southampton, Southampton SO17 1BJ, UK
3School of Naval Architecture and Ocean Engineering, University of Ulsan, Ulsan 44610, South Korea

“Korea Research Institute of Ships and Ocean Engineering, Daejeon 34103, South Korea

Email: xianyingzhang@tongji.edu.cn

Abstract

Rail shields have been developed recently which are fitted around the lower part of the rail and
are intended to reduce the noise radiated by the rail. Their effect on the sound radiation is
investigated theoretically by using a 2.5D finite element / boundary element approach including
the acoustic effects of the ground. The insertion loss due to the rail shields is predicted and
compared with available measured data and the most important features of the shields are
identified. The overall noise reduction when applied to railway track is determined by
combining the numerical results with estimates of rolling noise from the TWINS model. The
rail shields are effective in the middle frequency range, where the rail is the most important
noise source. The overall A-weighted sound level is reduced by 2-3 dB for a track with soft rail
pads, and 1-2 dB for a track with stiff pads.
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1. Introduction

The most important source of environmental noise from railways at conventional speeds is
rolling noise. This is produced by the vibration of the track and wheels, which is induced by
their combined surface roughness at the wheel/rail contact [1]. The relative importance of the
wheel and track radiation depends on the details of their design, the roughness spectrum and
the train speed [1]. Nonetheless, the component of noise radiated by the rail is often the highest,
and dominates the important mid-frequency region between 400 and 2000 Hz.

Trackside barriers are commonly used to reduce the environmental noise from railways.
However, these are expensive and also visually intrusive and may therefore be opposed by local
communities. Beier et al. [2] showed that low noise barriers close to the track may reduce noise
by up to 7 dB, but this depends on the height of the barrier, the distance to the noise source and
the location of the receiver point.



Control of noise at source is often a more cost-effective and attractive alternative. Various
techniques to control rolling noise have been trialled in recent years, as summarised for
example in [2, 3, 4]. Focussing on the track noise radiation, a number of designs of rail damper
have been developed [5, 6, 7]. They reduce the noise from the rail by increasing the track decay
rate to reduce the average vibration of the rail. An overall noise reduction of up to 4 dB(A) was
obtained in field tests presented in [8]. In other situations, depending on the rail pad stiffness,
the noise reduction is found to be between 1 and 3 dB(A) [2, 4].

As an alternative, a rail shield has been proposed which covers the rail web in an attempt to
block its sound radiation [9]. This consists of a thin metal plate surrounding the rail web and
foot. A constrained layer damping treatment is applied to the plate and absorptive material is
included inside the shield. The mechanism of noise reduction is different from a rail damper
as, unlike rail dampers, these shields do not influence the track decay rate significantly but
instead reduce the radiated sound due to a given vibration level [9]; measured noise reductions
of 2to 4 dB were obtained on a ballasted track in Austria. Field tests in Germany have identified
a noise reduction of up to 3 dB(A), dependent on the type of train [2]. Further information on
these rail shields was given in [10] including the installation procedure. Measurements in situ
in Switzerland showed that a reduction in the pass-by noise level in the range of 1-4 dB could
be achieved. Its greatest effect occurred when the contribution of the rail dominated the rolling
noise.

To characterize the effect on the sound radiation of this kind of rail shield, Dittrich et al. [11]
performed measurements on a dedicated test track by exciting the rail using hammer excitation
in the lateral and vertical directions; reciprocal measurements were also carried out using
acoustic excitation. The shields were found to be most effective for the lateral excitation of the
rail [11].

The vibration of railway track has been widely studied [1]. It consists predominantly of waves
in the rail [12], which propagate at frequencies above their cut-on frequency; this frequency is
determined by the resonance of the rail mass on the rail pad stiffness. At low frequencies
vertical and lateral bending and torsional waves propagate; above 1 kHz higher order waves
also cut on which contain cross-sectional deformation [13, 14].

To understand the generation of rolling noise, theoretical models have been developed. The
TWINS model [15] has become established as a state-of-the-art engineering model, and has
been validated against extensive field measurements [16, 17]. More recently, Zhang et al. [18]
studied the effect of the acoustic boundary conditions of the rail on its sound radiation using a
2D boundary element approach. The model in [15] was based on the assumption that the rail
can be considered to radiate into a free field, the results from which take the form of a line
dipole. Zhang et al. [18] showed that a rail attached to a rigid ground radiates like a line
monopole, which gives increased sound power at low frequency, whereas a rail located at a
small distance above the ground (reflective or absorptive) radiates like a line quadrupole. These
conclusions were validated against laboratory measurements on a 1:5 scale rail. An appropriate
combination of these conditions has been shown to give a good approximation to the 3D
behaviour of a rail installed in the track [19]. An improved model for the sleeper radiation was



also presented in [20] which takes account of the acoustic interaction between multiple sleepers.
The properties of ballast as an absorptive medium were discussed in [21].

An alternative approach to predict the rail radiation is to use the waveguide finite element and
boundary element (WFE/BE) methods, also known as 2.5D methods [22]. Nilsson et al. [23]
studied the sound radiation from a rail using this approach and compared the behaviour of an
‘open’ rail in free field with an embedded rail. Ryue et al. [24] included the ground in this
approach and Sun et al. [25] studied embedded rails in more detail. As the radiating length of
the rail is of the order of tens of metres, the 2.5D approach is much more efficient than a full
3D FE/BE approach, e.g. [26].

In practice, railway tracks have discrete supports, which can introduce effects such as the
pinned-pinned resonances [1]. The most important pinned-pinned resonance occurs typically
around 1 kHz for the vertical direction, and higher order pinned-pinned modes also occur.
There can be large variations in the vertical point mobility of the track around the pinned-
pinned frequencies, especially for stiffer rail pads [1, 27, 28]. There are also similar pinned-
pinned phenomena in the lateral direction, although their effect is much less pronounced.

In [29], discrete supports were introduced into a 2.5D model of the rail by coupling it to discrete
sleepers using a receptance coupling technique. Theyssen et al. [30] used a similar technique
to model the vibration of a slab track and also predicted the sound radiation using a 2.5D
boundary element model.

Despite the potentially large variations in point mobility, the average noise during a train pass-
by is affected to a much smaller extent by the presence of discrete supports. In Section 3.4.1 of
[1], the differences between continuous and discrete supports are shown in terms of the rail
vibration, averaged over a length of +20 m and averaged over 12 force positions within a
sleeper span. This quantity is directly correlated with the noise radiated by the rail. Differences
between continuous and discretely supported models were restricted to a narrow frequency
region in the vicinity of 1 kHz where the difference in one-third octave bands was at most 1.4
dB. The TWINS model for rolling noise is usually based on a track vibration model with an
equivalent continuous support, but despite this limitation, extensive validation of the TWINS
model [15, 16, 17] has shown that good agreement is obtained with measurements of noise.

The aim of this paper is to study the mechanisms of the sound reduction obtained with a rail
shield, by making use of the 2.5D FE/BE method. Although the analysis is based roughly on
the design concept presented in [9], it is not the intention to represent the behaviour of a
particular product in detail, but rather to study the generic behaviour of such a shield. A
preliminary study has been presented in [31] but this did not take account of the proximity of
the ground. The present work therefore extends this study to include the effects of the ground
and to investigate the dependence on various parameters describing the shields.

Section 2 briefly summarises the WFE/BE methods used in this paper. The sound radiation
from arail, including the ground effects, is presented in Section 3 using the WFE/BE methods.
The sound radiation in the presence of a rail shield is presented in Section 4 and the results are
compared with measured data from [11]. The dependence on various parameters is studied in
Section 5 to investigate the main reasons for the noise reduction. In Section 6, the predicted
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noise reductions achieved by the rail shields are combined with rolling noise estimates obtained
using TWINS for two typical railway tracks and two different wheel designs. Section 7 finally
summarises the conclusions.

2. Waveguide finite element and boundary element method

The waveguide finite element and boundary element (WFE/BE) approaches used in this study
have been described in detail in [18, 19, 23]. For clarity they are briefly summarised here. For
the analysis in this paper, a software program WANDS is used [22].

A structure which is invariant in one direction, here denoted the x-direction, and has an arbitrary
cross-section in the (y, z) plane, can be discretised in a conventional way using finite elements
in this plane. For the WFE analysis, the partial differential equation of the structure is given by
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where Kz, K1 and Ko are stiffness matrices and M is the mass matrix of the cross-section; U(x, t)
is the vector of displacements of FE node points on the cross-section and F is the corresponding
external force vector. If plate or beam elements are employed, a fourth order differential term
Ka0*/0x* is added at the left-hand side of Equation (1). Since the structure remains invariant in
the x direction, all the matrices in the equation are independent of x. By assuming a harmonic
dependence with respect to time with frequency o and with respect to the x coordinate with
wavenumber ky, the displacement vector can be written as U(x, t) = Ue'(@t=x¥)_ Equation (1)
then becomes

Ky (—ik,)? + K4 (—ik,) + Ko — 0?’M]U = F 2)
where U and F contain the displacement amplitudes of the nodes and the corresponding
amplitudes of the external forces in the wavenumber domain.

In addition, acoustic waveguide finite elements can be used for modelling interior spaces.
These are included in the formulation in Equation (2). To represent porous materials, a poro-
elastic finite element model [32, 33] has been introduced into the WANDS software based on
Biot’s poro-elasticity equations [34]. This can be coupled with both the solid and fluid finite
element domains.

When the exterior of the waveguide structure is coupled with a fluid domain, waveguide
boundary elements can be introduced to the periphery of the structure to model the external
fluid. For a given frequency @ and wavenumber Ky, the governing equation for the external
fluid is written as

H(k)F — G(kn) 2 = 0 3)
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where H and G are matrices of acoustic Green’s functions; {f and a—'j: are vectors of the velocity

potential and the normal velocity at the nodes of the boundary elements and n is the unit normal
vector of the WBEs, pointing out of the acoustic domain. For exterior problems in the boundary



element method, ‘CHIEF’ points are used to overcome the non-uniqueness problem associated
with resonances of the corresponding interior problems [35].

The wavenumber ki in the (y, z) plane in Equation (3) is given by

kn = k& — ki (4)

where ka = @/Co is the acoustic wavenumber and co is the acoustic wave speed. If k, >k, , kn

is a real value and the structure can radiate sound into the far field, whereas if k, <k, , kn is
imaginary and the solution will consist of a near field radiating no sound power to the far field.

For the coupling between WFE and WBE, the pressure from the fluid is applied as an additional
load to the structure; the coupled WFE equation is then written as

[Ka(—iky)? + Ky (—iky) + Ko — w*M]U — iwp,C, P = F ®)

where C1 denotes a coupling matrix associating the coupled degrees of freedom (dofs) between
the WFE and WBE and o is the fluid density. The velocity continuity condition at the interface
between the WFE and WBE is written as

o . =
I, 2% = iwpC,U 6)

where I and C; are matrices allocating coupled dofs in 3—1’ and U, respectively. For the WBE

uncoupled with WFE, boundary conditions need to be specified. The boundary condition for
each uncoupled node point in WBE can be defined in the wavenumber domain as

Cop + Gy, = C (7)

where p and 7, denote the sound pressure and the fluid particle velocity in the normal direction
[36]. For example, the WBE nodes having a locally reactive impedance (z,) condition can be
specified by giving

Ca=1,Ch=-2,Cc=0 (®)
The sound pressure and normal velocity are obtained from the velocity potential by
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Equation (7) can be written in matrix form as
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Combining Equations (5-7) and (10), the governing equation of the coupled WFE/WBE system
is expressed as

K—w?M —iwp,C; 0 0] F
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where K = K, (—ik,)? + K, (—ik,) + Kq. The coupled structural and acoustic response can be
obtained by solving this equation.

The sound power radiated from the structure can be determined by integrating over the
wavenumber domain

W= Re ([ [ 7" ()P e)dr i) (12)

where * denotes the complex conjugate and T is the perimeter of the cross-section in contact
with the fluid. Since sound power can only be radiated from the structure when |kx | <k,
the integration with respect to ky in Equation (12) is limited to —k, < k, < k,.

3. The sound radiation from a rail in proximity with the ground

The sound radiation of a rail of type CEN 60E2 in close proximity to the ground is first
investigated here as a reference case. This is modelled in the 2.5D finite element / boundary
element software WANDS [22] using a similar modelling approach to that described in [23,
24]. The mesh used for the rail cross-section is shown in Figure 1(a) and the material properties
used are listed in Table 1. In the structural model the rail is supported on a single layer of
elements representing the rail pad (shaded in the figure). This is assigned orthotropic material
properties to ensure that the pad stiffnesses in vertical and lateral directions correspond to those
listed in Table 1. Both soft pads and stiff pads will be studied. In the structural model an
equivalent continuous support is used; the stiffnesses per unit length are those given in Table
1 divided by the nominal fastener spacing of 0.6 m.

As discussed in the introduction, extensive experimental validation of rolling noise predictions
[15, 16, 17] has shown that, despite adoption of a continuous support in the model, good
agreement is obtained with measurements of noise. In the current study these discrete support
effects on the vibration are therefore neglected, in common with the approach usually adopted
in the TWINS model [15, 16]. This omission is expected to have minimal effect on the results,
especially where these are shown in terms of the insertion loss of the rail shields.

Three different sets of acoustic boundary conditions are considered for the sound radiation
calculations. The first is a free rail, in which acoustic boundary elements are located on the
perimeter of the rail, including the bottom of the rail foot, thus neglecting the rail pad in the
acoustic model (although it is included in the vibration part of the model); these elements are
shown in red in Figure 1(a). Second, to represent the region of the rail above the sleepers, the
rail is considered attached to the sleeper, as shown in Figure 1(b). Here a symmetry plane is
used for the ground and the boundary elements do not enclose the rail foot. Third, to represent
the region between sleepers, the rail is located above a partially absorptive ground plane
representing the ballast, see Figure 1(c), where the distance between the rail foot and the ground
surface is assumed to be 50 mm. The boundary elements enclose the rail as in the first model,
additionally, a box is introduced to represent the ground with an impedance boundary condition
on its upper surface [18]. The box dimensions used are the same as those in [18], and the box
height is 0.5 m.
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Figure 1 Mesh of the cross-section of a rail including the ground. (a) Free rail; (b) Rail attached to
a ground; (c) Rail above a ground. Grey shaded region represents the rail pad (not included in the
boundary element model). Thick red lines represent acoustic boundary elements.

Table 1 Parameters used for the 2.5D rail model

Rail

Young’s modulus 2.1x10 N/m?
Poisson’s ratio 0.3
Density 7850 kg/m?®
Damping loss factor 0.02

Rail pad Vertical Lateral
Stiffness (soft pad) 150 MN/m 25 MN/m
Stiffness (stiff pad) 800 MN/m 66 MN/m
Damping loss factor 0.2 0.2

To account for rail cross-section deformation, which could be important for the behaviour of a
rail shield, a unit force is applied to the rail head: this is located at the centre in the vertical
direction or at the middle of the side in the lateral direction, as shown in Figure 1(a). The results
are calculated for the frequency range from 40 to 6300 Hz, with a logarithmic spacing and 50
points per decade. This model does not include the vibration of the sleepers which would
modify the vertical response below about 300 Hz [1].

The sound power radiated by the rail is calculated for a unit force, as described above. This
result is then normalised by half the squared point mobility. This represents the sound power
for a unit mean-square velocity at the excitation point [23].

The results with the soft pad for the three cases indicated in Figure 1 are shown in Figure 2 for
each direction. For the vertical excitation of the rail, the differences due to the acoustic
boundary conditions are greatest below 400 Hz [18] whereas for the lateral direction the ground
has a smaller effect. These results are used as the reference for the subsequent calculations of
the effect of rail shielding in the following sections. The results from the rail attached to a rigid
ground and above an absorptive ground can be combined following the method proposed in



[19]. This simulates the periodic conditions of the rail attached to sleepers and above absorptive
ground between them.
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Figure 2 Sound power from the rail with different acoustic boundary conditions. (a) Vertical
excitation; (b) Lateral excitation

4. The sound radiation from a rail with acoustic shields

To model the rail shield mounted on the rail, the same three acoustic boundary conditions are
used, as described above for the unshielded rail. The effect of the shields on the sound radiation
is explored in this section.

4.1 Modelling a rail fitted with acoustic shields

The sound radiation of the CEN 60EZ2 rail fitted with shields is calculated by using the same
2.5D FE/BE approach. The geometry of this shield is determined by the following constraints:
the top of the shield is 30 mm below the outer corner of the rail head and at the base it is 10
mm away from the rail foot in the lateral direction (also 10 mm below the bottom of the rail
foot). The plate is assumed to be steel with a thickness of 1 mm, which gives it a mass that is
consistent with that cited in [11]. Its damping loss factor is chosen to be 0.5 which is indicative
of a highly damped plate. The sensitivity of the results to these assumptions will be examined
in Section 5.

In a practical installation some porous absorbing material may be included inside the shield
[11]. To simulate this effect, a region of poro-elastic finite elements has been included in the
model, and the corresponding mesh is shown in Figure 3. In Figure 3(a) the rail with shields is
located above the ballast, whereas in Figure 3(b) it is directly above the sleeper surface, where
the bottom of the shield is neither connected to the ground in the vibration model nor connected
to the air in the acoustic model.

The model in Figure 3 is a fully coupled FE/BE model, in which the vibration of the rail and
the shield are coupled with the acoustic fluid inside and outside the shield and within the poro-



elastic medium. The model therefore takes full account of the sound radiation from vibration
of the shield as well as the rail.

In the model, the rail vibration is again calculated when it is continuously supported on a layer
of elements representing the rail pads; rail and rail pads are modelled using solid finite elements
as before. The rail pads are not shown in Figure 3 but are superimposed on the porous material
beneath the rail foot. The shield is modelled by using a continuous plate reaching from the rail
web to the underside of the foot. Its upper edge is mechanically coupled to the rail web in
translation (vertically and laterally) but is allowed to rotate freely at the connection point. The
air inside the shield is represented by using acoustic finite elements. The maximum element
size in the fluid region is 2 cm which gives five node points per acoustic wavelength at the
maximum frequency. The shaded elements shown correspond to the poro-elastic material. This
extends beneath the rail foot as well as being located on the sides of the shield. It is dynamically
coupled to both the rail foot and the shield, and is assumed to co-exist with the rail pad. The
properties used for this porous material correspond to a typical melamine foam [32] and are
listed in Table 2.

For the case above the sleeper surface, gaps are required in the shields around the rail fasteners.
Although these discrete gaps at each sleeper cannot be modelled directly using a 2.5D
approach, an estimate of their effect is obtained by introducing an equivalent continuous gap
into the shield with a similar area per sleeper bay as may be found in practice. The
corresponding mesh with the gap in the shield is shown in Figure 3(b), where the fluid domain
on the inside is coupled directly to the exterior boundary element domain over a length of 17
mm on each side, as indicated by the asterisks. The plate elements still exist in this region to
provide a connection between upper and lower shield regions but they are not connected to the
fluid.

Figure 3 Mesh of rail cross-section with shield including porous absorbing material (elements with
dark shaded area). (a) rail with shields above the ground (without gaps); (b) rail with shields
attached to the sleeper/ground (with gaps indicated by asterisks).

Table 2 Parameters used for the acoustic shields



Shield
Young’s modulus 2.1x10% N/m?
Poisson’s ratio 0.3
Density 7850 kg/m?®
Damping loss factor 0.5
Thickness 1 mm
Air
Sound speed 343 m/s
Density 1.21 kg/m?®
Damping loss factor 0.001
Porous material
Porosity 0.97
Flow resistivity 11000 Pa.s/m?
Tortuosity 1.06
Viscous characteristic length 100 pm
Thermal characteristic length 200 pm
Young’s modulus 1.22x10° N/m?
Poisson’s ratio 0.42
Density 11 kg/m?®
Damping loss factor 0.15

4.2 Calculation results
Before the analysis of the sound radiation from the rail with shields, the decay rate of the track
with and without shields has been determined for both vertical and lateral excitation by using
the procedure in EN 15461 [37]. The track decay rate is shown in Figure 4 for the track with
soft pads. As expected from [9], the shield does not modify the track decay rate due to its low
mass and stiffness compared with the rail. The point mobilities, not shown, are also unaffected
by the presence of the shields.
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Figure 4 Comparison of the track decay rate. (a) Vertical excitation; (b) Lateral excitation
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Examples of the deflected shape of the rail are shown in Figures 5 and 6. Figure 5 shows the
rail deflected shapes in the main vertical bending wave, with and without the shield, at four
example frequencies, whereas Figure 6 shows the corresponding results for lateral excitation
of the rail. As can be seen, the rail vibration changes little due to the addition of the shields.

Although the vibration of the shield can be relatively large at some frequencies, e.g. at 1 kHz
in the lateral direction, the wavelength is quite short which will mean that the radiation from
the shield can be expected to be inefficient.

=]
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Figure 5 Examples of rail deflected shapes (exaggerated amplitude) for vertical excitation of
the rail head. Left: rail without shield: (a) 250 Hz; (b) 500 Hz; (c) 1000 Hz; (d) 2000 Hz.
Right: rail with shields fitted: (e) 250 Hz; (f) 500 Hz; (g) 1000 Hz; (h) 2000 Hz.
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Figure 6 Examples of rail deflected shapes (exaggerated amplitude) for lateral excitation of

the rail head. Left: rail without shield: (a) 250 Hz; (b) 500 Hz; (c) 1000 Hz; (d) 2000 Hz.
Right: rail with shields fitted: (e) 250 Hz; (f) 500 Hz; (g) 1000 Hz; (h) 2000 Hz.

The sound power radiated by the rail fitted with the shields is calculated in the same way as for
the bare rail in Section 3. Results are presented in Figure 7 in one-third octave bands for
excitation in the vertical and lateral directions. The result in each band is calculated as the
average over five frequencies within the band. These results are shown for the rail (with shields)
in free space, attached to a rigid ground and above an absorptive ground.

To show the effect of the shields more clearly, the corresponding insertion loss for the various
conditions is presented in Figure 8. The insertion loss is the level difference between the sound
power in a given frequency band without the rail shield and with it installed. This difference is
independent of the amplitude of the rail vibration (which, as has been seen, is unaffected by
the presence of the shields). In these graphs a positive result indicates the noise is attenuated
by the shields. For both excitation directions, the rail shields increase the noise at low frequency
(negative insertion loss) due to the vibration of the shields, whereas the noise is attenuated at
higher frequencies. Again, the results from the rail attached to a rigid ground and above an
absorptive ground can be combined following the method proposed in [19]. The resulting
insertion losses are also shown in Figure 8.

For the vertical direction, Figure 8(a), the rail shields lead to an increase in noise at low
frequency, and a reduction in noise above 300-400 Hz. The combined results in the presence
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of the ground follow similar trends to those for the rail in free space but the insertion loss is
reduced above 1 kHz. Above 500 Hz the insertion loss for the combined results in the presence
of the ground is between 4 dB and 11 dB.

For the lateral excitation, Figure 8(b), the insertion loss results are similar for each set of
boundary conditions. The shield system has little influence on the sound radiation of the rail
below 250 Hz, but above this frequency it again gives significant reductions. The insertion loss
for the combined results in the presence of the ground is between 6 dB and 13 dB above 315
Hz.

Figure 9 compares the insertion loss obtained using the stiff pad with that for the soft pad.
These are the combined results in the presence of the ground. For both vertical and lateral
directions, the results are very similar for the two stiffnesses of rail pad, although for the vertical
direction the insertion loss is 1-2 dB lower for the stiff pad over much of the frequency range.
However, it should be emphasised that these results only describe the effect on the rail noise
component. The noise radiation from the sleepers and wheels will be unaffected by the rail
shields and their contribution will be considered in Section 6.
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Figure 7 Sound power for a unit mean-square velocity at the excitation point, for the rail fitted with
shields. (a) Vertical excitation; (b) Lateral excitation
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Figure 9 Comparison of insertion losses for the rail shields with soft and stiff rail pads. (a) Vertical
excitation; (b) Lateral excitation

4.3 Comparison with measurements

The overall insertion loss results from Figure 9 are compared with the corresponding in-situ
measurement data from Dittrich et al. [11] in Figure 10. The measurement data were obtained
on a 10 m test track fitted with concrete sleepers by using artificial excitation. The rail shields
were installed on one rail of this test track. Two measurement methods were used to obtain
vibro-acoustic transfer functions: direct excitation using an impact hammer and a reciprocal
method using loudspeaker excitation. For the direct method, the rail was excited with an impact
hammer at its centre and the sound pressure was measured at 7.5 m from the track centre at
five locations parallel to the track. The average squared pressure spectrum was normalised by
the squared excitation force spectrum. The insertion loss was calculated from the change in this
ratio due to the introduction of the shields. Similarly, for the reciprocal method, an
omnidirectional sound source of known source strength was located at 7.5 m from the track
centre and the track acceleration was measured. Again, the results were expressed as an
insertion loss. Results were presented in octave bands from 125 Hz to 4000 Hz. At low
frequencies, the measurement results for the vertical direction are close to 0 dB due to the
influence of the noise from the sleepers, not accounted for in the model. At higher frequencies,
for both vertical and lateral excitation, the predictions are higher than the measurement results.
This may be associated with differences between the parameters assumed for the shields and
porous material and those that apply to the practical installation measured in [11]. The
sensitivity of the results to the various assumptions is discussed in Section 5.
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Figure 10 Insertion loss due to shields for rail on soft rail pads. (a) Vertical excitation; (b) Lateral
excitation

5. Parameter study

The rail shield operates by restricting the sound radiation from part of the rail. At the same
time, due to mechanical and acoustic coupling with the rail, the shield is caused to vibrate and
will itself radiate sound. To investigate the importance of these various mechanisms, the
sensitivity of the sound radiation of the rail with shields to various parameter changes is
investigated in this section.

5.1 Rigid shield
First, an ideal case of a rigid shield is considered. To model this, the shields are assumed not
to vibrate. There is no air or porous material inside the shields; only the acoustic boundary
elements on the outer surface are used to model the shield. The rail is vibrating as before.

Results are shown in Figure 11 for the various acoustic boundary conditions in the form of
insertion losses relative to the corresponding case for the untreated rail. For the lateral
excitation the results are largely independent of the boundary conditions. An insertion loss of
around 6 dB is obtained at low frequency due to the reduced area of rail that is radiating. The
insertion loss reduces to 0 dB around 1 kHz but above 2 kHz it is more than 5 dB.

For the vertical excitation there is a greater influence of the boundary conditions, especially at
low frequency. Although the radiating area is reduced, the shield prevents interference from
occurring between the rail head and foot, leading to an increase in the noise for the rail above
the absorptive ground, which had the lowest sound power in Figure 2. However, the combined
result in the presence of the ground has an insertion loss of around 10 dB at frequencies below
800 Hz. Above 1 kHz the insertion loss for the rail in free space is around 5-8 dB whereas
including the effect of the ground it is several dB lower.
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Figure 11 Insertion loss of a rigid shield for different acoustic boundary conditions. (a) Vertical
excitation; (b) Lateral excitation

16



5.2 Shield with no mechanical coupling
Next, a case is considered in which there is no mechanical coupling between the rail and the
shield. The shield is allowed to vibrate but only under the influence of the acoustic loading
from the internal fluid. The same mesh is used, as shown in Figure 3.

The insertion loss for this case is presented in Figure 12 and compared with those for the
original shield and the rigid shield. This and subsequent results correspond to the combined
effect of including the ground. Removing the mechanical coupling generally has adverse
effects on the insertion loss compared with the original shield in the whole frequency range
and for both directions. The results closely follow those for the rigid shield above 630 Hz for
the vertical direction and above 200 Hz for the lateral direction. This indicates that there is
some benefit in allowing the shield to vibrate with the rail.
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Figure 12 Insertion loss of a shield with no mechanical coupling, compared with original
parameters and rigid shield. (a) Vertical excitation; (b) Lateral excitation

5.3 Effect of damping
The effect of the damping treatment applied to the shield is considered by changing the loss
factor from the initial value of 0.5 to a lower value of 0.1. The results are shown in Figure 13
for both directions of excitation. The insertion loss follows a similar trend to that for the original
parameters, but the benefit of the shield is reduced by around 2 dB for vertical excitation and
up to 6 dB for lateral excitation. Thus, with lower damping the shield vibration can be amplified
leading to increased noise.
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Figure 13 Insertion loss of a shield with reduced damping, compared with original parameters and
rigid shield. (a) Vertical excitation; (b) Lateral excitation

5.4 Effect of plate thickness and material
The influence of increasing the thickness of the shield plate from 1 to 2 mm on the insertion
loss is shown in Figure 14. For the vertical excitation, the insertion loss is increased by 1-2 dB
in most of the frequency range except at around 160 Hz and 250 Hz. For the lateral excitation,
the insertion loss is increased below 250 Hz and between 500 Hz and 2000 Hz. The increase
of the thickness leads to a reduction in the vibration of the rail shields.

Figure 15 shows the effect of replacing the steel material of the shield by aluminium with a
thickness of 1 mm. The insertion loss follows the same trend as the original shield but it is
reduced across most of the frequency range. This is caused by an increase in the vibration of
the plate compared with the steel one for both vertical and lateral rail vibration, as well as an
increase in the sound transmission through the shield.

5.5 Porous material

Finally, Figure 16 presents the effect on the insertion loss of the removal of the porous material.
This leads to an increase in the radiation below 250 Hz and above 1600 Hz for vertical
excitation, and at all frequencies for lateral excitation, particularly below 1 kHz. The removal
of the porous material leads to an increase in the noise level inside the shields and therefore a
lower insertion loss is obtained than that of the original shield. The sound pressure level inside
the shield is found to increase by an average of 2-3 dB above 250 Hz for both vertical and
lateral directions without the absorptive material.

Overall, therefore, it can be seen that the original parameters selected for the shield mostly give
the best performance at higher frequencies. An improvement is possible by using a thicker plate
but the effect is relatively small.
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Figure 14 Insertion loss of a shield with increased thickness, compared with original parameters
and rigid shield. (a) Vertical excitation; (b) Lateral excitation
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Figure 16 Insertion loss of a shield with no porous material, compared with original parameters and
rigid shield. (a) Vertical excitation; (b) Lateral excitation

6. Effects of rail shields on the sound radiation from the track

To assess the effect of the rail shields on train pass-by noise, the TWINS model [15] is used to
predict the sound radiated by the wheels, rails (from vertical and lateral vibration) and sleepers.
Two different nominal train types [31], a freight train, and a high-speed train, are selected and
tracks with the same soft and stiff rail pads as in the former sections have been used. The
properties of the trains are listed in Table 3 and the properties used to model the track are listed
in Table 4. To give an indication of overall noise reductions, typical measured roughness
spectra are used in the predictions. These are shown and compared with the 1ISO 3095 limit
spectrum [38] in Figure 17. These are combined roughness spectra based on the rail roughness
measured on a high-speed ballasted track from [39] and typical wheel roughness spectra for
wheels with K-block brakes and disc brakes [40].

Table 3 Train type used in TWINS models for assessment of rail shields

Train

High speed train

Freight train

Wheel model

TGV

BA308
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Radius (mm) 455 461
Wheel load (kN) 50 100
Vehicle length (m) 26 20
Number of wheelsets per vehicle 4 4
Roughness Disc K-block
Speed (km/h) 250 100

Table 4 Track properties used in the TWINS models for assessment of rail shields

Vertical Lateral
Rail Bending stiffness 6.42 MNm? 1.07 MNm?
Damping loss factor 0.02 0.02
Shear factor 0.4 0.4
Mass per unit length 60 kg/m
Cross receptance factor -7dB
Pad Stiffness (soft pad) 150 MN/m 25 MN/m
Stiffness (stiff pad) 800 MN/m 66 MN/m
Damping loss factor 0.2 0.2
Sleeper | Mass (half sleeper)* 150 kg
Spacing 0.6m
Ballast | Stiffness** 105 MN/m 35 MN/m
Damping loss factor 1.0 2.0

*: flexible sleeper model is used for the vertical direction
**: frequency dependent stiffness is used for vertical direction
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Roughness level, dB re 1 um
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1/3 octave band centre wavelength, m

Figure 17 Combined roughness used for the two types of the train

The results are expressed as the sound power for one wheel and the corresponding track
vibration and are shown in one-third octave bands. The sound power of the different
components for the two types of train are presented in Figure 18 for the track with soft rail
pads. The sleeper is the main source of noise below 160 Hz, the rail is the most significant
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source in mid frequency range, whereas the wheel contributes the highest sound power at high
frequencies.
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Figure 18 Sound power of the different components for the two train types. (2) Freight train; (b)
High-speed train

To predict the noise level with the rail shields, the insertion losses due to the rail shield are
applied to the vertical and lateral components of the rail radiation. The wheel and sleeper
components are assumed to be unaffected and the new total noise spectrum is calculated by
summing the contributions. By comparing this with the total results in Figure 18, the overall
insertion loss of the rail shields is obtained. These results are shown in Figure 19 for both soft
and stiff rail pads. The insertion loss is around 0 dB below 315 Hz, where the sleeper is the
dominant noise source, and above 2500 Hz, where the wheel dominates the noise. In the mid
frequency region where the rail noise dominates, the insertion loss for the track with soft pads
is larger than that for the track with stiff pads. The noise reduction is no more than 5 dB at any
frequency for the track with stiff pads whereas it rises to a peak of 6-8 dB for the track with
soft pads.

From the sound power spectra with and without shields, it is found that the overall A-weighted
rolling noise for the freight train is reduced by 3.1 dB(A) for the track with soft rail pads and
1.7 dB(A) for the track with stiff pads. For the high-speed train the corresponding overall noise
reductions are 1.7 dB(A) and 0.9 dB(A), which are smaller due to the greater contribution of
the wheel noise at high frequency.

The results from the different parameter variations considered in Section 5 are shown in the
form of the overall insertion loss spectrum in Figure 20 for the track with soft rail pads.
Generally, again, the rail shields have limited effect below 200 Hz, where the sleeper is the
dominant noise source, and negligible reduction at high frequencies (above 2.5 kHz) where the
wheel is the most significant noise source.

Each parameter change relative to the original parameters leads to a loss of performance apart
from the increased thickness. A reduction in loss factor can have a considerable detrimental
effect on the performance especially at around 200 Hz. Changing the material from steel to
aluminium, the noise reduction is less than the original shield parameters, especially between
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400 Hz and 800 Hz. If the mechanical coupling is suppressed, the track radiation is reduced at
around 250 Hz, but there is about 3 dB more noise than with the original shield parameters
between 800 Hz and 1250 Hz. The removal of the porous material causes more noise from the
track below 400 Hz for the two train types, and up to 1 dB more noise across all frequencies
up to 2 kHz. An increase in the shield thickness, however, has a positive effect on the noise
reduction below 2 kHz. The overall noise reduction is around 0.2 dB(A) better than that from
the original shield parameters.
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Figure 19 Insertion loss of the total rolling noise for the tracks with soft pad and stiff pad by using
the original rail shield parameters. (a) Freight train; (b) High-speed train
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Figure 20 Overall insertion loss of rolling noise for the two train types by using the rail shields with
different sets of parameters. (a) Freight train; (b) High-speed train

7. Conclusions

The effect of rail shields on railway rolling noise is investigated by a combination of the
TWINS software and numerical predictions. The sound radiation of a rail fitted with an acoustic
shield including a layer of porous material is studied numerically by using a 2.5D finite element
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and boundary element approach. The shield is shown to have no effect on the track decay rate
but modifies the acoustic radiation of the rail. The acoustic effects of the proximity of the
sleepers and the ballast are also considered. The rail shields increase the noise at low frequency,
but they reduce the noise at high frequency. The stiffness of the rail pad has only a small effect
on the insertion loss caused by the rail shield.

The sensitivity of the results to various parameters describing the shield is investigated. The
mechanical coupling between the rail and rail shield is shown to be beneficial for the insertion
loss. The application of a damping treatment to the shield is also beneficial. The inclusion of
the porous material within the shield can increase the insertion loss, especially for the lateral
excitation.

The effect of the rail shields with these different parameters on overall rolling noise has also
been investigated. The rail shields have a limited effect at low frequency where the sleeper is
the dominant noise source, and negligible reduction at high frequency where the wheel
dominates the noise. However, in the mid frequency region where the rail is the dominant
source, the noise reductions are more significant. The overall A-weighted noise levels are
reduced by 2-3 dB for a track with soft rail pads, and 1-2 dB for a track with stiff pads.
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