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A model of the development of rail-head acoustiggiess on tangent track has been
formulated. The model consists of a two-dimensidina domain wheel-rail interaction
force calculation, with the normal force used asitiput to a two-dimensional rolling
contact and wear model. The possibility of multiplear mechanisms arising from stress
concentrations is considered by using a wear apefii that can vary with the conditions
at each point in the contact. The contact modeased on a variational technique, taking
account of non-Hertzian and transient effects. sehéeature of the rolling contact model
is the introduction of a velocity-dependent fricticoefficient. In rolling contact this leads
to a high frequency stick-slip oscillation in tHgzone at the trailing edge.

Roughness development depends on the dynamics tfitk. Roughness growth
has often been linked to the pinned-pinned frequeamc other resonances of the coupled
track and vehicle system. Here the effect of déffervehicle and track parameters on track
dynamics, wear and roughness development has aerireed. Rail dampers are studied
as they change the dynamic response of the traadul® are presented in the form of
roughness growth rate functions both for individugticle types and for mixed traffic.
The model parameters match those at a site usedgasurements of roughness
development taken by Deutsche Bahn AG as parteoEth project Silence.

The study shows that it is important to include +itmrtzian effects when studying
roughness with wavelengths shorter than 100 mmh W/iton-Hertzian contact model, no
mechanism has been found for consistently incrgasinghness levels. The model
predicts that roughness wavelengths shorter theandhtact length will wear away. Rail
dampers are shown to reduce the pinned-pinneddrexyuand smooth the peaks and
troughs in the track receptance. Rail dampersraldoce the dynamic wheel-rail
interaction forces, especially around the pinnethed resonance, and shift the force
spectrum to lower frequencies or longer wavelendtdasvever, rail dampers are not

predicted to affect roughness growth rates siggnifiky.
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1 INTRODUCTION

1.1 Background

Demand for rail transport services is increasintp\growing populations and
environmental awareness. High-speed rail netwark&@panding in many countries and
conventional speed railways are being operatedyaehcapacities, driven by the political
objectives of expanding economies and promotingvtiroPopulations are becoming
increasingly mobile, demanding improved opportesitior travel and tourism, as well as
access to increasingly diverse products. For exanmpEurope the demand for freight
transport volumes increased by 35% in the ten ygate 2006 (for all transport modes
combined). The average number of kilometres traddly people increased in the same

time period by 1.3% each year [European Environmgeincy, 2009].

In addition to the increasing demand for rail seegicaused by economic and population
growth, increasing awareness of the need to recard®n emissions means that a shift in
transport mode towards rail from the more energgnisive modes of road and air is
desirable. Rail is an environmentally friendly mean transport when compared with the
alternatives of road and air traffic. The averagdon dioxide emissions for rail transport
are around 18 to 35 g/tkerrcompared with those for road transport of 6216 @/tkm and
for air of over 665 g/tkm. [European Environmentesgy, 2009].

As with other modes of transport, the increasedantivels that result from expanding rail
networks are a significant restriction to developtespecially in areas with dense
populations. Noise is not simply an annoyances recognised by the World Health
Organisation as being harmful to health, as welhesfering with performance of daily
activities [Bergluncet al, 1999]. Noise and vibration concerns are oftedus oppose
new rail developments. In an interview for a UlQvstetter, Dr. Matthias Mather (Head of
Environmental Protection in the Environment Cewpfr®eutsche Bahn AG) states that:
“Residents are afraid that traffic, and hence noigkincrease. So they object to the
expansion of rail freight traffic without simultamgs, effective measures for noise
abatement. In other words, the residents will @dgept the growth in rail freight traffic if
the noise pollution falls at the same time.” [URDOS8].

" gltkm is grams of C@emitted when 1 tonne is transported 1 kilometre



In Europe, the Environmental Noise Directive [Eueap Commission, 2002] requires the
mapping of noise sources and the development mfraptans to reduce noise. Noise
legislation limiting the noise emitted by rail velds has been introduced via the Technical
Specifications for Interoperability or TSIs [Eur@meCommission, 2005 & 2006]. Since
noise limits can restrict rail vehicle speeds @ dmount of rail traffic, the cost of noise

control must be balanced with the need for capacdseases.

1.1.1 Railway noise and roughness

Railway noise has been studied extensively sined 870s and models of rolling noise are
now well established. Thompson’s book [2009] i®mprehensive reference covering the
overall topic of railway noise and vibration, indlag analysis of rolling noise

mechanisms, modelling and control.

The dominant source of railway noise is the rollaighe wheels over the rails, except at
very high speeds where aerodynamic noise can bettemaost significant source. This
rolling noise has a broad spectrum in the frequeange up to about 5000 Hz, and its
level and frequency content increase with trairedp@&he inherent roughness of the
wheels and rails in the contact zone induces éiveleotion which results in dynamic
interaction forces, vibration of the wheel and kratructures, and noise radiation
[Thompson, 2009]. It is therefore the combined tmess of the wheel and rail that
provides the fundamental excitation source fomay rolling noise.

Increasing roughness of the wheel and rail leadiggioer noise levels and also to higher
contact forces. Ultimately high roughness levetpinee maintenance attention. Wheels can
be removed from service for re-profiling, but giimglthe track to control roughness and
corrugation is time-consuming and expensive. ilnigortant to understand mechanisms of
rail wear and roughness development in order tormige rail roughness growth rates and
hence the costs of noise control and maintenarfeerdughness of interest is not limited
to corrugation; it includes broadband roughneshk wivelengths between 5 and 500 mm,

referred to as ‘acoustic roughness’.

Before developing the themes of this thesis onareseinto wheel-rail interaction and
wear in the contact patch, this chapter providemtraduction to the topics of railway

rolling noise and roughness. The objectives of tiesis are summarised, as are the



contributions made to the understanding of raipfmess development. Some of the
literature in the field is discussed in this chapte background material, but most of the

existing work on roughness and corrugation modglisreviewed separately in Chapter 2.

1.2 Objectives

Understanding the mechanisms of the developmerdilefay acoustic roughness is clearly
useful for long-term noise control. In this thesisnodel is presented that predicts the
change in roughness profile of a railhead as a Wdregheels rolls over the rail surface.
This work aims to further the understanding ofiechanisms of the development of
railway roughness, and the factors that affe®esults for different input scenarios are
presented in the form of a roughness growth ragetspm, which indicates the
wavelengths at which roughness is expected to grayecrease over time. Using this
approach, it may be possible to optimise railwagks to minimise long-term roughness
growth rates.

Noise prediction models such as TWINS [Thompso®3&9e] give a clear understanding
of the sources of railway rolling noise, but thesadels assume the roughness levels as an
input and do not consider the propensity of a sydtedevelop roughness or corrugation
over time. The aim of the work of this thesis islavelop a model for the development of
broadband acoustic roughness, and to use it teatse effect of different track

parameters on the rates of rail-head roughnesdagauent. Because the focus is on track
components and parameters, rail roughness is egdmather than wheel roughness

(although it could be modelled in the same way).

The development of roughness is a rolling contasthmanics problem. The first step
towards modelling the change in roughness of thieead over time is to develop a model
of the dynamic interaction between vehicle andkirddis is used to calculate the response
of the track to the excitation arising from the rament of the wheels over the combined
roughness of the surfaces. The resulting dynantécantion forces between the wheels
and the rail are input into a contact model withesar calculation to predict the resulting
change in the railhead roughness profile afterralbvar of wheel passages.

A great deal of work has been published on theestbjof wheel-rail interaction, rolling

contact mechanics and wear. In Chapter 2, sontgedgignificant work in these complex

3



fields is reviewed in more detail. The conclusidngwn by other authors have been used
to determine a suitable approach to take in mougthe development of railhead acoustic
roughness. Following a similar procedure to thadusy others to model corrugation
development, the model of roughness developmetifesl in this work may be divided
into three sections:

1. A wheel-rail interaction model (presented in Chaptand 4)

2. Arolling contact mechanics model (Chapters 5, & &n

3. A wear model (Chapter 7)

At each stage of the model the effect of diffenestticle parameters and track components

is assessed.

1.2.1 The effect of rail dampers on roughness

Rail dampers are an example of a change in thk pa@ameters that could affect
roughness development. Rail damping devices haae &lgown to be highly effective for
noise control, both in theoretical simulations anthstallations on operating lines
[Thompsoret al, 2007]. Adding rail damping components to thekraccontrol noise

will change the track dynamics, and a variatiothmtrack dynamics may result in a
change in the propensity of the system to devedaghness or corrugation. Therefore the
long term effectiveness of rail dampers for noisetml may be affected by the propensity

of the upgraded system to develop roughness ougation over time.

In work linked to this research, measurements ofhmess have been carried out by
Deutsche Bahn AG over several years at a tesha#ée Gersthofen in Germany as part of
the EU Silence project [Stiebel, 2005; Asmusseal, 2008]. Rail dampers are installed at
two locations at this site, with different rail patiffnesses. The measured roughness
spectra are presented in Chapter 9 for comparisibntiae predictions of the roughness
growth model. Measured track decay rates from itleehave also been used to calibrate
the finite element model of the track in Chapteard] the parameters for the vehicle model
introduced in Chapter 4 are taken from typicaltitgpes at Gersthofen. In this work a
‘typical’ freight train refers to a typical trairt this site, not a general freight train, and

similarly for regional trains and high-speed trains



1.3 Railway rolling noise

This work concentrates on the development of acousiighness rather than rolling noise
explicitly. A detailed review of literature on roigess growth is given in Chapter 2.
However, models of rolling noise and of roughnesgetbpment share a basis in modelling
the dynamic interaction between track and vehitle similar frequency range. Therefore
a brief review of railway rolling noise models isen here. Methods of railway noise
control are also mentioned, since part of thisgmbincludes an analysis of the effect of

rail dampers on the development of railhead acoustighness.

1.3.1 Models for the prediction of railway rolling noise

Rolling noise models can be used to compare diffesheel and track designs and to
optimise the components selected for the best dcqesformance [Vinceret al, 1996].
Remington [1976a,b] developed one of the first @il models of the interaction
between wheel and rail in order to predict theatatl noise. In this model the combined
roughness of wheel and rail acts as a verticataien to the system. The vibration
response of the wheel and rail to this excitatoaalculated and used to predict the
resulting noise. Thompson [1993a-e] extended Retmimg theory and implemented the
model as the computer program TWINS (Track-Whedrlction Noise Software).

The TWINS software has been validated by a sefiesrmparisons with measurements,
both for conventional wheel/track systems [Thompsioal, 1996a,b] and for various
noise-reducing track and wheel designs [Jones &fison, 2003]. These experiments
have found the TWINS model to be capable of prediatoise levels from wheel and
track components to within about 2 dB. A numbeintérmediate stages of the calculation
have also been examined, including the track resptmexcitation by the combined
wheel-rail roughness. Thus the wheel-rail dynamieraction model has also been
validated, and the linear relationship between hoegs, wheel and rail vibration and the

resulting noise radiation has been clearly estaddis

1.3.2 Rolling noise sources and reduction techniques

The sources of rolling noise are well understobdnks largely to the development and
validation of TWINS. For typical ballasted tracketwheels and the rails are both

significant contributors to the overall rolling seilevel. Figure 1.1 shows an example of



the sound power level calculated using TWINS fénegght train on track with soft rail
pads. In this case the rail is the major contribtddhe overall noise in the frequency
range from 500 to 2000 Hz. At lower frequenciessadrom the sleepers dominates, and
at higher frequencies wheel noise takes over flomrail. The sleeper noise is increasingly

significant in cases with stiffer rail pads [Thormps& Jones, 2000].
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Figure 1.1 Example sound power level contributicaktulated using TWINS for a typical
tread-braked freight train wheel on ballasted trarith soft rail pads.

Rolling noise reduction techniques have been sumsetby Thompson and Gautier
[2006]. At the source, a noise reduction may beesed by reducing the roughness of the
wheels and rails. The next option is to deal whid ¥ibration response to the roughness
excitation, for example by using wheel or rail damgp Finally, noise barriers may be used

to limit propagation.

To reduce the roughness of the rails, the track Ineaground. Grinding is usually applied
as part of track maintenance rather than puretptdrol noise, although in Germany a
programme of acoustic rail grinding is in place fAssseret al, 2006]. For the wheels,
using disc-braked vehicles or composite brake Ida@akher than cast-iron blocks in tread-
braking systems gives a significant reduction ireallroughness [Oertli, 2008]. The
railways are phasing out the use of cast-iron bla@eks mainly due to legislation in the

form of the TSls; however, it is expected to takengyears before they are eliminated.

Rail damping devices have been designed in ordextiace at source the component of
railway rolling noise radiated by the track [MaesS&l, 2003; Thompsoet al, 2007;



Thompson, 2008]. The rail dampers proposed by Tisomet al.[2007] are tuned,

damped mass-spring absorber systems, with eitbiegie mass or two masses enclosed in
an elastomeric material. In their current form thdampers are attached to the rail in pairs
in the middle of each sleeper bay. The dampersceethe effective radiating length of the
rail by increasing the track decay rate. To cortielresponse of the wheel, wheel
dampers can be used. Wheel dampers are most usetuitrolling curve squeal, but they
also have some effect on rolling noise [Thompsah@autier, 2006]. Wheel shape

optimisation can also give some benefit.

Noise barriers restricting propagation should nsss a last resort for noise control,
erected at specific problem sites. They are expenare not effective at all locations, and

are often visually intrusive.

For a given roughness level, the noise from theesysan be reduced by increasing the
damping of the track, by acoustic optimisation tiewls and track components or by
barriers. In the long term, however, the noisellessdependent both on the noise produced

for a given roughness and on the rate of roughtegslopment.

1.4 Railhead roughness

The roughness responsible for rolling noise hasaleagths between 5 and 500 mm
[Thompson, 2009] and amplitudes from less thamlup to about 5@am [Thompson &
Jones, 2000]. For a train speed of 100 km/h, tlagalength range corresponds to a
frequency range of around 50 to 5000 Hz. Roughisassually expressed as decibel levels

with a reference value ofm, so a Jum (rms) roughness amplitude is equivalent to O dB.

Linear noise prediction models are based on thengstson that the roughness from the
wheel and the rail can be combined by simple incafteaddition. This was found to be
valid by Thompson [1996] for typical roughness levélowever if either the wheel or the
rail is significantly rougher than the other compnt the resulting noise spectrum will be
dominated by the rougher surface. For exampletyte of braking system employed by
the rolling stock has a significant effect on tbaghness of the wheels. If cast-iron block
brakes are used then the wheel roughness willtteddminate unless corrugation is
present on the rail [Dings & Dittrich, 1996].



Figure 1.2 shows some example roughness spect@dteged from Dings and Dittrich
[1996]. The ‘average’ rail roughness shown wasrdateed by measuring roughness at 30
sites on the Dutch rail network, while the whedbdaas obtained from at least 30 samples
for each type of braking system. The frequency arishis figure corresponds to a train
speed of 100 km/h.
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Figure 1.2 Example roughness spectra. Wheel rouggeseand average rail roughness
reproduced from Dings and Dittrich [1996]7 /7 /7 TSI limit for rail roughness
[European Commission, 2005 & 2006]; - - - - - verage rail roughness; — — — disc
braked wheel roughness; — - — - — - cast-iron bbveked wheel roughness. Frequency
axis corresponds to a vehicle speed of 100 km/h.

The TSI roughness spectrum [European Commissidif 2006] is also shown as a
reference in Figure 1.2. This roughness spectruntesded as a limit for the rail
roughness on track that is to be used for passlsemeasurements. It is considered to be
a realistic rail roughness spectrum, and it is seéngure 1.2 to have a similar level to the
average rail roughness reported by Dings and Ehit{ri996]. The TSI spectrum is used as

a reference roughness spectrum throughout this.work

1.4.1 Measurements of railhead roughness

The standard ISO 3095 [2005] specifies the condktiequired to achieve reliable,

reproducible measurements of the noise emittecitiyound vehicles. Its appendix gives a
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description of rail roughness measurement and psieg techniques. The introduction of
the Technical Specifications for InteroperabiliBufopean Commission, 2005 & 2006]
has led the European Committee for StandardiséG&N) to develop a dedicated
standard for roughness measurements, EN 15610[2E&9, 2009]. In its development,
this standard was tested in a ‘road test’ descrifyedbnest al.[2008a,b]. This test used a
number of different measuring instruments and eranhihe consistency of approach and
measured spectra produced by a number of teamgeandently following the standard.
Roughness measurements were found to have apptekraa2 dB variation when

different measurements were taken of the samefin@ughness.

Several different manufacturers produce instrumfmtsmeasuring roughness but they
generally fall into two categories. One type of sweament device uses a fixed straight
edge as a reference with a displacement transdumeang along the rail. This type of
instrument measures roughness in short segmeatswid 1.2 m, and as a minimum, five
separate measurements are then required to deeetineimoughness of a test section. The
other type of device uses an accelerometer moumexdtrolley which is moved along an
unlimited length of rail, with the signal integrdtewvice to give a displacement output.
Both systems have been found in the ‘road tedtetcapable of measuring roughness
accurately [Jonest al, 2008a,b].

Although roughness can be measured in a standdndisg, the time required for a change
in roughness to be measurable at a particulanstmns that little data has been published
on the development of broadband acoustic roughmesstime. Cox and Wang [1999]
describe roughness measurements taken on two meavlyrecently ground, sections of a
high-speed line in Belgium and repeated one yéaer.|&he rail pads in one section were
very soft, around 80 MN/m, at the other sectionrtiepad stiffness was around

370 MN/m which is a medium stiffness for typicallhsted track. The initial roughness
spectrum at both sites had a peak in the 20 mmlesagin band, attributed to the grinding
process, which was not apparent in the measuretaleen a year later. The site with softer
rail pads had initially higher roughness levelsvatelengths longer than 20 mm. After a
year of traffic the roughness spectrum at bottssitas very similar. Roughness had
decreased slightly for wavelengths longer than 2ahthe softer rail pad site, and
roughness increased for wavelengths longer thanr@(at the stiffer rail pad site. It was
concluded from this study was that roughness grams on track with stiffer rail pads,

even though the final roughness levels measured simarilar at both locations.



Bracciali [2004] made repeated measurements thmughyear over a 120 m section of
tangent track on a high-speed line in Italy. Tlaekrhad been ground prior to the
measurements, and had visible grinding marks tlea¢ worn away over several months.
Both the left and right rails were observed. Onléferail, roughness wavelengths shorter
than 31.5 mm were found to remain stable or deerskightly, while longer wavelength
roughness increased. On the right rail, roughnes®l@ngths longer than 125 mm
remained stable while an increase of 2 to 3 dBotserved at shorter wavelengths.
Roughness increased more slowly in wavelength bahdse the initial roughness level

was lower. In general roughness growth was fourktslow but significant’.

The change in roughness over time observed by Biaf2004] or Cox and Wang [1999]
does not give a definitive indication of the loregrh development of roughness when the
approximatet2 dB variability in repeatability of results foumithe roughness road test
[Joneset al, 2008a,b] is considered. A longer time frame isdeel to observe the
phenomenon. Measurements at a corrugated sitet amdaaljacent smooth site have taken
over about four years in the Netherlands [Hierestchl, 2002; Nielsen, 2003]. Here the
corrugated site displayed a growth rate of abali8 der year at a wavelength of 40 mm,
with roughness at other wavelengths also growingistently for wavelengths longer than
about 20 mm. In comparison, roughness at the aaljaoeooth site remained almost
constant, growing slightly in some one-third octaxseselength bands and decreasing

slightly in others.

Verheijen [2006] carried out a survey of roughneessurements on the Dutch network.
This survey did not explicitly carry out repeatedasurements at a single site; however
some overall conclusions were drawn on the devedoprof roughness over time and the
effects of rail grinding. Grinding introduces peak®® the roughness spectrum, which are
worn away over time. When tracks are not groundleety, in most cases roughness
levels were found to increase at a rate of 1 t8 per year. Roughness growth was not
observed uniformly — the smoothest track measuagldniot been ground for 18 years.

The most comprehensive monitoring of long term howgss growth is that carried out on
the German railway network on the ‘Specially Morei Track’ sections [Asmussenal,
2006]. Roughness has been monitored since 1998dbwest 1000 km of track using a

dedicated car with smooth wheels which uses its Nimg noise as an indicator of the
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track roughness. The technique used means thabwahage results are available, with

broadband roughness found to increase by abowtB)pér year on average.

1.4.2 Corrugation — a special case of roughness

Corrugation is a periodic irregularity on the ilrface, which in severe cases can be seen
with the naked eye. A corrugated rail has a roughis@ectrum with a significant peak at
one particular wavelength. Although there is littkgta in the literature on the development
of broadband roughness over time, a great deabdf tvas been published on the subject
of corrugation. Satet al.[2002] estimated that over 1500 papers had begtewon the
subject, and these have been added to since.

Instances of rail corrugation are commonly clasditby a damage mechanism and a
wavelength-fixing mechanism, as described by Geamsd Kalousek [1993]. In some
instances the reasons for the corrugation formatrerclear, for example in cases with
plastic deformation and heavy haul traffic. Oneetyb corrugation, known as ‘short-pitch
corrugation’ or ‘roaring rail’ is less well undeostd. This type of corrugation has
wavelengths in the range from 25 to 80 mm. Studi¢hkis form of corrugation are of
interest when considering broadband roughness a@wvent since corrugation can
develop from an initial situation of broadband rbogss via a process of differential wear
[Grassie, 1996].

Measurements of the development of corrugation Bhwegvn that the material properties
of the rail could be a factor in corrugation deypstent. At adjacent sites 250 m apart in
the Netherlands subject to the same traffic, catiog developed at only one of the
locations [Hiensclet al, 2002]. The only obvious difference between thessivas the rail
manufacturer. In this case the different tendenayotrugate was explained by different
wear resistance of the rails, although the coredyaail displayed a higher wear resistance
than the smooth rail. A work-hardened, white etgHayer was observed on both rails but

was more pronounced on the corrugated rail.

Hienschet al.[2002] associated the wavelength of corrugatiaih &ilow track receptance
near the sleepers around 1200 Hz, caused by thegipinned resonance. This is a
constant-frequency rather than a constant-waveigotggnomenon, and the wavelength of

the expected corrugation is then proportional eovbhicle speed. Many other authors have
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also linked the pinned-pinned resonance to corroigaincluding Hempelmanet al.

[1991]; Hempelmann & Knothe [1996]; Nielsen [200Shenget al.[2006] and Crofet

al. [2009]. Measurements on the London Undergroundg&ieet al, 2007] show that
corrugation at a particular wavelength correspogdinthe pinned-pinned resonance was
shifted to a different wavelength by a change endperating speed of the vehicles at the
site. The pinned-pinned resonance is considerée tlikely wavelength-fixing

mechanism of short-pitch corrugation [Grassie, 2005

The pinned-pinned resonance may act to determew/élvelength of short-pitch
corrugations in some cases, but alone it is ingefit to explain all corrugation formation.
Corrugation does not appear on all discretely suppdrack types, and also appears on
some continuously supported systems. Corrugatieretbre remains an area of intensive
research. Theories of corrugation formation arewtised in more detail in Chapter 2 in the

context of models to predict the differential weéthe railhead.

1.4.3 Contact filter effects

The contact between the wheel and the rail hasite farea, meaning that roughness
wavelengths shorter than the size of the contachgand to be absorbed by the contact
spring and do not excite the wheel-rail systemfiestvely as longer wavelength
roughness. The area of the contact patch is pgdbiblreason that short wavelength
roughness such as marks left after rail grindiregadoserved to decrease over time, and
why corrugation does not develop at wavelengthstehthan around 25 mm.

To account for the effect of the contact patch,sazeontact filter’ is required when
predicting the interaction force between wheel @ildresulting from the combined
roughness. Remington [1976a] used a frequency dofitigr to account for the contact
patch size. This filter required an assumptiorheféxtent of correlation of roughness in

the direction across the rail head. More rece®bmington and Webb [1996] developed a
three-dimensional ‘Distributed Point Reacting SgrfDPRS) model of the contact patch.
A layer of independent, non-linear springs is asstito lie between the contacting
surfaces. This DPRS method is more computatiordfigient than the alternatives of

finite element analysis or using analytical restdisthe stresses and displacements caused
by a point force on the surface of a half-space rEsults from the DPRS model were

compared with results from a more complete mod#hefdeformation between contacting
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bodies using a Boussinesq procedure. The modelgeshgood agreement. The DPRS

contact model is also available in the TWINS sofeva

Thompson [2003] used the three-dimensional DPRSeinwith many parallel measured
lines of roughness data 2 mm apart, and compaegetetiulting contact filter characteristic
with that calculated using Remington’s analyticaldal [1976a] for different wheel radii
and loads. He found that the analytical model gaseessive attenuation at high

frequencies.

Often in practice only a single line of roughneatads measured along the railhead and
for this case Ford and Thompson [2006] producdthplgied two-dimensional DPRS
model for calculation of the filtering effect ofdltontact patch. This particular model of
the contact filter is employed in this work, assithe most appropriate method when
taking a two-dimensional approach to the wheelingdraction force analysis. It is

described further in Section 4.4.4.

1.5 Contributions madein thisthesisto under standing the development of acoustic

roughness

This work concentrates on mechanisms for broadbaumghness development, whereas
much of the existing work in the field of wheeliraiear in rolling contact (reviewed in
Chapter 2) has concentrated on corrugation. Mdbibasi studying corrugation have
employed Hertzian contact theory. However, recasrkvinas shown that the choice of
contact model can affect the wear prediction (ssti& 2.5.4). This work examines in

detail the differences arising from Hertzian andhtertzian assumptions.

Studies have shown that friction between slidingeses decreases as the velocity of
sliding increases. Velocity-dependent friction dméfnts have been used in models of
wheel squeal [Xiet al, 2006; Huangpt al, 2008], but only in conjunction with simplified
models of the tangential stress distribution. Is thork, a velocity-dependent friction
coefficient is introduced to solve the rolling cactt tangential stress distribution. The
effect of velocity-dependent friction on stresgmisition and rail wear is examined. A
stick-slip oscillation is identified in partiallylipping rolling contact when a velocity-

dependent friction law is used.
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Many existing models of corrugation growth assuriaiénal abrasive wear to be the sole
damage mechanism. These models predict ‘infinie'ugation growth. But in many
practical cases corrugation reaches a saturatiom gad steady-state, and at many sites
corrugation never forms at all. To model broadbanajhness growth there is a need to
consider a combination of potential wear mechanidm® wear mechanisms have been
shown in the literature to be important for rougtsdevelopment; frictional abrasive wear
and ratchetting (see Section 2.4). In this workwiear coefficient throughout the contact is
determined by the local stresses, and is not laneemild wear. The contact conditions
that are required for the transition between foicéil abrasive and ratchetting wear are

examined.

The effect of rail dampers on railway rolling noisken the wheel/rail roughness is
presumed to be constant is well known; however gféect on track dynamics other than
the track decay rate has not been examined. This wdudes rail dampers in a finite
element model of the track. The features and coxitglef the rail damper model that are
required in order to simulate their behaviour aately are determined. The change in
track receptance due to the rail dampers is thameed. It is of particular interest to
examine the effect of the rail dampers on the m#onance above a sleeper at the pinned-

pinned frequency of the track (see also Cebttl.[2009]).

The wheel-rail interaction forces are modified bg application of rail dampers, in
particular at the pinned-pinned frequency and spwading wavelengths. The pinned-
pinned mode has been linked to railhead wear andgation. This work demonstrates
that rail dampers reduce the wheel-rail interactnes at wavelengths corresponding to
the pinned-pinned frequency (Section 4.9). Theltieguroughness development
predictions for situations with and without railndpers are presented in Chapter 9, along
with the roughness spectra measured by Deutsche B@hat the Gersthofen test site as
part of the Silence Project.
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2 REVIEW OF ROUGHNESS AND CORRUGATION MODELLING

21 I ntroduction

The aim of this work is to develop a model of thewgh of broadband rail roughness. As
described in Section 1.2, this requires the implaiateon of a model of the dynamic
interaction between the wheel and track, as wedl e®del of the stress distribution in
rolling contact and the resulting wear of the rilthis chapter, existing work in these
fields is reviewed with the aim of determining apmiiate methods to use in the current

analysis.

This review of the literature has been divided iimieee main sections corresponding to the
three stages of modelling roughness developmenhthee been identified in Section 1.2.
Relevant literature on the subject of wheel-rairaction is further divided into models in
the frequency domain and models in the time dom&iork on wheel-rail contact
mechanics begins with Hertzian contact theory atrdduces subsequent developments in
the field. The review of wear models examines dgife wear mechanisms and

experimental work to characterise the differenetypf wear.

This chapter also reviews models of corrugationation and growth, in Section 2.5.
These models are generally based on the theoriemadels reviewed in Sections 2.2, 2.3
and 2.4, and some of those theories and modelsdeeedoped specifically to examine
corrugation. Reviewing these corrugation modelss#ply clarifies the appropriate

methods required to model roughness developmehtsmwork.

Finally the approach used to model broadband roegghdevelopment in this work is

summarised in Section 2.6.

2.2 Whesdl-rail interaction force modeds

A model of the interaction between the vehicle idiead the track is needed as the first
step towards modelling the change in roughnesiseofailhead over time. The interaction
between wheels and rails has been modelled extdndly many researchers for various
purposes. Models are used to predict the forcadifterent track components, to predict

the noise radiated from the system, and to prédectvear of the railhead and wheels.
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In this section, different wheel-rail interactiaarée models are discussed with the aim of
determining the necessary model characteristiogsctade in this work. Most interaction
force models may be categorised as either time oloardrequency domain models.
Historically, time domain models have requiredrgdéacomputational capacity whereas
frequency domain models are usually more efficialtieit less flexible. Within these two
broad categories, models for different applicatiemploy different representations of the

various track and vehicle components.

2.2.1 Early examples of frequency domain models

The TWINS model of wheel-rail noise generation deped by Thompson [1993a-€] is
based on a frequency domain model of the wheelnt@itaction following the work of
Remington [1976a]. Remington represents the ragnamfinite beam, coupled to a static
wheel, with a moving roughness excitation passetgvben the two. This means that the
receptances of wheel and rail are taken for aostaty force and do not include the
splitting of resonance frequencies resulting from tehicle motion [Thompson, 1993a].
This deficiency is corrected for the wheel in Th@aop's model [1993e], where it is

important for noise, and is implemented in the T\§Idbftware.

Grassieet al.[1982] proposed two frequency domain models otithek, one with an
infinite track on continuous supports and the othperiodically supported track (similar
models of the track are included in TWINS). Thelcakated the contact forces between a
moving wheel mass and a sinusoidal corrugatedAtdround the same time, Clagkal.
[1982] developed a time domain model using sinpmameters. Grassie noted qualitative
agreement between the predictions from the two tBo8®me differences in magnitude
were evident but could be attributed to differenoesveen the damping models. At this
stage of development, none of the models took attaafithe effect of the presence of

multiple vehicle wheels on the wheel-rail interanti

2.2.2 Frequency domain models with multiple wheels

Wu and Thompson [2001, 2002] developed a frequeonayain model with multiple
wheels on the rail, by using the superpositiongipiie. In this method, one wheel is
assumed to be active (roughness is present) Wialethers are passive. Each wheel is
treated in turn as the active wheel. The princgflsuperposition may then be applied to

determine the resulting forces and vibration. Cimgpbf the response to each wheel
16



through the vehicle body is neglected as the sisspeenvill isolate the vehicle body at the
frequencies of interest of above 50 Hz. Wu and Tjpeom [2001, 2002] found that for
frequencies up to about 550 Hz (and for the traglameters used) the interaction forces
are virtually unaffected by the presence in the ehofl multiple wheels on the rail.
Between 550 Hz and 1200 Hz there is noticeablemiffce between the single and
multiple wheel models. Wave reflections betweenvwheels are responsible for peaks in
the interaction force spectrum. With softer raidlpathis effect is more noticeable than
with stiffer rail pads; in the latter case the matgion force around the pinned-pinned

frequency is dominant over the reflected wave ¢$fec

Since the spectrum of the railhead wear is thotgbe proportional to the interaction
force spectrum, corrugation is expected to be @&st®utwith a peak in the interaction force
spectrum. Consequently these authors recommenéftieats from multiple wheels should
be included in any model of interaction force amel tesulting wear or roughness
development. Wheels more than 10 m away may becegl because of the decay of
vibrations along the track.

2.2.3 Improving the representation of the rail in frequgrdomain models

For vertical vibration, a single Timoshenko beandeiaonay be used only for frequencies
up to about 2000 Hz. Above this frequency the fesponse may be considerably higher
than the head response. Figure 2.1 shows diffp@sgible representations of the rail
cross-section of increasing complexity. Wu and Thsam [1999a] modelled the rail using
a double Timoshenko beam model to give a betteesemtation of the rail profile without
the increase in computational effort required e element model. One beam
represents the rail head and web, connected bynconisly distributed springs to another
beam representing the rail foot (shown in Figudgl®, symmetry means the two rail feet
shown can be treated mathematically as a singlmpé&&u and Thompson [1999a] also

point out that a discretely supported rail modeiriportant for frequencies above 1000 Hz.

A multiple beam model can also be used to exanmedateral behaviour of the track [Wu
and Thompson, 1999b]. Compared with modelling gattiail vibration, it is more

difficult to model lateral rail vibration becausmss-sectional deformation of the rail
should be taken into account. Finite element methmody be used but these result in a

large number of degrees of freedom. Wu and Thompsgmosed a model where infinite
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Timoshenko beams with torsion represent the heddat of the rail, connected by an

array of finite beams to represent the bendindnefweb.

Alternatively, the rail cross-section can be reprged by finite elements as shown in
Figure 2.1(c). An example is the frequency domataraction model used by Miiller
[1999, 2000] in his studies of corrugation growkhis model uses finite element matrices
to describe the rail so that the rail profile canconsidered more accurately than by using
a simple beam model. The track is assumed to betafand the rail is discretely
supported by rail pads, sleepers and ballast. Midles account of the elasticity of the
wheelset, six degrees of freedom at each nodesiémtrcreep, shift of the contact point
(due to the geometry of the initial roughness) filibel effects due to the size of the contact
patch. This is a comprehensive model, buildingh@wtork of Hempelmanet al.[1991,
1996], within the limitations of assumed lineardlyout small levels of roughness and
without including the effects of multiple wheelss vith all the frequency domain models
reviewed so far, a further limitation is that tlbad does not move along the rail, rather a
‘roughness strip’ is moved between the wheel arddil, and therefore parametric

excitation due to the discrete supports is alsaoosidered.

(1

(@) (b) (©)

Figure 2.1 Increasing complexity of representatodmail cross-section: (a) single beam
model; (b) multiple beam model; (c) finite elemdhi¥si & Thompson, 1999a]

2.2.4 Parametric excitation effects in frequency domaodeis

Parametric excitation occurs as a result of vamnaiin the dynamic stiffness of a track
arising from supporting the rail with sleepersiattete locations. This variation in
stiffness can be seen at the pinned-pinned reserfegguency in the rail receptance (the

inverse of stiffness) above a sleeper and in thuelaiof a sleeper bay, shown in
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Figure 2.2. The wheel-rail interaction force therefvaries periodically with the sleeper-
passing frequency. Wu and Thompson [2004] emplaysitgle wheel frequency domain
model to demonstrate the magnitude of this parametcitation on the system, and to
compare it with the excitation arising from normddeel and rail roughness. The
interaction force due to parametric excitation Wasd to increase with increasing train
speed. The interaction force spectrum shows tlepstepassing frequency and its
harmonics, with high force components seen arobaginned-pinned frequency.
However if major discontinuities or large roughnksels are present, the parametric
excitation effect becomes less significant compavitkd the higher excitation levels from

other sources.
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Figure 2.2 Vertical point receptance of rail fronsegle Timoshenko beam model with

discrete supportst/ /7 /7 mid-span; — — — above sleeper. Obtained usingiéecy
domain model described in Chapter 3.

Parametric effects are most noticeable when tlepslespacing is exactly periodic. Wu
and Thompson [2000] examined the influence of ramdteeper spacing and ballast
stiffness on the dynamics of a track, using a netthtroduced by Heckl [1995]. The
results show that with random parameters, the peggptance and track decay rate
become distributed rather than having a fixed valire random ballast stiffness mainly
affects track vibration at low frequencies belovd 3@z, while the random sleeper spacing
influences the response in the whole frequencyaaogsidered, 50 to 1500 Hz. In

particular the pinned-pinned resonance becomeskesp and can be suppressed
19



completely if there is enough variability in theeper spacing. The effects of random
sleeper spacing are more noticeable on track wiffipads than track with soft pads.
Despite these variations, the regular and irregudexk models do not predict a significant

difference in the resulting rolling noise.

2.2.5 Recent developments in frequency domain models

Shenget al.[2005] developed a frequency domain model basegpatial harmonics that

is very efficient computationally, and allows th@Iplem to be addressed by using the
force-time history for a single sleeper bay. Thaatyic force and thence the roughness
growth are modelled as periodic with the sleepaci. This model has the disadvantage
that the track structure must be exactly periddawyever it can include multiple moving
wheels on the rail. A single Timoshenko beam waslus represent the vertical dynamics
up to 3000 Hz. This wavenumber-based approachd®s lsed to compare results with
moving and stationary loads. The load speed isddarhave a significant effect on the
vibration response of the track at the pinned-pininequency. The height/depth of the
peak/dip in the track vibration response spectrutheapinned-pinned frequency decreases

as the load speed increases. Also the peak atrthedpinned frequency is split into two.

Some improvements to this model have been madarandescribed by Sheeg al.

[2007] incorporating a Fourier-series approachsWork removes the limitation that force
and roughness must be periodic with the sleepetdmagh, allowing the roughness
excitation to be periodic over a greater numbesieéper bays.

Frequency domain wheel-rail interaction modelstede account of multiple wheels and
parametric excitation, and are more computatioreffigient than many time domain
models. The remaining limitation is the assumptbhnearity inherent in a frequency
domain model. This is valid as long as the rougbreasitation of the system is low, so the
frequency domain is often used for noise predictmdels. In comparison, time domain
models have been developed mostly to study casesewlon-linear effects are significant,
for example in modelling rail corrugation or forcassing from wheel flats or

polygonisation.
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2.2.6 Early time domain models

Clark et al.[1982] developed one of the earliest time domaidehs of the dynamic
effects generated by a wheel running over a cotedgail, and carried out an experiment
to confirm the predicted dynamic responses. Thidehased a 20 sleeper bay length of
rail, represented by Euler beam elements with fix@dndary conditions at the ends. The
track must be a finite length because the time domadel uses a modal summation
technique. The sleepers were also included inrtu& imodel as flexible beams, to
incorporate their bending modes in the frequenogeaof interest which was from 0 to
1300 Hz.

Nielsen and Abrahamsson [1992] developed a genetilod for the analysis of problems
involving moving non-linear systems on continuoasged beam structures. The method
was based on earlier work by Lundén and Akesso&3[l $\brahamsson [1988] and by
Nielsen [1991] on the natural frequencies and modfiégam structures, and is expanded
in later papers for the specific purpose of modglivheel-rail interactions. This original
Nielsen model entailed a track modelled by Timo&bdmeam elements, fixed at each end,
characterised by exact stiffness matrices and dahigethe Wittrick-Williams algorithm
[Wittrick & Williams, 1971] to obtain the modal pamneters. The vehicle model was of
half a bogiej.e. two wheels, coupled to the track via constraimsontact force and the
displacements and accelerations of the point ofamdnThese constraints allowed for the
inclusion of a roughness function along the raifate. Nielsen [1991] used interpolating
polynomials to distribute the forces and displaceieoé the point of contact onto the
adjacent nodes of the track finite element mod¢hasvheel moves along the track with
time. Another feature of Nielsen’s model is the aka state-space formulation of the

problem to enable a solution by time-stepping usisgandard Adams integration routine.

Nielsen [1994] used this model to examine the erilte of various track parameters on the
dynamic wheel-rail interaction. The effect on tigsetem of changes in sleeper cross-
sectional area, rail cross-sectional area, slegpering, pad stiffness and damping and
ballast stiffness under the end and middle of lbeper was assessed. For this study, rail

and wheel roughness were neglected and responsedonad to be nearly quasi-static.

Further work by Fermér and Nielsen [1995] examitedinfluence of soft rail pads
compared with stiff rail pads. The vertical dynanmteraction forces were calculated

using Nielsen’s model for a range of different logdcases and compared with
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measurements taken using an instrumented wagorstdhdard deviation of the results
was found to increase with vehicle speed, but megad the model calculated frequency
response functions that matched well with measuvadgkes. The calculated interaction
forces also agreed reasonably well with measuresrfentrain speeds up to about

80 km/h. The sleeper responses were overestimategs concluded that the rail pad and
ballast model used was overly simplistic to motielfrequency dependent behaviour of

the track throughout the full frequency range exsadj up to 1000 Hz.

Nielsen and Igeland [1995] revised this model, Wwhicknown as ‘DIFF’, this time using
standard polynomial finite elements and improving ¢fficiency of the model by moving
away from the Wittrick-Williams algorithm. The sfg& model was extended from simple
masses to beam elements. They used the modeldstigate the effect of wheel and track
imperfections on interaction forces. A finding what a model with a single unsprung

mass as the vehicle model may underestimate thentignmesponse of the system.

Two wheels can interact through the vibration @f titack structure. Igeland [1996]
investigated this phenomenon in a study that coetbthe interaction force model with
wear theory in an attempt to explain rail corrugatgrowth. She found that resonance in
the coupled bogie/track system has a significaietebn the interaction forces, especially
if the wheelbase is equal to an integer numbelegfper spacings, as this appears to
exaggerate the effect of the pinned-pinned resaadbensequently, including more than
one wheel is important in an interaction force moligland [1999] also introduced
variable sleeper spacings into the model in ordleompare theoretical results with full

scale measurements.

Igeland [1997] modified the model further by impiray the ballast model to include a
ballast mass as well as stiffness and damping. Meryshe reverted to a single wheel
vehicle model and a simplified rigid sleeper model.

2.2.7 Time domain models with more complex track supgpresentation

The interaction model developed initially by Nigldeas continued to be updated. Two
areas of improvement have been (1) modelling tinécleeusing flexible components
[Andersson & Oscarsson, 2000] and (2) the modificadf the linear track model to
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include state-dependent (non-linear) propertigb@ballast and rail pads [Andersson &

Oscarsson, 2000; Nielsen & Oscarsson, 2004].

Andersson and Oscarsson [2000] considered vettaigt dynamics only. They used state-
dependent ballast and pad parametersthe parameters depend on the load, and are valid
for a dynamic frequency range rather than jussfatic loadings. A three-parameter
viscoelastic model of the rail pad was employeds@iimg of a spring in parallel with a
Maxwell element. The model was found to represett bbow and high frequency
train/track interaction well. The vehicle represgiuin was also extended, by including one
wheel, half an axle (modelled by finite elements) a quarter of a bogie frame
represented by a lumped mass. Previously a lump@ess mheel model had been used. The
findings from this study were that only small difaces exist between the results for a
state-dependent track model with a flexible wheel a linear track model with a lumped
mass wheel. A simple vehicle model was found tesufécient if only the vertical motion

of the system is to be considered.

Nielsen and Oscarsson [2004] used complex modarpapition in the presence of state-
dependent track properties to model the wheeintgraction. They included the stiffness
and damping of rail pads and ballast by addingeali contribution from the unloaded
track to increments determined by the time-vargtade of the simulation. The time-
varying component was added in the form of exteiorales on the corresponding nodes of
the model. This model has been validated by expariat measurements, and using state-
dependent track properties was found to improvagreement of the model results with

experimental data.

2.2.8 Recent developments in time domain models

Nielsen’s model DIFF, developed at Chalmers Unites/er many years, was extended
to allow for general motion by Andersson and Abrakson [2002], who added lateral and
longitudinal dynamics to the existing vertical katynamics. They modelled both rails
and two wheelsets to include the flexibility of txehicle. This model (known as DIFF3D)
was developed to form a basis for wear and corioigatudies for a frequency range of up
to 1000 Hz. General vehicle dynamics results frobenrhodel were verified by comparison

with a commercial multibody program with good agneat. Vertical dynamics results
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from DIFF3D were compared with the output from tWwe-dimensional DIFF. The normal

forces calculated by the two and three-dimensior@lels are almost identical.

The two-dimensional DIFF model has been validatedHe frequency range of 20 to

2000 Hz by a campaign of field tests using an umsanted wheelset and a wheel impact
load detector [Nielsen, 2006]. Several differensians of the model were examined,
considering different visco-elastic representatiofighe rail pad and either a single wheel
or two-wheel model of the vehicle with the wheself included either as a rigid mass or a
more detailed finite-element representation. Adl tiehicle models were found to give
similar results although with some differencesludmg more than one wheel in the

model allows the capture of standing waves in #ilebetween successive wheels. A
lumped mass wheel model neglects the influencehaielvmodes in the frequency range of
interest. These give several distinct peaks angytre in the interaction force spectrum.
The choice of track model was found to have a géaié effect on the calculated contact
forces, indicating that a simple spring and damgpresentation of the rail pad is adequate
to predict the force in the frequency range ofrtiagel,i.e. from 20 to 2000 Hz. Nielsen
[2006] concludes: “Based on the good and consistgrgement between measured and
simulated vertical contact forces, both with respeenagnitude and frequency content, it
is argued that the computer program DIFF is a uised@l in investigations of vertical
dynamic train-track interaction at high frequencies

Other recent work in this area has concentrateidhpnoving the computational efficiency
of time domain wheel-rail interaction models. Baetal.[2006] proposed a modal
substructuring approach, where the rail and sleeydch display linear behaviour, are
modelled using modal coordinates and the other oots, such as the rail pads and
ballast, are introduced by means of the force®mmecting elements. DIFF was used as a
reference to validate the model, but the differdnamputational cost of the new
approach is not quantified in the paper.

Pieringeret al.[2008] represent the wheel and rail by sets ofulsg response functions or
Green’s functions, a technique that has its originsork on tyre/road contact. Since the
Green'’s functions are calculated in advance foaréiqular wheel and track model, the
calculation of interaction forces is extremely fimsta perfectly periodic track. The DIFF
model has again been used as a reference for malt#dtion, with good agreement found

for the normal force calculation. An advantage iefriRger’'s technique over DIFF is that
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the rail is not divided into elements, so no digsegion effects occur. Also, it has the
potential to include more complex representatidrti® wheel-rail contact, including
tangential effects. Most time domain interactiorcéomodels simplify the contact to a
Hertzian spring acting at a single point, and pi@epss the roughness input to take
account of the contact filter effect. Any tangeh#éiaalysis of the contact follows as a
separate calculation step. In Pieringer’s model sike of the contact and the distribution
of normal and tangential stress taking accounhefsurface roughness may be determined
at each time-step without the need for pre- or-postessing.

This review of time domain wheel-rail interactiomdels has concentrated largely on work
done at Chalmers University of Technology. Othehars to use time domain modelling
techniques include Zhat al.[1996, 2001], llias [1999], Wu and Thompson [2QG]d

Xie and Iwnicki [2008b,c].

2.2.9 Summary of wheel-rail interaction models

Models of the interaction force between wheel aildhave been developed and refined
over the last thirty years. The vertical interactpyoblem in particular has been studied in
great detail, including the experimental validataira two-dimensional time domain
model by Nielsen [2006]. Depending on the frequenaryge and parameters of interest,
models of varying complexity are available in btita time and frequency domains. The
general statement that time domain models tené todre flexible whereas frequency-
domain models are more computationally efficieitit lsblds, although advances in
computational capabilities mean that time domaedyses are becoming possible for
increasingly complex models. An example of thithis three-dimensional analysis of
Andersson and Abrahamsson [2002]. In additionjrtipulse response function approach
of Pieringeret al.[2008] has the potential to make a significant cddun in calculation

times compared with more established time domainrigues.

2.3 Whed-rail contact mechanics

In most wheel-rail interaction force models, thizeff of the discrete size of the contact
patch is limited to filtering the roughness exatatto the system. The contact area is
commonly replaced by a Hertzian spring acting single point. This is adequate for the
determination of the overall normal forces. Howeteepredict the wear of the railhead, a

more detailed analysis of the wheel-rail contaceauired. In this section, some of the
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significant contact mechanics theories are reviewedinning with frictionless Hertzian
contact, which considers normal forces only. Teghes for including tangential loadings
are also discussed. Alternatives to Hertzian conkeory include Kalker’'s numerical
methods and elastic foundation models.

2.3.1 Background

Johnson’s bookontact Mechanicf2001] is a comprehensive text on the subjedteyfins
with stationary contact problems and describesribeof increasing complexity,
including elastic and inelastic materials, normrad gangential loading, rolling and sliding

contact and treatment of rough surfaces.

The aim of the contact analysis in the contexhdd turrent work is to determine the size
and shape of the contact between the wheel an@ithand the distribution of normal and
tangential stresses throughout the contact area.

In the case of rolling contact, tangential loads sult in a relative displacement between
parts of the contacting surfaces. In terms of th&acting bodies as a whole, this relative
displacement is known as creep or creepage. Csaefieved inside the contact area by a
small relative motion over part of the interfacewm as ‘slip’. The rest of the interface
‘sticks’ or deforms without relative motion. The gmitude of creep between contacting
bodies is often defined as a ratio, for examplerms of the difference between the
translational velocity of the wheel and its circengintial velocity at the rail (see

Section 6.2).

The division of the contact into stick and slip eens not known in advance and must be
determined by trial, for example by initially assagthat no slip occurs anywhere and
then examining the solution for stress distribuitenatively. With steady rolling, it may
be assumed that there is no change in either thedmr contact geometry over time.
Many models of corrugation initiation and growtls@se steady rolling. But if the
interaction forces fluctuate with time, as in tb#ing of a wheel over a rough rail, any
calculation of the stress distribution in the cehteone and the areas of stick and slip

should proceed step by step from a set of initalditions.
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2.3.2 Hertzian theory

Hertzian theory (developed in 1880 by Heinrich Rttliertz) shows that the contact area
between parabolic surfaces is elliptical, descrhms it grows in size with increasing

load, and gives the magnitude and distributionuofese tractions transmitted across the
interface. The restrictions or assumptions of Hér&ory are summarised by Johnson
[2001]. The profiles must be parabolic, and anyhbrgerms are neglected. Surfaces must
be smooth, non-conforming and frictionless. Elaktif-space theory must be valid, that is
the contact dimensions must be small comparednatth of curvature of the undeformed
surfaces and the contact stresses must not depethe shape of the bodies away from the
contact patch.

Based on these restrictions, Hertzian theory istrattly applicable for the wheel-ralil
contact. The roughness of the surface in pracsitigely to contain wavelengths that are of
comparable length to the dimensions of the comattth, so the assumption of non-
conforming surfaces may be incorrect on the sclilkeoroughness. Conforming surfaces
may also arise across the width of the contatigfwheel and rail profiles are worn. In
addition, the assumption of frictionless contadhonsistent with a model to predict the

wear of a rail due to frictional work.

Despite its limitations, Hertz theory gives a coetplthree-dimensional description of the
normal stress distribution for a steady-state withascillating forces. It has the advantage
that the size of the elliptical contact and thérat the axes can be calculated directly

from a simple set of equations with a low compotadi effort.

2.3.3 Including tangential effects

The tangential force that can be supported by theelvrail contact increases with
increasing creep, until the friction limit is re@chand the full contact area slips. Figure 2.3
shows a simple linear representation of the creegefrelationship. The first model of
wheel-rail contact developed specifically for dwaiy application was that published by
Carter [1926], a two-dimensional solution to thelgem of frictional losses in driving or
braked locomotive wheels. In this case, large tatiglforces are transmitted. Carter
developed a creep-force law connecting the driaregking couple and the creep ratio (see
Section 6.2). Carter’s theory is considered insigfit for vehicle motion simulation as

only longitudinal, and not lateral, forces are ut®d [Kalker, 1991]. Despite this
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limitation it has all the necessary elements fbasic prediction of the stress in the contact

patch based on Hertz theory.

Friction limit reached

Tangential force

v

Creep

Figure 2.3 Example of a linear creep-force relasbip

Vermeulen and Johnson [1964] generalized Carte€sry from the two-dimensional
model, firstly, to include circular contacts anddgtudinal and lateral creep (but no spin),
and then to include elliptical contact areas. Taggumed a linear relationship between
tangential force and creep. Shen, Hedrick and EIKi®83] then developed a non-linear
creep law based on Vermeulen and Johnson’s th€bey used more accurate creep
coefficients than the approximate values used pusly, and incorporated spin (although
not entirely successfully according to Kalker [1P9Their theory is valid for unrestricted
creep but only for small spin, and is thereforefuider vehicle dynamics simulation on
straight track where no flanging occurs. Agairuge is confined to elliptical Hertzian

contacts.

Kalker’s linear creep contact theory makes usé@d-dimensional Hertz theory [Kalker,
1991]. This linear theory is valid for cases wibivIcreep or vanishing slip, as is the case
for example if the coefficient of friction is higRolling takes place in the direction of one
of the axes of the contact ellipse. Creep coefiisi@re defined depending only on
Poisson’s ratio and the ratio of the axes of thaaxt ellipse. The latter in turn depends

only on the curvatures of wheel and rail.

Kalker provided a computer program called ‘FASTSHeY calculating the total force in

rolling contact from a given creep and spin, assignain elliptical Hertzian contact patch

[Kalker, 1982]. The main advantage of FASTSIM ssdpeed and relative accuracy for

cases with Hertzian contact, but it is less aceufghe Hertzian assumptions do not apply.
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The algorithm divides the contact area into strigsating each strip as a two-dimensional
problem. This method neglects interaction betwéerstrips, and works best if the contact
patch width is much greater than its length inrtiieng direction. The surface
displacement at a point is determined only by tiréase traction at the same point,
whereas in reality the displacement at a point dép®n the traction at all points on the

surface.

2.3.4 Non-Hertzian contact

Kalker also developed an ‘exact’ method for allte@h problems of bodies that can be
described by half-spaces, as described in his hbo&e-Dimensional Elastic Bodies in
Rolling Contac{1990]. This is implemented in the computer progf&@ONTACT".
CONTACT works by a variational method, minimisingteain energy function subject to
the constraint that the contact pressure is pesaixerywhere (and presumably zero at the
edges of the contact). It can be used for bothzZitertand non-Hertzian contact problems,
and takes account of transient effects by calagagiep by step from given initial

conditions, following the loading history of therpeaular problem.

The main limitation of CONTACT is the computatiomé [Kalker, 1991]. An extremely
fine discretization of the potential contact areaeiquired in order to deal with micro-
roughness of the surface. Also, CONTACT is limiteetlastic problems and does not

include plastic deformation of any asperities.

If micro-roughness is included, it is predictedngsCONTACT that the maximum contact
stresses will actually be several times higher thase predicted by Hertzian theory, and
correspondingly the real contact length will beslésan predicted by Hertz. The high
stresses are limited to a layer next to the susidueh should experience some plastic
deformation, which may be responsible for the fdramaof white etching layers [Kalker,
1991].

Although CONTACT has historically been prohibitiyedlow for analysing rolling over
the distance required for railway wear analysis¢aiits inception it has remained the
standard against which most other models have atated. In Knothe’s [2008] review
of the history of wheel-rail contact mechanics tages, “Nowadays, most problems of

rolling contact mechanics can be solved using Kakgrograms”.
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2.3.5 Elastic foundation models

An alternative to the elastic half-space assumptdao replace the contact between the
two bodies by a Winkler elastic foundation or ‘mess’. This avoids the difficulty in
elastic contact stress theory that the displacemtesrty point on the contact surface
depends on the distribution of pressure througtimitvhole contact [Johnson, 2001]. If
there is no interaction between the springs oftledel, then the contact pressure at any
point depends only on the displacement at thattpKelker's FASTSIM code uses this
principle. The shape and size of the contact patdetermined from the elastic foundation
model, then stick and slip conditions can be applés in other models) to find the

distribution of the tangential traction.

Remington and Webb’s [1996] three-dimensional ‘filistted Point Reacting Springs’
model used non-linear independent springs to simtie normal contact, but does not

solve the tangential problem.

2.3.6 Other developments in contact mechanics

In Kalker’s [1991] review of wheel-rail rolling ctact theory he draws conclusions about
the appropriate models to use for various purpdsaswear calculations where the profile
is developing over time without particular corrugat Kalker is of the opinion that only a
complete, exact theory such as CONTACT is approgrieen years later Knotle al.
[2001] reviewed the state of the art in technigeesnodelling wheel-rail contact
mechanics. CONTACT remained the most encompassattghavailable, although
Knothe notes that simpler models have uses in gistatle cases.

Jin and Zhang [2001] have produced a rolling cdrtteeory similar to Kalker’'s model but
valid for general three-dimensional rolling contaatoiding the half-space assumption.
This allows the influence of the geometry of thatasting surfaces and any other
boundary conditions, such as elastic deformatiath@fail structure, to be included.

However it is not clear how much difference thiskemto the solution obtained.

Surface adhesion effects in rolling contact haventenalysed by Hao and Keer [2007].
These effectively contribute to friction in the ¢act, but, while friction forces are

commonly modelled as being proportional to the reddmad, surface adhesion can occur
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in the absence of overall forces as a result odetton between surfaces on an atomic
level. This is an interesting tribological probleput for railway applications the high

normal forces mean that surface adhesion effectsnbe less significant.

Recent work on rolling contact in many cases has lagiven by vehicle motion

simulation problems. Particular attention has bgead to improving on a Hertzian
representation of the contact without increasirggadbmputational cost of the problem, and
also to the creep-force relationship, and predicéidhesion limits for traction control

purposes.

Ayasse and Chollet [2005] allow for non-Hertziamdiions in the lateral directior (g.

the transition from an arc to a flat) but assumetii@n conditions in the direction of

travel. This technique does not account for angat$f of the surface roughness or possible
two-point contacts, but has applications for impngwon a purely Hertzian model in
vehicle motion simulations. The size and shapé&eficbntact patches are no longer
elliptical due to the correction in the lateralesition. The calculation of stress in the patch

is carried out in strips in a similar manner to k&ls FASTSIM algorithm.

The effect of surface roughness on the contactipnobas been studied by Bucletal.
[2002], to determine if the gradient of the creepzé relationship is changed by the
presence of surface roughness. They show thabtlghness can be considered as a
boundary layer, and that increasing roughnessdeeeluce the tangential force that can be
supported in the contact. Pauk and Zastrau [206&] @ similar technique to include
roughness in a rolling contact analysis by meardiraénsionless roughness parameters.
This is an analytical model that effectively moegithe shape of the normal and tangential
stress distributions depending on the overall roeghk level rather than the particular
roughness profile, giving more creep between raotjars than between smooth rollers.
These models are used in the low creep range lgagho the adhesion limit.

The negative gradient part of the creep-force catvdgh creepages is another subject of
study. This has been observed in measurementsxéonple by Zhangt al.[2002] and by
Polach [2005], and is attributed to velocity-depamdriction, itself probably the result of
thermal effects [Kragelskii, 1965]. Buchetral. [2006] have modelled dry friction in the
wheel-rail contact using the technique of movalelkutar automata. They investigated

different friction laws, temperature-velocity deplence and the effect of roughness at
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three levels of consideration — macro, micro antbnd@hey found that the decrease in
creep-force curves at high creep values is wellaéned by temperature, velocity and
friction effects. The friction law was found to beghly dependent on the material
properties, and on dynamic processes at the naie-sc

The effect of temperature and velocity on the goigfiit of friction has also been studied
using finite element methods. Daves and FischedZP6olved the contact problem taking
account of non-linearities, contact stress distrdm) temperature effects and plastic
deformation. Their study shows that the materiapprties at the contact may be highly
variable over time. They conclude that assumingtigi#y in the wheel-rail contact may be

overly simplistic.

Giménezet al.[2005] introduced a velocity-dependent frictiorefficient into Kalker’s
FASTSIM algorithm (see also Alonso and Giménez gQ) This model has been used by
Xie et al.[2006] to study wheel squeal but until now, vetgaependent friction has not

been considered in studies of roughness growtlrougation.

Historically it has been impossible to carry oupesiments to characterise the contact
between rough wheels and rails due to the diffjcmtmeasuring stress distributions inside
the contact area. Marshall al.[2006] have used ultrasound measurements to dysme
stress distribution in new, worn and damaged whaetontacts. The roughness was

found to influence the stress distribution sigrfidy compared with a Hertzian analysis.
Short wavelength roughness on the wheel was alserafd to become smoother over
time, repeating, in the laboratory, a result thed heen observed on rails in the field, where

short wavelength grinding marks wear away afterynaineel passages.

2.4 Wear mechanisms

In a general sense, wear may be divided into fainrypes [Rabinowicz, 1965].

(1) Adhesive wear occurs when material fragmerdggatled off one, initially smooth,
surface and adhere to the other surface in slidomgact. Material is transferred rather than
lost. (2) Abrasive wear occurs when rough surfatiede over one another, displacing
material which forms loose wear particles. (3) Sceffatigue wear is observed during
repeated sliding or rolling, causing the formatidreracks which eventually result in the

break up of the surface. (4) Finally, corrosive maecurs when sliding wears away the
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protective film formed by corrosion, allowing fugthcorrosion to take place. Of these four
wear mechanisms, abrasive wear and surface fatiguine most relevant for railway

roughness development.

Nearly all the discussion of railhead wear or daenagchanisms in the literature has
centred on the mechanisms of corrugation formadimhrolling contact fatigue, rather than
on mechanisms for general roughness growth ove. fithis is because corrugation and
rolling contact fatigue are more immediate probléangailways than the noise arising
from the normal broad spectrum of rail roughnesslie The wear mechanisms involved
in corrugation development, rolling contact fatigurel general roughness growth are not
necessarily the same, and it is likely that a coratoon of the various wear mechanisms

OoCcurs in many cases.

For corrugation, Grassie and Kalousek [1993] sunsedrthe knowledge of the time on its
characteristics, causes and treatments. They fodassix different types of corrugation
(heavy haul, light rail, booted sleeper, contatigtee, rutting and roaring rails). They
attribute corrugation development to three damagehanisms: plastic deformation,

rolling contact fatigue and frictional or abrasivear.

2.4.1 Abrasive wear

Abrasive wear occurs as a small amount of materi@moved with every wheel passage.
This is often assumed to be proportional to thetibhal work done in the contact area.
The wear relationship is commonly represented lghArd’s wear equation [Archard &
Hirst, 1956].

In the time and frequency domain interaction modedsussed in Section 2.2, most
authors that have gone on to examine roughnessrargation have done so by assuming
an abrasive wear mechanism. Models assuming abragiar tend to differ in the
complexity of their representation of the contaeichmanics, rather than in their
representation of the wear, although there is seamation in the constant of

proportionality used in the wear equation.
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2.4.2 Rolling contact fatigue and ‘ratchetting’ wear

Rolling contact fatigue is generally thought ofnaisro-cracks in the rail material growing
as the result of repeated loadings, and causin@ggearo the rail when they become large
enough and reach the surface. Rolling contactdatman result in general wear of the
railhead, as well as cracking. ‘Ratchetting’ refiershe wear mechanism that is a result of
high stresses exceeding the elastic limit of theemal and leading to some form of plastic
flow [Kapoor, 1997]. Depending on the loading theray be some strain hardening so that
on subsequent applications of the load, there &irtber plastic flow. High loading can

lead to varying degrees of plastic strain which mesult in failure.

Alwahdi et al.[2005] considered ratchetting wear of a ductiléeral to be a possible
mechanism for the wear of rails. They developeddehthat divides the material into
layers of ‘bricks’. After failure, a brick will beemoved when its layer reaches the surface
of the material. This paper builds on earlier wbhykKkapoor and Franklin [2000] and
Franklinet al.[2001, 2003].

The orthogonal shear stress used by Alwahail. [2005] was calculated for a Hertzian
elastic contact with an elliptical pressure disttibn. The model allowed for partial slip in
the contact region and the effects of partial ahd work hardening on the wear rate were
examined and compared with the full slip case. Mioeel predicted that, after an initial
period with no wear, wear rates would increasehdnefore settling down to a steady-
state. Work hardening was shown to increase thatidarof the initial period of no wear,
and to reduce the wear rate in the steady-statedodncreased traction coefficients
resulted in increasing wear rates. Increasing tbepcincreased the wear rate up to a
maximum value. Overall, the wear rates calculasadgithis model were found to be in
good agreement with measured values for total heiffail removed (about 0.5 mm over
16 months, or 376,000 cycles).

Recent work by Franklin and Kapoor [2007] and bariktin et al.[2008] has developed

the ‘brick’ model further to consider roughnessefs and to include the effects of rail

steel microstructure on wear and crack initiation.
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2.4.3 Plastic deformation

Plastic deformation occurs when the stresses isulface of the rail exceed the elastic
limit of the material. This may occur in the wheail contact area as a whole if
corrugation of the rail leads to high wheel-rateiraction forces. It may also occur at

individual peaks in the roughness profile at a nscopic level.

Clarkeet al.[1988] mentioned plastic flow as a possible me@mrcounteracting abrasive
wear at the corrugation troughs, whereby rails wifier steels might experience higher
forces and more plastic flow at the peaks of catiog. Bohmer and Klimpel [2002]
looked at plastic deformation in conjunction witlcfional wear. They found that plastic
deformation tends to counteract wear until a stesdie is reached. This is because the
effect of plastic deformation is predicted to beajest at the peaks in the normal force
which correspond roughly to the peaks in the catiog. The results of the model show
the surface of corrugation peaks being depressdd thie slopes either side of the peaks
are lifted. This effect, on its own, results ineckase in corrugation amplitude, with the
effects of plastic deformation being more pronouhaeer the sleepers than at mid-span.
In conjunction with a frictional wear model, an ampgmate sort of steady-state
corrugation is predicted.

Plastic deformation as a result of normal surfacghness has been investigated by
Kapooret al.[2002]. They examined the causes of plastic dedtion in a 15 to 2Qm

thick sub-surface layer of a Shinkansen rail, whieeoperating conditions are such that
the rail was not expected to deform plasticallyeysimulated the wheel-rail contact in a
twin-disc experiment and also calculated the cdmiegssures and stresses arising from a
measured roughness profile. They conclude thatmoegs causes contact pressures that
can be a factor of eight higher than the stresses §mooth surface, causing plastic flow

within a few microns of the rail surface.

Daves and Fischer [2002] developed a finite elemerdel of the contact between wheel
and rail with realistic surface roughness. The timstory of the force for the wheel rolling
over the rail, in the area considered, is takemftioe calculated contact pressure
distribution along a straight line on the rail Bostationary contact. The model was used to
show the plastic zone that is formed during a adrdaathe surface of the rail due to the
surface roughness. The depth of this plastic zemecreased if longitudinal creep is
applied simultaneously with the normal load. Sugfasperities of height less thanrh
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are found to lead to a plasticized depth of 1 mterafnly three normal loadings with 0.1%
creep. The deformation rate decreases with repézaddhg and it is thought that a steady-
state must be achieved in order to continue regdagaling of the rails. A possible
reaction of the material is the development of @evetching surface layer which is much
harder than the new rail steel. If this is the catestic deformation may be disregarded as
a mechanism for general roughness growth with hathal roughness levels, in the
absence of corrugations. Wen and Jin [2006] alsemed plastic deformation effects

stabilising under repeated wheel passages usiingadlement analysis.

2.4.4 Experimental characterisation of wear

Recognising that several different wear mechanesxist, an alternative approach to
modelling wear by a single specific mechanism igge data from experiments linking the
severity of the contact conditions to the amounnaterial removed. Bolton and Clayton
[1984] identified three regimes of wear of incregsseverity from mild through severe to
catastrophic. The wear rate was described as arlfoaction of the total tangential force,
the creep and the contact area. Clayton [1996kpted a summary of experimental
research on tribological aspects of wheel-rail aohtHe noted that the most relevant
results are achieved when the experimental testrapas match the field application,
when the relative performance of specimens mataivalgnt field experience, and when

overall patterns of behaviour are investigated.

Lewis and Dwyer-Joyce [2004] examined wear mechasiand transitions for R8T

railway wheel steel and compared its wear resistémother wheel steels. Lewis and
Olofsson [2004] mapped more general rail wear regiand the transitions between them.
This work followed the approach of Bolton and Ctay{1984], using data collected from
small and large scale laboratory tests and fietd.daewis and Olofsson identified the
same three wear regimes as Bolton and Claytongdswtransitions between the regimes.
They did not link the wear regimes to particulamwmechanisms, but found that trends in
wear rate are similar for a range of rail steeighke mild wear regime, there is little
difference in the wear rate for different wheel/raaterial combinations. For more severe
wear rates, a clear difference between differerierred combinations was found.

A mathematical model to predict the wear of railwayeels has been developed by

Braghinet al.[2006] also using the same approach. They dindegtoblem into a four-
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part iterative procedure. The global contact patarseare determined from a multi-body
model of the railway vehicle. A local contact arsadythen calculates the slip and
tangential stress in the contact patch. A wear inocelicts the material removed,
depending on the wear regime, using a table rgjatear rate to tangential force, creep
and contact area. Finally, the wheel profile is sthed and updated and the loop begins
again. Their experimental tests showed that irfiteemild wear regime, the mechanism
for material removal was abrasive removal of arded surface layer. As the severity of
the contact increased, the wear mechanism chamgkohaterial was removed by a
delamination process. In this case (matching ttehedting wear mechanism) plastic
deformation below the surface led to cracking pekralith the surface and the separation
of slivers of material from the bulk. In the finahtastrophic, wear regime these cracks
changed direction to run into the material allowiagger chunks to break away. In normal
wheel-rail contact this final wear regime is nopegted to occur [Lewis & Olofsson,
2004].

Vuong and Meehan [2009] have suggested an andlytimdel based on fundamental
contact mechanics and heat transfer to calculatevéfar coefficients and transitions
between the different wear regimes. However thig@gch, aimed at research into wear
coefficients, is over-complicated for the purposemodelling the wear in the current

project.

2.5 Modes of corrugation initiation and growth

A number of reviews of the field of modelling wherdck interaction and corrugation
growth have been published. Knothe and Grassie3[I'@@iewed track dynamics models
and vehicle/track interaction. Poppal.[1999] examined vehicle-track dynamics with an
overview of wear models. Sa¢b al.[2002] have reviewed rail corrugation studies,
including an extensive summary of Japanese researatell as the better known
European efforts. Nielsest al. [2003] also reviewed train-track interaction and
mechanisms of irregular wear on wheel and railes@$. In this section, selected papers
are grouped by date, summarising significant dgareknts in corrugation growth

modelling over the last twenty-five years.
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2.5.1 Early studies of corrugation

Grassie and Johnson [1985] and Cletrlal. [1988] were among the first to study
corrugation formation as a result of frictional weBhe interaction force component of the
model of Clarket al.[1988] was derived from the original time domaiodel of Clarket

al. [1982], but included vertical and lateral dynamitke lateral dynamics were included
to account for a wheelset having an angle of attalgktive to the rail, as lateral creep was
thought to be more significant in the developmédrdasrugations than longitudinal creep.
Previous work by Clark and Foster [1983] on a Etand longitudinal model of the track
showed the potential to develop corrugation pastdoat no wavelength fixing mechanism
was found until vertical track dynamics were in@dd

An important feature of the model of Clagkal.[1988] is that the wear prediction was
carried out for a series of wheel pass-bys at natgloarying speeds, rather than just for
one speed, and also for varying lateral creep.dJ$ia model it was suggested that short
wavelength corrugations are initiated by lateraksslip vibration, and are likely to grow
significantly if the vertical track dynamic stiffeg is high at a frequency which
corresponds to a wavelength of the order of twheedontact patch length at typical train
speeds. Possible approaches to reduce corrugatimation were discussed including
addressing wheelset yaw misalignment, and alsofgiodithe track vertical receptance to
minimise the vertical dynamic stiffness at theicait frequency perhaps by adding
damping to the pinned—pinned mode. Running a waoktrains with different wheels,
loadings and speeds was also recommended.

Frederick [1986] discussed the causes of rail gatian, mentioning many aspects of the
problem that are still being debated in the literat Rail wear, plastic deformation, the
effect of an initial surface roughness and weastasce of rail steel were all considered.
A frequency domain model of wheel-rail interactionces and lateral and longitudinal
creep was developed, and phase relationships wamasded. Among other things, it was
pointed out that the pinned-pinned frequency hatesinable effects and that continuous
support to eliminate this would be an improvemal#p that damping lateral rail motion is
desirable. In Frederick’s work, short pitch corrtigga was linked to high vertical
impedance over sleepers and low lateral impedaihile, combined with lateral creep of
wheels. Longitudinal creep was thought to opposeetfect of lateral creep in the

frequency range 600 to 1000 Hz.
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Since the work of Clarkt al.[1988] and Frederick [1986], many roughness groaviti
corrugation models have been developed that, fioplgiity and computational efficiency,
limit the degrees of freedom of the system, inalgdonly vertical and longitudinal track
dynamics and neglecting the effects of lateralgree

2.5.2 Efforts during the 1990s

Kalker's book [1990, Section 5.2.2.5] includes sammarks on corrugation. He applied
both CONTACT and FASTSIM to predict the developmeintorrugation over time with a
constant longitudinal creepage. Rather than exagicorrugation initiation, Kalker
included the effect of the force fluctuation agault of the corrugation itself. The purpose
of the analysis was to compare the steady-statelBA% predictions with the transient
analysis of CONTACT. Little difference was foundween the two. The analysis
predicted that corrugation ridges would be grouogrmover time.

Building on the model of Hempelmaehal.[1991], Hempelmann and Knothe [1996]
presented a linear model for the prediction of shitch corrugation, applying Hertzian
contact mechanics with constant lateral creepalgs. model is valid only for the initial
stage of corrugation initiation, with very smalbfple irregularities and linearization about
a reference state. Longitudinal and spin creep wegtected. Rather than calculating the
actual wear for each position as the wheel movasgathe rail (although their model does
do this too), they obtained an exponential growth for corrugation formation.
Corrugation growth was then expressed in termea#llcorrugation growth rates at
certain positions in a sleeper bay for certaindeswies. These corrugation growth rates
were compared with the track receptance, indicdtiaghigh corrugation growth occurs
corresponding to the anti-resonance of the pinnedeal mode at a sleeper. The local
corrugation growth rates are independent of thebmirof wheelset passages and of the

initial profile irregularity.

Higher corrugation growth rates are predicted bynpelmann and Knothe [1996] in
situations with stiff vertical structural dynamigthe track. This occurs where the rail has
an anti-resonance, or when the structure is exeit¢ide node of a modeshape. They also
predict smoothing of short wavelengths as the abriilger provides a mechanism to

suppress very short wavelength corrugation.
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Corrugation growth has also been linked to standiages in the track between the
successive wheels of a bogie [Igeland, 1996]. Tdgebwheelbase was found to be an
important parameter and, if the wheelbase is etguah integer number of sleeper
spacings, can lead to amplification of pinned-pthressonance effects. Separate work by
Manabe [2000] using an analytical model withoutrh$e rail supports also determined
that standing waves between multiple wheels amsaiple wavelength fixing mechanism
for corrugation. This mechanism may explain whyested corrugation wavelengths do
not always vary linearly with vehicle speed.

Igeland and llias [1997] compared corrugation depelent predictions developed using
different wheel-rail interaction models, achievsiqilar results from both models. They
found that non-linear and linear models give déférpredictions for roughness growth.
llias [1999] linked stiffer rail pads with higheorugation growth, and also noted that

parametric excitation of the system is importamtdmrrugation growth.

In an attempt to explain the lack of velocity degemce of corrugation wavelengths
observed in practice, Miller [1999, 2000] investighshort pitch corrugation using a
linear model. He found that, as well as the pinpeuhed resonance, other resonances and
anti-resonances can dominate the development ehihgrofile. The dominant

wavelength that arises where there are multiplerr@sces is determined by a contact
mechanical filtering function that limits corrugai growth to a particular wavelength
band.

J.B. Nielsef[1999] neglected the dynamics of the track andalehreducing the system
to a cylinder rolling over a periodically varyingréace. The development of corrugation
then becomes purely a contact mechanics probleatett using an analytical model
including some non-Hertzian effects arising frora slurface corrugation. J.B. Nielsen’s
model predicts a minimum wavelength at which coatian will occur, corresponding to
the filtering effect of the size of the contactgbatA characteristic wavelength at which
corrugation is more likely to develop was also iifead, determined by the magnitude of
the creep and the length of the contact. Thiscgrestant wavelength effect, not a constant

frequency effect like the pinned-pinned resonakoe wheel-rail contact the characteristic

“N.B. in general, references to ‘Nielsen’ mean :@Nielsen’
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wavelength is likely to be between 25 and 100 minclvcorresponds to observed lengths

for short-pitch corrugation.

2.5.3 Corrugation research 2001-2005

One of very few models of roughness growth thaehaeen compared with measurements
on track is that of Nielsen [2003]. He applied tmse-stepping interaction force model to a
tangent track, and predicted the rail roughneswirover time. Model parameters were
determined by mobility measurements on the trackinitial realistic (but low level)
roughness profile was assumed, filtered at ea¢hnbs time to account for contact patch
effects. The change in the roughness spectrumadinietional wear was calculated as an

average from seven different initial roughnessifgef

The wear calculation employed an elliptical confaatich, but wear was only calculated
along the centre-line of contact. Nielsen [2003jrfd it was acceptable to multiply wear
after a single wheel passage by 200,000 to simthaté&affic over a year (since similar
results were achieved using 8 intermediate ste@$000). The wear constant was
determined from measured data to be 2.5%4@Nm. The model predicted corrugation
growth at wavelengths of about 30 to 40 mm, whimtresponds well with measured
corrugation on a line where 85% of the traffic &spenger trains at 130 km/h (the site was
the same as that used by Hiensthl.[2002]). Slower and less frequent freight trains

were not predicted to have as much impact on roegghgrowth as the passenger trains.

Nielsen [2003] comments that adding damping ta@ilevould be one way to increase
track receptance above sleepers around the pinnedepfrequency, thus smoothing peaks
and troughs in the receptance. He also commerttsvdaa is possibly not the only damage
mechanism, as ‘identical’ tracks do not always ttgysimilar roughness patterns,
referring to Hiensclet al.[2002]. Assessing the relative importance of défe

mechanisms is considered important for future work.

Andersson and Johansson [2004] predicted rail gatron growth, applying a three-
dimensional interaction force model similar to tbeAndersson and Abrahamsson [2002].
Hertz theory was used to deal with the normal atinthe tangential contact was modelled
using the theory of Shest al.[1983]. The spatial variations of creep and tactvere

evaluated using FASTSIM for the wear calculatioksthe wear from a single wheel
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passage is very small, it was assumed that anitiresahange in interaction forces is also
very small. The wear after each bogie passageheasfore multiplied to simulate

thousands of wheel passages, without recalcul#timgontact forces.

The wear prediction showed high wear rates aromodatavelengths corresponding to
resonant behaviour of the train-track system. Theelset spacing was found to have a
significant effect, in accordance with the resoltsgeland [1996]. Increasing the vehicle
speed shifted the growth of corrugation to longave&engths. Andersson and Johansson
[2004] concluded that, for the generation of raliragation on tangent tracks, vertical

track dynamics is of major importance and thatr&tenotion plays a minor role.

The simplest roughness development model is a imestsional Hertzian approach,
applied originally by Grassie and Johnson [198%] also used by Wu and Thompson
[2005] in their study of multiple wheel effects ocorrugation. The width of the contact is
assumed constant for all loads and at each instaime the contact patch is divided into a
stick zone and a slip zone, with wear proportidgodtictional work done in the slip zone.
With soft pads, the interaction force has seveeakp in the frequency range due to
reflections between the wheels and consequentig tne also several peaks in the
corrugation growth rate. With stiff pads theredsd difference between results with single
and multiple wheels. Stiff pads emphasise the mianed effects and lead to a higher

corrugation growth rate at that frequency than sft rail pads.

A different approach was taken by Meeletm@l.[2005]. They developed an analytical
model to investigate corrugation growth, usingna@etidomain model to confirm the
analytical results. The analytical model considbeseffect of dynamic components on
corrugation growth rate, condensing a large nurobparameters into two terms

describing the contribution to corrugation growthnfi the vehicle/track dynamics and

from the contact and wear properties. A sensitiaitglysis was then performed to assess
the influence of various parameters on corrugafldre parameters that had the most effect
on corrugation growth were the wear coefficieng, tatio of the tangential load to the

friction limit, the friction coefficient and the dging of the vehicle and track.
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2.5.4 Recent contributions to corrugation and roughnessi@etiing

Shenget al.[2006] combined the interaction force model of Ighet al.[2005] with a
two-dimensional Hertzian-based wear model simdahat of Wu and Thompson [2005].
The results show that the discrete supports hawgnificant effect on the initiation of rail
roughness beginning with a smooth rail. Maximunglmess growth was predicted
around the pinned-pinned frequency. Low rail pathsiss was found to reduce
corrugation growth although broadband roughnefidstieloped. The inclusion of
multiple wheels in the calculation, instead ofragée wheel, resulted in a lower predicted

roughness growth.

The effect of wheel tread irregularities on rougtsigrowth rate was examined by
Johansson and Nielsen [2007]. They concluded igaaveraging effect of many wheel
passages means that wheel corrugations have gibégkffect on rail corrugation growth.
The standing waves in the rail between the two Vghafea bogie were found to be more

important for corrugation growth.

Meehan and Daniel [2008] and Belletteal. [2008] used the analytical model of Meehan
et al.[2005] to examine the effect of speed and theueegy of successive wheels on
corrugation formation. They proposed increasingsihread of vehicle velocities at a
particular site as a means of reducing corrugagromth rates. As with other multiple
wheel corrugation models, increasing the wheelipgdsequency (by decreasing the
wheelbase) was also found to affect corrugatiomgro

Another analytical model of wear pattern generationorrugation is that of Hoffmann
and Misol [2007]. They apply simple one or two degof-freedom models with a moving
point contact to the problem of wavelength selecitocases of uneven wear. This work
addresses the reason wear patterns are not alw@yasrfional to the velocity, by using
stability analysis to show that dominant wavelesgthn appear as a result of randomly

distributed velocities.

An alternative mechanism for corrugation formath@s been identified by Ciavarella and
Barber [2008] and by Afferante and Ciavarella [20@ferrante and Ciavarella “disagree
that pinned-pinned resonance is so clearly unigresdgonsible for short pitch

corrugation”. Their reasoning is that the wavelbsgif a great deal of measured instances

of corrugation cannot be explained by a constagtfency mechanism. Using an
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analytical model neglecting discrete supports efttack but including partial slip in the
contact based on Hertzian contact mechanics, theytat corrugation may appear in two
regimes, firstly at low frequencies around 500 Hd aecondly at frequencies above
1500 Hz. At low frequencies the corrugation wavgtarnis linearly related to the vehicle
speed, but in the high frequency regime the wagtteremains almost constant. The

corrugation growth depends purely on the geometdylead conditions.

On the other hand, Grassie and Edwards [2008] exptarugation growth in terms of
varying normal forces. The principle is that if ta@gential load is essentially constant,
then fluctuations in the normal force lead to mardéess slip in the contact and hence more
or less wear. Decreasing the normal force givesemlip for the same tangential load.

This work, using a simplified analytical model, gg/some explanation for corrugation
formation after track features such as welds amdgpwhich can lead to significant

fluctuations in the normal force.

The importance of including transient effects ind@ls of rolling contact has been
investigated by Baezzt al.[2007, 2008]. They conclude that, although tramsieodels
converge rapidly to the results from stationary eisavhen the applied forces are
constant, when forces vary rapidly, significantefénces occur between stationary and
transient models. This has consequences when éstgweear at the wheel-rail interface,
so a transient model of the rolling contact shdaddused. One conclusion reached is that
“the type of contact model determines the corrugagiattern, mainly in the cases of short
wavelength defects” (Baersd al.[2008]).

Non-steady-state or transient contact mechaniestsfhave also been studied by Alonso
and Giménez [2008b] and by Knothe and Gro3-Thef@@8]. Most corrugation models
assume quasi-steady contact, where the stres#digin between the wheel and rail at
each point of interest does not depend on thellision at previous locations. Exceptions
include, for example, Kalker's CONTACT program a&hd work of Shengt al.[2006].
Knothe and Gro3-Thebing [2008] find that non-steat#ife effects should be included in
contact models for corrugation initiation and grbwtudies. They act as a filter on the
wavelengths of corrugation growth, limiting it teetrange between 20 and 100 mm,
corresponding to the typical wavelength range oftspitch corrugation. This effect can
combine with system resonances, such as the pipineéd resonance, to give a sort of

‘worst case scenario’ for corrugation growth at elamgths of around 30 to 40 mm.
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Xie and Iwnicki [2008a] have programmed Kalker'sisdonal method [Kalker, 1990] in
Matlab and carried out a study of wear. They exahifirstly, constant normal forces and
then, sinusoidal normal forces, with corrugatiohgarious wavelengths. Non-linear
effects, transient effects and non-Hertzian effeeee all included in a three-dimensional
analysis. They found that, with a non-Hertzian echimodel, the maximum wear always
occurs at the peaks of corrugations, and conselguenighness does not grow. Extending
their model to include time domain wheel-rail iretion, Xie and Iwnicki [2008b] also
calculated time-varying forces and creep and tharvigr driven and undriven wheels for
various train speeds and wavelengths of sinusoadghness. Maximum wear was again
found to occur at the crest of the roughness, tiaguh roughness decreasing rather than
growing. Roughness was also found to decreaseativadband roughness input. Similar
results were obtained from a two-dimensional nonttin contact model [Xie & Ilwnicki,
2008c].

The finding of Xie and Iwnicki [2008a,b,c] that igliness tends to decrease supports the
results of Jiret al.[2005, 2006]. They have studied initiation andlation of corrugation
on curved tracks, using a modified version of Kakeon-Hertzian theory (CONTACT).

They also concluded that corrugation should deeredth more wheel passages.

2.6 Approach for thiswork

The existing work in the fields of wheel-rail ind&tion force modelling, rolling contact
mechanics, wear modelling and corrugation develaypras been reviewed. On the basis
of this review, in this section the appropriate ®lédg approaches to take in order to

achieve the aims of this work are discussed.

To summarise the existing work in the field, it d@nsaid that wheel-rail interaction force
models are well developed and established. Modelaailable with a wide range of

complexity, and an appropriate model can be chasdradapted as required.

Rolling contact models are also reasonably wellldisthed, although historically the
implementation of the most comprehensive modeldkas limited by their computational
cost. Even the most sophisticated contact modetstterely on simplified friction laws to

determine the tangential stress distribution.
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Most existing models of corrugation developmentiassa simple frictional wear model.
More comprehensive models of wear exist, takingantof different wear mechanisms
and wear rates, but these have not been useddfor@ughness or corrugation

development.

2.6.1 Wheel-rail interaction force modelling approach

In this work the frequency range of interest isitéd to between 100 and 2000 Hz. This
includes the range of action of the rail dampens, iapermits the rail to be modelled as a
single Timoshenko beam (see Section 2.2.3). Adia speed of 100 km/h this frequency
range corresponds to wavelengths between 14 anch28Q@vhile for a train at 150 km/h
the wavelength range is around 20 to 420 mm. lotieraforces at shorter wavelengths

will in any case be filtered by the size of the teah patch.

The wheel-track interaction force model used heftgased on the two-dimensional time
domain formulation published by Nielsen and Igelf®b5]. This model, in the form of
DIFF, is well established and has been validatecthbgisurements [Nielsen, 2006].
Although this model has been extended to generibmby Andersson and Abrahamsson
[2002], the subsequent corrugation growth modelihgndersson and Johansson [2004]
indicated that for tangent track the vertical dyreanis most important with lateral
dynamics having only a minor effect (see Secti@&). Many other authors agree that
vertical resonances of the track are importaneteehining the wavelengths at which
corrugation develops, regardless of the directiocr@ep in the tangential stress analysis.
For this reason, to maintain an appropriate le¥ebmplexity, only vertical interaction is
considered. As motion is limited to the verticamp, the vehicle’s unsprung mass is the
only significant component in the vehicle modeahcs the vehicle suspension isolates the
bogie and body from the wheelset. Bending modekeofxle are not considered. Wheel
radial resonances occur at and above 2000 Hz [TeBom2009] and are also neglected
here. The roughness is pre-processed to accouobmvact filter effects, using the two-

dimensional method of Ford and Thompson [2006].

The track is represented by a finite element modalfinite length of track. The rails are
represented by Timoshenko beams. The rail padbaltast are represented as in DIFF as

simple spring and viscous damper systems. Moreistiqated three-parameter
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viscoelastic models for the rail pads exist, asluseAndersson and Oscarsson [2000], but
it becomes difficult to determine each parametertae benefits do not necessarily
compensate for the additional computational castil&ly fractional derivative models

for the rail pad have been developed [Fenander7,1B308] but the added complexity is
unnecessary to calculate the interaction forcélarfrequency range of interest. Some
models introduce an independent ballast mass biblewleepers, or more complicated
mass-spring-damper combinations, but these arelynalevant below 100 Hz and it is
difficult to obtain satisfactory parameter valuesthe ballast models. Therefore in this

work a simple spring and viscous damper ballastehisdused.

A model of the rail damper elastomer is developgdgiparallel Maxwell elements
[Lockett, 1972] in combination with an additiong@kisg. This technique gives an
improved representation of the elastomer loss famter a simple spring-damper system.
More sophisticated methods for time domain modglbhviscoelastic elements have been
developed, for example by Golla and Hughes [1988] lzesieutre [1992]; however the
computational cost of implementing these techniagaésis model is prohibitive.

Track receptances and decay rates are calculatextfre finite element model of the
system and compared with measured values and edtlits from simple frequency

domain track models in Chapter 3. Since the deptthise anti-resonances in the track
receptance have been linked to rail corrugatiorgssessment is made of the effects of rail
dampers on the track receptance and on the dynaingel-rail interaction forces. The time
history of the vertical interaction force obtainadChapter 4 is used as an input to the
rolling contact model.

2.6.2 Rolling contact model approach

It has been shown in models of corrugation devekagrthat the type of contact model
selected can have a large influence on the coiinrgpattern predicted, particularly for
short wavelength roughness. Historically most metalve used quasi-steady Hertzian
models to determine the distribution of stressesuhout the contact patch, assuming that
roughness wavelengths shorter than the lengtheofdhtact can be neglected in a
corrugation analysis. Recent work has shown thertapce of including transient effects,

i.e. the tangential stress calculation should take waticof the loading history in rolling
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contact. In addition, models accounting for nonikian effects give very different results
to Hertz-based models (see Section 2.3.6 and 2.5.4)

Kalker’'s solution of the contact problem, as impémed in CONTACT, is considered the
most complete numerical theory of elastic contaeilable. It is considered to be ‘exact’
in that within the elastic half-space assumptibe,dccuracy of the output is limited only
by computational capacity and the size of the etemesed to solve the problem. In this
work a two-dimensional representation of transiant)-Hertzian rolling contact is
implemented based on Kalker's method. This meteqaeésented and discussed in
Chapters 5 and 6.

A limitation of Kalker’s method is the simple repeatation of friction by a constant
friction coefficient. In Chapter 8, a velocity-dekent friction law is introduced for the

solution of the rolling contact tangential stressrébution.

2.6.3 Wear modelling

Wear mechanisms and models have been discussedtiors2.4. It is apparent that
roughness growth and corrugation models assumsanggie wear mechanism are limited,
and that an ideal model of rail wear would accdantfactors such as elastic and plastic
deformation, high temperature effects, work hamdgnand local variation in material

properties and wear resistance.

For this prediction of roughness growth developmalteérnative wear mechanisms are
considered by using the experimentally determinedrwates of Braghiet al.[2006]. In
this way the wear coefficient is determined at ealeiment of the contact based on the
severity of the conditions at that location. Theatdage of the approach of Bragleinal.
[2006] is that the wear relationship has been aadid using laboratory tests under
controlled conditions. It is a more comprehensivalel than the single wear coefficient

approach, which can only consider mild wear foicattact conditions.

Plastic deformation is not included in this study,it is not thought to be a significant
mechanism for general roughness growth, as disdussgection 2.4.3. In any case the
initial surface roughness levels used in the mbdegk been chosen to prevent excessively

high wheel-rail interaction forces that might I¢adoss of elasticity.
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2.6.4 Measurements of roughness development

Measurements of the development of railhead rougthhave been discussed in

Section 1.4.1. Because of the long time scaledwvedan roughness development, there is
very little measurement data available that examihe change in roughness spectrum at a
single site over time. For this work, roughness sneaments made at Gersthofen as part of
the Silence project have been made available bysbee Bahn AG (see Section 1.2.1).
The test site includes track with two different @ad stiffnesses, and the aim of the
measurements was to examine the effect of rail @asnm roughness growth rates on
typical ballasted track. The measured roughnessrspare presented in Chapter 9, and

discussed in the context of the results of the hoegs model.

2.7 Summary

Extensive studies of short-pitch corrugation depeient over a period of almost 30 years
have not resulted in a clear consensus on the safiserrugation initiation and the
wavelength fixing mechanisms. Corrugation mightlm®nstant frequency phenomenon,
or a constant wavelength phenomenon, or neithbotbr. This confusion also applies to
broadband roughness growth phenomena, if corrugatia develop by a process of
differential wear from an initially broadband rougss level. It is clear from recent work
in this field that the model used to predict thess distribution in rolling contact can have

a significant effect on the predicted wear of thié r

In this work, a model of broadband roughness deretnt is presented using the best
available, non-Hertzian, transient rolling contdetory, alongside a wear model that takes
account of multiple wear mechanisms. In additibe, rolling contact theory is extended to
include the velocity dependence of the frictionfioent. This model is used to examine
the effect of track and vehicle parameters on roegh development. The main parameters
considered are the rail pad stiffness, the vehyge and speed, and the effect of rail
dampers. The effect of rail dampers on roughnesstris of particular interest, as they
are known to affect the pinned-pinned resonandkeofrack which has been linked to

corrugation growth.
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3 MODELSOF TRACK DYNAMICS

31 I ntroduction

A mathematical representation of the track dynaweitaviour is required as the first step
in modelling the dynamic interaction between thkiele and the track. A great deal of
work exists on the subject and many models of thesle been developed in both the
frequency and time domains. These models rangemplexity from simple beams on
continuous elastic support, to elaborate three-dgiomal finite element models including

several support layers under each rail.

One particular well-established modelling approactine time domain using finite
elements is used for the work of this project antherefore described in greater detail.
This model is based on the work of Nielsgtral. at Chalmers University of Technology
[Nielsen, 1991; Nielsen & Abrahamsson, 1992; Niel&dgeland, 1995]. It is used
throughout this thesis to determine the normakauon force between the wheels and a
single rail, required as the input to the wear nhode

In this chapter some frequency domain track modiel®loped by other authors are also
described and compared. The frequency domain madelssed to check the suitability of
the time domain model of the track and to deterrtiieeparameters used to represent
different track components in the finite elementdelo As an additional check, the finite
element model is used to predict the track decteyfoa a typical track configuration for
which measured decay rates are available for casgrarMeasurements have been taken
by Deutsche Bahn AG and Corus as part of the Ej¢gr&ilence at a site near Gersthofen
in Germany [Asmusseet al, 2008]. In this work the model parameters are ehds

match the track and vehicles at this site.

Rail dampers have not previously been includedtmaeck model of this type. A model of
the rail dampers is developed for inclusion infihée element model. The effect of the
rail dampers on the track receptance and decaysratadied and compared with

measurements taken at Gersthofen.
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3.2  Frequency domain track models

The level of complexity required in a model of theck depends on the problem to be
investigated. For some applications, if only loequency behaviour is of interest and
determination of the deformation of the rail cresstion is not necessary, it is adequate to
represent the rail by a continuously supported krbpam [Knothe & Grassie, 1993].

More detailed models include higher frequency bahavand more features of the track

are included, such as different support layerssurdte supports.

3.2.1 Euler beam on continuous support

It is instructive to begin a description of freqagrmomain track models with the simplest
model, an infinite Euler beam resting on a contusielastic foundation as shown in

Figure 3.1. This model provides the basis for namleanced models described later.

JITEIETLIIIIEE N

Figure 3.1 Infinite Euler beam on continuous elastipport

The Euler beam in Figure 3.1 may be characterigatst¥oung’s modulug&, second
moment of area of the sectibrcross-sectional argaand density. The support is
characterised by the stiffness per unit lerigéind a damping loss facter Damping of
the support is included in the following equatitnysreplacingk’ with a complex stiffness

k' (1+7i).

Without damping, the equation of motion of the waed beam shown in Figure 3.1 is

0%u d%u
El —+k'u+ )pA— =0 3.1
ox* P ot? 3-1)

wherex is the position along the beamis the vertical displacement of the beam inzhe

direction and is time.

For harmonic motion of frequeney, the equation of motion may be rewritten as a

dispersion relation betweemand the wavenumbdér

Elh* +k' - pAw’ =0 (3.2)
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The natural frequenay, of the beam on the support stiffness is defined by

k'
w, = |— .
5= a (33)
From Equation (3.2), the wavenumber may be wrigign
V' E - El '

wo IS also known as the cut-on frequency, as belosvitquency the wavenumber cannot

be real and no free wave propagation can occur [psom 2009].

For this work the point receptance (displacemerldande at a point on the rail per unit
force applied at the same point) and track dectey(the rate of attenuation of vibration
along the length of the rail) from the model arentérest for comparison with measured
results and results from alternative track modEh point receptance of the track at

frequencyw (derived from the mobility given by Thompson [200@]

_—(+i)
alw) =25 (35)
The track decay rat® in dB/m is given by
A = -20log,,(explh,, )) = -8.686n,, (3.6)

wherehi, is the imaginary part of the wavenumber [Josetesl, 2006].

3.2.2 Timoshenko beam on continuous support

As the frequency range of interest increases ibimes necessary to include more features
of the track. Using a Timoshenko beam, rather #trakuler beam, extends the frequency
range of validity by including shear and rotatioimadrtia effects. The dispersion relation

between» and the wavenumbéris then [Thompson, 2009]:

h* +C,(w)h® +C,(w) =0 (3.7)
where
_(K=-po®) (P’
Cz(w)—( Cx j ( £ J (3.8)
and
_(K-pA |, pof
C3(a))—( = j(l GAK] (3.9)

in which G is the shear modulus ards the shear factor.
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The point receptance of the Timoshenko beam onraamis support is given by

)= Y - ( h? +C,(w) J

& GAk | 4h® +2h C,(w) (3.10)
Im(hy)<0
where
GAx) [ pla?
C(w) = -
(@) ( £ j ( £ j (3.11)

Equation (3.10) has been adapted from the transteptance given by Thompson [2009]
using the contour integration method of Grassial.[1982]. The summation is of the

residues of the poles lying inside the appropratetour, 2 in this case.

The receptance and decay rate for Euler and Tinméshizeam types are plotted in
Figure 3.2 with parameters as listed in Table Btk receptance curve has a single peak
corresponding to the resonance of the rail magsh@support stiffness, at frequenayin
this case occurring at 440 Hz. This is also thguesmcy at which the track decay rate
begins to drop off. Above, the waves in the rail are uncoupled from the supgo the
track decay rate becomes low.
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Figure 3.2 (a) Vertical point receptance and (brale rate of track modelled as a beam on
a single layer of continuous suppoft:// /7 Euler;, — — — Timoshenko.
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Table 3.1 Input parameters for model of track dseam on an elastic support.

Description Notation Value
Youngs modulus of elasticity E 2.1x10" N/m?
Second moment of area of rail I 30.55<10° m*
Density of rail p 7850 kg/nd
Cross-sectional area of rail A 7.6%10°m?
Shear modulus of rail G 0.77%10" N/m?
Shear factor for rail K 0.4

Support layer stiffness per unit length k'’ 4.6x10° N/m?
Support layer loss factor n 0.20

The Timoshenko beam model is often applied rathen an Euler beam model in cases
where higher frequencies are of interest. It migbtefore be assumed that the results from
the two models would converge at low frequenciedatt, as seen in Figure 3.2, the
inclusion of shear effects in the model leads $onall difference across the whole
frequency range. The Euler beam may be viewedspe@al case of the Timoshenko
beam, with the effects of shear deformation andtiatal inertia neglected. Although

these effects are counteracting, the shear defammetfect is around three times larger
than the rotational inertia effect [Timosheréaal, 1974]. Therefore, including these
effects allows a Timoshenko beam to deform moresutite same static load than an Euler
beam. It appears to be ‘softer’ under static loadl the receptance of the Timoshenko

beam is slightly higher than that of the Euler béhroughout the frequency range.

Modelling the track as a beam on continuous elastpport is sufficient if the frequency
range of interest for the track is below 500 Hz ¢kre & Grassie, 1993]. To represent the
track response at higher frequencies more infoonatbout the track structure needs to be
included in the model. The first improvement to mad the model is the inclusion of

distinct support layers to represent the rail pabtkepers and ballast.

3.2.3 Beam on two-layer continuous support

A two layer continuous support as shown in FiguBeaBlows the resonances of the rail
and sleeper masses on the rail pads and ballastgonulated. In this model the rail pads
and ballast are represented by distributed elksters with no mass, separated by a

distributed mass layer representing the sleepers.
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Figure 3.3 Infinite beam on two-layer continuouastic support.

The support layers are now characterised by tWimesises per unit lengthy’ for the

ballast layer an#,’ for the rail pad layer, with each layer incorporgta damping loss
factorsny andn, respectively. The sleeper mass per unit lengthen direction ism’. The
sleeper layer has no bending stiffness in this mdde resulting support stiffness as seen
by the rail is frequency dependent [Thompson, 2009]
K, (K, =’ m)

k()= (K, +K, —armi)

(3.12)

For this system the receptance and track decaymayebe calculated as for the beam on a

single layer of support in Equations (3.5) and (J&)wavenumbers given by:

ko (ky — a’m;)
e s (k! +k; - ) (3.13)
T El

The corresponding results for a Timoshenko beam raaybbained by substituting the
two-layer frequency dependent stiffné4g) from Equation (3.12) into Equations (3.7) to

(3.11) for the beam on a single support layer.

The receptances and decay rates for both beam fiypibss system are shown in

Figure 3.4 for parameters as listed below in Tal?e Bhe first resonance of the support
system is the rail and sleeper mass on the bédigest at 93 Hz for these parameters. The
anti-resonance of the track at around 210 Hz cpomds to the resonance of the sleepers
on the combined ballast and rail pad stiffnesseéth (ive rail fixed). Finally comes the
resonance of the rail mass on the rail pad stiffraé¢sround 400 Hz. Above this frequency
the rail becomes decoupled from the supports. Euok lecay rate then decreases as

waves propagate freely along the undamped rail.
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The Timoshenko beam receptance and track decayixatiee from the Euler beam

results at high frequency; however in the frequaatyge shown here the results for both
beams are similar.
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Figure 3.4 (a) Receptance and (b) track decay cat@parison between beams on two
layer continuous support/ /7 /7 Euler; — — — Timoshenko.

Table 3.2 Inputs for frequency domain model ofkrai two layer elastic support

Description Notation Value
Youngs modulus of elasticity E 2.1x10" N/m?
Second moment of area of rail I 30.55 x1Pm*
Density of rail p 7850 kg/nf
Cross-sectional area of rail A 7.6%10°m?
Shear modulus of rail G 0.77%10" N/m?
Shear factor for rall K 0.4

Half sleeper mass per unit length my' 245 kg/m

Rail pad layer stiffness ko' | 3.3310°N/m?
Rail pad layer loss factor p 0.20

Ballast layer stiffness ko' | 8.3310"N/m?
Ballast layer loss factor Mo 1.0
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3.2.4 Timoshenko beam on discrete supports

A continuously supported model is valid up to a&00 Hz [Knothe & Grassie, 1993].
Above this, the variation in point receptance betwa position above a sleeper and a
position at mid-span becomes significant and itaigonger adequate to spread the track
characteristics into a continuous support modelis&retely supported track model as
shown in Figure 3.5 is able to represent the pirpiaded resonance of the track.

Figure 3.5 Infinite Timoshenko beam on discretgsuis.

In order to calculate the response of this systbmgdiscrete supports may be modelled as
point forces applied to an infinite free beam. Suppat a large distance from the point of
interest may be neglected due to the decay of Mimsalong the rail. The number of
supports therefore need not be infinite, but medebge enough to give an acceptable

approximation to the behaviour of an infinitely popted track.

The receptance(x,xr) of a free Timoshenko beam is the response aira yto a unit
point force acting atr, and is calculated here using the equations éetail Heckl [1995].
The displacement response of the beghto many different point forces of strengtfs
due to the discrete supports may be obtained fhenptinciple of superposition, so that
J
u(x) =3 Fafx.x; )+ Foar(x,%,) (3.14)
j=1

whereF, is the external force applied by the wheelsat

The force at each support poktis related to the displacemaeif;) by
Fy =—Kulx,) (3.15)
where, for a two-layer support with complex stiffeesk;, for the ballast an#, for the rail
pad and the sleeper mass the dynamic stiffnes is given by
« = ma’k, =K K,
m’” - (k, +k;)

(3.16)
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This has a similar form to the stiffness in EquatB.12), but the sleeper mass and the

stiffness of the rail pad and ballast are no lorstributed along the length of the rail.

From Heckl [1995], the receptance of the systethes the displacement response of the

beamu(x) at a general pointto a unit force of frequenay applied aixo:
J
a(w)=u(x) = —Zl KU(X; )a(x Xj)+a(x’xo) (3.17)
=

and the point receptance is the displacement regpoiithe beam &g to the unit force
also acting axo. Equation (3.17) is evaluated firstly for the pgaieceptance at each of the
J support points, giving a set of equations fromakirexpressions far(x) may be
extracted. These can then be used in Equation)(®Xietermine the receptance at any
general point.

The average decay rate along the track may belatddurom the calculated transfer
receptances in the same way that it is calculated fneasured frequency response
functions over many sleeper spans. The decay adtalated in this way is not strictly
identical to that calculated from the imaginarytpdrthe propagating wavenumber as in
Equation (3.6), as it includes all wave types, hmthpagating and near-field. However it is
similar, especially at high frequencies, and i®adjindication of the track properties. The
calculation and the differences between the twdoos are described in detail by Joees
al. [2006].

For measurements on a real track, the requiredidérecy response measurements (mobility
or accelerance) are taken at a grid of points,nmegg with the point response in the

middle of a sleeper bay and then moving the exaitgioint away. The points are closely
spaced initially with four in each sleeper bay apttire the higher decay rates which are
typically around 10 dB/m. The points may be spdaeither apart to measure the response

at larger distances in order to obtain lower deedgs.

With responses calculated from a track modelissible to obtain the transfer
receptance between any number of points, so theydate may be calculated in the same

manner. From Jonex al.[2006], the track decay ratein dB/m is given by
_4.343v(0)°

:ij;Y(Xj )‘2ij (3.18)
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whereY(0) is the point mobility ax; = 0, the first point in the gricknaxis the maximum
measurement or calculation distance, Ards the distance between the midpoints of each

grid interval to the locations either side. Thalgreed not be evenly spaced.

Figure 3.6(a) shows the comparison of the trackptmce at two points in a sleeper bay.
All parameters are as for the two-layer distribuigagport model, but divided between the
discrete supports at 0.6 m intervals. At a locatiotihe middle of the sleeper bay, the
pinned-pinned resonance results in a peak in #ok treceptance. Above a sleeper, there is
a corresponding anti-resonance. The inverse optanee is stiffness, so above a sleeper
the track appears to be stiff, while at mid-spantthck appears to be soft. For these
parameters, the pinned-pinned frequency is aro0@0 Hz. The pinned-pinned resonance
also adds a peak to the track decay rate when agiliggretely supported track model, as
shown in Figure 3.6(b).
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Figure 3.6 (a) Receptance and (b) decay rate faroGhenko beam on two layer discrete
supports:/7 [7[7 Receptance mid-span; — — — Receptance aboversleepe

3.2.5 Frequency domain model with viscous damping

In the above frequency domain models, damping bas included in the form of a
constant loss factor (a hysteretic or structurahgiag model). This is realistic for many

materials, in particular the rail pads. Howevertagetic damping can only be used in
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frequency domain models as it leads to causaliplpms if applied to time domain
models. The conventional damping model used irithe domain is the viscous damping

model as shown in Figure 3.7.

O LG

Z 7 7 i i i
Figure 3.7 Infinite Timoshenko beam on discretgsuis (viscous damping).

For this damping model, the complex stiffness agappreviously to the rail pad and ballast
in the formk(1+iy) is replaced bk+iwc wherec is the viscous damping. The constant
termksy has been replaced by the frequency-dependentderifihe response of this
system may also be calculated using the technifiteckl [1995], with the force at each
support poinf; related to the displacemau(l;) by K as in Equation (3.15K may be
determined from the equations of motion of a sirsglpport as shown in Figure 3.8.

Figure 3.8 Single support with viscous damping

The equations of motion of this two-degree-of-fremdsystem are
msul + kbul - kp (Uz - ul) + Cbul -C, (uz - ul) =0
W) (3.19)
K, (Uz a Ul) +Cpy (Uz a Ul) =F
Writing the forces and displacements in the fétm Fe“, y = U;“" and eliminating the
exponential term yields
-mwU, +kU, -k, (U, -U,)+iwcU, —iac, (U, -U,)=0

. 3.20
kp(Uz_Ul)'chp(Uz_Ul):Fj ( )
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EliminatingU; and rearranging into the form of Equation (3.15gg

F, (— mw’ +Kk, +iaJcb)(kp +ia)cp)
K=—L= . : (3.21)
U, -ma’+k, +k, +iax, tiac,

This is the same d§in Equation (3.16), i€, andc, are set to zero and the pad and ballast

stiffnesses are complex.

For comparison with the structural damping modwed,ttack receptance and decay rate
from a model with viscous damping are shown in Fega19.
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Figure 3.9 Receptance (a) above sleeper and (b) pad-and (c) decay rate from

Timoshenko beam on two layer discrete supparté: /7 structural damping; — — —
viscous damping.
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The rail pad and ballast stiffnesses are the sareach case shown in Figure 3.9. The rall
pad damping for the viscous damping model is 12})n and the ballast damping is
130,000 Ns/m. With these values, the resultingpad damping is equivalent for both
damping models at a frequency of 530 Hz. The badlamping is equal for both damping
models at a frequency of 180 Hz. The viscous daghpiadel parameters have been
chosen to match the decay rates with measuredsvalugypical UIC60 track with
relatively soft rail pads of stiffness 200 MN/moifin the Silence project test site at
Gersthofen (see Section 3.5).

3.3 Finitedement track model

A finite element model is an alternative to the\abmfinite beam models. The
disadvantage of a finite element track model is ith@quires the track length to be
truncated, which could introduce errors if the mizdklength is insufficient and

reflections from the ends of the structure becoigificant. However, the advantages of a
finite element model are the capability to simulad@-linear effects, for example in the
wheel-rail contact and in the rail roughness. lutagsleeper spacings or support
stiffnesses may also be considered. In additidimita element model allows rail dampers
to be included in a straight-forward manner, angat@ns in the damper design and
placement to be considered. Finally a finite eleihmendel allows the calculation of wheel-

rail interaction forces in the time domain with awving vehicle.

The track model used in the remainder of this wsttke finite element model described
here. For the sake of efficiency and control, thid element track model has been
implemented in dedicated software. The method ¥lthat of Nielsen and Igeland
[1995].

A finite length of track is modelled by specifyiaghumber of sleeper bays to include and
the sleeper spacing. The rail is modelled usingoEinenko beam elements on discrete
supports. Half the track only is considereed, a single rail on half sleepers. The sleepers
are modelled as lumped masses, while rail pad®altast are modelled as spring-damper
sets with a simple viscous damping model, showfigare 3.10.
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Figure 3.10 Finite element two-dimensional trackdelo

s &

3.3.1 Equations of motion for track

The track is modelled as Timoshenko beam elemenssipports to simulate the rail pads,
sleepers and ballast. The track is truncated toite fength, with sleepers spaced
periodically. In each sleeper bay the rail is déddnto a number of elements. Each
support/sleeper consists of two spring-damper aismepresenting the pad and ballast,
with a lumped mass for the sleeper itself. The eegof freedom of the model allow
displacementi in the vertical direction and rotatighin the vertical plane. Lateral effects
are not included. The track ends are constrainglisplacement and rotation depending on
the chosen boundary conditions. The displacemestorgu;j} for a general element of the

model linking nodes and;j is then

{U ij} = 4 (3.22)

The mass and stiffness matrices of the beam elsnaeatdetermined using Timoshenko
beam theory as described by Petyt [1990]. Theviollg equations are equivalent to those
for an Euler beam ifis set to zero, thus neglecting the effects oashed rotational

inertia. The mass matrix for each rail beam elenmsent

m m, m m, m m -m m
_ pAa m M -m, m | ol m, My, —m; my

N UUT Ty — (3.23)
2101+38)° | my-m, m -m,| 30a(1+38)°|-m,—m; m, —-m,
m, mg -m, m m, m, -m, m

wherea is half the element length,
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B= Ve (3.24)
and
m, =156+ 8825 +12605°
m, = (44+ 2318 +3158)a
m, =54+ 3786 + 63057
m, = (- 26-1893-3158%)a
m, = (16+ 843 +1264 )a?
(3.25)
m, = (~12-843-1268°)a?
m, =18
m, = (3-458)a
m, = (8+308 +18087)a?
my, = (-2-308+905%)a?
The stiffness matrix for each rail element is gibgn
3 3a -3 3a
- 3a (4+3B)a° -m, (2-3p)a’ (3.26)
2a°(1+38)|-3  -3a 3 -3a

3a (2-3B)a> -3a (4+3B)a’

The damping in the rail itself is known to be véw. The loss factor of steel is about“0
A hysteretic loss factor of 0.02 is typically usedrWINS models, to make up for cross-
section deformation effects at high frequency #ratnot explicitly included [Thompsaat
al., 1996a]. Other frequency domain models have usétbss factors of 0.01 [Shermyg

al., 2005], and 0.004 [Nordborg, 2002] if rail dampiedncluded at all. Often it is
neglected, as in the work of Nielsen and Igelar®®§l. In a finite-length model, the
inclusion of a realistically low level of damping ihe rail elements is beneficial in order to
allow the length of the model to be minimised withincreasing the effect of reflections
from the track ends, particularly at higher freqeiea where the rail vibration decouples
from the supports which have higher damping levEi®refore in this work damping of

the rail elements is included in the form of st#&s-proportional Rayleigh-type damping.

For Rayleigh damping, the element damping matrpragortional to a linear combination
of the stiffness and mass matrices [Petyt, 1990]:

c=am+ak (3.27)
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For stiffness-proportional Rayleigh damping thefioent a; is zero. Stiffness-
proportional damping is chosen here rather tharsmpesportional damping, or a
combination of the two, as its effects increasdfriéquency, and it has been found to be
reasonably representative of internal material daghpPetyt, 1990]. The coefficiemt is
estimated and the damping rafiat the frequency of any mode of the system may be

calculated from:

e
8, =" (3.28)

For this work a value o, = 1x10° s is assumed. This corresponds to a dampingagatio
modes at the upper end of the frequency rangetefest (2000 Hz) of 0.006, or a loss
factor of approximately 0.012. At lower frequendiles loss factor is correspondingly
lower. The damping matrix for a rail element isrthe

c, =a)k, (3.29)

The mass, stiffness and damping matrices for gpeailelement are listed below (including
the sleeper mass). Each rail pad element conneatsreode and a sleeper node. Again the
degrees of freedom of the model allow displacemétite sleeper in the vertical direction.

Rotation of the sleeper mass in the vertical plameglectedn is the mass of half a

sleeper (since one rail only is considered).

00 O O
00 O O
m =
=0 0 m o (3.30)
00 O O
k0 k0]
0 kPLP 0 _kPLP
_ 12 12
=k, 0 ok, 0 (3.31)
2 2
O kPLP O kPLP
L 12 12
¢, 0 2 -C, 0 2_
O CPLP O _CPLP
_ 12 12
Cp = <, 0 c, 0 (3.32)
2 2
0 CPLP O CPLP
L 12 12

65



Herek; is the vertical rail pad stiffness anglis the vertical rail pad damping. Rotational
stiffness and damping due to the rail pad are degun the terms involvinb,, the length

of the rail pad along the rail. The inclusion oésle terms has a small effect on the pinned-
pinned resonance of the track, particularly iffsail pads are modelled. Similarly for the

ballast elements:

0000 k, 0 -k, O c, 0 -c, O

m =0 000 | _J0 000 0000 5.33)
0000 k, 0 k, O <, 0 ¢ O '
0000 0 0 0O 0 0 0O

For the ballast element, the mass matrix is nulhasleeper mass has been included in the
pad elementk, is the vertical ballast stiffness, is the vertical ballast damping. Any
damping in the rotational degree of freedom dutaédballast layer is neglected, as is
rotation of the sleeper mass. In addition, the gdomodes are constrained, that is, terms
for the displacement and rotation of the groundesoate set to zero after assembling the
global matrices of the system. The global matraresassembled from the element

matrices in the usual way [Petyt, 1990].

The equations of motion for the track finite eletemdel may be written as

m{a} +c{u} + k{u} ={f} (3.34)
whereM, C andK are the global mass, damping and stiffness matfarethe finite
element model anfli} is the vector of displacements of the degreeseaidom in the

model.{f} is a vector of forces and moments acting on tltes®f the model.
Equation (3.34) may be rearranged in order to ssprethe problem as a first order
system:
track track f
Ay + By = 0 (3.35)

whereA"* andB"™* are assembled from the global mass, stiffnesslantbing matrices
andy is a vector of the displacements and velocitiethefdegrees of freedom in the

model:

Atrack_C M. Btrack_K O _ Ul V =iw 3.36
Mool o -ml YT YTiey (3.36)
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Harmonic solutions are sought at frequeacyVith the right hand side of Equation (3.35)
set to zero, solving the eigenvalue problem resunltssystem of complex eigenvalues i
and a complex modal matrixwith the eigenvectorg™ as columns [Nielsen & Igeland,
1995].

(1) (2N)
P =[ 4 / (3.37)

iwp® ... iw g

The size oP is 2N x2N whereN is the number of degrees of freedom in the traokleh
The number of columns used can be reduced if hat@des are to be included in the
modal summation. For this work, modes with naténeuencies up to 3000 Hz are

included covering approximately twice the frequeramyge of interest.

The eigenvalues and eigenvector®iare complex conjugate pairs; hence the number of
columns is twice the number of degrees of freedothe model. The lower half &f is

equal to the upper half multiplied by the corresfing eigenvalues.

The modal matriP is used to transform the equations of motion efttack to modal

coordinates, wherg is the modal displacement vector ddds the modal load vector:

f
y=Pg, Q=P' {o} (3.38)

The uncoupled equations of motion of the trackibea [Nielsen & Igeland, 1995]
diag(a)q +diagb)qg =Q (3.39)
where

diagla) = PTA"™*P; diagb) =P B"*P (3.40)

The elements of the diagonal matrieeendb are functions of the modal mass, stiffness
and damping (see [Abrahamsson, 1988; Nielsen & Wdoresson, 1992]).

The uncoupled equations of motion of the track @igun (3.39)), with the equations of
motion of the vehicle and the equations governimgwheel/track interaction (see
Chapter 4), are in a form suitable for solving gsstate-space formulation and a time-

stepping routine.
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3.3.2 Receptance and decay rate from finite element tnaattel

The track receptance and decay rate may be caduiatm the finite element track model
for comparison with that from the frequency domisaick models. The receptanog(w),
is the response in degree of freedaduie to a harmonic force of unit magnitude and
frequencyw applied to degree of freeddimFor the formulation used hemanodes are
included in the summation with, being the natural frequency of mode

n PP,

' (W) = rZ:;, (a) (

iw-ia)

(3.41)

The calculation of track decay rates from frequeamsponse functions is as in
Equation (3.18) following the method described biyeket al.[2006].

The finite element model parameters are listed ine€ral8. They have been tuned to those
of the Gersthofen test site by comparing calculdtchy rates with measured track decay
rates. These parameters are the same (where equj\adehose used previously in the

infinite track models.

Table 3.3 Input parameters for time-stepping int&i@n force model.

Notation| Value Description
L 0.6 m Sleeper spacing
E 2.1x10" N/m?® | Young’s modulus of elasticity
Iy 30.5510° m* | Second moment of area of rail
p 7850 kg/mi Density of rail
K 0.4 Shear factor for rail
G 0.7710" N/m? | Shear modulus of rail
A 7.6%x10°m? | Cross-sectional area of rail
ms 147 kg Half mass of sleeper
ko 2x10° N/m Rail pad stiffness (‘soft)
Ko 8x10° N/m Rail pad stiffness (‘stiff")
Co 12x10° Ns/m | Pad damping
Ko 150x10° N/m | Ballast stiffness
Co 130x10° Ns/m | Ballast damping
Lo 0.15m Rail pad width
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3.3.3 Model element size, truncated track length and bdamnhconditions

In this section the basic parameters selectechéofinite element model are determined
and validated. In representing the rail over edebper bay as a number of finite elements,
it is important that the number of elements is leglbbugh to give accurate results when
calculating the wheel-rail interaction force in finequency range of interest. Also, there is
a need to be able to determine transfer receptatacpsarter-sleeper intervals for the
calculation of track decay rates. To maintain #éily in the model when including rail
dampers, rail nodes are also required for ‘attaghthe dampers to the track model at
particular locations. For geometric convenienca thige minimum number of elements
per sleeper bay that can be used in the modelis owever, the number of elements
used to represent the rail in each sleeper bast i® ®ight, for reasons described in
Section 4.4.1 where the effect of the rail elentength on the interaction force is

discussed further.

The number of sleeper bays included in the finikenent model must be sufficiently large
to allow track vibrations to decay significantlyfbee being reflected from the ends. The
necessary number of sleeper bays can thereforstineaéed from the expected minimum
track decay rate. The minimum decay rate from measents and predictions from a
simple beam track model described by Jagted. [2006] for a similar track is about

0.3 dB/m. A similar minimum decay rate is predicbgdthe discretely supported track
models (Figure 3.9). Vibration amplitudes will taBre decrease by 10 dB over a distance
of at most 33 m. Assuming this reduction is suffitito prevent reflections having a
significant effect in the central sleeper baysaak length of at least 16.5 m either side of
the central sleeper bays of interest is requireith &/sleeper spacing of 0.6 m the required

length of the model is approximately 60 sleepeishay36 m.

The rail point receptance above a sleeper anddispan are shown in Figure 3.11(a) and
(b), calculated from this 60 sleeper bay model \ikbd end conditions. These are plotted
against the corresponding results from the frequeomain model with periodic supports
and viscous damping. Other end conditions have beesidered but the fixed ends give
the best match with the infinite frequency domaivdel results at the pinned-pinned
frequency. The decay rates from these models an@rsin Figure 3.11(c) and again the
finite element model and frequency domain modet givnilar results. The decay rate for

the finite element model has been calculated dwventiddle 25 sleeper bays of the model.
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Figure 3.11 Track vertical receptance (a) aboveepk, (b) mid-span and (c) decay rate.

[7[7 [7 finite element model; — — — discretely supponteguency domain model with
viscous damping.

To minimise the effect of reflections from the emdshe track, the damping of the five rail
pad elements at each extreme of the track moddddes increased by a factor of five. A
similar method was used by Andersson [2003]. Abtd@ Hz the receptance calculated
from the finite element model begins to show somwy glight oscillations due to the
discrete length of the model, however these aignificant. This additional damping does
not significantly affect the magnitude of the retaggwe. The small differences in the
receptance seen at high frequencies in Figure &.Rhd (b) are due to limiting the

number of modes included in the finite element nhadanmation.
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The small differences in decay rate at high fregiemnbetween the finite element and
frequency domain models seen in Figure 3.11(cilaeemostly to the addition of Rayleigh
damping to the rail in the finite element modeleTddditional damping applied to the rail
pads at the track ends has a smaller effect oddbay rate than the Rayleigh damping.
Limiting the number of modes included in the finllement model also affects the decay

rate, but again this is less than the influencithefRayleigh damping.

The effect of the Rayleigh damping that has beeluded in this model is shown in

Figure 3.12. The small amount of Rayleigh dampisgdugives a slightly smaller dip at the
pinned-pinned resonance above a sleeper compatiedestiing the coefficierd, to zero
(Figure 3.12(a)). Using a much higher damping coietffit in the rail however has a
significant effect on the pinned-pinned resonaattepugh it also smoothes out the minor
undulations arising from reflections from the enflshe model. The track decay rates in
each case shown in Figure 3.12(b) show the effietteorail damping more clearly. The
small amount of stiffness-proportional Rayleigh g&mg used here is reasonable, whereas
a higher amount of rail damping would eliminatdeaetion effects entirely but have
adverse effects on the model particularly by aitfly reducing the pinned-pinned

resonance.
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Figure 3.12 (a) Track vertical receptance abovdegger and (b) decay rate with different
Rayleigh damping coefficient&? [7 [7 a=1x10°s; — — —a0s; - - - - - - &10x10°s.
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Although it is frequency dependent, the effecthaf Rayleigh damping in this work is
similar at 2 kHz, the upper end of the frequencygea to the effect of setting a constant
rail loss factor in TWINS. The intention in TWINS o mimic the extra damping that

arises at high frequencies due to cross-secti@falmation of the rail interacting with the
rail pads [Thompson & Jones, 2000].

3.3.4 Effect of rail pad stiffness on track receptancd decay rate

The parameter that is subject to the greatestti@rior typical ballasted railway tracks is
the pad stiffness. Figure 3.13 presents the regeptand decay rate for track with stiffer
rail pads, 810° N/m, but with all other parameters as in Table 3.3
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Figure 3.13 Track vertical receptance (a) abovespka, (b) mid-span and (c) decay rate.
[J 7 [7 stiff rail pads 810° N/m; — — — soft rail padsx20® N/m.
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With stiffer rail pads, the anti-resonance in tloénp receptance of the rail due to the
sleeper mass vibrating on the ballast and pachstffes is shifted to around 400 Hz, from
around 200 Hz for the soft pads. The resonanceeofdil mass on the support stiffness is
also shifted up, from 410 Hz to 760 Hz. The pinpathed resonance frequency at the
middle of a sleeper span is not greatly affectethyincrease in pad stiffness although its
amplitude is increased. The anti-resonance dusgonode at locations above sleepers is
also much deeper with stiff pads than with softgadd is increased in frequency. The
slight oscillations in receptance caused by thedated track seen with the soft pad model

are no longer visible with the stiffer rail padsdo the higher decay rate.

The track decay rate rolls off at a higher freqyenth the stiffer rail pads. This is the
frequency at which the rail becomes decoupled filoesupports. The decay rate is higher

with stiffer rail pads in the frequency range betwearound 300 Hz and 2000 Hz.

3.4 Modesof rail dampers

Rail dampers are available commercially with vasidesigns produced by different
manufacturers. The rail dampers modelled in thigkveoe of the design proposed by
Thompsoret al.[2007]i.e. tuned, damped mass-spring absorber systems, ivitdr ene
or two masses enclosed in an elastomeric mat&aaly versions of these dampers were
applied in a continuous strip along each side efr#il. In their current form, as tested in
the Silence project [Asmussehal, 2008], discrete dampers are fastened to tharalil
pairs, either side of the rail in the middle of leateeper bay.

The inclusion of rail dampers is achieved in thedgldoy adding additional elements to the
finite element track model. In order to understdraleffect that they have on the track
dynamics, models of the rail dampers with incregsimmplexity are examined here.

3.4.1 Additional mass added to rail without additionalnajging

The mass that a rail damper adds to the trackymsfeiant. The dampers used in the
Silence project [Asmussest al, 2008] add 28 kg/m to the track, compared withib r
mass per unit length of 60 kg/m. Even in the abse@f@dditional stiffness and damping,
this extra mass changes the track dynamics. Tinyéstigated first using the model
shown in Figure 3.14. Figure 3.15 shows the recegtand decay rate results from the

model of the track with soft rail pads, but withauhditional 17 kg added at the rail node in
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the middle of each sleeper bay, the mass of aopaail dampers for one sleeper bay of
length 0.6 m.

Damper mas ————>

[ ) [ ) [ ) [ )
% Rail nodes e/'%

Sleeper nod
;j 7 7 7 7 7 7 7 i

Figure 3.14 Addition of lumped mass to a sleepegribahe finite element model.
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Figure 3.15 Effect of added mass at mid-span ocktkeertical receptance and decay rate

(a) receptance above sleeper, (b) receptance mad-sfc) decay rate7 /7 /7 17 kg
added mid-span; — — — no added mass.
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With the additional mass, the pinned-pinned fregyes shifted from 1070 Hz down to
760 Hz, and the magnitudes of the resonance anahtiveesonance at the respective
locations are increased (see Figure 3.15(a) andé-815(b)). In terms of stiffness, the
track will appear even stiffer above sleepers amheofter at mid-span than in the normal

case without rail dampers or extra mass.

The additional mass introduces a peak into th& ti@cay rate shown in Figure 3.15(c)
corresponding to the shifted pinned-pinned frequemhis is a result of increasing the
usual pinned-pinned effects by adding the massesdaspan. In practice, measured decay
rates on tracks without rail dampers can displayuiees of a similar magnitude. These are
an effect of the measurement technique which saygskdominantly at mid-span (see
Joneset al.[2006]). Here, however, the peak is due to thetexidof the 17 kg mass to the

rail at mid-span.

3.4.2 Lumped mass rail damper model with viscous damping

A simple model of a rail damper represents it agmgle lumped mass attached to the ralil
in the centre of each sleeper bay via a springvasabus damper system, as shown in
Figure 3.16.

Damper mass node———_ /’\

X o
Rail nodes
; Sleeper nOd%
74

Figure 3.16 Addition of rail damper into a sleefiiety in the finite element model- simple
viscous damping model.

This representation of the rail dampers exhib#sgle resonance, of the damper mags

on the spring stiffneds;. This ‘tuning frequency’ can therefore be chosgrs&itingky for

a particular mass. The parameters for this mod#iefail damper are given in Table 3.4.

The three values of stiffnekghave been chosen to give tuning frequencies belband

above the pinned-pinned resonance. The dampinfj@eat ¢4 gives the same damping at
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800 Hz for the damper tuned to 1050 Hz as the nalnhiss factor of the damper

elastomer, 0.35.

Table 3.4 Parameters for lumped mass representatioail dampers with viscous

damping, for various damper tuning frequencies.

Description 800 Hz 1050 Hz 1300 Hz
Mass of damper pairy 17 kg 17 kg 17 kg
Elastomer stiffnesky 4.3x10° N/m | 7.410° N/m | 11.310° N/m
Elastomer dampingy 3.0x10* Ns/m| 3.0x10" Ns/m | 3.0x10" Ns/m
Equivalent loss factor at tuning frequenay.35 0.46 0.57

The addition of this rail damper model to the tragain results in a shift in the pinned-
pinned anti-resonance above a sleeper to a loeguéncy, as seen with the addition of
pure mass to the system. In this case, shown ur&ig.17(a) and (b), the pinned-pinned
resonance peak at mid-span seen in the model witaibulampers has been smoothed out
especially if the rail damper is tuned to 1050 ldamthe pinned-pinned frequency. A
smaller peak appears instead at the shifted pipimeted frequency. This occurs at 690 Hz
for the stiffer rail damper and slightly lower aband 660 Hz for the damper tuned near
the original pinned-pinned resonance. The sofiedeanper does not give a very distinct

resonance at mid-span, as it is damping contrallede new pinned-pinned frequency.

An extra resonance above the sleepers has beedun#&d with the addition of the rail
dampers to the model. This corresponds to mod#seatil with the dampers as nodes in
the middle of each sleeper bay, and the greatiéslisplacements occurring above the
sleepers. It is the same modeshape as the pinnadebmode of the rail without rail
dampers, but shifted half a sleeper bay alongrtukt This resonance occurs at around
1180 Hz, higher than the pinned-pinned resonantteowt the rail dampers as it is affected
by the stiffness of the rail pads. It is also mdaenped than the original pinned-pinned

resonance as a result of the rail pad damping.

For this damper model, the tuning frequency of B@thas the greatest effect on the
pinned-pinned resonance, resulting in the largafitte lower frequency and also in the
greatest reduction in the depth of the anti-resoaabove the sleepers. This may be partly
because the rail damper tuning frequency corresptimthe new pinned-pinned frequency

of the system with the rail dampers (and their &oloal mass).
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Figure 3.17 Effect of rail damper (lumped mass pirng and viscous damper) on track
vertical receptance and decay rate for various damnipning frequencies: (a) above
sleeper, (b) mid-span, (c) decay raté// /7 no rail dampers ; — — —1050 Hz; - - - - - - -
1300 Hz; — - — - —- 800 Hz.

The track decay rate from the model is shown iuf@.17(c). The decay rate rolls off as
for the model without rail dampers at the frequeatgiecoupling of the rail from the
supports. The decay rate then increases agaie dathper tuning frequency, and remains
high throughout the frequency range of interespiieshere being no further resonances
of the rail damper. Much of the effect on the dedg above the damper tuning frequency
is due to the viscous damping model giving increg&iffective loss factor with increasing
frequency. This effect may unintentionally mimie thehaviour of the actual rail dampers,
which have two tuning frequencies and additionanbdéending modes and therefore
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increase the track decay rate across a broad fmeguange. However a more
comprehensive model of the rail damper than timgpk single-degree-of-freedom system

is desirable to give a better representation optioperties of the elastomer in the finite
element model.

3.4.3 Measured rail damper properties

In order to model the effect of the rail damperdtmntrack dynamics, it is particularly
important to represent the properties of the etastaaccurately. The stiffness and
damping properties of the elastomer used in tHelaanpers tested in the Silence project
have been measured in the form of shear modulusoaadactor across the frequency

range of interest and are shown in Figure 3.18p($egh by Corus).
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Figure 3.18 Measured shear modulus and loss factofrequency for Silence project rail
damper elastomer (supplied by Corus).

The elastomer stiffness (shear modulus) incredsgdlg with frequency, while the loss
factor is relatively constant. The apparent de@@asoss factor measured above 1000 Hz
is a function of the measurement procedure, dgigncreasing gradient of the shear
modulus. Resonances in the measurement apparatisinean erroneous measurement of

loss factor above about 1000 Hz, in practice tiss factor is not expected to decrease
[Ahmad, 2009].
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The stiffness parameter of the simple viscous dagpiodel of a rail damper presented in
the previous section can be set to give the coda&tiper tuning frequency. However, the
ability to fit the damping characteristic is limit@s the equivalent loss factor of the rail
damper model is linearly dependent on frequencg. [dks factor from the simple viscous
damping model (using parameters from Table 3.4Herdamper tuned to 1050 Hz) is
compared in Figure 3.19 with the measured los®factd the nominal target loss factor
for the damper design of 0.35 [Thompsral, 2007].
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Figure 3.19 Equivalent frequency dependent loswofasf finite element model of rail
dampers tuned to a natural frequency of 1050 HZ/ /7 measured; - - - - - - - viscous
damping model; — — — nominal constant value.

The loss factor of the simple viscous damping leenlset to be equal to the nominal loss
factor in the middle of the frequency range of iegt, around 800 Hz in this case, however
at lower frequencies the loss factor as modelldido@itoo low, and at higher frequencies
the loss factor is over-estimated by this modebrbter to model accurately the effect of
the rail dampers on the track dynamics, an improwedel of the damping characteristics

is needed for inclusion in the finite element moafaihe track.

3.4.4 Lumped mass rail damper model with improved dampapgesentation

In order to represent the properties of the rathplar elastomer better, a combination of
‘Maxwell elements’ [Lockett, 1972] in parallel withspring is used as shown in
Figure 3.20. The damper mass is again represestadgiagle lumped mass attached to the

rail in the centre of each sleeper bay via thengppdiamper system.
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Figure 3.20 Addition of rail damper (improved damgpimodel) the finite element model.

In practice, implementing Maxwell elements in atérelement code creates a difficulty in
that the absence of any mass at the node requeteceén each spring and damping
element results in a singularity. To circumvens ttifficulty, small additional masses are
included at each of the intermediate nodes as shoWwigure 3.21. The natural
frequencies of the added massgsandnk, on the damper sprindig; andky, are set to be
well above the frequency range of interest forrttaglel. Modes of vibration of these small

masses are then not included in the modal summation

Ca1 Ca2
Kqg

My My

Ka1 Ka2

Figure 3.21 Damping element with small added masgeand np, to remove
singularities.

In order to calibrate the damper model to the dctamper, the equivalent stiffness and

loss factor of the system are calculated and coaapaith measured values.
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Equation (3.42) gives the equations of motion efdamping element in matrix form.
These are obtained by neglecting all the masseéiaystem and using the degrees of

freedom shown in Figure 3.22.

"
| tu
Cdlgfl Cd2
kd iUZ iU3
kdlé Kaz
Figure 3.22 Degrees of freedom of damping element
Cay ¥Cqp ~Cq ~Cqp || Uy ke 0 0 ju fy
~Cu Caz 0 u, |+ 0 kdl 0 ju,|=|0 (3.42)
-Cy, 0 Cyr | Uy 0 0 ky,|u, 0

The equations of motion may be rearranged to edtsithe internal degrees of freedom
into the formf; = kuy, wherek is both complex and frequency dependent:
. z( Cad’ ,  Ch
1

Cylw+Ky Cyiwtky,

+Cylw+Cy,lw+ kdjul (3.43)

For hysteretic dampinfg= k(1+i)u wherey is the loss factor. Therefore the imaginary part
of the bracketed term in Equation (3.43) may benabised by dividing by the equivalent
stiffness of the spring.e. the real part of the bracketed term, and compartidthe

nominal design loss factor of the elastomer of 0136s is shown in Figure 3.23 for the
damper parameters listed in Table 3.5 for the datypeng frequency of 1050 Hz. The
damper parameters are scaled to give the saméltss characteristic in each case for the

three different tuning frequencies.
A good model of the damping characteristics ofdlastomer is achieved by modelling the

damping elements in this way over the frequencgeaof interest between 100 and
2000 Hz.
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Figure 3.23 Equivalent frequency dependent loswfaaf finite element model of rail
improved damping model (1050 Hz gunin

frequency); — — — nominal constant value.
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Table 3.5 Input parameters for single lumped masdeahof rail damper, for various

damper tuning frequencies.

Description 800 Hz 1050 Hz 1300 Hz
Mass of pair of dampersy 17 kg 17 kg 17 kg
Elastomer stiffnesky 2.58x10° N/m | 4.3x10°P N/m | 6.4510° N/m
Stiffness ¥ Maxwell elemenky | 1.56x10° N/m | 2.6x10° N/m | 3.9<10° N/m
Stiffness 2° Maxwell elemenky, | 1.56x10° N/m | 2.6x10° N/m | 3.%10° N/m
Damping £ Maxwell elementy | 1.2x10° Ns/m | 2.610° Ns/m| 3.0x10° Ns/m
Damping 2° Maxwell elementy, | 1.2x10* Ns/m | 2.6x10" Ns/m| 3.0x10" Ns/m

The real part of the bracketed term in EquatioA3Bmay be compared with the stiffness

of the springky across the frequency range, shown in Figure 32dractice the elastomer

stiffness increases with frequency as does thevalpunt stiffness of the damper system.

Consequently the Maxwell element model is a begeresentation of stiffness than that

achieved by using a single frequency-independdneva
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Figure 3.24 Equivalent frequency dependent stifreddinite element model of ralil
damper elastomer: - - - - - - - as modelled (1G5@king frequency); — — — nominal
stiffness of springgk /7 /7 /7 measured shear modulus (right hand axis).

The rail dampers as described are included initite felement model of the track, adding
into the global mass, stiffness and damping matrafdequation (3.34). Figure 3.25(a) and
(b) show the predicted vertical track receptandé wie addition of the rail dampers. The
pinned-pinned frequency is shifted to a lower fiEgry and its resonances are smoothed
as before (see Figure 3.17). The effect of thismmmodel on the sharpness of the anti-
resonance above the sleepers is more pronouncedhiaffect of the simple viscous
damping model. In general though, the effect onr¢laeptance of this damper model is

similar to the viscous damping model.

Figure 3.25(c) shows the decay rate charactenstice track for this model of the rail
dampers for several tuning frequencies. These agtlyrsimilar to the decay rates
predicted by the simple viscous damping model (fegul7(c)). For the damper with the
lowest tuning frequency (800 Hz), the decay ratpsdoff above the damper tuning
frequency, whereas for the corresponding viscougpea model, the decay rate remains
high throughout the frequency range of interesslight drop in the decay rate above the
tuning frequency is also seen for the 1050 Hz danmpEigure 3.25(c) when compared

with the viscous model decay rate.

83



. (a)
Z10°} 1
£ .
(O]
[&]
C
©
a 10
8 107t 1
nd
10° 10°
Frequency [Hz]
= (b)
-8
é 10 B .
(]
[&]
C
©
a
[}
[&]
¢ . 10
10 °F
10°
E 10' |
m
5,
(D)
©
>
S 10° ¢ ]
[a)
10° 10°

1/3 octave band centre frequency [Hz]

Figure 3.25 Predicted change in track vertical rp@nce and decay rate with the addition
of rail dampers (lumped mass on improved springdadous damper system) for various
damper tuning frequencies. (a) Receptance aboepaig(b) receptance mid-span; (c)
decay rate:/7 /7 [7 no rail dampers; — — — 1050 Hz; - - - - - - 1390-H — - — - 800 Hz.

3.5 Comparison of modelled and measured track decay rates

Figure 3.26 shows the vertical track decay ratésutated by the model compared with
measurements taken by Corus at the Silence piegcsite. The comparison is made for
track both with and without rail dampers. Withoail dampers, the finite element model
predicts slightly higher decay rates at high fregues than seen in the measurements. This
difference is due mostly to the use of a viscousglag model to represent the rail pad.

The difference could be reduced by decreasingdingpthg in the rail pad model, but then

a longer track length would be required to elimenand effects from the results. The roll

off in track decay rate above 300 Hz as the raibdeles from the sleepers and ballast is
84



represented well by the model. Overall the finlereent model of the track without the

rail dampers gives a good match for the decayo@atgpared with measurements.
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Figure 3.26 Comparison of track vertical decay mat®leasurements taken by Corus at the
Gersthofen test site with soft rail pads:/7 /7 measured without rail dampers; — — —
measured with rail dampers; - - - - - - - calcdlateéhout rail dampers; — - — - — -

calculated with rail dampers tuned to 1050 Hz.

The effect of the rail dampers as modelled hertherirack decay rate is clear but the
model used does not fully represent the effechefactual rail damper at all frequencies
(Figure 3.26). This is to be expected as eacldeaniper is made up of two beams (with
two tuning frequencies) rather than a single lummeds as modelled. Consequently the
model with a single lumped mass does not resutligrsame uniformly high decay rate as
that measured at the Gersthofen site. An additi@snance above the sleepers and anti-
resonance at mid-span above 1000 Hz has beenuectddo the system by the rail
dampers as modelled, resulting in an over-estimaifdhe track decay rate at this
frequency. This corresponds to a bending modeeofdh with the dampers acting as
nodes, which would not be expected to be as saamfifor a real damper attached at more

than one point in the sleeper bay.

The damper modelled here has a single lumped nmalstharefore a single tuning
frequency. To make detailed studies of realistime@rcial damping devices more detail
should be included, taking into account the attashinto the rail (over approximately half
the sleeper bay length) and multiple masses andgdrequencies. More detailed
modelling has been carried out to study the Cailslamper design and is reported in

Croft et al.[2009]. The modelling of specific designs of damipethis fashion requires
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larger finite element models and greatly extendedputing times. For the purpose of this
thesis however, the presentation and discussilimited to a generic lumped mass damper
model. Overall the effect of the dampers on thektidynamics is represented by the model

satisfactorily for the time being.

3.6 Summary of track modelling

In this chapter the finite element model of thekréo be used in this work has been
described. The parameters required to represgpicat ballasted track have been
determined. The point receptance and decay rateedfack as modelled have been
examined and compared with simple frequency dommaidels in the frequency range of
interest up to 2000 Hz. A limitation of the finikdgement track model is the requirement to
truncate the track. However comparison of finiengtnt model results with results from
an infinite beam model have shown that end effeat® been minimised and that a track

length of 60 sleeper bays is adequate.

The rail dampers have been included in the tractahand their effect on the track
receptance and decay rate has been investigatedndtiel shows that the mass of the rail
dampers leads to a shift in the pinned-pinned aqu from 1050 Hz to around 760 Hz.
The rail dampers also smooth the peaks and difieitrack receptance. The modelled
track decay rates have been compared with measntefem Gersthofen with and
without the rail dampers. Overall the track modetascribed here is a good

representation of the typical ballasted track it ite.

86



4 WHEEL-RAIL INTERACTION FORCE

4.1 I ntroduction

The purpose of this chapter is to calculate thenabforce between the wheel and rail to
use as an input to the contact and wear modefdhatvs. The normal force may be
calculated by the simultaneous solution of equataescribing the motion of the track and
vehicle. A representation of the vehicle and theptiog between the vehicle and the rail

must therefore be added to the model of the track.

The finite element model of the track has beenrisst in the preceding chapter. In this
chapter, a simple model of the vehicle is adde@. ddupling between the vehicle and
track takes place through the stiffness of theaxrgpring between the wheel and the rail.
Hertzian contact is assumed for this part of tHeutation, and the roughness of the track
is processed to account for the filtering effectha size of the contact patch before

entering the time-stepping routine.

The equations of motion of the track and vehicltey are solved using a state-space
approach in a time-stepping routine. The varialbi@terest is the interaction force
between the wheel or wheels and the rail. A satibél values is assumed for the analysis
and the calculation proceeds step by step fromitftial point, converging to the required
solution over a distance of several sleeper bays.férce results are then extracted from
the middle sleeper bays of the track model. Therawtion force model used here is not
original; it is based on the work of Nielsen andl&nd [1995] with only minor changes.
Sample results from the force model are compardu te output of Nielsen’s model

DIFF and also with output from the model of Pieganet al.[2008] as a check on the

implementation and coding.

The results from the interaction force model arentdrest in their own right, to assess the
effect of different track and vehicle parametergtaninteraction forces. Different vehicle
types and speeds result in different interactiondspectra. The effect of rail dampers on
the track dynamics and interaction forces has ratipusly been studied. In particular the
effect of the rail dampers on the interaction fesraeand around the pinned-pinned
resonance of the track is of interest. Some intenadorce results with the rail dampers
are therefore included as examples at the endsothiapter, with the full set of results
presented in Appendix A.
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4.2 M odedl of vehicle

The vehicle is modelled by either one or more upteiiwheel masses each linked to the
rail by a non-linear Hertzian contact spring, wathexternal static force applied to
represent the sprung vehicle mass. Figure 4.tapr@sentation of the elements of the
vehicle and track models.

I:e2 I:el
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p K
/ 2 //
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Figure 4.1 Finite element track and vehicle model.

In order to calculate the contact forces betweenheels and the rail as the wheels move
along the track at constant speethe equations of motion of the system are sobxed

time-stepping routine using a state-space fornadati

4.2.1 Equations of motion for vehicle

Each wheel (including its contact spring) has twgreées of freedom, the vertical
translation of the contact poing; and the vertical translation of the wheel centyen the
vertical direction (positive downwards) whens the wheel number, as shown in

Figure 4.2. The external static load on the wheELii and the contact force at the
interface with the rail i&,. The wheels need not be connected to each otlaoa®
around 10 Hz the vehicle suspension isolates thieleebody from the unsprung mass of
the vehicle and the track [Knothe & Grassie, 1993].
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Figure 4.2 Wheels and contact springs.
The contact stiffnessds; for the wheels are non-linear and are determiryed b

C —u.. U
kHi:{ 4 Uy —uy, N/m for u, —u, >0 “.1)

0 else
whereCy is a constant calculated from the Hertzian equoatfor an elliptical point
contact. For this approximation of the contact leetwthe wheel and the rail, the relation
between the contact forég; and the approach of distant poiats the two bodies is given
in this form by Johnson [2001]:

2 VA3
0= [3 I:ai zj (4.2)
16 RE*

whereR is the equivalent radius of curvature and equivalent tai-u,. Assuming the

wheels and rail are perpendicular cylindé&ss calculated from the radius of the whBgl

and the radius of the rd as

R=yRR (4.3)

E* is determined from the Young’s modulisand Poisson’s ratio of the wheel and rail
(here both steel) by

1-v.2 1-p2)"
Er=| = 2 (4.4)

Equation (4.2) may be rearranged into the form
F, =Cy02 (4.5)

so that the constafly is given by
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4
Cy :?/RE*2 (4.6)

The wheel radius for each vehicle type examined f#0.46 m, while the material

properties of both the wheel and rail &e 2.1x10"*N/m? andv = 0.3. For a new rail
profile the radius of the rail head across theisal.3 m. These parameters result in a value
of the Hertzian constal; of 93.8x18 N/m*?.

Typical parameters for three vehicle types aredish Table 4.1 below. The velocities are
the averages for each vehicle type measured bysBleeiBahn AG at the Gersthofen test

site, as part of the Silence project.

Table 4.1 Vehicle model parameters.

Train Type Notation Value Description
Freight v 29.44 m/s Train wheel velocity
TAMNS 895 M 488.5 kg Unsprung wheel mass
(wheel BA04) Fe 100x1GN Static load on wheel

I Om,1.8m,5.04m, 6.84m Axle spacing
Regional v 37.78 m/s Train wheel velocity
Doppelstockwagen My 702.5 kg Unsprung wheel mass
DBz751 Fe 60x1GN Static load on wheel
(Wheel BA220) I Om,2.5m,6.4m,89m Axle spacing
High-speed v 43.06 m/s Train wheel velocity
ICE1 coach M, 782 kg Unsprung wheel mass
(wheel BA014) Fe 60x1GN Static load on wheel

I Om,25m,7.4m,9.9m Axle spacing

In matrix form, the resulting equations of motiam & single wheel vehicle model are

0 0 |du, k, -ky|u, F, 0
|t + = 4.7)
0 M, | U, -k, ky [u, 0 F.
whereM,, is the unsprung mass of the wheel. The forceeatdimtact poinE;, is the

variable of interest, to be determined from the etlad the wheel coupled with the model

of the rail.
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For a two wheel model, the equations of motiorhefdystem may be written as

00 O 0 | Uy Ky 0 -k, 0 Uy F. 0
00 O 0 |4, 0 k 0 -k u, F, 0
a2 |y H2 H2 2| | Ta2 | (4.8)
0 0 M,, O |y -k, 0 Kus 0 Up, 0 Fo
00 0 M|, 0 ~Kiz 0 Kiz | Upe 0 Fe

4.2.2 Coupling of wheel and track models

In order to couple the physical model of the wheigh the modal track model, the force at
the contact poinfE, between each wheel and the rail needs to be distdibetween the

nodes of the track model on either side of theadatineel location at each point in time.

A local coordinate(t) is defined fo = 1, ... ,Je. Je iS the total number of finite element
model track elements. Its value ranges from [ for each finite element between two
track nodes, wherl is the distance between two nodes of the track raishown in
Figure 4.3. As the wheel moves with titpat each time-step the distance is recalculated.

This local coordinate is the same as that introdumeNielsen and Abrahamsson [1992].

S

nodej ° e nodej +1
Displacementk;yj-1 Displacementk; zj+1
Rotationd; ,; Rotation6 zj+2

Figure 4.3 Element j of track model.

The load from a wheel at positidjft) is distributed onto the adjacent nodes by use of
Hermite interpolating polynomials [Martin & Carel973; Nielsen & Abrahamsson,
1992]:

%7 2

Hyj =1-—-+— (4.9)
: LU
282 &3

H, =£ 4L (4.10)
PR
%7 2

H,, = |_2.J - LSI (4.11)
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Hy =——-+% (4.12)

The interpolating polynomials are assembled in &imBl in the same order as the
degrees of freedom of the finite element modekrical term followed by a rotation term

for each node.

H=[H, H, H, H,] (4.13)

The rail deflection, velocity and acceleration asitions between the nodal degrees of
freedom are estimated using the same interpolaohgomials, and equated to the wheel
translation taking account of any initial track ghmess, which is a function of distance

or the local coordinatg for the each rail finite element.

These interpolating polynomials are chosen bectgseprovide continuity in derivative
values across element boundaries. They are cubjngruials which can therefore
represent Euler beam bendimgyg.as in the derivation of a two-node Euler beam bend
finite element [Petyt, 1990]). The interpolatiométions correspond to the deformed shape
of an Euler beam element; however they do not pieoai good approximation of the
deformed shape of Timoshenko beam elements wheee sffects are significant. This
leads to discretisation effects in the calculabbthe wheel-rail interaction force. An
alternative to these interpolation functions woloddto use the corresponding shape
functions for a Timoshenko beam. This approachtaisn by Nielsen and Igeland [1995].
However, the resulting derivatives are discontiraiacross element boundaries. This again
results in discretisation effects of significantgndaude. The Timoshenko beam functions
have been trialled in this model but the discrétiseeffects were found to be worse than
those with the standard interpolating polynomiBiscretisation effects are discussed
further in Section 4.4.1.

The interaction forces are generated by the rougghhumction along the rail and also by
parametric excitation due to the variation in tratikkness caused by the discrete supports.
If the initial track roughness is set to zero thieminteraction forces resulting from purely
parametric excitation will be determined. The alitoughness along the rail may be set to
zero, to a regular sinusoidal function, to a meaguoughness profile, or to a roughness
profile generated from a spectrum using randondjrithuted phase for each wavelength

component.
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Applying the interpolation polynomials and any iaiitroughness, the displacement of the
wheelu,; at a point between two nodes of the track is glwethe displacement of the ralil
and the relative distance between the track anekibe the roughness functian

Uizja

g ..
uy @ =H| " [+r(&) (4.14)

t,2j+1

Ht,2j+2

In terms of modal coordinates, the four degredseafdom of the adjacent track nodes
correspond t&™, which is a partition of the relevant four rowstioé modal matri
(from Equation (3.37)).

The displacement of the wheel and track at thefate can be written in modal

coordinatesi(e. using the track modal analysis described in Ch&)tas:

u, (t) =HP™q(t) +r(¢)) (4.15)

The velocity and acceleration of the interfaciajmde of freedom are given by time

derivatives of the displacement:

u (t) = T(t)a(t) + Ult)alt) +r (4.16)
g (t) =R(t)a(t) + Slthalt) + ¥ (4.17)
whereT, U, R andS are defined by:

T(t)=HP™ (4.18)

— d_H int
u(t)= = VP (4.19)

dH int int ; H

R(t)=2d—§vP +HP"diad(i e, ) (4.20)

— dZH 2pint
st) = e P (4.21)

The derivatives with respect to time of the initi@alighness functionare as defined by
[Nielsen & Abrahamsson, 1992].
dr

r= d—{V(t) (4.22)
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L_dPr L dr
= Nz ve(t) + dfv(t) (4.23)

The contact forces can also be written in the mémtah, making use of the interpolating

polynomials to distribute the loads between theesagither side of the contact point.

Q=P"THTF,(t) (4.24)

4.3 State-space solution to equations of motion of system

The modal forms of the equations of motion fortitaek, vehicle and their interaction are
to be solved simultaneously for the interactiorcésrbetween the wheels and the rail.
These Equations (3.39), (4.8) and (4.24) are aedimya standard matrix form as in
Nielsen and Igeland [1995].

Algt)g+B(g.t)g = F(grt) (4.25)

A(g,t) andB(g,t) are as defined by Nielsen and Igeland [1995].

‘diaga)|] 0 0 0 0 -P™THT]
o |0 0o 0 O |
O |0 C, 0OM 0
Algt)= i . 4.26
(o) O |0 I 0 O 0 (4.26)
R |0 0 -1 0 0
. T |[-1 0 0 O 0 |
diagh) 0 0 0 0 0]
0 K, -K, 0 0 0
0 -K, K, 0 0 0
B(g,t) = H H
(@) 0 0 0 0-10 4.27)
S 0O 0 00O
U 0O 0 0 0 0

The wheel dampin@,, is assumed to be zero in this work. Extra wheétsraore entries

to the last 5 rows and columnsAnandB.

g(t) is a vector constructed from the modal coordimgtand the parameters of interest to
be solved for, namely the interaction force infibren of the impulsef:a, and the

displacement and velocity of both the wheel ceatr@ the contact point. The force
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impulse IEa at each location is the integral of the normalriat&on forceF, over the length

of the time-step.

g(t):{q ua ub Ua l.'Ib 'Ea} (428)

The forcing ternt(g,t) in Equation (4.25) is given by

F(gt)= {oT 0" F* 0" -7 -r‘T}T (4.29)
Equation (4.25) may be rearranged into the forrarobrdinary differential equation:
g=A"(F-Bg) gft=0)=g, (4.30)

In order to improve computational efficiency, thatnx A(g,t) is divided into submatrices:

A A
A ,t — 11 12
(a.t) {Aﬂ Azj (4.31)

This allows the diagonal submati to be inverted separately before entering the-time
stepping function, and removes the need to inhertarge matrixA(g,t) at every time-
step, as the other submatrices are significantbllemthanA;. Instead, the inverse of
A(g,t) is then calculated using a method described bpdda[1979]:

-1 - _ _ _ _ _
{An Alz} :{An ' +A11 lAlZG 1A21A11 ' _A11 lAlzG ' (4 32)
A21 Azz _G_lA 21A11_l G_l
where
G= (Azz _A21A11_1A12) (4.33)

To solve the state-space system, a set of iniéilales are given tg at timet = 0. The time

is then incremented and new valuesdga@re calculated using a standard variable step size
Adams-Bashforth-Moulton routine. The Matlab rout@BE113 [Shampine & Reichelt,
1997] has been used in this case. This routinenetesults at the requested times, in this
case those corresponding to regular 1 mm distarieevals. The wheel-rail interaction

forces are thus determined as the wheels move #hengnodel of the track.

In order to minimise the calculation time, the tistepping routine is begun with the

wheel or wheels already part way along the tratie ifteraction forces are calculated
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over 5 m of the track only, or more if more tham evheel is included. This 5 m length
includes just over five bays to allow the routinesettle down from the initial transient
effects, followed by the three sleeper bays ofregefor the calculation. Minimising the
calculation length in this way significantly redsdhe time to run the interaction force
time-stepping routine, and examination of the tssag shown in Figure 4.4 indicates that
the routine is able to converge to a solution kefeaching the middle three sleeper bays.
Three bays (1.8 m) has been chosen as a suitabfgeskength to balance the
computational cost of the wear model with the ronegls wavelength range of interest,

discussed further in Section 7.6.

x 10

0.5

Dynamic Wheel/Rail Force [N]
o

-1 1 1 1 1 1
13 14 15 16 17 18 19

Distance along track [m]

Figure 4.4 Example of interaction force convergiagsolution for a single wheel freight
model on a smooth rail. Model length 60 sleepersbasilculation begins with wheel
13.6 m along the track and ends after wheel traa®the central three sleeper bays.

4.4 Effect of variationsin thetrack model

The interaction force is sensitive to variationsha track model. In order to develop an
understanding of the model sensitivity, the intéoarcforce analysis has been completed
for a series of baseline cases. The model vargmtonsidered are the number of beam
elements in each bay, the number of vehicle wheelsded, the effect of contact filtering,
the initial roughness profile and the effect ofighle sleeper spacings.

The track model input parameters are as listedalniel'3.3. The vehicle modelled in this

section is a typical freight train at this sited@scribed in Table 4.1.
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4.4.1 Effect of number of beam elements per sleeper bay

Figure 4.5 shows the dynamic interaction force spetof the middle three sleeper bays
of the model, calculated by discrete Fourier trarmaffrom the time history. The static
load on the wheel has first been subtracted. Reatdtshown in one-third octave bands,
plotted against roughness wavelength as well gsiénecy. The roughness wavelength is
of interest as force results can then be compated ih this work with roughness spectra
and roughness growth rates, independent of theleablocity. The vehicle model for this
example is a freight vehicle with a single wheall #éhe rail is smooth with no initial
roughness. As noted previously the Hermite intexfpah functions used to determine the
interaction force between two nodes of the modebduce some discretisation effects.
The exact shape functions of a Timoshenko beamairased for the interpolation of the

results as they result in discontinuous derivatatethe element boundaries.

To illustrate these discretisation effects, thélras been modelled using 2, 4, 8, 12, 24 or
48 elements in each sleeper bay as shown in Fgbr& he rail is smooth so the dynamic
force is due to the parametric excitation and teenent discretisation effects only. The
parametric effects are evident in all these caspsaally at 0.3 m which is half the sleeper
spacing (to see the actual sleeper spacing of Orore sleeper bays would need to be
included in the analysis). Parametric effects adependent of the element length,
although if less than eight elements are useddh skeeper bay the discretisation effects
and parametric effects coincide, as shown in Figuséa) in the wavelength bands
corresponding to half and quarter sleeper bay lkeng¥hen more elements are used,
shown in Figure 4.5(b), parametric effects domirtageforce spectrum for wavelengths
longer than about 0.125 m. Discretisation effeats lze clearly seen at wavelengths shorter
than 0.1 m, with each case showing a peak in tteefovavelength spectrum
corresponding to the element length.

If it were possible to use even more elementsdiberetisation effects would shift to even
shorter wavelengths and eventually out of the wength range of interest. However this
would require an unfeasible number of elementstra@ model of this type. In practice,
using more than eight or twelve elements per baylt®in extremely high computer

memory requirements and long calculation times.
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Figure 4.5 Dynamic interaction force spectrum do@arametric excitation and
discretisation effects for track modelled using dsmenko beam elements. {a)/ /7 8

elements per bay; — — — 4 elements per bay; - - -2 elements per bay ()7 /7 8
elements per bay; — — — 12 elements per bay; - - - 24 elements per bay; — - — - — - 48
elements per bay.

4.4.2 Discretisation effects with realistic rail roughrges

Now the effect of introducing a realistic rail rdugess profile is examined for two

example roughness levels. One roughness profilbdéas generated from the TSI limit
spectrum [European Commission, 2005 & 2006], therois a low-level broadband
roughness generated from a smooth spectrum ofagiteilel to measured roughness at the
Silence project test site at Gersthofen (see astiéh 4.4.4). These roughness spectra are

shown in Figure 4.6. The roughness levels measatr€drsthofen are low, compared with
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the TSI limit spectrum. Figure 4.7 shows the resgltynamic force spectrum over three

sleeper bays for track with these roughness levels.
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Figure 4.6 Roughness spectia:// /7 target low level broadband spectrum, similar in
level to measurements at Gersthofen; — — — TSldjeictrum.
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Figure 4.7 Dynamic interaction force spectrum witiladband roughness, parametric
excitation and 8 Timoshenko beam elements pereidsy: // /7 /7 smooth rail; — — —
low level broadband roughness; - - - - - - - ™el Imughness.

At most wavelengths shown in Figure 4.7, the dymdiarices generated by the TSI level
roughness are at least 10 dB higher than the dynfomdes due to parametric excitation or
element discretisation effects. For the low leveldaband roughness, the short wavelength
dynamic forces are almost all well above the l@f¢he discretisation effects. However in
the 0.08 m one-third octave wavelength band atohger wavelengths, the dynamic force

due to the low level roughness is not significahilyher than the force due to the
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discretisation effects with 8 elements per sledagr Care must therefore be taken in
interpreting results from the model in the 0.08 me-vhird octave wavelength band in

cases with low level roughness.

For this work eight elements are chosen to reptdkerrail in each sleeper bay. The
effects of the discretisation remain. These aresigptificant in cases with a realistic TSI
level roughness spectrum present on the railheealigse they are masked by the dynamic
forces due to the roughness as shown in FiguréMith.a lower rail roughness level, the
element discretisation effects are insignificantiost of the wavelength range, but need to

be kept in mind in analysing results in the 0.08ma-third octave wavelength band.

4.4.3 Effect of initial sinusoidal roughness profile

In order to examine the effect of the railhead fgss on the wheel-rail interaction
forces, results have been calculated for a sefieases with sinusoidal rail profiles of
wavelengths 20, 40 and 80 mm. The amplitude o$iiesoidal roughness ix10° m in
each case, corresponding to a roughness level dBX¥é Jum at that wavelength. All the
following cases have eight beam elements per legylar sleeper spacing, soft rail pads

and a single freight wheel model of the vehicle.

The spatial history (time history plotted agaimsidtion) of the interaction force in the
middle sleeper bay is shown in Figure 4.8 for tm@ath rail case and for each of the cases
with a sinusoidal initial profile. With an initimbughness, the periodicity of the roughness
dominates the interaction force. Some variationufhout the sleeper bay, due to

parametric excitation and resonances of the treank,also be seen.

In spectral terms, the interaction forces in Figu@&show peaks corresponding to the
original roughness wavelength in each case. Thiesgaahe smooth rail case arising from
parametric excitation are much smaller than thdserevan initial sinusoidal profile is
present. Harmonics of the initial profile waveldmgan also be seen in the force spectrum.
The magnitude of the dynamic force is much higbetlie shorter wavelengths of
harmonic roughness than for the smooth rail otHerharmonic roughness of wavelength
0.08 m.
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Figure 4.8 Dynamic interaction force history of miel sleeper bay for (a) smooth rail; (b)
0.02 m wavelength profile; (c) 0.04 m wavelengtbfife; (d) 0.08 m wavelength profile.
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Figure 4.9 Effect of initial harmonic roughness fil@on dynamic interaction force
spectrum:// /7 [7 smooth rail; — — — 0.02 m wavelength sinusoidefifa; - - - - - - -
0.04 m wavelength sinusoidal profile; — - — - z080m wavelength sinusoidal profile.
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Figure 4.10 shows the variation in the force hiselongside the roughness profile. In all
these sinusoidal roughness cases, a peak in #radtibn force occurs shortly before each
crest in the roughness profile.

Dynamic Wheel/Rail Force [N]

0 0.05 0.1 0.15 0.2
Distance in sleeper bay [m]

Figure 4.10 Dynamic interaction force history comgxhito sinusoidal roughness profile:
(@) 0.02 m wavelength; (b) 0.04 m wavelength; (880n wavelength,/ /7 [7 force;
— — — roughness profile (not to scale).

4.4.4 Realistic broadband roughness and contact filtéeatb

For this work, a broadband roughness profile basetthe low level spectrum shown in
Figure 4.6 is generated along the length of thisefielement track model, as in Nielsen
[2003]. Thirty harmonic roughness components wattdom phase have been included in
each one-third octave wavelength band, to creatghmess with the desired spectral

content. Since this roughness, based on the mebspeetrum, is low, and the wheel is
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assumed to be smooth, selected calculations agatexpfor a case with a roughness
profile generated to match the TSI limit spectrdmnis is still a relatively low roughness,
especially since in practice the combined roughonéfize system will be a combination of
the wheel and rail roughness.

With a broadband roughness profile, the dynameraution forces (as shown previously
in Figure 4.7) are much higher at short wavelentthaa the dynamic force with a smooth
rail. However as the contact patch between the lhdrekthe rail has a finite area,
roughness wavelengths shorter than the size afdhtact patch do not excite the wheel-
rail system as effectively as longer wavelengtlgtmess. The interaction force therefore
decreases with shortening wavelengths. To accounhé effect of the contact patch size a
‘contact filter’ is required when predicting theéenaction force resulting from a surface
roughness. Here, the two-dimensional distributadtgeacting spring (DPRS) model
developed by Ford and Thompson [2006] is appliealltoases where the initial roughness
has a realistic profilee. not zero or purely sinusoidal roughness.

For a roughness profil€x), the total contact forcle for a wheel centred atis given by
Ford and Thompson [2006] as

PO = | 1(x)dx 4.34)
where

0 if 9—2z(X)+r(x+x)<0 (4.35)

£(x) = {k(é’— Z(X)+r(x+x)) if 0-z(x)+r(x+x)>0
andz(x") is the circular profile of the wheel as a funatiaf X', the position in the contact
patch relative to the centrexatThe integration of the contact force is perforrogdr a
range -a<x’<a such that all potential points of contact areudeld, and a value of the
deflectiond is determined such that the total foRtes equal to the static wheel lokd
The equivalent roughness of the system includiedittering effect of the contact may
then be determined from the difference betweertéhmulated deflectiod and the

nominal deflection

| (4.36)

5ﬂ0m
W R

3

where
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_1 E
2 (1-v?)

(4.37)

and the wheel radiUR,, (adjusted to give the correct length assumingutarccontact in a

two-dimensional DPRS model) is

R, =%RW (4.38)

This contact filter can be used in a quasi-staitse, by assuming the contact patch length
and the interaction force are constant along thgtkeof the track. In this case the
equivalent roughness calculated along the lengtheofrack model replaces the input
roughness profile before calculation of the int@macforces in the time-stepping model.
Alternatively the contact filter may be applied dymically inside the time-stepping routine
at every positiorx along the rail with the force at each positioreabl vary. This method
increases the calculation time but is more realistspecially if the interaction force is
varying significantly, for example with high leved$ roughness. Ford and Thompson
[2006] tested both methods and found that quaticdtiering was adequate for low levels
of roughness. This finding is replicated here, ViAthure 4.11 showing very little
difference in the results obtained by quasi-si@tid dynamic filtering. In the remainder of
this work, quasi-static filtering is used and tbaghness profile is processed before being

used to calculate the interaction forces.
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Figure 4.11 Effect of contact filter on dynamicergction force spectrum with low level
broadband roughnesg’ /7 /7 no contact filter; — — — quasi-static filteringttwi
assumed constant force; - - - - - - - dynamiaridff@t each position.
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4.4.5 Validation by comparison with established force gisd

The interaction force model used here has beedatali by comparing results with the
output from two established wheel-track interactioodels developed at Chalmers
University of Technology. The first of these is M&en’s model DIFF, which has been
validated by measurements [Nielsen, 2006]. Therskcothe model of Pieringet al.

[2008] which uses a different approach based omisgpresponse functions, and does not
require the rail to be divided into elements. Ththar acknowledges the assistance of

Astrid Pieringer in calculating the results showrhis section from the Chalmers models.

Results are presented in Figure 4.12 for a singight wheel on smooth track with soft

rail pads, from an 80 sleeper bay track model witjint rail elements per sleeper bay.
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Figure 4.12 Force comparison for smooth rail cagg@ynamic interaction force history

and (b) dynamic interaction force spectrums/ /7 Croft; — — —DIFF; - - - - - - -
Pieringer.
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The force history in the sleeper bay (Figure 4.)A&similar from all three models,
although there are differences at short wavelerttjditscan be seen more clearly in the
spectrum (Figure 4.12(b)). The only excitationite system in this case is parametric, SO
minor differences between the models lead to samt differences in the spectra.

The dynamic force histories (Figure 4.13(a)) faoarugated case with a sinusoidal profile
of wavelength 40 mm again show that the results fadl three models are very similar.
The short wavelength differences in the force spettseen in the smooth rail case are
also apparent in the spectrum results shown inréiguL3(b). At the wavelength

corresponding to the corrugation, though, the foesellts are the same from each model.
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Figure 4.13 Force comparison for sinusoidal corrtiga case (a) Dynamic interaction
force history and (b) dynamic interaction force sjpem: // /7 [7 Croft, — — — DIFF;
------- Pieringer.
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Finally a case with broadband roughness has bdenatzd using the three different
models and is shown in Figure 4.14. The roughnesspse-processed to take account of
the contact filter independently of the models gesompared. In this case both the force
history in a sleeper bay and the spectrum are siemyjfar for the three models. A very
small difference can be seen in the one-third @cteand corresponding to the element
length of 0.075 m, and small differences are atsmdor wavelengths shorter than

0.008 m, but overall the agreement between the tmadels is excellent for this case with
a realistic roughness excitation. It is therefavaauded that the force model used in this

work is valid.
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Figure 4.14 Force comparison for broadband, TSElewughness case (a) Dynamic

interaction force history and (b) dynamic interactiforce spectrum:/ /7 /7 Croft;
———DIFF; - -+ - Pieringer.
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4.4.6 Effect of variable sleeper spacing

With a finite element model of the track it is pi$s to include sleeper spacings that are
non-uniform. The actual sleeper spacings at tren&d test site were measured and found
to have a mean spacing of 0.605 m with a standardhtion of 0.007 m. These are
extremely regularly spaced sleepers. For comparibersleeper spacing at the Chilworth
test track in Southampton has a mean of 0.628 naatandard deviation of 0.039 m,
while two Swedish sites have mean spacings of 0a®620.650 m with standard

deviations of 0.017 and 0.020 m respectively [Thsomp 2009].

The interaction force spectrum calculated from aehaising the measured sleeper
spacings from Gersthofen and from Chilworth is careg to the interaction force with
regular sleeper spacings below. Results in Figur® dre calculated for the same low level
broadband roughness profile in all cases. Reshitta/is are from five successive sets of
three sleepers as listed in Table 4.2. A non-cohsiaeper spacing results in small
differences in the force spectrum at longer wawglesy which are more noticeable with
the more variable Chilworth sleeper spacings thih tve Gersthofen spacings. However,
the effect overall is small and in the presenca alistic roughness, the interaction forces
are dominated by the effects of the surface profileerefore, in the remainder of this

work, the sleeper spacing will be assumed to bsteohat 0.6 m intervals in all cases.

Table 4.2 Sleeper spacings (mm) for variable sgaoasults shown in Figure 4.15.

Site Setl Set 2 Set 3 Set 4 Set5
Gersthofen 612 605 601 598 607

605 611 602 615 605

612 605 606 605 612
Chilworth 600 625 630 663 635

606 650 629 630 613

660 642 656 636 631
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Figure 4.15 Effect of non-uniform sleeper spacingdgnamic interaction force spectrum
with low level broadband roughness (a) Gersthofacsgs, (b) Chilworth spacings:
[7[7 [7 regular sleeper spacing; — — — variable sleepacsp.

4.4.7 Effect of number of vehicle wheels

Igeland [1996] concluded that the interaction fascdifferent at successive wheels, and
that it is therefore important to include more thast one wheel in any model of wheel-
track interaction and also roughness growth. Cdlugnors have also developed models to
calculate the interaction forces between multipheegls and the track and reached similar
conclusions [Wu & Thompson, 2001; Shezigal, 2006].

All the force results presented in this sectionehbgen calculated using eight beam

elements per sleeper bay and a realistic low lefsedil roughness as shown in Figure 4.6.
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Two rail pad stiffnesses are considered: 200 MN¥imich is relatively soft (Figure 4.16)
and 800 MN/m which is relatively stiff (Figure 4)1The interaction force between each
wheel and the rail is calculated over the middiedlsleeper bays of the model as before.
The results from a model with a single wheel amagared with models with two and four
wheels. The two wheels are the most closely spaeethose sharing a bogie. The four
wheels are those from the bogies at the end ando$tsuccessive carriages. More distant
wheels are omitted as they are unlikely to havgmifscant effect on the model results due
to the decay of vibrations along the track length.
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Figure 4.16 Effect of number of wheels on inte@tforce spectrum with soft rail pads
and low-level broadband roughness: (&)7/ /7 single wheel model; — — —two wheel
model; (b)/7 [7[7 single wheel model, — — — four wheel model.
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With soft rail pads (Figure 4.16) there are claéfecences in the interaction force seen at
two successive wheels as they pass over the middie sleeper bays, compared with the
force calculated with a single wheel on the tradkese results support the findings of

Igeland [1996] that it is important to include mdn@an one wheel. The results from a four
wheel model are similar to those from a two wheetial, but some differences remain in
the spectrum for each wheel. Therefore four wheledsild be included in the force model

in all cases with soft rail pads to capture thernattions between wheels.
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Figure 4.17 Effect of number of wheels on inte@tforce spectrum with stiff rail pads
and low-level broadband roughness: (@Y7 // single wheel model; — — — two wheel
model; (b)/7 [7[7 single wheel model;, — — — four wheel model.

With stiff rail pads (Figure 4.17), the interactifirce shows less sensitivity to the number

of wheels included in the model. Results are verylar for all the models with different
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numbers of wheels. With stiff rail pads it is there less necessary to include multiple
wheels in the system than it is with soft rail paesur wheels will be considered,
however, in order to provide uniformity when compgrthe results from tracks with the
two different rail pad stiffnesses.

An examination of the track decay rates plottedrejaoughness wavelength for the
tracks with soft and stiff rail pads explains teason for including more than one wheel in
the model. Figure 4.18 shows that the track deatgsrbecome low with soft rail pads at
frequencies that correspond to roughness wavelsmsgitbrter than around 0.075 m. By
comparison, with stiff rail pads, the track decaterremains high for wavelengths down to
half this length, at around 0.0315 m. Differencethie interaction force between single
and multiple wheel models are expected for wavelenghere the decay rate is low.
Therefore, there is little difference between senghd multiple wheel models if the track
has stiff rail pads, but if the track has softeérpads it is important to include more than

one wheel in the interaction model.
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Figure 4.18 Track decay rate vs roughness wavele(igt freight speed)/7 /7 /7 stiff rail
pads 8x18 N/m; — — — soft rail pads 2x10l/m.

4.4.8 Summary of sensitivity of force to variations ipuhparameters

The number of elements required to represent ihmreach sleeper bay must be at least
eight. If fewer elements are used, discretisatftects coincide with the parametric
excitation effects and are noticeable particuldrtize rail is assumed to be smooth.

However, if the rail has a realistic level of brbadd roughness, the discretisation effects
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are less significant as the interaction force imthated by the rail roughness and
discretisation effects therefore tend to be maskkd.rail roughness is the main
contributor to variation in the wheel-rail interiact force in the frequency range examined
here.

It is important to include more than one wheela mmodel if the rail pads are relatively
soft, since the vibration decay rate along theisdibw in part of the frequency range of
interest. Different interaction forces are seemuflitiple wheels are included in the model
on track with soft rail pads. With stiff rail padbg effects of multiple wheels are less
noticeable as the track decay rates are highewands do not travel as far between the

wheels as on track with soft rail pads.

The sharpness of the pinned-pinned resonanceeistedf by the precision of periodicity of
sleeper spacing. Therefore variable sleeper spaeiadpeen examined to assess the effects
on the dynamic interaction force. However, the sasmsidered here show only a small
effect on the calculated interaction force spectriiherefore in the remainder of this work

effects of variable sleeper spacing will be negdct

4.5 Effect of variationsin the vehicle parameters

4.5.1 Effect of vehicle speed on wheel-rail interactiorcé

The speed of the vehicle is a significant factathiem model to calculate the wheel-rail
interaction forces. Figure 4.19 shows the meanant®n forces of a four wheel model of
a freight train at three different speeds. Wavdlengshown, rather than frequency, to
allow comparison with later results for differerdin types and also to allow comparison
with the initial roughness profile. At the averdgaght train speed of 29.44 m/s measured
in the Silence project, the wavelength of roughraessforce that corresponds to the
pinned-pinned frequency is 0.027 m. At a speedtbimd-higher than this, the wavelength
shifts to 0.036 m. At two-thirds of this speed Wavelength is 0.018 m. The shift in the
pinned-pinned effects can be seen in the forcdteesupeak appears in each case at the

corresponding wavelength.

The interaction forces are generally higher foastdr vehicle, in particular at wavelengths

between about 0.02 m and 0.08 m.
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Figure 4.19 Effect of vehicle speed on freight elehdynamic interaction force spectrum
with low level broadband roughness:/7 /7 29.44 m/s; — ——20m/s; - - - - - - - 40 m/s.

4.5.2 Effect of vehicle wheel spacing on wheel-rail iatgion force

In order to assess the effect of the wheel spacasglts have been calculated for the
freight train with more closely spaced wheels amgels spaced further apart than usual.
Figure 4.20 shows the mean interaction forcesfotinwheel model of a freight train with

three different bogie wheel spacings.
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Figure 4.20 Effect of bogie wheel spacing on freigéhicle dynamic interaction force

spectrum with low level broadband roughness antiradfpads: /7 /7 /7 1.8 m nominal,
———15m; - 2.1 m.

114



Varying the wheel spacing by up to 0.3 m has ordynall effect on the force, in the
wavelength range from 0.016 m to 0.063 m. The efféit be even less if the rail pads are
stiffer, as the track decay rates are higher achasspectrum. Therefore, different wheel
spacings will not be considered in the remaindehisfwork, except in that they are

different anyway for the different vehicle types.

4.5.3 Effect of vehicle unsprung mass on wheel-rail stéon force

The unsprung mass of the vehicle includes the wiatbe wheel, axle and any other
components located below the primary suspensi@nedsing or decreasing the unsprung
mass by one third has very little effect on thedprted interaction force between the wheel
and the rail in the wavelength range of interegjyfe 4.21). The force spectrum begins to

show variation only at the longest wavelengths show
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Figure 4.21 Effect of unsprung mass on freight dehilynamic interaction force spectrum
with low level broadband roughness and soft radlga/ // /7 488.5 kg nominal;, — — —
651 kg; -+ 326 kg.

4.5.4 Effect of vehicle static load on wheel-rail intetiao force

The static load on each wheel is a function oftthal mass of each carriage. Combined
with the dynamic interaction force, it gives théatdorce at the wheel-rail contact which
will be used as the input to the roughness grondldeh A one-third increase or decrease
in the static load has an effect on the dynameradtion force as shown in Figure 4.22.
The effect is not uniform across the wavelengtlyeane. the dynamic force is not always

higher with a higher static load; for some wavetbeghere is little difference.
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Wavelengths between 0.25 m and 0.063 m show thé sigrsficant differences. The

static load affects the interaction force becatishanges the stiffness of the contact spring
between the wheel and rail. Also, parametric effece increased by increasing the static
load.
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Figure 4.22 Effect of static load on freight vebidynamic interaction force spectrum with
broadband roughnes<’ /7 /7 100 kN nominal; — — — 67 kN; - - - - - - - 133 kN.

4.6 Resultsfor different vehicletypes

The average interaction force spectra over fourelhi®r each train type are presented in
Figure 4.23 and Figure 4.24. These results argdok with soft rail pads and for the two
realistic roughness profiles generated to matchaivdevel roughness and TSI limit
roughness spectra shown in Figure 4.6. Differentelegths are dominant for each of the
train types due to their differing average speexkvaheelbase. For the low-level
roughness, the forces for the regional and higkedpeins are quite similar throughout the
wavelength range. This is because the static l#tki same for these two types, as is the
bogie wheel spacing; the only major differencerefae, between the two vehicles is their
speeds. The unsprung mass of the vehicle has beamgo have less effect on the

calculated force.
With the higher TSI limit spectrum roughness, mdifeerences become apparent

especially in the wavelength range around 0.06Asexpected, the faster high-speed

train shows higher interaction forces than theaeai train around this wavelength range.
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For both roughness profiles, the slower freightislelshows lower interaction forces in

this range.
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Figure 4.23 Dynamic interaction force spectrum (gafds) with low level broadband
roughness for different vehicle typdés//// freight; — — —regional; - - - - - - - high-
speed.
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Figure 4.24 Dynamic interaction force spectrum (gafds) with TSI limit spectrum

roughness for different vehicle typdés.// [/ freight; — — —regional; - - - - - - - high-
speed.

4.7 Effect of rail pad stiffness

In order to assess the effect of rail pad stiffras$he interaction forces, the average
interaction force spectra from four wheels are @né=d in Figure 4.25 for the freight

vehicle, with soft and with stiff rail pads. Strtil pads lead to higher impact loads on the
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sleepers and ballast, leading many railways tcsofier rail pads to minimise track
damage. The freight vehicle sees higher forcesdmthe wheels and rail at wavelengths
longer than 0.063 m with stiffer rail pads. At sh@avelengths the interaction forces are
very similar for both rail pad stiffnesses, becailsetrack receptance at high frequencies

is independent of the rail pad stiffness.
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Figure 4.25 Dynamic interaction force spectrum witv level broadband roughness for
freight train: /7 /7 /7 soft rail pads; — — — stiff rail pads.

4.8 Effect of initial rail profile

In this work the rail roughness profile along tledbeeper bays of the track model is
generated to match a particular spectrum, by adddmgsoidal components with random
phase. This means, firstly, that the roughnesstapadrom the middle three sleeper bays
(a relatively small sample) can show some variabetween different generated profiles,
and also that the actual spatial profile can beediht. It is necessary to check that the low
level roughness profile used as an input to theahiodthis work is representative of other

roughness profiles of similar spectrum.

In Figure 4.26 the interaction force has been ¢ated using five different generated
roughness profiles of similar spectral content. iftteraction forces are similar so it can be
concluded that a single roughness profile is adegeexamine the differences that arise
due to other model parameters. Some variationeis gethe spectra particularly at longer
wavelengths. This is as expected, since resulterdyeshown for the middle three sleeper

bays of the track model and over three bays theéararphase used to generate the
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roughness profile allows some variation betweefediht profiles. The peak in the force
spectrum at a wavelength corresponding to haktepdr bay (0.3 m) is present in all five

results.
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Figure 4.26 Dynamic interaction force spectrum frbwe different rail profiles with
similar low level broadband roughness for freigfai.

4.9 Effect of rail damperson wheel-rail interaction force

In Chapter 3, rail dampers have been shown to stafpinned-pinned frequency of the
track and to smooth the peaks and troughs in #ul nieceptance. The effect of the rall
dampers on wheel-rail interaction forces for aggpireight train is shown in Figure 4.27
for the low level broadband roughness. Similar ltesare seen for the TSI level roughness
in Figure 4.28. Of particular interest is the foetghe roughness wavelength
corresponding to the pinned-pinned frequency, whaclihe typical freight vehicle speed

is 0.027 m for the track without rail dampers thifts to 0.043 m when the rail dampers
are included. Results are shown for the ‘improvediet of the rail damper elastomer
(Section 3.4.4) with a more constant loss factahenfrequency range of interest. The
freight train is used here as an example, thestillof interaction force results with rail

dampers for all vehicle types are included in Agperd.
With soft rail pads, the peaks in the one-thircawetwavelength bands around 0.02 m and

0.0315 m have been smoothed out or shifted to lowgeelengths by the addition of rall

dampers. The dip in the spectrum at around 0.06asrbeen filled at least for some of the
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wheels. The rail dampers have very little effectiominteraction force at wavelengths less

than about 0.016 m or greater than 0.08 m.

With stiff rail pads, the peak in the interactiande at the roughness wavelength
corresponding to the pinned-pinned frequency isenpoonounced than with soft rail pads.
The rail dampers again act to shift this peak ltinger wavelength. The force spectrum is

unchanged by the dampers outside the wavelenggje @n0.016 m up to 0.063 m.
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Figure 4.27 Dynamic wheel-rail interaction force fofreight train on (a) soft and (b) stiff
rail pads with low broadband roughness:/7 /7 with rail dampers; - - - - - - - without rail
dampers.
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Figure 4.28 Dynamic wheel-rail interaction force fofreight train on (a) soft and (b) stiff
rail pads with TSI roughnes47 /7 /7 with rail dampers; - - - - - - - without rail daamg

4.10 Summary of wheel-rail interaction forceresults

The finite element track model described in Chaptkas been combined with a simple
vehicle model. The equations of motion of the systee solved in the time domain using
a state-space approach following the method ofsidrebnd Igeland [1995]. The model has
been validated by comparison of a set of sampldtsewith output from DIFF and the
model of Pieringeet al.[2008]. The interaction force between the wheal$ r@il from the
middle three sleeper bays of interest is requisedrainput to the contact and wear model
to follow.
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The effect of different track and vehicle parametan the dynamic interaction force
between a wheel or wheels and the rail has be@siigated. It is important to divide the
rail into at least eight elements in each sleepgr If the rail pads are relatively soft it is
important to include more than one wheel in the ehoaks the wheels are coupled by the
track and can interact to give a different inteacforce spectrum to that if a single wheel
is considered. Including more than one wheel is iegortant if the track has stiff rail
pads or rail dampers, since the track decay rdigiser, at higher frequencies, leading to
less interaction between the wheels in the modalvéver, for uniformity, four wheels are

included in the interaction force model as standard

The roughness of the rail is the single paraméterias the most effect on the interaction
force spectrum. Differences are also seen betwisienest vehicle types passing over the
same track and rail roughness profile, as a res$diteir different speeds and static loads.
The stiffness of the rail pads also has a sigmfiedfect on the interaction force between
wheels and rail. Variations in the wheel spacind ansprung mass of the wheel have less
effect on the force.

Adding rail dampers to the track shifts the pinp@thed frequency of the track and

consequently shifts the peak in the force specttarmresponding to this resonance to
longer wavelengths.
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5 STRESSDISTRIBUTION IN THE WHEEL-RAIL CONTACT

51 I ntroduction

The previous chapters have concentrated on desgrédbmodel of the overall normal
interaction force between a wheel or wheels arall @t the track. For this purpose it has
been sufficient to model the wheel-rail contacaasertzian spring. However, to predict
the wear of the rail surface resulting from thesag® of the wheels, a more detailed model
of the contact patch is required. The size andeslbahe contact area and the distribution

of normal and tangential stresses throughout theelfail interface is needed.

In this chapter, a summary of existing analyticad aumerical contact mechanics theory is
presented. The work of Johnson [2001] has beenasadsource for much of the
background material to describe the contact probléme variational method developed
and proven by Kalker [1990] is used for the analggiwheel-rail contact. Kalker
implemented this theory in his CONTACT program, ethremains recognised as the
benchmark solution to the rolling contact probldéngthe, 2008]. However, in practice
the application of CONTACT to determine the digtitibn of stresses in three dimensions
between railway wheels and rails has been limitethb calculation times required for the
analysis. This chapter describes the implementatidatiab of a contact theory based on
that of Kalker [1990], firstly in three-dimensiorfarm and then in a two-dimensional
version. The two-dimensional version with a suigaddsumed contact width gives a good
approximation to the results from the centre-lihéhe three-dimensional model when

lateral and spin effects are neglected.

This chapter deals with static cases ongythe application of constant normal and

tangential forces in stationary contact. Rollingtawt is treated in Chapter 6.

5.2 Contact geometry and definitions

The minimum inputs to a contact model are the dveoamal force between the
contacting bodies, and the initial profile of thedies in their undeformed state before
coming into contact. In this work, the overall nairforce between the wheel and the rail-
head is determined by the interaction force modstdbed in Chapters 3 and 4. Although
both the wheel and rail are rough in practice, hieeewheel is, for simplicity, assumed to
be smooth and the combined roughness of the systattributed to the rail.
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Johnson’s book [2001] contains the necessary bauakgrto the contact problem. The two
three-dimensional bodies in contact shown in Figuteare defined by their undeformed
surface profilez;(x,y) andzx(x,y). The undeformed distance between the two surfaices

the point of first contact is then given bfx,y).

h(x,y)=z(x y)-2z(xy) (5.1)

y
Z]_(X,y)

shape of body 1 \ /
/ o\

z

v
X

ZZ(X’y)
shape of body 2

v

Figure 5.1 Geometry of bodies in contact. Uppenbisdbody 1, lower body is body 2.

When the two bodies are pressed into contact umdermal load, the surfaces deform
resulting in a discrete contact area. The nornad l@sults in a distributed normal pressure

across the contact area.

The relative motion of two surfaces in contact rhaydefined as in Johnson [2001] in
terms of sliding, rolling and spin. Sliding occuvben a relative linear velocityv is
present between the two surfaces at the contaat. poi

Av=v, -v, (5.2)
wherev; andv, are the linear velocities of each body relativéh®originO. The sliding
velocity Av may have components in thandy directions (but not in thedirection as the
bodies are assumed to remain in contact and nofapyeng). In this work, however,

lateral motion is neglected so any sliding is pumelthex direction.

Rolling is a relative angular velocityw between two bodies about an axis lying in the
tangent plane. The angular velocities of the borB&give to the origin are; andw,. In
this case rolling is purely about thiiexis.

Aw=w - w, (5.3)
Rolling contact is treated in more detail in Chajte
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Spin is a relative angular velocity about the commormal, here theaxis. Spin may be
reasonably neglected for modelling the wheel-raiitact for tangent track with no flange

contact.

5.2.1 Forces in the contact patch

The overall forces that may be transmitted throtinghcontact are8@ are the compressive
normal forceP and the tangential ford@ due to friction. Neglecting lateral motion, the
tangential force&) is in a direction along theaxis to oppose any sliding velocity. The
forcesP andQ are related by the coefficient of frictipnsuch that the magnitude @fis
less than or equal to the friction limit.

Q< P (5.4)

The normal forcé® and the tangential ford@ are distributed across the interface &ea
which lies in thex-y plane. This distribution leads to a normal prespuand a tangential
stresgy across the surface area such that

P:£pdS (5.5)

Q=£qd8 (5.6)

In fully sliding contactQ acts in the direction opposing the sliding velpeaihd the
maximum value of) is given by
Av

—qﬂP (5.7)

Qmax =_|A

5.2.2 Stick and slip zones

If the magnitude of the tangential force is lesmtthat 0fQn.x then the contact is not
purely sliding. A relative movement or slip will@aer between the surfaces in part of the
interface, and another part of the interface widks or deform without relative motion
between the two surfaces. The contact patch mawylbelivided into stick and slip zones.
At points in stick zones the tangential stress rbedess than the limiting value due to

friction, that is

la(x, y) < mp(x,y) (5.8)
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In a slip zone the tangential stress is at its maxrn and is equal to the friction limit

a(x y)= up(x, y) (5.9)

The slipsis defined as the relative displacement betweenimtially coincident points in
the contacting bodies. Slip is taken to be positwen the upper body moves in the
positivex direction relative to the lower body. The tangeingiress is in a direction
opposing the direction of slip, so that

qlxy) __slxy)
alxy)  [slxy)

(5.10)

In a stick region the slip is zero.

5.2.3 Contact between bodies of quasi-identical materials

The solution to the contact problem is the distidouof p andg and hence the location of
the stick and slip zones in the contact area.dargeral case, the normal and tangential
stresses are coupled since, in the presence tbirj@a normal force leads to tangential
displacements at the interface as well as nornsplaltements. If the two materials in
contact are different, the resulting tangentiapldisements of the two bodies will be
different and slip may occur, although this is ogpgubby friction. Therefore in a central
region of the contact the surfaces may stick, wéilhe edges they may slip, even in the
absence of overall sliding or rolling motion, urdéke friction is high enough to prevent
all relative motion. However a simplification mag made if the materials in contact are
identical, as in the case of steel-on-steel coritact wheel on a rail. If the materials are
the same, the tangential displacements resultorg & normal contact force are the same
in both bodies, and therefore no slip arises &saltrof the normal contact force in the
absence of overall sliding or rolling. The normaéss distribution can therefore be

developed independently of the tangential stress.

5.3 Hertztheory for calculation of normal stressdistribution

Hertz developed his analytical theory describirgdbntact between parabolic surfaces in
1880. The theory describes the normal stress ligioin throughout the contact area. The

equations are summarised by Johnson [2001] forrgepeofiles within the limitations of
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the theory, and are replicated here for simpleutarccontacts. The material properties are

represented by the combined Young’'s mod@yss defined in Equation (4.4).

The equivalent radius of the systéhis defined from the radii of the two spherical lesd
R; andR; as
1 1)
R:(—+—j (5.11)
R R
The size of the contact area for a normal load ajmitadeP is then given by the radius of

the contact circla

a= [BPRJ% (5.12)
4E*

The maximum contact pressysgat the centre of the contact circle is given by

=[ F 5.13
pO 2773.2 ( . )

and the approach of distant points in the two sdlis

o= (5.14)

The overall stress distributiggx,y) is

2

%
p(x, y) :po(l—éj for r=q/x?+y? (5.15)

Where radii of curvature differ in perpendiculareditions the contact is elliptical rather
than circular and can be described by a modifiedioe of the above equations. For rough
and possibly conforming surface®. when the surfaces are not parabolic, a different

approach is required using numerical rather thahyéinal methods.

5.4 Numerical methods for calculation of stressdistributions

For cases where Hertzian contact does not apglgr aiescriptions must be developed for
the stress distributionsandg, and the contact aré& If the undeformed shapes of the two
surfacesi(x,y) andz(x,y) are known, and the overall forBeover the contact area is

known, it is possible to evaluate numerically tiee and shape of the contact area and the

127



distribution of the normal contact stresses. Whath bodies have the same material
properties, the normal force does not lead to angential stresses and the tangential
stress distribution may be determined subsequéwotty the known tangential loading and

the friction limit on maximum tangential stress.

Numerical methods for the evaluation of the stdisgibutions are usually either direct
methods, where boundary conditions are satisfiedtgxat specified matching points, or
variational methods such as that developed by K&lig90], where the values of traction
at elements are chosen to minimise an appropnegigg functional. For both these
methods a potential area of contact is definetiéxdy plane that is greater than the actual

contact area.

The direct method is also known as the matrix isiegr method and is described in
Johnson [2001]. It is not suitable for calculatthg contact stress distribution in great
detail at many positions due to the computationat of the requirement for the inversion
of large matrices at each position of interest.

In the variational approach the potential contactage is divided intdN elements, each of
lengthAx and widthAy [Xuefeng & Bhushan, 1996]. The normal elastic dispmenu, of
the centre of each of these elements satisfiesghation

0, +hixy)-o =0 incontact 516
g ' >0 outsidecontact (5.16)

whered is the approach of distant points in the two bedig in the Hertzian contact
equations andl is the undeformed distance between the bodiesc@hiee of each element
may also undergo a tangential elastic displacemgefio determine the elastic
displacements,andu,, normal and tangential ‘influence coefficient’ me¢sC; andD;

are required. These matrices give the displaceofehe centre of an elemenbn the
contact surface due to a unit pressure appliedahar element The total displacement
of each element can then be determined from thea$uhe displacements due to the

normal pressurp or tangential stresgon all of the elements in the potential contact

surface:
N
u; = Cyp, (5.17)
i=1
N
Uy :z D;q; (5.18)
j=1
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5.4.1 Influence coefficients;Cand D

The displacement of a general point on the surddeehalf-space resulting from uniform
pressure acting on a rectangular area was anabyskedve [1929]. Kalker [1990] derived
the influence coefficient matrices in a form suigator use in his variational method
algorithm (CONTACT). The following expressions deise the influence coefficients in
the form used in this work, based on the methadatker.

Figure 5.2 shows the relevant geometry of the piatierontact area. Defineas half the
length of each element in tleirection and as half the length of each element inyhe
direction. For each of the,xN, possible combinations of elements, influence coiefits
Cj andD; are calculated as follows [Kalker, 1990]. The @iste in thex andy directions
between the centres of elemenéhd] is denoted; andy;. The distances in theandy
directions between the centre of one element amdotlr corners of another element are
then given by:

X, =X +a; y, =y, +b

X, =% —a; Y,=Yy; b

1]

Xg =X —a; Yz =Y; +b

X, =% +a; y,=Yy; -b

(5.19)
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Figure 5.2 Top view of geometry of potential cohtaea, showing representative
elements i and |.
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The straight line distances between the centreefedement and four corners of another

element are expressed as:

I-1 = Xl2 + yl2
L, =%~ +V,°
2 TNR TV (5.20)
L, =% +Y;
I-4 = X42 + y42
The normal influence coefficie®; between any two elements is given by:
1
Cii ZE(l_V)[(fl + gl)+ (fz + gz)_(f3 + gs)_(f4 + 94)] (5.21)

and the tangential influence coefficidhf between two elements is given by
D, __[( + 91) ( + 92)_(f3 + 93)_(f4 + 94)_V(f1 +f,—f- f4)] (5.22)

HereG is the shear modulus of the material, given by

E
2@1+v)

G= (5.23)

and the function§_, andg;.4 represent terms involving the geometrical distardsrived

in Equations (5.19) and (5.20). Functidnsandg;.4 are defined as
fi=xlog.(L +v,); g, = vilog. (L, +x)

f, =%, log,(L, +Y,); yﬁO%@-+XJ

5.24
fy=%100,(Ls +¥s); 05 = yslog,(Ls + %) (5:24)
f, =x,000,(L, +v,); 9, = V.log,(L, +x,)

These influence coefficients are valid for caset wo tangential stress in th@lirection
and for contact between identical materials. Witfecent materials, or cases involving
spin, combined lateral and longitudinal forces o@suwell as normal forces. The element
displacement in each direction is then affectefobges acting in other directions. The

influence coefficients are then more complicatedescribed by Kalker [1990].

5.4.2 Variational method for calculation of stress dibtrtion in the contact

To find the values of the normal strggsnd the tangential stregsfor each elementin
the potential contact area, a variational methoy beaused. Kalker's CONTACT
algorithm is an example of a variational methodthis technique, a solution is found that

minimises an appropriate energy functional. Ka[k&90] has shown that the contact area
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and stress distribution may be determined by sglaiguadratic minimisation problem
involving the total complementary ener®, The internal complementary energy* is
also known as the complementary strain energyestitess energy. It is a function of the
internal force or stress and is represented bartba above the stress-strain curve (see
Figure 5.3). The area below the stress-strain crepeesents the elastic strain enddgy
which is a function of the elongation of the bo&ydhards, 1977].

Stres [~ !

Ue

Strair

Figure 5.3 Equivalence of complementary energy ahd strain energy Win linear
elastic range of material [Xuefang & Bhushan, 1996]

For linear elastic materials the internal completagnenergyJe* is numerically
equivalent to the elastic strain enetdy This is because the area above and below the

linear stress-strain curve is the same for thedenmds, as shown in Figure 5.3.

The total complementary enerly¥ in the absence of tangential loading can be ®miih
terms of the internal complementary energy of the stressed bodidd:* as [Johnson,
2001]

V* :UE* +'[ p(h—é_)jS (525)

S
The strain energy of the system is expressed inst@f the normal stresses and

displacements of the elements in the contact seidiac
1
UE*=UE=§IDUZdS (5.26)
S

Substituting the expression for the displacemeawts fEquation (5.17) into the strain
energy Equation (5.26) and the resulting expresgiog* into (5.25) yields the total
complementary energy function to be minimised falues ofp throughout the contact
areaS. The tangential stresses are neglected here, feinsenilar materials they have no

effect on the normal stress distribution.
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L1
Vv _Ei pu, dS+ | p(h-3)s (5.27)

S

The numerical evaluation of the total complementargrgy due to the normal stresses

over the elements of the potential contact surfatieen
1 N N N
V*ZEZA pizcij P; +ZA pi(hi _5) (5.28)
i=1 j=1 i=1

In Equation (5.28) the approach of the two bodiesa constant, as is the area of each of
the element#. These, therefore, do not affect the minimisaporblem and the function
to be minimised for the distribution of the normstiess in the contact patch may be
written as

) 1 N N N
minF, - ZEZZ pCip, +D.hp, (5.29)

i=1 j=1 i=1

For the tangential stress, the function to be miseeh has a similar form to that of the
normal stress distribution. The term for the undafed distance between the surfaces
Equation (5.29) is replaced by a term represengitajive tangential displacement between
the two surfaces. This results from the applicatibthe tangential force, consisting of a
rigid tangential shifiM, and the prior displacement difference betweersthaces due to
elastic deformatiorny’,.

) 1 N N N ,
mInFtang zzzqu Dijqj +Z(Vvir _uir)qi (530)

i=1 j=1 i=1

In a case examining the direct application of aerall tangential forc€) less than the
friction limit, both the rigid shift and the slipebwveen the surfaces prior to the application

of the tangential load are zero.

Equation (5.30) is valid for cases with no tangarditress in thg direction and for contact
between identical materials, and when the normasstdistribution is known already and

is not affected by the tangential stress distrdoutir vice versa.
Note that the actual overall complementary eneuoggtion for combined normal and

tangential load includes the terms correspondirtbearormal displacements as in

Equation (5.28). However these may be omitted énntinimisation function of
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Equation (5.30) to calculate the tangential stdéssibution as they are known and

therefore do not affect the minimisation.

These functions for the normal and tangential golsl are quadratic functions of the
stress, and as such correspond to the standardfagoadratic minimisation problems.
They may therefore be solved using standard quagnaigramming algorithms. Kalker
[1990] developed the algorithms ‘NORM’ and ‘TANGs aart of CONTACT to find the
solution. In this work the Matlab routine ‘quadpragused.

Two constraints apply to the solution of the mirsation problem for the normal case. The
first is that the normal contact presspmaust be positive everywhere, or compressive,
unless it is equal to zero outside the contact &isa, the sum of the normal strespeen

all the elements multiplied by the element akemust be equal to the total overall normal
forceP.

N
P=>Ap and p 20 (5.31)

i=1

In the tangential direction the constraint on tbkeison is that the magnitude of the

tangential stress in the contact patch must beyedare less than the friction limit

o |< up (5.32)

In addition, if the overall tangential load Q isdkam it must be equal to the sum of the

stress on the individual elements multiplied by element areé.

Q=ZAq (5.33)

5.4.3 Comparison of normal stress from variational metkoth Hertz theory

The normal stress distribution obtained from theatenal method is compared with the
analytical solution calculated from the Hertz equat for the contact between a smooth
sphere of radius 0.46 m and a flat plane. The divepamal forceP in the contact is taken
as 100 kN. As expected, the stress distributiaircailar and symmetrical. Figure 5.4
shows the three-dimensional stress distributiaihéncontact patch, which has a radius of

around 7 mm.
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Figure 5.4 Normal stress distribution in contactgafrom variational method.

Figure 5.5 shows a cross-section of the same resuitpared with the Hertzian stress
distribution which has a radius of 6.7 mm. The agrent between the two methods is very
good. The noticeable difference between them tiseaeédges of the contact patch; this is
due to the discretisation of the contact arealfenariational method. In this case, the
elements in the contact have dimensions of 1 mrh tmyn, so it is only possible to
determine the radius of the contact to the neandbimetre. Reducing the element size

leads to greater accuracy.
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Figure 5.5 Cross-section of normal stress in conpatch: /7 /7 /7 Hertz equations;
— — — variational method.
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5.5 Combined normal and tangential loading

A simple case involving tangential loading occutsew two bodies, pressed into contact
by a normal forcé, experience a tangential force that is initiakya@but increases

steadily up to the friction limitP.

If the two bodies have the same material properties the tangential force has no effect
on the normal stresses and displacements and énallosize and shape of the contact is
determined purely by the normal force and the uordeéd profiles of the bodies. Before
the application of the tangential force, the whmatact area is in a state of stick. The
application of a tangential force causes a sheatieldisplacement of each of the bodies.
As long aQ remains less than the friction limit, there isowerall sliding but slip occurs
over part of the interface. The problem is to deiae the location of the stick and slip

Zones.

5.5.1 Analytical solution using Hertz theory

This problem was treated analytically for the coht# two cylinders by Cattaneo in 1938
and also by Mindlin in 1949, and is summariseddiyn¥on [2001] who also describes the
extension of the theory to spherical contacts.h&sliodies are assumed to be smooth,
Hertz theory may be used. For a circular contattt witangential load less than the friction
limit applied along the axis, the tangential stregéx) acts in the same direction, and is
symmetrical with a central stick area of radiusoncentric with the overall contact area of
radiusa. In the slip zone (the annulus around the sticlezdhe tangential stress is at its

maximum, given by the friction limit
Oeip (% ¥) = 2p(x, y) (5.34)
wherep is the Hertzian normal stress from Equation (5.T8p radius of the central stick

regionc is determined from the magnitude of the tangeftiae as [Johnson, 2001]

%
o= a(l_ﬂj (5.35)
P

In the stick zone the tangential stress distrilyuisogiven by

C r? &
qstick(x’ y) = Qgiip _E/J po(l_?j (5.36)
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The tangential stress distribution along xreis of the contact patch for increasing
tangential loads is shown in Figure 5.6. With nogential load the entire contact patch is a
stick zone, then as the load increases the stick ghrinks as slip zones appear around the
circumference of the contact. In the slip zones, timgential stress is equal to the friction
limit, i.e. the coefficient of friction multiplied by the noahstress at that point, here taken
from the cross-section of the Hertzian normal stsd®wn in Figure 5.5. At the moment
when the stick zone vanishes when sliding is immiinde maximum tangential stress is

equal tou times the maximum normal strgss
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Figure 5.6 Cross-section of tangential stress m¢bntact between a sphere and a flat

plane: (a) Q = 0.25uP; (b) Q = 0.5uP; (c) Q = 0.75¢P; (d) Q = 1.0¢uP imminent
sliding. P and Q respectively are the overall nolawad tangential forces in the contact,
L= 0.3 is the coefficient of friction.
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5.5.2 Tangential stress solution using variational method

In the simplest case of combined normal and tamgldotading, first the normal stress
distribution is determined independently of thegemtial load. Then the tangential load is
applied ‘instantly’. The prior tangential displacenm difference between the surfacésis
zero. The division into stick and slip zones is caitulated explicitly but can be derived
from the tangential stress distribution, usingdkénition of Equation (5.9) that the
tangential stress is equal to the friction limitislip zone. Figure 5.7 shows the results
obtained by the variational method for this casmgared with the analytical solution.
Differences are due to the discretisation of thetact patch into 1 mm square elements.
The accuracy of the division into stick and slimes depends on the size of the elements

employed.

400 - - . . .

(@)

200

7
!

|
o

|
N

|
N
o
N
N
o

400 T T T T T

(b)

200

o
N

Tangential Stress [MPa]

(€)

200

(d)

200

O va 1 1 1 1 1

Distance [mm]

Figure 5.7 Cross-section of tangential stress intaot patch between a sphere and a flat
plane:// /7 [J analytical solution based on Hertz equations; ——variational method.
(@) Q =0.25¢P; (b) Q = 0.54P; (c) Q = 0.75uP; (d) Q = 1.0xP imminent sliding.
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Figure 5.8 shows an example of the three-dimenkaistibution of the tangential stress

in the contact patch calculated using the variatiomethod.
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Figure 5.8 Tangential stress distribution in corttpatch calculated using variational
method for Q = 0.51P with the coefficient of frictiogy = 0.3.

5.6 Two-dimensional representation of the contact problem

The three-dimensional determination of the stregshe contact patch converges towards
the exact solution as the element discretisati@otoes finer. The numerical method
therefore works well as long as the elasticity &imiion assumptions are correct [Kalker,
1990].

The disadvantage of the technique when it is todsel in a wear calculation is the high
computational cost of the minimisation over a grictlements. The stresses at a single
position may be determined relatively quickly (ifeav seconds), but the time to calculate

the stress at many wheel positions along a rai agdto a significant computation time.

For this work the roughness is known and requirdg along a single line of the wheel-
rail contact. Lateral forces, lateral creep and spe assumed to be insignificant. There is
therefore a large computation time benefit in sifgiplg the contact problem to two
dimensions. Also, in the absence of detailed rail @heel profile data the three-
dimensional model is itself an approximation assgumes a constant rail-head curvature.
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In two dimensions, the problem is that of a cylintecontact with a plane, with constant
stress across the width of the contact (inytdeection). Kalker [1970; 1971a; 1971b]
analysed this problem using the variational metAtd solution process is the same as for
the three-dimensional analysis except that a @iffematrix of influence coefficients is
required, and the overall normal force in the corfais expressed as a force per unit
width. The same influence coefficients are usedifernormal and tangential calculation.
The width of the contact in thedirection is assumed to be a constant.

5.6.1 Influence coefficients for two-dimensional analysis

To determine the normal and tangential elasticldegments in the two-dimensional case,
a ‘piecewise linear’ representation of stress itistron is commonly used [Bentall &
Johnson, 1967; Kalker, 1970, 1971a, 1971b & 19%2n8et al, 2004]. This

representation differs from the ‘piecewise constaeleiments used in the three-dimensional
case. In a piecewise constant representationfrimesg or q is constant across the surface
of each element as shown in Figure 5.9, with a sligymge in the stress at the element
boundaries. In piecewise linear representatiorstiess is built up as the sum of a series of
overlapping triangles, removing the step chandbheatlement boundaries as in

Figure 5.10 [Johnson, 2001].

Y

v

AX

Figure 5.9 Piecewise constant stress elements
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Figure 5.10 Piecewise linear stress elements

The two-dimensional matrix of influence coefficieB; is given by Kalker [1971a]
following the method of Bentall and Johnson [1967]:
1

B, = AX{(k — AX)? log,|k —~ AX| ~ 2k2 log, K| + (K + Ax)? log, [k + AX]

(5.37)
with k=X =X,
B gives the displacement of the centre of an eleimenthe contact surface due to a unit
peak stress applied at another elenpenhe total displacement of each element is again

determined from the sum of the displacements diieetstress on all of the elements in the

potential contact surface:

N

Uy =Z B; p; (5.38)
=1
N

Uy :z B;q; (5.39)
=1

In the two-dimensional case, the normal and tangesisplacements may be calculated
using the same influence matrix, as long as thendaised for the displacements is the

same in each case [Johnson, 2001].

5.6.2 Two-dimensional analytical solution for tangenttaintact

For a cylinder in contact with a plane and a tatigeload less than the friction limit
applied along th& axis, the tangential streg&) is again symmetrical with a central stick
area of half-lengtle centred in the overall contact area of half-leragtiihe Hertzian
analysis is similar to that for the three-dimensalamalysis in Section 5.5.1, except that

the half-length of the central stick regiois slightly different:
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bt
= 3(1_2] (5.40)
1P

The tangential stress distribution in the stick ziesngiven by Equation (5.36) as before.

5.7 Comparison of resultsfrom two and three-dimensional models

The normal stress distribution calculated using e dimensional variational method
may be compared with the results for the Hertziamact between a cylinder and a plane
and also with the results for Hertzian contact leetwva sphere and a plane. Figure 5.11
shows the same case as calculated in Sectiondsih@ the Hertz equations for a 0.46 m
radius sphere. The radius of curvature of the cglinglalso 0.46 m. For the two-
dimensional variational method and for the Hertaaggpns for a cylinder, the width of the
contact in the direction is set to 13.4 mm which is the diamefeihe resulting contact

area in three dimensions.
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Figure 5.11 Normal stress in contact patch betwed3.4 mm cylinder and a flat plane:
[7[7 [7 Hertz equations for cylinder; — — — variationalthaal; - - - - - - - centre-line
from Hertz equations for sphere.

It can be seen firstly that the agreement betwisewariational method and the analytical
results for a cylinder on a flat plane is very goadd as before the differences are due to
the element discretisation. The length of the adnpatch is different between the two-
dimensional and three-dimensional representatass the magnitude of the stress. This
is to be expected as the two-dimensional representassumes that the overall force is

distributed equally along the cylinder in thdirection, whereas the three-dimensional
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representation allows for a higher value of stedsag the centre-line of the contact which
then falls to zero at the edges of the contadtéy direction. The cylindrical stresses are

therefore lower and the contact patch length ghtlly shorter.

A contact width for the two-dimensional case ofith results in a closer match in the
contact length compared with the three-dimensioasg, shown in Figure 5.12. The
magnitude of the normal stress for a cylinder rem#&ss than that from the centre-line of
the sphere calculated in three dimensions.
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Figure 5.12 Normal stress in contact patch betwedd mm cylinder and a flat plane:
[7[7[7 Hertz equations for cylinder; — — — variationalthad; - - - - - - - centre-line
from Hertz equations for sphere.

Figure 5.13 shows the tangential stresses, foacdégual to half the friction limit,
calculated by the variational method in two dimensicompared with the analytical
solutions using Hertz theory for cylindrical anchepcal contact. A three-dimensional
spherical contact gives higher tangential streakey) the centre-line of the contact than
the two-dimensional cylindrical contact. This me#rs even though the width of the
cylinder has been adjusted to give the same ovewathact length as the spherical case, a

greater amount of the contact is found to be itatef slip if a cylindrical model is used.
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Figure 5.13 Tangential stress in contact patch eetwva 11 mm cylinder and a flat plane:
[7[7 [7 Hertz equations for cylinder; — — — variationalthad; - - - - - - - centre-line
from Hertz equations for sphere. Q = 6/3°.

5.8 Summary of modelling stressdistribution in the contact

A three-dimensional contact model based on Kalkaigtional method has been
implemented in Matlab. The model calculates th&ibigtion of normal and tangential
stresses throughout the contact area. For the siogske of contact between a smooth
sphere and a flat plane, results from the modet lieen compared with analytical results
using Hertzian contact theory. The accuracy of thisierical model is limited only by the
size of the elements used to represent the polteptitact area, but the three-dimensional

model is computationally expensive.

A two-dimensional representation of the contact ehdés also been developed. This is
required in order to reduce the calculation tintesarry out analyses of rolling contact in
the following chapters. The two-dimensional moaegjuires the assumption of a constant
width of the contact patch in the lateral directidhis width can be chosen to give the

correct length of the contact patch in the longriatdirection.

The normal and tangential stress distributions ftbentwo-dimensional model have been
compared with analytical results as well as with ribsults from the centre-line of the
three-dimensional model. The agreement with théyaoal results from Hertzian contact
theory is again limited only by the size of theneémts used in the longitudinal direction.

Compared with the results from the centre-line tifrae-dimensional model, the two-
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dimensional model underestimates the maximum nofoned in the contact and can
exaggerate the length of slip zones slightly. TriiEerences arise from the assumption
that the stress distribution is constant in therkdtdirection in the two-dimensional model.
In the absence of detailed wheel and rail profifeimation in they direction, for this

work the two-dimensional contact model is adequais.also necessary, in order to

reduce the calculation time when analysing roltingtact with very small element sizes.
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6 ROLLING CONTACT

6.1 I ntroduction

In this chapter, the contact model described inpreb for static contact problems is
extended to rolling contact. The extension to mglicontact is straightforward, as the
variational method inherently includes transiefé&s. For rolling the model is applied in
a time-stepping fashion and the contacting surastepped along the wheel and rail-head
surfaces. The stresses and displacements calcalateglthe railhead (and wheel tread) at
each time-step in rolling depend on the valuebaptevious position. These were

previously assumed to be zero to calculate thestgults presented in Chapter 5.

The variables of interest to be determined by theaehare the distribution of normal and
tangential stress in the contact as the wheel atiisg the rail. The size and shape of the
contact and the division into stick and slip zomesy also be derived from the model. In
the event that parts of the contacting surfaces sie relative sliding velocity of the two
bodies in the slip zone is important for the catioh of rail wear. The size of the elements
used to define the potential contact area is inambrs it affects the accuracy of the

division into stick and slip zones and the slipoedty calculation.

In this chapter the calculation of slip velocityeaich location in the contact area is

described and the effect of the rolling speed anstip velocity is investigated.

Rolling can occur without any tangential force lgeiransmittedi.e. with Q equal to zero.
This is known as ‘free rolling’. Free rolling is hof interest in this work as it does not
result in wear. Free rolling occurs for idealisegbowered or unbraked wheels only. Cases
with non-zero tangential ford@ are known as ‘tractive rolling’ [Johnson, 2001].
Tangential loading of the wheel-rail contact aldhg rail head arises in acceleration or
braking and in overcoming frictional losses. Powlese braked wheels experience a
sizeable value d. Unpowered trailer wheels may also experiencelsmales ofQ as a
result of minor misalignments in rolling leadingdieeep. This chapter includes a
description of creep in Section 6.2. Lateral forcas also occur but, as in the rest of this

thesis, these are neglected here.

A simple example of rolling contact is steady majli In steady tractive rolling with

friction, the normal forc® is constant and a constant tangential f@as transmitted.
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Carter [1926] developed a two-dimensional whedlaamtact model which is an analytical
solution to the steady rolling contact problem ai@ooth wheel on a smooth rail. When
using the variational method, however, steadynglihay be considered to be a special
case that develops over a period of time in tramsw@ling from a set of initial conditions
with unchanging external loads. In this chaptes,tthnsient variational method is used to
develop steady tractive rolling contact from aniahistationary position. The resulting
tangential stress distributions are compared vi¢hanalytical solutions for the initial
position and once steady rolling has been achieved.

Some examples of rolling contact are examined uiagariational method for situations
involving roughness of the rail head. These illatsithe importance of considering non-
Hertzian effects in the form of the rail roughnedgen determining the distribution of
normal and tangential stresses. Very differentltesue calculated for the stress

distributions when the effects of surface roughra@esncluded.

6.2  Creep, creep ratio and creep-forcerelationship

In tractive rolling contact, tangential loading daad to a difference in elastic deformation
of the two bodies in the stick zone. The differeimcelastic deformation or strain in the
stick zone is relieved by slip elsewhere in thetacharea, which is known as ‘creep’. As
described by Johnson [2001], creep arises whetietieformation causes the surface of a
wheel and rail to stretch in tractive rolling caettaCreep can occur in the longitudinal and
lateral directions and also in the form of spinegrewhere the relative slip between wheel
and rail is rotational. Lateral creep arises faxraple if the plane of the wheel is rotated
away from parallel with the rail during rolling. this work only longitudinal creep is

examined.

For longitudinal creep under tangential tensilalldae wheel will move forward a
distance in one revolution that is greater thammdeformed circumference. This means
the effective circumference of the wheel under lsddnger than it is under no load. If the
load on the wheel is compressive then the wheéimalve forward a shorter distance in a
complete revolution. This description leads todkénition of the longitudinal creep ratio
¢ as used by Johnson [2001]. The creep ratio isrtwtidn given by the difference in the
distance travelled in one revolution by the defatraad undeformed wheels, divided by

the undeformed circumference. It may also be espes terms of the velocity of the
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surfaces of the contacting bodies. If the velooity point on the surface of the wheel in
the contact is;, and the wheel moves along the rail with overalbeiy v, then the
longitudinal creep ratio is given by [Johnson, 2001

v, —V,

=——= (6.1)

Vv,

The creep ratio is often expressed as a percerftagexample it is common in modelling
trailer wheels of railway vehicles to assume a sfaaél of constant longitudinal creep of
the order of 0.1%. This arises when the conicitthefwheels and assumed small lateral
displacements of the wheel on the rail head cahesénto wheels of a wheelset to run on
different radii [Johnson, 2001]. The resulting ei#nce in rolling radius of the wheels
causes slip as the wheels travel a different distam each other with each full axle

rotation.

The maximum tangential load that can be supporteda contact area in rolling before the
onset of full sliding is of interest for the acaaligon and braking of railway vehicles. This
adhesion limit determines the maximum torque thatlme applied to the wheel. In the
absence of a detailed knowledge of the stresshiliin in the contact patch, the
relationship between longitudinal creep and oveealbential force is used to simulate
adhesion limits for accelerating or braking vehscléhe creep-force relationship is also
often used in vehicle motion simulations in plata detailed model of the stress

distribution, as it is much faster to calculate.

In many cases a constant friction coefficient suased throughout the contact, which
results in steadily increasing tangential forceniicreasing creep up to the adhesion limit.
However, measurements of creep-force relationstipsv that for large creep ratios there
is an optimum adhesion, with a decreasing sectyoid this maximum [Polach, 2005].
The reduced capacity of the wheel-rail contactuggpert tangential loads without slipping
for high creep is due to the dependence of th&édricoefficient on sliding velocity. It is
widely known that friction coefficients are differiein static and dynamic situations. The
dynamic friction coefficient depends on the slidiredocity between the surfaces — higher
slip velocities result in lower friction coefficies1 For high creep the falling friction
coefficient causes the slope of the creep-forcimiship to become negative. Figure 6.1
shows the shape of a creep-force curve with cohiiation coefficient and one with a

velocity-dependent friction coefficient.
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Figure 6.1 Creep-force relationship (simplified repentation):/7 /7 /7 constant friction
coefficient; — — — friction coefficient decreaswigh increasing slip velocity.

In this chapter the rolling contact analysis igieg@r out under the assumption of constant

friction. A velocity-dependent friction law is imduced into the model in Chapter 8.

6.3  Analytical solution for steady rolling contact

The two-dimensional wheel-rail rolling contact mbdeveloped by Carter [1926] and the
three-dimensional extension described by Johnda@i[Pare analytical solutions to the
steady rolling problem.

As with the case for contact with a tangential éot@nsmitted but no rolling, as long as
the magnitude o) is less than the friction limit, the contact isidied into stick and slip
zones. However, with rolling, the condition thae tirection of the slip must oppose the
direction of the tangential stress means thatlthezene must be located at the trailing
edge of the contact with a stick zone at the lepdufge.

For the static case described in Chapter 5, thigldifon of the tangential stress in the
stick zone was obtained analytically by the subhtvacof a component from the maximum
tangential stress which occurs in the slip zone fBsulting stick zone is symmetrical
about the centre of the contact. In the case afigteolling contact, the stick zone is
shifted by a distance corresponding to the difference between the lealédh of the
contacta and the half-length of the stick zoaeT he following equations are from Johnson
[2001] but the sign ofl has been reversed to match the rolling directavention used
here. As in the static case, the width of the stimke is determined by the magnitude of

the tangential loa@.
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d=c-a (6.2)

2\
qstick(x’ y) = Usiip _g,u po(l_ (I‘ -::gd) j (6.3)

This simple shift in the location of the stick zaeevalid along the centre-line of a
spherical contact far as defined in Equation (5.35). However, away fthecentre-line,

a simple circular stick zone does not follow thedieg edge of the contact area (as shown
in Figure 6.2). Therefore this three-dimensiongragimation does not meet the expected
condition of stick along the leading edge. No atiedy solution has been developed for the

three-dimensional problem that meets this conditidiy [Johnson, 2001].

Circular approximation

Contact are of stick zone, diametar

Rolling
direction

Figure 6.2 Shape of stick and slip zones viewen fbove in three-dimensional
approximation of steady rolling contact of a spherea flat plane. The circular
approximation of the stick zone is valid along ¢katre-line only.

For the two-dimensional case of cylinders contactilong paralley axes as studied by
Carter [1926], the same expressiondgik applies but is slightly different, as defined in
Equation (5.40). The resulting contact area anmasid stick zones are effectively
rectangular as shown in Figure 6.3.

Rectangular stick zone

Contact are . . o

—_——— e — ——_— —_ = —_]—— —_——_——_ = . ] —_—— —>
Rolling

direction

Figure 6.3 Approximation of shape of stick and glymes viewed from above in two-
dimensional steady rolling contact of a cylinderafiat plane.

149



For the two-dimensional case, Figure 6.4 showsxamele of the tangential stress
distribution in steady-state rolling contact casted analytically for a cylindrical 0.46 m
radius wheel rolling over a smooth rail. The widftthe contact is assumed to be 8 mm.
The total normal loa® is 100 kN and the tangential stress is half offtlo&ion limit /.
The friction coefficienjzis 0.3. The trailing edge is slipping while thede® edge sticks.
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Figure 6.4 Example of tangential stress distribntio steady-state tractive rolling contact
with Q = 0.5«P: [/ [J [J tangential stress; — — — friction limit.

6.4  Transent rolling contact by the variational method

Analytical methods are limited to steady rollinghtact problems, as described in

Section 6.3. However a wheel rolling over a roughis an unsteady or transient rolling
contact problem, because the forces and stressles aontact vary with time. Some
models apply a quasi-static (or stationary) metioodietermine the stress distribution in
rolling. For this method the normal force is allalte vary, but the resulting tangential
stress distribution is calculated as if in steaallyrg at each time-step. This approach was
used, for example, by Nielsen [2003] and by Wu @hdmpson [2005].

By choosing the variational method to determinestiness distribution in rolling contact,
true transient rolling is accounted for. For theatonal method, the stress distribution in
the contact patch at each time-step depends astrdgses and displacements at the
previous position. Steady rolling contact may therconsidered as an extension or special

case of the transient rolling contact theory [Kalk€90].
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The frame of reference is assumed to move witltdmeact patch. For a wheel rolling
about they axis along a rail, with no overall sliding and symn, the surfaces then move
through the potential contact area with rollingoggty v in the negativex direction
(Figure 6.5).

Body 1: wheel

v

Body 2: rall

v

Figure 6.5 Moving frame of reference in rolling.

Although the wheel moves along the rail in the pesix direction, the flow of material
through the contact patch is in the negakwkrection, from right to left. Rolling is
assumed to take place in increments of tithesith the current time given ktyand the
previous time by'. In each time-step the wheel rolls forward a dise\x = vAt which is

chosen to correspond to the length of an elemethieipotential contact area.

The tangential loading on a rolling system may itleee an imposed overall tangential
force Q, or an imposed rigid shit,. Accelerating or braking a wheel corresponds to
imposing an overall tangential for€e while imposed longitudinal creep may be described
as a rigid shift. For example, if two wheels inargoined by an axle have different radii,
when running on tangent track one wheel will hawslip or shift longitudinally to keep up
with the rotation of the other wheel, while theathill slip backwards, leading to a

resultant tangential force in the contact patch.

The presence of a tangential force in rolling letadslastic deformation along theaxis
ux(x,t) of the material on the contacting surfaces. Foafitbody 1 in the potential contact

area at timé has an undeformed position definedka&). In its deformed state, its
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position is given by; (t) + ux; (X,t). The corresponding point on body 2 has an

undeformed position o&;(t) and a deformed positiog; (t) + Ui (Xt).

In general, if corresponding points on the rail arieeel are in contact in their deformed
state at timé’ =t —At, then the slip between their positions that ocauestime-stept is

the sum of the ‘rigid’ shift and the ‘deformatioshift given by

I

S (t _t') = (Xn =X )_ (XZi =Xy ) +{(uij Uy )_ (szi ~ Uy )} (6.4)
where thex terms represent the ‘rigid’ shift and theterms represent the ‘deformation’
shift [Kalker, 1990]. The deformation shift is tHéference in the elastic displacement
occurring in timeAt of the corresponding particles on the wheel aildThe displacement
differenceuy; is defined as the difference between the pointheriwo bodies at a
particular time,

Uy = Ugi ~Uyy (6.5)
The displacement difference is taken to be positikien body 1 moves in the positixve
direction relative to body 2. The displacementetighce at timémay be calculated from
the tangential stress distribution and the infl@eogefficients using Equation (5.18). The
tangential elastic displacement differengas necessarily zero by definition in the stick
zones, although the tangential strgssd the deformations of each bagy anduy; are

not zero.

To minimise the function given in Equation (5.30}imet, the rigid shiftwi, between the
bodies in a time-step and the tangential displac¢wiifferenceu’;; at the previous timg
are required. If the tangential loading considasgaurely in the form of an overall
imposed tangential loaq, then the rigid shift is zero.

At time t'=0, the stress distributiapin the contact area is determined from the initial
conditions of overall tangential loading or rigidifs. The elastic displacement difference

in each element may then be determined, alongthwdivision into stick and slip zones.
The wheel then rolls forward a distamoein timeAt. The frame of reference moves along
with the wheel. Now the displacement differencdsutated at time’ correspond to the
previous set of potential contact elements. A slygmodified influence coefficient matrix
Djj’ is required to relate the tangential stress a tito the displacement of the elements in
the potential contact at timeD;;’ is calculated by adding the distariceto the distance
between each element combinatignn Equation (5.19) before following the steps ap t

Equation (5.24). In fact the matri);’ is identical tdD; but with the first row dropped and
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an additional row added. Figure 6.6 shows thid ghiferms of the potential contact area

for a three-dimensional analysis.

In the two-dimensional case with transient rolloaptact, a modified influence coefficient
matrix B;' is used to determine the displacements in theotutime-step due to the
stresses in the previous time-step. This corresptmthe matribD;’ in the three-
dimensional case and is calculated similarly byirrgithe distancax to the distance

between each element combinatioin Equation (5.37).

In each time-step, an elemerdf theN elements in the potential contact area is either i
the contact zone or outside it. In the contact zeaeh element is also in either a stick
zone or a slip zone. The corresponding stresses$ysat

p, >0 Insidecontact
p, =0  Outsidecontact
|o,| < up, Stickzone
a,|= o, Slipzone

This division is implicit in the stress on eachneémnt, but the calculation of the stress

(6.6)

distributions can proceed without explicitly divigj the contact into stick and slip zones.

. , Rolling
Dlstanc_e direction
moved in one
time-stepAx
v Y
Elements in potential
contact at time' but
outside potential
contact at = t'+At v
------------ S

e Elements added to potential
’ contact at time

Figure 6.6 Shift in potential contact area in edthe-step.
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6.5 Example: development of steady-state rolling from rest

As an example of the calculation of the tangerstigdss distribution in transient rolling
contact, consider a cylindrical wheel of radiussOd initially at rest on a smooth rail of
transverse radius 0.46 m. These parameters areadentito a sphere of radius 0.46 m
rolling on a flat surface, and result in a circutantact patch. A normal lodelof 100 kN

is applied to the wheel. A tangential foQe= 0.75xP is applied to the wheel initially and
this remains constant throughout rolling. The rigjift is zero. The friction coefficiemtis

0.3. The wheel is then permitted to roll along thiéwith a constant velocity = 1 m/s.

This example corresponds to a transient rollingactrproblem known as ‘Cattaneo to
Carter’ and is used by Kalker [1990] to verify trariational method. The initial tangential
stress distribution is that determined analytichiyCattaneo in 1938 as described in
Section 5.5.1 (Cattaneo simplified the problemato tlimensions, in this example the
extension to spherical contacts described by Johfi1] is used). The final steady-state
stress distribution may be compared with Cartel@2p] analytical results again in the
three-dimensional version as described in Secti8nThe ‘Cattaneo to Carter’ problem
thus describes the evolution of the contact stleggbution as rolling begins from a
stationary contact until steady rolling is achieved

The potential contact area is defined as a 20 n2® mm square. This gives 400 elements
in total, of length 1 mm in each direction, and wigeel will roll 1. mm in each time-step.

At timet = 0 before rolling, the tangential stress distiimitalong the centre-line of the
contact is identical that shown in Figure 5.6(d)eTevelopment of the tangential stress
distribution shown over ten positions as rollinggeeds is shown in Figure 6.7. The stress
distribution after rolling 10 mm is approachingtaagly-state, and is shown in three
dimensions in Figure 6.8. Figure 6.9 shows the @mpn of the steady-state tangential
stress distribution obtained by the variationallhmédtand by the analytical method based
on the Hertz equations. The agreement is satisfagteen the spatial resolution used

here.
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Figure 6.7 Development of steady-state tractivénglcontact from rest/ /7 /7

tangential stress q; — — — friction limit. Aboveledigure is the distance rolled from the
initial position. Centre-line of contact shown frahree-dimensional model. This
corresponds to the case ‘From Cattaneo to Carteeédiby Kalker [1990] to verify the
variational method. Q = 0.75#, 1« = 0.3.

This case, with a constant tangential fo@;eorresponds to a driven wheel with a constant
torque supplied to the wheel and constant nornaadoThe creep is zero initially when

the wheel is at rest and increases to a constéu wathe steady-state. For driven wheels
with varying normal loads, the creep is not conisbat varies in each time-step.
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Figure 6.9 Cross-section of steady-state tangestiass in rolling contact between a
sphere and a flat plane- — — analytical solution based on Hertz equatidigy /7
variational method. Q=0.75.P.

6.6 Example: steady-staterolling with constant longitudinal creep

It is common in modelling non-driven wheels of waly vehicles to assume a small level
of constant longitudinal creep. This creep arisesifthe conicity of the wheel and
assumed small lateral displacements of the wheti®nail head, and is typically of the
order of 0.1% [Xie & Iwnicki, 2008b; Shergg al, 2006; Wu & Thompson, 2005]. With a
constant assumed creep in a time-step of duratiotime rigid shift of the system, (the

same for all elements in the potential contact)aregiven by
W, =Ax$ (6.7)
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Note that the assumed creep in this case is negdtiat is body 1 (the wheel) shifts in the

negativex direction compared to body 2 (the rail) in the te@h zone.

Figure 6.10 shows the development of steady-stdlieg contact from rest for a case with

constant longitudinal creep of 0.1%. Again the oeiihe of the contact calculated from

the three-dimensional model is shown.
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Figure 6.10 Development of steady-state rollingtaonhfrom rest with constant
longitudinal creepZ’/ /7 /7 tangential stress; — — — friction limit. Above ledigure is
the distance rolled from initial position. Centiie¢ of contact shown (from three-
dimensional model).
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The tangential stress shown in Figure 6.10 is @gtatue to the rigid shift arising from the
constant longitudinal creep, there is no overalgtntial stres® applied and no constraint
on the sum of the tangential stress over all tamehts of the potential contact. The
overall stres® increases in each time-step until the steady-&atached. All other
parameters are the same as in the previous exd8gition 6.5). In the initial time-step
the tangential stress is below the friction linhitdughout the contact, meaning there is no

slip until a distance of just over 5 mm has bediedo

With constant creep imposed, the system requiree titoe to reach a steady-state than
for the previous case with a constghimposed. In each step shown in Figure 6.10 the
wheel has rolled 5 mm (the calculation step sizhessame, but not all calculated steps are
shown). The steady-state is reached after a distaiharound 2 to 2.5 times the overall

contact length. A similar distance for convergewes found by Kalker [1990].

6.7  Calculation of slip and dlip velocity in the contact patch

At each position as the wheel rolls along the th#, relative sligs between corresponding
elements on the two bodies is given by the creepsadhe eleme, added to the
change in the elastic displacement difference oomym each time-step, given by the

elastic displacement in the current time-sigpninus that from the previous time-stag

% :VVir +uxi _u;(i (68)

The slip velocitys is determined by dividing the slip by the timegsthirationAt:

S

§ =4 (6.9

In the stick zone there is no slip and the slipeiy is zero automatically. In the slip zone,
the slip velocity increases up to its maximum atttlailing edge. Outside the contact zone
the slip velocity falls away again, although tlesneaningless. Those elements in the
potential contact zone but outside the actual abrtgperience elastic deformation as a
result of the stresses on the elements in the contae, but this cannot result in friction or
wear. Therefore the slip velocity in elements algshe contact patch is set to zero before
calculating the material removed from the rail atle time-step. This is not necessary if
the stresses outside the contact are exactly aetdhe numerical minimisation technique

can result in very small non-zero stresses outkiele€ontact patch.
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The two-dimensional model is used here in ordénvestigate the effect of element size in
the numerical model results. Figure 6.11 showslipevelocity and corresponding
tangential stress distribution calculated usingtéhe-dimensional variational method after
reaching a steady-state under constant normalaemgmtial loading. The parameters are
the same as used previously with a normal load6fKIN, a constant longitudinal creep of
0.1%, a cylindrical wheel of radius 0.46 m, a cohtaidth of 11 mm and a smooth flat

rail. The coefficient of friction: is 0.3 and the rolling velocity= 1 m/s. It can be seen that
the slip occurs only at the trailing edge of thatect and is zero elsewhere. With the 1 mm
element size used, there are three elements ateaddtslip, with the maximum slip

velocity of around 3 mm/s.
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Figure 6.11 Slip and stress distribution in steadgte rolling with 0.1% creep and 1 mm
element size. (a) Slip velocity; (b) tangentiaést distribution/7 /7 /7 variational
method with 1 mm elements; - - - - - - - frictroi. |

6.7.1 Effect of element size on slip velocity

If the stick-slip division is required in more digtanore elements of smaller size may be
used to define the potential contact zone. Figut2 6hows the results from the same
model but with four times as many elements in thkeptial contact. There are now twelve

elements making up the slip zone with non-zero@ipcity. The tangential stress
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distribution is also much smoother when calculatsidg smaller elements. The peak slip
velocity at the trailing edge of the contact is ndwm/s which is significantly higher than
the peak value calculated with 1 mm elements. Tipesslocity increases up to a

maximum at the trailing edge, so smaller elemens g better approximation of the peak

slip velocities.
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Figure 6.12 Slip and stress distribution in steadgte rolling with 0.1% creep and
0.25 mm element size. (a) Slip velocity; (b) tatigestress distributionZ/ /7 [J
variational method with 1mm elements; - - - friction limit.

Figure 6.13 shows the slip velocity in a steadyestalculated with various different
element sizes. There is very little differencehia slip velocity between an element size of
0.1 mm and 0.25 mm, suggesting that at least Or%elaments are required to represent
accurately the slip velocity in the contact patdthva constant friction coefficient. In
Chapter 8, however, it is found that even smaliements are required if a velocity-
dependent friction coefficient is used. Therefar¢hie remainder of this work 0.1 mm

elements are used.
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Figure 6.13 Effect of element size on steady-sigteselocity:/7/7/7 1 mm elements;
------- 0.5 mm elements; — — — 0.25 mm éemen- - — - 0.1 mm elements.

6.7.2 Effect of rolling speed on slip and slip velocity

If the longitudinal creep is constant, then the amaf slip in each time-step in rolling is
independent of the rolling speed. This is becahealistance rolled in a time-step is
unchanged, since this distance is determined bgldment size in the potential contact.
The length of the slip zone is unaffected by tHeng speed for steady rolling and
constant creep, as is the tangential stress distsih However the slip velocity is directly
proportional to the rolling speed, as shown in FegbL14. Doubling the rolling speed from

1 m/s to 2 m/s doubles the slip velocity throughtetslip zone.
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Figure 6.14 Effect of rolling speed on steady-stdife velocity:/7 /7 /7 speed 1 m/s;
———2m/s; - 10 m/s.

161



6.8  Comparison with resultsfrom 2-D and 3-D analytical solutions

An example of the tangential stress in steady-stdlieg contact is shown in Figure 6.15

to compare the results from the two-dimensionaktiamnal model with analytical

solutions in two and three dimensions. The paramete the same as used previously but
again with an assumed contact width of 11 mm. Ak thie normal stress distribution
(Figure 5.12), the magnitude of the tangentialsstie under-estimated when using a two-
dimensional representation. The location of thekssiip boundary is similar. With the
small 0.1 mm elements used in the variational nethiee precision of determination of

the location of the stick-slip boundary makes the-tlimensional analytical and numerical

methods almost indistinguishable.
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Figure 6.15 Tangential stress in steady-state mgllQ=0.75P: /7 /7 [7 analytical
solution for cylinder; - - - - - - - 2D variatiomakthod (almost superimposee},— —
centre-line of analytical solution for sphere.

The rolling contact case ‘From Cattaneo to Cattas been calculated again using the
two-dimensional variational model and is showniguiFe 6.16. The parameters are the
same as used for the three-dimensional case peesienfEigure 6.7, but with an assumed
contact width of 11 mm and smaller 0.1 mm elemekséswith the three-dimensional
model, before the initiation of rolling, there i€@antral stick zone with a slip zone at each
end of the contact patch. With rolling, the slimedecomes restricted to the trailing edge

and a steady-state is achieved after around 10 fmailiog.
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Figure 6.16 ‘From Cattaneo to Carter’ using 2-D nebdDevelopment of steady-state
tractive rolling contact from rest:/ /7 /7 tangential stress q; — — — friction limit. Above
each figure is distance rolled from initial positio

Xie and Iwnicki [2008b,c] have obtained similaruks from two- and three-dimensional

models. Here it is clear that the two-dimensiorakion of the model can give an accurate

representation of the length of the contact. i$ tised to simplify spherical contact to two

dimensions, the magnitude of the actual normasstamd hence of the tangential stress is

under-estimated at the centre-line. The locatiothefstick-slip division may also be

affected, which could influence the wear resulta nictional wear model. However in the

cases considered here only the roughness proftleeafentre-line is known. This profile

can be assumed to extend over the width of thdneaitl with the rail head curvature, but

the three-dimensional model is then itself an apipnation of the actual rail profile. The

true lateral roughness distribution is not knowd &r a worn rail, the rail head curvature
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in the contact zone could be flattened out. In $itigation the contact would be better

represented by a cylinder on a plane than by tleettimensional model.

6.8.1 Contact width for two-dimensional model of actualeel and rail

In the case of contact between a cylindrical winéeadius 0.46 m and a transversely
curved rail of radius 0.3 m, the three-dimensiamadtact is elliptical rather than circular,
and shorter in the lateral direction. An assumetdtiwof the contact in thgdirection of

8 mm for the two-dimensional model gives a goodraximation of the length of the

contact in thex direction for the vehicle static loads modelledhis work.

6.9 Rolling over acorrugated rail

If the rail is not perfectly smooth, the contactdéh and the distribution of the stresses and
slip in the contact patch varies with the contagpnofile. For example, if a short
wavelength corrugation is present on the rail cthretact may occur at more than one
location and there may be several zones of stidkséip. Figure 6.17 shows an example
with a 5 mm wavelength sinusoidal corrugation optimde 1x10° m. The normal load is
60 kN and is assumed constar#, does not fluctuate as a result of rolling over the
corrugations. The wheel radius is 0.46 m and tltthwof the contact is assumed to be

8 mm. This case could therefore represent the magmr high-speed train type, but with a
constant normal load. Note that this amplitudeasfugation is unrealistic in practice at
this short wavelength, so the example is hypothktintil wavelengths longer than the

length of the contact are considered. The elensemjth is 0.1 mm.

This 5 mm corrugation wavelength is much less thariength of the contact, so when the
wheel is centred over a corrugation trough, theed@ur corrugation peaks in contact with
the wheel (Figure 6.17(a)). Note that the frictiiomit shown in this figure is proportional

to the normal stress and therefore indicates aneamntact. Although four of the
corrugation peaks are in contact, there are twnugation troughs that are not in contact,
so rather than a single contact patch, there age ttontact patches when the wheel is
centred over a corrugation trough. The leadingaximatch is a stick zone, the middle
contact patch has two stick zones and two slip onhkile the trailing contact patch is
fully slipping. When the wheel moves on to be ceditover a corrugation peak

(Figure 6.17(c)), only the two peaks either sidé¢hefcentral peak are in contact and there
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is a single contact patch, although stresses aydaw in the corrugation troughs. At this

position there are two slip zones and two stickezon
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Figure 6.17 Effect of 0.005 m wavelength sinusaidaghness on tangential stress and
contact length. (a) Roughness trough; (b) roughngssgards slope; (c) roughness crest;
(d) roughness downwards slop€:/7 /7 tangential stress; — — — friction limit.

Increasing the wavelength of the corrugation fershme amplitude reduces the effects of
the roughness. The contact is confined to a siogiact patch for a wavelength of

10 mm, shown in Figure 6.18, although the corrayagieaks still distort the stress
distribution considerably. Here a full corrugatiavelength fits within the length of the

contact.

In Figure 6.19, with a corrugation wavelength dligfonger than the contact length, the
effect of discrete peaks is less visible althoughdontact length overall is affected by the
location of the wheel centre relative to the coatimn peaks and troughs. In a trough, the
contact is longer and the normal stresses are langmore evenly spread throughout the
contact than is the case with the wheel centred @eerrugation peak. As the corrugation
wavelength increases, the stress distribution aaxdmum stresses approach the values for

a smooth rail.
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Figure 6.18 Effect of 0.01 m wavelength sinusoidaghness on tangential stress and
contact length. (a) Roughness trough; (b) roughngsgards slope; (c) roughness crest;

(d) roughness downwards slop€:// /7 tangential stress; — — — friction limit.
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Figure 6.19 Effect of 0.02 m wavelength sinusoidafjhness on tangential stress and

contact length. (a) Roughness trough; (b) roughngssgards slope; (c) roughness crest;
(d) roughness downwards slop€:/7 /7 tangential stress; — — — friction limit.
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Overall, the peak normal stresses are much higtierarcorrugated rail than those
between a smooth wheel and rail, even in these ghegnwvhere the normal load is
constant, neglecting any dynamic effects arisingnfrolling over the corrugation. In fact
the maximum normal contact stress predicted fobthen wavelength case is
approximately 1500 MPa (although as noted this gtarf corrugation is unrealistic at
this wavelength), compared with a maximum of aro88d MPa for the same case with a
smooth rail. For the 10 mm corrugation the maxirmormmal stress is around 1170 MPa,
and for the 20 mm corrugation case it is 920 MPis. possible then that the normal stress
in parts of the contact can exceed the yield streafjthe rail steel. The contact model
used here does not account for plastic effects.khown that plastic deformation does
occur in normal operation; an example is studie&agooret al.[2002] for rail steel with

a nominal yield stress of 480 MPa. However, undpeated loading the surface layer of
the rail steel is known to harden, allowing it émmain elastic under higher stresses than the
nominal yield limit. Also if plastic deformation s occur initially, the process of
shakedown means that subsequent load cycles wdladgcreasing amounts of plastic
deformation [Olofsson & Lewis, 2006; see also Dakdsscher, 2002; Wen & Jin, 2006].

6.10 Normal and tangential stressdistribution in rolling with arough rail

In Chapter 4 it was seen that the roughness dytbiem is the factor that has the greatest
effect on the normal interaction force. In transieling contact, the normal force is
allowed to vary in each time-step and here is tdk@an the interaction force model
described in Chapter 4. The time-stepping modernstthe normal force at 1 mm
intervals as the wheel rolls along the rail. Tliscé history is interpolated to give the force
at intervals determined by the element length éngbtential contact area, here at 0.1 mm

spacings.

The effect of including the roughness of the catimgcprofiles on the magnitude of the
stress in the contact patch may be assessed byacoigphe maximum stress in the
contact patch along a length of rough track withgtress calculated using a Hertzian
contact model that neglects the roughness. Fig@@fhows an example with a freight
wheel (parameters are listed in Table 4.1) wheterdzian contact model would predict a
maximum normal stress of around 1000 MPa. If thaldaed roughness of the wheel and

rail is of the order of the TSI rail roughness litthie actual maximum normal stress might
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be around 1200 MPa, and if the combined roughrse$8 dB higher the maximum might
be 1700 MPa.
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Figure 6.20 Example of normal stress in the congaet: /7 /7 /7 smooth rail (Hertzian
model); TSI roughness; — — — TSI roughness plus 10 dB.

This analysis assumes purely elastic contact. dhghmess asperities act as stress
concentrators and can have a significant effe¢hemormal and hence tangential stress in
rolling contact. With realistic combined wheel aad roughness levels, the normal stress
in rolling contact will exceed the nominal yieldess for rail steel leading to work
hardening and shakedown. In the remainder of thikthe analysis is limited to low-

level broadband roughness of a similar level tonleasured spectrum at the Gersthofen
test site (see Section 4.4.4). In this way stregsl$ remain within the yield limit, since

with work hardening and shakedown effects it isidift to be sure exactly where the

elastic limit lies.

Figure 6.21 is an example of a tangential stressilution for a freight wheel on a rail
with low level broadband roughness. With low leraighness there is typically only one
slip zone at the trailing edge of the rolling cantas seen here. Multiple stick and slip
zones are only seen with higher levels of roughpnegsrrugation.
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Figure 6.21 Example of tangential stress in thetaonarea:// [/ [J stress; — — —
friction limit.

6.11 Discussion - transient rolling contact

Transient rolling contact is the default calculatgiate when using the variational method.
Results for steady-state rolling have been obtalmnyealowing the system to converge
under constant normal and tangential forces. Tingetiatial forces can be input to the
model either in the form of a constant overall &mtgal force, or in the form of creep. The
steady-state results from the variational methogt leeen compared with those calculated

using analytical formulae based on Hertz theory.

The derivation of the slip velocity in the rollimgntact has been described. Although the
stress distribution and the slip in rolling are afiected by the rolling speed, the slip
velocity is directly related to rolling speed.dtalso important to use sufficiently small
elements in the potential contact area to capheelip velocity correctly. This favours

using the two-dimensional model for the rolling taart analysis.
The variational method has been used to calculample stress distributions in transient

rolling. It is clear that the roughness of the aaefs has a significant effect on the normal

and tangential stress distributions.
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7 RAIL-HEAD WEAR MECHANISM S

7.1 I ntroduction

A wheel rolling over a rail results in wear of ttveo surfaces in contact. The wear can be
gradual, with a small amount of material removethwvery wheel passage. In some cases
the wear may be more severe, for example fatigueleaal to ratchetting or surface
cracking and the removal of material at a highez.rAs the contacting surfaces are not
perfectly smooth initially and the forces betweka wheel and rail vary with time, the
amount of material removed varies along the rdilsTuneven wear results in a change in

the roughness profile of the rail (and wheel) afteny wheel passages.

Rail-head wear can occur by several different meisinas, depending on the contact
conditions [Lewis & Olofsson, 2004]. Frictional akive wear, or mild wear, is generally
thought to be the mechanism for roughness growttaegent track in the absence of
corrugation or other defects in the contactingae$ [Nielsert al, 2003]. It is therefore
common in roughness growth predictions to assusiege wear coefficient at all
locations representing mild wear. Implicit in thissumption is the idea that wear only

occurs in tractive rolling, in the slip region dktcontact patch.

However, the inclusion of non-Hertzian effectshe tontact means that stress
concentrations may arise from the roughness profitee surfaces in contact. It is
possible that these stress concentrations migtttehigher wear rates in some parts of
the contact area. This in turn might affect thedpoteon of roughness growth rates and is
therefore included in this model.

This chapter begins with a description of the ioical wear and ratchetting wear
mechanisms and mathematical models used to sinthkte A common feature of these
wear models is that the amount of material remasetermined by the severity of the
normal and tangential stresses in the contact zokthe slip velocity. Previous chapters
have described techniques to calculate the forsstaited through the contact patch and
the resulting normal and tangential stresses apdealocities. Here the stress distribution
and slip velocity is linked to the removal of ma&éfrom the rail. The work of Braghiet

al. [2006] on wheel wear rates is used to predicinbar of rails taking account of three
wear regimes of increasing severity. The contaotlitmns that are required to develop

wear in the more severe wear regimes are investigat
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This chapter also includes an analysis of the idiffees in wear predictions that can arise
from making an assumption of Hertzian contact comat in the presence of even low-

level surface roughness.

7.2 Frictional abrasive wear

Frictional or abrasive wear occurs as a small arnobimaterial is removed with every
wheel passage, proportional to the frictional wdbokie in the slip zone of the contact area.
The relationship between the work done and the nahtemoved is given by Archard’s
wear equation [Rabinowicz, 1965]. In each time-stephe wheel moves along the rail, the
slip in each element of the potential contact cawddculated from the elastic

displacements that arise from the tangential sire®e contact patch.

The depth of materialzremoved across the area of an elemanthe slip zone in each

time-step is given by

_ Katsag| _ Kisg
Y Y

wherep is the density of the material ads a wear constant that is determined by

dz

(7.1)

experiment or is taken from the literature. Thisatpn is a form of Archard’s wear
equation [Archard & Hirst, 1956], which relates #maount of material removed to the
work done by the tangential stress in the slip zéneommonly used value of the wear
constanK for railway applications is 2.5xkg/Nm which was obtained by Nielsen
[2003] by tuning a wear model to measured growtbsrat a corrugated site in the

Netherlands. More attention is given to the chait@ear constant in Section 7.4.

The material depth removed is accumulated in elrhent as the wheel or wheels pass
over the track and finally is subtracted from thigioal rail roughness profile. In a steady-
state case the material removed is independeheofdlocity of the wheel. This is because
the effect of the rolling speed on the slip velp¢ghown in Section 6.7.2) is cancelled out
by the dependence of the work done in the slip zonthe time-stept. Higher tangential
loads in the form of higher creep or higher torgpelied to the wheel result in more

material removed, as these cases lead to more slip.

Figure 7.1 shows that when a single wheel rollimgra smooth rail under constant normal

and tangential loadings reaches a steady-statepdberial depth removed by a passage of
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the wheel is a constant in each time-step. Withllemalements and hence shorter time-
steps, the material removed in a single time-sgdess than if bigger elements are used. In
Figure 7.1 the results have been normalised bietigth of the elememtx in each case, to
allow the results to be compared for different edatrsizes. It is clear that in this case, if
the element size is 1 mm giving three elementhleérstip zone, the representation of the
material removed in a time-step is relatively ceassmpared with that calculated using a
higher number of smaller elements. The results eae/with decreasing element size. The
two smallest element sizes give very similar resaitd therefore an element length of

0.1 mm is chosen for this work.

15

0.5

Wear depth / Element length [m/m]
H

0 P o~ 1 1
-10 -8 -6 -4 -2 0
Distance [mm]

Figure 7.1 Effect of element size on depth of netegmoved at steady-state. Wear depth
in a single time-step has been divided by the lenfthe element to give comparable
results:/7/7/7 0.05 mm elements; - - - - - - - 0.1 mm elements;—0.5 mm elements;

- == 1 mm elements. Distance of 0 mm qmnels to the centre of the contact patch;
wear occurs only in slip zone at the trailing edge.

The distribution of the material removed in a tistep in steady-state rolling (shown in
Figure 7.1) is controlled by the tangential strasg by the slip. At the border between the
stick and slip zones the tangential stress is highhe slip velocity is zero, so the material
removed is zero. At the trailing edge of the conthe slip velocity is at its maximum but
the tangential stress is zero so again no maismamoved. The peak in the material
removed therefore occurs in the middle of the &tipe for steady rolling. In transient

rolling with rough surfaces, the smooth distribatmf material removed will be disrupted.

Figure 7.2 shows the accumulated material remosedveheel rolls along a rail for

element sizes and rolling increments from 1 mm dawd.05 mm. A steady-state for wear
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is attained after around 0.15 m of rolling undemstant tangential load. This is a longer
distance than found in Section 6.6, where a ststalg- for tangential stress distribution
appears after 2 to 2.5 times the contact lengthpout 0.03 m. This indicates that although
the tangential stress and slip in transient roldegelop rapidly to a value close to their
final value, true convergence in terms of the makeemoved from the rail under steady-

state conditions requires a larger rolling distance

From Figure 7.2 it can also be seen that the elesiea and rolling increment have an
effect on the predicted wear. Higher peak slip eitlles arise from a finer discretisation
and result in more work in the slip zone. Consetjyenore material is removed in the
steady-state as shown in Figure 7.2. The wear antiétis 2.5x10° kg/Nm and the normal
load is 100 kN.

x 107

Wear depth [m]
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0 0.02 0.04 0.06 0.08 01 0.12 0.124 0.16 0.18
Distance rolled [m]

Figure 7.2 Effect of element size on accumulatgdhdef material removed under wheel
rolling from rest along rail with constant normairte: /7 /7 /7 0.05 mm elements;
------- 0.1 mm elements; — — — 0.5 mm eement - — - 1 mm elements.

7.3  Wear by ratchetting of a ductile material under repeated loading

The mechanism of wear by plastic ratchetting i<desd by Kapoor [1997]. It occurs
when a material is loaded above its yield stremgtiepeated sliding contact cycles. The
plastic deformation accumulates over many cyclassing small slivers of material to be
compressed and gradually extruded from thin sufaserdayers. Even if the plastically
deformed material does not extrude out or breakwegir may occur by fatigue with

micro-cracks occurring in the material after repddbading. Damage may occur in layers
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below the surface, but particles are only removerthfthe surface as previously sub-

surface layers are exposed.

The high stresses required for plastic deformatemmoccur in the contact of rough
surfaces even if the average stress in the coistaelow the yield stress. The peaks of
roughness lead to higher stresses at the aspehitigactive rolling with even patrtial slip,
the sliding of the surfaces across one anothdrarslip zone ensures that high contact
pressures due to asperities are spread acrossrfhees.

Kapoor and Franklin [2000] developed a model ofrtdtehetting wear mechanism by
simulating the sliding of a two-dimensional cyliredl asperity over a smooth surface. In
this model the surface is described as a numbiniofayers, each of which accumulates
an increment of shear strain if the stress indlyer is sufficiently high. As well as a
critical strain to failure of the material, eaclydahas an associated effective or current
shear strength which takes account of any straitkemeng. The stress distribution is
assumed to be Hertzian with a constant frictiorffeanent used to determine the maximum
shear stress in the fully sliding contact. Withlepass of the cylindrical asperity, the shear
strain increment resulting from the peak sheasstre calculated at each layer and added
to the accumulated strain at that depth. If thal tatcumulated strain in the top layer
exceeds the critical value, then it fails and maeged allowing an estimation of the wear

rate from the depth of material removed over mamyes.

This model of wear was expanded by Frankliml. [2001] by modifying the surface
representation into a ‘brick’ form rather than thgers used previously. The use of ‘brick’
elements allows the consideration of roughnessldpreent rather than even wear, since
bricks may fail and be removed while adjacent l&igkmain in place. The failure of a

brick is taken to depend not only on its accumualatgal shear strain, but also on the status
of the surrounding elements. A brick that has thileisolation is not removed from the
surface until at least one of the adjacent bridsdiso failed. Additionally, a ‘*healthy’

brick may be removed if it is not supported oneitside by other bricks.

The effect of surface roughness on the contacspresias been modelled by Kapebal.
[2002]. The resulting predicted wear rates andacirgtresses were compared with
experimental results from a twin-disc machine usesimulate the operating conditions of

the Japanese Shinkansen train. The nominal opgratimditions and contact stresses were
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expected to be below the critical yield stress ttwedshakedown limit, but cross-sections of
the rail showed sub-surface plastic deformatiore Mwodel and the experiment confirm
that roughness leads to plastic deformation of ldyers of the surface. A limit of the
model was noted; the contact stresses are caldudasaiming elastic deformation,
although the resulting stresses are high enouggratbto plastic flow. However, it is clear

that roughness can cause the elastic limit of thternal to be exceeded.

The brick model has also been used to study tleeteff random variations in the material
properties of the surface on the wear rate [Frardtlial, 2003; Alwahdiet al, 2005].

More recently this variation has been used to mtemicrostructure of steels, assigning
different material properties to pearlite and tergrains [Franklin & Kapoor, 2007]. The
effect of partial slip in rolling contact has alseen considered by Alwahet al [2005]
using a Hertzian contact stress distribution betwaeeolling cylinder and a half-space,
with the tractive force less than the friction limfhe results of this work show that wear
rates increase as traction increases, and arelyndapendent on the friction coefficient.
Overall, the predicted wear rates correspond wighl full scale experimental results. The
roughness growth rate of the rail was not examiaktough it is noted by Franklin and
Kapoor [2007] that this is possible. However, aajreumber of iterations of the contact

model would be required.

74  Wear by multiple mechanisms

An alternative to simulating ratchetting wear dihgcs to make use of experimentally
determined wear rates including several differegamregimes. The work of Braghat al
[2006] on wheel wear rates may be adapted to pgrétBonvear of rails taking account of
three wear regimes of increasing severity. Twirc thboratory tests have been used to
determine, under controlled conditions, the refettop between the tangential stress
distribution in the slip zone of a contact patch &me rate of material removal. The wear
rate is a linear function of the wear indBXA whereT is the tangential force,is the non-
dimensional slip and is the contact area of an element. The variablasdy correspond
to the tangential forc® and the sli used in this thesis, but with different units (see
Table 7.1 and Equation (7.2)). This wear index nhbdédds on the work of several authors
in particular Bolton and Clayton [1984], Claytor9pb] and Lewis and Olofsson [2004]. It
is assumed here, as in Bragbkiral [2006], that the wear relationship can be appieed

individual elements of the contact area, althoughvtear index was originally developed
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for the contact area as a whole. Figure 7.3 andeTath show the variation in wear rate

with different wear regimes. The first of theseinegs is equivalent to the frictional
abrasive wear model described in Section 7.2. Hexevear is directly proportional to the
wear index (although the constant of proportiogalit wear coefficient typically used for
pure frictional abrasive wear is different). In gecond regime the wear rate is constant for
a range ofly/A values. This second regime corresponds to thaetiicg wear mechanism.
The wear rate in the third regime is again propoal to the wear index but with a much
higher gradient indicating the rapid removal of enall that occurs under the most severe

contact conditions.

Wear rate

v

TylA

Figure 7.3 Change in wear rate with different weagimes: 1 ‘mild wear’; 2 ‘severe
wear’; 3 ‘catastrophic wear’.

Table 7.1 Wear regimes and coefficients [BraghialgR006]. The equivalent wear

coefficient is in the form used in Equation (7.1).

TylA Wear rate {g/m/mnf) | Equivalent wear coefficierit (kg/Nm)
Ty/A<10.4 5.3Ty/A 5.3x10°

10.4<Ty/A<77.2| 55.0 55.0x10%( Ty/A)

77.2<TylIA 61.9 (Ty/A-77.2)+55.0| [61.9 (Ty/A-77.2)+55.0] /(Ty/A) x10°

The wear indeXy/A can be evaluated for each element of the potesdratiact area and
used to predict the amount of material removed ftioerail in each time-step. In terms of
the notation used in this work, the wear indexelach element of the contact area (with an

assumed constant contact width) in units of Nfmmay be written as

T_y:wxlle_O"6 (7.2)
A AX
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The material depth removed over the surface of elsheni is then calculated from
Equation (7.1) but instead of the single wear ¢oeffit K used previously the equivalent

value ofK for the corresponding wear regime is used fromd&a@tl.

In the frictional abrasive wear model describe&éttion 7.2, the wear coefficient used
was 2.5x10 kg/Nm which is less than half the equivalent wesefficient for the mild
wear regime indicated in the literature of the mpldtwear mechanisms approach.
However Nielsen'’s value was obtained by tuningwiear model to field measurements of
roughness on operating track [Nielsen, 2003], arttlerefore an average wear rate which
could include more than one wear mechanism. Bragihah [2006] note that normal
wheel-rail contact leads to wear in only the ftvgd regimes in normal operation, and that
the third regime of catastrophic wear would onlyé&ched in severe curves. The single
wear coefficient used in Section 7.2 is compareti thie wear relationship with multiple

mechanisms in Figure 7.4.
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Figure 7.4 Wear rate comparison? /7 /7 three wear regimes with different wear
coefficients; — — — a single proportional wear fioefnt.

75 Factorsthat affect the wear rate

The wear rate as modelled in this work is a fumctbthe tangential stress and the slip. As
noted in Section 7.2, in steady rolling with constaormal and tangential forces, the
rolling speed alone does not affect the amountatenal removed from the rail head. In
transient rolling however, the normal force carcfilate and its magnitude is higher for

vehicles moving at higher speeds (Section 4.5.ighef initial roughness levels also result
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in higher normal forces. It is of interest to intrgate and understand the effect of the
normal force and roughness profile on the weariraigolation before examining the
material removed from the rail with simultaneousdyying forces and roughness. In all
the following examples the element size used irptitential contact area is 0.1 mm.

7.5.1 Effect of magnitude of normal force with constamigential loading

Figure 7.5 shows that reducing the magnitude ohtirenal force with the same
longitudinal creep of 0.1% results in less weasteady-state rolling. If the normal force is
reduced, the contact length is smaller, meaningi@ment of the rail is in contact with the
wheel for a shorter time. Also the friction limiangential stress and slip velocity are all
lower with a reduced normal force. The only fasttiich opposes the reduced wear is that
more of the contact patch is in a state of slibé normal force is lower for the same creep

(Figure 7.6), but this does not result in higheawe
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Figure 7.5 Effect of normal force magnitude on analated material removed for wheel
rolling from rest with constant 0.1% creef./7/7 100 kN; - - - - - - - 60 kN; — — —
40 kN; — - — - — - 10 kN.
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Figure 7.6 Effect of normal force magnitude on eahtength and tangential stress
distribution with constant 0.1% creepi /7 /7 tangential stress; — — — friction limit.

In these simple steady-state rolling cases witmaath wheel and rail, the wear regime is
purely mild wear. For a 0.46 m radius wheel an@@HKN normal force, the maximum
wear index in steady rolling is around 0.5 N/fmarich is well below the transition to
severe wear at 10.4 N/minTherefore using the mixed-mechanism model, thepaof
material removed (shown in Figure 7.5) is simitathat found in Section 7.2. The only
difference is that more material is removed assalt®f the higher wear coefficient that is

applied to the mild wear regime in the mixed medsranvear model.

7.5.2 Effect of varying rail profile with constant normiairce

If the rail has a sinusoidal profile, the depthradterial removed in a steady-state from the
rail is also periodic for a constant normal foroel @onstant 0.1% longitudinal creep.
Figure 7.7 shows the material depth removed afséngle wheel passage for different
sinusoidal profile wavelengths all with amplitudel®® m. The variation in the wear

depth depends on the wavelength of the initialilgroEhort wavelengths create the highest
stress concentrations and hence the greatestigarnatthe material removed. Increasing
the wavelength of the periodic profile causes tla¢emal removed to approach the steady-

state constant value seen for the smooth wheel(nase however, that the shortest
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wavelength rail profile is not realistic, as coratign does not form at such wavelengths

shorter than the length of the contact patch).
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Figure 7.7 Effect of sinusoidal roughness profitedepth of material removed at steady-
state:/7 /7 [7 material removed; - - - - - - - roughness prediteplitude x10° m, not
shown to scale). Roughness wavelengths top torbd&@tmm, 10 mm, 20 mm, 40 mm,

80 mm.

The maximum material removed occurs near the cheste rail profile, indicating that

the ridges tend to be worn down. With a 5 mm wawgtle initial profile there is almost no
material removed from the corrugation troughs, gstjgg that the troughs do not see
significant normal or tangential stress levels Hraload is taken by the profile peaks. This

finding corresponds to the stress distributionsasshim Figure 6.17.
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7.5.3 Effect of varying normal force

Now the wheel moving along the smooth rail with gtamt longitudinal creep of 0.1% is
subject to a sinusoidal normal force. Five forcer@langths are considered ranging from
5 mm to 80 mm. The force varies with amplitude Natound the 100 kN static load in
Figure 7.8 and by +/- 50 kN around a 60 kN statadlin Figure 7.9. The maximum force

is therefore the same in both sets of results.
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Figure 7.8 Effect of small amplitude sinusoidal mai force on accumulated depth of
material removed?/ /7 /7 material removed; - - - - - - - force (not toescatorce
wavelengths top to bottom 5 mm, 10 mm, 20 mm, 4@Bhmm.

With the small fluctuation in force (Figure 7.&)gtsize of the contact and the length and

location of the slip zone do not vary much. Thdatan in the overall contact length over
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the force range is only around 1.5 mm, with an agercontact length of around 14 mm.
The slip zone is typically around 2 to 3 mm longl @ centred around 6 mm behind the
centre-line of the contact. So if the force doetsflugtuate enough to change the contact
characteristics significantly, the pattern of maieremoved from the rail follows the

sinusoidal pattern of application of the force.
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Figure 7.9 Effect of large amplitude sinusoidal mai force on accumulated depth of
material removed?/ /7 /7 material removed; - - - - - - - force (not toescdtorce
wavelengths top to bottom 5 mm, 10 mm, 20 mm, 4Bhmm.

With the larger amplitude force variation showrfigure 7.9 the wear pattern is no longer
clearly sinusoidal, although all cases show peciaggar. The maximum material removed
increases with the wavelength of application ofibemal forcej.e. with a 5 mm force

wavelength the average material removed overalhidar to the minimum material depth
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removed with an 80 mm force wavelength. For thesagth force varying at wavelengths
of 10 mm or longer, the wear pattern consists refggon of low wear followed by a shorter
distance with high wear, before dropping quicklglto low wear. The peak material

removed occurs near the force minima.

The variability in the material depth removed mayumnderstood by examining the
variation in the stress distribution and locatidnh@ slip zones as the wheel moves along
the rail.

When the force fluctuates quickly with a 5 mm wawvejth (Figure 7.10), there are regions
where there is little or no slip zone, including time when the force is at its maximum.
When the force is at its minimum, the contact ifuihslip but the overall contact length is
very short, the tangential stresses are very lathe resulting wear is correspondingly
low. The normal force increases rapidly while rgdlionly a short distance, insufficient for
a slip zone to develop before the force decreagain.aConsequently the overall material
removed with this quickly fluctuating force is I@aithough a short wavelength variation in

the rail profile develops.
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Figure 7.10 Effect of 0.005 m wavelength large atugé normal force on tangential
stress and contact length. (a) Force minimum; @ogd increasing; (c) force maximum;
(d) force decreasing./ /7 /7 tangential stress; — — — friction limit.
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When the force fluctuates more slowly, as showRigure 7.11, there is more time for the
stress distribution to adapt to the changing far@éish a 10 mm force wavelength, the slip
zone vanishes as the force increases from its mmiwvalue. At the maximum force
location, a short slip zone is present at theitrgiédge, and this trailing edge of the
contact remains a slip zone which extends as tloe flecreases again until at the
minimum force location the entire contact slipssteady-state rolling, the slip zone is

confined to the trailing edge, but here a smatl 3bne also appears at the leading edge of

the contact as the normal force decreases (Figlfi€d)).
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Figure 7.11 Effect of 0.01 m wavelength large atagk normal force on tangential stress
and contact length. (a) Force minimum; (b) forceraasing; (c) force maximum; (d) force
decreasing// [/ /7 tangential stress; — — — friction limit.

Increasing the force wavelength further to 20 mmgyfe 7.12), the stress and slip
distributions at each location begin to resembéetyipical steady-state distribution,

although the contact remains in full slip when tleemal force is at its lowest.
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Figure 7.12 Effect of 0.02 m wavelength large atagk normal force on tangential stress
and contact length. (a) Force minimum; (b) forceraasing; (c) force maximum; (d) force
decreasing// [/ /7 tangential stress; — — — friction limit.

7.5.4 Discussion on factors that affect the wear rate

The preceding examples illustrate that the wear att series of locations along the ralil
head is affected by the rail profile and by thenmalrforce. Examining these parameters in
isolation has shown that more wear occurs in stasgatg rolling for higher normal contact
forces. This would suggest, for example, that nrmoagerial is removed from the rail head
by the passing of a typical loaded freight wheahtbther wheel types, as a result of the
higher load on each axle of a freight vehicle. Hegrgwear of an initially smooth system
with steady-state rolling is uniform along the a@mnd does not result in a change in
roughness profile. A varying wear rate along thkeisaseen when either the force or the

rail profile is not constant over time.

Looking at a single sinusoidal component of rougisngith a constant normal force, more
material is removed from the peaks of the profil@nt from the troughs, suggesting that the
profile will be worn down over time. This effecisas because the profile peaks act as
stress concentrators, and the amount of matenabved is proportional to the tangential
stress. This is seen for all the single wavelengtiyhness profiles considered, from 5 mm
to 80 mm.
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If the rail is smooth but the normal force is fluating, the effect on the wear rate depends
on the rate and magnitude of the fluctuation. Alsmagnitude force fluctuation leads to
variable wear, but the size of the contact andehgth of the slip zone do not vary much
so the pattern of material removed follows thegyatof the normal force variation. The
wear rate and the force are not necessarily ingohithe force fluctuates rapidly and with
large amplitude, the contact stress does not hianeetd settle into a distribution

resembling the steady-state distribution. The tegppattern of wear along the rail is no
longer sinusoidal. There are periodic ‘bursts’ veherore material is removed,

corresponding to the force minima (see Figure 7.9).

It is expected from these results that if the fatoes not vary significantly, the existing
rail profile will have more effect on the locatiohwear than the varying force. If the force
magnitude varies rapidly and significantly, for exae if the rail were corrugated, it

would dominate the location of wear.

In Chapter 4 it was found that with a sinusoidalbyrugated rail profile, the peak normal
interaction force occurs near the peak in the roegh (see Figure 4.10). The minimum
normal force occurs near the roughness trouglisel§tress concentrating effects of the
rail profile are neglected, this combination haes plotential for roughness growth.
Roughness may grow if the force variation is higbwgh, as then more material would be
removed from the troughs than from the peaks. Hewsetie force fluctuation arising from
these sinusoidal rail profiles with amplitudelD°m is around +/- 10 kN so the pattern of
material removed is likely to be dominated by tlress concentrating effects of the rail

profile.

7.6 Wear with normal forcesdetermined from interaction model

The normal interaction force between a wheel araligh rail has been calculated in
Chapter 4 for cases with a smooth rail, sinusaidalugations and also for broadband
roughness. The wear of the rail can then be deteniising the actual rail profile and
normal force at each location of interest. In clttng the wheel-rail interaction force it
was necessary to include many sleeper bays indhk mnodel to represent the dynamic
characteristics of an infinite track accuratelycéiculating the wear, however, the effect

of the track dynamics and vehicle speed are indunl¢he varying normal force.
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Therefore the force and rail profile in the middleeper bays may be extracted from the

rest and used as inputs to the wear model.

Here a sample length of three sleeper bays or lh@sbeen chosen. This is longer than
the 1.2 m of data that can be measured by fixe@-eolgghness measurement devices (see
Section 1.4.1). This length is therefore sufficiemallow the change in roughness profile

to be assessed, but is short enough to keep th@atabn time for a single case reasonable.
Results can be averaged for a number of caseguiresl (as described by the roughness
measurement standard [CEN, 2009]). To allow thesiemt model of the rolling contact to
converge, an additional 0.3 m of track is includethe wear analysis before the wheel in

guestion reaches the sleeper bays of interest.

7.6.1 Wear of initially smooth or sinusoidal rail profge

Figure 7.13 shows that the material removed frgreréectly smooth rail is not constant in
a sleeper bay, but varies slightly as a resulhefariation in force due to parametric
excitation,i.e. the varying stiffness of the track caused by tiserdte supports. When a
sinusoidal profile is present on a rail and thedas allowed to vary, the material removed
takes an overall sinusoidal shape. For each wagtiieronsidered, more material is
removed from the peaks and down-slopes of thelprtbfan from the troughs or up-slopes.
This suggests that a corrugation will shift londitally along the rail and also tend to be

worn down over time.

Figure 7.14 shows a ‘zoomed in’ view of the mateeanoved along a single wavelength
of the 40 mm wavelength sinusoidal profile with ttemal force determined using the
interaction force model. Also shown is the corregpog result when the force is taken to
be constant, from Figure 7.7. If the force is canstthe maximum material removed
occurs closer to the peak in the roughness pribfda if the force is taken from the
interaction model. So in both cases the profilasn down and shifted along the rail over
time, but the longitudinal shift is less if the nal force between wheel and rail is constant
as it passes over the sinusoidal rail profile. Moagerial is removed from the rail head in
this case if the normal force can fluctuate.
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Figure 7.13 Material removed along rail with vargimail profile and normal force from
interaction model/7 /7 /7 material removed; — — — rail profile (not to sgale
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Figure 7.14 Material removed by a single wheel glome wavelength of 40 mm
sinusoidal profile:/7 /7 /7 normal force from interaction model; - - - - constant normal
force (as in Figure 7.7); — — — rail profile (nat $cale).

The wear rates for all the cases shown in Figukr8 iemain low and in the mild wear
range. The highest wear index of 0.6 N/hisnseen for the shortest wavelength rail profile
examined, 20 mm. This is, however, only slightlgttr than the 0.5 N/mfwear index

for a perfectly smooth wheel and rail with only @aetric excitation. Clearly with low
longitudinal creepage of 0.1%, no lateral and spaep and no very short wavelength or
broadband roughness to act as stress concentfatins, mild wear is the only

mechanism present.

7.6.2 Wear of rail with initial broadband roughness

Figure 7.15 shows the material removed from a sidrom length of rail with broadband
roughness. Note that although the element sizeingbé contact model is 0.1 mm, results
are presented here with 1 mm spacing as the ofiginghness profile information is
normally available at 1 mm intervals. More mateisalemoved from locations with peaks
in the roughness profile than from locations withughs in the roughness profile,
suggesting that roughness levels at least at slamelengths will reduce after many wheel
passages. Although the difference in material resd@tong the rail shows a great deal of
variation, the actual change in the rail profileath location resulting from a single wheel

passage is very small.
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The material removed from each location in eaclestep is a function of the slip velocity
and the tangential stress. Both these parametgyshraughout the slip zone. The slip
velocity is at a maximum at the trailing edge af tdontact, while the tangential stress is
highest for a smooth contact at either the frogieeaf the slip zone or at the centre of the
contact. For a smooth rail this results in a pdralabstribution of material removed in the
slip zone, as shown in Figure 7.1, where the ma@genal is removed from the centre of
the slip zone. When the rail is rough, the aspgeyitn the contact result in higher normal
stresses and consequently higher tangential stras$lee roughness peaks. The
distribution of material removed then depends @nstlrface profile in the contact zone,
and more material tends to be removed at rouglpesgss where the tangential stresses are
higher. This means that short wavelengths of roagénmvill tend to be worn away when
using a non-Hertzian contact model to calculatentbar.
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Figure 7.15 Material removed by a single wheel passail with broadband roughness
and normal force from interaction modéli /7 /7 material removed; — — — rail profile
(not to scale).

The maximum wear index seen in the three sleeper éeamined for this low-level
broadband roughness case is 0.75 Ninirhis is higher than the maximum wear index
with a perfectly sinusoidal rail profile, but stilell below the change to severe wear at a
wear index of 10.4 N/mfr(Table 7.1). This result again confirms that witv creep and

low roughness levels, mild frictional abrasionhe lominant wear mechanism.

Increasing the roughness levels but for the samstant 0.1% longitudinal creep results in

an increase in the maximum wear index. For exanij3¢Jevel roughness with a freight
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wheel and the same longitudinal creep leads toa imelex typically around 0.77 N/nfm
Roughness that is 10 dB higher than the TSI lead$ to a wear index typically around
1.4 N/mnf. Even with 0.3% creep and roughness 10 dB abav& $ limit curve, the
wear index is below 3 N/mfrand only mild wear is predicted.

Clearly for purely longitudinal creep even with heg level roughness, the dominant wear
mechanism remains mild wear even when a non-Hertaadel is used to determine the

stress distribution and slip velocity in the contaatch.

7.6.3 Wear assuming Hertzian contact

The following results in Figure 7.16 and Figure7/hlave been determined using the same
variational method, model and input forces as thmwesented in Figure 7.14 and in
Figure 7.15. However, to represent the contactextzkdn, the roughness of the rail has
been disregarded in calculating the stress disgtabuAt each position along the rail, the
length of the contact patch varies depending owvaniation in the normal force, but the
rail profile is assumed to be smooth and unvaryirge Hertzian assumption of smooth
surfaces leads to very different results in terinbe predicted material removed from the
rail. For the rail with a 20 mm wavelength sinusdigrofile (Figure 7.16(a)), the Hertzian
model predicts the maximum material is removed fthentroughs of the initial profile, so
the corrugation worsens under many wheel passhigegever, with the non-Hertzian
model more material is removed from the peaks tl@n the troughs. For the 40 mm
wavelength case (Figure 7.16(b)) the maximum medtezmoved predicted by the
Hertzian model occurs near the middle of the dolepesof the peak, whereas with the
non-Hertzian model, the maximum material is remagedgain, closer to the peak in the
profile. When the profile wavelength increases@a@n there is less difference between
the predictions from the two model types, althotlgdre is more variation in the material
removed along the rail with the non-Hertzian modelchanges in the rail profile would

occur more rapidly.

When the roughness profile of the rail is low-lelvat broadband (Figure 7.17), the Hertz
model does not allow the roughness to produce @magssconcentrations throughout the
contact, so in effect the variation in the matem@hoved along the rail is averaged out
throughout the length of the contact. With a Hartzinodel, the rapid variations in the

amount of material removed along the rail showRigure 7.15 are not present, suggesting
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that short wavelength roughness will not be predido be worn away as much with a

Hertzian model as with a non-Hertzian model.
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Figure 7.16 Material removed by a single wheel gloail with sinusoidal profile, (a)

20 mm wavelength, (b) 40 mm wavelength, (c) 80 mwvelength:// /7 /7 material
removed assuming Hertzian contact; - - - - - tenmaremoved with non-Hertzian model;
— — —rail profile (not to scale).
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7.7  Discussion on wear ratesand regimes

In typical wheel-rail rolling contact for tangeméck, the interaction force between wheel
and rail does not reach high enough levels to nlegeontact into the severe wear regime.
Mild wear only is predicted by this model for caseth low-level broadband roughness
and small amounts of longitudinal creep. Althoulgis model allows for the possibility of
multiple wear mechanisms in different parts of ¢batact patch, in practice only mild

wear is present and the same results could benglot&om using a single wear coefficient.

The most significant finding in this chapter (confing the conclusions of Xie and Iwnicki
[2008a,b,c]) is the difference in the predictiomudterial removed along the rail if a
Hertzian contact representation is used in plagrabre comprehensive non-Hertzian
one. The variation in the stress distribution ia tontact between the two models is
significant even when the roughness has a verydgel. Roughness asperities act as
stress concentrators. This means that more matenids$ to be removed from roughness
peaks than dips. In particular, short wavelengtlyghmess is predicted to wear away when
a non-Hertzian model is used, but not if a Hertziadel is used. Clearly it is important to
consider the effects of surface roughness on theacbconditions when predicting the

development of acoustic roughness over time.
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8 VELOCITY-DEPENDENT FRICTION MODEL

81 I ntroduction

In Chapters 5 and 6 the variational method uselddilyer [1990] for the determination of
the normal and tangential stress distribution endbntact patch has been described and
investigated. This method allows the determinatibthe stick and slip zones and the slip
velocity in rolling contact between rough surfacBsis can then be used to predict the
wear of the surfaces. The method used to calcthiatevear and to consider different wear

mechanisms has been described in Chapter 7.

A limitation of the method used in the previousufeas to calculate the tangential stress
distribution is the assumption of a constant cogffit of friction. In fact the friction
coefficient is not constant, but depends on corgacameters such as temperature and slip
velocity. In this chapter, a velocity-dependenttfan law is introduced into the non-
Hertzian contact model. This has not been donequesly. The resulting tangential stress
distribution and slip velocity in rolling contaateaexamined and compared with the results

calculated using a constant coefficient of friction

In Chapter 7 it has been seen that, although #rerseveral different wear mechanisms
that could contribute to the development of aceustughness, when a constant coefficient
of friction is used, only mild wear is seen, despite stress-concentrating effect of the
roughness asperities at some locations. The effabe velocity-dependent friction law on
the wear index and likely wear mechanisms is alscudsed in this chapter. The
roughness growth rate function initially develogwdHempelmann and Knothe [1996] is
used here as a means of comparing the wear prtidtiom the middle three sleeper bays

of the track model for different contact models amult parameters.

8.2  Background studiesin force-friction relationships
A simple description of the friction-force relat&mp is contained in the theory known as
Amonton’s law of friction [see Bowden, 1974]. Thieory states that under sliding the
friction force is proportional to the normal loadhd that friction between bodies is
independent of their size. The constant of propodiity is known as the friction
coefficienty. The consideration of different static and dynafriation coefficientsis and
Mg 1S known as Coulomb’s theory [see Bowden, 197#4]s Theory explains the difference
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in force required to start an object sliding congolwith the force required to maintain
sliding. Coulomb believed that for metal-on-metahtacts, the velocity of sliding makes

very little difference to the dynamic friction cdiefent [Kragelskii, 1965].

In more recent times, tribological research hasmeed the mechanisms behind friction
and obtaining understanding of the effect of etagéiformation, plastic deformation,
adhesion of bodies and lubrication. A large amaidintork has been carried out in the
field, both experimentally and theoretically. Therkwof Bowden [1974] provides a good
introduction to the field. Kragelskii's book ‘Frion and Wear’ [Kragelskii, 1965]
describes in more detail the historical developnoénlifferent theories and in particular
the work carried out by Russian researchers. Magtial [1990] have extensively
reviewed studies into static and dynamic frictiblast experimental work on dynamic
friction coefficients and stick-slip mechanismsotuwes pure sliding rather than rolling
contact, and measurements involve the tangentie¢ im an overall sense rather than the
force distributed throughout the contact, as tis¢rithuted force is extremely difficult to

measure.

For very low sliding speeds there is some evidéoceiggest that the friction coefficient
increases with increasing speed, particularly @tact between different materials. This
has been explained by Kragelskii and others [Ma#tral, 1990] as resulting from the
deformation of interface asperities, which woulduiee more force to deform at higher
speeds. For hard metal pairs, however, this eifatiought to be negligible. For sliding
speeds greater than aboutIf/s, the friction coefficient tends to decreasthwicreasing
sliding velocity. This phenomenon is commonly atited to thermal effects, for example
by Kragelskii [1965].

Martinset al.[1990] conclude that even so-called steady slitdnigherently unstable, and
can lead to self-excited stick-slip oscillationsvefy high frequency. The apparent
decreases in dynamic friction with increasing sigdspeed may then be the result of
increasing amplitudes of these high-frequency stligkmotions as the sliding speed

increases.
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8.3  Forcefriction relationshipsin railway contact mechanics

In the field of railway contact mechanics, frictimmsearch has been motivated largely by a
need to understand the adhesion limit, or the maxirtangential load that can be
supported in the contact area in rolling beforedhset of full sliding. The adhesion limit

is of interest for the acceleration and brakingailivay vehicles as it determines the
maximum torque that can be applied to the wheel.

In the absence of a detailed knowledge of the stiestribution in the contact patch, the
relationship between longitudinal creep and oveealbential force is used to simulate
adhesion limits for accelerating or braking vehscl€his creep-force relationship is also
often used in vehicle motion simulations in plata detailed model of the stress
distribution, as it is much faster to calculateeTneep-force theory of Shenal [1983]

has been used extensively for this purpose.

Measurements of creep-force relationships for @yiwolling applicationse.g.Zhanget

al. [2002] and Polach [2005], demonstrate that wigfinltreep, the capacity of the wheel-
rail contact to support tangential loads withoulyfglipping is reduced. As discussed
briefly in Section 6.2, this falling creep-forcdatonship is attributed to variations in the
friction coefficient. The dynamic friction coeffient is dependent on the sliding velocity
between the surfaces — higher slip velocities tesuhcreased temperatures in the contact
and lower friction coefficients. For high creepyedocity-dependent friction law causes the
slope of the creep-force curve to become negaswe Figure 6.1).

84  Veocity-dependent friction law

In this work the velocity-dependent friction lawlie implemented is given by

1=y 50 N 01 (8.1)
5100+‘gz‘ 02+|§ '

This is taken from Xiet al.[2006] with a static coefficient of frictions= 0.3. To reduce
computational effort, Xiet al.[2006] used a simplified version of this frictitaw in their
work, with the same static coefficient of frictiapbut replacing the friction curve with a
linear relationship for slip velocities up to 0.88s. At greater slip speeds, they applied a
constant dynamic friction coefficient pf = 0.181. This simplification is not made here,
instead the relationship between velocity andibicis variable at all speeds.
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The resulting relationship between friction coaéitt and slip velocity is shown in

Figure 8.1 fous=0.3.
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Figure 8.1 Velocity-dependent friction curve fromuBtion (8.1).

The work of Xieet al.[2006] is based on a modified version of FASTSt\blve the
contact problem with a velocity-dependent frictlaw, following the work of Giméneet
al. [2005]. The implementation of the velocity-depemideiction law in FASTSIM
required the elimination of a derivative term te@re mathematical stability of the
resulting stress distribution. In this work theigional method described by Kalker
[1990] is applied to the contact problem and ndisnathematical difficulty is

experienced.

The implementation of this velocity-dependent fantlaw in the variational method
requires an iterative loop, shown in Figure 8.2th/¥ constant friction coefficient, the slip
velocity does not affect the normal or tangentiedss distribution. With a variable friction
coefficient, the tangential stress distribution elegs on the slip velocity and vice versa, so
iteration is required at each location along thke Férstly the normal stress distribution is
calculated as before. To begin a rolling contaetysis, the friction limit is initially set
using the static friction coefficient. Once rollilyunderway, the friction limit is

calculated based on the slip velocity distributidnhe previous time-step. The tangential
stress distribution and slip velocity are then glted as preliminary estimates for the
current time-step. The friction limit throughouetbontact area is then re-calculated and
this revised friction limit is used to obtain tlEgential stress and slip velocity. It has been
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found that ten iterations of the tangential stidsulation are required at each time-step to

ensure that the system has converged to a solttieach location along the rail.

Calculate Recalculate friction

normal stress limit based on velocity

dependent coefficie
A

A 4 \ 4
Estimate friction Calculate

limit based on tangential stress

static coefficier and slip velocit

Figure 8.2 Iteration loop for inclusion of velocitiependent friction coefficient.

8.5  Effect of velocity-dependent friction on tangential stressand slip velocity

The variational method requires the wheel to travelr the rail for some distance before it
will converge to a steady-state, even if the norfoie is constant and the wheel and rail
are assumed to be perfectly smooth. Figure 8.3 slioatotal tangential foré@ summed
over all the elements in the contact patch foradiestate’ rolling at a speed of 30 m/s with
an assumed constant creepage of 0.1%. This hashketated using the two-dimensional
rolling contact model. It is clear that with a vely-dependent friction coefficient, the
system does not converge to a single constant wdl@ebut instead develops a high-
frequency stick-slip oscillation shown in more dletaFigure 8.4. In general, a higher

total tangential force is transmitted in the cohtacteady-state rolling if the friction

coefficient is assumed to be constant rather tiedocity-dependent.

An element length of 0.1 mm has been used in tiengial contact area as in Chapter 7.
Very small elements are needed to model the higipiency stick-slip behaviour. The
wavelength of this stick-slip oscillation is aroub@ mm which is much shorter than the
length of the contact. It is also shorter thantgipécal wavelengths of interest for acoustic
roughness, since variations in roughness on thig sce filtered by the contact patch and
do not excite the wheel-rail system causing nd#mvever, the instability in otherwise
steady rolling is of interest as it may also leaddriations in the roughness at longer

wavelengths.
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Figure 8.3 Total tangential force in the contacttwd.1% creep: — — — constant friction
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Figure 8.4 Detail of stick-slip instability in otheise steady rolling contact with a
velocity-dependent friction coefficient.

The saw-tooth shape of the variation in the t@agential force supported in the contact
area is typical of stick-slip vibration. The constalip zone seen in the results for steady
rolling with a constant friction coefficient is monger present. To visualise this, start from
a point immediately after a peak in the slip velpanith some of the contact area in a
state of stick and some in a state of slip, bulh wie slip velocity decreasing. This
corresponds to Position 1 in Figure 8.5. As the wlilocity decreases, the friction limit
that defines the maximum value of tangential sties$ise contact increases. Eventually the
slip velocity becomes almost zero and the entirdami approaches a state of stick (not
just the leading edge, which is in a state of stickughout). The total tangential stress
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builds up until it is relieved by a sudden sligra trailing edge of the contact, shown in

Position 6 in Figure 8.5.
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Figure 8.5 Effect of velocity-dependent frictioreffient on slip velocity in the contact
patch, shown at six locations along the rail 0.2 aqart.

Figure 8.6 shows the resulting range of variatiothe tangential stress distribution
throughout the contact area. Moving through pasgit to 5, the slip zone at the trailing
edge shrinks steadily as the slip velocity decreasel the friction limit increases. The slip
phase is initiated when the slip zone is vanishasgat this position the friction limit is at
its maximum and the total tangential stress caldlug to its maximum before being
relieved. The tangential stress is then at its mmimn in Position 6, as, at this position, the
stress has been relieved by the sudden slip ataiiag edge of the rolling contact. The

slip zone is longest at this position.

It can be seen in Figure 8.6 that including a vigfedependent friction coefficient results
in a periodically jagged variation in the tangelnsiaess in the stick zone of the contact.
The reason for this variation is not known. It daes appear to be directly related to the
size of the elements used or the distance rolleaah time-step, as it repeats regularly
along the length of the stick zone with a period df mm. Figure 8.6 shows the stress

distribution at successive locations 0.2 mm aent, the peaks are 0.2 mm apart,
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suggesting the locations of higher stresses istible zone are stationary as the wheel rolls
along. It is possible that the tangential streghénstick zone does not fall smoothly to zero
at the leading edge of the contact. However, irstlek zone, the slip velocity is zero so
the friction coefficient should be constant in th@ements, within the numerical tolerance
of the results. Another possibility is that thektslip oscillation in the trailing edge of the
contact could be affecting the stress distribuiiothe leading stick zone in some way. In
any case, for this work, the stress distributiothim stick zone is not of interest as it does
not affect the wear of the rail. Therefore the ozefor the periodically jagged variation in

the tangential stress in the stick zone seen iarEi§.6 remains an open question
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Figure 8.6 Effect of velocity-dependent frictioreffwient on tangential stress in the
contact patch, shown at six locations along thé GPmm apart.

Figure 8.7 and Figure 8.8 compare the slip velaaitg tangential stress distribution in the
contact patch from a velocity-dependent frictiond@lovith a constant friction model. The
inclusion of a velocity-dependent friction coeféat results in lower slip velocities at most
locations along the rail, when the stick-slip methm is sticking more than slipping. At
locations where slip occurs suddenly, the slip ei&yas much higher and a greater

" N.B. An apparently similar effect is discussedbgi.H. Vollebregt in his paper: Refinement of Katke
rolling contact model. InProceedings of the 8th International ConferenceComtact Mechanics and Wear
in Rail/Wheel Systempages 149-156, 2009.
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proportion of the contact zone slips than is treedha constant friction coefficient is used.
The tangential stress (Figure 8.8) is generallyelowv the slip zone of the contact area if a

velocity-dependent friction coefficient is used.
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Figure 8.7 Slip velocity in the contact patah:/7 /7 steady-state with a constant friction
coefficient; — — — range of results with a veledigpendent friction coefficient.
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Figure 8.8 Tangential stress in the contact pat€h/ /7 steady-state with a constant
friction coefficient; — — — range of results witkeocity-dependent friction coefficient.
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8.6  Effect on creep-forcerelationship for increasing longitudinal creep

The stick-slip oscillation arising in otherwiseady rolling contact means that the overall
tangential force in the contact is not necessargynooth function of the overall creep.
Instead, the total tangential force has a rangmes$ible values for a particular level of
creep. The analysis of Section 8.5 has been repéata series of creep values from 0.1%
up to 0.5%, which is expected to cover the pedkéncreep-force relationship with a
falling friction coefficient. The rolling velocitys again 30 m/s. Figure 8.9 shows the mean
total tangential force transmitted by the contastyvell as the maximum and minimum

values calculated from 50 mm (or 500 calculatiom{®) of ‘steady-state’ rolling.

Note that when the creep is low, ten iterationthefvelocity-dependent tangential stress
calculation loop is sufficient to reach convergeand the resulting stick-slip oscillation in
otherwise steady rolling contact might be descried ‘stable’ instability, as it repeats
predictably along the rail with a reasonably stesaly-tooth shape. However, as the
longitudinal creep increases, the stick-slip oatitih becomes more unstable. This is
reflected in the increasing variation in the ranfgalues of total tangential force
calculated for the different creep values and shimwFigure 8.9. Although the calculation
can be performed for these higher creep leveis difficult to assess how realistically the
results resemble the real behaviour in the timealoraf such an unstable system. Despite
this, the average creep-force relationship showkigare 8.9 seems to be realistic and to
match the expected shape for tractive rolling cdntath velocity-dependent friction. The
minimum velocity-dependent creep-force relationsitopverges to the creep-force line
corresponding to the velocity-dependent frictiow [@s shown in Figure 8.1) at the rolling

speed of 30 m/s.

The mean tangential force shows an optimum or maxiradhesion at a creep of around
0.25%, although for higher values of creep the eamigvalues calculated is quite large. In
general, for increasing creep values less thar®, #ae creep-force relationship increases
steadily, albeit with regular oscillations as autesf the stick-slip mechanism. The part of
the contact at the leading edge remains in a efagieck at all times. For higher creep
values the overall force transmitted by the contaatuch more unstable, with some
periods of full slip predicted in the contact. Cargd with a model with a constant friction

coefficient, the optimum adhesion with velocity-dadent friction occurs on average at a
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much lower creep value, and the average total tdigjetress transmitted is around 60%

of the optimum adhesion for constant friction.

For the low value of creep of 0.1% often assumeaughness growth prediction
calculations, there is very little difference irettreep-force relationship between the

model with a constant friction coefficient and thath a velocity-dependent friction
coefficient. This confirms that the simple modeh@equate for vehicle motion simulation

in cases with low creep, where the total tangefdiae is of interest, rather than its
distribution throughout the contact patch. Howe¥@r predictions of wear, the

distribution of tangential stress and slip veloeitg crucial. It has been shown here that the
stress distribution and slip velocity are signifitg modified by the inclusion of a
velocity-dependent falling friction coefficient, ew for low creep.

x 10
3 T T T ... T
250 -
! 3
=3 ! -
l; 2 _\ - - .
L \ 2
-f__E .s\ // _ ’\
$ 151 SesL P 1
87 ~ % 7 \
3 . \
~ /4 S o \
= | 4 S i
g 1 ~.)
= A
~ \.1~\'\.
0.5} i ST
0 1 1 1 1 1
0 0.1 0.2 0.3 0.4 0.5 0.6
Creep [%)]
Figure 8.9 Creep-force relationship: - - - - eonstant friction;// /7 /7 average with
velocity-dependent friction; — — — maximum and mmimn with velocity-dependent
friction; — - — - — - from Equation (8.1) for speg@m/s and 100 kN normal load.

8.7  Effect of velocity-dependent friction on wear prediction

The inclusion of velocity-dependent friction clgaaffects the tangential stress distribution
and the slip velocity in the contact patch. Itherefore likely that the pattern of wear of
the system will also be different with velocity-@ggent friction. For the otherwise steady-
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state rolling cases examined so far, the variaidgédn model has resulted in short-
wavelength effects, which are not necessarily irgorfor roughness growth at acoustic
wavelengths. In transient rolling with rough sudadlifferences may arise in the wear

prediction from constant and velocity-dependertitsh models.

Rail roughness profile information is normally dable at 1 mm intervals, and the
interaction force model returns data at 1 mm irdkxvThese results are interpolated before
applying the rolling contact model with an elemsiae of 0.1 mm (see Section 6.7.1 for
discussion on the element size required). The mahtemoved along the rail can therefore
be examined using results from every 0.1 mm albegail or alternatively with results at
1 mm spacings. If the friction coefficient is ccaandt, there is very little difference between
these results, but with a velocity-dependent frictcoefficient, short wavelength effects
are very noticeable. Examples are shown in Figur@ tr the material removed from a
corrugated rail and in Figure 8.11 for the matemahoved from a rail with low-level
broadband roughness. The rapid variation in theusutnof material removed is caused by
the stick-slip oscillation in the contact patchth&lugh it is interesting theoretically to
model this instability in a partially slipping cawat, the very short wavelength variation is
outside the range of interest for acoustic broadlvanghness growth. The rail profiles
used in this work do not include any informationronghness variation at these short
wavelengths. Therefore results in subsequent fggsinew the wear depth sampled at

1 mm intervals only.

-10

x 10

Wear depth [m]

6 1 1 1 1 1 1 1
0 0.005 0.01 0.015 0.02 0.025 0.03 0.035 0.04
Distance [m]

Figure 8.10 Material removed by a single wheel glaorrugated rail. Velocity dependent
friction model: /7 [7 [7 results sampled at 1 mm intervals to match iniibalghness data;
— — —raw results at 0.1 mm spacing.
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Figure 8.11 Material removed by a single wheel gloail with broadband roughness.
Velocity dependent friction modéeli /7 /7 results at 1 mm intervals to match initial
roughness data; — — — raw results at 0.1 mm spacing

8.7.1 Wear of initially rough rail with various contactadels

The pattern of material removed from a corrugasgidwvas examined in Section 7.6 using
the non-Hertzian model with constant friction, cargd with the material removed if
Hertzian contact is assumed. Figure 8.12 showsdhe results along with those from the
velocity-dependent friction model. The wear deptthwelocity-dependent friction is less
than that with the other models since the oveaaljential force in the contact patch at
each location is less. The wear depth is no loageroth and sinusoidal, although the
overall shape of the curve over one wavelengthekinusoidal rail profile is similar for

the constant and velocity-dependent friction madels

An example wear pattern for a system with broadlvrandhness is shown in Figure 8.13.
Here the results from the constant friction modte the velocity-dependent friction model
are again similar although the amount of mategaiaved in an overall sense is less with
the velocity-dependent friction law. The pattermudterial removed remains dominated by
the initial roughness profile, as was seen in FeguiL5 where the peaks in the wear depth
correspond to the asperities in the initial rougisnd o examine the differences between
the two models more quantitatively across the wkinlee sleeper bays included in the
analysis, the results need to be examined in dguéncy (or wavelength) domain in terms

of roughness growth rate spectra.
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Figure 8.12 Material removed by a single wheel gloail with a sinusoidal profile:
[7[7 [7 non-Hertzian model with velocity dependent frictie—- — — non-Hertzian model
constant friction; - - - - - - - Hertzian model.
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Figure 8.13 Material removed by a single wheel gloail with broadband roughness:
[7[7 [7 non-Hertzian model with velocity dependent frictie- — — non-Hertzian model
constant friction; - - - - - - - Hertzian model.

8.8  Rail roughnessgrowth rates

It is difficult to draw any general conclusions abthe development of acoustic roughness
from the spatial history of wear along the rail fltiferent contact models. In order to
examine the effect of the contact model (and disovehicle type and track parameters) on
roughness development, it is of interest to preentesults in the form of a roughness

growth rate spectrum (strictly a transfer functrather than a spectrum). This roughness
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growth rate can be compared with the dynamic iotema force spectrum (described in

Chapter 4) and also the spectrum of the initiagromess profile.

In the remainder of this work and, in particularthe case studies presented in the
following chapter, roughness growth results arsg@néed as a global rate. This rate is
independent of the number of wheel passages anditia¢ roughness level. The concept
of a ‘global growth rate’ is described by Hempelmamd Knothe [1996]. It allows the
comparison of results for roughness or corruggpiealictions that are calculated for
different input parameters and different referesteges. A global growth rate is a single
transfer function providing a mean value for thediction in each one-third octave
wavelength band for the full length of track inahadin the investigation, in this case, three
sleeper bays. The global growth rates calculated from the initial roughness amplitude
Ao and the final roughness amplitudigin each wavelength bamkdaftern wheel passages
as [Hempelmann & Knothe,1996]:

2L B
Y, = nln[pkoj (8.2)

If the roughness level in a particular wavelengihdhas increased after the passage of a
wheel or wheels, the roughness growth rate isipesit that wavelength band. A negative
roughness growth rate in a wavelength band indsddiat the roughness level tends to

decrease in that wavelength band.

The roughness growth rate concept can be used tparendifferent contact models by
carrying out the calculation for each model typmgshe same input parameters.
Figure 8.14 is an example of the roughness groatdhaalculated using three different
contact models for the same inputs, in this casiagie freight wheel rolling over a track

with low-level broadband roughness.

If a Hertzian contact model is used, as shown guifé 8.14, the roughness growth rate is
slightly negative or around zero for wavelengthggker than 40 mm. The maximum
roughness growth rate occurs in the one-third @ecteavelength bands centred around 20
to 25 mm. For a freight train at 29.44 m/s, thivalangth range includes the pinned-
pinned resonance at 1050 Hz. So if Hertzian comsamssumed in this case, roughness is
predicted to grow at wavelengths around that cpoeding to the pinned-pinned

resonance.
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However, if a non-Hertzian contact model is uskd,roughness growth rate is negative
throughout the whole wavelength range. Short wangtleroughness is predicted to
decrease dramatically. The roughness growth raetiin with a constant friction
coefficient is relatively smooth. The roughnessmgiorate function with a velocity-
dependent friction model is highly variable andgesis roughness may grow slightly in

the 32 mm and 125 mm wavelength bands in this elgrbpt will otherwise decrease.

1/3 octave band centre frequency [Hz]
15 X 10_5100 250 500 1000 2500 5000

1_ -

0.5

0

-0.5

_1_

-1.5

Micrometres per wheel passage

0.5 0.25 0.125 0.063 0.0315 0.016 0.008
1/3 octave band centre wavelength (m)

Figure 8.14 Example roughness growth rate for gl&rireight wheel on a track with low-
level broadband roughnesé? /7 /7 non-Hertzian model with velocity dependent fricfio
— — — non-Hertzian model constant friction; - - - - Hertzian model.

The initial roughness profile affects the strestrdiution significantly when a non-
Hertzian contact model is used; therefore genenatlasions cannot be drawn from a
single case viewed in isolation such as shownguré 8.14. Figure 8.15 shows the
roughness spectra and corresponding dynamic ini@ngforce spectra for five different
initial roughness profiles of similar spectral levehe roughness profiles have been
generated over the full length of the track inclidiethe interaction force model.
However, the wear is only calculated along a 1.@mgth, or three sleeper bays.
Therefore, the roughness, force and roughness ynatg spectra shown calculated over
these three sleeper bays display higher variatatitpnger wavelengths, as there is less

information on the long-wavelength behaviour hel@ishort sample length.
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Figure 8.15 (a) Initial roughness spectra and (ghdmic normal interaction force over
middle three sleeper bays for five different iditel profiles corresponding to the results
shown in Figure 8.16. - - - - - - - TSI limit spect

Figure 8.16 presents the resulting roughness groatés calculated using the two non-
Hertzian contact models for these five differeritiah roughness profiles. Figure 8.16(a)
suggests that if a constant friction model is usedilar roughness growth rates are
obtained from different initial roughness profiesross most of the wavelength range. At
longer wavelengths there is more variation in theghness growth rate results than at
short wavelengths, reflecting the fact that théahroughness spectra and dynamic
interaction force spectra (Figure 8.15(a) and &g display more variation at longer

wavelengths.
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Figure 8.16(b), calculated using velocity-dependection, shows much more variability
across the whole wavelength range in the roughgresgth rate results for the different
initial roughness profiles. In general, roughnesls at wavelengths shorter than around
25 mm are predicted to decrease rapidly with theertzian, velocity-dependent friction
model. Longer wavelength roughness may grow slightsome cases at some
wavelengths, or decrease slightly, or remain nadatisteady at around zero on the

roughness growth rate spectrum.
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Figure 8.16 Roughness growth rates for a singlgfrewheel on track with five different
initial low-level broadband roughness profiles ohsar spectral level. (a) Constant
friction model; (b) velocity dependent friction nebd
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8.9  Wear index and mechanismswith velocity-dependent friction

The maximum wear index seen over the three sldeper with low-level broadband
roughness and a constant friction model was 0.78n¥/(see Section 7.6.2), well below
the transition from mild to severe wear. The cqroggling results with the same inputs but
with velocity-dependent friction lead to a muchheg maximum wear index of 4.9 N/im
(still in the mild range). Higher initial roughnelevels lead to higher wear indices. A test
case calculated with 0.1% longitudinal creep, rowgs 10 dB above the TSI limit and
velocity-dependent friction gives a maximum weateix of 9.6 N/mrfiwhich is

approaching the transition to severe wear at a iméax of 10.4 N/mrh

Due to the stick-slip instability of the system hwitelocity-dependent friction at high creep
levels, no effort is made here to predict the wedex in cases with higher roughness
levels and high longitudinal creep. However itikely that, with combined roughness
levels (including both the wheel and rail roughnesere than 10 dB above the TSI limit,

at some locations, the wear regime is likely tarbéhe severe range. In this range the wear
mechanism is not purely frictional wear and mayude plastic deformation or ratcheting
effects. An example of the normal stress distrdoutat one location along a rail with this
roughness level was presented in Figure 6.20,lmn@ddak normal stress of 1700 MPa

indicates that some plastic deformation is likely.

When the combined roughness of the wheel-rail ayssdow, even with a velocity-
dependent friction model, the wear of the systeattrsbuted solely to mild frictional

wear. If a constant friction model is used to pcethe wear of the system, only mild
frictional wear is predicted even for higher rougbs levels. When velocity-dependent
friction is included in the model, higher roughnéssgels and higher creep are likely to
result in more severe wear rates at some locatidrescombined wheel and rail roughness
level that might cause this transition to severamg a realistic level around 10 dB above
the TSI limit, which is present on many tracksenvice. For example the roughest rails
recorded by Verheijen [2006] are at least 20 dBvalibe TSI limit at some wavelengths,
as are some of the roughest wheels.

8.10 Discussion

It has already been seen in Chapter 7 that thedfypentact model used can have a

significant effect on the prediction of the devetwmt of rail-head acoustic roughness.
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Hertzian and non-Hertzian contact models give d#ifgrent results. Other authors
studying non-Hertzian contact have reported sinfiitettings, in particular, the recent
efforts by Jiret al.[2006] and Xie and Iwnicki [2008a,b,c].

From this chapter, it is clear that the frictiowlased in a non-Hertzian contact model can
also affect the prediction of the development aigtiness. In the examples shown in
Figure 8.16, assuming constant friction throughhbatcontact leads to the prediction that
low level roughness consistently does not growny\eavelength band, and that rails
therefore become smoother with the passing of mareels. However, when a velocity-
dependent friction law is included in the modeg thughness growth rate is more
variable. It is positive in some instances in sama@elength bands, mostly at longer
wavelengths. Roughness wavelengths shorter tham@2b mm are predicted to decrease

in roughness in the examples shown here.

The roughness growth rate function allows the campa of results with different input
parameters. In the next chapter, a series of ¢ades are presented to examine the
development of acoustic roughness for differentiirgarameters, including different track

components, vehicle types and mixed traffic.
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9 APPLICATIONSAND CASE STUDIES

9.1 I ntroduction

In this chapter, the model described in the prewedhapters is applied to a series of case
studies to examine the development of rail-headistcoroughness. Results are presented
in the form of roughness growth rate functions.sTdlows comparison between the
different contact model theories, as well as d#fegrvehicle and track scenarios.
Roughness growth rates are presented for freigbipmal and high-speed vehicle types on

tracks with soft and stiff rail pads.

When using this model, the material removed froewttheel-rail interface can be
calculated for a particular vehicle type on a paittr track with a particular roughness
profile. The model does not directly consider tffeats of mixed traffic on the roughness
development. However, if the approximate proportbeach vehicle type is known, a
mixed traffic roughness growth rate can be derivenh the results for each individual
vehicle type. Roughness growth rate results caiedlaver three sleeper bays for various
different initial rail profiles can be averagedget an improved approximation of predicted
roughness development over longer sections of tfemkconciseness, where roughness
growth rates are presented in this chapter as gegm@ver five different initial roughness
profiles, the individual results are included inpgmdix B. Table B.1 lists all the roughness

growth rate cases considered.

The cases studied here examine the roughness genasto predicted by different contact
theories and friction laws. The three contact tlesoconsidered are Hertzian contact, non-
Hertzian contact with a constant friction coeffidi@nd non-Hertzian contact with a
velocity-dependent friction law. Of these threertiian theory has historically been most
widely used to model rail wear (including for therpose of predicting the development of
corrugation). However, for broadband roughnessIdeweent, including the stress-
concentrating effects of surface roughness in ahhenizian wear model is essential.
Finally the effect of including velocity-dependérnittion in a non-Hertzian contact model
is examined and the findings compared with those fthe other contact theories. This
contact theory has not been used previously togiretheel or rail roughness

development.
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For most of the cases examined here, a constagitudimal creep of 0.1% is assumed.
Some examples are also presented examining themesg growth rate for accelerating or
braking wheels with constant torque, using the Hentzian model with constant friction

coefficient.

Rail dampers affect the wheel-rail interaction #éospectrum, as shown in Chapter 4.
Previous work by Crofet al [2009] using a Hertzian contact model has algdlipted that
the rail dampers lead to reduced roughness developat wavelengths around the pinned-
pinned resonance. Here the non-Hertzian model welbcity-dependent friction is used to

examine the effect of rail dampers on the roughgessth rate.

Finally, some measured roughness spectra fromil&ecs project test site near
Gersthofen are presented. These measurements é@vedpeated over several years by
Deutsche Bahn AG on track with two different raaldpstiffnesses, with and without ralil
dampers installed. It is not possible to comparectly the predicted and measured results,
as the amount of material removed from the raithatite cannot be measured.

Nevertheless some comparisons between the modeheasurements can be made.

Throughout this chapter, ‘soft’ rail pads haveitirstss of 200 MN/m, while ‘stiff’ rail
pads have a stiffness of 800 MN/m. The model patarseas listed in Table 3.3 for the
track and in Table 4.1 for the vehicle, have besysen to match as closely as possible the

track and traffic at the Gersthofen site.

9.2 Roughnessgrowth rateswith a Hertzian contact model

Results for the Hertzian contact model have betlzded using the variational method,
but neglecting the roughness of the rail in thet@anmodel used for the wear calculation.
This means that the normal force calculated byrttexaction force model is the only

varying input to the contact and wear model. Tiatifm coefficient is constany/ = 0.3.

The importance of including more than one whe¢hinteraction force model has been
examined in Section 4.4.7. If the rail pads ar¢, $bé track decay rate is low across part of
the frequency range of interest. Successive wiagelsoupled via the rail, leading to a
different force spectrum for a single wheel modbew compared with the results from the

four wheels of the multiple-wheel model. This effescless significant if the rail pads are
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stiff. However, when calculating the interactiomd® for track with soft rail pads it is

important to include more than one wheel in the ehad the vehicle.

The calculation times for the wear module of thedel@re very long. Using a 2.2 GHz
processor, a calculation time of up to 20 hourgdsiired for each case with a single wheel
if the friction coefficient is assumed to be constd o calculate a set of results for two
track types, three vehicle types and five diffeieittal roughness profiles requires around
600 hours of CPU time. Using a four-wheel vehicledel quadruples this calculation

time. It is therefore of interest to check the diyi of a single wheel model compared with
a multiple wheel model in terms of the wear caltala Results are presented here firstly
from a single wheel model for both rail pad stifses, then from a four-wheel model for
the soft rail pad case.

9.2.1 Single wheel vehicle model results

Figure 9.1 shows the roughness growth rates cagzlifar each vehicle and track type
using a single wheel vehicle model if Hertzian emhis assumed. These are the average
roughness growth rates calculated over five diffenaitial roughness profiles. Results for
the individual roughness profiles are included ppAndix B.

Figure 9.1(a) shows results for track with soft paids. The roughness growth rate for all
three vehicle types is positive in the 40 mm onedtbctave wavelength band and for
shorter wavelengths. For longer wavelengths, thghness growth rate is around zero or
very slightly negative. This implies that short wwbength roughness will increase over
time, while wavelengths longer than 40 mm will remstable or decrease slightly.
Roughness is predicted to grow fastest for th@lfiteand regional vehicle types at
wavelengths of around 20 to 25 mm. For the higredggain, roughness is predicted to

grow fastest in the 20 to 31.5 mm wavelength bands.

The roughness growth rates for track with stiff pads (Figure 9.1(b)) show a similar
trend with high roughness growth predicted for wengths shorter than 40 mm. Again,
roughness levels at wavelengths longer than 40 rema predicted to grow or decrease
significantly, although the freight and regionalitrs have a slightly positive roughness
growth rate in the wavelength range from 40 mmQarBn that is not seen in the results

with soft rail pads. There are other small diffexemin the results for each vehicle type,
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with the high-speed vehicle showing high roughrgessvth rates at slightly longer
wavelengths than the regional and freight vehigbes, but then negative roughness

growth in the 40 to 80 mm wavelength bands.
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Figure 9.1 Average roughness growth rate from glsinvheel model, Hertzian contact:

(a) soft rail pads; (b) stiff rail padg./ /7 /7 freight; — — — regional; - - - - - - - high-speed.
Lines 1,2,3 correspond to pinned-pinned resonaocé&éight, regional and high-speed
trains respectively.

Effects at various wavelengths are expected asethdt of the different speeds of the
vehicles. However all the vehicle types show a dnoughness growth rates for
wavelengths shorter than around 12 mm. If the vemgths of high roughness growth
were purely determined by the pinned-pinned resomand the speed of the vehicle, then
they would appear in the 25 mm wavelength bandherfreight vehicle, in the 31.5 to
40 mm bands for the regional vehicle and in thed® band for the high-speed vehicle,
shown by vertical lines in Figure 9.1(b). Theseauhssare not so clearly staggered by
wavelength. In fact, negative roughness growthreésligted for the high-speed train type
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on stiff rail pads in the wavelength band corresjdog to the pinned-pinned resonance.
These results suggest that a constant-wavelengthansm for roughness or corrugation
growth may be present as well as the constant-&regumechanism associated with the
pinned-pinned resonance of the track. Other authave concluded (also using Hertzian
contact models) that constant wavelength effeesmaportant for corrugation growth,
including J.B. Nielsen [1999], Hoffmann and Mis@DP7], Ciavarella and Barber [2008],
Afferante and Ciavarella [2009] and Knothe and GFbigbing [2008].

9.2.2 Four-wheel model results for soft rail pads and tdemn contact

The average roughness growth rates over five raegghprofiles obtained from a model
with four wheels are presented in Figure 9.2 alith the single-wheel model results.

The differences between the two sets of resultardocthe wavelength bands between

16 mm and 63 mm, including the wavelengths at whiclyghness is predicted to grow
significantly. This is the same range in which fedence is apparent in the force spectrum
with a multiple-wheel model compared with a singleeel model (see Section 4.4.7). The
results for the freight train, Figure 9.2(a), shwowo peaks in the roughness growth rate
function at 25 mm and at 40 mm whereas the singjleehresult has just one smoother
peak, spread between the 20 mm and 25 mm wavelbagtts. The differences in the
results for the other vehicle types have less etiadhe shape of the results in that no new
peaks or dips are introduced by the inclusion efdktra wheels. This may be explained by
the difference in the wheel spacing on a bogie ig4Hl). The freight wheels are closer
together, 1.8 m apart in a bogie compared witm2f6r the regional and high-speed
trains, and therefore including more wheels inftegght case has more effect on the

results than for the other vehicle types.

Despite the differences, the same observationbeanade about the four-wheel model
results as have been made for the single-wheel Imogighness growth rates. The
wavelengths of roughness growth or removal are raptess unaffected by the number of

wheels included in the model.
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Figure 9.2 Average roughness growth rate, Hertzantact: (a) freight vehicle; (b)
regional vehicle; (c) high-speed vehiclé./7 /7 single wheel, — — — four wheels.

9.3  Roughness growth rateswith non-Hertzian contact and constant friction

Roughness growth rates are now presented thatidegrecalculated using the non-
Hertzian contact model. These use the same indilgbrofiles and interaction force
histories as the Hertzian cases, but include tihenatile in the determination of the
normal and tangential stress distribution as theellolls along the rail. The friction
coefficient remains constant= 0.3. It has been seen in Section 9.2 that simolaghness
growth rates are obtained from a model with a singheel and a model with four wheels
in the Hertzian contact case. The same test iategdere for the non-Hertzian contact

case.
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9.3.1 Roughness growth rates with non-Hertzian contadtasingle wheel

Figure 9.3 shows the average roughness growthfiatése individual vehicle types for
track with soft rail pads and stiff rail pads irgkre 9.3(a) and (b) respectively. Again the
roughness growth rates for each different initll profile before averaging are included
in Appendix B. The most noticeable difference betwéhese non-Hertzian results and the
Hertzian results in Figure 9.1 is that when thegfmess of the surfaces is taken into
account, the roughness growth rate is negativesathe entire wavelength range for both
soft and stiff rail pads. There is some variatietween the results for different vehicle

types, mostly in the 31.5 mm one-third octave warngth band.

x 10~

@)

Micrometres per wheel passage

_2 1 1 1 1
0.5 0.25 0.125 0.063 0.0315 0.016 0.008
1/3 Octave Band Centre Wavelength (m)

x 10

(b)

Micrometres per wheel passage

0.5 0.25 0.125 0.063 0.0315 0.016 0.008
1/3 Octave Band Centre Wavelength (m)

Figure 9.3 Average roughness growth rate for a lgiivgheel, non-Hertzian contact with
constant friction: (a) soft rail pads; (b) stiffitapads. /7 /7 /7 freight; — — — regional;
------- high-speed.

In general, long wavelength roughness is preditdetecrease slightly, while roughness
wavelengths shorter than 25 mm are predicted teedse more rapidly. This finding

agrees with the work of Jigt al.[2005, 2006] who conclude using a non-Hertzian ehod

220



that corrugation will decrease over time. SimilaXig and Iwnicki [2008a,b,c] predict that

both roughness and corrugation will decrease umadegry wheel passages.

9.3.2 Non-Hertzian contact with multiple wheels

The average roughness growth rates from the fowelwehicle running over five
different initial roughness profiles are presente#ligure 9.4 for each vehicle type on
track with soft rail pads. These demonstrate thecethat including multiple vehicle
wheels has on the roughness growth rates, and alloassessment of the importance of

including multiple wheels in the wear model.
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Figure 9.4 Average roughness growth rate, non-Hantzontact with constant friction:
(a) freight vehicle; (b) regional vehicle; (c) higipeed vehicle/ /7 /7 single wheel,
— — — four wheels.
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Including four wheels leads to a variation in tbaghness growth rates in the wavelength
bands from 16 mm to 63 mm; the same range for wiactation is seen with the Hertzian
model. For the freight vehicle type, shown in Feg@r4(a), the results calculated with a
four-wheel model show peaks in the 25 mm and 40aneithird octave wavelength
bands. The roughness growth rate function is otiseramooth. For the other vehicle types

the differences are less marked, because the wéweetpaced further apart.

Despite these observations, including more tharmdreel in the vehicle model does not
affect the overall trend of the roughness growthk fanction. For each vehicle type
examined with this contact model, roughness igonedicted to grow at any wavelength;
instead the model suggests roughness should deaeastime, especially at short

wavelengths.

Given the finding that the inclusion of multiple @éis does not significantly affect the
roughness growth rate, remaining results in thegtér are presented for a single-wheel

model only.

9.3.3 Constant creep versus constant tangential stress

In the results presented so far, a constant lowevaf longitudinal creep of 0.1% has been
assumed. The sign of the creep (positive or neglathakes no difference to the calculated
roughness development. This is intended to reptegesels that are not accelerating or
braking, in normal operation on tangent track. el can also be used to simulate a
powered (or braked) wheel by applying a constaetall/tangential force to the contact
area rather than assuming constant creepage. ddtiers presents roughness growth rates
calculated from an initial assumption of constangjtie applied to a wheelset, rather than
constant longitudinal creep. The objective is taraie cases where powered wheels are
providing tractive effort leading to higher tangahtoads in the contact area than those
seen without acceleration or braking forces, htitbslow the adhesion limit so that full

slip does not occur.

If a velocity-dependent friction coefficient is ase@nforcing a constant tangential force
constraint on the solution to the minimization gesb removes the stick-slip oscillation

effects seen with this contact model. The resuitaiaoed are then the same as those

222



calculated without the falling friction coefficientherefore this analysis is carried out only

for the non-Hertzian model with constant fricticoetficient.

In the first example, shown in Figure 9.5 for agéninitial roughness profile, the constant
tangential force applied as the constraint in tlh@misation problem has been chosen to
correspond approximately with the constant credpevaf 0.1%. The total tangential force
corresponding to this creepage is around 10.5 kithiafreight vehicle and around 7.8 kN
for the regional and high-speed vehicle types miedeWith a wheel radius of 0.46 m in
each case, the resulting torque for the freiglm isataken to be 9660 Nm per wheelset and
7176 Nm per wheelset for the regional and high-@peens. As the level of tangential
loading is approximately the same in each casterdifices in the roughness growth rates
between Figure 9.5(a) and (b) are due to the éiffeassumptions of either constant creep

or constant tangential force.
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Figure 9.5 Roughness growth rate for a single wioedlow-level broadband roughness,
non-Hertzian contact, constant friction: (a) constareep 0.1%; (b) constant tangential
stress for similar creep./ // /7 freight; — — —regional; - - - - - - - high-speed.
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The roughness growth rates shown in Figure 9.5{tirate that very short wavelength
roughness will be reduced even more rapidly by ped/@/heels than by the non-powered
and un-braked wheels. Roughness wavelengths shioate125 mm all display negative
growth rates when the constraint is applied asatemt tangential force. Wavelengths
longer than 125 mm have roughness growth ratesdroero or above, with some positive

growth possible.

The freight train exhibits the lowest roughnessaghorate (or highest roughness reduction
rate) of the three vehicle types examined with wegred or braked wheel. Results for the
other vehicle types are similar to each other. @ifference is due to the higher tangential
load limit set as the constraint for the freighéeawhich has a higher friction limit because
the normal static load is higher.

These tangential loads are well below the frictiont obtained by multiplying the friction
coefficient of 0.3 by the normal static loae,. 100 kN for the freight vehicle and 60 kN
for the other vehicle types. Figure 9.6 shows fifleceof the magnitude of the tangential
load on the roughness growth rates for a singlgtitavheel. The tangential load
constraint is applied in the form of constant creepigure 9.6(a) and as constant
torque/tangential force in Figure 9.6(b). The twtsof results are approximately
equivalent in terms of creep (Figure 8.9 showsctieep-force relationship for the freight

case with constant friction coefficient of 0.3).

The highest tangential load applied, 20 kN, comesis to a torque of 18400 Nm per
wheelset, a creep of about 0.22%, and is two-tlofdke friction limit. In general,

increasing the tangential force in the contachia model increases the rate at which
roughness is predicted to be worn away. If theeatigl load is applied in the form of a
constant creep, this occurs across the full wagtterange (Figure 9.6(a)). However, if

the tangential load is applied as a constant f(giveulating braking or accelerating,

Figure 9.6(b)), then increasing the tangential lmadeases the rate at which roughness
wavelengths shorter than 0.125 m are worn awaygéowavelength roughness is not
greatly affected by the tangential load when @pglied as a constant force rather than as a

constant creep.
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Figure 9.6 Roughness growth rate for a single tneigheel on low-level broadband
roughness, non-Hertzian contact with constantifsitt (a) constant creep/ /7 /7 0.05%;
———021%;----- - 0.22%; (b) constant tatmejdorce /7 /7 /7 5.25 kKN; — — —
105KN; -« -+ 20 kN.

9.4  Roughnessgrowth rateswith velocity-dependent friction

Including a velocity-dependent friction coefficiantthe non-Hertzian contact and wear
model leads to more variation in the roughness tiroates predicted across the
wavelength range for a particular initial rail plef An example of this has been shown in
Figure 8.16. There it was seen that there is muate mariation possible in the roughness
growth rate if the friction coefficient is velociyependent than if the friction is constant.
With a constant friction coefficient the roughngsswth rates are all negative in the one-
third octave wavelength bands shorter than 250 butnwith a velocity-dependent friction
coefficient some positive roughness growth ratessaen in some cases (see Figure 8.16).
However, although there is variation in the restdtdifferent initial rail profiles (see
Appendix B), the average roughness growth ratesfoxeeinitial roughness profiles

presented here are relatively smooth across thelesagth range.

225



The roughness growth rates calculated using theHsstzian contact model with velocity-
dependent friction are shown in Figure 9.7(a) d)ddr soft and stiff rail pads
respectively for the different vehicle types. Agisrwheel vehicle model only is
considered, as up to 60 hours is required for edeel analysis for every case when a
velocity-dependent friction coefficient is used.eltverall pattern of the average
roughness growth rates is similar to that whenrestamt friction coefficient is used.
Roughness is predicted to remain stable or decstigbely at wavelengths longer than
25 mm. Roughness levels are predicted to decre@séntly at wavelengths shorter
than 25 mm. Some differences are evident in thdtsefor the different vehicle types,
similar to the differences seen in the roughnesw/tir rates calculated using the non-

Hertzian contact model but with a constant frictomefficient (Figure 9.3).
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Figure 9.7 Average roughness growth rate for a lemwgheel, non-Hertzian contact with
velocity-dependent friction: (a) soft rail pads) @iff rail pads./7 /7 /7 freight; — — —
regional; - - - - - - - high-speed.
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9.4.1 Magnitude of initial roughness profile

The roughness growth rate is intended to give tesidit are independent of the initial
roughness spectrum to allow the comparison of refettween different vehicle and track
types. To confirm that it is not dependent on ttigal roughness level, example roughness
profiles have been generated according to targgtispwith three different levels.

Figure 9.8 shows the three roughness spectra anedshlting interaction force between a
freight wheel and rail with soft rail pads overdarsleeper bays. The low level roughness

is similar to the rail roughness at the Gersthaésn site, and has been used throughout this
work. A second profile has been generated to hamniar level to the TSI spectrum, and
finally the third roughness profile has a level mgpmately 10 dB higher than the TSI

spectrum. The TSI spectrum is also shown as aemderin Figure 9.8(a).
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Figure 9.8 (a) Initial roughness spectrum over theteeper bays and (b) wheel-ralil

interaction force for freight vehicleZ/ /7 /7 low roughness level; — — — similar to TSI
roughness; - - - - - - - similar to TSI roughnéss 0 dB; — - — - — - TSI roughness limit as
reference.
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In Figure 9.8(b) the dynamic interaction force speceflect the differences in magnitude
seen in the roughness spectra. The low level rcegghis well below the TSI reference at
longer wavelengths, but approaches the TSI referahshort wavelengths. The force
spectrum for these cases shows a similar trendhigmest roughness level leads to a
dynamic interaction force spectrum that is arou@dl& above the force spectrum for the

TSI level case across the wavelength range.

Figure 9.9 shows the roughness growth rates cagzlifar the freight vehicle on track

with soft rail pads and the three initial roughnpesiles with different spectral
magnitudes. These are not average roughness graig) each has been calculated for a
single initial profile and for a single vehicle gpBoth non-Hertzian contact models are
examined; the results for constant friction arevgho Figure 9.9(a) and those for

velocity-dependent friction in Figure 9.9(b).
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Figure 9.9 Roughness growth rate for a single tneigheel on broadband roughness with
non-Hertzian contact: (a) constant friction; (b)leeity dependent friction/ /7 /7 low
roughness; — — — TSI roughness; - - - - - - « olghness plus 10 dB.
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If the friction coefficient is assumed to be constéhen the roughness growth rate is
independent of the magnitude of the initial rougisngpectrum. The small differences in
the roughness growth rates seen in Figure 9.9(g)o@attributed to variability in the
different generated profiles, and are no largen tha differences between roughness
growth rates calculated for many different inipabfiles with similar spectral levels shown
in Figure 8.16(a).

If the friction coefficient is dependent on thgskelocity (Figure 9.9(b)), the roughness
growth rates are no longer entirely independet@imagnitude of the initial roughness
spectrum. Distinct peaks are visible in the refarlthe low-level initial roughness. These
peaks do not appear at the same wavelength fareiit initial roughnesses with the same
spectral level, as the roughness growth rate ctiedilusing velocity-dependent friction is
highly variable even when the initial roughnesdipgs have the same spectral level (see
Figure 8.16(b)). The TSI-level roughness predicatso displays some variability in the
roughness growth rate across the wavelength rdmg@ot as much as seen in the low-
level roughness case. As the initial roughnesd iecesases the roughness growth rate

begins to resemble that calculated with a constaafficient of friction.

In summary, if roughness levels are very low ifijiancluding a velocity-dependent
friction coefficient can have a significant effect the predicted wear pattern compared
with a constant friction model. But if the initiebmbined roughness level of the wheel and
rail is higher than the TSI limit, there is litiéfference in the results obtained from the

two friction models for 0.1% creep.

9.5 Roughnessgrowth ratesfor mixed traffic

In a situation with a variety of traffic on a patlar track, a mixed roughness growth rate
can be estimated if the proportions and the typerath of each vehicle type are known.
At the Gersthofen test site, approximately 40%hefwheel passages are freight wheels,
27% are associated with regional vehicles and at@3&b6 are high-speed vehicles.
Figure 9.10 shows the resulting mixed traffic rougds growth rates for soft and stiff rail
pads calculated using the three different contamdets: Hertzian, non-Hertzian and non-

Hertzian with velocity-dependent friction.
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Figure 9.10 Roughness growth rate for mixed traffg soft rail pads; (b) stiff rail pads.
[7 77 velocity-dependent friction model; — — — constaation model;
Hertzian contact model.

In line with the previous findings, the Hertziamtact model is the only one of the three
that predicts roughness growth. For track with saiftpads, a Hertzian model results in
roughness growth at all wavelengths shorter thamé0 and a peak in the roughness
growth function at around 20 to 25 mm. Roughnegsasdicted to decrease slightly at
wavelengths longer than 40 mm. With stiff rail padsl Hertzian contact, the predicted
roughness growth rates are similar to those withpaals, with the exception that stable or

slightly increasing roughness is predicted in tla@&ength range from 40 to 80 mm.

Combining the roughness growth rates calculate@dch vehicle type into a mixed traffic
result removes many of the differences betweemvtbenon-Hertzian contact models. The
variability between each individual case when ae#y-dependent friction coefficient is
used averages out to give a similar mixed tra#fguit to that calculated with a non-

Hertzian, constant friction coefficient model. Tinéxed traffic roughness growth rates do
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not show roughness increasing at any wavelengtits. Mdn-Hertzian contact and mixed
traffic, roughness is predicted to be worn awaglirone-third octave wavelength bands

considered, and to be worn away most rapidly atelengths shorter than around 25 mm.

The Hertzian and non-Hertzian contact models geny different roughness growth rate
predictions for all wavelengths shorter than 125.rAtonger wavelengths, however, the
roughness growth rates are converging. This suggjest if only roughness of
wavelengths longer than 125 mm is of interest #néfertzian model can be used in the
wear calculation. For shorter wavelengths, non-ti@nteffects are significant and should

be taken into account in a wear model.

Several authors have linked high rail pad stifftessicreased roughness or corrugation
growth, for example llias [1999], Cox and Wang [2B9Vu and Thompson [2005], Sheng
et al.[2006]. The connection between pad stiffness agll toughness growth rates is
thought to be that stiff pads emphasise the pirpieded effects, leading to a higher
corrugation growth rate at that frequency than wsdft rail pads. Here, if Hertzian contact
is assumed, roughness is predicted to increassesaarwider range of wavelengths if the
track has stiff rail pads than if the track had saif pads (Figure 9.10). However, the rate
of roughness growth for wavelengths shorter thamd#®with mixed traffic is not

predicted to be affected much by the rail padrstgs of the track.

With the non-Hertzian contact models and mixeditrathere are some differences in the
predicted roughness growth rates for track witfed&nt rail pad stiffnesses. However,
these differences are not consistent across thelarayth spectrum. Soft pads are better at
some wavelengths, while hard pads are better atsatin general, this model does not

suggest any clear connection between the rail pidess and the roughness growth rates.

9.6  Roughnessgrowth rateswith rail dampers

It has been shown in Chapters 3 and 4 that raipgasmaffect the pinned-pinned frequency
and the interaction force between wheel and ragdvieus work by Crofet al [2009] has
examined the effect of rail dampers on roughnesw/thr rates using a Hertzian contact
model. In this section, roughness growth rates vathdampers are presented using the

non-Hertzian contact model with velocity-dependeiotion. The rail damper model used
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is that described in Section 3.4.4, with a tunigiiency of 1050 Hz and parameters as
listed in Table 3.5.

The roughness growth rates for the various velaiotetrack types with rail dampers
included are shown in the following figures. Figré1 presents the results for freight
vehicle cases, Figure 9.12 for the regional veracde Figure 9.13 for the high-speed
vehicle. All are average results from five differéow-level broadband roughness profiles
using a model with a single wheel. The roughnesw/tyr rates for the individual cases are
included in Appendix B.
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Figure 9.11 Roughness growth rate for freight vihi@) soft rail pads with rail
dampers; (b) stiff rail pads with rail dampeiS./7 /7 without rail dampers; — — — with
rail dampers. Vertical lines indicate shift in wéaegth corresponding to the pinned-
pinned resonance with the addition of rail dampers.
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Figure 9.12 Roughness growth rate for regional gkhi(a) soft rail pads with rail
dampers; (b) stiff rail pads with rail dampers./7 /7 without rail dampers; — — — with
rail dampers. Vertical lines indicate shift in wésegth corresponding to the pinned-
pinned resonance with the addition of rail dampers.

For all the vehicle types and rail pad stiffnessies rail dampers make a clear difference to
the roughness growth rate. At some wavelengthsalnghness growth rate with rail
dampers is higher than without rail dampers, aratladrs it is lower. In general, the
addition of the rail dampers tends to shift or pddks in the roughness growth function, in
particular in the 31.5 mm wavelength band for tieéght case (Figure 9.11) and in the

40 mm wavelength band for the regional (Figure Pai®l high-speed cases (Figure 9.13).
This effect is more pronounced in the cases withrail pads. The roughness growth rate
for the high-speed case with rail dampers and stifjpads (Figure 9.13(b)) is positive in
two wavelength bands, whereas it is negative avallelengths without the rail dampers

and for all the soft rail pad results.
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Rail dampers shift the pinned-pinned frequencyhefrail from 1050 Hz to 760 Hz, largely
as a result of the additional mass they add teystem (see Section 3.4). Using a Hertzian
contact and wear model, Creft al. [2009] found a corresponding shift in the rouglsnes
growth rates of track with rail dampers comparethwrack without rail dampers. High
roughness growth rates at wavelengths corresponditige pinned-pinned resonance were
shifted to longer wavelengths with the additiorraif dampers. In the present results, with
a non-Hertzian contact model, this effect is netdrnable. Without the rail dampers, there
is no peak in the roughness growth function comadmg to the pinned-pinned resonance.
The peaks introduced by the rail dampers do notespond to the new pinned-pinned
resonance. Vertical lines in Figures 9.11 to 9ritBdate the wavelength shift that might be

expected from the shift in the pinned-pinned resocea
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Figure 9.13 Roughness growth rate for high-spedilcle (a) soft rail pads with rail
dampers; (b) stiff rail pads with rail dampers./7 /7 without rail dampers; — — — with
rail dampers. Vertical lines indicate shift in wésegth corresponding to the pinned-
pinned resonance with the addition of rail dampers.
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The effect of rail dampers on the roughness graoatits with mixed traffic are shown in
Figure 9.14. These results have been calculateg) tise velocity-dependent, non-Hertzian
contact model. With soft rail pads, shown in Fig@r#4(a), including rail dampers in the
model makes almost no difference to the predicte@dntraffic roughness growth rates.
With stiff rail pads, a greater difference is sbetween the results with and without rail
dampers. At some wavelengths the roughness gratghgs lower with the rail dampers

and at some wavelengths it is higher. The generatitremains: roughness levels are
predicted to decrease slightly over time at wavglenlonger than 25 mm, and to decrease
more rapidly at wavelengths shorter than 25 mmmRAteese results, rail dampers do not

result in either a clear-cut benefit or a disadagatin terms of rail roughness growth rates.
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Figure 9.14 Roughness growth rate for mixed tréffien velocity-dependent friction
model:(a) soft rail pads; (b) stiff rail pads/ /7 /7 without rail dampers; — — — with rail
dampers.
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9.7 Measured roughness spectra

Measurements of roughness have been carried ddebtsche Bahn AG at a test site near
Gersthofen in Germany as part of the Silence pr¢fesimusseret al, 2008]. Corus rall
dampers were installed at locations with two pé#thssses, corresponding to the soft and
stiff pads modelled in this study. At the locatiwith soft rail pads the dampers are
installed on both rails of the track. An adjacentreated section of track with the same rail
pads provides a reference. At the location withh il pads the dampers have been
applied to a single rail only, with the other radting as the reference. All measurement

locations are on tangent track well away from amyes.

Roughness measurements are available from theofithe damper installation in 2006,

after the dampers had been in place for one yahaso after two years.

9.7.1 Measured roughness development examining the effeal dampers

For the track with soft rail pads, results are shawFigure 9.15 without rail dampers and
in Figure 9.16 with rail dampers. In the initial as&irements a peak is found at 10 mm
corresponding to grinding marks. This and othertsivavelength roughness has been
worn away after one year. Most noticeably, the 10 wavelength band shown in

Figure 9.16 shows a change in roughness levelooinal 7 dB in the first year, which is
well above the normal measurement uncertainty.tiMeemost recent measurements
shown in both figures are very similar, the diffezes could be entirely due to the variance
in the measurement. In fact, aside from some stavelength bands, all the
measurements are close enough to each othertéobé difficult to determine whether the
changes recorded are systematic or an artefaoughness measurement variance, which
is around +/- 2 dB [Jonex al, 2008b]. The change in roughness over time atsitess

low, so measurements over a longer time period avbalneeded to determine the

systematic roughness development.

There is no clear difference between the resuitthi® locations with and without rail
dampers. Despite this, for track with soft paderéhs some evidence to suggest that long
wavelength roughness remains relatively stableengtibrt wavelength roughness tends to
wear away over time, by up to 4 dB in some wavdlebgnds over the two years. Longer
wavelengths might grow slightly or be worn down bedlly there is not a significant
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change in the spectrum over this time period. Hileoughness at the site was very low to

begin with, well below the TSI limit.
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Figure 9.15 Measured roughness spectrum for traith soft rail pads without rail
dampers: - - - - - - - 2006; — — — 20077 /7 2008; — - — - — - TSI roughness limit.
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Figure 9.16 Measured roughness spectrum for traitk soft rail pads and rail dampers:
------- 2006; — — — 20@7{/ [7 2008; — - — - — - TSI roughness limit.
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For the location with stiff rail pads the resulte ahown in Figure 9.17 and Figure 9.18.
Here the trends are even less clear. Without thdaepers, the roughness over the two
years has reduced across the wavelength rangéedait with rail dampers installed, the
roughness is slightly higher after two years att@mavavelengths (where it was initially
very smooth), and has reduced at longer wavelengttis pattern is not consistent
however; at some wavelengths roughness decreasled finst year and then increased the
next year. This result emphasises the difficultyn@asuring small changes in roughness

accurately, even over a two year period.

The effect of the rail dampers on track with st#il pads is also difficult to assess because
the initial roughness of the rail with dampersesywdifferent from the roughness of the
reference rail. At short wavelengths, the init@ighness shown in Figure 9.18 is the
lowest measured at any location. The measuredaseref between 1 and 3 dB in
roughness in wavelength bands shorter than 25 nuhd @ a real increase, or an artefact
of measurement uncertainty. In any case the fmajhness level measured at this location
with the rail dampers is very similar to the finalghness level on the rail without

dampers shown in Figure 9.17, and remains welivbéhe TSI limit spectrum.
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Figure 9.17 Measured roughness spectrum for traith stiff rail pads without ralil
dampers: - - - - - - - 2006; — — — 20077 /7 2008; — - — - — - TSI roughness limit.
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Figure 9.18 Measured roughness spectrum for traithk stiff rail pads and rail dampers:
------- 2006; — — — 20Q@7{/ [7 2008; — - — - — - TSI roughness limit.

Examining these measurements, no evidence hadd@shto suggest that the rail
dampers make a significant difference, either pasitr negative, to the growth of

acoustic roughness.

9.7.2 General comments on measured roughness development

In general, roughness levels at the site havenmoeased significantly or consistently in
any wavelength bands. Figure 9.19 shows the mealt thfe measured spectra for each
year across all locations, with and without raiingieers. In this representation, roughness
has decreased by around 2 dB across the waveleangih, except for the wavelengths
between 12.5 and 25 mm where roughness grew slighthe first year but then decreased

in the second year, overall remaining relativebit.

A difference of 2 dB is not enough to give confidenhat the measured decrease in
roughness levels is real and not an artefact ahabmeasurement variation. However, the
measurement also does not show any clear increas®ustic roughness levels over time.
In this broad sense therefore the measurements agftethe results of the non-Hertzian

contact and wear model.
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It is often assumed that roughness must consigtanti monotonically increase over time.
This is supported by data from the Dutch and Gerradway networks [Verheijen, 2006;
Asmusseret al, 2006], whereas reports in the literature on mesasants at other specific
sites are somewhat mixed in terms of roughnessdsitrg or increasing, as discussed in
Section 1.4.1, [Cox and Wang, 1999; Bracciali, 208énschet al.,2002; Nielsen, 2003].
Here, the measured roughness spectra do not shoevatence of consistently increasing
roughness levels over time. Moreover, for thisagittn on tangent track with initially very
low roughness levels, no mechanism is shown imtbédel for consistently increasing

roughness levels in the long term.
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Figure 9.19 Mean measured roughness spectrum dMercations, with and without ralil
dampers: - - - - - - - 2006; — — — 2Q077 /7 2008; — - — - — - TSI roughness.

9.8 Summary

A series of roughness growth rate calculations leaesn made to examine the
development of broadband acoustic roughness awer fihe parameters used in these
calculations have been chosen to match the trattiea®ilence project measurement site
near Gersthofen, to enable some comparison betihieanodel results and measured

roughness development over a long period.
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The roughness growth rate has therefore been erdrfon two different track forms, one
with relatively soft rail pads of 200 MN/m stiffreand the other with relatively stiff rail
pads of 800 MN/m stiffness. The addition of raifrgzers to the track has also been
included in both the modelling work and the measwnets. Three different vehicle types
(listed in Table 4.1) are considered as represgatabf the type of traffic operating at the
Gersthofen site. The approximate proportions ofelpassages due to each vehicle type is
known, and has been used to estimate a ‘mixeddradighness growth rate from the

model results.

When calculating the interaction force betweernvtheel and rail for track with soft rail
pads, it is important to include more than one wirethe vehicle model since the track
decay rate is low and allows interaction betweartassive wheels coupled by the rail.
However, when using a non-Hertzian contact moderéalict the wear of the rail and the
roughness growth rates, similar results were obthfrom a model with a single wheel
and a model with four wheels. Including multipleesets therefore does not significantly
affect the predicted roughness growth rates.

Roughness growth rate results have been compametiiree different versions of the
model. If a Hertzian contact model is used, rougkne predicted to grow significantly in
the one-third octave wavelength bands betweenm#&and 40 mm. Outside this range,
roughness is predicted to grow slightly at shontavelengths and decrease slightly or
remain stable at longer wavelengths. Howeverniba-Hertzian contact model is used, the
results are very different. Roughness is then ptedito decrease in all wavelength bands,
particularly at wavelengths shorter than 25 mm. iflcision of a velocity-dependent
coefficient of friction causes some variation ie tear of each particular case, and in
some cases at some wavelengths roughness gropahbifsre. When roughness growth
rates are averaged over many initial rail profilesvever there is very little difference in
the predicted results compared with when a constaefticient of friction is used with the

non-Hertzian contact model.

The non-Hertzian contact models, therefore, dosnpport any tendency of the rails to
become rougher over time. In fact, the model pteditat, as long as only longitudinal
forces and creep are significant, tangent track it initially low level of broadband

roughness should become smoother under the paskagay wheels. This also assumes
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that the wheels are smooth, since the combinechrass of the wheels and rails provides

the excitation of the system.

Roughness measurements over two years at the Glerstiest site do not show any
significant or consistent tendency of the railbézome rougher over time at any
wavelength. There is some evidence to suggestdligsimay become smoother over time,
as predicted by the model. However, the differervdeserved over the two-year period are
not large enough in most wavelength bands to givdidence that they are not an artefact

of normal measurement variance.

Neither the modelled nor the measured roughnesstign@ates indicate that the installation
of the rail dampers will have a significant effectthe development of broadband acoustic
roughness over time, either positive or negativeoAthe roughness growth rate results
presented in this chapter do not suggest that reegghshould develop differently on track
with different rail pad stiffnesses.

The roughness development predicted by a non-Hertmntact model is generally
independent of the rail pad stiffness, the wheatsm, the pinned-pinned resonance and
the addition of rail dampers. It is therefore ldygadependent of the track dynamics (the
effect of vehicle speed on roughness growth raasslot been explicitly examined,
although different vehicle types have differenteqjs. So, although the wheel-rail
interaction force is highly dependent on the dyrnaif the track and vehicle system, it

appears that the resulting roughness growth ratetis
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10 CONCLUSIONS

The aim of this work was to improve the understagdif roughness development on
tangent track, which has potential benefits inareas of long-term noise control and track
maintenance. In this thesis a model of wheel-rdériaction forces, rolling contact and
wear has been used to study the development oflbapa rail-head acoustic roughness in
the wavelength range from 5 mm to 250 mm. The etiédifferent track components on
the roughness growth rate of the track-vehicleesydtas been examined. Using this
model, the impact of track design changes on thglmess growth rates has been
assessed. In particular, rail damping devices desigo reduce rolling noise have been
examined to determine if the addition of rail damnspe a track will lead to a change in the

tendency of the track to develop rail-head roughnes

10.1 Conclusionsfrom theliterature

Rail-head wear is a complex problem. An ideal medmlld account for factors such as
elastic and plastic deformation, high temperatéieces, work hardening, and local
variation in material properties and wear resistaftcwould also include a three-
dimensional analysis of vehicle dynamics, with itmmal modes of the wheelsets and
varying lateral and spin creep as well as the lodgnhal creep considered here. However,

the computational cost of such a model would berenas.

It is clearly necessary to simplify the problenonder to gain an understanding of the
relative impact of different effects on roughnessagh rates. In the literature various
relationships between the resonances of track ahithe have been proposed to suggest
why roughness might grow more rapidly at some wevgths than at others, and indeed
why roughness should grow at all. The pinned-pimaesdnance of the track has been
identified as a possible wavelength-fixing mechiamils some cases of corrugation. The
geometry of the contact between wheel and raibeas identified as promoting roughness
or corrugation growth at particular wavelengthan®anodels of corrugation attribute
uneven railhead wear to lateral creep due to wheeisalignment. Recent studies have
tended to concentrate on longitudinal effects. flimelamental mechanisms of roughness

growth and corrugation formation are clearly notlwaderstood.

Based on a review of the literature, it was deciteeixamine motion in the vertical plane

only, enabling the simplification of the problemtteo dimensions. Such a model is a
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suitable starting point for studying the developtrafrgeneral acoustic roughness rather
than corrugation phenomena. Efforts have then beecentrated on the contact
mechanics calculation, including non-Hertzian aladgient effects. A non-constant,
velocity-dependent friction law has been invesgdailhis has not been implemented

before in a non-Hertzian tangential contact stdésisibution calculation.

10.2 Conclusions on roughness growth mechanisms

It has been confirmed that it is essential in rawegs growth predictions to take account of
the low-level, broadband roughness profile of thetacting surfaces within the contact
model. The surface roughness, however small cordpaita the overall dimensions of the
wheel and rail, acts as a stress concentratontbat be considered when determining the
distribution of normal and tangential stress areddiip velocity in the contact. Assuming
Hertzian contact, and thereby neglecting the roaghmprofile, leads to a completely
different prediction of the tendency of a tracldevelop roughness. With a Hertzian
model, roughness is predicted to grow or worsereunthny wheel passages, and
roughness growth is more significant at some wangthes than at others. The non-

Hertzian model has been found to predict roughdeseeasing over time.

The effect of the initial roughness on the strasgitution is not limited to roughness
wavelengths shorter than the length of the comtattth. The roughness growth rates
predicted from Hertzian and non-Hertzian modelscégarly different for all wavelengths
shorter than around 100 mm, only converging at Vesggths longer than this. If the
wavelength range of interest for short-pitch coatigns is 25 to 100 mm then this result
suggests that non-Hertzian effects should alsmhsidered in studies of the mechanisms

of corrugation formation and growth.

The results presented in Chapter 9 from the norizider contact models predict mostly
negative roughness growth rates. Some combinadibimgtial roughness and vehicle
parameters can lead to positive roughness growgbrae wavelengths, but the average
roughness growth developed over five differeniahitail profiles is negative in all cases
considered. Short-wavelength roughness in partigsilaredicted to become smoother
under the passage of many wheels. This is expestée result of the filtering effect of

the contact patch, and has been observed in pgantiest noticeably in the wearing down
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of short wavelength grinding marks. However, theastation that roughness at longer

wavelengths does grow at many sites has not bgaaiead by the model predictions.

The wear calculation employed here includes thaipoisy that different wear
mechanisms might occur in different parts of thetaot area, as a result of stress
concentrations arising from the roughness prafilewever this situation was found not to
occur for the mostly low-level roughness profileamined in this work. It has been found
that roughness development may therefore be maldatlequately using a single wear

coefficient representing the mild wear regime.

Roughness measurements taken over a two year @réolbcation with mixed traffic and
initially low level, broadband roughness show tihé possible that roughness might have
reduced slightly over time at this site. Howevers idifficult to be sure that the small
changes seen in the roughness spectra are realisaeof the variance of roughness
measurements. It might be more correct to sayrthaghness levels at the test site have not
increased significantly in the time period of theasurements, than to claim a decrease in

measured roughness levels.

10.3 Conclusionson the velocity-dependent friction law

Including a velocity-dependent friction coefficiantthe tangential contact analysis has
been found to introduce a stick-slip oscillatiotoithe slip zone at the trailing edge of an
otherwise steady rolling contact. This is turn teean uneven pattern of wear on an
otherwise smooth surface. This is a very short Vesnggh effect, much shorter than the
contact length, and as such is not a significaatiufe in the resulting roughness growth
rates in transient rolling contact cases with stiglinitial roughness levels. With
increasing longitudinal creep and a velocity-demendriction coefficient, the stick-slip

oscillation increases until the creep-force relaitip becomes increasingly unstable.

If roughness levels are very low initially, the linsion of a velocity-dependent friction
coefficient can have a significant effect on thedicted wear pattern for a particular initial
profile. However, if the combined roughness levahe wheel and rail is initially higher
than the TSI limit, there is little difference inet results obtained by the two friction
models. Moreover, if roughness growth rate resarésaveraged over a number of different

initial rail profiles, the results from models withe different friction laws are not
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significantly different, even for very low initimbughness levels. In this average sense
roughness is not predicted to grow at any wavelengtgardless of the friction law used in

the model.

10.4 Conclusionspertainingtorail dampers

Rail dampers change the dynamic response of theagducing the pinned-pinned
frequency and smoothing the peaks and troughsitréick receptance. Rail dampers have
been found to reduce the dynamic interaction fobe#®/een wheels and the rail,
especially around the pinned-pinned resonance.dRaipers shift the wheel-rail

interaction force spectrum to lower frequencietager wavelengths.

Although the rail dampers have a significant effatthe dynamic interaction force, the
addition of rail dampers to a track is not predidie make a significant difference to the
growth of broadband roughness levels, at leadiafugent track where the initial roughness
levels are low. The roughness growth is found todither greater nor less with rail
dampers fitted. The measurements taken over twe ygdhe Gersthofen test site also
show no clear evidence of a change in roughnessgtigmates as a result of the installation
of rail dampers. The measurement results are threrebnsistent with the findings from
the model. However, measurements should be cowmtiover a longer time period to give

increased confidence in this conclusion.

10.5 Recommendationsfor futurework

Several questions have been raised by this worktahe accepted understanding of the
mechanisms of roughness development and corrudgatioration. With the model
including non-Hertzian and transient effects, nehagism has been found for consistent
roughness growth. Moreover, no connection has fmerd between the pinned-pinned
resonance of the track and high roughness growsis ed the corresponding wavelengths.
This does not mean that the pinned-pinned resoname# a wavelength fixing
mechanism for short-pitch corrugation. Howevempractice, discretely supported tangent
tracks do not all develop corrugation at waveleagttrresponding to the pinned-pinned
frequency, even after many years of traffic. Thiglence agrees with the results from the
model developed here, for tangent track with pulahgitudinal creep and where the
roughness levels are sufficiently low to keep defation in the contact within the elastic

region.
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Future work on roughness development and corrugatiould consider that if Hertzian
contact is assumed, any change in the wheel-tatlantion forces leads to a change in the
predicted wear. The Hertzian assumption therefesalts in an exaggerated relationship

between the resonances of the track and vehicterayand the wear of the rail.

The measurements taken by Deutsche Bahn AG asfiihg Silence project are valuable
because there are very few documented cases dimesg measurements being repeated at
the same location over several years. Even overgaes, the roughness at the site has not
changed enough to be sure that the observed desr@aughness are not due to
measurement variability. These measurements sheubdntinued. It is commonly
accepted that broadband roughness on tangentdosskincrease, but roughness growth is
not necessarily linear with time. Smooth track §dloly in conjunction with smooth

wheels) may remain in good condition over many geahile track with initially high
roughness levels may worsen more rapidly. At thestBefen test site initial roughness
levels were uniformly low so it has not been pdssib investigate differences in
roughness development caused by the initial lévelould be useful to prove that
roughness development is not linear, and to idettié relationship between initial or

existing roughness level and roughness development.

More measurements of roughness development overarmrequired to validate the
roughness growth model and to understand the merhamf roughness growth. A useful
long term experiment would be to take roughnesssorements at six-monthly intervals
over many years at locations with initially low ghness levels. It would also be useful to
compare measurements from track with predominaltisig-braked vehicles, with
roughness levels on track where the traffic is lgydstad braked. This would assess
whether higher wheel roughness leads to highermoegs growth on the rails, possibly as
a result of plastic deformation. Other factors ti&ght be monitored in addition to the
roughness itself include traffic axle loads, latéoaces and/or wheelset alignment, and
traction and braking forces. However, these woednwre difficult (and perhaps

impossible) to collect on the time scales of rolggsndevelopment.

In terms of short-pitch corrugation research, theeace of any mechanism for corrugation
formation found here suggests that the searchaieses of corrugation should concentrate

on lateral effects. Corrugation is more common wves than on tangent track, where
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lateral dynamics are more important. Discrete ltuajnal effects such as rail joints or
wheel-rail defects could also be investigated frrtis possible initiators of corrugation. In
addition, metallurgical factors that have not beensidered in this work could be
important, including hardness and variations oedefin the crystalline structure of the

rail steel.

In the rolling contact analysis used here, theaad the wheel have been treated as half-
spaces. Track and wheel dynamic effects have bedurdied by means of their effect on
the normal wheel-rail interaction forces. The sttib effect identified with the velocity-
dependent friction law is a very high-frequencympdraenon. It has a wavelength of the
order of 1.2 mm in steady rolling, which corresp®ialabout 25 kHz at typical train
speeds. It could conceivably interact with resoearaf the track or wheel system. Further
investigation is needed including the track andelldgnamics in the rolling contact
analysis to examine if the stick-slip oscillatiomgint lock into another resonance of the

system.
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APPENDIX A RAIL DAMPER EFFECT ON FORCE

This appendix contains the wheel-rail interactiorcé spectra showing the effect of the
rail dampers for all three vehicle types (the fieigehicle results only have been shown in
Section 4.9).
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Figure A.1 Dynamic wheel-rail interaction force farfreight train on (a) soft and (b) stiff
rail pads with low broadband roughness./7 /7 with rail dampers; without rail
dampers.
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Figure A.2 Dynamic wheel-rail interaction force farfreight train on (a) soft and (b) stiff
rail pads with TSI roughnesg7 /7 /7 with rail dampers; - - - - - - - without rail daamg
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Figure A.4 Dynamic wheel-rail interaction force faregional train on (a) soft and (b)
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Figure A.5 Dynamic wheel-rail interaction force famigh-speed train on (a) soft and (b)

stiff rail pads with low broadband roughneds:/7 /7 with rail dampers; - - - - - - - without
rail dampers.
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APPENDIX B

ROUGHNESS GROWTH RATES

The following figures present the individual rouglse growth rates calculated for five

different initial roughness profiles for all theses where average results have been shown

in Chapter 9. Table B.1 is a summary of the casatamed in this appendix.

Table B.1 Roughness growth rate figure list.

Contact model Vehicle model Rail pad stiffness  Fegu
number
Hertzian Freight 1 wheel Soft & stiff B.1
Regional 1 wheel Soft & stiff B.2
High-speed 1 wheel Soft & stiff B.3
Freight 4 wheels Soft B.13(a)
Regional 4 wheels Soft B.13(b)
High-speed 4 wheels Soft B.13(c)
Non-Hertzian, constant | Freight 1 wheel Soft & stiff B.4
friction Regional 1 wheel Soft & stiff B.5
High-speed 1 wheel Soft & stiff B.6
Freight 4 wheels Soft B.14(a)
Regional 4 wheels Soft B.14(b)
High-speed 4 wheels Soft B.14(c)
Non-Hertzian, velocity- | Freight 1 wheel Soft & stiff B.7
dependent friction Regional 1 wheel Soft & stiff B.8
High-speed 1 wheel Soft & stiff B.9
Non-Hertzian, velocity- | Freight 1 wheel Soft & stiff B.10
dependent friction with rail Regional 1 wheel Soft & stiff B.11
dampers High-speed 1 wheel Soft & stiff B.12
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B.1 Hertzian contact model
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Figure B.1 Roughness growth rate for a single tneigheel for five different low-level
broadband roughness profiles: (a) soft rail padsy $tiff rail pads.
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Figure B.2 Roughness growth rate for a single raglavheel for five different low-level
broadband roughness profiles: (a) soft rail pads) $tiff rail pads.
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Figure B.3 Roughness growth rate for a single rsglkeed wheel for five different low-level
broadband roughness profile